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ABSTRACT 
 
Vibration induced High Cycle Fatigue (HCF) is a major consideration in designing gas turbines. 
Indeed, the Gas Turbine manufacturer must demonstrate that the vibration level of the 
turbomachinery blading is acceptably low, usually by using an engine strain gauge test. If the test 
shows unacceptable vibration levels then a redesign is required which adds cost and time to the 
engine development programme. It is highly desirable, therefore to develop a capability which can 
predict the vibration level of the blade to ensure that it will be robust.   
 
The High-Pressure Turbine is of particular interest because of the harshness of the environment in 
which it operates (high mechanical speed and high air temperatures and pressures) so friction 
dampers are routinely introduced to control the vibration level.  The friction dampers can introduce a 
degree of non-linearity into the structure which affects not only the vibration amplitude, but also the 
resonant frequency. The resonant frequency, amplitude, damper behaviour and aerodynamic forcing 
are all inter-related such that they must be considered as a single system.  
 
This thesis describes the development of two new approaches to predict the vibration behaviour of a 
High-Pressure Turbine blade including the effect of friction dampers. The first utilises existing 
prediction tools for modelling of the fluid, the structure and the friction behaviour, but uses a novel 
method for coupling the various aspects together. This approach is based on modelling an ‘engine 
acceleration’ across a wide speed range and prescribing the variation of all the relevant parameters 
with shaft speed. For example, both the excitation force on the blade and the centrifugal load of the 
damper vary strongly with rotor speed so these effects must be included in the analysis. The second 
approach extends the first approach by using a new iterative ‘resonance tracking’ methodology in 
which the aerodynamic boundary conditions are adjusted based on the shaft speed at resonance 
until convergence is reached. Both methodologies calculate the resonant frequency, amplitude and 
operating condition of each mode of interest as an output of the analysis. 
 
The engine acceleration methodology has been investigated in detail and has been validated against 
several High-Pressure Turbine cases. It has been found to be reliable: the amplitude predictions were 
in broad agreement with the available engine strain gauge results and the frequency shift introduced 
by the damper was in very good agreement. The methodology captures some important features of 
the physical system such as (a) the amplitude dependence of the damper, (b) the sudden drop in 
frequency when approaching the second flap resonance because the damper starts to slide, and (c) 
the effect of the damper on the ratio between stress and tip displacement. One rather surprising 
result was that in certain cases, where the forcing level was low, the damper increased the blade 
response because it moved the resonance to a higher shaft speed where the forcing level was larger. 
The main advantage of the method is its speed, which allows optimisation of key parameters within 
design timescales. 
 
The resonance tracking methodology has been compared directly with the engine acceleration 
approach on one of the test cases and it produced very similar results. Convergence was achieved 
quickly, in two or three iterations for the chosen test case, mainly because the blade surface pressure 
distribution was consistent across a broad speed range. The method showed that the first torsion 
resonance was more sensitive to aerodynamic conditions than the second flap mode, and may offer 
an explanation for the scatter seen in engine test results. The approach offers the advantage that it is 
more generally applicable, because it can deal with cases where the pressure distribution is sensitive 
to shaft speed, but it can only converge to a single mode and requires significantly more 
computational effort. 
 
The methodologies have been used to explore vibration reduction strategies such as wake shaping, 
damper optimisation and defining acceptance limits for the orientation of the single crystal material 
used in turbine manufacture. Overall these provided almost an order of magnitude reduction in blade 
response. 
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PREFACE 
 

This thesis is based on the work performed at Rolls-Royce plc and in collaborative ventures with Prof. 
Torsten Fransson, Chair of Heat and Power Technology, Royal Institute of Technology, Stockholm, 
Sweden. The thesis consists of two parts; (a) the main text which covers the background and detailed 
descriptions of the work, and (b) the papers listed below which addresses specific areas of the 
investigation. 
 
Paper #1 - #4 shown below are enclosed in the appendix. The first 3 relate to the Engine 
Acceleration approach to calculating damped resonance amplitude and frequency.  
 
Paper #1 describes a novel approach to allow an estimate of the fluid flow behaviour across a wide 
speed range using a single computation which provides a very convenient model of an engine 
acceleration. Paper #2 describes a case study of the application of the methodology to compliment 
the case study in the main text. Paper #3 describes an application of the methodology to use the 
orientaton of the single crystal blade material to minimise vibration amplitudes.  
 
Paper #4 describes an investigation of the “Resonance Tracking” method which was done in 
conjunction with C.Bréard. The methodology was defined as part of the work described in this thesis, 
as were many of the academic issues. The implementation, however was performed by Bréard. 
 

Paper #1: 

Green, J.S., Fransson, T.H., (2006) “Scaling of Turbine Blade Unsteady Pressures for Rapid Forced 
Response Assessment”, ASME Paper: GT2006-90613. ASME Turbo Expo 2006, 8-11th May 2006. 
Barcelona, Spain. 

 

Paper #2:  

Green, J.S., Marshall, J.G., (1999), “Forced Response Prediction within the Design Process”, 
prepared for the 3rd European Conference on Turbomachinary - Fluid Dynamics and 
Thermodynamics. 2-5 March 1999, London, UK.  Reference: L07/C557 – 67.  

   
Paper #3:  
Green, J.S., (1999), “Forced Response Predictions: Applications within the Design Process (Dealing 
with Orientation Scatter in Single Crystal Blades)”.  4th US National Turbine Engine High Cycle 
Fatigue Conference, Monterey, California, USA.  1999. 

 
Paper #4:  
Bréard C., Green J.S., Vahdati M, Imregun I, 2001, ‘A Non-linear Integrated Aeroelasticity Method for 
the Prediction of Turbine Forced Response with Friction Dampers.’ Journal of Mechanical Sciences 
43 (2001) 2715-2736. 
 
 
 
The following documents are not included in the appendix, but are directly related to the thesis 
subject and demonstrate the author’s understanding and contribution to the vibration aspects of 
turbine design. 
 

Reviewed Journals: 

#5. Breard C, Green J.S., Imregun M,; (2003) ‘Low-engine-order Excitation Mechanisms in Axial-
Flow Turbomachinery’, Journal of Propulsion and Power, 2003, Vol: 19, Pages: 704 - 712, 
ISSN: 0748-4658 

#6. Sayma A.I., Vahdati M., Green J.S., Imregun M., (1998), ‘Whole Assembly Flutter Analysis of 
a Low Pressure Turbine Blade’, The Aeronautical Journal  Vol 102, Number 1018,  Oct-Dec 
1998.  
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Reviewed Conferences: 

#7. Bréard C., Green J.S., Vahdati, M. Imregun M.; (2000) ‘A Resonance Tracking Algorithm for 
the Prediction of Turbine Forced Response with Friction Dampers’, ASME paper 2000-GT-
0372 

#8. Elliott, R., Green, J.S., Seinturier, E. (2005), “Aeroelastic Design of Turbine Blades – 
ADTurBII Overview” 6th European Conference on Turbomachinery, Lille, France, 7th March 
2005. AMP – 105_01 / 62 

#9. Sanliturk K.Y., Ewins D.J., Elliott R., Green J.S., (1999), ‘Friction Damper Optimisation: 
Simulation of Rainbow Tests’, ASME paper 99-GT-336 

#10. Sladojevic, I., Green, J.S., Imregun, M., Sayma, A.I., Petrov, E.P., (2005),  “Investigation of 
the Influence of Aerodynamic Coupling on Response Levels of Mistuned Bladed Discs with 
Weak Structural Coupling”,  ASME Paper: GT2005-69050 
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Aeoacoustics and Aeroelasticity in Turbomachines, Lyon, France, 2000, ISBN: 2 7061 1052X. 

#12. Green, J.S., Patsias, S. (2002)“A Preliminary Approach for the Modelling of a Hard Damping 
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Conference, West Palm Beach, Florida, USA. 2002. 
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NOMENCLATURE 
 

Symbol Description Units 
f Frequency [Hz] 
F Force [N] 
k Stiffness within friction element [N/m] 
K Stiffness [N/m] 
M Mass [Kg] 
N Normal load [N] 
P Pressure [N/m²] 
q Modal response  
Q Damping ( ς21= )  

Tamb Ambient Total Temperature [K] 
Tcomb Combustor Outlet Total Temperature [K] 
WCF Centrifugal load of damper [N] 
x  Displacement [m] 
ς  Viscous damping ratio  
η  Structural (hysteretic) damping coefficient  
µ  Friction coefficient [-] 
σ Stress [N/m²] 
τ  Time period of vibration [s] 
φ  Mode shape (mass normalised) [1/√Kg] 

Lφ  Guyan reduction transformation matrix  

Rφ  Craig-Bampton Additional vector matrix  

CBφ  Full Craig Bampton transformation matrix  

ω  Frequency [rad/s] 
Ω  Rotational speed of High Pressure shaft [rpm] 

 
 
Subscripts    

full Referring to full FE model    
i Mode identifier   
j Mode identifier   
m Master mode   
r Mode identifier   
red Referring to reduced model   
s Slave node   

 
 
Acronyms  

1D One-Dimensional 
1E First Edgewise mode 
1F First Flexural/flap mode 
1T First Torsional mode 
2D Two-Dimensional 
2F Second Flexural/flap mode 
3D Three-Dimensional 

ADTurB “Aeromechanical Design of Turbine Blades.” A collaborative research programme.  
C-B Craig & Bampton method. See reference [59] 
CF Centrifugal  
CFD Computational Fluid Dynamics 

CMSX-4 Name of an advanced single crystal material 
CPU Central Processing Unit of a computer 
EO Engine Order  
FE Finite Element (usually referring to the structural model) 
FFT Fast Fourier Transform 
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HP High Pressure 
HCF High Cycle Fatigue 
IP Intermediate Pressure 
LCF Low Cycle Fatigue 
MAC Modal Assurance Criteria 

NAFEMS National Agency for Finite Element Methods and Standards 
ND Nodal Diameter 
NGV Nozzle Guide Vane. 
RANS Reynolds-Averaged Navier Stokes  
SLiQ “Steady Linear Quadratic”, 3D linearised Euler CFD Code. 

UNSFLO 2D Non-linear Navier-Stokes CFD Code.  
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1 INTRODUCTION 

1.1 Background 
In 1930, Frank Whittle was granted his first jet engine patent, and in 1941 it was demonstrated in 
flight on a Gloster E28/39 research aircraft [1]. Simultaneously Hans von Ohain was developing a 
similar type of engine, which was the first to be operational in the world and it was demonstrated in 
flight in 1939 on the Heinkel He 178. Since then, the jet engine has been under a constant state of 
development to improve the performance, reliability and to reduce weight. Significant improvements 
have been made through changes to the architecture, such as 2-shaft and 3-shaft designs, high 
bypass ratios, improved aerodynamics and specially developed materials to withstand much higher 
cycle temperatures. Figure 1 shows a cutaway of a modern jet engine and highlights some of the 
typical features.  
 

 
Figure 1 - Cutaway View of a Modern Civil Aeroengine (Courtesy of Rolls-Royce plc) 
 
 
Gas turbines have also been developed for other applications such as drive power for ships, gas / oil 
pumping and electrical power generation because they offer high power density and rapid response 
times. Typically the engine would be adapted by using the low pressure turbine to drive a shaft 
instead of the fan. 
 
Design of the blading within the gas turbine is a complex process and the component designer is 
usually faced with conflicting requirements, such as the need for higher turbine temperatures whilst 
improving turbine life, or the need for more robust designs whilst producing a lighter engine. Many 
iterations are often required to balance the various design factors. For High Pressure Turbines these 
factors include aerodynamic performance, cooling, weight, manufacturability cost, creep and fatigue. 
 
Fatigue is caused by repeated stress cycles and is a major consideration for engine reliability. It falls 
into two main categories:  

(a) Low Cycle Fatigue (LCF) is caused by the nature of the engine operation, where 1 flight 
cycle (start up, taxi, take-off, climb, cruise, descent, approach taxi, shut-down) produces 
1 stress cycle. The number of cycles to failure is usually in the range 103-105 but it is 
relatively easy to manage by keeping track of the number of cycles. 

(b) High Cycle Fatigue (HCF) is usually caused by vibration, where each vibration cycle 
constitutes a stress cycle. The number of cycles to failure is usually in the range 107-109 
but this number of cycles can be achieved very quickly. For example, if the stress was 
high enough to cause failure in 107 cycles then a vibration mode at 5000Hz would take 
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only 2000 seconds (about 33 minutes) to fail. However, this would only occur if the 
component was at a resonant condition. 

  
HCF is very undesirable during service because it occurs very suddenly and is very difficult to 
monitor. In the civil aerospace application a HCF failure could lead to an aborted take off or an 
emergency landing. The personal, financial and ecological cost can be significant, because fuel is 
dumped, passengers and flight crew may be at the wrong airport and need another aircraft to 
complete their journey. It may then be necessary to supply a replacement aircraft or engine from 
some central depot, plus the crew to pilot it. The aircraft or engine may need to be retrieved, possibly 
flying the aircraft back to base with one engine defective. Add to this the limitation on working hours 
of the original pilots and cabin crew and it may be necessary to call an emergency crew to complete 
the journey. It is easy to see how such a HCF failure causes costs running into several million dollars, 
and this is all in addition to the cost of repairing the engine.  
 
The military application has its own particular difficulties because the consequences can be greater. 
Military aircraft often have a single engine, so a HCF failure could mean complete loss of power. The 
pilot would need to eject and the aircraft would probably be lost. Guarding against HCF issues is 
therefore a major concern. For example the US Military have reported that it is the significant issue 
affecting operational readiness [2]. It is reported that on average 87% of the maintenance effort on 
the US military aircraft fleet is as a direct result of a HCF problem or inspection to guard against HCF 
[3]. 
  
Gas turbine operators and Airworthiness Authorities rightly impose regulations on manufacturers to 
eliminate HCF failures so that LCF life can be accurately predicted and maintenance can be planned 
accordingly. Manufacturers must demonstrate a low risk of HCF failure and this is usually done by 
engine strain gauge testing combined with material strength measurements. 
 
The need to produce a reliable gas turbine is clear, but the “fear of HCF failure” can be equally 
damaging. To remain competitive there is a drive towards increased efficiency, reduced weight and 
reduced cost whilst continuing to improve the mechanical reliability. Some of this can be achieved by 
improved design and stronger materials but inevitably there is a trade off between these factors. A 
poor assessment of the HCF risk will limit the “design space” which can be explored and the 
turbomachinery blade designer may sacrifice efficiency, weight or cost because of concern about 
possible vibration problems.  
 
The motivation for the work described in this thesis is to provide the capability to predict the vibration 
behaviour of a high pressure turbine. Currently, methods exist to investigate certain aspects of the 
turbomachinery, such as flow prediction methods and models of the mechanical behaviour, but there 
is limited capability to study the complex interactions between them. It is important to gain knowledge 
of the behaviour of these non-linear aero-mechanical systems, to understand the key driving 
parameters and any implications to interpretation of observed behaviour.   
 

1.2 Background to the Component of Interest 
A high pressure turbine blade in a gas turbine is subject to very arduous conditions. In a typical large 
civil engine such as the Rolls-Royce RB211-TRENT, the blade operates in gas temperatures in 
excess of 1800K and spins at more than 10,000 revolutions per minute, giving an effective weight of 
20 tonne per blade. Smaller gas turbines which are used to power helicopters for example, can have 
HP shaft speeds of the order of 50,000 revs per minute. To withstand this load / temperature 
combination the blade is often cast in a single crystal and has complex internal passages for cooling 
purposes. The melting point of the material is of the order of 1600K which is 200K below the 
surrounding gas temperature.   
 
The steady aerodynamic load on each blade is large; each blade produces approximately 600 kW 
(equivalent to a modern Formula 1 racing car). The perturbations in the flow, due to upstream wakes 
can produce high vibration levels if the excitation frequency matches a resonant frequency.  
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Figure 2 - Arrangement of the HP Turbine Stage [1].  
 
The combination of high steady stress, high temperature and high vibration stress would make the 
component fail in HCF unless some remedial action was taken. The following section describes 
traditional methods that a designer would use to ensure blade integrity. 
 

1.3 Traditional HCF Design Methods 
The Airworthiness Authorities require evidence that the risk to the engine due to HCF is acceptably 
small. This is primarily done using in-situ strain gauge measurements taken during a representative 
test for a sample of blades, although new measurement techniques are being developed to capture 
the behaviour of all blades in the assembly by measuring the blade tip deflection. Further evidence 
from engine endurance tests also forms part of the overall picture. The desire of the blade designer is 
to address HCF during component design using the engine development testing to prove that the 
design is satisfactory rather than determining whether it is. 
 
The traditional design methods fall into 3 categories; frequency, strength and amplitude. Each of 
these is discussed in turn in the following paragraphs. 
 
Frequency 
The natural frequency of a blade can be determined using Finite Element Methods which are well 
established, such as the system described by Edmunds [4]. This method can evaluate the frequency 
and mode shape of a component when the geometry, material properties, boundary conditions and 
operating conditions are prescribed.  For a HP turbine blade the operating temperature, the rotational 
speed and any material anisotropy are particularly important.  
 
The calculated frequencies are assessed by use of the Campbell Diagram, which is a plot of the 
vibration characteristics of the structure compared to the excitation frequencies. Figure 3 shows a 
typical Campbell diagram. The vibration characteristics of the structure are shown as the solid 
horizontal lines. There is a slight reduction in natural frequency as speed increases because the 
increased temperature causes a reduction in modulus. The excitation frequencies are shown as 
“spokes” emanating from the origin (dashed lines). The excitation sources that would typically be 
considered are flow distortions caused by upstream or downstream stator vanes (and their 
harmonics), distortions caused by the burners and the so called low engine order excitation caused 
by manufacturing variability or damage. At any condition where the excitation frequency corresponds 
to a natural frequency of the structure a resonance may occur. The ideal situation would be if no 
resonances occurred within the operating range of the machine, but this is rarely possible. The next 
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best thing is to avoid having resonance at any critical operating point such as a high power condition 
or a cruise condition where the engine may spend much of its life.  
 

 
Figure 3 - Typical Campbell Diagram 
 
The designer can adjust the speed at which resonance occurs by modifying the natural frequencies 
of the structure. The parameter proposed by Gudmunson [5], which is the difference between the 
strain energy density and kinetic energy density, is a useful tool in tailoring natural frequencies. This 
parameter is easily calculated by a Finite Element code for each mode and can then provide a direct 
estimate of the change of resonant frequency if material were to be locally added or removed without 
the need to repeat the Finite Element analysis. This assists the designer in balancing the various 
requirements before deciding what changes to make to the geometry. 
 
The low engine order excitation, typically in the range 6EO to 10EO, causes particular difficulties 
because the 1F mode is excited at several points through the running range. There is nearly always a 
potential resonance at a high speed / power condition where the steady stress is high and the 
material strength is low. Frequency modification is of limited value because as one resonance is 
moved out of the running range then another is introduced. The strength of the excitation is also very 
variable and can be dominated by failure events, such as fuel burner blockage or NGV burn out. 
 
The Campbell diagram is used to identify at what speed a resonance will occur but not the severity of 
the vibration. Previous experience and engineering judgement are used to decide whether the design 
is likely to be acceptable. 
 
Strength  
The strength of a component can be expressed as the ratio of vibration stress to the material strength 
at appropriate conditions. A method was proposed by Goodman [6] which considers the stress at any 
point to consist of a steady part (caused by centrifugal and thermal loads etc) and an alternating part 
(caused by vibration). Goodman’s method provides an estimate of the material fatigue strength as a 
function of steady stress based on limited tests of material specimens. Figure 4a shows an example 
of the Goodman Diagram for one point on the blade; the ratio of the actual alternating stress to the 
permitted alternating stress, sometimes called the Endurance Ratio, is the primary parameter for 
fatigue assessment.  
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The strength can be maximised without knowledge of the actual vibration amplitude by considering 
contours of this ratio over the whole of the blade. Any areas of locally high Endurance Ratio, often 
called “hot spots”, can be reduced by local geometry changes (see Figure 4b). If the vibration 
amplitude is scaled such that the worst stress is equal to the material strength, then this provides a 
measure of the robustness of the blade compared to previous experience.  
 

   
 

(a) Modified Goodman Diagram (b) Contours of Endurance Ratio 

Figure 4 - Example of Goodman Diagram and its application 
 
 
Amplitude 
Traditionally the amplitude of vibration is not known during the design process, but the designer 
usually has experience of the amplitudes of similar previous designs. He will know which of the 
modes are more susceptible than others and can concentrate his effort on those that are expected to 
be worst.  
 

Schematic view of under-platform dampers 

 
    (b) wedge damper           (c) dog-bone damper 

 
(a) General view of under-platform damper  

 

 
       (d) seal wire                  (e) foil damper        

Figure 5 - Examples of under-platform dampers 
 
It is also possible to provision dampers to minimise the vibration level. The dampers can take many 
forms, examples of which are viscoelastic materials, ceramic coatings, particle chambers and friction 
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devices (blade-to-blade and blade-to-ground). However, for a HP turbine the friction damper is most 
commonly used because it is able to withstand the extreme temperature environment. A subset of 
friction dampers are those which act under the platform of the rotor blade and are known as under-
platform dampers. Figure 5 show examples of some typical under-platform dampers and only this 
type of device is considered as part of the thesis.  
 
A schematic view of the wedge damper is given in Figure 6 showing the loads that are applied to the 
damper.  Under steady conditions the centrifugal force (WCF) due to the rotation is reacted by normal 
loads and friction forces on the blade platforms. During vibration, the normal loads across the contact 
surfaces change due to the damper inertia. If the friction loads are large, then the damper will lock in 
position and provide an extra restraint on the blade, leading to increased blade frequency and a 
change in the mode shape. If the vibration level of the blade is sufficiently large to overcome the 
friction forces then the damper will slide for part of the vibration cycle and will reduced the effect on 
the blade and therefore the frequency and mode shape changes are also less pronounced.  

 
Figure 6 - Forces produced on and by under-platform damper 
 
A damper which is too heavy may not slip at any point around the vibration cycle and therefore 
provide energy dissipation (i.e. damping). Conversely, a damper which is too light may have very little 
influence on the blade and produce very little damping. There is an optimum damper mass between 
these two extremes which produces the most damping and therefore minimises blade amplitude (see 
Figure 7). The curves are dependant on the vibration mode and excitation level and therefore the 
final choice of damper mass is a compromise for all resonances in the engine running range.  
 

 
 
Figure 7 - Variation of Vibration Amplitude with Damper Mass 
 
Obviously a capability to predict the actual vibration level including the damper effects will reduce the 
risk of finding an HCF problem late in the engine development programme and, as confidence builds, 
it will allow the designer to be more aggressive in optimising performance.  
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This clear industrial need has driven academic and applied research in the field to model and obtain 
an understanding of the phenomena and the controlling parameters. The following chapter describes 
the state-of-the-art developments that have been made towards understanding the overall system 
behaviour. 
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2 STATE OF THE ART 
 
The interactions between fluid flow and structures were categorised by Collar [7] in 1946. He 
described its interdisciplinary nature by separately identifying the aerodynamic forces and the 
structural forces, which he further separated into elastic and inertial forces. He represented the 
relationship between these 3 forces on a triangle as shown in Figure 8.  Each of the sides of the 
triangle represents a subset of these interactions. For example the interaction of the fluid forces and 
the elastic forces of the structure is termed “Static Aeroelasticity”, which could describe the 
phenomenon of fan blade ‘untwist’ in which the aerodynamic forces affect the blade shape and vice 
versa. The combination of all 3 forces is known as aeroelasticity, examples of which are flutter (where 
the blade vibration interacts with the flow in such a way as to transfer energy into the structural 
vibration) and forced response (in which the structure responds to the pressures applied by the fluid 
flow). 
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Figure 8 - The Collar Triangle of Forces (This example taken from Rottmeier [8]) 
 
 
Another way of expressing Collar’s triangle would be the well known dynamics equation for 
structures: 

FKxxM =+&&  
 
where xM && is the inertia force, Kx is the elastic force, and F is the aerodynamic force.  
 
At its simplest, a forced response modelling methodology would consist of: 

(a) a model of the flow behaviour (to represent the right hand side of the equation), 
(b) a structural model (representing the left hand side), and 
(c) a means of coupling the two sides together. 

 
Each of these areas can be taken in isolation and indeed much of the academic research is 
performed in these individual areas because of their complexity. The following sections in this chapter 
follow the same approach by describing each of these areas in turn. 
 
Although not stated explicitly, Collar’s model is often used to describe system behaviour at a 
prescribed operating condition, but this is not always the case in real systems. The final section in 
this chapter will conclude that an additional dimension should be added to Collar’s triangle. The 
operating condition should be introduced as a dependant variable so that it becomes an output from 
the procedure rather than a prescribed input. This new interaction introduces many interesting and 
important features to the behaviour of the damped blade which are worthy of thorough study. 
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2.1 Methods for Modelling Excitation Force 
A method to provide the excitation force on a turbine blade must be able to provide a representation 
of the unsteady forces acting on the blade, i.e. the unsteady blade surface pressures. The main 
issues that must be addressed by such a method is to capture the distortion introduced into the flow 
by the upstream nozzle guide vane (or other obstruction) and calculation of the unsteady pressures 
on the blade surface 
 
Reviews by Verdon [9] and Marshall [10] show a large range of possible approaches, highlighting 
advantages and limitations. These give an overview of many developments in the field, but the 
purpose here is to consider approaches which may be used within design timescales, so the balance 
between accuracy and computational time is of prime importance.  
 
Analytical methods offer very rapid assessment and provide a good understanding of system 
behaviour and the driving parameters, but are not applicable to arbitrary geometries so computation 
methods were developed. Early approaches were based on 2D implementations of potential methods 
and Euler methods, such as those of Fransson & Pandolfi [11], Whitehead [12], Hall [13], Giles [14] 
and He [15]. These provided a means of understanding the phenomena using limited computing 
capacity, but required several calculations at different blade heights to provide the radial distribution 
of the forces. These 2D methods were soon replaced by 3D potential and/or Euler implementations 
[16][17] because the 2D methods were not universally applicable and increases in computing power 
allowed the use of 3D codes in a design time frame.  
 
More recently Reynolds-averaged Navier Stokes (RANS) methods have been developed such as the 
work of Vadhati & Sayma [18][19] and Dawes [20]. These have the advantage that the viscous terms 
are included so that boundary layers and wakes can be modelled. This approach is essential to 
capture the flow disturbance caused by the upstream NGV. Methods to accurately represent the flow 
near the wall are still being researched. Large eddy simulation (LES) is one such technique which 
seeks to model the larger eddies directly whilst relying on turbulence models for the small eddies. Still 
further in the future are direct numerical simulation (DNS) methods which seek to model all of the 
flow behaviour explicitly [10] but these are unlikely to be used routinely in the design environment for 
at least another ten to twenty years.  
 
A major consideration, even with today’s computing power, is the size of the mesh. Many methods 
have been developed to minimise the number of blade passages that need to be modelled. The most 
common of these is to model a small sector of blades and require integer ratios of neighbouring blade 
passages to enforce periodicity. Real engines are usually not designed with exact 1:2 or 2:3 ratios, so 
it is sometimes necessary to adjust the aerofoil numbers in one or both of the blade rows. A small 
adjustment to the geometry, such as scaling or skewing, is also required to maintain the overall stage 
aerodynamic behaviour. Erdos [21] developed an approach which used an imposed time lag from 
one periodic boundary to the other, which provided a method of modelling a single blade pitch. Giles 
[22] developed a method which requires only a single stator and single rotor using the time-inclined 
concept. Giles approach is still in use today and has been extended to 3D by Laumert [23]. 
 
Another branch of research has been the use of linear frequency domain methods such as the 
methods developed by Giles [16], He [24] and Hall [25]. These have the potential to offer a 
considerable reduction in computational time compared to the nonlinear approaches which often 
require many time steps to reach periodicity.  
 
Industrial components today often require many iterations for the aerodynamic design (sometimes up 
to 50 iterations) and therefore require rapid methods which are usually a combination of 2D and 3D 
single passage approaches. The additional time required to perform forced response assessment 
usually pushes these analyses into an outer iteration loop where the methods are almost exclusively 
3D linear and single passage methods or those which model a small sector of a full stage. 
Sophisticated analysis consisting of non-linear multi-bladerow full annulus calculations with 
secondary geometry and a simple representation of the cooling flows are occasionally used for 
trouble shooting. On the academic side, investigations are being pursued in three complimentary 
directions: (a) devising new methods and approaches for use in design timescales, such as those 
described above, (b) improving the detail of the modelling such as improvements on boundary layer 
modelling, transition and modelling details of cooling flow, and (c) large scale modelling of realistic 
geometries to capture the physical phenomena. 
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The methods are generally good at modelling excitation for which there is an obvious source (e.g.  
nozzle guide vanes), but methods for low engine order excitation are rather poor. The source of such 
excitation is not always clear, although the study reported by Bréard, Green et al [26] show the 
sensitivity to a range of parameters such as temperature distortion and NGV pitch variation etc. The 
stochastic nature of low engine order excitation makes in particularly difficult to address. 
 

2.2 Mechanical Modelling including Friction and Contact. 
 
Finite element methods are well established for modelling the dynamic properties of an elastic 
structure and indeed most of the development in this area is performed by software vendors. There 
are two main academic research interests related to turbine blade forced response: mistuning and 
friction damping.  
 
Mistuning is the generic name for variability in a nominally tuned system. For turbine forced response 
the term is understood to mean the effect that blade frequency scatter has on the resonant amplitude 
distribution from blade to blade. Researchers have been investigating these effects for over four 
decades, since the early work of Whitehead [27] and Ewins [28] to the current methods of Kahl [29], 
Petrov [30], Moyroud [31], Seinturier [32] & Kielb [33]. 
 
Much of the academic work on friction is related to tribology and evaluation of high local peak 
stresses at the edge of contact, but it is the behaviour which gives rise to vibration damping which is 
of interest in the present study. 
 
When two bodies in contact move relative to each other, a friction force opposes the motion. The 
product of the friction force and the relative displacement is the work done against the friction and is 
dissipated as heat. During vibration the displacement and friction force continually reverse and 
oppose each other and the energy absorbed in this process is exhibited as damping.  
 
Over 200 years ago Coulomb [34] defined a simple model describing the behaviour of friction forces. 
Current research has focused on applications of this basic model and studying the behaviour of a 
dynamic system which contains a friction interface. A review by Griffin [35] gives a useful overview of 
the various strands of the research.  
 
The most commonly used model is a small extension of Coulomb’s original work, known as the 
macroslip model. It consists of a spring in series with a friction contact which can be in either a stuck 
or a slipping state (see Figure 9).  Papers by Griffin [36] and Yang [37][38] provide examples of the 
usefulness of the macroslip model.  
 

x
x

x
x

 
Figure 9 - Macroslip Damper Model 
 
For systems with small displacements the macroslip provides no damping, but in reality some slip 
around the edge of the contact face would occur and provide a small amount of damping. For this 
reason the microslip model has been developed, such as the discretized “brush” model of Csaba 
[39], or the fitted approach of Sanliturk [40] which allows easy extension to 2D motion in a plane. 
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In turbomachines the main application areas for these models are flanges, blade-disc interfaces [41], 
dampers [42][43] and shrouds [44]. Under-platform dampers are the main focus of the current work 
because they can have a strong influence on the resonant frequency and mode shapes of the blade. 
 
The damper may take several forms such as those shown in Figure 5. In all cases it is the rotation 
which generates a centrifugal load and creates a load between the damper and the blade platform. 
During the vibration a large friction load can be sustained and therefore energy is dissipated if there 
is any relative movement.  
 
In industry friction dampers are generally designed using a “house style” because the ability to read 
across from previous experience is a valuable asset. Generally the bulk parameters such as the 
choice of damper mass are performed using test and relatively simple damper elements, such as the 
approaches of Sanliturk et al [42] and Kielb et al [43]. The simple models tend to be satisfactory 
under specific laboratory conditions, but cannot replicate the behaviour of a complicated 3D damper. 
Current academic work is aimed towards predicting the behaviour of arbitrary geometries. 
 
One of the major difficulties with modelling friction is obtaining the friction parameters which still 
require experimental results. Stanbridge et al [45] designed a rig to measure the friction hysteresis 
loops for representative materials at high temperature (up to 1000 degrees Celcius). The rig uses a 
laser vibrometer to measure response very close to each side of the contact region to minimise the 
flexibility. Figure 10 shows a set of Stanbridge’s measured hysteresis curves for a range of values of 
normal load and prescribed displacement. The curves have a near vertical section, which is thought 
represent the stiffness of the contact surface, and a near horizontal section which provides a 
measure of the friction force limit. Stanbridge’s measurements confirm that this macro slip model is 
representative for relatively large levels of slip, but microslip becomes important at small 
displacement (of the order of a few microns). Other researchers such as Filippi [46] have produced 
similar results. 
  

 
Figure 10 - Measured Force-Displacement Characteristics [45]  
 
Researchers such as Jareland [47] are exploring the combination of friction damping in a mistuned 
assembly, but these methods are not mature enough to be routinely used. 
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2.3 Aero-Mechanical Coupling Methods 
In order to predict the response the aerodynamic properties and mechanical behaviour must be 
combined. This usually requires the transfer of flow parameters onto the structural model or vice-
versa using interpolation methods, such as those employed by Moyroud [48], Moffatt [49] and Sayma 
& Vahdati [18].  
 
Many of the CFD methods described in Section 2.1 were written such that a modal representation of 
the structure could be incorporated into the analysis. However, the structural part of the calculation is 
linear i.e. the response is proportional to the force. The approaches range from the simple to the 
rather complicated. The simpler methods might use 2D Euler CFD where the integrated forces at 
each spanwise position are applied to the structural mode of vibration to calculate response. High 
fidelity models use 3D Euler or Navier-Stokes solvers and use prescribed structural motion for a 
flutter analysis or just integrate the pressure fluctuations to calculate modal force. In fact this is a 
common approach to calculate aerodynamic damping. The more complex approaches, such as the 
models by Vahdati [19] feature 3D non-linear viscous CFD with tight coupling between the fluid and 
structure. The blade surface pressures are used to calculate the structural response, which in turn is 
used to calculate a displacement of the structure and provide a movement of the CFD mesh.  
 
However, fluid-structure coupling is more a question of philosophy rather than technique, because it 
depends on the objectives of the analysis system. One such prediction system was proposed by 
Chiang & Kielb [50] which used a simplified approach with stacked 2D strips to calculate the 
aerodynamic forces and aerodynamic damping. The system may have been simple by current 
standards but this was driven by the CFD capability and computing capacity available at the time and 
the objective of the system for use as a design tool. Even with today’s computing power some 
simplification is still required. For example, to predict the forced response of a single vibration mode 
of a rotor containing 100 blades, each with its own random frequency within a 10% spread of the 
mean would require a speed sweep through all the modes and take several CPU years1. Prediction 
systems that are currently used in an industrial environment are reported by Morris [51] and Corbly 
[52]. Each of these authors give an overview of the HCF technology of their respective companies 
and present a flow chart for their vibration integrity process. Both of these authors show that their 
approaches use up to date methods but they treat the aerodynamic forcing and aerodynamic 
damping in an uncoupled fashion and friction damping and mechanical mistuning are also treated 
separately.  
 
For damped HP Turbine blades there is a major deficiency of the industrial systems described above; 
the change in frequency due to structural non-linearity and the consequent change in operating 
condition of the analysis is not accounted for. This presents a significant academic challenge in 
modelling and understanding of the behaviour of these non-linear aero-mechanical systems, 
particularly the effect the mechanical non-linearity can have on the resonance frequency and hence 
the operating condition of the structure. 
 

2.4 Identification of New Coupling Mechanism 
The damper can have a large effect on the resonant frequency of the blade modes due to the extra 
stiffness introduced by the damper. The frequency increase depends on the vibration amplitude, but 
can be as much as 20% for the second flap (2F) mode, but other modes are less affected. Obviously, 
the classical “aeroelastic” approach would not be appropriate because the resonance is not where it 
was originally predicted on the Campbell Diagram.  
  
In fact this new and unique coupling between the non-linear behaviour of the under-platform damper 
and the aerodynamics, behaves as follows.  
 

1) The aerodynamic load leads to a vibration amplitude. 
2) The vibration amplitude affects the behaviour of the damper and can cause sliding 
3) The amount of damper sliding affects the stiffness that is added to the structure. 
4) The added stiffness changes the resonant frequency 

                                                      

1 Based on a 3GHz Intel Pentium4 
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5) The change in resonant frequency changes the resonant speed 
6) The change in resonant speed changes the aerodynamic boundary conditions 
7) This in turn affects the aerodynamic loads -> go back to number 1. 

 
This feedback loop is shown graphically in Figure 11 and it shows the link back from the effect of the 
damper to the operating conditions at resonance. Also shown is a secondary feedback loop which is 
the effect of the damper on the mode shape which in turn changes the modal force for the mode of 
interest. 
 
The effect of the additional coupling is shown in Figure 12. The Campbell Diagram at the top of the 
figure shows the frequencies of the blade with and without the damper. The damper increases the 
frequency of the 2F mode as the centrifugal forces tend to lock the damper. Near resonance, 
however, the increased blade response is sufficient to overcome the friction, causing slip, and the 
effective stiffness of the damper reduces causing a frequency reduction. The difference in speed at 
which resonance occurs is clearly highlighted. The figure graphically shows how a 20% increase in 
frequency can cause a change in stage inlet pressure by a factor of 2-3 which means that the force 
on the structure could increase by a similar factor and damper needs to counteract the effects of the 
increased force in addition. Indeed, if the damper is ineffective, it could produce an increase in blade 
amplitude. 
 
The industrial need is for a methodology which can predict the amplitude, frequency and resonant 
speed of each relevant mode. The methodology could also offer the ability to change design 
parameters to give optimum HCF life. However, the non-linear behaviour of the damper generates 
some significant academic challenges. Firstly there is the need to find a solution to the coupled 
system described: 

a) The effect of the frequency shift on both the fluid and structural system needs to be defined.  
b) The change in modal force due to the mode shape change needs to be accounted for. 
 

Secondly, the behaviour of the physical system needs to be understood: 
a) The principal of superposition does not apply to non-linear systems, so the response of each 

mode cannot be taken in isolation.  
b) It may be possible that the damper increases the vibration amplitude because the increase in 

force due to the frequency shift may outweigh the benefits of the additional damping.  
c) The effect of any frequency harmonics introduced by the non-linearity is not understood.  

 
 

 
Figure 11 - Coupling Feedback Loop Showing Damper Effect 
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Figure 12 - Effect of change in frequency on inlet conditions 
 
 
 

Rotational Speed 

Without damper 

With Damper 

Rotational Speed 

Mode 1 

Mode 2 

Mode 3 
F
re
qu
en
cy
 

S
ta
g
e 
In
le
t 
P
re
ss
ur
e 

Damper 
locked 

Damper 
slipping 

Factor of 2-3 increase 
in stage inlet pressure 
due to introduction of 
damper. 



Page 26  Doctoral Thesis / Jeff Green 
 



Controlling Forced Response of a High Pressure Turbine Blade Page 27 

3 OBJECTIVES 
 
A significant deficiency in current state of the art has been identified related to the coupling of non-
linear mechanical behaviour and the resonant operating conditions. From an academic standpoint 
approaches for modelling this coupling have not been addressed, nor is there sufficient 
understanding of the physical behaviour of the coupled system.  From an industrial standpoint there 
is a need to be able to predict and optimise these physical systems. 
 
The objectives of this thesis are to address the identified deficiencies with reference to a HP turbine 
blade with an under-platform damper.  
 
In particular the objectives are as follows: 

1. To find a way to solve the feedback loop shown previously in Figure 11 such that the 
operating condition at resonance is an output from the methodology rather than a prescribed 
input. 

2. To develop and validate implementation which embodies the methodology to demonstrate 
the feedback mechanism. The advantages and limitations need to be understood and 
addressed.   

3. To use the developed methodology to investigate the effect of the additional coupling on the 
behaviour of the physical system, both from a general perspective for overall conclusions and 
towards specific industrial cases. 

4. To use the developed methodology to explore a range of specific mechanisms for reducing 
blade vibration amplitude. 

 
The four following chapters address each of these objectives in turn.   
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4 APPROACHES FOR SOLVING NEW COUPLING MECHANISM 
 
In the previous chapters, it was identified that an important physical interaction between the non-
linear behaviour of an under-platform damper and the aerodynamic conditions at resonance was not 
included in current analysis methods, nor fully understood from a theoretical perspective. This 
chapter describes two novel approaches for modelling the new coupling mechanism. The first 
approach converges to a solution in much the same way as the physical system does i.e. by 
modelling an engine acceleration. However, it requires unique representations of the flow, the 
structure and the friction damper to be a function of shaft speed. The second approach iterates 
between the fluid and structure, updating boundary conditions at each iteration until convergence.  
 

4.1 Approach #1: Engine Acceleration Approach 
The first approach is based on the engine testing methodology. In a real engine, the resonant 
frequency and amplitude are determined by measuring blade vibration during a slow engine 
acceleration (or deceleration). Typically a strain gauge would be used to measure the blade response 
and the results plotted as a measured Campbell Diagram, such as the one shown in Figure 13. The 
plot shows the frequency content of the measured strain against engine speed; the shade of grey 
corresponding to the log of the amplitude, darker areas being higher amplitude. The first four modes 
of vibration may be clearly seen and are labelled in the figure. 
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Figure 13 – Example of Measured Campbell Diagram for an HP Turbine Rotor (Courtesy of 
Rolls-Royce plc)  
 
The proposed solution technique seeks to adopt this testing methodology by modelling an engine 
acceleration. The intention is to model pseudo steady-state conditions over a range of shaft speeds 
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rather than to model a true transient event. There are many properties of the physical system which 
change as the speed increases; the most important being:- 

(1) The properties of the structure. Even without the under-platform damper, the 
frequency of the vibration modes change due to increased temperature and 
centrifugal loads. 

(2) The blade excitation force produced by the air flow.  
(3) The properties of the under-platform damper. The main factor is the centrifugal 

load on the damper, but also the changes in friction properties due to increased 
centrifugal load and increased temperature. 

 
The main challenge of the proposed solution technique is how to model each of these properties as a 
function of speed, and how to combine them in such a way that the frequency, mode shape and 
amplitude are then an output from the analysis.  
 
Conceptually, the variation of structural behaviour and damper load are relatively simple. It is already 
routine to calculate the effect of speed on the dynamic behaviour of turbine rotors using standard 
finite element technique, and damper load will vary based according to the square of shaft speed.  
The difficult part of Approach #1 is how to reduce the complexity of the unsteady flow to a simple 
description which is valid throughout the engine speed range of interest. It turns out that for a HP 
turbine blade, this aspect is much easier that it might first appear, but this will be described in the 
following chapter. 
 
The advantage of Approach #1 is that it can be implemented using existing tools which are readily 
available for structural and flow calculations, such as those described in Chapter 2. The flow can be 
calculated using existing CFD tools and applied to the structural model as a time-varying pressure 
boundary condition to a structural analysis, which effectively uncouples the flow and structural parts 
of the calculation.  
 
The method is expected to be fast because it is uncoupled and does not require iterations. The 
uncoupled nature of the approach allows faster design studies because if a feature affects only one 
aspect of the design without affecting the others, then only that part needs to be evaluated again. An 
example of this would be optimisation of damper mass, in which the flow behaviour would be 
completely unchanged and would therefore not need to be recomputed. Another advantage of this 
method is that all vibration modes within the speed range of interest can be calculated in a single 
analysis offering the opportunity to study any interaction effects between the vibration modes. 
 
Approach #1 offers many advantages for design use and has therefore been implemented. The detail 
of the implementation, validation and application of this method form the main part of this thesis and 
are described in the following chapters. However, this approach assumes that the flow properties 
vary smoothly with shaft speed and may be approximated by scaling the flow conditions at another 
operating condition. The range of validity of the scaling is likely to be case dependant and there may 
be examples in which the flow is very sensitive to shaft speed, therefore a second approach has 
been developed to overcome these issues. 
 

4.2 Approach #2: “Resonance Tracking” Approach 
The second approach is iterative and is based on the feedback loop shown previously in Figure 11. 
The process is started by assuming an operating condition for a given vibration mode of interest and 
the forces produced by the unsteady flow are calculated. The forces are applied to a structural model 
including the non-linear damper to calculate the resonant frequency which in turn defines a new 
operating condition to repeat the process. The process is said to be converged when the vibration 
amplitude and frequency no longer change with subsequent iterations. 
 
Approach #2 is more generally applicable since the forces caused by the unsteady flow do not need 
to be simplified because the final iteration is performed at the correct operating condition. This offers 
a distinct accuracy advantage if the flow distribution is highly sensitive to the operating point. 
 
However, Approach #2 also has some disadvantages. Firstly it requires a more closely coupled 
approach in which the iterations must be performed sequentially, so that longer computation time is 
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required. Secondly, the iterations must converge to the frequency and amplitude of a single mode 
and must therefore be repeated for each mode of interest. Finally, the method is coupled so that if 
any design feature of the turbine is modified, then the whole procedure must be repeated, which is 
not ideal for design optimisations.   
 
Implementation of the second approach has also been pursued as an alternative method in 
partnership with Bréard. Paper #4 describes the implementation and findings of this joint work and 
therefore it has not been extensively covered in the main text of the thesis. However, a brief overview 
of the important results is given in Chapter 7.   
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5 DEVELOPMENT OF ENGINE ACCELERATION APPROACH 
 
The purpose of this chapter is to address the second objective by describing the unique technical 
aspects and implementation of the Engine Acceleration model (Approach #1).  
 
The main elements of the Engine Acceleration methodology are shown in Figure 14 below. The 
overall approach taken is to use existing prediction codes where possible but to combine them into a 
system which allows the mechanical and fluid interactions to be explored. There can be several 
approaches within each box such as those described in the state of the art (Chapter 2). Indeed the 
shaded boxes show elements of the approach for which several methods have already been used.  
During the course of this investigation there have been 4 different flow models, 3 representations of 
the structure, 2 damper models and 2 non-linear dynamic approaches used for various studies and 
extensive assessments. Although each of the individual methods may be interchangeable, there have 
been necessary developments to allow each of the elements to interact with the overall system. The 
fluid-structure link is unique to this approach and there are some unique elements of the results 
analysis (post-processing).  
 
 

 
 
Figure 14 - Key Elements of Prediction Method 
 
The following sections discuss each of the main elements in turn, corresponding to the number in the 
top left corner of each box. Each section will start by describing the inputs and outputs and then the 
process itself will be described, giving details of the issues that need to be addressed, the 
advantages and disadvantages of various methods and the software which has been either adopted 
or developed. 
 

5.1 Flow Model (Excitation) 
The input to the flow modelling process is the “hot” geometry (i.e. including steady operating 
deflections) and the aerodynamic boundary conditions. The aerodynamic boundary conditions are 
traditionally provided by a 1-D throughflow calculation, although steady-multistage 3D CFD is starting 
to be used within industry.  
 
The output required from this process is unsteady blade surface pressures to apply to the structure. 
Moreover, the distribution of pressure must be expressed as a function of shaft speed, which is a 
significant development beyond the current state of the art that has been developed in this study. 
 

5.1.1 Methods for Calculating Unsteady Flow. 

Unsteady forces are generated on a rotor as it passes through flow disturbances which are usually 
introduced by obstructions in the flow, such as adjacent stator vanes. In the case of an HP turbine 
rotor, the sources of excitation are generally from the HP nozzle guide vane upstream although 
burner distortion and downstream obstructions and other low engine order excitations can also occur. 
NGV damage (e.g. burn out) and burner blockage can cause particularly high levels of low engine 
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order excitation. The HP NGV can have a strong shock structure, potential field and a strong wake, 
including the effects of film cooling which can be as much as 10% of the flow in the main gas path.  
 
Non-linear unsteady Navier-Stokes CFD methods would be an obvious choice for modelling the 
unsteady flow, and many methods are already in use as described previously in Chapter 2. However, 
a number of reasons make these models too computationally expensive to be run repeatedly for 
design iterations. A cheaper approach is desirable that can be run in a few hours on a standard 
workstation to enable multiple design iterations e.g. if NGV wake shaping was to be used to minimise 
vibration response. 
 
Initially the 2D, Navier-Stokes method of Giles [22], known as UNSFLO, was used because the time 
inclination approach allowed modelling of a single NGV and a single rotor. However, this approach 
had three significant problems. Firstly, the path of the stream tube must be provided as input to the 
calculation which requires an additional step in the computation. Secondly, the flow must be split into 
several 2D slices and then stacked to produce a 3D pressure distribution. Concern about the 
spanwise resolution, the difficulty of interpreting the phase relationship between the calculations at 
each height made the method difficult to use for forced response. Finally, the 2D nature of the 
calculation did not permit wake dissipation in the spanwise direction so the method tended to over 
estimate the strength of the wake.  
 
Due to the difficulties described above, a 3D linearised Euler approach known as SLiQ (also 
developed by Giles [16]) was used in favour of UNSFLO. SLiQ offers many advantages and Giles 
has shown that the linear assumption is valid for many flow features.  
 
In general any method can be substituted, provided that it can capture the important flow behaviours, 
but SLiQ is explained in more detail in the next section by way of example.  
 

5.1.2 The SLiQ Method  

The methodology in SLiQ is performed in 2 distinct stages. The first stage is to calculate the steady 
3D flow in a single turbomachinery passage which it does by solving the non-linear Euler equations 
using a cell vertex finite volume scheme on a hexahedral mesh. The solution is time-marched using a 
4-stage Runge-Kutta integrator, with standard second and fourth order adaptive smoothing. The flow 
solution is accelerated using local time-stepping and residual smoothing.  

 
The second stage is to calculate the linearised frequency domain unsteady flow using 2 types of 
prescribed unsteadiness. For Type 1, the sources of unsteadiness that may be analysed are: 
upstream wakes and up/downstream potential fields. For Type 2 the unsteadiness is prescribed 
blade motion which is used for flutter. The unsteady linearised Euler equations are formulated and 
discretised in such a way that they have a similar form to the non-linear steady equations. These 
equations are solved at one prescribed frequency by adding a pseudo unsteady term, and then time-
marched using the standard numerical schemes as above. For each source of unsteadiness at each 
(fixed) temporal frequency a separate calculation must be performed, but the effects may be 
superposed as they are assumed to be linear.  

 
The SLiQ linearised method can be used to calculate forced response as shown graphically in Figure 
15 and described as follows: 

� First, the steady flow in the blade row of interest is calculated.  
� Second, a prescribed distortion (Type 1) analysis is used to calculate the harmonic 

components of the forcing due to wakes, potential fields or combined wake/potential. Here, 
the flow non-uniformities come from a 3D viscous calculation of the NGV row which is 
described in the Section 5.1.3. For linearized methods each spatial harmonic is computed 
separately, but only a single harmonic is typically used which corresponds to the excitation 
frequency of interest.   

� Third, a prescribed blade motion (Type 2) analysis models the flow disturbance produced by 
the imposed blade vibration which allows it to determine the aerodynamic damping. To do 
this the vibration mode shapes are interpolated onto the CFD mesh and imposed as a 
boundary condition to determine the resulting unsteady loads. These loads are used to 
calculate the local work done by the flow on the blade surface which is then integrated to 
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provide aerodynamic damping. The mass and stiffness effect is also calculated but is usually 
very small for HP turbine blades. 

 
The results from the SLiQ method come in the form of aerodynamic damping2 and real and imaginary 
parts of the flow for a single predefined frequency. The total unsteady flow can be obtained as a post-
processing calculation combining the steady flow and harmonic flow perturbation, but for forced 
response, only the harmonic flow perturbation is of interest because it occurs at the resonant 
frequency of the structure; the steady flow would cause a slight change to the blade running position 
and is handled separately.  
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Figure 15 - Elements of the SLiQ method 
 
 

5.1.3 Distortion Modelling and Transfer 

As described above, the flow distortion introduced by the NGV must be calculated to provide a 
boundary condition to the unsteady flow analysis. This section describes how this distortion is 
evaluated and applied. 
 
A 3D Navier-Stokes approach is required to capture the distortions of the flow such as potential field, 
shock structures and wakes. However, the transfer of the distortion to the unsteady calculation 
presents some important technical issues. Firstly, the point at which the distortion is transferred 
between CFD domains is important. In a full 3D non-linear stage calculation this is less critical 
because the transfer is captured correctly in time and space, but it would be a time consuming and 
rather inflexible approach which is less appropriate for design calculations. 
 
In the proposed method using SLiQ, the boundary must be sufficiently remote from both the NGV 
trailing edge and the blade leading edge to minimise the effect of the boundary conditions on the 
results. However there is also another compromise to make. Euler methods have no viscocity and 
therefore cannot represent the wake decay. Also linear methods by nature do not allow wake 
dissipation because there is no wake in the linear solution; only a sinusoidal variation of vorticity to 
produce the same disturbance as the original wake. Even this sinusoid does not dissipate because at 
the inlet this is expressed as a magnitude of disturbance with the phase assigned at each point 
based on the pitch, rotational speed and distortion passing frequency.  
 
The potential and vortical effects propagate in different directions (the potential field propagates 
axially whereas the vortical distortions follow the direction of flow) and it is vitally important to 
maintain the phase relationship between the two effects. 
 

                                                      

2 There are also aerodynamic mass and stiffness effects causing a slight frequency shift, but this is negligible for a HP turbine.   
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The overall compromised approach is shown graphically in Figure 16. The downstream region of the 
3D solution for the nozzle guide vane is taken to the leading edge of the blade, but the distortion is 
extracted from mid way between the NGV trailing edge and blade leading edge. This ensures that the 
extracted flow conditions are sufficiently remote from the exit so that the flow is not over constrained 
by the exit boundary conditions. 
 
Here the description of the SLiQ approach is given as an example. In fact there are improved 
methods described in the state of the art, but the important issues are that the approach must be able 
to capture the necessary flow features to calculate the blade surface unsteady pressures including 
the correct phase relationship. This is vital to the calculation of the excitation force on the rotor. 
 
 

 
Figure 16 - CFD domains and distortion extraction 
 
 

5.1.4 Variation of Aerodynamic Behaviour with Shaft Speed 

The Engine Accelleration approach (Approach #1) uniquely requires the definition of unsteady flow 
behaviour as a function of shaft speed, but only the calculation of the unsteady flow at one particular 
speed has been addressed. The current section describes the overall behaviour of the stage at 
various points in the flight cycle. Paper #1 describes the overall behaviour of the stage and how the 
solution at a single speed can be extrapolated to a wide engine speed range. A brief description of 
this novel approach is included here for completeness. 
  
The gas turbine is required to deliver power over a wide range of operating conditions. In the civil 
aero application the speed of the shafts can vary from top speed during take-off to as low as 20% 
speed during taxi. Typically a HP shaft will vary from 50% to 100% of is maximum permitted speed. 
Additionally, the machine could spend long periods at high altitude and the air temperature at take off 
could vary from -50ºC to 50ºC. All of these factors could affect the response of the blade. 
 
It is important to consider the behaviour of the HP turbine stage in the context of the whole machine, 
because many aspects interact. For example, the torque produced by the HP turbine is dependent on 
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the inlet pressure, but this is the pressure delivered by the compressor, which in turn produces the 
pressure rise as a result of the work input. The characteristic of a multi-shaft, multi-stage compressor 
is complicated because there is no fixed speed relationship between each of the shafts. Devices to 
improve operability at low speed, such as handling bleed valves or variable guide vanes also 
influence the behaviour and this may be different under different conditions.  
 
Typically a designer would need to consider the effects of the wide operating envelope. Figure 17 
shows how the turbine inlet pressure varies with shaft speed for a range of possible flight cycles3. 
The figure shows three curves, plotted using non-dimensional properties of pressure ratio and 
aerodynamic speed (Ω/√Tamb), each corresponding to a different altitude of operation. All of the three 
sets of data collapse to a single curve for all flight conditions because it is defined by the compressor 
characteristic. There is some variability due to the action of the handling bleed ports, shown here at 
an aerodynamic speed of approximately 560, but in general a single curve provides a reasonable 
representation of the compressor behaviour. Since there is very little pressure drop across the 
combustor this above representation of the compressor delivery pressure is equivalent to the HP 
turbine stage inlet pressure. 
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Figure 17 - Change of Stage Inlet pressure with Engine Shaft Speed 
  

5.1.5 Scaling of Blade Unsteady Pressure Distribution 

Studies of the bulk aerodynamic properties of the HP turbine show that it operates at a constant inlet 
Mach number throughout the operating cycle of the engine because the stage is choked. Paper #1 
shows that this proves to be highly useful because it means that the Mach No. distribution around the 
blade remains constant. Figure 18 shows the distribution of the steady flow at 68%, 81% and 94% 
mechanical speed. Both the NGV flow and rotor flow distributions are virtually identical at these 
conditions which cover the main operating speed range for the HP shaft, although at engine idle 
conditions the shaft speed is approximately 50%. 
 
Paper #1 proposes that the unsteady Mach number variation (amplitude and phase) around the rotor 
is constant across the engine speed range and therefore the distribution of unsteady pressure on the 
blade surface will also be constant, although scaled. Figure 19 compares the unsteady lift on the mid-
height section for the same three operating conditions and shows that the scaling hypothesis is also 
valid for the unsteady flow. The solid lines show the mean condition and the dashed lines show the 

                                                      

3 This data is taken from many simulated flight profile predictions for a civil engine. 
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envelope of unsteadiness. In the study, any change in tip clearance has been ignored since the blade 
is shrouded and the proportion of cooling flow introduced into the flow is assumed constant because 
the pressure ratio between the cooling air and the main gas path is constant. Other factors such as 
boundary layer growth, wake width & depth, stage reaction, etc have been included.  
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(a) Nozzle Guide Vane (b) Rotor  
Figure 18 - Steady Mach No. Distributions at Mid-height 
 
 

 
Figure 19 - Blade Unsteady Pressure Distribution at Mid-height 
 
This is a very important result as it means that the unsteady pressure distribution on the blade 
surface can be calculated at one speed and scaled to other speeds across the entire speed range of 
the machine. The similarity of the unsteady pressure distributions is largely dependant on two 
features of the stage; firstly the stage is choked and therefore the flow around the nozzle guide vanes 
is of virtually constant distribution and secondly, the blade inlet incidence is very similar. The latter is 
controlled by the aerodynamic speed (Ω/√Tcomb) based on HP shaft speed and stage inlet 
temperature, which varies by only 3% across the speed range investigated. However, scalability 
cannot be assumed as a general rule for all turbines and would need to be confirmed for cases 
outside the investigated range. 
 
The scaling method proposed above was also applied to the Intermediate Pressure (IP) Turbine of a 
3-shaft machine, but the flow did not scale well because it was not choked allowing the flow 
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distribution to change with shaft speed. The effect was quite dramatic in terms of the calculated 
vibration response. In the study, there were two vibration modes: one at 58% speed and the other at 
77% speed. Through-flow and CFD calculations were performed at each condition to produce a blade 
surface pressure distribution. The vibration level of each was calculated in two ways: firstly by using 
the flow at the correct condition, and secondly, using the flow scaled from the other conditions. This 
study showed that scaling gave an error of a factor of 2 for one mode and almost an order of 
magnitude for the other.  
 
For a case where the flow does not scale well, i.e. where the stage is not choked, there are three 
possible strategies to provide a blade surface pressure distribution which as a function of speed, as 
required by the Engine Acceleration method: 

1) Calculate the flow at a speed close to resonance by estimating the resonant frequency 
for the mode of interest using previous experience. 

2) Calculate the flow at several conditions and interpolate between them based on a 
weighting function which gradually blends from one pressure distribution to the other 
but also biased using the Pin scale curve of Figure 17.  

3) Use the Resonance Tracking method (Approach #2) to ‘track’ the mode to its resonant 
condition. 

 
The first two methods could be adopted to provide an approximation of the pressure distribution but 
the solution would need to be confirmed by a flow calculation at the correct speed. The last of the 
methods would calculate to flow at the exact operating condition as part of the iterative process. 

  

5.1.6 Section Summary 

This section has described a method for rapidly calculating turbine blade flow and a means of scaling 
the flow to any conditions around the operating range of the machine.  
 
A study of the overall engine behaviour has shown that the inlet pressure to the HP stage can be 
determined from a single curve of pressure ratio against aerodynamically corrected speed (Ω/√Tamb) 
for the majority of the working range of the engine. Furthermore, the flow distribution calculated at 
any operating condition can be scaled to any other speed and/or altitude. Strategies for overcoming 
problems with stages that do not scale have been suggested.  
 
Approach #1 requires blade unsteady pressures to be a function of shaft speed to support the novel 
method of modelling an engine acceleration. This can be achieved using the method described 
above.   
 
 

5.2 Linear Structural Model 
 
The linear structural model consists of the mathematical description of the mechanical arrangement 
without the under-platform dampers included.  
 
The input to the analysis is the geometry of the structure and the analysis conditions, such as 
operating temperature, shaft speed, steady pressure loads and boundary constraints.  
 
The output of the process is a representation of the vibration behaviour of the structure which is a 
function of shaft speed.  
 
There are several important technical details that need to be addressed. Firstly the size of the 
problem would be prohibitively large unless some reduction method is adopted. Secondly, the model 
must be able to adequately represent the behaviour of the structure, including allowing changes in 
the vibration deflection shape due to the action of the damper.  
  
This section describes the model reduction process, the quality checks and the issues relating to 
expressing the model as a function of shaft speed.  
 



Page 40  Doctoral Thesis / Jeff Green 
 

5.2.1 Model Reduction Methods 

It is possible to calculate the response of the entire model, expressed as nodes, elements, material 
properties etc, using a method such as the explicit approach of LS-Dyna4 [54], but some sort of 
reduction is much more common because of the huge savings on CPU time. However, reduced 
models are an approximation of the complete structure and therefore the dynamic properties can be 
in error. The academic challenge in the reduction process is to minimise the error and its effects. 
 
Modal reduction offers a very efficient reduction method which is commonly used. In general any 
structure can be fully described by the large number of orthogonal vibration modes, the size of the 
model is reduced dramatically by neglecting the effects of most of the high frequency modes, a 
process known as modal truncation. However, modal truncation can introduce significant errors when 
any structural modifications are made to the model (Ewins [55]) because it must be possible to 
represent the modified structure by a linear combination of the original mode shapes.  The number of 
modes to include in such an analysis is therefore a primary consideration. Two alternative reduction 
techniques have therefore been explored and are described in this section. 
 
The first of these was proposed by Guyan [56] in which the behaviour of the whole structure can be 
defined in terms of the behaviour of a few “master nodes”. Master nodes are chosen at positions 
where forces and non-linear elements are applied and there are standard methods for selection of 
other master nodes to improve the quality of the reduction, such as the method defined by Henshell & 
Ong [57]. The behaviour of all other nodes, known as “slave nodes”, may be expressed as a linear 
combination of the master nodes. The whole structure may characterised by a mass and stiffness 
matrix for the “master nodes”. Forces may only be applied to master nodes: forces on all slave nodes 
are assumed to be zero. 
 
First consider the elastic equation: 
 

[ ]{ } { }FxK =          (2) 

 
If this is partitioned for master and slave variables it becomes: 
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However, noting that the forces on the slave nodes are assumed to be zero, this becomes: 
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The lower half of this equation can be expanded to: 
 

[ ]{ } [ ]{ } { }0=+ sssmsm xKxK  giving     { } [ ] [ ]{ }msmsss xKKx
1−−=   (5) 

 

If we call this transformation [ ]L , then it is possible to write a transform from the Guyan master nodes 
to all nodes in the original structure:- 
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4 LS-Dyna is Finite Element based software used to simulate and analyse highly nonlinear physical phenomena. It can simulate general 
contact behaviour and material non-linearity, including removal of elements which exceed the material strength to model failure. It is 
usually used within the aero-engine industry to model impact and containment. 
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The form of this equation is very similar in form to the modal representation of a structure; 

{ } [ ]{ }qx φ= , so we will call the transformation matrix [ ]Lφ . This matrix is a collection of vectors, each 

of which is a “shape” of the structure. For Guyan master node, n, the vector is the deflected shape of 
the structure with the n’th variable assigned a value of unity and all others assigned a value of zero. 
 
Now considering the standard dynamic equation (without viscous damping):- 
 

[ ]{ } [ ]{ } { }FxKxM =+&&         (7) 

 

Using Equation (5), { }x  can be represented by { }mx . Substituting and premultiplying by [ ]TLφ we get: 
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Therefore [ ] [ ][ ]LT

L M φφ  is the reduced mass matrix, [ ] [ ][ ]LT

L K φφ is the reduced stiffness matrix and 

the forces may be reduced using [ ] { }FT

Lφ . These Guyan reduced forces are calculated by 

multiplying the surface pressure distribution by an area weighting and by the value of the Guyan 
vector at each point and integrating over the structure. 
 
The displacement at any point can be recovered using eq. (6). Note that the stress and strain fields 
and the strain gauge output can be back-substituted in the same way as the displacement i.e. as a 
linear combination of the Guyan vectors expressed as stress or strain. 
 
The reduction method proposed by Guyan offers some advantages:- 

1) Mass & stiffness matrices are small and are easy to store and manipulate. 
2) Input & output is in physical units. For example, loads may be expressed in Newtons and 

displacements in metres.  
3) Allows more detail in the area of interest, because the master nodes can be concentrated 

in those areas. This is particularly useful in modelling friction microslip damping because 
the contact face is allowed to distort whilst the rest of the structure is represented by just 
a few variables – a feature used to good advantage by Petrov & Ewins [58]. 

 
The main disadvantage of Guyan’s method is that only the stiffness relationship between the master 
variables is accurate; the mass relationship is approximate and this can introduce significant errors in 
frequency and mode shape unless a very large number of master nodes are used. Section 5.2.2 
gives an example of the error that can be introduced.  
 
A better generalised approach was proposed by Craig & Bampton [59]. It offers further improvements 
by combining Guyan reduction and the modal approach. The principle of this reduction is that the 
Guyan reduction can be augmented by the introduction of additional variables. The purpose of these 
additional variables is to capture the movement of the structure when all of the Guyan variables have 
no displacement.  
 
The Craig-Bampton (C-B) transform is:- 
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It is obvious that the form of the reduction is similar to other reduction techniques. In fact, the left 
hand side of the transformation matrix is identical to the Guyan reduction. The right hand side is a 
matrix of the mode shapes5 of the structure when displacement of all the master nodes are set to 
zero. The slaves are calculated as a linear combination of the Guyan expansion vectors and the 
additional variables (mode shapes). 

                                                      

5 These mode shapes are normally mass normalised. 
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We can now substitute this transformation into the standard dynamic equation (7) and premultiplying 

by [ ]TCBφ gives: 
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When the mass and stiffness matrices are expanded they take the following form: 
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The Craig-Bampton technique is used in the present work because it has the advantage that master 
nodes can be concentrated where required and the additional variables can be used to improve the 
overall quality of the reduction. It also provides a general capability because with no Guyan master 
nodes the method becomes a modal approach, and with no additional vectors, the method becomes 
a Guyan reduction. 
 

5.2.2 Quality Checks on the Reduction Process 

A modal reduction offers a very good representation of the frequency and mode shapes of the linear 
part of the structure. However, as modifications are introduced, such as the additional stiffness of the 
added damper, then the modes of the modified structure can only be formed by a linear combination 
of the original mode shapes. This can introduce a frequency and mode shape error in the modified 
structure known as modal truncation error. Typically if mode number, n, of the modified structure is of 
interest, then 3n modes of the original structure are required for reasonable accuracy. No account of 
the degree of modification is considered in this general rule and so the only method for ensuring 
accuracy is to perform the assessment with various numbers of modes and check consistency 
between solutions on a case by case basis. 
 
In Guyan’s method, the reduction is based on an exact stiffness reduction whereas the reduced mass 
matrix is an approximation. Errors in the frequency and mode shape of the reduced model are 
therefore introduced. Frequency error can easily be calculated by comparing the natural frequencies 
of the reduced model and comparing with the results from the full FE model assuming that the mode 
order does not change. Table 1 shows an example of the frequency error that can be introduced by a 
Guyan reduction using 63 degrees of freedom. The frequency error is acceptable for the lower 
modes, but for the higher modes there is a significant frequency error. To assess the error in the 
mode shapes of the reduced model a method has been developed which is based on the Modal 
Assurance Criteria (MAC) [55]. It provides a quantitative comparison between the original and 
reduced mode shapes. For a purely Guyan reduction it is possible to perform a MAC on the basis of 
the master variables only, but this is not appropriate for a Craig-Bampton reduction. A more general 
approach was developed as part of this investigation which is to expand the reduced variables to the 
full FE model using equation (9) to produce “approximate modes”. A MAC can then be performed 
based on all nodes of the original FE model giving an overall check on the reduction and expansion 
process. The MAC is defined as: 
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The MAC returns a value from zero to unity and provides a measure of correlation between modes ‘i’ 
and ‘j’ of the reduced and full models respectively. A MAC of zero indicates that the modes are 
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dissimilar, whereas a MAC of unity indicates that the modes are identical in shape. Table 2 shows a 
matrix of the MAC value calculated for modes 1-10 of the original full model against modes 1-10 of 
reduced model using the “approximate modes”. The shaded cells show where there is a good 
correlation between an original mode and an approximate mode (i.e. the MAC is close to unity); all 
other cells show little correlation. The shaded cells provide 2 useful functions; firstly, they confirm 
whether the mode order has changed during the reduction, and secondly they provide a quantitative 
measure of the mode shape error caused by the reduction. The values of MAC from shaded cells 
have been subtracted from unity to give the mode shape error stated in Table 1. In general, the 
acceptable level of mode shape error depends upon the purpose of the correlation, but for this case 
an error of less than 1% is considered to be acceptable.    
  
The Craig-Bampton approach is much better suited for producing an accurate reduced model for the 
non-linear system. A very good reduction can be achieved by choosing the master nodes to be at the 
damper elements attachment points and using a similar number of additional Craig-Bampton vectors. 
The results in Table 1 would be effected by the number and position of the selected Master nodes, 
but demonstrate the typical level of benefit of the Craig-Bampton approach are typical. 
 
 
  Full FE Model Guyan Only (21x3 dofs) C-B (6 Guyan + 40 C-B vectors) 
Mode Frequency Frequency Mode Shape Frequency Mode Shape 
  [Hz] [Hz] Error 1-MAC [Hz] Error 1-MAC 

1 1031.0 1032.1 0.11% 0.000% 1031.0 0.00% 0.000% 

2 2213.8 2224.3 0.48% 0.001% 2213.8 0.00% 0.000% 

3 5038.9 5110.2 1.41% 2.158% 5039.0 0.00% 0.000% 

4 5087.9 5192.3 2.05% 4.748% 5088.0 0.00% 0.000% 

5 9000.5 9543.9 6.04% 0.240% 9001.3 0.01% 0.000% 

6 10277.0 11042.4 7.45% 0.414% 10278.7 0.02% 0.001% 

7 10805.9 11762.6 8.85% 0.597% 10806.3 0.00% 0.000% 

8 12081.7 13092.4 8.37% 1.318% 12085.2 0.03% 0.002% 

9 13976.4 15752.1 12.70% 4.795% 13983.9 0.05% 0.004% 

10 15556.9 17759.6 14.16% 17.463% 15557.9 0.01% 0.001% 

Table 1 - Errors introduced by a typical Guyan and C-B reduction 
 
 

  Modes of Full FE Model 

  1 2 3 4 5 6 7 8 9 10 

1 1.000 0.078 0.017 0.486 0.164 0.233 0.078 0.073 0.071 0.051 

2 0.080 1.000 0.052 0.022 0.419 0.121 0.070 0.111 0.037 0.179 

3 0.120 0.058 0.978 0.481 0.248 0.030 0.070 0.418 0.093 0.290 

4 0.502 0.001 0.014 0.953 0.139 0.315 0.194 0.078 0.253 0.184 

5 0.166 0.423 0.213 0.211 0.998 0.071 0.067 0.000 0.182 0.296 

6 0.238 0.130 0.034 0.295 0.073 0.996 0.084 0.046 0.251 0.002 

7 0.087 0.070 0.036 0.215 0.081 0.023 0.994 0.058 0.207 0.148 

8 0.066 0.114 0.443 0.194 0.004 0.019 0.105 0.987 0.141 0.032 

9 0.081 0.046 0.095 0.249 0.210 0.267 0.211 0.015 0.952 0.254 
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10 0.011 0.122 0.167 0.123 0.241 0.050 0.107 0.061 0.051 0.825 

Table 2 - Modal Assurance Criterion – Original against reduced model. 
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The Craig-Bampton approach is ideally suited to representing a damped turbine blade because it can 
‘feel’ 2 extreme states during each vibration cycle. The additional Craig-Bampton vectors are the 
modes of the system with the master nodes constrained to zero displacement and this represents 
one extreme of the action of the dampers i.e. if the dampers are fully locked then the modes of the 
structure would be identical to the Craig-Bampton vectors. The other extreme is when there is 
virtually no restraint due to the damper and this is identical to the normal modes of system. For this 
“undamped” case there is a small error introduced by the reduction process but this can be checked 
using the MAC. The results of the Craig-Bampton approach in Table 1 show that an excellent 
correlation on both frequency and mode shape can be achieved with a reduction to around 60 
variables. The results are typical of the benefit of the Craig-Bampton technique, but the quality of the 
reduction of any structure should be assessed using the quality checks described above. 
 

5.2.3 Change of Modal properties with Speed 

So far in this section reduction methods for a single operating condition have been described. A 
means of modifying the model with increasing shaft speed is required in order to model the speed 
sweep of the Engine Acceleration Approach (Approach #1). 
  
It is well known that turbomachinery blades increase in frequency due to centrifugal stiffening and 
decrease in frequency due to elevated operating temperatures. Hartog [60] records that the 
centrifugal effect is proportional to the square of shaft speed and so the frequencies can be shown to 
be approximated by the equation: 
 

22
0

2 Ω+=Ω gff       (14) 

 
The frequencies are squared because the square of frequency is proportional to the stiffness. It 
would be reasonable to assume that it is possible to interpolate the reduced stiffness matrix based on 
speed squared between a static and top speed condition. The reduced mass matrix should remain 
constant throughout the speed range. It is proposed that the frequencies and mode shapes of the 
reduced mass and stiffness matrices (interpolated based on speed squared) would provide a smooth 
and reasonably accurate description of the structure at each speed.  
 
This technique has so far not been discussed in the literature so in order to assess the validity of the 
proposed method a numerical test was designed. It is based on a cantilevered beam 300x25x3 mm 
made of steel, spinning up to 1000 rad/s about an axis along the fixed end. The rotation causes an 
increase of the mode 1 frequency from 28Hz to 57Hz and the frequency has been shown by FE 
analysis to follow equation (14) above. However, it has been found that if the stiffness matrices are 
interpolated based on speed squared then the results of the eigensolution do not follow the same 
curve. 
 
Figure 20 shows the results of stiffness matrix interpolation at every 2% of shaft speed (solid lines) 
and these can be significantly different to the frequencies calculated using equation (14) (dashed 
lines). Fortunately, the major cause for change in frequency of an HP turbine is due to the reduction 
in modulus due to the increase in temperature. Figure 13 illustrates this well; a significant reduction in 
frequency can be seen across the speed range. This effect swamps any effect due to centrifugal 
stiffening / softening so the latter can safely be ignored in HP turbine case, although this would not 
necessarily be true for a fan or compressor blade. The effect of temperature on frequency may be 
calculated as the square root of the change in modulus caused by temperature increase. For an HP 
turbine blade the effect can be as much as 10% reduction in frequency across the speed range. The 
approach assumes no change in mode shape with speed, but the effect would certainly be small and 
very much secondary to the mode shape changes caused by the damper, which are of primary 
interest.  
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Figure 20 - Effects of interpolating Mass & Stiffness Matrices for a Cantilevered Beam 
 
 

5.3 Fluid-Structure Link 
This section deals with bringing together the flow prediction and reduced structural model (i.e. box 
number 3 in Figure 14). The fluid-structure interpolation method that has been adopted is similar to 
the method of Moyroud et al [64]. The unique aspect of the methodology is the integration produces 
generalised forces on the C-B vectors rather than modal forces.  
 
The input to the method is the unsteady flow field around the blade at given operating conditions and 
the results of the Craig-Bampton reduction. The reduced model consists of a mass and stiffness 

matrix and, more importantly, the [ ]CBφ matrix. 

 



Page 46  Doctoral Thesis / Jeff Green 
 

The output of the process is a set of forces which can be applied to the reduced model to represent 
the unsteady flow, including the change of behaviour with increasing shaft speed. The forces are 
those defined on the right hand side of Equation (10). 
The link between fluid and structure takes place in 3 phases: positioning the mesh, interpolating 
pressure and integrating the pressures for each C-B vector. Each of these aspects is described in 
detail below. 
 

5.3.1 Positioning the Meshes 

The first part of the process is to co-locate the FE and CFD meshes in terms of scale and position. 
There are several reasons why the meshes will not be coincident: 

(a) The units of length and coordinate system origins are not necessarily identical and must 
therefore be accounted for. 

(b) The FE model is based on “cold” geometry corresponding to its position at rest. The 
CFD mesh is based on the “hot” geometry corresponding to the running condition. In the 
general case the “hot” deflections should be added to the FE mesh coordinates to align 
the meshes, but for HP turbines, the deflection consists of a radial movement due to 
turbine disc growth and a small axial movement due to thermal effects on the disc. Both 
of these factors can be accommodated by a bulk translation. 

(c) Sometimes a small change in blade skew angle (<1 degree) is used to correct the blade 
capacity to compensate for cooling flows and geometric features such as aerofoil-to-
platform fillets.  

 
These effects can be handled by applying a simple spatial and scaling transformation. Figure 21a 
shows an example of the fluid positioned around the blade; the blade is shown in the grey and the 
fluid shows contours of instantaneous static pressure. 
 

    
(a) CFD solution positioned around FE mesh.  (b) Region of pressure application 
Figure 21 – Interpolation of Flow Properties onto Turbine Blade 
 

5.3.2 Interpolation of Pressure 

The purpose of the interpolation procedure is to allow evaluation of the forcing matrix on the right 

hand side of Equation (10), [ ] { }FT

CBφ . The position of forces must be consistent with the positions 

of each point defined in the C-B vector i.e. C-B vector quantities need to be interpolated on to the 
CFD mesh, or pressures need to be interpolated on to the FE mesh. Both of these approaches are 
valid, but the latter has been chosen because it is convenient to specify the interpolation area on the 
FE mesh. In many cases the FE mesh is much coarser than the CFD mesh so some accuracy would 
be lost interpolating on to the FE mesh, but here, the combination of second order elements in the FE 
model and the coarseness of the mesh used by SLiQ allow good interpolation.  

Blade tip shroud 

Front fin to condition 
leakage flow. Not in 
main gas path. 

Region of pressure 
interpolation 
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Figure 21b shows the selected region over which the integration and interpolation are performed. 
Areas on the front of the shroud and the front platform fin are not included because they are not 
directly in the main gas path; secondary flows, which are not modelled act on these faces. 
 
Pressures are interpolated to the integration points of the FE mesh. Twenty node hexahedral 
elements have been used in the FE mesh, for which there are four integration points and an 
associated area on each element face. The static pressure is interpolated from the blade surface in 
the CFD mesh using element shapes functions. 
 

5.3.3 Integrated Force 

The reduced force matrix, [ ] { }FT

CBφ , is a vector of values representing the equivalent force on each 

C-B variable and therefore represents the pressure distribution on the blade surface. It is calculated 
by summation over all the selected integration points by the following: 
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      (15) 

 
where 

kp  is the static pressure interpolated to integration point, k 

 
kA
r
 is the component of vector normal to the blade surface at integration point, k, and 

whose magnitude is the associated area 
 

kjCB ,,φ  is the value of the Craig-Bampton vector, j, at integration point ,k. 

 
The flow can be represented as a complex harmonic perturbation of flow, such as that provided by 
SLiQ, in which case the forces will be complex. Alternatively, a sequence of instantaneous pressure 
distributions can be used, in which case the integration must repeated for each pressure distribution. 
 
The methodology has been developed such that it can deal with a variety of requirements: 

1. The flow solutions may be complex harmonic pressures, such as those from SLiQ, or a time 
history of pressures, such as those from UNSFLO (including dealing with the time inclination 
used in this particular code). 

2. The solution may be 3D, or a series of stacked 2D solutions taking account of the phase 
relationship between each of the 2D sections. 

3. The result is expressed in such as way so that the pressure scaling and frequency sweep 
may be easily accomplished and is relatively independent of the transient dynamics analysis 
type. 

4. Flexibility to record results from a range of operating conditions is required if force 
interpolation is required, such as the proposal at the end of Section 5.1.5. 

 
It is the last two items of the above list which enable the Engine Acceleration method and are unique 
aspects of the approach. 
 

5.4 Non-linear Dynamics  
 
This section describes the implementation of the transient dynamic analysis including the nonlinear 
damper (i.e. the boxes labeled ‘4’ and ‘5’ in Figure 14). A transient analysis is performed to mimic a 
shaft acceleration. The properties of the linear mechanical model are adjusted with speed to provide 
the correct vibration behaviour, the harmonic forces are scaled (or interpolated) to account for the 
change in flow conditions and the centrifugal load on the damper is calculated for each speed. During 
the modelled acceleration, the system finds its own resonant conditions, accounting for these 
important factors.  
 
The inputs to this process are the mass and stiffness matrices of the reduced mechanical model, and 
the complex unsteady pressures reduced to equivalent forces described in the previous section.  
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The output from this process is the displacement, velocity, acceleration or force for any or all of the 
reduced degrees of freedom. Typical it is most useful to output displacement at all reduced degrees 
of freedom so that the displacement, stress or strain can be calculated using equation (9). 
 

5.4.1 Non-linear Dynamics Methodology  

The non-linear dynamic analysis methodology solves the standard equations of motion: 
),,( txxFKxxCxM &&&& =++   

 
Two solution strategies have been explored:  

1. A time domain or “time stepping” solution which employs an implicit variable time step 
integration method based on the approach developed by Thomas & Gladwell [61]. The time 
steps are adjusted so that the force error is within a user defined tolerance.  

2. A harmonic balance approach, which is akin to a non-linear steady state solution for a range 
of frequencies (Sanliturk & Ewins [40]). The method assumes that the steady state 
displacements at each frequency are sinusoidal (harmonic) and that all external excitation 
and response are at the same frequency. The solution iterates so that the fundamental 
Fourier component of displacements is matched (balanced) with the applied forces including 
the non-linear effects. This single harmonic method has since been extended by Petrov [41] 
to include the effect of multiple harmonics, but has not been used in the current work. 

 
Both methods have been developed so that the majority of input parameters may be varied as the 
analysis progresses. One such ‘parameter’ is the reduced structural model. The stiffness matrix can 
be scaled based on variation of Young’s modulus with time, which may be calculated from a known 
relationship between shaft speed and temperature. 
 
Excitation may be supplied as periodic/harmonic forces which vary in amplitude, phase and 
frequency without discontinuities. The reduced forces (described in the previous section) are 
introduced such that the frequency and an amplitude scale factor can be prescribed during the 
analysis. Excitation from several sources, each with its own frequency and amplitude scale can be 
used to interpolate between solutions for a single excitation source or used to model the real 
excitation sources with in a single analysis. 
 
Features were also added in parallel to the development of the post-processing to allow more reliable 
interpretation of results. The variable time stepping method adopted, tries to resolve the true 
displacement of the structure consistent with tolerance specified. Non-linear features introduce some 
high frequency components into the signal which may be aliased depending on the chosen data 
output rate. A digital anti-aliasing filter was added to minimise these effects. A random noise 
excitation was also developed to mimic the test so that the qualitative behaviour of the structure could 
be seen during the results analysis phase (described in Section 5.5.1). 
 

5.4.2 Non-Linear Damper Elements 

The non-linear friction model used is based on the simple macro-slip model originally described in 
Section 2.2. The model assumes a linear spring in series with a simple coulomb friction element as 
shown in Figure 9. The force-displacement characteristic for the element is also shown in Figure 9.  
The slope of the “stuck” region is defined by the stiffness of the spring, and force limit being defined 
by the product of the friction coefficient and the normal load.  
 
The results of Stanbridge et al [45] were used to estimate these parameters from measured 
hysteresis curves, examples of were shown previously in Figure 10. The measurements are 
performed using two test pieces arranged to contact over 1.0mm² and may be scaled based on 
contact area to any general geometry (for the particular material combination tested). The slopes of 
the near vertical parts of the curves are very similar which shows that the measurement of the 
stiffness is virtually constant across the range of normal load explored. It also can be seen from 
Figure 10 that microslip is an important feature at low levels of relative motion. This is indicated by 
the smooth transition between the stuck (almost vertical) part of the curve and the slipping (almost 
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horizontal) part of the curve. In this region part of the contact region has started to slip whilst the 
remainder is in a stuck state.  
 
The microslip behaviour of the contact can be modelled by using several macroslip elements in 
series or parallel. This can be done artificially by fitting the parameters of the elements to match the 
measured force displacement curves, but there is a good physical basis for this approach. Asperity 
theory assumes that the contact is made of many individual contacts which contribute to the contact 
stiffness and friction load of the overall contact. Such an approach was used by Csaba [62] in his 
Brush model for curved turbine blade dampers.  In fact this type of composite friction element is very 
versatile and has been used to model the internal friction in a sprayed ceramic coating damping 
treatment by Green & Patsias [63] with reasonable success. 
 
Sanliturk [65] developed a composite friction element to represent the “cottage roof”, or “wedge”  
style of damper shown in Figure 5. It is a combination of two of the simple friction elements described 
earlier, arranged such that the surface normal loads are calculated from parameters that the user can 
specify: mass, roof angle, friction coefficient etc. It links two degrees of freedom (horizontal and 
vertical displacement) on each blade platform and applies forces to these degrees of freedom based 
on the damper properties and displacement history. The motion of the damper is fully defined by the 
platform motion and contact faces are modelled by several friction elements appropriately aligned 
along the contact edges. Sanliturk also demonstrated validation of the model for a simplified two-
beam arrangement and for a real HP turbine blade and damper arrangement. 
 
The “cottage roof” composite element has the advantage that it is simple to use and is inexpensive 
computationally, but it also has several limitations. 

a) The damper has no inertia so the position on the damper is fully described by the 4 specified 
degrees of freedom and the displacement history. This simplification implies that there is no 
variation in normal load due to the motion of the platform. In extreme circumstances there 
could be momentary separations between the damper and the platform. An important 
parameter here is the acceleration ratio between the centrifugal acceleration due the spinning 
rotor and the acceleration of the platform due to the vibration. As long as this ratio is 
substantially greater than unity then the damper will not lose contact. The worst case for a 
HP turbine blade would typically be greater than 3. 

b) The damper cannot rotate and so is forced to slide to conform to the position defined by the 4 
degrees of freedom. In cases where the platform motion is out of phase, such as the first 
flexural mode of the blade in a low nodal diameter pattern, then in reality the damper would 
rotate or “roll” reducing the level of damping achieved. For this type of motion the element 
over predicts the level of energy dissipation. 

c) Motion out of plane is not captured in the 2-dimensional version. 

d) The behaviour of a real damper is spread across a significant axial distance so the axial 
distribution of load must be considered. Typically 3 damper elements are sufficient, but each 
of the elements behaves independently. 

 
Nevertheless the validation by Sanliturk shows that these approximations can be tolerated and are 
suitable to demonstrate the new coupling mechanism identified earlier. As improved models are 
developed they can be incorporated to improve the fidelity of the results. 

 

5.5 Results Analysis Methods 
 
This section deals with how to use the output of the non-linear transient calculation which was 
described in the previous section (Box 6 in Figure 14) 
 
The input to this process can be as little as the displacement history of a single point on the model, 
but in general it is more useful to use all variables in the reduced model. 
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The output from the process is both a qualitative and quantitative understanding of the behaviour of 
the system such that stress distributions can be calculated. 
 
It has been useful to develop methods for analysis of results in two distinct directions. Firstly, it is 
useful to get an overview of the assembly to provide an insight to the qualitative behaviour, and 
secondly to calculate the true displaced shapes, stress and strain distributions of the entire structure. 
Each of these aspects is discussed separately below. 
  

5.5.1 Qualitative Behaviour 

The response may be assessed using displacements at chosen points on the structure, for example 
the tip, trailing edge corner of the blade. However this gives limited information, mainly showing the 
conditions at which resonance occurs. For time domain solutions the vast majority of the information 
within the time history is ignored. 
 

 
 
Figure 22 - Example 'replay' output 
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A novel visualisation tool (known as ‘replay’) has been developed to help interpret the behaviour of 
the modelled system. It is a novel application of a common method for presenting engine strain 
gauge results. This model analyses output from the transient dynamics solver for a single degree of 
freedom, by dividing it into overlapping time blocks and calculating the Fourier transform (FFT). The 
results are then presented graphically in a similar style to the Campbell diagram: frequency on the y-
axis, time (≡ speed) on the x-axis with the amplitude of the signal represented by the colour. The 
method offers various options to aid interpretation: FTT block size, FFT overlapping, window 
functions (Hanning, Flat Top, Keiser Bessel) and zoom.   
 
Figure 22 shows an example of the output from ‘replay’. The main graph in the top left hand corner 
gives an overview of the data. The vertical axis is the frequency which is based on the time step of 
the displacement data and the horizontal axis is the time. The transient analysis was set up to have a 
linear relationship between time and shaft speed, so the horizontal axis is equivalent to shaft speed. 
The magnitude of the Fourier components at each time/speed are represented as colour and plotted 
on a log scale covering a range of 160 dB. The blue areas in the main graph show the lowest 
amplitude, increasing through green, red and finally to white which is the highest amplitude. The 
other graphs within the figure show the maximum response at a given frequency (right hand graph) or 
at a given time (bottom graph). 
 
The example shows a strong response at the excitation frequency which starts at approximately 4300 
Hz at time 1.5 seconds and increasing in frequency linearly to approximately 6000 Hz at time 3.5 
seconds. The vibration modes can be seen as (almost) horizontal lines at 1250 Hz, 2500 Hz, 4900 
Hz and 5700 Hz. Temperature effects have not been included in this example to isolate the effects of 
the damper. The vibration modes are ‘excited’ by numerical noise which is introduced by the time 
marching algorithm. The algorithm produces slight overshoots and undershoots at each time step 
(within the specified tolerance) which appears as very low amplitude random noise. The modes of the 
structure respond to the noise at very low amplitude, but may be seen in the figure because a log 
scale has been used. Obviously the amplitudes of these modes have no real meaning, but the 
frequency can be clearly seen and offers a very useful qualitative description of the system 
behaviour. For example, the fourth mode in Figure 22 at 5700 Hz increases in frequency over the first 
half second of the analysis due to the increased stiffening effect of the damper as the centrifugal load 
increases. This is a feature which is also observed during engine strain gauge testing.  
 
 

5.5.2 Back-substitution to Full FE Model 

If the displacement of every reduced variable is recorded then the response of the entire structure 
may be recovered via the back-substitution vectors to provide displacement, stress or strain using 
equation (9). 
 

Repeat of Equation (9): [ ]
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The back-substitution vectors, [ ]CBφ , are calculated as part of the Craig-Bampton reduction in the FE 

code and can include stress and strain vectors in addition to the displacement. The vector on the 
right hand side is the displacement of all of the reduced variables, but in the analysis there is a 
complete vector like this at each instant in time. The displacement on the left hand side is the 
displacement of every point on the original FE model, which becomes a very large quantity of data 
when every time record is considered. It is convenient to reduce the time range of the data to cover a 
single vibration cycle at some condition; usually resonance, to provide an animation of the deflection, 
stress or strain at that condition.  
  
The results of this method of processing provides an understanding of the deflection shape, which 
may be significantly different to the linear mode shape, it may also be complex and have higher 
harmonic content due to the introduction of the friction elements. The output stress / strain field may 
subsequently be used to provide an improved life assessment. 
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5.6 Comments on Verification  
The purpose of this section is to demonstrate that the system is verified. Here, the term “verification” 
refers to checks which are performed on the developed system to ensure that the calculations 
produce the expected results. 

5.6.1 Aerodynamic Verification 

The aerodynamic methods used during this work had previously been extensively validated by Rolls-
Royce. The through-flow analysis methods used have been extensively tested against rig and engine 
data and shown to provide good boundary conditions for typical turbomachinery flows. Obviously any 
through-flow method will break down for extreme flows, such as aerofoils with large separations, but 
the HP turbine is generally well behaved. 
 
The 3D Navier-Stokes code used to generate the distortion has also been extensively validated by 
comparison of overall performance, lift profiles, heat transfer and distortion generation. These type of 
calculations are routinely performed as part of the engine design process.  
 
The 3D Euler Linearised code, SLiQ, has been validated for forcing function by Marshall & Giles [66]. 
It has also undergone detailed testing as part of the European Commission funded project; ADTurB 
[67][68][69] and ADTurBII [70] .  
 

5.6.2 Verification of Integrated System 

A simple test case has been used to check the process through FE model reduction, pressure 
mapping and reduction, the transient analysis and the post-processing features. Standard 
benchmarks for such an application are provided by NAFEMS [71]. Analytical solutions are available 
for harmonic forced response cases and transient cases for a thick beam with a pressure applied to a 
region of the upper surface [72].  The results were found to be in excellent agreement with the 
analytical solution supplied by NAFEMS. 
 
 

5.7 Summary of Chapter 5 
This chapter has described the development of the novel Engine Acceleration Approach (Approach 
#1) which can capture the coupling between the action of the under-platform damper and the 
operating condition at resonance. The approach relies on the ability to scale each of the important 
parameters based on rotor shaft speed.  
 
The unsteady pressures in the aerofoil surface can be calculated using a number of methods 
provided that the relevant features of the flow (potential field and the wake) are captured. The 
frequency and amplitude of the pressures can then be scaled to other operating conditions using a 
newly developed method.  
 
The Craig-Bampton approach is used to represent the mechanical properties of the system as a 
reduced model. The system properties can be scaled based on simple relationships with shaft speed. 
The effect of temperature can be accounted for by adjusting the material modulus and the damper 
load scales according the square of the shaft speed. 
 
Models of the flow, elastic structure and nonlinear damper are combined using the new non-linear 
dynamics method to represent an engine acceleration. Both time domain and frequency domain 
harmonic balance techniques can be used. Techniques for analysis of the result depend somewhat 
on the non-linear dynamics method used but include the ability to combine the response of all the 
reduced variables to provide deflected shapes, stress and strain. 
 
The methods and their implementations have been validated and are suitable for investigating the 
behaviour of a realist HP turbine. The following chapter describes a case study of a prototype civil 
engine HP turbine blade. 
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6 CASE STUDIES TO INVESTIGATE PHYSICAL BEHAVIOUR  
 
The new Engine Acceleration methodology described in Chapter 5 has been used in the vibration 
assessment of many Rolls-Royce damped turbine blades, several of which have been reported in the 
open literature [73]-[76]. Three of these cases are used as part of this thesis to explore particular 
aspects of the behaviour of the physical system. 
  
Each of the chosen test cases is a High Pressure Turbine of a triple-shaft engine design which is 
used in civil aircraft. The turbine consists of a single stage: nozzle guide vane (NGV) and 
cantilevered rotor and has been described previously in Section 1.2. The rotors have a tip shroud for 
aerodynamic reasons, but there is no contact between adjacent shrouds. 
 
Table 3 gives an overview of the test cases. There are 2 NGV designs (one with 36 aerofoils and the 
other with 40) and 3 rotor designs. In all three of the test cases the rotor has the same aerofoil shape, 
but each has a different material and there are some minor geometry differences as follows: 
 
 DS  - Directionally solidified material (radial properties are different to other directions) 
 SX - Single crystal material and some shroud and platform geometry modifications 
 XO - Single crystal with orientation control but the geometry is identical to the DS bade. 
 
 

NGV Type Blade Type Experimental Results 
Case # 

36 40 DS SX XO Undamped Damped 
Reference 

1 ���� ���� ����   ���� ���� Section 6.1 
2  ����  ����   ���� Paper #2 

3  ����   ����   Paper #3 
Table 3 - Overview of Test Cases  
 
 
These three cases have been chosen because they allow certain factors to be investigated in 
isolation. Test Case 1 provides direct numerical and experimental comparison of the effect of the 
damper and the difference caused by two excitation sources on the same rotor. Test Case 2 isolates 
the effect of material and minor geometry changes because it is aerodynamically identical to one of 
the Test Case 1 configurations. Test Case 3 is used to study whether control of the material crystal 
orientation can be used to reduce vibration response. 
 
Test Case 1 is described in detail in Section 6.1 because it has not been published previously, Test 
Case 2 is introduced in Section 6.2 and described in detail in Paper #2, and Test Case 3 is covered 
in Section 6.3 with details given in Paper #3.  
 

6.1 Test Case 1 

6.1.1 Description of Test Case 1   

Test Case 1 is an experimental blade design which has been chosen because it has the benefit of 
having a series of strain gauge tests with 2 different HP nozzle guide vane geometries: one with 36 
aerofoils and another with 40 aerofoils. The turbine blade has been tested with and without the 
under-platform dampers which provides experimental evidence of the high degree of non-linearity 
introduced by the damper. Figure 23 demonstrates that the damper causes a frequency shift of 
approximately 20% for the second flexural (2F) mode but other modes are significantly less affected. 
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Figure 23 - Campbell Diagram for Rotor 
  
The Campbell diagram shows that the rotor modes of interest (modes 3 & 4) were excited by the 
disturbance from the upstream NGV. These modes correspond to first torsion (1T) and second flex 
(2F) and are shown in Figure 24. The lower frequency modes (1F & 1E) were excited by low engine 
orders and mode 5 was not excited within the engine speed range. 
 
This case provides an opportunity to demonstrate the importance of the developed methodology 
because it provides a comparison of several important factors.  

a) The two NGV types provide different levels of excitation which will cause an interaction with 
the non-linear damper because its response is amplitude dependant. The change in NGV 
number also introduced a change in the engine speed at which resonance occurs causing 
further non-linear effects.  

b) Measured amplitudes for the case without the damper will provide a useful datum and help to 
isolate the effect of the damper. 

c) It is useful to have two modes which are excited by the same excitation source. The two 
modes are affected very differently by the action of the damper, and it is helpful to 
demonstrate whether the method can capture this effect. 
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(a) Mode 3 - First Torsional Mode (b) Mode 4 - Second Flexural Mode 
Figure 24 - Predicted Blade Mode Shapes (Contours of Resultant Displacement) 
 
 

6.1.2 Analysis Details of Test Case 1 

Aerodynamic Conditions 

The aerodynamic conditions used were from a through-flow calculation based on an operating 
condition at 69.2% speed which corresponds to a low power case during aircraft descent (altitude 
~1500m). The same condition was used for both NGV types: 36-off and 40-off. The analysis speed of 
69.2% is close to the speed at which the 1T resonance occurs with 40 NGVs, with the 36-off being 
about 10% higher. There are several reasons for using the same condition: (a) the exact speeds of 
the resonances are unknown due to the damper effect, and (b) the speed effect is accounted for and 
scaled in the analysis.  
 
The intention is to compare the predictions with measured results from a ground level strain gauge 
test and therefore the scaling method described in Section 5.1.4 is used to compensate. The 
difference in forcing between ground level and 1500m altitude is approximately 15%. 
 

Finite Element Model  

The model used was a 20-node brick element mesh of the style used at the time of the testing. The 
blade was restrained using fixed restraints on the firtree root. Again Figure 25 shows the region 
where the restraint was applied. 

 
The blade is made of a directionally solidified material consisting of several crystals of material 
aligned such that the properties in the radial direction are different from those in other directions. 
Further details about this type of manufacturing process and the benefits are described by Rolls-
Royce [1]. 
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Figure 25 - View of Rotor Finite Element Mesh 
 
Vibration properties of the model were calculated at 0% speed only, because the centrifugal stiffening 
effects are small in this case. The analysis was performed at room temperature because the 
frequency reduction due to increasing temperature is accounted by scaling the stiffness matrix based 
on the reduction of modulus as the temperature increases with speed (see Section 5.4.1).   

 

Damping 

Aerodynamic damping may also be added to the material/inherent damping, but in this case it was 
found to be negligible (ς<0.0002 ≡ Q>3000)6 for both modes of interest. For IP turbines this is less 
clear because for certain vibration modes, aerodynamic damping as low as ς=0.005 (Q=100) have 
been found, which is of similar magnitude to the background mechanical damping. 

 
Background levels of damping (from the material and friction at the fixture location) were obtained 
from laboratory static vibration tests which are performed as a routine part of the development engine 
build process (see Table 4).  There was significant scatter on the measurements: some blades 
having up to a factor of 2 difference. 
  

Mode Damping 
1 (1F) ς=0.01 Q=50 
2 (1E) ς=0.0025  Q=200 
3 (1T) ς=0.0025 Q=200 
4 (2F) ς=0.01 Q=50 
5 ( -  ) ς=0.01 Q=50 

Table 4 - Measured modal damping. 
 
Kielb & Abhari [77] have shown that background mechanical damping can be dependent on the 
rotational speed, but here it has been assumed to be constant. The values of damping given in Table 
4 are confirmed later in Section 6.1.4 by showing good correlation between predictions and 
measurements for the rotor without the under-platform damper. 

                                                      

6 Q is a convenient measure of damping known as the Quality Factor or Dynamic Magnification Factor. In this thesis its value is 1/(2ς). 

 
 

 
Finite Element model of Turbine blade. 
 
Location of Damper elements is shown by the black 
outline which represents the damper and the adjacent 
platform.  
 
Each of the damper elements is independent and is 
connected between a point on the FE model and 
ground. In the analysis system used the dampers may 
only be applied to C-B master nodes. 
 
The shaded regions on the blade root show areas 
where the displacements are constrained to be zero.  
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Cottage roof under-platform dampers were applied between the platform position on each side of the 
blade and earth. The damper on each side of the platform is represented by 3 damper elements as 
shown in Figure 25. The following parameters were used: macroslip, µ=0.55, stiffness=0.8×105 
N/mm, mass=5g per damper (force varies with speed). These values were obtained from 
measurements by Stanbridge [78] using real hardware for this test case. The distribution of the load 
was calculated using a restraining a FE model of the damper at the damper element positions and 
calculating the centrifugal reaction loads at each position.  For this case the loads at the front, middle 
and rear positions were approximately equal. 
 

6.1.3 Aerodynamic Results 

In general there are many methods for calculating the aerodynamic effects, but for this particular 
case, the calculations were performed using SLiQ in collaboration with Marshall as described in [73]. 
The following section summarises the findings of the work for completeness. 

NGV Wakes  

The flow disturbance due to the Nozzle Guide Vane 'wake' has been obtained from 3D viscous 
steady flow calculations for the NGV as an isolated calculation. These were calculated by the Turbine 
Department of Rolls-Royce as part of the routine design process. Figure 26 shows contours of total 
pressure for both NGV types on an axial plane midway between the NGV trailing edge and the rotor 
leading edge. The figure shows that the wake is slightly deeper for the 36-off NGV and more curved 
for the 40-off NGV. The wake curvature is a feature of the 40-off NGV which was added to reduce the 
excitation level by adjusting the phase of the excitation at each spanwise location; during part of the 
vibration cycle (= one NGV pitch) energy is imparted to the blade at one position and extracted again 
at another. This process is known as “wake shaping”.  
 

 

 
(a) 36-off  Nozzle Guide Vane Wake 

 

 

 
(b) 40-off Nozzle Guide Vane Wake 

Figure 26 - NGV Wake - Contours of Total Pressure 
 
The circumferential non-uniformity in the nozzle passage causes unsteady flow in the rotor (relative) 
frame. There are 3 components of the 'wake': the pressure non-uniformity (known as the potential 
field), the non-uniform velocity field (referred to as the wake or vortical component) and the non-
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uniformity of the temperature (or entropic field). In SLiQ, the effect of each of these forcing terms can 
be calculated separately to find the relative contribution of each component but in this calculation all 3 
terms have been included.   

 
The non-uniformity of the NGV flow has been estimated at mid-height for the two cases using the 
steady NGV calculations. Two axial positions have been used: 1) half way between the nozzle trailing 
edge and rotor leading edge, and 2) at the calculation outlet which is equivalent to the rotor leading 
edge position (Note: Figure 16 shows the extent of the NGV calculation region). 
 
Table 5 shows that the strength of the potential field from the 40-off NGV is slightly less that that of 
the 36-off NGV. The rate of decay of the potential field is also slightly stronger for the 40-off NGV. 
These observations are both in line with expectations, as the potential field is larger with fewer vanes 
and the rate of decay is related to the wave length (pitch) of the pressure perturbation. 

 
Case Plane 1 Plane 2 Ratio 
36 off 11.0% 7.7% 0.70 
40 off 8.9% 5.9% 0.66 

Table 5 - NGV Static Pressure (potential field) - Unsteady component as % of mean 
 

Table 6 shows that the wake is slightly less strong and somewhat wider in the 40 off case, and that 
the wake decays and spreads out with distance in both cases.  

 
Case Depth 1 Depth 2 Ratio Width 1 Width 2 Ratio 
36 off 22.9% 19.7% 0.86 29% 38% 1.31 

40 off 18.4% 10.9% 0.55 35% 45% 1.29 

Table 6 - NGV Total Pressure (wake) - Depth as % of Mean, Width as % of Pitch 
 
 

The disturbance from the NGV contains many harmonics. In SLiQ, each harmonic component must 
be treated in a separate calculation but for forced response a single harmonic is usually all that is 
required because it relates a single excitation source on the Campbell diagram. 
 

Rotor Steady Flow 

The rotor steady flow was calculated using the inviscid steady flow solver within SLiQ. The meshes 
can be rather crude in comparison to typical meshes for viscous flow because the boundary layer is 
not captured. In this case a mesh of 30,000 points was used. 
 
Surface pressure and Mach number profiles showed reasonable agreement between the inviscid 
method of SLiQ and other validated viscous solvers, indicating that viscous effects are not important 
in this case, provided that the mass flow is correct. 
 

Rotor Unsteady Flow 

The unsteady linearized part of SLiQ was used to determine the unsteady flow in the rotor due to the 
1st harmonic of non-uniform flow in the nozzle. At the speed used for the steady flow condition the 
implied forcing frequencies are 4408 Hz for 36 EO and 4898 Hz 40 EO. The incoming 'wake' was first 
evaluated due to the combined potential and vortical field.  
 
The unsteady results can be shown in the form of raw real and imaginary parts, or amplitude and 
phase, or plotted over a number of blade passages, and animated in time. The unsteady results for 
several snapshots in time are shown in Figure 27 (a) - (d). Here the static pressure is plotted, as this 
is what ultimately forces the structure. These contours clearly show the wavelength of non-uniformity 
from the nozzle being about 2.5 times the rotor pitch (Note: stator-rotor ratio is 36:92 = 1:2.56).  
 
In general the unsteadiness caused by the 40-off NGV is similar to that produced by the 36-off NGV, 
except that the magnitude of the unsteadiness is slightly less. The main difference comes from the 
“shaped” wake which causes a phase difference in unsteadiness between each spanwise position, 
i.e. energy is transferred into the structure at certain spanwise positions and extracted at others. 
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Figure 27 - Snapshots of Instantaneous Static Pressure – 36-off NGV, Mid Span. 

 
 

The effect of the unsteady pressure on the structure may be obtained by calculating the modal force 
for vibration modes of interest. This is an integration of the unsteady pressure multiplied by the area 
normal vector dotted with the mode shape vector over the blade surface. The results for the 36 off 
and 40 off forcing for the combined distortion on the 1T and 2F modes are shown below in Table 7. 
The results shown are produced directly from SLiQ, where the mode shapes are interpolated onto the 
CFD mesh. However, the modal force was found to be approximately 15% lower when the calculated 
pressures are interpolated onto the structure. This is principally due to the contribution of the 
additional areas of blade platform and shroud to the modal force and is therefore more accurate. The 
forcing calculations have therefore been performed by interpolating the flow unsteady pressures onto 
the structure.  
 

 
Forcing 1T Modal Force 

[N/√Kg]7 
2F Modal Force 

[N/√Kg] 
36 EO 58.8 93.2 

40 EO 41.8 73.0 
       Table 7 - Combined Wake Modal Forces (Mode shapes interpolated into SLiQ mesh) 
 
It can be seen that the forcing for both 1T/40EO and 2F/40EO modes are reduced by about 25% 
compared to the 36EO forcing. This shows that the phase change introduced by the “wake shaping” 
does indeed reduce vibration excitation, because the more curved wake for the 40-off NGV design 
produces a radial phase distribution. The results in Table 7 ignore the difference in the resonant 
speed, which with the 40-off NGV would be approximately 10% lower than speed of the resonances 
caused by 36EO (depending on non-linearity).  

 
The calculated modal forces can provide a useful initial linear assessment of the strength of the 
forcing and can be used to calculate vibration response given an assumed level of damping. 
However, the unsteady pressures need to be interpolated onto the rotor aerofoil surface to provide an 
excitation level for the non-linear transient assessments which follow.  

                                                      

7 These units assume that the mode shape is mass normalised and has units of 1/√Mass. 
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6.1.4 Structural Dynamic Results 

Model Reduction 

The FE model has been reduced using Craig-Bampton reduction with master nodes at the damper 
element locations and 40 additional Craig-Bampton vectors. The reduced model takes into account 
all of the features of the full model including temperature, restraints, material properties etc. Table 8 
shows the frequency of the full model, the reduced model, frequency and mode shape error. Both the 
frequency error and the mode shape error are extremely small for the modes of interest. 
  

Mode 
# 

Mode 
Ident 

Full Model 
Frequency [Hz] 

Reduced Model 
Frequency [Hz] 

Error 
[%] 

1-MAC 
[%] 

1 1F 1031.0 1030.9 0.00% 0.000% 
2 1E 2213.8 2213.8 0.00% 0.000% 
3 1T 5038.9 5039.0 0.00% 0.000% 
4 2F 5087.9 5088.0 0.00% 0.000% 
5 2E 9000.5 9001.3 0.01% 0.000% 
6 3F 10277.0 10279.0 0.02% 0.001% 

Table 8 - Reduced FE Model Vibration Modes 
 
 

Simulation of Engine Acceleration 

The non-linear dynamics method described in Section 5.4 was used to calculate the response of the 
structure subject to the forces calculated above. The program offers two calculation approaches: a 
frequency domain harmonic balance method and a time domain method, and both of these 
approaches have been investigated. 
 
The first step is to reduce the pressures to provide a set of forces consistent with the reduced model, 
each having its own amplitude and phase (see Section 5.3). It has already been shown in Paper #1 
that the pressure distribution can be scaled based on stage inlet pressure. The frequency and force 
scale factor are applied within the non-linear dynamics method to allow modelling the engine 
acceleration. 
 
In the harmonic balance method the frequency is specified as an analysis constraint so the force 
scale factor must be specified as a function of excitation frequency. Table 9 shows the relationship 
between shaft speed, force scale factor and excitation frequency for both NGV types. 
 
In the time domain, the frequency is prescribed for the excitation force only and the blade responds 
accordingly. The simulation mimics an engine acceleration from 40% to 100% in 6 seconds. This is 
much faster than a real engine test but provides faster analysis times and smaller results files. Ewins 
[55] defines an “optimum” for experimental frequency sweeps based on the resonant frequency, 
fr,and damping, ζr: 
 

sweep rate   <     22216 rrf ς××  Hz/min,  i.e.    

2

9.0 







×

r

r

Q

f
 Hz/sec 

 
Assuming a frequency of 5100 Hz and Q=200 as a worst case, then the formula defines an optimum 
sweep rate of 585 Hz/sec which is equivalent to 3510 Hz in 6 seconds. Table 9 shows the 
relationship between time, excitation frequency and pressure scale factor. The fastest sweep is 4200 
Hz in 6 seconds which is slightly too fast but is acceptable for the higher frequency and heavier 
damping of the damped blade. Table 9 defines the relationship between time, shaft speed, frequency 
and pressure scale factor which includes the effect of speed variation and the altitude-to-ground 
correction based on the results from Paper #1. 
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Time Speed Speed Excitation Frequency Pressure 
 [s]  [%]  [rpm] 36EO [Hz] 40EO [Hz] Scale 
0.0 40 4244 2546.6 2829.6 0.63 

1.0 50 5306 3183.3 3537.0 0.63 

2.0 60 6367 3820.0 4244.4 0.66 

3.0 70 7428 4456.6 4951.8 1.21 

4.0 80 8489 5093.3 5659.2 2.63 

5.0 90 9550 5729.9 6366.6 5.35 

6.0 100 10611 6366.6 7074.0 9.71 

Table 9 - Parameters to Simulate an Acceleration 
 
  
During the calculation process the Harmonic Balance method typically took a few minutes on a 
modern workstation, and the Time Marching method took several hours on the same machine. These 
two approaches produce broadly equivalent results except when there is significant non-linearity. In 
such cases, a multi-harmonic balance approach would improve the quality of the results. 

 
Figure 28 shows the resultant displacement at the shroud trailing edge corner for the case with 36-off 
NGV without a friction damper. Both analysis types are shown; the Harmonic Balance results show 
the response envelope against frequency, whereas the time domain results show the instantaneous 
displacement against time. In general there is good agreement between the time domain method and 
the harmonic balance method; the prominent peak is the 1T mode at 5039 Hz and a hint of the 2F 
mode can be seen at 5088 Hz. There is evidence of the high frequency sweep rate in the time 
domain because the 1T resonance appears to occur at a slightly higher frequency and the amplitude 
is marginally (<1%) lower.  
 
Figure 29 shows the effect of adding the friction damper. The non-linear damped results show one 
sharp resonant peak, 1T, which is only slightly affected by the damper and a second broader peak, 
2F, which has changed frequency significantly. The frequency domain and the time domain results 
differ in the region of the 2F mode because only the first harmonic is considered in the harmonic 
balance analysis.  
 

Possible Hysteresis Effects 

Figure 29 shows that the friction damper has a significant effect on the 2F mode. In general, damping 
is added and the resonant frequency is increased, but the extent of these effects depends on the how 
much the damper slips at the contact surfaces. If the damper load was sufficient to prevent slip then 
the frequency increase would be a maximum, but as the vibration amplitude increases then sliding 
starts to occur and the effect on frequency is reduced. Such a system, where the resonant frequency 
reduces as amplitude increases is known as a softening system and can exhibit a hysteresis effects.  
 
Figure 30 shows the frequency response of a softening system (solid black line). At frequency, f, 
there is no unique value of response: there are three possible solutions and the amplitude of 
response would depend on whether it was approached from a higher or lower frequency. The dashed 
red and blue lines show the response to an engine acceleration and deceleration respectively. Both 
response curves have step changes in response, but the deceleration produces higher amplitude.   
 
The 2F mode for the current case shows some features of a softening system: the resonant peak for 
the mode is steep on the low frequency side and less steep on the high frequency side. However, no  
“jumps” in amplitude have been observed and time domain analyses have been used to model 
engine decelerations to confirm that there is no hysteresis. 
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Figure 28 - Blade Response, 36EO, Inherent Damping Only 
 
 
 
 

 
Figure 29 - Blade Response, 36EO, Friction + Inherent Damping  

1T mode 

2T mode. 
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Figure 30 - Hysteresis Effect for a Softening System 
 
 
 

Overall Response Results 

The resonance frequencies and amplitudes for Test Case have been summarised in Table 11 (no 
damper) and Table 12 (with friction damper). Also shown in the tables are the results from engine 
strain gauge tests. The measured results are taken from a number of strain gauged blades (typically 
10% of the blades are gauged); both mean and maximum of the measurements are quoted to give an 
impression of the level of scatter.  
 
The prediction is for an assembly in which all blades are identical (i.e. tuned) and these may be 
compared to the measured mean amplitudes. However, the mean response of a mistuned assembly 
is usually lower than the equivalent tuned system. Mistuning analyses have been performed using 
the method of Kielb, known as MISER [79] to calculate the ratio between the tuned prediction and the 
equivalent mistuned system. Table 10 provides a summary of the results from the assessment of 
1000 random mistuned assemblies and shows that the mean of the mistuned assembly is lower than 
the predicted tuned response by approximately 20% of the 1T mode and 10% for the 2F mode. 
These results are in agreement with the equivalent results reported by Petrov [80] for a very similar 
test case.  
 

  1T Mode 2F Mode 

Maximum 1.86 1.54 Ratio of maximum mistuned 
response to tuned response  Median 1.40 1.34 

Mean  0.82 0.91 Ratio of mean blade 
response to tuned response Median 0.82 0.91 

Table 10 - Relationship between Tuned and Mistuned System Response 
 
These factors have not been used to adjust the tuned predictions because they address the effect of 
frequency mistuning only and assume that the system is linear and therefore may not be valid for all 
cases. However, the results do give an indication of the effect of mistuning and the expected 
relationship between the mean and the maximum of the measurements. It should also be noted that 
a small subset (~10%) of blades have been strain gauged and therefore the most appropriate 
comparison is with the mean of the measured responses.  
 
 
 

Frequency 

Amplitude 

Resonant amplitude appears 
to be different for acceleration 
and deceleration 

deceleration 

acceleration 

f 
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Resonant Response 1T 2F 
  Frequency 

(Hz) 
Amplitude 
(mm)(0-pk) 

Frequency 
(Hz) 

Amplitude 
(mm)(0-pk) 

36-off Harmonic Balance 5040 0.150 5089 0.068 
 Time March 5053 0.148 5110 0.070 
      
 Measured Mean 4935 0.140 4825 0.060 
 Measured Maximum  0.199  0.064 
      

40-off Harmonic Balance 5041 0.073 5092 0.034 
 Time March 5053 0.074 5103 0.030 
      
 Measured Mean 4981 0.055 5011 0.021 
 Measured Maximum  0.085  0.026 
      

Table 11 – Comparison of Prediction against Engine Strain Gauge Test (no damper) 
 
 
Resonant Response 1T 2F 

  Frequency 
(Hz) 

Amplitude 
(mm)(0-pk) 

Frequency 
(Hz) 

Amplitude 
(mm)(0-pk) 

36-off Harmonic Balance 5093 0.121 5599 0.035 
 Time March 5095 0.117 5530 0.038 
      
 Measured Mean 4900 0.045 5305 0.020 
 Measured Maximum  0.067  0.026 
      

40-off Harmonic Balance 5093 0.046 5734 0.022 
 Time March 5095 0.044 5610 0.024 
      
 Measured Mean 4974 0.024 - - 
 Measured Maximum  0.033  - 
      

Table 12 - Comparison of Prediction against Engine Strain Gauge Test (with friction damper) 
 
 
The results of the analysis with no friction damper (Table 11) show a good correlation with the 
measured results. This degree of correlation is surprisingly good considering the damping level was 
based on static laboratory measurements, the proximity of the 2 modes and all the issues associated 
with the measured results. Nevertheless, this provides confidence in the overall prediction system. 
 
The results with the friction damper included in the analysis (Table 12) show that the analysis tends 
to over-predict the response by approximately a factor of 2. The table shows two interesting and 
important features. Firstly, the frequency of the 2F mode is different for each excitation source, 
highlighting the non-linearity of the friction damper and the importance of using the correct force level. 
The 36off NGV produces stronger forcing which causes the damper to slide more, leading to a 
reduction effective stiffness and hence a reduction in resonant frequency. Note that the predicted 
frequency increase is very similar to the measured increase. The second feature of the results is a 
corollary of the first; the frequency of the 1T mode is unaffected by the excitation source and 
therefore the damper is not slipping at all. 
 
At this point is it useful to use the z-shot style of data presentation introduced in Section 5.5.1. Figure 
31 shows the response of a point on the blade to which one of the damper elements is attached. The 
main figure (top-left) clearly shows the excitation as a red line whose frequency increase with time. 
Also evident at a very low level are the first four modes of vibration as horizontal lines at 1200 Hz, 
2500 Hz, 5000 Hz and 5700 Hz. The chart shows several other lines in a vertical band between 4.5 
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seconds and 5.5 seconds. These are harmonics of the response which are aliased8 into the 
frequency range and indicate that the damper is slipping in the region of the 2F mode. Note that there 
are no higher harmonics in the region of the 1T resonance, confirming that the damper is not slipping. 
 

 
Figure 31 - Predicted Response - Time Domain (z-shot format) 
 
The predicted result can be compared qualitatively with the engine strain gauge data plotted using 
the same z-shot format; Figure 32(a) shows the response of a gauge that is most sensitive to 1T, and 
Figure 32(b) shows a gauge which is sensitive to 2F. Both prediction and measurement show that the 
frequency of the 2F mode increases with time due to the effect of the damper. As the rotation speed 
increases, the damper CF load increases and tends to lock up the platform until it approaches the 
resonance, at which point the damper starts to slip and this makes the frequency suddenly drop. 
 

                                                      

8 Anti-aliasing filters have not been used in this analysis to demonstrate the presence of the higher harmonics in the response. 
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(a) Strain gauge sensitive to 1T mode  

 
(b) Strain gauge sensitive to 2F mode. 

Figure 32 - Typical Measured Blade Response (z-shot format) 
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6.1.5 Effect of Damper Parameters 

The predicted results described in the previous section clearly show many of the main features of the 
measured data and demonstrate the important aspects of the coupling between the frequency, 
amplitude & shaft speed. However, the error in amplitude is a little disappointing and it is slightly 
surprising that there is no slip at the 1T resonance. The damper is modelling many aspects of the 
physics correctly but it is still rather idealised. Firstly there is the kinematics of the damper model 
which assumes that the damper has no inertia and that the damper faces are in perfect contact with 
the blade platforms. In reality the normal load on the damper face would vary during the vibration 
cycle and at some points during the cycle the damper would be able to slip. Secondly, the dampers 
tend to have a rather uneven contact load and some microslip would occur. Thirdly, misalignment of 
the damper or adverse tolerances can make the damper tend to rotate (rock) instead of sliding. All of 
these factors would tend to reduce the friction load and possibly change the damper stiffness. 
 
To explore the effect of reducing the friction force and altering the contact stiffness a sensitivity study 
was performed. The effects were represented in the model by changes in friction coefficient and 
damper stiffness. Figure 33 and Figure 34 show the powerful effect of damper parameters on the 
frequency and amplitude of the 2F mode excited by 36EO. Graphs for the 1T mode were also 
produced, showing regions where slip would and would not occur. 
 
If the factors which tend to increase the damper sliding are represented by a reduction in friction 
coefficient to a value of 0.15 then the correlation with the measured result improves significantly (see 
Table 13). It is not proposed that this be adopted as a correction factor, but it demonstrates the need 
for an improved damper model which can capture more of the physical behaviour. 
 
 

Resonant Response 1T 2F 
  Frequency 

(Hz) 
Amplitude 
(mm)(0-pk) 

Frequency 
(Hz) 

Amplitude 
(mm)(0-pk) 

36-off Harmonic Balance 5072 0.065 5398 0.017 
 Time March 5078 0.071 5390 0.017 
      
 Measured Mean 4900 0.045 5305 0.020 
 Measured Maximum  0.066  0.026 
      

40-off Harmonic Balance 5083 0.032 5491 0.011 
 Time March 5087 0.036 5452 0.012 
      
 Measured Mean 4974 0.024 - - 
 Measured Maximum  0.033  - 
      

Table 13 – Predicted Response with Modified Friction Damper Properties (µµµµ=0.15) 
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Figure 33 - Effect of Damper Parameters on Frequency of 2F mode 
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Figure 34 - Effect of damper parameters on amplitude of 2F mode 
 
 
 



Controlling Forced Response of a High Pressure Turbine Blade Page 69 

6.1.6 Effect of Damper on Blade Mode Shapes 

The action of the under-platform damper adds both stiffness and damping to the blade and therefore 
the mode shapes are affected. Using a more strict definition, the analyses produce an Operating 
Deflection Shape (ODS) which is the total combined response and may include the contribution of 
many modes. Figure 35 shows an example of the time history of resultant displacement for the 2F 
mode subject to excitation from 36 nozzle guide vanes. This particular case is from an analysis in 
which the under-platform damper was included so that the 1T and 2F modes are well separated. The 
figures shows that the node line rotates due to the resonant response of the 2F mode and the off 
resonant response of the 1T mode which has a 90º phase difference. Clearly the total motion at the 
damper location is complicated and is not just the contribution of a single mode.  
 
The added stiffness of the damper also has an impact on the stress distribution. Figure 36(a) & (b) 
show contours of the worst principal stress for a 2F mode shape from a standard finite element 
analysis and compares the damped 2F mode from the coupled analysis. The contours are broadly 
similar but show differences which require further investigation. 
 
To quantify the effect of the mode shape changes, three typical gauge positions are shown in Figure 
36(c); gauges 1 and 2 are sensitive to the 2F mode and gauge 3 is sensitive to the 1T mode. Table 
14 shows the effect of the damper by comparing the ratio of stress at each gauge [Mpa] to the tip 
amplitude [mm]. The figures highlighted in bold show which gauges are sensitive to each mode. The 
table shows that for the 1T mode, Gauge 3 is insensitive to whether the damper is included in the 
model, giving only 3.6% difference in gauge sensitivity. The other gauges which are nearer to the 
platform are much more affected. For the 2F mode Gauge 1 increases by 12% and Gauge 2 reduces 
by 30% when the damper is added. This result is somewhat expected because the damper reduces 
the displacement at the platform so the stress below the platform should be reduced, so more 
deflection occurs between the platform and the tip, giving increase stress in that region.   

 
 

 
Gauge Sensitivity 

[Mpa/mm] 

 

Gauge 
Position 

1T Mode 2F Mode 

  1 579 779 

Undamped 2 156 394 

  3 731 354 
  1 348 876 

Damped  2 62 277 

  3 705 265 
Table 14 - Effect of damper on strain gauge sensitivity (36EO excitation) 
 
 
The change in stress distribution caused by the damper needs to be accounted for during the 
interpretation of the measured data, because the ratio of gauge signal to tip amplitude will be 
affected, as well as magnitude (and possibly location) of the peak stress. Ideally the prediction using 
the new methodology would be compared to engine measurements based on the stress (or strain) at 
the gauge locations, but this data was not available during the present work. The majority of 
comparisons to measured data have therefore been made using tip deflections with an associated 
error.  
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Figure 35 - Time history of deflection for 2F mode (with damper, 36EO excitation) 
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Figure 36 - Comparison of worst principal stress for 2F mode 
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6.2   Test Case 2 
The purpose of the Test Case 2 is to investigate the effect of changes in natural frequency and mode 
shape on blade response. Paper #2 describes the main details of Test Case 2 but a short summary is 
given in this section to provide a comparison with Test Case 1. 

6.2.1 Description of Test Case 2 

Test case 2 has an identical NGV and identical external aerodynamic profile as Test Case 1, and yet 
the strain gauge test showed a significant reduction in measured vibration amplitude (note that 
measured data is not available for the case without the damper ) 
 
The most significant change between Test Case 1 and Test Case 2 is the blade material. Test Case 
1 is manufactured using the Directional Solidification process giving orthogonal material properties in 
which the modulus in the radial direction is different to the modulus in the other directions. Test Case 
2 is made from a single crystal of CMSX-4 which may be described as iso-orthogonal in which the 
three principal directions are of equal value. The change in material has a powerful effect on the 
natural frequency and mode shape of the blade: the natural frequency of the 1T mode is reduced 
from 5000 Hz to approximately 3600 Hz and the mode shape is also affected. 
 
In the mechanical design of the blade there is one other relevant difference in the design: the damper 
is inclined instead of horizontal. The effect of this is to move the damper radially outwards at the rear 
and changing the axial distribution of damper mass. The distribution of damper load between each of 
the elements was calculated by restraining the damper at the three damper element locations, 
spinning the damper in the finite element analysis and extracting the reaction forces at each restraint. 
The calculated load distribution was 30%, 20%, 50% for the front, middle and rear positions 
respectively. 
 
 

6.2.2  Analysis of Test Case 2 

Paper #2 provides a detailed comparison of the predicted responses against measurements from two 
separate tests. It is useful to have two tests of the same nominal hardware because it provides a 
measure of the experimental scatter. The test results for the 2F mode are very repeatable: the mean 
response differs by 7%. The prediction for the 2F mode is 20% lower than the measured, which is 
considered to be good. However, the 1T mode shows almost a factor of two between the mean 
values from the two tests (a possible explanation for this is given in section 7.2) and the prediction is 
at the top end of the measured range. The prediction also performs well in terms of the frequency 
shift introduced by the damper: both 1T and 2F modes are within 2%, which is considered to be 
good. 
 
Table 15 compares the amplitude, frequency and pressure scale factor from Test Case 1 with these 
new predicted results from Test Case 2. The amplitude reduction for the undamped cases is caused 
by two separate factors. The first of these is the change in the pressures scale factor which has been 
interpolated to the resonant condition using the data from Table 9. For the first torsion mode, Test 
Case 2 has a significantly lower 1T frequency and therefore the pressure scale factor is reduced by a 
factor of 2.23 (=1.413/0.633). The total amplitude reduction for the 1T mode is a factor of 6.17 
(=0.074/0.012) which shows that the change in mode shape causes contributes a factor of 2.77 
(=6.17/2.23).  
 
Table 15  also shows that the changes in material properties affects the 2F mode much less than the 
1T mode; the frequency is less affected and the amplitude reduction is much more in proportion to 
the change of the pressure scale factor.    
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  Mode 1T Mode 2F 

  undamped damped undamped damped 

Test Amplitude [mm 0-pk] 0.074 0.044 0.030 0.024 

Case 1 Frequency [Hz] 5053 5095 5103 5610 

  Pressure Scale 1.413 1.487 1.514 2.531 

Test Amplitude [mm 0-pk] 0.012 0.01 0.017 0.008 

Case 2 Frequency [Hz] 3608 3686 4766 5536 

  Pressure Scale 0.633 0.636 1.066 2.383 

Table 15 - Comparison of Results from Test Cases 1 & 2 
 
The analyses which contain an under-platform damper include the non-linear behaviour of the 
damper and the coupling between resonant frequency and operating condition which was identified in 
Chapter 4. For the 1T mode the amplitude reduction caused by the damper is much larger in Test 
Case 1 where the damper is working well, but Test Case 2 the amplitude reduction is smaller which 
shows that the damper is just slipping because it too heavy to damp at these low amplitudes. 
Conversely for the 2F mode the damper performs better for Test Case 2. Part of the reason for this is 
that the damper position has been moved further up the blade giving approximately 15% more 
displacement for a given blade amplitude and there is more mass acting at this increased height. 
These two factor cause an increased frequency shift and increased damper effectiveness. 
 
 

 
Figure 37- Z-shot for Single Crystal blade showing coupling 
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The increased damper effectiveness in the 2F mode provides the opportunity to highlight the effect of 
coupling between the modes and the usefulness of the developed post-processing methods. Figure 
37 shows that the damper slips in the region of the 1T mode and the 2F mode (indicated by the 
extent of the aliased higher harmonics). As the damper slips then its effective stiffness is reduced and 
the frequency of all modes can be affected; there is an obvious “dip” in frequency in the first few 
modes due to both the 1T and 2F resonances. This highlights that superposition does not apply for 
nonlinear system and therefore the behaviour of modes of interest may be affected by damper 
slipping due to resonances which are away from the modes of interest. An example of this might be a 
change in the 2F frequency caused by low engine order forcing (say 2-10 engine order) exciting the 
1F mode. The analysis approach developed can easily include excitation from several sources 
(engine orders) so that the interaction between modes can be accounted, but calculating the 
pressure perturbation for low engine order excitation is very difficult because in turbines it is cause by 
manufacturing variability and is therefore somewhat random in nature (Bréard et al [26]).  
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6.3 Test Case 3 
Test Case 2 showed that a change in material can have a powerful effect on vibration response of a 
turbine rotor. The purpose of Test Case 3 is to explore the potential to optimise the orientation of the 
single crystal blade material to minimise vibration amplitude. It is a theoretical study because no test 
data exists for this case. Paper #3 describes the main details but a short summary and discussion is 
given below to highlight the key points. 
 

6.3.1 Description of Test Case 3 

Table 3 at the beginning of Chapter 6 shows that Test Case 3 has an identical NGV and external 
aerodynamic profile as the previous test cases. Test Case 3 also has identical mechanical design to 
Test Case 1 except that the material is a single crystal whose orientation may be controlled. The 
crystal angles may be specified directly as part of the material definition in the FE analysis. 
 
The manufacturing process of single crystal turbine blades allows the crystal angle to be selected as 
design parameter [81]. Other design constraints such as the creep behaviour have a large influence 
over the primary crystal angle9, but there is scope for adjusting the secondary orientation angles to 
tune the blade mode shapes.  
 

6.3.2 Analysis of Test Case 3 

The primary crystal angle has a very strong effect on the natural frequency of the modes of interest. 
By changing the crystal angle from radially aligned (θ=0) to an inclination of 22º the 1T mode reduces 
in frequency by about 14% on average and the 2F mode increases by about 7% giving a direct 
scaling of unsteady pressures by 0.52 and 1.43 respectively (See Table 1 of Paper #3). Clearly the 
crystal angle can be used to alter the Campbell diagram to reduce the forcing on certain modes but at 
the expense of others.  
 
The secondary crystal angle has a significant effect on blade mode shapes, which can be easily seen 
by the angle of the node line in both the 1T and 2F modes (see Figure 7 of Paper #3). The change in 
mode shape leads to changes in two subsequent effects: modal force and damper effectiveness. 
 
The effects of mode shape on modal force are highlighted by a factor of 7.6 between the highest and 
lowest response for the undamped 1T mode and 2.3 for the undamped 2F mode. If the unsteady 
pressure distribution can be thought of as a single force acting at a ‘centre of unsteady pressure’ and 
this was near the node line of the 1T mode, then small changes in the position of the node line would 
result in a significant change in modal force and hence the observed sensitivity. The effect of mode 
shape on damper effectiveness is expected from inspection of the amplitude of the linear mode 
shapes at the damper contact points. For certain crystal angles the motion is predominantly near the 
front of the blade with the node line close to the rear of the blade and for other crystal angle the 
opposite is true.  
 
Analyses which include the under-platform damper show that the predicted frequency shift is similar 
to previous cases (+3% for 1T, +16% for 2F), but the effect on the amplitude is rather more marked. 
For the 2F mode the damper gives amplitude reductions in the range 33% to 63% but for the 1T 
mode the variation is from an amplitude increase of 43% to a reduction of 66% depending on the 
particular crystal angle. The crystal angles which produce the highest levels of response for the 
undamped cases also offer the best amplitude reduction, because the dampers are generally 
designed to be heavier than optimum so they become more effective as the vibration amplitude 
increase.  
 

                                                      

9 The crystal orientation may be defined by 3 angles. The primary angle, θ, is the angle of the <001> axis to the radial which defines a cone 
of possible orientations. The secondary axis, ω, is the angle compared to engine centre line which defines a line on the cone. The third, κ, 
defines the orientation of the crystal about that line.   
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Clearly the crystal angle has a very powerful effect on vibration amplitude due to changes in 
frequency, modal force and dampability. Design optimisation needs to include all these effects and is 
only possible by including the new coupling mechanism identified in this thesis. 
 

6.4 Summary of Chapter 6 
This chapter has described three test cases; Test Case 1 is covered in detail within the body of the 
chapter, Test Case 2 is covered in detail in Paper #2 and Test Case 3 is described in Paper #3.  
 
Test Case 1 provided a means to investigate the excitation from 2 NGV designs on the same blade 
through analysis and comparison to measured strain gauge results. The calculation of the excitation 
requires particular attention to the transfer of the distortion from the NGV row into the blade row.  The 
comparison of the NGV types showed that the distortion from an NGV can be “shaped” to reduce 
vibration response. Indeed, the higher number of NGVs reduced the strength and increase decay 
rate of the flow distortion and reduced the pressure at resonance because of the reduction in the 
speed of the resonance. The novel pressure scaling approach was successfully used to provide 
blade unsteady pressures for a wide speed range based on a single calculation for each NGV type, 
although this may only be true for the HP turbine.  
 
Test Case 1 also provided a comparison of the same blade with and without an under-platform 
damper using the experimental test results and the developed methodology. Two approaches for 
modelling the engine acceleration were investigated and found to be equivalent in the linear region 
but showed some differences in the region of high non-linearity. The agreement between these 
approaches could be improved by the use of a harmonic balance approach using multiple harmonics. 
Both approaches capture the main features of the behaviour of the turbine such as the drop in 
frequency as the damper starts to slip. The novel use of a time domain results analysis method using 
the “z-shot” format has significantly added to the understanding.  
 
Overall the results showed reasonable correlation between predicted and measured amplitudes. The 
predicted results were a factor of two lower than the measurements, but this could be improved by a 
changing the damper parameters.  
 
Test Case 2 showed the effect of changing the blade design only. Both the blade and NGV aerofoils 
were aerodynamically identical to Test Case 1, but the blade material was changed to a single crystal 
which significantly changed the blade frequencies and mode shapes. The predictions agreed well 
with the engine strain gauges results, particularly in terms of frequency shift. Indeed both predictions 
and experiment showed that frequency shift caused by the damper could be used to push certain 
modes out of the engine running range. The analysis also showed that the change of material had a 
beneficial effect on response.  
 
Test Case 2 also showed that the model could capture the interaction between vibration modes. The 
frequency of a mode reduces when another mode is at resonance. As the damper starts to slip at the 
resonance of one mode then the effective stiffness of the damper is reduced for the whole system 
and therefore all other modes are affected. The developed methodology allows including excitation at 
any frequencies simultaneously, but calculation of the source of low engine order excitation is still in 
its infancy.  
 
Test Case 3 showed that the crystal orientation of a single crystal material could be used to minimise 
response but that the effect of frequency, operating conditions, mode shapes and damper 
effectiveness need to be considered. The 1T mode showed a 7:1 ratio in response between the best 
and worst crystal angle when undamped, but this reduced to 3:1 when the effects of the under-
platform dampers were included in the analysis. 
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7 DISCUSSION OF RESONANCE TRACKING APPROACH. 
 
The Resonance Tracking methodology (Approach #2) is described in detail in Paper #4.  The 
purpose of this chapter is to give a summary of this new method and to highlight important findings in 
terms of the methodology and the results of the test case. Test Case 2 has been studied to allow a 
direct comparison of the Resonance Tracking approach against the Engine Acceleration approach. 
 

7.1 Overview of Methodology 
 The Resonance Tracking methodology uses a two stage approach.  
 
In the first stage the operating conditions are assumed and the modal force is calculated. The flow 
behaviour is calculated using a fully coupled, 3D, Navier-Stokes, 2-blade-row approach in which the 
two blade-rows move relative to each other. The flow distortion is transferred from the NGV to the 
rotor region by means of a sliding plane. The solution is progressed in a time accurate fashion until 
the calculated modal force becomes periodic. 
 
In the second stage, the modal force is applied to a non-linear model of the rotor which includes the 
under-platform damper. The frequency response of the non-linear system is calculated, from which 
the damped resonant frequency can be obtained and used to update the assumed operating 
conditions. These steps are repeated until the resonant frequency and amplitude converge.   
  
The main advantages of the method are the accurate modelling of the flow by means of a coupled 
stage calculation and the iterative procedure which ensures that the final solution uses the flow 
behaviour at the resonance. The main disadvantage is the time required to perform the analyses. 
 

7.2 Comparison Against Engine Acceleration Approach 
The Resonance Tracking method has been used calculate the response of Test Case 2 and the 
results are described in Paper #4.  
 
A comparison of these results with those from the Engine Acceleration method is shown in Table 16. 
The table also shows that both approaches compare well with the mean of the measured amplitudes.  
 
 

 Shroud Amplitude [mm 0-pk] 

  1T/40EO 2F/40EO 

Test_A Maximum measured 0.0064 0.0184 

 Mean 0.0056 0.0099 

Test_B Maximum 0.012 0.0185 

 Mean 0.0099 0.0106 

Engine Acceleration Method 0.0096 0.0083 

Resonance Tracking Method 0.0100 0.0100 

Table 16 - Comparison of predicted and measured amplitudes for Test Case 2 (with under-
platform damper) 
 
Despite the added complexity and fidelity of the Resonance Tracking approach, it does not seem to 
offer a significant advantage over the Engine Acceleration method for this test case.  
 
The Resonance Tracking approach converges very quickly because of the similarity of the flow. The 
2F mode takes only 2 iterations to reach convergence despite a frequency shift of approximately 
20%. It is interesting to note that the 1T mode requires 3 iterations to converge despite the frequency 
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shift being just 3%. Study of the time history of modal force reveals that it is more sensitive to 
operating condition than the 2F mode; a finding which is somewhat in agreement with the results of 
Paper #1. Table 4 of Paper #1 showed that the 1T mode is most sensitive to changes in speed, 
particularly at the lower end of the speed range. If the “centre of unsteady pressure” acts near the 
node line of the 1T mode, then it would be particularly sensitive to small changes in distribution. For 
example “centre of unsteady pressure” acts 1mm from the node line of the 1T mode, then a 
perturbation of 1mm could double the unsteady moment or reduce it to zero.  
 
The sensitivity of the 1T mode has already been observed for different crystal angles in Test Case 3 
and possibly offers an explanation of the variability in the response of the 1T mode between the two 
experiments shown in Table 16. The 2F mode is much less sensitive to pressure scaling and mode 
shape changes and again the experimental results from Table 16 show much more consistency 
between the two experiments. 
 
 

7.3 Conclusion 
Results from the Resonance Tracking approach are in good agreement with the experimental results. 
The approach did not offer a significant advantage over the Engine Acceleration method for this test 
case, but it should provide a significant improvement for a more difficult case. Indeed the approach 
would be applicable to compressors in which the flow distribution is highly dependant on speed. 
 
The approach has provided a useful insight into the aerodynamic behaviour of the stage and provides 
a possible explanation for the variability of the 1T mode response between two nominally identical 
tests.  
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8 DISCUSSION OF AMPLITUDE REDUCTION STRATEGIES 
 
The previous chapters describe the methodology, an example implementation of the methodology 
and show some of the features of the behaviour of a damped HP turbine blade. The purpose of this 
chapter is to discuss methods for reducing the blade vibration level.  
 
Broadly, the vibration amplitude can be reduced by addressing: 

(a) The excitation pressures, by means of NGV aerodynamic design, blade design, or some 
other means of reducing the load such as stator clocking.  

(b) The interacton of fluid and structure, by means of tuning the phase of the excitation to 
minimise response or by adjusting the mode shape via geometry or material changes. 

(c) The level of damping, by optimisation of damper mass, position and shape, or by using 
other forms of damping (active or passive). 

 
The following sections give a brief overview of the design aspects that have been explored during the 
present work to control the response of the HP turbine blade.  
 

8.1 Damper Optimisation 
At the simplest level, a design system can be used repeatedly with a range of damper masses to 
produce a relationship between damper mass and vibration amplitude for a given vibration mode. 
Indeed this approach has been used as part of the current work, but the difficulty is then choosing an 
appropriate mass which gives the best overall benefit taking into account all the modes of concern. 
The technical challenge is to choose a damper mass which is relatively insensitive to analysis errors 
or engine-to-engine variability. The best damper mass is not necessarily the value which produces 
the minimum amplitude because it is well known that its performance reduces with an increased level 
of excitation (Csaba [62]). It is better to opt for a heavier damper because its performance will 
improve if the excitation increases and for a real mistuned assembly the blades with the highest 
response will attract the highest level of damping. 
 
It is also known that the damper can significantly increase the blade frequency. The validation of the 
method using the previous test cases has shown that the calculated frequency increase is accurate 
and robust. The damper can therefore be reliably used to change the Campbell diagram to the 
advantage of the designer in two ways. Firstly, certain modes that would normally be excited around 
top speed can be effectively pushed out of the engine running range which is the best way to ensure 
that the mode will not produce high stress. Secondly, the damper can provide increased frequency 
separation between modes which are close in frequency. Where 2 modes have poor frequency 
separation the mode shapes become rather sensitive to small manufacturing variability so designers 
would typically have a design rule for frequency separation. The stiffness introduced by the damper 
affects different modes by different degrees so a pair of modes with just a few percent of frequency 
separation may be acceptable because they become well separated once the damper becomes 
effective. This feature was demonstrated for the 1T and 2F modes in Test Case 1. Without the 
damper the frequency separation was approximately 1% but this increased to more than 10% when 
the damper was inserted.  
 
The geometry of the damper can also be used to reduce vibration by changing the blade mode 
shape. In Test Case 2 the damper is more heavily loaded at the rear. The load distribution can 
change the shape of the mode and it can be particularly obvious for the first torsion (1T) mode where 
the node line tends to be pulled rearwards by the damper. If the unsteady aerodynamic loading can 
be considered as a time varying centre of pressure then it is obvious that the relationship between 
this centre of pressure and the position of the node line can have a powerful effect on vibration 
amplitude.  
 
A corollary of this finding is that other features which can add stiffness or damping to the blade must 
also be assessed. Typically a turbine blade is held in position using some sort of lockplate or 
coverplate, which may change the mode shape and damper effectiveness. This has been assessed 
during the present work for the HP Turbines studied and has shown little effect on the overall 
behaviour. 
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Other damping methods have been described in the literature, such as tip dampers, lacing wires, 
ceramic coatings, internal dampers and tuned impact dampers and are equally useful in controlling 
vibration. In general these have a non-linear behaviour and the coupling mechanism identified in 
Chapter 4 would be required. 
 

8.2 Wake Shaping 
The nozzle guide vane stack can be adjusted to reduce the level of excitation without a significant 
impact on aerodynamic performance. A change to the stack would have only a minor effect on the 
potential field, but would have a strong effect on the vertical (wake) contribution to the excitation. At 
the high exit flow angles of a HP NGV (typically 70 degrees) an axial stack has a powerful effect on 
the phase at which the wake crosses the rotor inlet plane. The phase of the vortical contribution can 
be adjusted relative to the contribution from the potential field to reduce the unsteady loading. Test 
Case 1 showed the powerful effect that wake shaping has on reducing blade excitation. However, the 
effectiveness of this approach depends on the balance of vertical (i.e. wake) disturbance and the 
potential field. If the source of the excitation is predominantly a potential field effect then adjusting the 
NGV stack will have little effect. Where there is a significant wake contribution then this is relatively 
easy to tailor with small adjustments to the position of each spanwise aerofoil profile (Yeo & Green 
[82]).   
 

8.3 Crystal Orientation 
Modern HP turbine blades are made using sophisticated materials which are cast using directional 
solidification10 or controlled cooling to produce a single crystal. These materials have strong 
directional properties which affect the blade mode shapes and natural frequency. During the 
manufacturing process of the single crystal material it is possible to optimise the orientation of the 
crystal in order to control the vibration behaviour.  
 
If the crystal is radially aligned then the modes with a predominantly radial stress distribution (e.g. 
first and second flap) feel a higher modulus than the modes with stresses at 45 degrees (e.g. first 
torsion). This effect has already been shown in the comparison of Test Case 1 & 2. However, as the 
crystal is inclined then this relationship changes.  
 
Crystal orientation control offers an extremely useful approach for vibration control because the mode 
shape can be controlled without any changes to the blade geometry, making it of prime academic 
and industrial interest. A study of the effect of the crystal angle on frequency, mode shape and 
response amplitude has been performed as part the present work and is described in detail in Paper 
#3 with a summary in Section 6.3. The work showed that the crystal angle has a powerful effect on 
vibration response; there was a factor of 7 between the best and the worst orientation for a case 
without friction dampers. The complications of this are the effect of the frequency scatter on  the 
Campbell diagram and the damper effectiveness including frequency shift, but issues such as strain 
gauge calibration, variation in the stress distribution and material strength must also routinely 
addressed. These aspects are considered during the product design and development process and 
can be used to help decide what level of crystal orientation control is required which has a significant 
influence on the manufacturing cost. 
 

8.4 Axial Gap 
The axial gap between the NGV trailing edge and the blade leading edge is another important factor. 
As the axial gap is increased, both the potential and vortical contributions to the excitation are 
reduced, but since these fields propagate in different directions, the phase between them also 
changes. For certain configurations decreasing the axial gap can provide a reduction in vibration 
amplitude if the potential and vortical fields were out of phase.  Calculations for the ADTurB rotor 
showed this effect [68], although it was not possible to demonstrate it experimentally.  
 

                                                      

10 Directional solidification produces a component consisting of approximately 5-8 crystals with boundaries aligned radially to improve the 
mechanical properties in the radial direction.  
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8.5 Amplitude Reduction Identified the Present Work 
The test cases described in Chapter 6 all have identical rotor aerodynamic profile, yet the amplitude 
in Test Case 3 has been significantly reduced from Test Case1.  
 
Table 17 shows the contribution of various amplitude reduction strategies which have been 
demonstrated through the tests cases investigated in the present work.  
 
 1T mode 2F mode 
 Amplitude 

[mm 0-pk] 
Cumulative 
Reduction 

Amplitude 
[mm 0-pk] 

Cumulative 
Reduction 

Datum case: 36 NGV assembly, undamped, 
Directionally solidified material. 

0.148 - 0.070 - 

Change of NGV to 40-off. The effect is to 
decrease resonant speed (i.e. lower 
pressure), reduced potential field and wake 
strength, wake shaping to reduced 
interaction with mode. 

0.074 50% 0.030 57% 

Add under-platform damper 0.044 70% 0.024 66% 
Change to single crystal material 0.032 78% 0.011 84% 
Optimum crystal orientation 0.013 91% 0.010 86% 
Table 17 - Cumulative Amplitude Reduction 
 
Overall there is a reduction in amplitude of around a factor of 10 for each mode investigated, 
although the contribution of each factor is mode dependant. These strategies clearly offer a very 
significant benefit and provide a useful toolkit for the turbomachinery designer. 
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9  CONCLUSIONS 
 
Research into forced response of turbine blades has traditionally been performed in two separate 
areas of study: (i) aerodynamics and CFD aspects to calculate the excitation force, and (ii) friction 
damping to calculate the amplitude reduction. The presented work brings these two together using a 
new methodology which allows a large degree of coupling between the effect of the friction damper 
and operating conditions at resonance. The new coupling method is essential for the correct 
prediction of vibration behaviour. 
 
Two approaches have been developed to solve the coupling problem. The first approach mimics a 
real strain gauge test by modelling an engine acceleration and finds a stable resonant condition for 
each mode in the same way as the real physical system would. The approach has been implemented 
using existing CFD and FE tools, but methods have been developed to allow the properties of the 
fluid and structure to be scaled based on shaft speed. Paper #1 shows that the blade unsteady 
pressures can be scaled using simple relationship which is a function of compressor speed because 
the flow is choked. Paper #2 and the main text of this thesis describe the approach its application to 
several test cases of a High Pressure Turbine Blade of modern design and it has been found to be 
reliable and robust. The approach has the disadvantage that the variation in excitation against shaft 
speed would be more difficult to define for IP and LP turbines in which the aerodynamic behaviour 
various through the engine speed range.  
 
A second approach was also developed in conjunction with Bréard. This uses an iterative method 
and is described in Paper #4. The excitation force is calculated at a speed defined by the undamped 
natural frequency for the mode of interest. The force and damper load may be scaled in a similar 
manner to the engine acceleration approach to define the shaft speed at resonance for the damped 
system. The flow is then recomputed at the new operating point and the calculations are iterated until 
the resonant frequency and amplitude have converged. This second approach has the advantage 
that the flow is recalculated at each iteration and therefore does not depend on scaling the pressures, 
because the flow solution at the last iteration is at the resonant operating condition. However, there 
was no significant improvement in accuracy for the chosen test case. The disadvantage of this 
approach is that it iterates to a single mode and is more computationally expensive.   
 
The study of several HP turbine configurations has aided the understanding to the action of the 
under-platform damper. It was found that:- 
• The vibration of turbine blades with under-platform “cottage roof” style dampers is complex and 
highly non-linear. The damper can change the resonant frequency of some modes by as much as 
20%. This increase in frequency leads to an increase in aerodynamic force which may reduce the 
overall benefit of the damper.  

• The aerodynamic behaviour of the HP Turbine stage is substantially constant across a wide 
speed range because the NGV is choked and therefore the unsteady pressure calculated at a 
given speed may be scaled to other speeds based on the stage inlet pressure. This has been 
confirmed using a non-linear CFD code with scaled stage inlet and exit boundary conditions to 
compare with the scaled unsteady pressure approach.  

• The results of the system are broadly in good agreement with the experimental data; within the 
experimental scatter. The damper model adopted was found to provide too much friction force and 
ideally should be replace by a more refined model. Nevertheless the overall coupling approach 
with this simple model showed realistic behaviour and the calculated frequency shift seemed to be 
particularly robust. 

• The response of one mode can be affected by the resonance of another by the action of the 
damper.  

 
Approaches for controlling vibration have been explored including damper optimisation, wake 
shaping and material property changes. Paper #3 showed that the dynamic behaviour of the 
structure can be adjusted by control of the crystal orientation in single crystal material and that the 
induced change of mode shape can be used to minimise the vibration level. 
 
The developed methodology has been in use (at various stages of development) for various civil and 
military projects with Rolls-Royce. During this time HP turbine reliability has improved significantly.  
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10 FUTURE WORK 
 
The work described in this thesis has highlighted two areas were further work is required: non-linear 
contact modelling and measured strain gauge data interpretation. 
 

Non-linear Contact Modelling 

Non-linear modelling needs significant improvement and further research is required in 3 specific 
areas: 

1. Current models tend to be developed for a particular damper configuration which is 
satisfactory if the same “house style” is always used but it does not provide the designer with 
the freedom to explore alternative solutions. A general contact model is required which can 
model arbitrary geometries by representing them as separate solid and defining contact 
regions. One of the main technical difficulties is predicting the regions of contact and the 
loads for real components which can have large variability in the contact region.  

2. The coupling of non-linear mechanical behaviour and aerodynamic operating conditions need 
to be extended to other configurations, such as fan snubbers or LP turbine interlocks (z-
shrouds). In some cases the coupling effect could be more powerful than the under-platform 
damper.  

3. The friction properties which are input parameters for the contact models are currently based 
on measurements. It would be interesting and useful to develop an approach which could 
provide these based on basic material properties and an estimate of the surface texture. 

 

Measured Data Interpretation 

It has been shown that the action of the under-platform damper can affect the ratio between strain at 
the gauge, tip displacement and the amplitude of the peak stress. Further work is required to explore 
methods for performing HCF assessments based on a combination of measured strains and the 
analysis method described in the thesis. 
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