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Abstract

This thesis focuses on reliability when testing gear efficiency and on how
gear mesh efficiency can be increased without detrimental effects on the
gears. Test equipment commonly used in gear research was analysed to
identify important parameters for gear efficiency testing. The effect of the
bearing model’s load-dependent losses on gear mesh efficiency was also in-
vestigated. Two different surface finishes of gears, ground and superfinished,
were investigated to determine how two different load levels during running-
in affect gear mesh efficiency and changes in surface roughness. Efficiency
and gear temperature were also measured for ground and superfinished gears
with dip lubrication, as well as two different forms of spray lubrication (be-
fore and after gear mesh contact).

Tests on a gear test rig, showed that different assemblies of the same test
setup can yield different measurements of torque loss. The applied bearing
model had a significant effect on the estimated gear mesh efficiency. The
mesh efficiency of ground gears is affected by the running-in procedure, with
a higher running-in load resulting in a higher mesh efficiency than a lower
load. This effect was not seen for superfinished gears, which show the same
gear mesh efficiency for both running-in loads. Gearbox efficiency increased
with spray lubrication rather than dip lubrication. The gear mesh efficiency
increased, and thus gear temperatures were reduced, when superfinished
gears were used rather than ground gears. A lower gear temperature was
measured when gears were spray lubricated at the mesh inlet rather than
the mesh outlet.

Keywords
gears, ground, superfinished, efficiency, temperature, running-in, dip lubri-
cation, spray lubrication





Sammanfattning

Denna avhandling fokuserar på tillförlitlighet i verkningsgradstester av
kugghjul och hur verkningsgraden i kugghjuls kontaktingrepp kan ökas utan
att skadliga effekter uppstår. Testutrustning vanligt förekommande vid
kuggtransmissionsforskning analyserades för att identifiera viktiga parame-
trar vid verkningsgradstester av kugghjul. Effekten av lagermodellers last-
beroende förluster på kuggkontaktens verkningsgrad studerades också. Två
olika slutbearbetningsmetoder för kugghjul, slipning och finpolering, stud-
erades för att bestämma hur två olika lastnivåer under inkörningen påverkar
kuggkontaktens verkningsgrad och förändringen i ytfinhet. Verkningsgrad
och temperatur mättes också för slipade och finpolerade kugghjul under
doppsmörjning, liksom för två typer av spraysmörjning (innan och efter
kontaktingrepp).

Tester i en kuggrigg visade att olika testuppsättningar av samma test
kan ge olika uppmätta förlustmoment. Lagermodellen hade en tydlig in-
verkan på den uppskattade verkningsgraden i kuggkontakten. Kuggkontak-
tens verkningsgrad för slipade kugghjul påverkas av inkörningsproceduren,
där en högre inkörningslast resulterar i en högre verkningsgrad jämfört med
en lägre inkörningslast. Finpolerade kugghjul uppvisar inte den här effek-
ten, som visar samma verkningsgrad för de båda inkörningslasterna. Väx-
ellådans verkningsgrad var högre då spraysmörjning användes jämfört med
då växellådan doppsmörjdes. Kugghjulens verkningsgrad ökade och följak-
tligen minskade kugghjulens temperatur när finpolerade kugghjul användes
jämfört med slipade kugghjul. En lägre temperatur i kugghjulen uppmättes
då de smörjdes innan kontaktingrepp jämfört med efter kontaktingrepp.

Nyckelord
kugghjul, slipade, finpolerade, verkningsgrad, temperatur, inkörning,
doppsmörjning, spraysmörjning
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1 Introduction

Trucks play an important role in modern life, and truck transmissions rely

on gears. Relative to their size, manufacturing cost and reliability, gears

are able to transmit torque more efficiently than other energy converters

like belts and chains. Where high efficiency is needed and high torques

are transmitted, gears will likely remain in use and be competitive for the

foreseeable future.

The most important criterion when designing gear transmissions is gear

strength. The goal must be to minimise contact fatigue and bending fatigue.

Other factors to be considered in the design process are gear flank wear,

centre distance, the gear ratio, weight, noise excitation and efficiency. Even

though the efficiency for of gears is high, there is still potential to improve

gear and gearbox efficiency. Doing so would help companies in the haulage

industry reduce their fuel expenses, which amount to roughly a third of their

total expenses. Fuel prices, along with regulations to reduce CO2 emissions

drive the demand for higher efficiency in gearboxes today.

Gearbox energy losses can be divided into load-dependent and load-

independent losses. Load-dependent energy losses in gears and bearings

occur when torque is transmitted. However, other energy losses (load-

independent losses) occur even when no torque is being transmitted. The

biggest components of load-independent energy losses are related to gears

and bearings churning and dragging in the lubricant. This lubricant is

needed both to reduce friction by lubricating gear and bearings and to

maintain component strength through its cooling effect. The amount of oil

needed for cooling is significantly greater than the oil needed for lubrication.

Reducing the load-independent energy losses can increase gearbox effi-

ciency. This leads to reduced CO2 emissions, but also creates challenges for

gearbox designers in terms of maintaining high gear mesh efficiency while

preserving cooling. The main focus in this research is on gear transmissions

1



1. Introduction

for heavy duty trucks but the results are also applicable to automotive ve-

hicles in general.

1.1 Swedish transmission cluster

Sweden is a leader in manufacturing and developing components related

to gear transmissions. More than 5000 people in Sweden are employed in

manufacturing and developing gear transmissions systems for heavy duty

vehicles. The Swedish transmission cluster was initiated to help maintain

Sweden’s leadership in this field. It began in 2011 as collaboration be-

tween academia and industry, including KTH Royal Institute of Technol-

ogy, Chalmers University of Technology, Scania, Volvo group Trucks Tech-

nology and Vicura. This collaboration is financed by the participants and

VINNOVA, the Swedish government agency for innovation systems.

The Swedish transmission cluster covers several areas related to gear

transmission systems, including investigating the flow and distribution of

lubricant in gearboxes [1]. The effect of running-in regards surface transfor-

mation, characteristics and surface stress on gears is also being investigated

[2, 3]. Gear shifting and synchronisation are being investigated with the aim

of achieving quicker and more reliable shifting [4]. Additionally, one more

PhD student is investigating gear synchronisation, and two PhD students

are working on the dynamic behaviour of gearboxes.

1.2 Thesis objective

This thesis attempts to contribute to the knowledge of the gear transmission

community and provide gear designers with better ways of estimating what

efficiencies, temperatures and surface transformation can be expected under

different loads, at different speeds, and with different surface finishes, for

both dip and spray lubricated gears.

2



1.3. Research questions

1.3 Research questions

The thesis objective yields the following research questions:

• Can gear efficiency testing be improved by controlling the gearbox

assembly, lubricant level and by preheating the test rig?

• How is the estimated gear mesh efficiency affected by different bearing

models?

• Can the mesh efficiency of ground and superfinished gears be improved

by a running-in process?

• How are gearbox efficiency and gear wheel temperature affected by

spray lubrication compared to dip lubrication?

• How can gear mesh efficiency be increased and gear wheel temperature

be reduced for spray lubricated gears?

3





2 Gearbox system

In recent decades, higher fuel prices, stricter emission regulations and de-

creasing oil reserves have increased the need for fuel efficiency in the trans-

portation sector. Although road transport constitutes only a small part of

all freight transportation (especially when compared to transport by sea),

it accounts for 69 % of the total energy consumption in the transport sector

[5].

Holmberg, Andersson, Nylund, Mäkelä and Erdemir estimate that in

the average heavy duty vehicle, a third of fuel energy is used to overcome

frictional losses. Of these frictional losses, 13 % can be attributed to the

transmission system, figure 2.1 [6].

42%

18%

18% 13%

9%

Tire-road contact

Engine system

Brake contact

Transmission system

Auxiliaries

Figure 2.1: Distribution of frictional losses from an average heavy duty vehicle
[6].

Figure 2.2 shows a section view of a truck gearbox (Scania GRS905).

The torque from the engine is transferred to the gearbox by a clutch disc

mounted on the input shaft (1). Via the active split, the torque is transferred

5



2. Gearbox system

to the lay shaft (2) and then to the main shaft (3) by the selected gear (if

not in direct drive). Finally, the torque is transferred to the output shaft

(4) via the planetary gear set. The gearbox shown has 14 gear shifts for

forward driving and two for reverse driving. While driving, the gear wheels

are always in mesh but only one gear pair is transferring the torque while

the rest are rotating idly.

Figure 2.2: Section view of a Scania GRS905 gearbox.

Frictional losses occur between surfaces in relative motion, whether they

are rolling or sliding. The total efficiency (ηGearbox) in a gearbox can be

calculated as the ratio between the output torque to the output shaft (TOut)

and the input torque from the input shaft (TIn), equation 2.1.

ηGearbox =
TOut
TIn

(2.1)

Gearbox efficiency can be further derived by investigating the contribu-

tion from each component separately and how the components interact with

the gearbox lubricant. Due to the complexity and number of components

in gearboxes, there are several sources of friction loss. These losses can be

calculated by summing the power losses from gears, bearings, synchronisers,

seals and auxiliaries, equation 2.2 [7].

6



2.1. Lubrication in gearboxes

PTotal = PGears + PBearings + PSeals + PSynchronisers + PAuxiliaries (2.2)

Power losses from gears and bearings can further be divided into load-

dependent losses when torque is transferred and load-independent losses

which occur even when no torque is being transferred. Load-dependent

losses originating from the gear mesh dominate in typical nominal power

transmission. Load-independent losses can however dominate under low

load at high speed conditions.

2.1 Lubrication in gearboxes

A gearbox needs to be supplied with an adequate lubricant to operate under

a longer period of time. Depending on rotational speed, the two main meth-

ods to lubricate gearboxes are dip lubrication and spray lubrication. The

lubricant in gearboxes performs several functions, of which the two most

important are creating a lubricating film between the gear flanks and cool-

ing the gears, figure 2.3. Ideally, a hydrodynamic film is created between

the gear flanks and contact between asperities can be avoided. Generated

heat must also be dissipated to maintain the gear strength and for the lubri-

cant to work under optimal conditions. These main functions are essential

to prevent gears from being damaged. Other important functions of the

lubricant include dissolving contaminants, protecting gears from oxidising,

transporting additives to the gear mesh and damping vibrations.

There are two different mechanisms by which a lubricant can lower gear

mesh friction. In one, the pressure in the lubricant film is high enough to

completely separate the gear flanks, with the result that the whole load is

carried by and distributed over the lubricant film. The friction in this full

film regime is dependent on the force needed to shear the lubricating film,

i.e. the lubricant’s properties. When the pressure in the lubricant film is

too low, the surfaces ideally instead slide on surface layers that are created

by the additives in the lubricant. These layers help prevent direct surface

asperity contact and enable a relatively smooth operation. This is called

7



2. Gearbox system

Figure 2.3: Functions of lubrication in gearboxes.

the boundary regime. A third lubrication regime, called mixed lubrication

regime, is a combination of the two previously mentioned. These three

lubrication regimes and how the coefficient of friction changes between the

regimes are shown in figure 2.4. Stribeck was the first to describe these

regimes when testing hydrodynamic lubricated journal bearings [8].

• Boundary lubrication (BL): The load is carried by surface asperities.

• Mixed lubrication (ML): The load is carried both by surface asperities

and lubricant film.

• (Elasto-)hydrodynamic lubrication ((E)HL): Surface asperities are fully

separated by a lubricating film.

8



2.2. Gear flank damages
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Figure 2.4: A sketch of a Stribeck curve showing the friction response in
boundary (BL), mixed (ML) and hydrodynamic lubrication ((E)HL) as a func-
tion of lubricant viscosity, speed and load.

2.2 Gear flank damages

The types of damages to which gears are prone, are related to the lubrication

regime the gears are operating in, indicating the importance of a good gear

design process and careful choice of lubricant. The most prevalent types of

gear flank damage are presented below.

Scuffing is an instant failure related to the breakdown of the lubricating

film, permitting asperity contact and adhesion. Scuffing usually start on

the gear tip, figure 2.5a. Breakdown of the lubricant film can be prevented

by using extreme pressure (EP) additives and a higher base oil viscosity

[9, 10].

Pitting (surface fatigue) often origins from cracks that propagate due to

cyclic surface and subsurface stresses when gears are under load. Pitting

damage can be seen as cavities on the surface when pieces of the gear ma-

terial are worn off, figure 2.5b. Pitting damages can be influenced by the

lubricant’s nominal viscosity and the applied load [11].

Micro pitting occurs at the dedendum of gears and is characterised by

fine pits on the surface. Like pitting and scuffing, micro pitting is influenced

by the relative film thickness.

9



2. Gearbox system

(a) Incipient signs of scuffing damages at
the tip. Gear tested at KTH.

(b) Pitting damage on the gear flank.
Pitting test performed at KTH.

Figure 2.5: Gear surface damages from gear testing performed at KTH.

Wear is a type of uniform damage when layers of gear material are

removed in each load cycle. A low wear rate is particularly important

for long operating times. This phenomenon is prominent under boundary

lubrication conditions.

2.3 Gear-related power losses

To fully utilise transmissions in truck gearboxes in a reliable way and to

increase their efficiency calls for interdisciplinary research. For example,

research in contact mechanics, lubrication and surface properties can con-

tribute to finding ways to reduce friction and thus increase gearbox effi-

ciency. As heat is generated as a consequence of friction, maintain tem-

peratures that do not affect lubricant properties and thus avoid increased

wear rates is also important. Ways to reduce the friction and increase the

efficiency in gearboxes with the focus on gear mesh, gear churning and lubri-

cants, both for load-dependent and load-independent losses, are presented

below.

Load-dependent power losses

The base oil type and additive package of a lubricant affect the friction in

the gear mesh, even though they may have the same viscosity grade. When

10



2.3. Gear-related power losses

Fernandes, Marques, Martins and Seabra compared a set of lubricants, a

polyalkylene glycol based lubricant yielded the lowest coefficient of friction

compared to two mineral oil based and one polyalphaolefin based lubricant

[12, 13, 14]. Höhn, Michelis and Doloschel also reported a higher gear mesh

efficiency for synthetic lubricants when comparing a polyalphaolefin based

lubricant to a mineral oil based lubricant [15].

A gear’s geometry is directly linked to the gear mesh efficiency. Höhn,

Michaelis and Wimmer investigated several gear geometries and found that

a smaller gear module and transverse contact ratio decreased load-dependent

losses the most [16]. Magalhães, Martins, Locateli and Seabra as well

as Petry-Johnson, Kahraman, Anderson and Chase [17], also reported de-

creased load-dependent losses for smaller gear modules [18]. Gear tip relief

was investigated by Ville, Velex and Diab, who found an increase in gear

efficiency by introducing a gear tip modification [19, 20].

The influence of surface topography on the efficiency of gear drives has

been studied previously. Petry-Johnson et al. utilised a back-to-back gear

test rig to study the difference between ground and chemically polished gears

and found a higher gear mesh efficiency for chemically polished gears [17].

Britton et al. reported lower gear mesh losses, as well as lower gear tem-

perature, for superfinished gears compared to ground gears [21]. Bergseth,

Olofsson and Lewis compared ground and chemically polished specimens

in a twin disc machine, and found the polished specimens yielded a lower

coefficient of friction [22]. Also using a twin disc machine, Xiao, Rosén,

Amini and Nilsson reported lower coefficients of friction for surfaces with

lower roughness [23].

Reduced surface roughness can also be achieved by a running-in pro-

cedure. Running-in has been the subject of gear research for a long time.

Among the first to investigate this area was Andersson [24], and later work

was done by Sjöberg and Sosa [25, 2]. There is, however, no unambiguous

definition of running-in. According to Blau when comparing measurement

data for the coefficient of friction between two unused surfaces in contact,

there are eight behaviours of a running-in frictional curve [26]. Due to

the infinite combinations of load, lubricant, speed, surface roughness, at-
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2. Gearbox system

mosphere, to name only a few of the running-in parameters, the curves

represent the complexity of this subject. Nogueira, Dias, Gras and Progri

ramped the speed in the running-in process from high to low and from low

to high [27]. The numbers of load cycles have also been varied greatly.

Bosman, Hol and Schipper used a few tens of contacts, while Akbarzadeh

and Khonsari used several thousands of cycles [28]. The applied maximum

contact pressure can range between 0.59 GPa [29] to 1.11 GPa [30]. When

Chowdhury, Kaliszer and Rowe studied running-in, they found that load

influenced the surface smoothening more than speed did [31].

Load-independent power losses

Parameters mainly affecting load-independent gear losses are rotational

speed, lubricant properties and gearbox geometry. The type of lubrication

method is also closely related to load-independent losses.

A common way to lubricate vehicle gearboxes is to use dip lubrication, in

which the gears drag through the oil at the bottom of the gearbox housing.

As the gears rotate during operation, they lubricate the whole gearbox

by splashing the lubricant around. The drawback of this lubrication method

is that it also gives rise to unwanted friction losses, i.e gear churning losses,

illustrated in figure 2.6. Höhn, Michaelis and Otto showed that the gear

speed has the largest effect on gear churning losses and that the losses

are higher with an increased immersion depth [32]. A strong link between

increased power losses with increasing rotational speed and immersion depth

of the gears is also reported by Seetharaman, Kahraman, Moorhead and

Petry-Johnson [33]. However, there is a minimum level for the immersion

depth before the load carrying capacity is influenced [34].

There have been conflicting results on whether lubricant viscosity af-

fects load-independent losses. Seetharaman et al. showed decreased losses

with decreasing viscosity [33], while Luke and Olver [35] and Changenet

and Velex [36] reported a weak dependency of load-independent losses on

lubricant viscosity. It should be noted that Seetharaman et al. used a

significantly smaller gearbox in their research.
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2.3. Gear-related power losses

(a) Gear wheel rotating at 290 rpm. (b) Gear wheel rotating at 580 rpm.

Figure 2.6: Gear churning losses are illustrated for two gear speeds [1]. The
gearbox has the same geometry as the test gearbox of the FZG gear test rig.

Changenet and Velex showed that gear churning losses are affected by

the gearbox housing dimensions. Flanges and deflectors around the gears

in axial and radial directions were introduced. An axial clearance between

the gear and the gearbox wall lowered the gear churning losses significantly

while the radial deflectors had almost no effect [37].

Gear geometry is also related to gear churning losses where larger face

widths increase churning losses. The gear module does not seem to sig-

nificantly influence load-independent losses, although it is related to gear

mesh losses which affects efficiency. The same authors also showed that the

rotational direction of the gears also influences the gear churning losses: a

direction of down-in-mesh yielded lower gear churning losses [33].

Another lubrication method for gearboxes is spray lubrication. In this

method, a nozzle from which the lubricant is ejected is directed at the

gears and thus there is no oil sump. Ariura, Ueno, Sunaga and Sunamoto

identified two phenomena related mainly to gear churning losses of spray

lubricated gears. At low speeds, oil trapped in the tooth spaces dominated

the losses. At high speed the acceleration of the oil by the gear teeth

dominated the losses [38]. Höhn, Michaelis and Otto compared dip and

spray lubricated gears and found lower load-independent losses for spray

lubricated gears [39]. They also stated that spray lubrication can be used

if scuffing damages can be avoided.

When gear were lubricated at the gear mesh inlet, Akin and Townsend
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2. Gearbox system

found that the optimal injection speed of the lubricant was the same as the

gear’s pitch velocity [40, 41].

There is no consensus on whether gears should be lubricated at the

mesh inlet or at the mesh outlet. Mcgrogan found less likelihood of failure

if the gears were lubricated close to the mesh outlet [42]. On the other

hand, Borsoff found the contrary, with higher load carrying capacity of gears

lubricated at the mesh inlet [43]. Houjoh, Ohshima, Matsumura, Yumita

and Itoh state that it is not known whether lubricating at the mesh outlet

works for both lubrication and cooling [44].
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3 Method

A description of the methods and estimations used in this thesis is presented

below.

3.1 Back-to-back gear test rig

Efficiency and gear wheel temperature measurements were made in a back-

to-back gear test rig of type FZG (Forschungsstelle für Zahnräder und

Getriebebau) with an efficiency setup. The gear test rig can be used to

test different gear materials, gear geometry modifications, lubricants, sur-

face finishes and so forth. A diagram of the gear test rig can be seen in

figure 3.1.

Figure 3.1: Top view of the FZG gear test rig, showing the test gearbox (1),
load clutch (2), slave gearbox (3), torque and speed sensor (4) and motor (5).

In the efficiency test setup, the test rig consists of two identical gear-

boxes, a test gearbox (1) and a slave gearbox (3), each with one gear pair.

The gearboxes are connected to a loop by shafts that enable the power to

circulate between them. The power needed to drive the loop is equal to the

energy losses that occur in the loop due to friction in the gears, bearings,

seals and churning of the lubricant. On the gear wheel side, a sensor which

measures torque and speed is connected to the slave gearbox. This sensor
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3. Method

enables the power losses which occur in the power loop to be measured.

To drive the power loop a motor (5) is connected to the torque and speed

sensors (4) at the back. A load clutch (2) connects the shafts on the pinion

side, which means that the load is applied to the pinions. Dead weights

can be hung on the clutch to enable different loads for testing. The loads

are standardised and the applied torques range from 0 to 535 Nm. Eight

screws hold the load clutch together by friction force when they are tight-

ened. The load cannot be changed during operation. The input speed of

the gear shaft can be set to values between 50 and 3500 rpm. The lubricant

can be preheated and controlled with an external cooling system.

In order to measure gear wheel temperatures, the gear wheels and the

gear test rig had to be modified. Two holes in which two type K thermocou-

ples could be fastened were drilled 44 and 54 mm from the centre of the gear

wheels (indicated with a green and blue dot respectively), figure 3.3. On

the gear wheel side in the test gearbox, the shaft was replaced by an 80 mm

longer customised shaft through which a hole was drilled axially until the

front of the gear wheel, where a hole was drilled radially. The thermo-

couples could then be pulled from the gear wheel and through the shaft,

figure 3.2a. At the end and outside the shaft, they were connected to a

slip ring, figure 3.2b. The radial hole was sealed with a PTFE plug. A

cover was placed over the plug and fastened into the shaft by screws. This

modification was made on the gear side due to lack of space on the pinion

side. The slip ring was a model S8 from Michigan Scientific Corporation.

The data parameters recorded in performed tests were lubricant tem-

perature in the two gearboxes, torque inside the power loop, input torque

from the motor, gear rotational speed, and gear wheel temperatures.

3.2 Lubrication

In all appended papers, a commercially available polyalphaolefin (PAO)

lubricant was used. When the gears were dip lubricated, the oil level was

at the centre of the gears, figure 3.3. That oil level corresponds to an

amount of 1.5 litres and 103 mm up from the bottom of the gearboxes.
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3.3. Gear specimen

(a) Thermocouples attached on the
gear wheel inside the test gearbox.
The thermocouples are pulled through
the shaft to the slip ring.

(b) The slip ring is attached on the
extended gear wheel shaft. Cables are
connected to a NI-DAQ-9213.

Figure 3.2: The setup for gear wheel temperature measurements.

The lubricant had nominal viscosities of 64.1 cSt at 40 °C and 11.8 cSt

at 100 °C. The lubricant density was 837 kg/m3. When the gears were dip

lubricated, the lubricant temperature was controlled at 90 °C. The lubricant

temperature was chosen from a standard of testing lubricants according to

Höhn, Michaelis and Doleschel [45]. In paper C, a controlled lubricant

temperature of 120 °C was also used.

In paper E and paper F, a spray lubrication unit from Strama MPS

was used to lubricate the gears during spray lubrication testing. The lubri-

cant was injected at a temperature of 90 °C and at a velocity of 0.4 m/s

corresponding to 25 ml/s. The nozzle was positioned above the gear mesh

(directly above the pitch point). In spray lubrication mode, the gears were

lubricated at the gear mesh inlet (normal direction) and at the gear mesh

outlet (reverse direction), figure 3.3.

3.3 Gear specimen

The tested gears were either ground or superfinished. The manufacturing

process of the gears can be seen in figure 3.4. The gears had the same

manufacturing process until the hard finishing by grinding of the gear flanks.

Grinding is an abrasive method in which material from the tooth flank is
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3. Method

Figure 3.3: The position of the spray nozzle above the gear mesh during spray
lubrication. The red arrow shows the rotating direction when the gears were
lubricated before the mesh (normal), and the yellow arrow the direction when
the gears were lubricated after the mesh (reverse).

removed to a quality depending on the abrasive material and the speed in

the process.

Figure 3.4: The manufacturing process of the tested gears. Previously de-
scribed by Sjöberg [25].
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3.3. Gear specimen

In paper D and paper F, after that the gears had been grinded, had

the gears been subjected to a surface finishing method referred to as su-

perfinishing. Superfinishing is a chemical mechanical process in which the

gears are subject to in order to decrease their surface roughness while re-

taining their geometrical and micro-geometrical properties. The gears were

put in a weak acid which reacts with the gear surface. Under rotation, non

abrasive particles in the acid then rubbed off the reacted layer. After this

process, the gear flank Ra decreased from around 0.3 µm to around 0.1 µm.

A comparison of initial area surface roughness can be seen in figure 3.5a

and 3.5b of a ground and a superfinished gear flank and their respectively

Abbott-Firestone curve and peak distribution in figure 3.5c and 3.5d.

(a) Initial roughness of a ground flank.
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(b) Initial roughness of a superfinished
flank.
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(c) Abbott curve and peak distribu-
tion of an unused ground flank.
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(d) Abbott curve and peak distribu-
tion of an unused superfinished flank.

Figure 3.5: Comparison of surface roughness and Abbott-Firestone curves
between a ground and a superfinished gear flank.
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3. Method

The gears had the geometry of standard FZG C-Pt gears, with the in-

clusion of tip relief, Table 3.1. In each appended paper, gears from the same

batch were used.

Table 3.1: FZG C-Pt geometrical parameters.

Parameter Standard Modified Unit
Centre distance a 91.50 mm
Face width b 14 mm

Pitch diameter
dw1 73.20 mm
dw2 109.80 mm

Tip diameter
da1 82.46 mm
da2 118.36 mm

Module mn 4.50 mm

Number of teeth
z1 16
z2 24

Addendum modification factor
x1 0.18
x2 0.17

Pressure angle α 20 °
Working pressure angle αw 22.44 °
Helix angle β 0 °

Lead crowning
Cb1 0 µm
Cb2 0 µm

Tip relief
Ca1 0 20 µm
Ca2 0 20 µm

Starting diameter for tip relief
dg1 0 80.30 mm
dg2 0 115.90 mm

3.4 Running-in procedure

The gears were run-in prior to the efficiency test. The gears were dip lubri-

cated and run at 87 rpm for four hours at a controlled lubricant temperature

of 90 °C, with an immersion depth to the centre of the gears, figure 3.3. A

nominal torque of either 94.1 and 302.5 Nm was applied on the pinion

throughout the running-in, corresponding to maximum contact pressures in

the gear contact of 0.96 and 1.66 GPa respectively. The torque of 302.5 Nm

is used in [45] and 94.1 Nm was used for investigating the effect running-in

load on gear mesh efficiency.
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3.5. Gear efficiency testing

3.5 Gear efficiency testing

In papers C to F the gears were run at eight different speeds: 87, 174, 348,

550, 1444, 1740, 2609 and 3479 rpm when the gear efficiency was tested.

These correspond to pitch velocities of 0.5, 1, 2, 3.2, 8.3, 10, 15 and 20 m/s.

Tested nominal torques on the pinion were 35.5, 60.8, 94.1, 183.4 and 302.5

Nm, corresponding to maximum contact pressures in the gear contact of

0.59, 0.80, 0.96, 1.33 and 1.66 GPa.

The procedure for estimating the gear mesh efficiency is presented be-

low. During testing, the total torque loss (TTotal) from gears, bearings and

seals was measured. The total torque loss was further divided into load-

dependent (TLoad−dependent) and load-independent losses (TLoad−independent),

equation 3.1.

TTotal = TLoad−dependent + TLoad−independent (3.1)

The test gearbox total efficiency was calculated using equation 3.2. The

total measured torque loss was divided by the applied nominal torque (T1)

and the gear ratio (u), and it was assumed that each gearbox contributed

equally to the losses.

ηTotal = 1 − 0.5
TTotal
uT1

(3.2)

In all tests, load-independent losses from gears, bearings and seals were

measured under unloaded conditions (0 Nm). Load-dependent losses con-

sisted of losses from the gear mesh (TMesh) and the bearings (TBearings),

equation 3.3.

TLoad−dependent = TMesh + TBearings (3.3)

By rearranging equation 3.1 and equation 3.3, TMesh can be calculated,

equation 3.4. The description for calculating TBearings is given in section

3.7.

TMesh = TTotal − TLoad−independent − TBearings (3.4)
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3. Method

The gear mesh efficiency (ηMesh) could then be calculated using equation

3.5. The assumption that both gear pairs contribute equally was applied

here as well.

ηMesh = 1 − 0.5
TMesh

uT1
(3.5)

The overall power loss along the line of action can be expressed as in

equation 3.6 according to Niemann and Winter [46], where µmean is the

mean coefficient of friction, TTransferred is the transferred torque (uT1)

and Hv is the load loss factor according to equation 3.7 [47].

TMesh = µMeanTTransferredHv (3.6)

Hv =
π(u+ 1)

z1ucos(βb)
(1 − εα + ε21 + ε22) (3.7)

When TMesh is obtained experimentally, µMean can be estimated.

3.6 Film thickness calculation

Traditionally lubrication regimes are separated based on their λ value, equa-

tion 3.8:

λ =
h0√

Rq1
2 +Rq2

2
(3.8)

where Rq1 and Rq2 are standard deviations of the contacting surfaces,

and h0 the central film thickness. For a line EHD contact (as for spur gears),

Gohar represent this using equation 3.9 [48].

h0 = R(1.93U0.69G0.56W−0.10) = 1.93
(η0V+)0.69R0.41α0.56b0.10

E0.03
r W 0.10

(3.9)

Equation 3.9 assumes perfectly smooth surfaces.
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3.7. Bearing friction estimation

3.7 Bearing friction estimation

The gear mesh efficiencies in papers B to F were obtained by estimating the

bearing losses with the bearing models presented below. Paper B compares

all the bearing models presented below. Papers C and D utilises the bearing

model by SKF [49]. In paper E and F where spray lubrication was investi-

gated, a bearing model developed at the Department of Machine Design at

KTH was used [50].

Equation 3.10 was used to compare the relative power loss between the

different bearing models mentioned above with respect to the SKF model.

Equation 3.10 describes the ratio between the gear mesh loss (PMesh) and

the gear mesh loss calculated from the SKF model (PMeshSKF ).

∆Power =
PMesh

PMeshSKF
(3.10)

Bearing model SKF

Total bearing losses (MSKF ) according to SKF are obtained by summing

up rolling, sliding, drag and seal losses using equation 3.11. The bearing

drag losses were measured at the same time as the gear drag losses, under

no-load conditions. The NJ 406 cylindrical roller bearing used does not

have any seals, hence only rolling (Mrr) and sliding (Msl) friction losses

were calculated, equation 3.12 and equation 3.13.

MSKF = Mrr +Msl +Mdrag +Mseal (3.11)

Mrr = ΦishΦrsGrr(νn)0.6 (3.12)

Msl = Gslµsl (3.13)

Equations 3.14 to 3.19 below were used to calculate Mrr and Msl.

Φish =
1

1 + (1.84 × 10−9(ndm)1.28ν0.64)
(3.14)
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Φrs =
1

e
[Krsνn(D+d)

√
Kz

2(D−d)
]

(3.15)

Grr = R1d
2.41
m F 0.31

r (3.16)

Gsl = S1d
0.9
m Fa + S2dmFr (3.17)

µsl = Φblµbl + (1 − Φbl)µEHL (3.18)

Φbl =
1

e2.6×10−8(nν)1.4dm
(3.19)

The constants used in equations 3.14 to 3.19 are presented in Table 3.2

and can be found in [49].

Table 3.2: Constants used to calculate bearing losses according to SKF.

Parameter B d d0 dm D R1 Krs Kz KL S1 S2 µbl µEHL

Value 23 30 45 60 90 10−6 0 5.1 0.65 0.16 1.5 ×10−3 0.15 0.02
Unit mm mm mm mm mm - - - - - - - -

Bearing model Porto

This model is a modification of the bearing model by SKF described above.

The constants µbl and µEHL in equation 3.18 are set to 0.039 and 0.010

respectively [12].

Bearing model KTH

A bearing model specifically developed for the NJ 406 cylindrical bearings

in the gear test rig (figure 3.1) was developed at the Department of Machine

Design at KTH (MSTA), and is shown as equation 3.20.

MSTA = An+
B

n
+ C (3.20)
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3.8. Surface profile measurements

The equation is a function only of rotational speed (n). This implies

that a bearing test is needed for each lubricant temperature, type of lu-

bricant, type of bearing and load. The equation is valid for the loads and

speeds previously described in section 3.5. More information about bearing

parameters A, B and C can be found in appendix I.

Bearing model Harris/Palmgren

The torque loss from bearings in the Harris/Palmgren (MHP ) model has the

following form, where fHP equals 0.0003 and dm equals 60 mm in equation

3.21.

MHP = fHP
Frdm
1000

(3.21)

The Harris/Palmgren model can also be presented by a loss factor

(MHPXLL) that depends on temperature, where fHPXLL equals 0.0004 and

dm equals 60 mm, equation 3.22.

MHPXLL = fHPXLL
Frdm
1000

XLL(ϑ) (3.22)

The XLL parameter is a function of temperature, equation 3.23. The

constants in the XLL parameter are derived experimentally [51].

XLL(ϑ) = −0.0015ϑ+ 0.8209 (3.23)

3.8 Surface profile measurements

A component’s roughness is a key parameter when determining its interac-

tion with the surrounding environment. A surface topography measurement

can be separated into form, waviness and roughness. The form is the com-

ponent’s overall shape (e.g cylindrical, flat). The waviness of a surface is

the deviation from the form and the roughness is the deviations from an

ideal smooth surface. When performing 2D surface measurements, it is

generally recommended to perform the measurements perpendicular to the

surface texture direction. Roughness parameters are divided into amplitude,
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spatial and a combination of the two. Among the most common surface pa-

rameters and which are analysed in this thesis are: the arithmetical average

deviation of the profile (Ra), the reduced peak height (Rpk), the root mean

squared roughness (Rq) and the valley to peak height (Rz).

A Form Talysurf Intra by Taylor Hobson was used to measure surface

topography as tests progressed. A holder for the Talysurf was placed on the

test gearbox and aligned with pins put into two holes drilled in the gearbox

casing, figure 3.6a. Surface topography was measured on the same gear

wheel as the gear wheel temperature measurements, figure 3.6b. To ensure

that measurements were taken at the same place on the gear flank, a water

spirit level was placed on top of the same gear teeth for lateral alignment.

The Talysurf was placed on a board that could be moved horizontally. The

accuracy specification of the Talysurf is 0.5 µm horizontally, and a resolution

of 16 nm over 1 mm can be achieved. A tip radius of 2 µm was used in all

tests. All surface roughness measurements were performed with a contact

profilometer without a skid. This allows form, waviness and roughness to

be measured. It was placed on the gear wheel side due to lack of space on

the pinion side. More information about this test setup can be found in

Sosa’s Licentiate thesis [52].

In papers C to F the surface roughness of the gear wheel in the test

gearbox was measured before each running-in procedure, after each running-

in procedure, and after gear efficiency testing. Six profile measurements

were performed each time, 0.1 mm apart from each other. The profile

length was 7 mm. In the analysis a cut-off length of 0.8 mm and a Gaussian

filter was used.

3.9 Gear test rig assembly testing

Paper A investigates the variability of measured torque loss due to repeated

test setups. Often test rigs are used for several years, during which time

numerous tests are performed. The FZG gear test rig is no exception. This

means that several test setups, maintenance of the test rig and replacement

of parts are unavoidable. In the course of these operations screws and nuts
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3.9. Gear test rig assembly testing

(a) The Talysurf Intra placed on the
test gearbox.

(b) Surface profile measurements on a
gear wheel flank.

Figure 3.6: The setup for gear wheel surface profile measurements.

are removed and tightened and gears removed and replaced. For accurate

and more certain conclusions across tests, minimising naturally occurring

errors from handling of the test rig is crucial.

Most power losses are transformed to heat, but they can also be trans-

formed into noise and vibration. Mackaldener describes the noise as caused

by 1) excitation 2) transmission and 3) radiation [53]. When Åkerblom stud-

ied gear noise and vibration in relation to different manufacturing methods

for gears, he found that the level of measured noise and vibration could

change significantly for identical repeated tests with the same gear pair

[54].

To determine whether measured torque loss is affected by repeated as-

sembly and disassembly, and how it might vary with accurate oil levels and

preheating, the same test was set up repeatedly in the FZG gear test rig.

The gears were first run-in at higher contact pressure (1.66 GPa). A torque

of 94.1 Nm was tested at six pitch velocities, 0.5, 1, 2, 8.3, 15 and 20 m/s.

The lubricant was preheated to 90 °C prior to testing and was maintained

at that temperature during the tests. Each test lasted five minutes. The

torque loss was logged during these five minutes. The speeds were run from

lowest to highest and were repeated five times in each assembly of the gear

test rig.

First four assemblies were performed as a reference. In the reference

tests, the oil level was controlled instinctively, to what the operator con-
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sidered to be the centre of the gears. Two assemblies with an accurately

measured oil level followed. In these assemblies, the immersion depth to

centre of the gears was used, figure 3.3. In the next two assemblies, pre-

heating of the gear test rig was investigated. The gear test rig was preheated

for twelve hours before testing. A controlled oil level to the centre of gears

was used in these tests.

In all tests, exactly the same gear pairs and lubricant were used. Between

every test the gear rig was taken apart and reassembled. This required the

motor, speed and torque sensors and both gearboxes be disassembled and

assembled.
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4 Summary of appended papers

A summary of the appended papers A to F is presented below. Paper A and

B investigates the repeatability in gear efficiency testing and how an applied

bearing model affects the gear mesh efficiency. Papers C and D investigates

the effect of running-in on ground and superfinished gears, both from an

efficiency and surface roughness point of view. Paper E and F compares

dip and spray lubricated ground and superfinished gears with respect to

temperature, efficiency and surface roughness.

Paper A: Effect of Assembly Errors in Back-to-Back Gear

Efficiency Testing

As gear efficiency often is improved in small steps, it is important to be

able to distinguish actual improvements from scatter that can occur while

testing. An FZG back-to-back gear test rig was used to investigate how the

assembly and re-assembly of the same test setup, using the same gears and

lubricant, affects torque loss measurements. The gears were tested at one

load (94.1 Nm) and at six different speeds (0.5, 1, 2, 8.3, 15 and 20 m/s).

The speeds were run from lowest to highest and repeated five times in each

assembly of the gear test rig.

The first observation was a spread in torque loss between different as-

semblies of the same test setup. However, the uncertainty of the torque loss

sensor in the test rig is smaller than the scatter from different assemblies. In

the same assembly of the gear test rig, the effect of loading and unloading

the gears before the set of pre-determined speeds were repeated, was inves-

tigated. The measured torque loss level was not affected by unloading and

loading the gears again, but the spread was slightly increased. Variations in

oil level clearly affected the torque loss at the three highest tested speeds.

A lubricant temperature of 90 °C was used in the tests, and thus the gear
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test rig was preheated. Preheating time of twelve hours affected both the

spread and level of measured torque loss at the three lowest tested speeds.

Paper B: Effect of different bearing models on gear mesh loss

and efficiency

To investigate possible variations in the estimation of load-dependent fric-

tional losses between bearing models, five different bearing models were

applied to an NJ 406 cylindrical roller bearing, which is commonly used in

a back-to-back gear test rig of type FZG. The bearing models compared

were a model created by SKF, a tuned parameter model based on the SKF

model, a model by Harris/Palmgren, the Harris/Palmgren model with a

temperature dependent loss factor and a model developed at the Depart-

ment of Machine Design, KTH.

The results show that the SKF model and the tuned SKF model, both

overestimates the bearing losses compared to the KTH model. The Har-

ris/Palmgren and the Harris/Palmgren with loss factor are similar to each

other and yield a constant torque loss that is lower than the KTH model.

The model developed at KTH, follows a Stribeck curve and was not simi-

lar to any of the compared models. With respect to gear mesh efficiency,

the differences between the models were larger at high speeds than at low

speeds. The differences in gear mesh efficiency could be as high as 0.2 %,

corresponding to a 60 % higher generated gear mesh power loss. The effect

on gear mesh efficiency of changing the bearing model can be larger than

changing gear manufacturing method or using a running-in procedure.

Paper C: Analysis of efficiency of spur ground gears and the

influence of running-in

A back-to-back gear test rig of type FZG was employed to investigate the

effect of running-in load and lubricant temperature on gear mesh efficiency.

Two running-in loads were used. The gears run-in at the higher load ex-

hibited a higher gear mesh efficiency, as well as surface transformation after

running-in. The surface roughness for gears run-in at the higher load was

30



decreased significantly compared to the lower load. Two lubricant temper-

atures of 90 °C and 120 °C were investigated. The running-in load has a

larger effect on gear mesh efficiency than the lubricant temperature.

Paper D: The effect of running-in on the efficiency of

superfinished gears

The effect of running-in load on superfinished gears was examined in a back-

to-back gear test rig and then compared to ground gears. The comparison

included coefficient of friction estimation and calculated film thickness for

a wide range of speeds. The superfinished gears did not show a change in

surface roughness after running-in as was seen for ground gears, and the

superfinished gears yielded the same mesh efficiency for both running-in

loads.

Hence, for the tested running-in loads, there seems to be a threshold

in initial surface roughness at which a running-in procedure can enhance

the gear mesh efficiency. Superfinished gears were more efficient overall

compared to ground gears, except at the two lowest tested speeds. The

calculated lambda values showed that superfinished gears were operating in

three lubricating regimes compared to the one in the case of ground gears.

Paper E: Efficiency and temperature of spur gears using spray

lubrication compared to dip lubrication

Three different lubrication modes were compared; dip lubrication, spray

lubrication before ingoing mesh and spray lubrication at outgoing mesh.

Gearbox efficiency, gear mesh efficiency, gear wheel temperature as well as

gear surface roughness were explored.

The two spray lubrication modes clearly yielded a higher total gearbox

efficiency compared to dip lubrication. The gear mesh efficiency of dip lu-

bricated gears was slightly higher than for the two spray lubrication modes,

with a possible reverse effect at the highest tested speed of 20 m/s. Sig-

nificantly lower gear wheel temperatures were measured in dip lubrication

compared to the two spray lubrication modes. Comparing the two spray
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4. Summary of appended papers

lubrication modes, the measured gear wheel temperatures were higher when

gears were lubricated at the outgoing mesh. No change in the gear surface

roughness was seen, except from the running-in procedure prior to efficiency

testing.

Paper F: Efficiency and temperature of spray lubricated

superfinished spur gears

Superfinished gears were tested in dip lubrication and in two different spray

lubrication modes, namely lubrication before ingoing mesh and after out-

going mesh. Gearbox efficiency, gear mesh efficiency, gear wheel tempera-

tures, gear surface roughness progression and the lubricant’s absorbed heat

in spray lubrication were examined, and later compared to ground gears

tested under the same conditions.

Spray lubricated gears exhibit significantly higher gearbox efficiency

than dip lubricated gears above gear pitch velocities of 3.2 m/s. For both

dip and spray lubrication under the tested conditions, gear mesh efficien-

cies were higher for superfinished gears than for ground gears. Lower tooth

and bulk temperatures were measured for superfinished gears compared to

ground gears, and hence lower heat fluxes were found. In spray lubrication

mode at the highest tested load and speed, the measured tooth temperature

of superfinished gears was around 14 °C lower when lubricated at outgoing

mesh and around 4 °C lower when lubricated at the ingoing mesh compared

to ground gears. No changes in gear surface roughness was measured for the

superfinished gears from the running-in procedure prior to testing or after

efficiency testing. The lubricant absorbed slightly more heat when lubricant

was applied at the gear mesh inlet, but the heat absorbed did not correspond

to the measured differences in gear wheel temperature measurements.
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5 Discussion

5.1 Research questions

The research questions formulated in section 1.3 are discussed below.

Can gear efficiency testing be improved by controlling the

gearbox assembly, lubricant level and by preheating the test rig?

Gear efficiency testing in a functional component test rig inevitably requires

a number of steps including disassembly and assembly to prepare a test.

Gear researchers should be aware that measured torque loss can be affected

by inherent losses that vary due to the assembly of the gear test rig (paper

A). By identifying crucial parameters when testing, in this case the lubricant

level and preheating, measurements can be performed more reliably.

Gear research is in many cases an interdisciplinary subject. Areas such

as mechanical design, solid mechanics, lubricant’s chemistry and dynamics

of components are areas which are related when studying a gearbox’s op-

erating behaviours. In this thesis the evolution of surface roughness was

studied at the same time as the related areas of gear efficiency and temper-

ature. Surface profiles were measured before running-in, after running-in

and after efficiency testing. This was done without disassembling the gear

test rig (papers C to F). As can be seen from the assemblies in paper A,

the torque loss level and spread changes even though the same test was

performed. With the procedure for measuring surface profiles in-situ, the

change in torque loss of different assemblies can be ignored and the test will

yield more reliable torque loss and surface profile measurements.
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How is the estimated gear mesh efficiency affected by different

bearing models?

The compared bearing models show distinct trends with respect to speed

and load (paper B). The two Harris/Palmgren models are similar, and are

indistinguishable with respect to gear mesh efficiency. The SKF model

yields the highest bearing torque loss and thus yields the highest gear mesh

efficiency. The Porto bearing model is close to the SKF model in torque loss

and only at low speeds is there a difference between the two models, where

the parameter µbl impacts the estimated torque loss. The KTH model is

characterised by the Stribeck curve shape (figure 2.4), as one would expect

when investigating bearing friction.

If measured torque losses are to be attributed to the contribution from

the gear mesh, the bearing model used will play a significant role. For a

bearing load of 1403 N at a pitch velocity of 10 m/s, the mesh efficiency

with the SKF model is around 0.2 % higher than with the KTH model

(paper B). If the KTH model were used in papers C and D, the gears mesh

efficiencies would thus be lower. The SKF bearing model is widely known

and covers large variations of operating conditions. Several researchers have

used it in their work [13, 55, 56]. However, in some applications it can be

too general and not be able to fully yield correct frictional losses (papers E

and F). Since the KTH bearing model was developed in the same test rig

as when testing gears and specifically for NJ 406 cylindrical roller bearings,

the KTH bearing model is therefore a better choice when investigating gear

efficiency in the FZG gear test rig.

If bearing losses are incorrectly estimated, the gearbox design may pro-

vide inadequate lubrication and cooling. If bearing losses are overestimated,

gear mesh efficiency will be overestimated. If the gear mesh is supplied with

less lubricant as a consequence of higher estimated gear mesh efficiency, it

can lead to gear damage as described in section 2.2. As the lubricant tem-

perature increases from the gear and bearing frictional losses, its viscosity

will decrease. Castro and Seabra identified the lubricant film thickness be-

low which scuffing occurs [10]. Höhn, Michaelis, Collenberg and Shlenk
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5.1. Research questions

demonstrated reduced scuffing resistance for a higher lubricant injection

temperature [57]. If bearing losses are instead underestimated and thus

yield low gear mesh efficiencies, the designed immersion depth of the gears

may be too high to meet the cooling requirements. Increased relative im-

mersion depth has been shown by Höhn et al. and by Seetharaman to

increase load-independent losses of gears [32, 58].

Can the mesh efficiency of ground and superfinished gears be

improved by a running-in process?

For ground gears, it is clear that a running-in procedure can increase the

gear mesh efficiency and so should not be neglected (paper C). From a mesh

efficiency point of view, a higher running-in load is to be preferred over a

lower load. This effect was not seen for superfinished gears (paper D). The

superfinished gears exhibited the same mesh efficiency at both the low and

the high running-in loads. When comparing the change in surface roughness

of gears manufactured using the two methods, the initial surface roughness

of the ground gears decreased after the running-in procedure, while the

superfinished gears showed no change. It appears that there is a threshold

in initial surface roughness at which gears can benefit from a running-in

procedure to improve gear mesh efficiency. The running-in load used in

this work was the highest test load used later. This is also recommended

in literature, where Jacobson states that a new running-in of surfaces is

started if a new extreme condition is tested [59].

Comparing the two running-in procedures, the higher contact pressure

of 1.66 GPa at the pitch was able to reduce the Ra, Rz and Rpk of the

gear flanks. This was achieved by using 21 000 gear flank contacts. Other

researchers have used a higher number of contacts for running-in. Sjöberg,

Björklund and Olofsson showed that the increase in real contact area after

a running-in procedure of 340 000 contacts was the largest for shaved gears

compared to ground and honed gears [60]. The ground gear’s contact area

did not change dramatically. Previously, Andersson had stated that shaved

gear surfaces need 300 000 gear mesh contacts to reach steady-state [24].

In a running-in process of 21 000 cycles for ground gears, Sosa showed that

35



5. Discussion

the change in surface parameters of Ra and Rpk decreased in the first 44

cycles while being more or less constant after that [2]. That the change of

the surface roughness is accomplished in the running-in process for ground

gears can also be seen from the surface roughness table in papers C and

E, where no change in surface parameters was seen after efficiency testing

(three loads tested at eight speeds).

The number of contacts in the running-in procedure (21 000 contacts on

the wheel) seem sufficient to increase the gear mesh efficiency for ground

gears, while superfinished gear are not effected. Together with the results

in Sjöberg et al. and Andersson, this further suggests that different gear

manufacturing methods benefit from different running-in procedures.

How are gearbox efficiency and gear wheel temperature affected

by spray lubrication compared to dip lubrication?

The benefit of spray lubrication is clear when comparing gearbox efficiency

using dip lubrication and spray lubrication. A significant increase in gearbox

efficiency can be achieved using spray lubrication; it can rise by as much

as 1 % at a contact pressure of 0.96 GPa and at 20 m/s. The possible

drawbacks to using spray lubrication are that there is no oil sump to act as a

cooling reservoir, and the lubricant’s secondary objectives such as protecting

gears from oxidising, transporting additives to the gear mesh and damping

vibrations are negatively affected. These secondary objectives might need

to be fulfilled in some other way. It should also be pointed out that spray

lubrication may also increase auxiliary losses because a pump is needed to

circulate the lubricant and inject it at the desired velocity.

The circumstances in which the gears are lubricated clearly affects both

the gearbox efficiency and the measured gear wheel tooth temperature.

Above gear pitch velocities of 8.3 m/s, the measured tooth temperatures

of spray lubricated gears were significantly higher than those of dip lubri-

cated gears. The measured differences at a contact pressure of 0.96 GPa at

20 m/s were approximately 7 °C higher in the normal direction and 20 °C
higher in the reverse direction. It is clear that the nozzle position affects

the measured gear tooth temperature. Spraying into the gear mesh (nor-
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mal direction) significantly reduces the gear tooth temperature compared

to after the gear mesh (reverse direction), papers E and F. Regarding gear

life, Mcgrogan found that spraying closer to the mesh exit has a positive

effect on gear life with less likelihood of gear damage [42]. Borsoff, on the

other hand found a better load carrying capacity for gears lubricated at the

mesh inlet [43]. The results from this work showed lower measured tooth

temperatures when spraying at the mesh inlet (normal direction). It should

also be investigated if gear life is prolonged with this nozzle position.

In this test lubricating at the gear mesh outlet yielded slightly higher

gearbox efficiencies as well as a higher measured gear wheel temperatures,

while the gear mesh efficiencies were more or less the same. For spray

lubricated gears it has been shown that squeezing and pocketing of the

lubricant can give rise to losses [61]. The higher gearbox efficiency when

the gears were spray lubricated in the reverse direction most likely does not

compensate for the higher measured temperatures in the gear wheel tooth,

due to the close relationship between increased gear temperatures and gear

damages [11]. In the tests performed in this thesis, an oil flow rate of 25

ml/s was used. Other authors have used 28 ml/h, but severe gear flank

damage occurred as a consequence [39]. Thus lower flow rates should be

investigated for gears lubricated at the gear mesh inlet, to possibly increase

the mesh efficiency without increasing the gear temperature.

How can gear mesh efficiency be increased and gear wheel

temperature be reduced for spray lubricated gears?

Spray lubricated gear efficiency can be significantly increased and hence

gear wheel temperature reduced by running superfinished gears instead of

ground gears (paper F). At the highest tested contact pressure and speed,

the increase in mesh efficiency was around 0.2 % and the decrease in mea-

sured gear tooth temperature around 14 °C in the reverse direction and

around 4 °C in the normal direction. The increase in mesh efficiency for

superfinished gears was in line with the results from paper D, as well as

those of Britton et al. [21] and Xiao et al. [23].
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Both ground and superfinished gears showed no signs of surfaces dam-

age, with only a decrease in surface roughness for the ground gears after the

running-in procedure. From a gear life perspective, a test time of five min-

utes at each test condition might be too short to draw any conclusions about

whether the gears can withstand damages on the gear flank in the long run.

Longer test times should thus used. Furthermore, as the superfinished gears

have lower measured tooth temperatures it should be investigated whether

those gears can operate under higher contact pressures.

5.2 Other aspects of the results in this thesis

There is a distinct difference between a gearbox in a commercial heavy duty

vehicle and the test setup in this thesis. The test gearbox contains only

one pair of spur gears, while a gearbox in a commercial heavy duty vehicle

contains several pairs of helical gears. Helical gears enter meshing gradually

causing smoother and quieter operation and generally have a higher load

carrying capacity. The drawbacks are the higher sliding and the axial thrust

force which makes helical gears less efficient. In all appended papers the

results were obtained by using spur gears. However, the results of assembly

errors, a higher gear mesh mesh efficiency from using a higher running-in

load, a higher gear mesh efficiency of superfinished gears, a higher gearbox

efficiency for spray lubricated gears and the lower measured gear wheel

temperatures in spray lubrication into the gear mesh are general results

and applicable for helical gears as well.

Gear mesh losses are the source of many gear failures. To accurately

predict gear mesh losses gives a better understanding for designing the lu-

brication system as well as the gears themselves. The bearing model’s effect

on gear mesh efficiency (paper B) is larger than the effect from assembly

errors (paper A) as well as the running-in procedure (papers C and D). The

change in gear mesh efficiency from ground gears to superfinished gears

(papers D and F) is of the same magnitude as the change of bearing model.

In this thesis, the improvement in gear mesh efficiency by changing from

ground to superfinished gears, was shown to be around 0.1 % for dip lubri-
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5.2. Other aspects of the results in this thesis

cation and around 0.2 % in spray lubrication. This effect may appear to

be negligible. However, the annual production of gears is vast, and there

are countless gears transferring torques in gearboxes and machines. In the

bigger picture, this increase is significant. Holmberg et al. estimated that

180 billion litres of fuel is used to overcome frictional losses in heavy duty

vehicles worldwide, and thus 0.1 % increase in efficiency would correspond

to 180 million litres of fuel saved [6]. They also concluded that a reduction

in friction has a 2.5 times benefit for fuel economy due to the reduction of

exhaust and cooling losses as well.

Producing gears with a superfinished surface increases production costs,

and thus trying to give all gears such a smooth surface might be excessive.

However, in a gearbox it might be sufficient to have this surface finish

on only one gear pair, the pair for which gear damage is most likely. To

improve the surface fatigue lives of gears, the surface roughness can be

reduced, the EHL film thickness may be increased, or both methods may

be applied. When the effect of the lubricant viscosity on gear fatigue life

was studied, Townsend and Shimsky found a positive correlation between

calculated EHL film thickness and gear surface fatigue life. They concluded

that an increased EHL film thickness improves the fatigue lives of gears

[62]. Nakasuji and Mori electrolytically polished gears, and found a 50 %

increase in stress limit so that the gears did not suffer from pitting damage

[63]. Krantz, Alanou, Evans and Snidle performed pitting tests of case-

carburised gears of Ra 0.4 µm (ground) and Ra 0.1 µm (superfinished). Tests

were run at 10 000 rpm at 1.7 GPa at the pitch line. After 200 million cycles

all the ground gears had failed while only 50 % of the superfinished gears

had failed [64].

The need for the lubricant’s secondary objectives of transporting ad-

ditives (extreme pressure) to the gear mesh can possibly be reduced by

using superfinished surfaces. The hydrodynamic separation of gear flanks

is achieved more easily with lower surfaces roughness (paper D). This type

of transition has been previously investigated by Schipper [65]. This effect

is also reported by Björling, Larsson, Marklund and Kassfeldt who saw a

transition from full film to mixed lubrication at lower entrainment speeds
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[66]. This effect also opens up the possibility of using lubricants with lower

viscosities that still can separate the gear flanks.
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6 Conclusions and future work

The following conclusions can be drawn with respect to the research ques-

tions formulated in section 1.3:

• Gear efficiency testing can be made more reliable and accurate by

identifying which parameters affect the measurement the most. A

variation in measured torque loss was seen for different assemblies of

the same test setup. The lubricant level and preheating of the gear

test rig are the parameters with the greatest influence on the measured

torque loss.

• The estimation of gear mesh efficiency is significantly affected by the

choice of bearing model. The change in efficiency can be of the same

magnitude as changing from ground to superfinished gears.

• The gear mesh efficiency of ground gears can be improved by a running-

in process. For ground gears, a maximum contact pressure of 1.66

GPa in the gear contact during running-in, increased the gear mesh

efficiency more than a maximum contact pressure of 0.96 GPa in the

gear contact during running-in. This effect is not seen for superfin-

ished gears which had the same gear mesh efficiency for both running-

in loads and thus, there seems to be a threshold of initial surface

roughness where this effect is possible.

• At a maximum contact pressure of 0.96 GPa in the gear contact, it is

possible to implement spray lubrication without detrimental effects on

the gears. Lower gear wheel temperatures are measured for gears spray

lubricated at the gear mesh inlet compared to gears spray lubricated

at the gear mesh outlet.

• For gears spray lubricated at the mesh inlet, tested at a maximum

contact pressure of 0.96 GPa and at a pitch velocity of 20 m/s, the
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gear mesh efficiency can be significantly increased and hence gear

wheel temperature reduced by running superfinished gears rather than

ground gears by up to 0.2 % and 4 °C respectively.

This thesis has identified possible measures to improve the efficiency

of a gearbox, but there are many areas to explore further. The following

proposals are made for future work:

• Investigate other manufacturing methods and surface treatments of

gears, including honing and shot peening, and further map gear effi-

ciency.

• Implement the bearing model developed and match frictional losses

from gears and bearings to temperatures in the gearbox.

• Further explore parameters related to spray lubrication, including lu-

bricant injection velocity and position of the spray nozzle.

• Investigate whether superfinished gears can sustain higher loads than

ground gears when spray lubrication is used.

• Investigate whether a running-in procedure also increases gear life.
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Appendix

Appendix I

The constants used in equation 3.20 are presented in Table 6.1 and Table

6.2.

Table 6.1: Constants for A, B and C in spray.

0.59 GPa 0.80 GPa 0.96 GPa

A 1.590e-05 1.957e-05 2.225e-05
B 1.821 3.303 3.354
C -0.005123 -0.006502 -0.004118

Table 6.2: Constants for A, B and C in dip.

0.59 GPa 0.80 GPa 0.96 GPa

A 1.438e-05 2.185e-05 2.666e-05
B 0.4556 1.262 3.403
C -0.001312 -0.005676 -0.009950
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[18] Lúıs Magalhães, Ramiro Martins, Cristiano Locateli, and Jorge Seabra.

Influence of tooth profile and oil formulation on gear power loss. Tri-

bology International, 43(10):1861–1871, 2010.

[19] Philippe Velex and Fabrice Ville. An analytical approach to tooth fric-

tion losses in spur and helical gears—influence of profile modifications.

Journal of Mechanical Design, 131(10):101008, 2009.

[20] Yasser Diab, Fabrice Ville, and Philippe Velex. Prediction of power

losses due to tooth friction in gears. Tribology transactions, 49(2):260–

270, 2006.

46



Bibliography

[21] RD Britton, CD Elcoate, MP Alanou, HP Evans, and RW Snidle.

Effect of surface finish on gear tooth friction. Journal of tribology,

122(1):354–360, 2000.

[22] Ellen Bergseth, Ulf Olofsson, Roger Lewis, and Stephen Lewis. Effect

of gear surface and lubricant interaction on mild wear. Tribology letters,

48(2):183–200, 2012.

[23] Li Xiao, B-G Rosen, Naser Amini, and Per H Nilsson. A study on the

effect of surface topography on rough friction in roller contact. Wear,

254(11):1162–1169, 2003.

[24] Sören Andersson. Partial EHD theory and initial wear of gears. Insti-

tutionen för Maskinelement, 1975.
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