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Abstract 
This thesis investigates passive damping system performance in heavy vehicles through 
analytical expressions, simulations with different vehicle models as well as through 
experimental evaluation in a tractor semi trailer combination. The objective is to study 
what levels of chassis suspension damping that are desirable for different vehicle modes 
and how this may be achieved with passive damping systems. 

To investigate the influence on performance from damper positioning, analytical 
expressions for a 2D - suspension model are derived. Geometric key parameters 
controlling roll and bounce damping are found to be damper vertical aligning and 
perpendicular distance between damper and suspension roll centre respectively. These 
parameters are often not easily altered within an already existing vehicle. To investigate 
performance possibilities from damping not restricted by packaging requirements, the 
concept with distributed damping is furthermore studied. Theoretical expressions for 
modally distributed damping are first derived from an analytical tractor model with 7 
DOF. Considered motions for which damping is prescribed are bounce, pitch and roll of 
sprung mass, and axle crossing. These equations are evaluated through various 
simulations with a 4x2-tractor semi trailer model. Results from simulations show that 
the conflict in damping demands with passive independent dampers for a single lane 
change and a one-sided pot hole may be significantly reduced with amplitude 
dependent modal damping. 

Vehicle damping performance is not only affected by the dampers positioning and their 
individual setting, but also by the damper attachment structure. The influence from 
compliance in e.g. brackets and mounting bushings at damper attachment points is 
therefore studied. Linear analysis with a simple spring mass damper model shows that 
damper attachment compliance reduces the damper efficiency. Finite element analyses 
of both the chassis frame and the tractor are furthermore performed to obtain numerical 
values of front-axle damper-attachment stiffness. The effect from damper-attachment 
stiffness is quantified though simulations with a tractor semi trailer model. Simulation 
results show that it is important to consider the attachment stiffness during vehicle 
manoeuvres containing high frequency inputs such as the passage over a plank.  

A methodology and equations for prescribing chassis suspension damping as function 
of general vehicle modes by using electronically controlled variable dampers is 
presented. A critical input for such implemented modal damping systems are the real 
time estimation of modal motions necessary for force calculation. From performed 
simulations it is shown that geometric calculations of modal velocities based solely on 
relative damper displacements contain significant discrepancies to actual motion for 
transient road inputs. To overcome this, a time-domain system identification approach 
is presented, where models that estimate modal coordinate velocities with considerably 
higher accuracy are identified.  

The proposed modal damping approach is implemented on a 4x2 tractor and 
experimentally evaluated through various road tests. It is shown that the system has the 
desired ability to control sprung mass bounce and pitch modes separately and that it 
improves vehicle performance on all tested load cases.  
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1 Background 

1.1 Heavy vehicles 

Heavy vehicles are commercially used to transport goods and are due to strong 
competition operated by very cost sensitive owners. Trucks are bought by customers 
with the purpose of being as profitable as possible, in other words to transport as large 
amount of goods as fast and cheap as possible. New technology is therefore not easily 
introduced if it in the end doesn’t bring a cost reduction to the customer. As a result 
trucks are designed such that chassis suspension components are chosen for reliability 
and cost rather than technology features and such that suspension layout is governed by 
packaging requirements rather than optimal suspension performance.  

1.2 Objective 

The background to this work is the desire for increased knowledge in chassis 
suspension design for heavy vehicles. Generally stated, the objective is to improve 
driver, goods and chassis comfort. One of the key factors to good vehicle comfort is to 
provide appropriate damping. Although there are several components in trucks that 
provide damping, this thesis focuses on chassis suspension damping since it for vehicle 
dynamics is the main damping source. The objective is to investigate what choices of 
damping that are preferable and how they may be implemented with passive dampers. 
Passive in this sense is referred to as time invariant damping. Aspects such as damper 
positioning and stroke dependent damping, modally distributed damping and finally 
damper attachment compliance are investigated theoretically and a system to evaluate 
the effects practically on a heavy vehicle are presented. The research question may be 
formulated as: with basis in passive chassis suspension dampers how may damping be 
enhanced to improve the vehicle performance. 
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1.3 Outline of thesis 

In addition to the six appended papers, papers A – F, this thesis begins with an 
introduction to the subject of damping in heavy vehicles and its coupling to the 
performed work. The introduction aims to put the work in the appended papers into a 
broader perspective and furthermore to relate it to other research performed in this field. 
Apart from describing the thesis background, it also contains a general introduction to 
damping in heavy vehicles, with design of heavy vehicles, chassis suspension damping, 
evaluation of vehicle performance, damper positioning, characteristic damper motion 
for load cases and interconnected suspension systems as sub sections. The following 
chapter introduces the concept of distributed damping, with damping of vehicle eigen 
modes, modally distributed damping, and experimental evaluation as sub sections. 
Chapter 4 discusses the damper attachment compliance and chapter 5 summarises 
results from the appended papers. Finally, a concluding discussion and ideas for future 
work are presented in chapters 6 and 7. 
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2 Introduction to damping in 
heavy vehicles 

2.1 Design of heavy vehicles 

One of the most common road vehicles used for haulage transports in Europe is the 4x2 
tractor, figure 1. It is normally used in combination with a 13.6m three axle semi trailer 
connected to tractors fifth wheel. The tractor is composed of several main parts such as 
chassis frame, wheel axles, driveline, cab, fifth wheel and frame components such as 
fuel and air tanks, batteries etc. These main parts are connected to each other using 
various techniques. They are riveted, clamped, bolted or mounted with different 
suspension systems such as rubber bushings, air-bellows, springs and dampers.  

 

Fifth wheel 

Front axle 

Rear axle 

Cab 

Chassis frame 
Driveline 

Fuel tanks 

Air tanks 

Batteries 

 
Fig. 1 Side and top view of a 4x2 tractor. 
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The main purpose with these suspension systems is to minimize transmission of 
vibrations from external (road irregularities) and internal sources (driveline), figure 2. 
The suspension systems are thus included to improve driver, goods and chassis comfort 
but also to provide good vehicle road holding. 

Seat suspension

Chassis suspension

Cab suspension

Tire suspension External sources
(Road excitation)

Internal sources
(Driveline & wheel induced)

Driveline suspension

 
Fig. 2 Various suspension systems in a truck. 

Damping of low frequency and high amplitude motion (~ 0-15Hz) is typically induced 
by vehicle manoeuvring or road irregularities and is mainly provided in cab and chassis 
suspension. Passive hydraulic dampers are often utilized in front and rear axle 
suspensions as well as the cab suspension. These dampers are a good compromise 
between reliability, cost and damping performance. Tires and mounting bushings are 
other damping sources that typically provide damping for high frequency and low 
amplitude vibrations (above ~15Hz). Additionally there is friction and structural 
damping in components such as the chassis frame. This damping is however not of the 
same magnitude as chassis suspension damping. For the driver there is furthermore 
damping in the seat suspension and seat upholstery. 

2.2 Chassis suspension damping 

Chassis suspension dampers are included with the purpose of controlling chassis 
motion and minimizing wheel load variation. Figure 3 schematically shows the effect 
the damper has on both the lower frequency sprung mass vibrations and on the higher 
frequency unsprung mass vibrations originating from a passage over a step in road 
height. Control of chassis motion is not only a subject for driver comfort it is also 
related to suspension travel to avoid suspension bottoming during transients. 
Minimizing wheel load variation is related to maximizing potential lateral and 
longitudinal tire forces and thus vehicle safety. 
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Control chassis motion 

Minimize wheel load variation 

Undamped Damped 

 
Fig. 3 Different tasks for chassis suspension dampers. 

Different dampers or actuators are often categorized according to their force 
characteristic. To visualize the theoretical differences, figure 4 shows principal sketches 
with possible damper force (on the vertical axis) as function of the selected inputs (on 
the horizontal axes). The damper input is usually displacement velocity, but the force 
function may also depend on displacement amplitude, acceleration and vehicle load. 
Passive hydraulic dampers are, as previously mentioned, the most common way of 
including chassis suspension damping in heavy vehicles. Passive systems here refer to 
systems with fixed, time invariant, characteristics that cannot be changed during 
driving. A typical setting for a passive hydraulic damper, with different characteristics 
for compression and extension, is shown in figure 4 (a). 

        

 

       

 

                     
                   a                                 b                               c                                d                               e 
 
Fig. 4  Principle sketches of passive (a), discrete semi-active (b), continuous semi-active (c), theoretic semi-

active (d) and theoretic active damping systems (e). The vertical axis describes the possible element 
force over displacement velocity on the horizontal axis. 

Active damping systems are at the highest complexity level. These systems can, at least 
theoretically, prescribe the desired damper or actuator force independent of input. A 
theoretical plot of force vs. displacement velocity may therefore be sketched as in 
figure 4 (e). Since active elements may generate forces in a direction opposite those of 
the normal damper force they are often better described as electronic or hydraulic force 
actuators rather than dampers. Beyond the separation in force characteristic, Elbeheiry 
et al. [1] further separated different active systems according to actuator bandwidth. 
Systems with actuators of less than 8Hz bandwidth are denoted low frequency (slow) 
active suspensions and those with greater bandwidth than 8Hz are referred to as high 
frequency (fully) active suspensions. 

Semi-active damping systems are at an intermediate complexity level. These systems 
may generate the desired damping forces independent of the input, but only as long as 
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there is suspension motion. Theoretically they may be sketched as in figure 4 (d), but 
this is however difficult to realise in practice. Current commercial semi-active damper 
designs basically follow one of two damping approaches. The first approach utilises 
various damper valve designs to control the flow of the damper fluid [2, 3, 4]. The 
second approach utilises a damper fluid with Magneto-Rheological (MR) properties 
together with an adjustable magnetic field to control the viscosity [5]. The implemented 
semi-active damping systems usually have a basic passive damper characteristic that is 
altered with either a discrete (b) or a continuous (c) multiplier, where the continuous 
multiplier is obtained through the use of an electro mechanical valve or through the MR 
technology. On air suspended vehicles it is possible to replace the electronically 
controlled valve by a pneumatically controlled valve. Load sensitive damping may then 
be obtained by pneumatically connecting the air bellow and the damper valve. Since the 
pneumatically damping control PDC requires no additional sensors it is particularly 
attractive for trailers and semi trailers [6]. 

2.3 Evaluation of vehicle performance 

The assembly of interconnected truck parts acts as a dynamic system. To obtain good 
dynamic properties it is essential to use a complete vehicle perspective during both 
design and implementation of suspension systems. Due to the modular block based 
design, truck manufactures often deals with a difficulty that is somewhat different from 
the passenger car industry. The modular block design technique makes it possible to 
build an enormous number of vehicle specifications from a limited number of modular 
blocks, much to benefit for the customer that often in detail can specify his or her 
preferred vehicle. Due to the huge number of resulting combinations involved it is for 
the manufacturer indeed a challenge to optimise the dynamic properties. The appended 
papers to this thesis consider both a rigid truck and a tractor coupled to a semi trailer. 
Although these vehicles are carefully selected to represent as large portion of 
distribution and long haulage vehicles as possible, the specific vehicles are only two 
out of many thousand possible vehicle configurations. 

2.3.1 Heavy vehicle testing 

The most common way to find appropriate damper settings today is by manual tuning 
for individual vehicle specifications. A more automated approach to find the 
appropriate settings would be preferable, but this is due to the problem complexity not 
easy to realize. An example is the chassis suspension dampers that are manually tuned 
at their given positions, while driving various load cases. These load cases are mainly 
chosen to represent typical driving conditions. In the tuning process usually both ride 
and handling load cases are used. Since the vehicle manufacturers and ride engineers 
have specific opinions regarding vehicle behaviour, manufacturers usually optimize 
their vehicles slightly different even if identical load cases would have been used. A 
difficult problem in the tuning process is thus to express desired performance as criteria 
to optimize for. 
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2.3.2 Heavy vehicle modelling 

Although using real vehicles under real driving conditions may seem as the most 
intuitive way to evaluate vehicle performance it is not always applicable. A base 
requirement is that real vehicles with correct specification exist or at least that other 
vehicles can be modified to represent the desired specification. In many 
predevelopment projects it is further desirable to evaluate vehicle performance before 
real vehicles can be built. To enable this, much research has been performed on 
developing models for vehicle simulation. Among others there are several good review 
papers in the field of suspension design [1,7,8,9]. Two reviews that solely focus on 
heavy truck ride were presented by Gillespie [10] and Ribarits et al. [11] in 1985 and 
1978. Gillespie lists the effect major excitation sources, such as road roughness, 
rotating wheel and driveline vibrations has on vehicle vibrations, and discusses its 
effect on trucks and tractor semi trailer combinations with several frequency vibration 
plots. Ribarits et al. [11] uses mathematical models to investigate the articulated vehicle 
problem and the jumping ride problem. They showed that the trailer suspension mainly 
affects longitudinal accelerations and noted that a bad suspended semi trailer can 
deteriorate a good suspended tractor, but that a good semi trailer can’t improve the ride 
comfort of a bad tractor. Although modelling techniques and computer capacity have 
been greatly developed over the years, the problems addressed in both papers are still 
very relevant since the basic layout of the truck is still the same. 

 
Sprung mass 

Chassis suspension 

Unsprung mass 
Tire 

 
Fig. 5 Schematic picture of a quarter car model. 

A common model used for investigating the fundamental vibration behaviour of vehicle 
suspensions is the so-called quarter car model, figure 5. This model consists of two 
masses, sprung and unsprung mass, which are connected by a chassis suspension, often 
modelled as a spring and damper. The unsprung mass is in contact with the road 
through the tire modelled with a spring and sometimes also with added damping. 
Studying the side view of the tractor in figure 3, it is fairly easy to understand the 
chosen discretisation for the quarter car model. This model is normally used to 
understand how chassis suspension spring stiffness and damper coefficient affects 
vertical vibration of both sprung and unsprung mass. Figure 6 shows a conflict diagram 
with a weighted comfort criterion for the driver, Kges (vibration of mass m3) versus a 
measure with relative wheel load variation σF /Fz stat, [12]. This quarter car model is thus 
extended with seat suspension (k3, c3) and a separate driver mass (m3). More common is 
however that the seat suspension is removed and driver mass is included in the sprung 
mass (m2), as in figure 5. In most related conflict diagrams two performance criteria are 
used and an optimum suspension setting is searched, i.e. finding the values of k2 and c2 
that minimises both criteria. The simplicity of the quarter car is probably one major 
reason for it’s widely usage among researchers to compare performance of passive, 
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active and semi-active suspensions. A majority of the papers focus on control strategies 
and algorithms for active and semi-active suspensions. Karnopp [13] is one example of 
this, but further are listed in the survey by Hrovat [14]. 
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Fig. 6 Conflict diagram of chassis suspension characteristics as described by Mitschke [12], where axle 

labels and nomenclature are translated from German. 

The drawback with quarter car models is that it does not consider the geometrical 
positioning of the vehicle suspension. Damping of vehicle eigen modes is not only 
determined by the individual damper characteristic but also by the dampers geometrical 
position. To include this aspect in the analysis, a model with more degrees of freedom 
is required. Still aiming for model simplicity, many researchers expand the quarter car 
model to 2 dimensional (2D) roll and pitch plane models. To capture full rigid body 
modes of the vehicle, a minimum of 7 degrees of freedom (DOF) is necessary. Models 
of this complexity level are well suited for linearised eigen value analyses which 
provide a fundamental understanding of vehicle dynamic properties. Such analyses are 
performed in paper A with a two mass model and in paper B with a 7 DOF model.  

To more accurately capture the non-linear behaviour of the vehicle, even more complex 
models are necessary. Cole et al. [15] thoroughly validated an articulated vehicle model 
with 21 DOF, but when expanding model complexity further it soon becomes tedious to 
derive necessary equations of motion. Using the modelling technique within Multi 
Body Systems (MBS) software the vehicle is represented as a system of rigid bodies 
connected to each other with joints and force elements and the equations of motion are 
both generated and solved automatically within the program. Critical aspects for 
modelling of heavy vehicles are the tire models and the modelling of the chassis frame. 
This thesis uses a MBS model of a rigid truck in paper A and a MBS model of a tractor 
with semi trailer in papers B, C, D and F. In the initial analyses with the truck, the 
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frame was modelled as a rigid body and lateral tire force characteristics were 
described by the Magic-Formula [16]. In later analyses with the tractor semi trailer 
combination, a flexible chassis frame imported from a Finite Element (FE) program 
was implemented to better capture the chassis frame flexibility. For handling 
manoeuvres together with Magic-Formula tires the calculation effort for a typical 
simulation was reasonable. For ride analysis with the flexible chassis frame model the 
simulation time however became too long. This was due to the largely increased model 
size together with the more sophisticated F-tire [17] model used. To get reasonable 
simulation speed, the flexible chassis frame model was rejected and a compromise with 
the tractor frame modelled by two bodies interconnected with a rotational stiffness was 
finally selected for paper B. The validation of the tractor semi trailer model is shown in 
appendix B2 to paper B. 

2.3.3 Ride evaluation 

Tuning of damper settings on a vehicle is today a manual work performed by skilled 
test drivers, who subjectively rate different settings while driving on different roads and 
test tracks. A requirement to fully benefit from virtual development early in the design 
phase is therefore to have good objective measures for evaluation of vehicle comfort 
corresponding to the subjective preferences of test drivers. Good objective measures is 
of course also the key point for all research using vehicle models, such as e.g. the 
quarter car model in figures 5 and 6 when searching for the “optimal” suspension. Strict 
mathematically there is no doubt that presented algorithms improve the utilised 
optimisation criteria. However, from more practical point of view the most difficult 
challenge often lies in formulating the correct criteria to optimise for. Regarding human 
vibration exposure, it exists an ISO-standard for estimating how uncomfortable 
vibration environments are for human beings. The standard ISO2631-1 [18] uses 
frequency weighting of accelerations corresponding to human sensitivity in that 
frequency range and direction. Lindström [19] studied different methods to optimize 
shock absorber damping. When comparing cab acceleration in two trucks, he showed 
that it not always is the vehicle with the lowest RMS value, unweighted or weighted 
according to ISO-2631-1 that subjectively was rated as the vehicle with the best ride 
comfort. This standard is therefore not sufficient to use when tuning vehicle dampers. 
In 2004 an additional part that considers multiple shocks was added to the ISO 
standard as ISO-2631-5. This latest part (2631-5) was not considered by Lindström 
[19], nor is it considered in this thesis.  

The search for good objective ride comfort measures is a complex and difficult task for 
the whole vehicle industry and a research field in its own. When evaluating the driver’s 
sensitivity to vibrations driving simulators may be used. Strandemar et al. [20] studied 
how sensitive drivers are toward changes in signal level and Kushiro et al. [21] studied 
sensitivity towards pitch and bounce acceleration. The books by Mitschke [12] and 
Griffin [22] are furthermore examples on extensive literature covering this field. 

In addition to the search of good criteria to optimise for, there exists a further difficulty 
in finding well defined load cases to evaluate. When using real vehicles on real road 
sections the difficulty is to preserve the same road condition. Since the road surface is 
subjected to wear, the load case alters over time. It is especially for longer time periods 
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(~years) this becomes an issue. However, the repeatability issue is avoided if simulation 
models or road simulators are used. With these techniques the focus instead becomes 
deciding what road signals to use. There are several well defined obstacles such as step 
inputs or road bumps that may be used to study transients. For normal roads it is 
possible to measure the road surface using laser/inertial profilometer technique [23]. 
Roads can then be classified according to the ISO standard, ISO 8608 [24], which have 
been developed to define road classes from spectral densities. There has further been 
some research on statistical modelling of measured road signals [25,26]. 

Road simulators are important tools in damper optimization for race teams with limited 
track testing possibilities. With this purpose Kowalczyk [27] uses a seven-post shaker 
rig for tuning dampers. A basic problem with road simulators is however that the 
vehicle is standing still and that the engine is not running. When driving on a road the 
drive train will induce vibrations and driving torque will tighten some suspension play. 
Rig simulations are therefore not entirely comparable to regular driving conditions. A 
good feature with the road simulator is however that it enables testing of almost any 
road irregularity with full repeatability. This makes it possible to entirely separate 
idealized load cases, something that is difficult when driving on a road.  

Work presented in this thesis is based on load cases of both obstacle type and rough 
road type. For the simulation models road input is randomly generated with road 
spectra according to ISO 8608. For initial analyses with linear models, relative 
damping is used as damping measure. For succeeding analyses with non-linear MBS 
models no objective measure is selected, instead results are evaluated by comparing the 
relative effect on time signals for various coordinates. Resulting accelerations from 
rough roads simulations are studied in the frequency plane.  

2.3.4 Handling and roll over evaluation 

Handling and safety issues are other important factors that have to be considered in the 
suspension design. The main factors affecting handling are vehicle properties such as 
mass and inertia, load distribution, steering characteristics, spring stiffness, suspension 
kinematics and cornering stiffness of the tires. Handling manoeuvres, like single lane 
change, are however dynamic events where the damper tuning may have significant 
influence. Positioning and setting of the dampers have effect on e.g. the normal tire 
force variation, dynamic lateral load distribution and vehicle roll angle. An important 
safety issue for heavy vehicles is vehicle roll over. A widely accepted way to evaluate 
the roll over tendency for heavy vehicles is to measure the SSRT (Steady State Roll 
over Threshold). This was thoroughly investigated by Winkler et al. [28] in 2000. Later 
Dahlberg [29] introduces the DRT (Dynamic Roll over Threshold), in which he, 
through an energy analysis, also take the dynamic properties into account. In his work 
he states that one vehicle can have a higher SSRT than another vehicle although it has a 
lower DRT. It is therefore necessary to also consider the dynamic behaviour. However, 
mass centre height and spring stiffness have much greater influence on roll over than 
damping and therefore roll over is not evaluated in this thesis. 
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2.3.5 Road friendly suspensions 

The relatively high wheel load of heavy vehicles is the reason for research that focuses 
on optimising the truck suspension to minimise road damage. A very thorough 
description of this field is given by Cebon [30]. Both the theoretical control strategy 
and practical implementation using semi-active dampers are discussed by Kortüm and 
Valášek [31]. Results from their experimentally equipped vehicle, shows a 10–20% 
reduction of dynamic road loads. Damping aspects on road friendly suspensions and 
thus road comfort is however not covered in this thesis. 

2.4 Damper positioning 

Besides tuning the damper characteristics, damping can also be changed through 
altering the damper positions. The fact that both damper position and setting is 
important for vehicle behaviour is verified by Kramer et al. [32], who studied rear end 
break-away, or skate on a light truck. Skate is a phenomenon that may occur when live 
axle equipped vehicles are driven aggressively on rough and winding roads. Skate is 
linked to the tramp mode oscillation (out of phase vertical oscillation) of the rear axle. 
Kramer et al. used a special vehicle to evaluate the effects of both damper valving and 
damper positioning. Their conclusion was that the axle tramp modes were under 
damped and that some reduction in skate is possible by adjusting valving. Improved 
control is however facilitated by positioning the dampers near the wheels. 

To investigate how damper positioning and orientation affect roll and bounce damping, 
a plane (2D) model was derived, see paper A. The two mass model depicted in figure 7 
consists of two dampers, two air bellows (or springs), one anti-roll bar and two tires. 
Both sprung mass (index 1) and unsprung mass (index 2) may translate in z-direction 
and rotate around roll centre. The considered motions are therefore roll and bounce for 
sprung (chassis) and unsprung (axle) masses.  
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Fig. 7 Layout of mathematical front axle suspension model from paper A. 

The analytical expressions of relative damping for the considered motions are derived 
in paper A, but may be summarized as: 
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αζ 2cosAz =    (1) 

2
⊥= rBϕζ     (2) 

for relative bounce Z and roll φ damping respectively. A and B are constants with 
different values for sprung and unsprung mass. The equations show that the relative 
bounce damping is a function of squared cosine of the damper angle α and that the 
relative roll damping is a function of the squared perpendicular roll centre to damper 
distance r⊥. To visualise what this corresponds to (in terms of damping performance), 
the lateral position of the lower damper attachment point is varied continuously from 
0.45m to 1m in figure 8.  
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Fig. 8 Relative damping of bounce and roll for sprung (index 1) and unsprung (index 2) mass with different 

lateral positions of the lower damper attachment point. The conventional position is 0.55m. 

By moving the lower damper attachment point 0.23m outwards, from a nominal 
positioning at 0.55m, relative bounce damping decreases with approximately 6% for 
both sprung and unsprung mass. At the same time relative roll damping increases with 
81% for sprung mass and 75% for unsprung mass. These gains are due to increased 
perpendicular damper to roll centre distance, r⊥, and the losses are due to increased 
inclination of the damper, from α = -5° to α = +15°. 

Knowing how to affect mode damping with the geometrical positioning of the damper, 
it is desirable to determine what level of relative damping that is preferable. For this 
purpose full vehicle simulations with a MBS model of a rigid truck are performed. The 
front axle truck suspension is modelled such that it is possible to vary roll and bounce 
damping independently. Various load cases are simulated. The results from these 
indicate that to minimize RMS acceleration during rough road driving, the desired 
amount of damping should be increased in comparison to typical values. If however 
peak accelerations for transient obstacles are considered, the amount of damping must 
be limited. The bounce damping value for heavy vehicles is usually set by these 
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boundaries. With the considered load cases and damping values no restriction on upper 
limit roll damping was found. 

Using equations (1) and (2) while simultaneously varying both damper lateral position 
and inclination angle the choice for specific roll and bounce damping values is almost 
totally decoupled. In practice packaging requirements often restrict the feasible 
positioning and the span in which damping may be varied is therefore limited. 

2.5 Characteristic damper motion for load cases 

The most common way to optimize chassis damping is tuning the damper 
characteristics for a fixed position while driving over different load cases. The different 
load cases however often result in different preferable damper settings. Fukushima et al. 
[33] examined necessary damping of passenger cars for various driving conditions. 
They state that the dampers account for 90-75% of the total dynamic suspension force 
when driving on smooth and rough roads, see exciting force ratio in figure 9b. Since 
this force excites the vehicle body, it reduces the riding comfort and the damping 
coefficient should therefore be low. Different damping characteristics are however 
desired for aspects such as tire-load fluctuation, handling manoeuvres and transient 
road obstacles.  
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Fig. 9 Dynamic forces in coil spring and damper (shock absorber) when driving various load cases, from 

[33].  

Fukushima et al. [33] further separate damper motion into displacement amplitude and 
displacement velocity. This makes it possible to compare the operating range of piston 



 
 
 
 
 
 
 
On modally distributed damping in heavy vehicles 
 

 

15 

velocity and the operating range piston stroke for the tested load cases. By studying the 
piston velocity ranges in figure 10a it may be seen that the steering manoeuvres (figure-
8 turn, rapid steering, and lane change) approximately have the same velocity 
magnitude as driving on a smooth road. Since damping normally is desired for steering 
manoeuvres and normally is undesired for driving on a smooth road, a compromise is 
required. If the damping however also could be made dependent on the piston stroke 
shown in figure 10b, the steering manoeuvres could be given much higher damping 
than when driving on the smooth road driving. Fukushima et al. conclude that optimum 
damping characteristics depend on piston stroke, figure 7.  

 
Fig. 10 Operating range of damper displacement and damper velocity, from [33]. Bump passing is here 

referred to as the small obstacle in figure 9c, not to be mixed up with the much larger road bumps in 
used in papers B-F. 

Current designs of stroke dependent dampers have a fixed by-pass region in the damper 
tube and are thus so called nodal dampers. On heavy vehicles they are usually mounted 
in the cab suspensions, where they in a ±0.01m groove range, by-passes the damper oil 
from the valve which results in a lower damping force, figure 11. The nodal range 
which is centred at the nominal ride height thus requires a good levelling system for 
intended damper functionality. These dampers are therefore usually used together with 
air suspensions. Etman et al. [34] uses both quarter car and full-scale MBS models to 
optimize a stroke dependent front axle damper for a heavy truck. Three load cases; a 
traffic bump, a wave in road height and a railway crossing are used as input. Results 
show that although stroke dependent damping can reduce large suspension travel, the 
optimum damping curve will still be related to the bound of acceptable acceleration. 
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Fig. 11 Measured characteristics of a passive nodal by-pass damper mounted on a cab air suspension. Within 

displacements of ±0.01m the damper characteristics follows a curve with a lower gradient. 

Technical refinement of individual dampers has been presented to decrease the trade-
offs when choosing a damper setting. Monroe [35] used the results from Fukushima et 
al. [33] to justify their development of a new stroke dependent damper. It features a 
continuous by-pass damper which is implemented as a cylindrical plate that moves 
along the piston and closes the piston valves for larger amplitudes. This damper 
removes the suspension levelling requirement associated with the fix bypass damper 
shown in figure 11. Other damping characteristics are also possible with the new gas 
filled mono tube damper presented by Duym et al. [36]. This damper exhibits frequency 
dependent characteristics through the use of a compressive damping medium. The 
frequency dependency adds a new dimension and enables separate tuning of the 
damping at both body resonance (1-2Hz) and axle resonance (10-15Hz). 

2.6 Interconnected suspension systems 

In section 2.4 it was described how positioning of the dampers affects damping of 
vehicle eigen modes and that it due to geometrical constraints not always is 
simultaneously possible to realise the desirable damping in roll and bounce. This 
phenomenon furthermore also appears for the suspension stiffness. To overcome the 
often necessary compromise, various interconnected suspension systems have been 
developed. By interconnected suspension is in this thesis referred to when the force 
elements i.e. the springs, dampers or actuators not only depend on their individual 
states, but rather are functions of the states also for other force elements, see figure 12. 
This section briefly describes the history of some interconnected suspension systems.  
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F1(δ1,δ2,δ3,δ4)  
Fig. 12 Suspension systems with individual springs/dampers/actuators (left) and with interconnected ditto 

(right).  

As early as 1934, Maurice Olley [37] discovered the potential of setting the rear 
suspension somewhat stiffer than front suspension to suppress vehicle pitching motion. 
His results were obtained through laboratory rig testing at the Cadillac Motor Car 
company. To further suppress pitch motion, while still enable relatively free bounce 
motion, Citroën in 1948 introduced coupled front and rear suspension on their model 
2CV [38]. A different interconnection approach was used by Packard in its levelizer 
torsion bar system in the 1950’s. It featured main torsion bars along the wheel base 
together with shorter levelizer bars connected to an electrically driven gear box to 
enable preload, see figure 13. A more recent interconnection approach using suspension 
linkages was presented by Fontecaba i Buj [39] in 2002. 

 
Fig. 13 Schematic picture of the Packard “levelizer” torsion bar suspension, from [38]. 

Alex Moulton patented a hydrolastic suspension with a hydraulically operated rubber 
spring in 1955. It appeared commercially on the BMC Morris 1100, in 1962 [38], with 
front and rear suspensions interconnected on each side. Citroën introduced hydro 
pneumatic suspension (with gas spring) at both front and rear with their model DS19 in 
1955. This early Citroën system had no interaction other than for self levelling. The 
Moulton patent however led to several other hydro pneumatic systems. An example is 
the diagonally interconnected hydro pneumatic suspension system by the German 
component supplier Langen AG. This system was fitted to the Mercedes-Benz 600 in 
1964 [38]. During the 1970’s and 1980’s an extension of the diagonally interconnected 
Langen principle was presented by Automotive Products [40,41]. This system, called 
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Active Ride Control, utilises inertial mass control valves to control the volume of fluid 
in the hydraulic struts, see figure 14.  

 
Fig. 14 Arrangement of basic passive suspension used as base for the Active ride control by Automotive 

Products. Mass inertial valves are used to control single-acting front struts and double acting rear 
struts [41]. 

Current designs with passive hydraulic interconnected suspension systems are 
commercially available by companies Creuat and Kinetic. The Creuat system is 
described and experimentally tested on a sports utility vehicle SUV by Fontecaba i Buj 
[39]. It consists of interconnected hydragas suspension, which provides both resiliency 
and damping for suspension motion. Besides the benefit from individual control of the 
bounce, pitch and roll modes, the warp mode control further provides better load 
distribution which enhances both cornering and off road driving. Also the similar 
Kinetic system has been evaluated on a SUV, both experimentally [42] and through 
MBS simulations [43]. The Kinetic suspension system was furthermore evaluated with 
MBS simulations on a race car [44] in 2006. 

Fully unconditional damper settings are today only possible with active suspension 
systems. The first fully active suspension system for road vehicles was developed by 
Lotus Engineering [45] in the early 1980s and it was to some extent based on the Active 
Ride Control system by Automotive Products [40]. Milliken [46] later described the 
Lotus system as fully active, with a bandwidth over 10 Hz. The Lotus system with 
electro-hydraulic high-pressure actuators at each wheel featured a unique modal 
approach with control of the heave (bounce), pitch, roll and warp modes, which enabled 
elimination of both roll and pitch angles. With control of the warp mode comes control 
of lateral load distribution and with that better directional stability. The system was first 
developed for Formula 1 racing, where the drastically increased down forces led to 
solutions with very stiff suspension rates. The new active systems could better coupe 
with these requirements and improved both ride and handling. The active systems were 



 
 
 
 
 
 
 
On modally distributed damping in heavy vehicles 
 

 

19 

also implemented on passenger cars; one example is the evaluation together with 
VOLVO Car Corporation [47]. Due to high cost, complexity and energy consumption 
they have however not been widely utilised, especially not on commercial vehicles. 
Hurdwell et al. [48], from Lotus Engineering, later proposed the use of fully active 
suspension systems together with rear wheel steering in experimental vehicles as a tool 
to emulate passive or adaptive suspension systems early in the development phase. 

Iijima et al. [49] describes the development of a hydraulic active suspension by Nissan 
that has less energy consumption than the systems from Lotus and Automotive 
Products. This system is implemented with hydraulic actuators working parallel to 
conventional springs that carries a greater part of the vehicle weight. The Nissan system 
came in series production with the model Infinity Q45, a luxury sedan. It features 
skyhook control, damping relative to the absolute body velocity [13], and frequency 
sensitive damping as well as roll and pitch control. Simulation results showed that roll 
control reduced body roll induced by centrifugal forces during cornering, but that the 
opposite occurred for crosswind inputs. The skyhook damper control however 
successfully reduces body roll even from crosswinds; it therefore suppresses the 
instability induced by roll control. The Nissan system was the benchmark target for the 
Active Body Control (ABC) system launched by Mercedes-Benz in 1999 [50]. The 
ABC system is a slow active suspension system with limited bandwidth (0-5Hz) that, 
with the exception of the here serially mounted hydraulic cylinder and conventional 
spring, is very similar to the Nissan system.  

A slow active suspension system was also the basis research by Lizell. Practical 
considerations regarding filtering and frequency separation of input signals are included 
in dissertation by Lizell [51]. Aspects obtained through research on slow active 
suspension systems at Jaguar are described in two papers by Williams. Theoretical 
considerations or basic principles are included in the first paper [52], while the second 
[53] deals with practical considerations for various active suspension designs. The 
theoretical paper includes possible gains and problems with skyhook damping control 
and the practical design considerations include implementation of modal control on 
active suspensions. Williams further divides the modes into bounce front, bounce rear 
and roll rather than the usual bounce, pitch and roll. 

Due to the large energy consumption and high cost associated with fully active and 
slow active damping systems, recent focus has been on less advanced systems with 
electronic semi-active damping control. These systems have historically only been used 
on premium luxury cars, but may today even be seen on relatively low priced middle 
class cars. On commercial vehicles however they are still quite rare. Despite this there 
are several published studies with semi-active dampers on tractor semi trailer 
combination. Hesse et al. [54] presented the fuzzy logic control algorithm developed by 
WABCO, which Chudzick et al. [55] evaluated experimentally with respect to both ride 
and handling at different vehicle loads. The truck was tested with conventional, 
Pneumatic Damping Control (PDC) and Continuous Damping Control (CDC) dampers 
and the trailer was tested with conventional and PDC dampers. All CDC or PDC 
equipped vehicles reduced accelerations for the driver and goods. However, results 
indicated that it is necessary to at least equip the trailer with PDC dampers to get full 
benefit from CDC dampers on the truck. This would be very difficult on a commercial 
market since the tractors often are driven with several different semi trailers.  
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Ieluzzi et al. [56] briefly describes the development of a semi-active suspension system 
with vertical sky hook control for a 4x2 tractor. Control input is provided from eight 
accelerometers, four displacement sensors, a steering wheel sensor, a brake pedal 
switch and the vehicle speed. The control algorithm parameters are preliminary tuned 
through co-simulation of an MBS program with MATLAB® Simulink. The derived 
algorithm is then auto generated into code for a dSpace Microautobox rapid-
prototyping ECU through MATLAB® Real Time Workshop. The tractor is evaluated 
experimentally and for every test an objective function value is obtained. It was 
concluded that the final setting needs to be a compromise, since the best parameter 
setting for an uneven road at 40 km/h differs from the best parameter setting for a 
smooth road at 90 km/h. 

Although included in this section, the research presented in the last two paragraphs 
may not be categorized as interconnected suspension systems, or as systems with 
distributed damping. It is included to overview research with semi-active dampers on 
heavy vehicles as background for the work performed in this thesis. 
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3 Distributed damping 

3.1 Damping of vehicle eigen modes 

In paper A it is shown that damping of front axle eigen modes differs for roll and 
bounce modes. To study the damping of different vehicle modes, a 3D vehicle model of 
a two axle tractor with layout as in figure 15, is derived in paper B. The DOF for the 
vehicle model are chosen as bounce and roll of axles and bounce, roll and pitch of 
chassis. Through an eigen mode analysis it is first shown that the eigen modes, are very 
similar to the chosen 7 DOF of the model. 

ϕ1 

z2 

z1 

ϕ3 ϕ2 

θ3 

z3 

 
Fig. 15 Layout of the 7 DOF model from paper B. 

From the eigen mode analysis it may be seen that relative damping is quite different for 
the studied modes. Relative damping ζ of roll modes is much lower than for bounce and 
pitch modes. To visualise the difficulty in changing relative damping of one mode 
without affecting the others, consider the plot of eigen values in figure 16. It depicts the 
positive imaginary part of the eigen value 2

00 1 ζωωζ −±−= is  for each mode in 
the 7DOF model while varying the damping constant c as: 0.5 c0 < c < 2 c0. By 
studying the lines with the eigen values it may be seen that rear axle (RA) roll has the 
highest eigen frequency ω0, then followed by front axle (FA) roll and bounce of rear 
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and front axles respectively. The chassis eigen frequencies are in decreasing frequency 
order roll, pitch and bounce. The radial lines show that the relative damping of the 
modes approximately ranges from ζ = 0.03 - 0.50 for the utilised damping constant. It 
may furthermore be seen that bounce and pitch damping are similar and that the roll 
damping is substantially lower. To increase chassis roll damping it may be seen that a 
doubling of the nominal damper setting c0 gives a relative chassis roll damping of 0.15 
but at the same time also a relative bounce and pitch damping of over 0.46. A similar 
phenomenon appears on both the front and the rear axle. By means of only adjusting the 
damping constant it is thus impossible to provide more roll damping without strongly 
affecting bounce and pitch damping. To overcome the compromise with different 
damping for different modes, resulting from the fix damper positioning, this thesis 
presents a distributed damping approach. 
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Fig. 16 Eigen values 2

00 1 ζωωζ −±−= is  of the 7 DOF tractor model during a variation of damping 
coefficient c: 0.5 c0 <c < 2 c0. 

3.2 Modally distributed damping 

3.2.1 Damping approach 

The distributed damping approach or the approach of prescribed damping for selected 
modes is based on modal control, which was introduced with the fully active 
suspension system by Lotus [45]. This system, described in section 2.6, featured control 
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of both stiffness and damping for modal coordinates bounce, pitch and roll and warp, 
figure 17. The modal approach has not only been implemented on active suspension 
systems, but also on interconnected pure passive systems as by e.g. Creuat and Kinetic. 
Focussing on damping, this thesis investigates, through various steps in papers B, C, 
D, and E, what benefits a modal approach on damping or modal damping may bring 
over conventional passive hydraulic dampers in heavy vehicles. 

  

θ - Pitch motion z - Bounce motion φ - Roll motion χ - Warp (Axle crossing) 
 

Fig. 17 Coordinates for which modal damping are prescribed. 

The equations for modal damping on a two axle vehicle are presented in paper B, but 
can in similar manners also be found in e.g. [53,57]. Generally, they are written such 
that the damping forces for bounce Fz and the damping moments for pitch Mθ, roll Mφ 
and warp Mχ are opposing their respective modal coordinate velocity z& , θ& , ϕ&  or χ& as 
a direct function of their corresponding modal damping constants c, cθ, cφ and cχ: 
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In hydraulically interconnected passive damping systems, modal damping is determined 
through the flow of the incompressible damper fluid, which in turn depends on relative 
motion between sprung and unsprung mass. As input to determine the modal velocities 
z& , θ& , ϕ&  and χ& , used for calculating forces according to equation 3, paper B uses the 
damper displacement velocity. The displacement velocity is for each damper is denoted 
accordingly to figure 18, e.g. front left 1δ& , front right 2δ& , rear left 3δ&  and finally rear 

right 4δ& . 

(δ2) 
(δ4) (δ3)(δ1)

· · · ·

 
Fig. 18 Damper displacement velocities 1δ& – 4δ& , used as input for calculating modal motions. 



 
 
 
 
 
 
 

Peter Holen 
 

 

24

Using only the damper velocities as input, paper B calculates the modal velocities by 
considering the geometrical positioning of dampers in the vehicle. Included geometrical 
parameters are relative pitch centre position λ, vehicle wheelbase L and damper 
distances on front and rear axle td1 and td2. To enable different weighting between front 
and rear roll angle, a factor κ is also included. The absolute modal motions cannot be 
determined since the dampers only show relative motion. An estimation (denoted ~) of 
bounce velocity is calculated as a summation of the four damper velocities, equation 
(4), of pitch velocity as a subtraction between rear and front damper velocities, equation 
(5), of roll velocity as a subtraction between left and right damper velocities, equation 
(6), and finally of warp velocity (i.e. axle crossing) as a subtraction between rear and 
front axle roll velocities, equation (7). 
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Several papers investigating modal damping on passenger cars exist. Lizell [51] and 
Williams [53] discusses theoretical aspects of the modal control algorithm. Furihata et 
al. [58] investigates the benefit of active modal control versus active corner control. 
Kennes et al. [3] and Bae et al. [59] presents experimentally implemented modal 
damping systems using semi-active dampers that combine the modal approach with the 
sky-hook approach by Karnopp. This is something that also was investigated 
theoretically by Williams et al. [57]. Although the combination of modal and sky hook 
algorithms provide enhanced damping performance, it looses the possibility of direct 
comparison to corresponding settings on passive hydraulic dampers. A passive 
hydraulic approach, with time invariant modal damping, was however evaluated 
experimentally on SUVs in 2002 [39] and 2005 [42] and through MBS simulations [43] 
in 2006.  

To evaluate the possible performance gain that comes with modal damping over corner 
damping on heavy vehicles, simulations with a non-linear MBS model are performed in 
paper B. The utilised MBS model of a tractor semi trailer combination, shown in figure 
19, is later used in papers C, D and F. Both modal damping and corner damping, with 
individual dampers in each corner, are applied to the tractor chassis suspension. To 
ensure that the implemented modal damping system remains passive, restrictions are 
imposed on the individual dampers such that they can only dissipate energy. 
Simulations with different values of modal damping are performed over various load 
cases of both ride and handling character. Their effect is furthermore compared to the 
results obtained with conventional corner damping. All presented in appendix B2 to 
paper B.  
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Fig. 19 View over an MBS model of a tractor semi trailer combination used for simulations in papers B, C, 

D and F. 

3.2.2 Characteristic modal motion 

An illustrative way to visualize conflicting damping demands is to compare utilized 
displacement and velocity in phase plane plots for different load cases. This thesis 
presents work on modally distributed damping in heavy vehicles. To study what 
possibilities the modal damping approach brings over passive stroke dependent 
damping, paper C utilises results from simulations with the tractor semi trailer MBS 
model to characterize load cases in the phase plane. It extends the work by Fukushima 
et al. [33] by characterising both damper displacements δ1, δ2, δ3, δ4 and sprung mass 
motions in bounce z, pitch θ and roll φ according to utilised displacement and velocity. 
As an example, figures 20a and 20b depicts phase plane envelopes, with displacement 
on the horizontal axis and velocity on the vertical axis, of both the front left damper δ1 
and the modal bounce coordinate z from the passage of a road bump.  
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                                                       a                                                                 b 
Fig. 20 Phase plane plots depicting displacement on the horizontal and velocity on the vertical axis during a 

road bump passage. a) Relative displacement of front left damper δ1 and b) displacement for the 
modal bounce coordinate z. 

To enable easy comparison, the axles of the phase plane plots are scaled identically for 
each coordinate on all load cases. The envelopes of these phase plane plots are then 
plotted together to visualise characteristic differences between the load cases. To 
exemplify, consider the envelopes of the modal roll coordinate θ in figure 21. The 
single lane change may here be characterized by a large displacement (roll angle) and a 
relatively large velocity (roll velocity). The one-sided pot hole may on the other hand 
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be characterized by a higher velocity (roll velocity) and a smaller displacement (roll 
angle). When tuning damping characteristics for individual load cases, vehicle handling 
manoeuvres such as a single lane change generally benefits from increased damping, 
while vehicle comfort during road transient events such as a one-sided pot hole passage 
instead deteriorates. Ordinary damping characteristic (velocity dependent) is therefore 
not sufficient to achieve the different desirable damping. If however amplitude 
dependent damping is introduced, the damping conflict may be avoided by prescribing 
lower damping characteristic for displacements (roll angles) inside the pot hole 
envelope and higher damping for displacements (roll angles) outside this envelope. 
Used this way, as in paper C, the phase plane envelopes are an excellent tool to study 
damping conflicts and solutions for different load cases. 

 
Fig. 21 Phase plane envelopes for the roll coordinate θ during different load cases. 

3.2.3 Estimation of modal coordinates 

A crucial input for modal damping systems are the states of the modal coordinates. For 
hydraulically interconnected damping systems, they may automatically be determined 
from the flow of the incompressible damper fluid, resulting from relative motion 
between sprung and unsprung mass. On electronically interconnected damping systems 
it is however necessary to determine modal motions by other means. In paper B the 
modal coordinates are determined by geometrical calculations, equations (4)–(7). These 
are, as already mentioned, estimations since they are based solely on relative motion 
(damper displacements). Simulation results in paper B further indicate that errors may 
be introduced in the mode estimations due to unaccounted axle motions (figure B 19). 
To evaluate the quality of the geometrical calculations paper C therefore continues the 
analyses with the MBS model from paper B. Results from these simulations show that 
the geometric calculations of modal coordinates in bounce, pitch and roll, equations 
(4)–(6), work sufficiently for sprung mass free oscillations. However, during transient 
road inputs the unaccounted axle motions causes discrepancies to actual motion. As an 
example of this, consider the actual and estimated values of bounce motion during a 
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road bump passage in figure 22. The upper graph depicts actual and estimated bounce 
displacement and the lower graph depicts actual and estimated bounce velocity. 
Comparing these it may be seen that it takes about 0.8s (t = 3.8s) before initial error 
peaks decay and estimates starts to correlate to actual motion. 

 
Fig. 22 Actual and estimated modal coordinates of bounce and bounce velocity during the passage of a road 

bump.  

With the assumption that the chassis frame is rigid the geometrical calculations of warp, 
equation (7), is identical to the actual motion. Warp is therefore not included in the 
comparisons presented in paper C. The passive interconnected Creuat system [39] 
successfully utilised the warp stiffness to decouple axles for improved off road traction. 
This stiffness benefit is however not possible with the modal damping approach, 
presented in this thesis. The fully active Lotus system further utilised the warp mode for 
controlling lateral load distribution and thereby enhancing directional stability during 
cornering [46]. Although this feature is realisable also on the modal damping approach, 
the warp mode is not included in the experimental analysis, paper E. 

To improve the geometrical calculations paper D presents a time-domain system 
identification approach for estimating modal coordinates. Using the MATLAB® System 
Identification Toolbox, one low order Multiple Input Single Output (MISO) system is 
identified for each modal coordinate. As in the geometrical calculations these systems 
have the damper velocities 1δ& , 2δ& , 3δ& and 4δ&  as input and the respective modal 
coordinate velocities bounce z& , pitch θ&  and roll ϕ&  as output. Various MISO systems 
are identified both on data from MBS simulations and on data from vehicle 
measurements. These identified MISO systems are then compared to the measured 
actual motion. Figure 23 shows an example of identification data that is measured on a 
tractor coupled to a semi trailer during the passage over a double sided road bump at 
60km/h. The relative damper displacements are measured with cable position 
transducers CPTs mounted outside each damper and the pitch angle is measured with a 
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gyroscopic platform. After appropriate filtering and generating time derivatives, the 
damper velocities (upper) are used as input and chassis pitch velocity (lower) are used 
as output for identification. The identified 2nd order MISO system is plotted against its 
estimation data, the actual motion.  
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Fig. 23 Damper displacement velocity (upper) and chassis pitch velocity (lower) measured on a tractor semi 

trailer during the passage over a double sided road bump at 60 km/h. An identified MISO system of 
2nd order is compared to its estimation data. 

After having identified models with good behaviour on its estimation data, paper D 
then evaluates these systems on another sets of data; the validation data. Figure 24 
shows an example of a validation plot. It depicts two 2nd order MISO systems that are 
identified on both the passage of both a road bump (solid grey) and during a brake 
manoeuvre (dotted grey). Both systems are evaluated during the passage of a sharp 
edge on the highway and compared to the geometrically calculated motion (dashed 
black) and actual motion (solid black). It may be seen that the road bump model 
behaves a bit better than the braking model, but also that both models behave better 
than the geometrical calculation. Good models are obtainable for all tested load cases; 
their validity is however often restricted to load cases of similar character. Therefore, it 
may be necessary to select the system that gives the best compromise.  
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Fig. 24 Two 2nd order MISO systems for pitch velocity estimation that have been identified on both a road 

bump (solid grey) and brake manoeuvre (dotted grey) are evaluated during the passage of a sharp 
edge on the highway. Both estimation are compared to the geometrically calculated motion (dashed 
black) and actual motion (solid black).  

By studying the frequency response of a 2nd order bounce model in figure 25, it may be 
seen that this identified MISO system behaves as filter of typical low pass character. 
While basically preserving the lower frequency content up to 1-2Hz, it gradually 
suppresses the frequency content above that. From a mechanical point of view this 
makes sense, since the chassis bounce eigen frequency at around 1-2Hz is left 
unaffected and the axle motions at around 10 Hz, which caused the problems in the 
geometrical calculations, are suppressed.  
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Fig. 25 A 2nd order system for bounce velocity estimation is identified on measurement data from the passage 

over a road bump. Its frequency response is shown for front left damper velocity as input. 



 
 
 
 
 
 
 

Peter Holen 
 

 

30

However, several other approaches to obtain good estimates of modal coordinates exist. 
Sugasawa et al. [60] uses a supersonic wave sensor to measure the absolute road height 
for the bounce mode. The presence of roll and pitch modes are then detected from rapid 
changes on a steering wheel sensor, or from acceleration and deceleration on brake and 
vehicle speed sensors. No pure modal damping is however obtained, since the damping 
control only shifts between discrete damper settings for different detected modes. 

On electronically implemented modal damping systems the modal motions are often 
calculated from integration of three chassis mounted accelerometer, e.g. [3,51,59]. The 
modal damping system for passenger cars developed by Kennes et al. [3] further 
requires four displacement sensors to measure the damper motion. Lizell [51] uses both 
the three chassis accelerometers and the four displacement sensors for an enhanced 
integration of modal velocities. However, Bae et al. [59] are able to estimate the damper 
displacement velocities from an estimator using only the three accelerometer signals as 
input. The implemented estimator considers the assumed motion of a quarter car model. 
Bae et al. further separate the modal motions, with a hybrid filter, into different 
frequency regions and provide different damping for these.  

Using only the damper displacement velocities as input for calculation of modal motion 
the system identification approach presented paper D provides substantial 
improvements in accuracy over the previously used geometrical calculations. 

3.3 Experimental evaluation 

Simulations on the tractor semi trailer combination in paper B showed improved 
damping performance with modal damping. To investigate these possible damping 
improvements further, paper E presents an experimental evaluation utilising 
interconnected continuous variable dampers. Figure 26 displays the utilised test vehicle 
(a), one of the electronically controlled dampers (b) and one of the displacement 
sensors used for measuring the relative damper displacement (c). 

   
                     (a)                      (b)                                (c) 
Fig. 26 a) The test vehicle used for damping system evaluation. b) Electronically controlled dampers. c) 

Displacement sensors used for measuring the relative damper displacement. 

The control scheme of the implemented modally distributed damping system follows 
the outline in figure 27 with four discrete steps. The modal motions are estimated in the 
first step, the desirable (scalar) modal damping forces are calculated in the second step 



 
 
 
 
 
 
 
On modally distributed damping in heavy vehicles 
 

 

31 

and in the third step these desirable (scalar) modal damping forces are distributed 
between the four dampers. Finally in step four the damper valves are controlled to 
realise the desired damping request. 

 
Estimate 
modal 

motions 

Control damper 
valves to realise 
damping request 

1. 4. 

Calculate desirable 
modal damping 
force (scalar) 

2. 

Distribute modal 
damping force 

between dampers 

3.

 
Fig. 27 Outline of damping control scheme. 

The first step is to estimate the motions for a set of selected vehicle modes. This 
implemented damping approach is expanded to be general and the identification may 
therefore be applied to any N set of vehicle modes. The relation between the selected 
mode shapes iΨ , their modal time functions qi(t) and the relative damper displacements 

)(tδ  may be written as: 

∑
=

Ψ=
N

i
ii tqt

1
)()(δ ,   (8) 

where iΨ  are constant vectors with corresponding damper displacements and qi(t) are 
dimensionless functions. To further avoid the difficulty of obtaining the modal time 
functions )(tqi&  from the damper displacement velocities )(tδ& , paper E utilises the 
time-domain systems identification approach presented in paper D.  

In the second step the scalar modal damping forces ),( ii
i qqf &  are calculated for each 

mode. These are generalised forces of dimension work, which have characteristics that 
can depend on both the modal displacement qi(t) and the modal velocity )(tqi& . After 

that the scalar damping force if  has been determined for each mode, they are 
distributed on the four dampers in the third step. Vectors containing the desirable modal 
damping force on each damper 

i
Fδ  are therefore calculated by multiplying the scalar 

modal damping force ),( ii
i qqf &  with a given distribution vector of dimension length-1. 

These distribution vectors are calculated as a normalisation of a damper displacement 
vector corresponding to each mode iΨ : 

i
T
i

i
ii

i
ii

i qqfqqfF
i ΨΨ

Ψ
=⎥

⎦

⎤
⎢
⎣

⎡
= ),(),( &&δ .  (9) 

As a result of the generality with this approach it is worth to note that displacement 
vectors iΨ  used for distributing the modal damping force, equation (9), not necessarily 

needs to be identical to the displacement vectors iΨ  used for mode identification, 
equation (8).  
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When the desired modal damping forces has been calculated as force vectors for each 
mode, the total desired modal damping force is then calculated as the summation: 

∑
=

=
N

i
i

FF
1

δδ .    (10) 

This desirable modal damping force )(tFδ vector is then implemented on the individual 
dampers by adjusting the current to the damper proportional valves, in step four. 
Individually for each damper, the desired force is compared to the present velocity of 
that damper. Through interpolation in a predetermined look-up table the appropriate 
damper current can then be determined and provided in the system. 

Although the implemented equations are expanded to be generalised, the performance 
of the proposed damping system is evaluated in paper E with the usual bounce, pitch 
and roll coordinates. Through measurement results from performed road tests of 
various load cases while varying bounce and pitch damping separately, it can be 
observed that the proposed system enables selecting damping for sprung mass modes 
individually. This is exemplified during a double road bump passage at 64km/h in 
figure 28. When varying the pitch damping setting from minimum to maximum and 
keeping roll and bounce damping constant it can be seen that pitch damping mainly 
affects the pitch angle (lower), while bounce motion (upper) is nearly unaffected. 
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Fig. 28 Bounce and pitch motion while passing a double road bump at 64 km/h and varying the pitch 

damping from low to high. Vertical lines in the time graph show when the front axle encounters 
essential events of the road bump. 
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The experimental evaluation of modal damping on a tractor is presented in paper E. It 
is shown that the damping approach works experimentally, that it is possible to select 
damping for modes individually and that it is superior to constant damping. 
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4 Damper attachment 
compliance 

This thesis describes possibilities to influence damping, by geometrical positioning of 
dampers, by changing the damper coefficients and through distributed damping 
systems. These studies are performed with the assumption that the dampers are 
connected to rigid bodies. This is however not the case in a real vehicle where 
compliance exists both in the chassis frame, the damper brackets and the damper 
mounting bushings. It is therefore important to study stiffness requirements at the 
damper attachment points to enable that the desired performance can be obtained. 

The main structure on today’s heavy vehicles is the chassis frame, which usually 
consists of two side members that are interconnected through several cross members. It 
is a relatively light structure that holds the vehicle components and that may carry 
several times its own weight. Margolis et al. [61] studied the dynamic interaction 
between the frame and the truck components. It was investigated if modal node points 
exist near the suspension attachment points such that the suspension dampers have little 
or no effect on beaming. The beaming phenomenon was present on simple two mass 
models, but did not occur with more complex vehicle models. It is therefore not likely 
to expect frame beaming modes with no relative motion across the dampers in real 
vehicles. Damping of the frames bending mode was however largely affected by the 
positioning of other main truck components, such as engine and fifth wheel. In the skate 
study by Kramer et al. [32] there was a concern that frame movement caused skate, due 
to the forces that were transmitted along the dampers and moving the chassis instead of 
forcing fluid through the damper valves and thereby providing damping. Their 
conclusion was however that the tested frame provides an adequate reaction point for 
the damper, since it was almost stationary at the axle tramp resonance frequency. 

Kim et al. [62] investigated passenger car body stiffness and presented a procedure to 
optimize the body attachment points for improvements in NVH performance. Stiffening 
the mounting points through which structure noise is transmitted to the body, was found 
to reduce the noise. The stiffness is usually dependent on panel thickness, section type 
and mounting size area. 



 
 
 
 
 
 
 

Peter Holen 
 

 

36

                       

c 

k k 
c 

kd 

 

m 

ks cd 

kd

 
                               a                                               b                                                  c 
Fig. 29 The actual physical system (a), its model representation (b) and the front axle suspension model used 

for investigating attachment compliance (c). 

The effect of attachment compliance on damping performance is presented in paper A. 
Figure 29 shows a schematic picture of the actual physical system (a), its linear model 
representation where attachment compliance is modelled by stiffness in series with the 
damper (b) and the utilized equivalent system (c). In the analysis this equivalent system 
model is separated into a spring mass system and a spring damper element with 
characterizing time constants Ts and Td. The relative damping for sprung and unsprung 
mass motion in roll and bounce is then plotted as function of the time constant ratio Ts / 
Td. From this analysis it may be observed that more than 98% of the maximum relative 
damping is achieved for all modes if the time constants have a certain ratio. 
Transforming this into a corresponding requirement on model parameters it simplifies 
to: 

dd cfk ⋅≥ 30 .    (8) 

Thus, the compliance stiffness kd has to be at least 30 times greater than the product of 
the damping coefficient cd and the eigen frequency of the system f in order to not 
significantly influence the relative damping. 

In paper F the work with the equivalent system model from paper A is expanded by 
studying the dynamic stiffness, or applied force F, over the resulting displacement z: 

Dynamic stiffness = 
z
F    (9) 

Using parameters corresponding to a quarter of a vehicle, where m is one quarter of the 
sprung mass, k is the spring stiffness, c is the damping coefficient and kd is the damper-
attachment stiffness, figure 30 shows the dynamic stiffness in the frequency domain. 
Figure 30 also displays the frequency characteristics of a single spring, a single mass 
and a single damper.  
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Fig. 30 Dynamic stiffness of a mass-spring-damper system. The system behaviour may over frequency be 

characterized by several linear systems ranging from a single mass to a single spring. 

By studying the dynamic stiffness frequency characteristics for the mass-spring-damper 
system with attachment compliance, it can be seen that this system may be represented 
by other simple systems through the frequency band. At low frequencies the system 
follows the mass asymptote with a 180° phase shift and at very high frequencies the 
system follows the spring asymptote (k + kd) with a 0° phase shift against displacement. 
In intermediate frequency regions the system may be characterised as mass with a 
single spring, a mass with a spring and a damper, a mass with a spring-damper module 
and finally with a spring-damper module. In the middle at exactly 90° phase-angle the 
system behaves as a single damper. These results indicate that wheel axle is working 
against sprung mass during low-frequency road excitation and against a stiffness during 
high-frequency road excitation  

Paper F furthermore utilises finite element (FE) analysis to quantify what levels of 
attachment compliance that is present in a typical heavy vehicle. Numerical values of 
the front-axle damper-attachment stiffness, kd, are obtained through both static FE 
analysis of the chassis frame and through dynamic FE analysis of a tractor. What effect 
the calculated damper-attachment compliance has on vehicle behaviour is then 
quantified with MBS simulations of a tractor semi trailer combination. Results from 
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these simulations indicate that vehicle response is indeed influenced by the attachment 
stiffness kd, especially during high-frequency inputs, such as driving over a plank. 
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5 Results 
This chapter summarises the results of the appended papers. 

 

Analytical expressions for a 2D - suspension model derived in paper A shows that 
damper vertical aligning and perpendicular damper to roll centre distance are key 
parameters for controlling bounce and roll damping. Simulations with a 3D - truck 
model with separated bounce and pitch damping on the front axle further show that the 
desired amount of damping depends on the load case. To minimize RMS acceleration at 
both chassis and axle eigen frequencies during rough road driving, the desired amount 
of damping should be increased in comparison to typical values. If however peak 
acceleration for transient obstacles is considered, the amount of damping must be 
limited. For steering wheel excitation, such as swept sine and single lane change, higher 
roll damping decreases chassis roll acceleration. No upper limit of roll damping is 
found with the considered load cases.  

The effect from compliance at damper attachment points was investigated. To get full 
damper gain, linear analysis show that attachment stiffness should be at least 30 times 
greater than the product between the damping coefficient and the system eigen 
frequency. 

 

By studying the eigen modes of an analytical tractor model with 7 DOF in paper B it is 
shown that the roll modes has much lower damping than bounce and pitch modes. 
Theoretical expressions for modally distributed damping, which enables a more free 
choice of damping, are therefore derived. Simulations with a validated 4x2-tractor semi 
trailer model show that sprung mass oscillations resulting from load cases with low 
frequency input, as a double sided road bump passage or a lane change manoeuvre, 
benefits from respective increases in pitch and roll damping. Higher modal damping 
settings generally reduce the axle vibrations, on cab and chassis higher damping 
however induces vibrations in the frequency region between chassis and axle eigen 
frequencies. For transient (high frequency) inputs, such as a one sided pot hole, it is 
shown that damping is limited by what peak acceleration from the impact that can be 
accepted. 
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Paper C investigates to what extent estimations (or geometric calculations) of modal 
coordinates based solely on relative damper displacements are sufficient as control 
input for semi-active damping systems. From performed vehicle simulations it is shown 
that these estimates will contain significant discrepancies to actual motion during 
impact of transient road inputs. As a result, load cases that cause large sprung mass 
motion therefore show better correlation between actual and estimated motion, than 
what those that cause small sprung mass motion do. 

The possibility to combine damping requirements from different driving conditions is 
furthermore investigated by studying damper displacements in the phase plane. By 
comparing utilised stroke and velocity for each damper and each modal coordinate 
during specific load cases, expected benefits from different damper techniques are 
rated. This show that the conflict in damping demands with passive independent 
dampers for a single lane change and a one-sided pot hole may be significantly reduced 
with a combination of amplitude dependent modal damping.  

 

A time-domain system identification approach to improve estimations of modal 
coordinates for a heavy vehicle is presented in paper D. One MISO (Multiple-Input-
Single-Output) system is identified for each modal coordinate, with the damper 
displacement velocities as input and the respective bounce, pitch and roll velocity as 
output. Results show that these low order MISO-models estimate modal coordinate 
velocities with considerably higher accuracy than geometric calculations. Even though 
models are obtainable with good agreement to actual motion for all tested load cases, 
their validity may in some cases be limited to load cases of similar excitation type. This 
is exemplified with the 2nd order pitch velocity model, which is identified on 
measurement data from a double sided road bump. Although it improves estimation 
during both the passage of a sharp edge on the motorway and the road bump at a lower 
speed, it will perform worse than the geometric pitch velocity calculation during a full 
stop braking manoeuvre. By studying the frequency response of the identified systems, 
it is furthermore shown that they behave as typical low pass filters by suppressing the 
axle vibrations.  

 

Paper E presents a methodology with equations for prescribing chassis suspension 
damping as function of general vehicle modes by using electronically controlled 
variable dampers. This modal damping approach is implemented on a 4x2 tractor and 
experimentally evaluated through various road tests. It is shown that the proposed 
damping system has the desired ability to control sprung mass bounce and pitch modes 
separately. When comparing maximum and minimum constant damper settings it is 
shown that neither a maximum, due to the increase in vibrations above the chassis eigen 
frequency, nor a minimum, due to the low damped chassis eigen frequency, is desirable. 
From the transfer function between the steer angle and the chassis roll angle, it can be 
seen that modal damping reduces the effect of the chassis roll eigen frequency almost as 
good as with maximum damping. The modal damping system is found to be superior to 
constant damping on all tested load cases, by reducing the low frequency vibrations 
almost as good as with constant high damping, but without much of its increased high 
frequency vibrations. 
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How attachment compliance coming from mounting bushings or brackets affects 
damper efficiency is further investigated in paper F. Analyses of a simple mass-spring-
damper system show that compliance in damper-attachment points reduces the damper 
efficiency and as a consequence of that, compliance increase low frequency and reduce 
high frequency mass vibrations. Equations for the relative damping ratio as function of 
excitation frequency are derived, from which a minimum of required attachment 
stiffness is determined. Numerical values of typical front-axle damper-attachment 
stiffness in heavy vehicles are furthermore obtained from both static finite element (FE) 
analysis of the chassis frame and from dynamic FE analysis of a tractor. The effect 
damper-attachment stiffness has on vehicle behaviour is finally quantified with MBS 
simulations of a tractor semi trailer model. Results from these simulations indicate that 
it is important to consider the attachment stiffness during vehicle manoeuvres 
containing high-frequency inputs, such as the passage over a plank. 
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6 Discussion and conclusions 
The general aim of this research project has been to identify and study critical factors 
for the different suspension systems function and performance, with reference to driver, 
goods and chassis comfort in heavy vehicles. The work has focussed on one of these 
suspension systems, the chassis suspension. More specifically it has focussed on what 
levels of passive chassis suspension damping that is desirable for different vehicle 
vibrational modes under various running conditions, and how this can be achieved. 

The hardware related to the studied damping systems can be segmented in to three 
performance steps. Conventional dampers are the base step, which is a robust and cost 
efficient solution that provides acceptable damping performance. To some extent 
positioning and orientation of the dampers can be used as parameters for controlling 
damping of vehicle modes. In reality the feasible positions are however often limited 
due to packaging requirements. Some of these constraints are reduced with stroke (or 
amplitude) dependent damping. Thus, at an increased cost and to some extent also an 
increased complexity level, amplitude dependent damping represents an intermediate 
performance step. The highest performance step is (in this work) obtained with the 
modally distributed damping system. It enables a more unconditional damper setting, 
but at an even higher cost and complexity level. When predicting usage of these 
performance steps in different vehicle applications, e.g. passenger cars and commercial 
vehicles, it is necessary to compare the featured benefits to potential drawbacks. This 
since different vehicles, markets and market segments have different priorities 
regarding vehicle properties such as suspension performance, reliability and cost. 

In this summarising stage, some reflections about the performed work can be made. In 
paper B no distinct uncoupling between bounce and pitch modes could be observed 
from simulations. A reason to this could be that the pitch centre position (λ = 0.62) were 
assumed from static axle loads. To better consider effects from the trailer inertia, the 
tractor pitch centre is moved closer to the fifth wheel (λ = 0.8) in papers D and E.  

MBS simulations in papers A, B, C, D and F were performed with linear damper 
characteristics. Simulations in papers A and B indicated that maximum levels in 
desirable damping exist. No doubt that those results are true, however the specific 
levels for which they were found may, due to the linear characteristics, be somewhat 
different from conventional dampers. A non-linear characteristic, common in 
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conventional dampers, is included with the modally distributed damping system 
implemented in paper E.  

It is also worth to note that the identification approach presented in paper D represents 
one possible way to improve the modal coordinate estimates. Alternative approaches 
for solving this problem exist. One of simplest approaches could be to skip the system 
identification approach and just apply low-pass filters to the measured damper 
velocities. Another approach could be to consider state estimation techniques such as 
Kalman filtering. 

Altogether this work is believed to contribute to better knowledge about damping 
requirement for the different modes in a heavy vehicle. The developed modally 
distributed damping system is further a good tool for future investigations on optimal 
passive damping on heavy vehicles.  
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7 Recommendations to future 
work 

The approach with distributed damping presented in this work is based on the linear 
eigen mode analysis of the 7 DOF tractor model in paper B. In the subsequent vehicle 
simulations, damping is controlled for sprung mass eigen modes bounce, pitch and roll. 
However, the implemented modal damping system in paper E is derived for general 
vehicle modes, even though it is only experimentally evaluated on the sprung mass 
bounce, pitch and roll modes.  

The approach with general vehicle modes opens many possibilities for future research. 
Not only by investigating the effect of using different vectors for mode identification 
and force distribution respectively, but further also by investigating the effect of an 
expansion with additional damping modes. Intuitive modes for expansion are the four 
axle eigen modes from the analysis of the 7 DOF tractor model. However, to control 
damping for these higher frequency axle modes the demand on damping system 
bandwidth will increase. Other modes to damp may be the result of an expanded eigen 
mode analysis, e.g. with the tractor coupled to a semi trailer to consider tractor semi 
trailer interaction. To systematically evaluate the effect from the above mentioned 
possible improvements, the tractor with the proposed modal damping system could be 
evaluated in a road simulator. Although it with a road simulator not is possible to 
exactly replicate load cases from real road driving, the simulator has the advantage in 
enabling control of excitation for modes separately. 

The presented modal damping approach is implemented as time invariant damping 
characteristics. This was selected to enable an easy comparison to individually mounted 
passive or passive stroke dependent dampers. Time variant damping may bring even 
better vehicle performance by letting the characteristics vary depending on 
combinations of detected load cases and resulting modal motion. When implementing a 
modal damping system with electronically interconnected dampers, such features are 
further relatively easy to implement. 
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Notation 

Symbols 

c Damping coefficient (2D model);   
Modal bounce damping (7 DOF model) 

c0 Nominal damping coefficient 

cd Damping coefficient in general model 

ct Tire damping coefficient 

cφ Modal roll damping 

cθ Modal pitch damping 

cχ Modal roll damping 

F Force, in general model 

F1 F2 F3 F4 Spring/damper/actuator force: front left, front right, rear left, rear right 

δF
i

Fδ  Vector with desirable damping force: total force, for mode i 

if  ),( ii
i qqf &  Scalar modal damping force 

f Frequency 

J1  J2 Inertia of sprung and unsprung mass (chassis & axle) 

k Suspension spring stiffness 

kd Attachment stiffness in general model 

ks Spring stiffness in general model 

kt Tire stiffness 

kϕ Roll stiffness, representing the anti-roll bar characteristics 

L Vehicle wheel base 

m Mass in general model 

m1  m2 Mass of sprung and unsprung bodies (chassis & axle) 

)(tqi  )(tqi&  Modal displacement for mode i, modal velocity for mode i 

r⊥ Perpendicular distance between damper and suspension RC 

td1 td2 Front axle damper distance; rear axle damper distance 
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tf Lateral distance from centre line to spring centre 

tw Track width 

z  Displacement, in general model 

z1 Sprung mass bounce (2D model); Front axle bounce (7 DOF model) 

z2 Unsprung mass bounce (2D model); Rear axle bounce (7 DOF model) 

z3 Sprung mass bounce  

z z&  Modal bounce coordinate: displacement, velocity  

z&~  Estimated modal bounce coordinate velocity  

α Damper inclination angle 

φ1 Sprung mass roll (2D model); Front axle roll (7 DOF model) 

φ2 Unsprung mass roll (2D model); Rear axle roll (7 DOF model) 

φ3 Sprung mass roll  

ϕ ϕ&  Modal roll coordinate: displacement, velocity 

ϕ&~  Estimated modal roll coordinate velocity 

θ3 Sprung mass pitch  

θ θ&  Modal pitch coordinate: displacement, velocity 

θ&~  Estimated modal pitch coordinate velocity  

χ χ&  Modal warp coordinate: displacement, velocity 

χ&~  Estimated modal warp coordinate velocity 

λ Relative position of chassis pitch centre 

κ Weighting factor for front/rear roll 

iΨ  Damper displacement vector for mode i 

δ1 δ2 δ3 δ4 Relative damper displacement: front left, front right, rear left, rear right 

)(tδ  )(tδ&  Vectors with: relative damper displacements, damper velocities 

ζ  zζ  ϕζ  Relative damping; relative bounce damping; relative roll damping 

0ω  Eigen frequency 
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Abbreviations 
ABC Active Body Control 

CDC Continuous Damping Control 

CPT Cable Pposition Transducer 

DOF Degrees Of Freedom 

DRT Dynamic Rollover Threshold 

FA Front Axle 

FE Finite Elements 

ISO International Organisation for Standardisation 

KTH Royal Institute of Technology, Stockholm 

MBS Multi-Body System 

MIMO Multiple Input Multiple Output 

MISO Multiple Input Single Output 

MR Magneto-Rheological  

NVH Noise Vibration Harshness 

PDC Pneumatic Damping Control 

RA Rear axle 

RC Suspension Roll Centre 

RMS Root Mean Square 

SSRT Steady State rollover threshold 

2D 2 Dimensional 

3D 3 Dimensional 

4x2 Four by two, i.e. notation for a two axle vehicle with rear wheel drive 
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