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Flow instabilities in centrifugal compressors at low mass
flow rate

Elias Sundström

The Competence Center for Gas Exchange (CCGEx), KTH Mechanics, Royal
Institute of Technology, SE-100 44 Stockholm, Sweden

Abstract
A centrifugal compressor is a mechanical machine with purpose to convert kinetic
energy from a rotating impeller wheel into the fluid medium by compressing
it. One application involves supplying boost air pressure to downsized internal
combustion engines (ICE). This allows, for a given combustion chamber volume,
more oxygen to the combustion process, which is key for an elevated energetic
efficiency and reducing emissions. However, the centrifugal compressor is limited
at off-design operating conditions by the inception of flow instabilities causing
rotating stall and/or surge. These instabilities appear at low flow rates and
typically leads to large vibrations and stress levels. Such instabilities affect
the operating life-time of the machine and are associated with significant noise
levels.

The flow in centrifugal compressors is complex due to the presence of a wide
range of temporal- and spatial-scales and flow instabilities. The success from
converting basic technology into a working design depends on understanding
the flow instabilities at off-design operating conditions, which limit significantly
the performance of the compressor. Therefore, the thesis aims to elucidate the
underlying flow mechanisms leading to rotating stall and/or surge by means of
numerical analysis. Such knowledge may allow improved centrifugal compressor
designs enabling them to operate more silent over a broader operating range.

Centrifugal compressors may have complex shapes with a rotating part
that generate turbulent flow separation, shear-layers and wakes. These flow
features must be assessed if one wants to understand the interactions among the
flow structures at different locations within the compressor. For high fidelity
prediction of the complex flow field, the Large Eddy Simulation (LES) approach
is employed, which enables capturing relevant flow-driven instabilities under
off-design conditions. The LES solution sensitivity to the grid resolution used
and to the time-step employed has been assessed. Available experimental
data in terms of compressor performance parameters, time-averaged velocity,
pressure data (time-averaged and spectra) were used for validation purposes.
LES produces a substantial amount of temporal and spatial flow data. This
necessitates efficient post-processing and introduction of statistical averaging
in order to extract useful information from the instantaneous chaotic data. In
the thesis, flow mode decomposition techniques and statistical methods, such
as Fourier spectra analysis, Dynamic Mode Decomposition (DMD), Proper
Orthogonal Decomposition (POD) and two-point correlations, respectively, are
employed. These methods allow quantifying large coherent flow structures at
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frequencies of interest. Among the main findings a dominant mode was found
associated with surge, which is categorized as a filling and emptying process
of the system as a whole. The computed LES data suggest that it is caused
by substantial periodic oscillation of the impeller blade incidence flow angle
leading to complete system flow reversal. The rotating stall flow mode occurring
prior to surge and co-existing with it, was also captured. It shows rotating flow
features upstream of the impeller as well as in the diffuser.

Key words: Centrifugal Compressor, flow instabilities, rotational flows, rotat-
ing stall, surge, compressible Large Eddy Simulation.
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Flödesinstabilitet i centrifugalkompressor vid l̊agt mass-
flöde

Elias Sundström

The Competence Center for Gas Exchange (CCGEx), KTH Mekanik, Kungliga
Tekniska Högskolan, SE-100 44 Stockholm, Sverige

Sammanfattning
En centrifugalkompressor är en mekanisk maskin där syftet är att omvand-
la kinetisk energi fr̊an ett roterande pumphjul genom komprimering av ett
flödesmedium. En applikation innebär att öka lufttrycket i sm̊a förbränningsmoto-
rer (ICE). Detta medger, för en given volym i förbränningskammaren, mer syre
till förbränningsprocessen, vilket är en nyckel till en förhöjd energieffektivitet
och minskning av utsläpp. Centrifugalkompressorer är emellertid begränsade
vid icke optimala driftsförh̊allanden p.g.a. flödesinstabiliteter som orsakar rote-
rande stall och eller surge. Dessa instabiliteter uppst̊ar vid l̊aga flöden och leder
vanligen till stora vibrationer och stressniv̊aer. S̊adana instabiliteter p̊averkar
kompressorns operativa livstid och förknippas med signifikanta ljudniv̊aer.

Flödet i centrifugalkompressorer är komplext p̊a grund av ett brett intervall
av temporala och spatiala skalor samt flödesinstabiliteter. Förm̊agan att konver-
tera grundläggande teknik till en fungerande design beror p̊a en först̊aelse av
flödesinstabiliter vid icke-optimala driftsförh̊allanden som begränsar kompres-
sorns prestanda. Ambitionen med avhandlingen är att med hjälp av numerisk
analys belysa underliggande flödesmekanismer som leder till roterande stall och
eller surge. S̊adan kunskap kan möjliggöra förbättringar i centrifugalkompres-
sorns konstruktion som gör att turboaggregat opererar tystare över ett bredare
arbetsomr̊ade.

Centrifugalkompressorer kan ha en komplex utformning med roterande
delar som genererar turbulenta flödesseparationer, skjuvskikt och vakar. Des-
sa flödesfenomen bör utvärderas om man vill först̊a interaktionerna mellan
flödesstrukturer p̊a olika spatiala omr̊aden i kompressorn. För hög noggrannhet
vid uppskattning av komplexa flödesfält används Large Eddy Simulation (LES).
Denna metod möjliggör upplösning av relevanta flödesdrivna instabiliteten under
icke-optimala betingelser. Resultatkänsligheten med LES har undersköts med
avseende p̊a täthet i beräkningsnätet samt i storleken p̊a tidssteget. Tillgänglig
experimentell mätdata avseende kompressorns prestandaparametrar, tidsme-
delvärderade hastigheter och tryckdata (tidsmedelvärderade samt spektra) har
använts för valideringsändam̊al. LES producerar en betydande mängd temporal
och spatial data. Detta kräver en effektiv efterbehandling och tillämpning av
statistisk medelvärdering för att extrahera användbar information fr̊an den
momentant kaotiska datamängden. I avhandlingen används olika dekomposi-
tionstekniker och statistiska metoder, t.ex. Fourier spektralanalys, Dynamic
Mode Decomposition (DMD), Proper Ortogonal Decomposition (POD) och
tv̊apunktskorrelation. Dessa metoder möjliggör kvantifiering av storskaliga och
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sammanhängande flödesstrukturer vid intressant frekvenser. Ett betydande re-
sultat p̊avisar en dominerande flödesmod som är identifierad som surge. Denna
mod kan kategoriseras som en systemoscillation med periodisk fyllning och
tömning av systemet som helhet. Data fr̊an LES tyder p̊a att den orsakas av
en betydande periodisk variation av impellerbladens anbl̊asningsvinkel, som
orsakar fullständig flödesomriktning i systemet. En flödesmod relaterad till
roterande stall kunde ocks̊a p̊avisas. Den ses förekomma innan eller samexistera
med surgefenomenet. Det kännetecknas av roterande virvelstrukturer uppströms
om pumphjulet men även nedströms i diffusorn.

Nyckelord: Centrifugalkompressor, flödesinstabiliter, roterande flöden, rote-
rande stall, surge, kompressibel Large Eddy Simulation.
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Preface

Flow instabilities at off-design operating conditions in centrifugal compressors
are examined in the thesis. The main focus is at low flow rates and exploring the
onset mechanism of rotating stall and surge. The first part of the thesis provides
an overview of centrifugal compressor terminology as wells as an introduction
to preliminary aerodynamic design technology and analysis. This includes a
brief description of reduced order modeling for fast assessment of compressor
performance maps together with linearized modeling for assessment of stability
limits. More advanced numerical simulation methodologies, i.e. steady-state
Reynolds Averaged Navier-Stokes (RANS) and the Large Eddy Simulation (LES)
approach, are also discussed. The second part of the thesis includes several
papers, as listed further below. Papers 1, 3 and 5 are conference proceeding
contributions whereas Papers 2, 4 and 6 have been submitted for publication.
All papers have been adapted to comply with the thesis format.

Paper 1. E. Sundström, B. Semlitsch & M. Mihăescu, 2014. Assessment
of the 3D Flow in a Centrifugal compressor using Steady-State and Unsteady
Flow Solvers. SAE Technical paper (2014-01-2856).

Paper 2. E. Sundström, B. Semlitsch & M. Mihăescu, 2017. Generation
Mechanisms of Rotating Stall and Surge in Centrifugal Compressors. Accepted
for publication in Flow, Turbulence and Combustion, Springer, 2017.

Paper 3. E. Sundström, B. Semlitsch & M. Mihăescu, 2015. Centrifugal
Compressor: The Sound of Surge. AIAA Technical paper, AIAA 2015-2674,
https://doi.org/10.2514/6.2015-2674.

Paper 4. E. Sundström, B. Semlitsch & M. Mihăescu, 2017. Acoustic
signature of flow instabilities in radial compressors. Under review J. of Sound
and Vibration.

Paper 5. E. Sundström, B. Kerres & M. Mihăescu, 2016. Evaluation
of Centrifugal Compressor Performance Models using Large Eddy Simulation
Data. ASME Technical paper, GT2016-57169.

Paper 6. E. Sundström, M. Mihăescu, M. Giachi, E. Belardini & V.
Michelassi, 2017. Analysis of vaneless diffuser stall instability in a centrifugal
compressor. Under review Int. J. Turbomach. Propuls. Power.

December 2017, Stockholm

Elias Sundström

ix





Contents

Abstract v

Sammanfattning vii

Preface ix

Nomenclature xiv

Part I - Overview, Outcomes and Discussions

Chapter 1. Introduction 1

1.1. Background and Motivation 2

1.2. Objectives and Research questions 4

Chapter 2. Theory of Centrifugal Compressors 10

2.1. Geometry and characteristics 10

2.2. 1D Compressor modeling theory 13

2.3. Flow features of stall, rotating stall and surge 19

2.4. Theoretical stability criteria 20

Chapter 3. Modeling Compressor Flow 29

3.1. Reynolds Averaged Navier-Stokes (RANS) 33

3.2. Curvature correction 35

3.3. Large Eddy Simulation (LES) 41

3.4. Advanced post-processing 43

3.5. Ffowcs Williams and Hawkings equation 47

Chapter 4. Numerical Methods 50

4.1. Discretization 50

Chapter 5. Results: Highlights and Discussion 55

xi



Chapter 6. Conclusions 74

6.1. Contributions 74

6.2. Proposal for future work 77

Chapter 7. Publications 80

Acknowledgements 83

Bibliography 84

xii



Part II - Papers

Paper 1. Assessment of the 3D Flow in a Centrifugal compressor
using Steady-State and Unsteady Flow Solvers 91

Paper 2. Generation Mechanisms of Rotating Stall and Surge
in Centrifugal Compressors 117

Paper 3. Centrifugal Compressor: The Sound of Surge 137

Paper 4. Acoustic signature of flow instabilities in radial
compressors 163

Paper 5. Evaluation of Centrifugal Compressor Performance
Models using Large Eddy Simulation Data 189

Paper 6. Analysis of vaneless diffuser stall instability in a
centrifugal compressor 211

xiii



Nomenclature

ṁ Mass flow rate [kg/s]
h Specific enthalpy [J/kg]
s Specific entropy [J/kg-K]
c Speed of sound [m/s]
f Frequency [Hz]
k Wave number [1/m]
L Characteristic length [m]
Ma Mach number [-]
p Pressure [Pa]
r, θ, z Radial, Tangential and Axial coordinates, [m]
x, y, z Cartesian coordinates, [m]
η Isentropic efficiency
Φ Phase angle [radian]
γ Ratio of specific heat
β angle [o]
cp Specific heat at constant pressure [J/kg-K]
t Time [s]
T Temperature [Kelvin]
�u Velocity vector [m/s]
�U Mean velocity [m/s]
ρ Density [kg/m3]
ω Angular frequency [rad/s or 1/s]
RO Rotating Order, Normalized angular velocity
BPF Blade Passing Frequency
V Volume [m3]
Re Reynolds number
k Turbulent kinetic energy [m2/s2]
� Dissipation rate [m2/s3]

Subscript
0 Total, ambient or mean variable
1 upstream of the impeller
2 downstream of the impeller
ref variable is referred to reference value
b blade

Superscript
— Average
∼ Favre average
� Fluctuation

Only commonly used symbols and quantities are listed above. Other abbrevia-
tions and quantities are explained in the text at first occurrence.
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Part I

Overview, Outcomes and
Discussions





Chapter 1

Introduction

Since the 1950s there is a variety of scientific evidence showing global warming:
a climate change due to observed century-scale rise of the Earth’s average
temperature. Global warming is believed to have anticipated effects such as
rising sea levels, expansions of deserts, reoccurring extreme weather events and
ocean acidification1. Such consequences will ultimately influence security of
food supply due to decreasing crop yields and the survival of endangered species.

The human influence is concluded as the most likely cause, and one signifi-
cant factor is vehicle emissions from cars and trucks on the open road. In the
European Union (EU) the majority (99%) of new registered cars and trucks
rely on an internal combustion engine (ICE) as the main propulsion system2.
Although in recent years, the market has seen a growing share of electrified
propulsion units. However, due to the mature technology with ICE it’s projected
to dominate the market for the foreseeable future. The problem is that the
majority of ICE systems are based on combustion of fossil based fuels (e.g.
Gasoline or Diesel), where the main combustion products are carbon dioxide
(CO2) and water. CO2 is a greenhouse gas, which contributes to the global
warming. Combustion of Gasoline or Diesel may also yield toxic byproducts
that are dangerous for humans and other organisms, e.g. carbon monoxide
(CO), nitrogen oxides (NOx), hydrocarbons (HC) and particulate matter (PM).
The type and amount of emissions depend strongly on the local conditions (such
as pressure, temperature and equivalence ratio) in the cylinder. Improving
the fuel economy of ICE has a direct impact on reducing emissions, which is
positive for the environment. The European Union (EU) legislation regarding
vehicle emissions has become more stringent in the past few decades, and fur-
ther restrictions are expected to follow 3, 4, 5. By 2020 the objective dictates
40% CO2 reduction for cars and light-duty vehicles and 30% for heavy-duty
trucks. Generated noise is another concern with combustion engines, which
has a disturbing impact in densely populated residential areas. This is also

1https://climate.nasa.gov/evidence/
2ACEA (2017). European automotive manufacturers’ association: Consolidated registrations.
3Regulation (EU) No 333/2014 of the European Parliament and of the Council
4https://ec.europa.eu/clima/policies/transport/vechiles/heavy/documentation.htm
5http://www.iea.org/publications/freepublications/publication/

CO2EmissionsFromFuelCombustion2017Overview.pdf
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2 1. Introduction

regulated within EU, as a maximum sound pressure level (SPL) due to vehicle
drive-by on the open road6.

1.1. Background and Motivation

ICE can be described as a reacting flow system. It is a system containing a
multi-component fluid mixture whose constituents react chemically with each
other. The mixture contains a substantial amount of chemical energy locked
within molecular bonds. Upon combustion the available chemical energy is
transformed into thermal energy, which in turn is transformed, partially, into
mechanical energy in the power-train of the vehicle, thus moving the vehicle.
For an efficient combustion process there is a need to regulate the concentration
species present in the reaction. This is so since chemical reaction of fuels like
hydrocarbons are composed of a large number of reaction steps with a wide range
of time scales. In addition, turbulence imposes its own time- and length-scales
that only partially overlap with the species time-scales. Resolving all time-
and length-scales relevant to combustion is out of reach to current knowledge
and computational power. Without going into details of stoichiometric balance
equations between reactant and product species, respectively, it has been
identified by other researchers that some few so called integral parameters are
influential in defining the overall power output from ICE. The engine power
output can be modeled (in zero dimension) with an elementary equation as
follows, see e.g. Heywood (1988):

P =
1

2
· n · pme · VSW (1.1)

The engine power is thus seen to depend mainly on the engine speed n, the
brake mean effective pressure pme (an indication of the engine load) and the
swept cylinder volume VSW . The last parameter is a measure of the engine
size. These parameters are included to yield different frictional losses. For
example, the engine speed is associated with a quadratic increase in friction
loss. It is approximately constant with respect to the engine load, and increases
linearly with engine size, see experimental works by Guzzella & Sciarretta
(2007); Ben-Chaim et al. (2013); Leduc et al. (2003). Accordingly, reducing
the engine speed would theoretically have a positive effect on frictional losses.
However, too low engine speeds may introduce side effects associated with
non-smooth operations causing high vibrational levels. The next candidate
parameter for reduced frictional losses to consider is VSW , i.e. the engine size.
This is one of the more promising engineering directions for improved fuel
economy and thus lowering the emission levels (e.g. CO2). Reduced engine size
is commonly attributed to downsizing of the modern reciprocating combustion
engine. Downsizing naturally leads to less thermal and frictional losses but
lowers the power output. This is compensated by adding a well matched
turbocharging unit in gas exchange circuit, as sketched in Fig. 1.1. The aim is
to convert some of the exhaust gas enthalpy into rotational kinetic energy of

6Directive 2002/49/EC relating to the assessment and management of environmental noise.



1.1. Background and Motivation 3

the turbine wheel, which otherwise is being wasted, c.f. Guzzella & Sciarretta
(2007); Ben-Chaim et al. (2013); Leduc et al. (2003).

The turbine wheel is spooled to high rotational speeds, and so is the
compressor impeller wheel, since both are mounted on the same shaft, see
Fig. 1.2. This can be seen in the sliced turbocharger hardware assembly, where
internal components of respective subsystem are visually exposed.

Engine

Intercooler

Compressed Air Flow Hot Exhaust Gasses

Ambient Air Inlet Exhaust Gas Discharge

Figure 1.1: Sketch showing the gas exchange circuit between the
ICE and the turbocharger system (adapted after an image from
https://www.carfinderservice.com/car-advice/how-a-turbo-works).

The main objective with the turbocharging system is to provide boost
pressure, by a dynamic transfer of the impeller shaft kinetic energy into increased
amount of (compressed) air towards the engine’s cylinder. The compressed
air is directed from the diffuser towards the cylinder via the volute exit pipe.
Further elevation of the intake air density supplied to the engine is possible
by means of installing an intercooler, see Fig. 1.1. Feeding the engine with a
higher density compressed air, richer in its oxygen content, may allow a faster
fuel burn rate within a given combustion chamber. Downsizing also reduces the
overall weight of the power-train system.

For the outlined turbocharger concept to work efficiently, losses in the energy
transfer must be minimized. Ideally, the fluid flow stream should therefore
be steady with marginal fluctuation disturbances through the turbocharging
machine. For best fuel economy the engine should be operated at low engine
speeds, which means that the turbocharger in an actual driving cycle operates at
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Air Inlet Exhaust

intake impeller shaft scrollvolute turbine wheel

bypass channel shroud diffuser oil housing

Figure 1.2: A photograph showing a partially cut-out turbocharger hardware
assembly. The centrifugal compressor system is located to the left; the oil
housing system is located in the middle of the view; and the turbine system to
the right hand side.

low mass flow rates. However, operation of the centrifugal compressor part of the
turbocharging system is subjected to a limited operating range towards low mass
flow rates, where emerging flow instabilities are known to occur. Mechanisms
leading to flow instabilities are stall, which may develop into rotating stall and
surge. Such flow phenomena cause large vibrations and influence the lifetime of
the machine.

1.2. Objectives and Research questions

The overall thesis objective is to enhance the understanding of the mechanisms
and key factors leading to stall onset in centrifugal compressors. This involves
quantifying emerging flow instabilities, the process of their generation and their
impact on the compressor’s operating range. Of growing importance is to expose
the interlink between the flow instabilities and the aerodynamically generated
sound in centrifugal compressors, as well as the role of flow-acoustics coupling and
its effect on the compressor stability and performance. The thesis also attempts
to provide an efficient and accurate method for modeling charging system’s
stability and performance. In terms of gaining physics based understanding
of the driving factors and parameters governing the noise generation process,
quantifications of the dominant acoustics sources are made. This involves
establishment of correlations between the acoustic sources to the propagating
noise in the far-field, influencing the environment.
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In the scientific community there are several hypothesis proposed for mech-
anisms leading to stall, rotating stall and the more severe surge instability in
centrifugal compressors. Flow driven instabilities are reported to be influenced
by adverse pressure gradients, shear-layer instabilities, boundary layer sepa-
ration, and wake effects, see e.g. (Paduano et al. 2001; Hellström et al. 2012;
Guillou et al. 2012; Lennemann & Howard 1968; Despres et al. 2013). The
geometry is typically of a confined space nature, with complex high curvature
features, see Fig. 1.2. The impeller wheel is rotating at high angular velocities
(i.e. more than 100.000 rpm). The compressible flow is subjected to a wide
range of spatial length scales, e.g. installation duct piping an order of magnitude
larger than the impeller blade tip width. Similarly, it is also subjected to a large
range of temporal scales, from the low frequency surge phenomenon at dozens
of Hz to the high frequency tonality due to the impeller blade passing at tens of
kHz. Concerning noise production from centrifugal compressors, low frequency
tonality features of the flow associated with rotating stall and surge would have
a specific acoustic sound source signature yielding a distinct interference pattern
of the acoustic sound in the far-field.

A tentative precursor mechanism for rotating stall and surge is that due
to boundary layer separation on the impeller blade surfaces. It is associated
with frequent alteration of the incidence flow angles at the inducer and the
exducer side of the impeller (Paduano et al. 2001; Tan et al. 2010). This
may have profound effects on the compressors efficiency and performance
and thus the impeller’s ability to produce downstream momentum and boost
pressure (Bousquet et al. 2014). In scenarios where the thin boundary layer is
subjected to flow reversal pressure equalization may subsequently take place.
This may cause increased flow blockage in the blade passages. A high enough
critical pressure in the blade passage implies that the blades can no longer
produce sufficient momentum to push against the high pressure downstream
in the diffuser. Therefore, the pressure ratio of the centrifugal stage may drop
momentarily. It is conjectured that an impeller blade may be subjected to stall
on either the pressure or the suction side (Kämmer & Rautenberg 1982; Oakes
et al. 2002). If manifested on the suction side it is commonly referred to as a
positive stall, whereas a negative stall is said to occur on the pressure side. With
analogue to airfoils, a negative stall naturally may be less common as compared
to the case with a positive stall. From an impeller blade design perspective,
higher curvature is more frequent on the suction side, thus boundary layer
separation is more likely taking place there. Due to the impeller rotation,
the flow field is typically non-uniform over time, giving rise to circumferential
varying disturbance. For example, for an impeller with clockwise rotation, the
left blade may experience higher incidence flow angle and thus be subjected to
more stall. In contrast, the neighboring blade to the right may experience a
lower incidence flow angle, and thus a degree of lesser stall. Such non-uniformity
in the blade incidence flow angle may gradually start to propagate from blade
to blade. Ultimately, it may manifest in a local flow instability phenomenon
termed as rotating stall. Conceivably, one or several blade passages may be
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subjected to stall. Sometimes this evolving process is referred to as stalled cells.
Such stall cells may also impact the flow field upstream at the inducer but
also downstream in the diffuser. The number of such rotating stall cells does
tend to depend on the operating condition as well as the chosen geometrical
design of the centrifugal compressor (Broatch et al. 2016; Sundström et al.
2017). Nevertheless, an indicative parameter have been proposed, stating that
the convection speed of the propagating stall cell should be about 50% of the
impeller angular speed Jansen (1964). This figure has been observed both
numerically and experimentally for a range of centrifugal compressor designs
(Tsujimoto et al. 1996; Ljevar et al. 2006; Kalinkevych & Shcherbakov 2013).

There exists an alternative explanation for development into rotating stall
for centrifugal compressors fitted with a vaned diffuser, as proposed in the
works by (Bousquet et al. 2014). Based on Reynolds Averaged Navier-Stokes
(RANS) computations, the onset of rotating stall is discussed as a boundary
layer separation on the diffuser vane pressure side. This rotating stall is said to
be transferred to the suction side. A pressure wave was argued to cause periodic
alteration of favorable and adverse pressure gradients, leading to a sequence
of separation and reattachment of the boundary layer in the diffuser passage.
Additionally, a hub to suction side corner separation is a possible inception site
of surge instability. However, there exist centrifugal compressors fitted with
vaneless diffusers, which can also be subjected to rotating stall and surge. Surge
is commonly characterized as a system instability with complete flow reversal
as documented by Fink et al. (1991). This instability is accompanied by large
oscillations of the mass flow rate together with high amplitude low frequency
pulsation of the total pressure ratio. One reported feature with compressor
surge is existence of swirling tip-leakage back-flow in the same direction as the
impeller rotation with a low frequency tonality associated with an emptying
and refilling process between the outlet pipe duct and the impeller entrance,
see e.g. Guillou et al. (2012). The tonality of surge oscillation can be estimated
using the Helmholtz resonator theory on simplified model geometry. It has been
shown to give a surge frequency in the order of ten percent of the rotational
frequency of the impeller shaft, (c.f. (Rothe & Runstadler 1978)). The surge
frequency estimate is also seen to depend on the downstream duct volume. A
possible onset route for the surge instability has also been hypothesized to
be due to formation of a shear-layer in the volute, associated with a velocity
gradient (Hellström et al. 2012). Such shear-layer is conjectured to be periodic
and believed to reside under the volute tongue.

Some centrifugal compressor designs may be fitted with a ported shroud,
which are known to induce secondary flow instabilities, see works by Guillou
et al. (2012); Gancedo et al. (2016). Analysis of PIV measurements exposed
possible interaction of flow reversal from the ported shroud cavities with the
incoming flow. The unsteady interaction between the incoming flow towards the
impeller and the reversed annular swirling flow present at unstable operating
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conditions was further investigated in the present work using compressible LES
data, work exposed in Papers 1 to 4.

There can be several acoustic noise generation mechanisms that can be
provoked in a centrifugal compressor. The corresponding acoustic sources
can be categorized according to their acoustic and appearance characteristics,
commonly referred to as monopoles, dipoles and quadrupoles, see e.g. (da Sil-
veira Brizon & Medeiros 2012). A monopole acoustic source represents the
acoustic contribution from the displacement of the fluid caused by motion of a
surface (e.g. impeller blade surface). A dipole source corresponds to pressure
fluctuations (i.e. unsteady pressure loads) on a solid surface. For a stationary
surface the dipole source may be due to unsteady flow separation, unsteady
vortex shedding or vortices interacting with the surface. For impeller blades,
the surface is moving through a non-uniform flow field or with a varying velocity.
Quadrupole sources origins from free field turbulent fluctuations or by varying
tangential shear stresses on the surface. The outcoming spectrum associated
with such an acoustic source has a broadband character. A prevailing noise
source with approximately uniform inflow conditions is the blade passing fre-
quency (BPF) tonality, i.e. the impeller angular velocity times the number of
the impeller blades.

Narrowband tip clearance noise is discussed to overshadow the BPF noise,
see Raitor & Neise (2008). It has been reported to occur at approximately
50% of the rotating order (RO) for some compressor designs and may be
more substantial at lower impeller speeds. This noise is suggested to emanate
from secondary flow motion in the gap between the compressor casing and the
impeller blades similar to axial compressors, see works by Kameier & Neise
(1997). Other researchers Mendonça et al. (2012) and Tomita et al. (2013),
associate narrowband noise at higher frequencies to the rotational speed. In
Mendonça et al. (2012) noise source is linked with a rotating stall feature.
Another noise source observed to be evident at near-surge operating conditions
is coined “whoosh noise”, see Teng & Homco (2009) or Evans & Ward (2005).
It is discussed as a broadband noise, stretching over several orders of kHz. It
is postulated that “whoosh noise” is more apparent at near-surge operating
conditions as compared to actual deep-surge operating conditions, see Teng &
Homco (2009); Broatch et al. (2015). In Karim et al. (2013) high incidence
angles at the impeller blade leading edges has been found to relate with noise
generation and in Broatch et al. (2015) suggests that rotating flow structures in
the blade passages is causing the so called “whoosh noise”. In contrast Teng &
Homco (2009) relates the main noise source to be localized further downstream
in the compressor outlet piping. All these investigations reveal the challenge
associated with characterizing the perceived acoustic noise with the actual
generation mechanism.

In this context, gaining a physical understanding of the flow field as well
as assessment of flow-acoustics coupling depends on our ability to capture,



8 1. Introduction

visualize, and quantify with high-fidelity a large range of spatial- and temporal-
length scales associated with particular flow and acoustic modes. A high enough
resolution is desired both within the compressor, i.e. local areas with flow
instabilities and acoustic sources, but also further away to understand the
impact of upstream and downstream installation effects. Moreover, this should
cover enough statistics to capture from the lowest (surge) up to the highest
frequencies (BPF) of interest. Gaining this understanding has so far been
challenging to achieve by means of available experimental tools. Nevertheless,
high frequency resolved pressure probe measurements have been used to analyze
narrowband and broadband flow features in the compressor, see works by Raitor
& Neise (2008); Torregrosa et al. (2014). One problem is that it is an invasive
technique, where drilling the compressor casing is required for probe installation.
Uncertainties naturally arise if the probe tip itself may influence the flow field.
Particle Image Velocimetry (PIV) is another measurement technology that has
been used with some success (Guillou et al. 2012). The PIV methodology relies
on taking camera snapshots of illuminated particles flowing through a laser
sheet plane. As a consequence the equipment must be positioned in areas with
optical access. However, if the laser sheet is positioned in the vicinity of and
aligned with the impeller wheel frontal plane, some side-effects are known to
occur where scattering from background solid surfaces may contaminate the
image. In other words, it may highlight features of the flow which does not
exist. For this reason PIV has so far had a limited practical use for a physical
understanding of complex flow fields within confined space applications such,
as in the case of the centrifugal compressor.

In this thesis, the Large Eddy Simulation (LES) approach is employed,
which is a suitable option to extract the information needed to analyze the
flow instabilities under consideration, i.e. stall, rotating stall, and surge. LES
also reduces the number of modeling parameters that one encounters in for
example Reynolds averaged Navier-Stokes (RANS). The modeling of near-surge
conditions requires resolving the large flow pulsations along with a combination
of broadband and narrowband fluctuations. Capturing of rotational flow features
(e.g. rotating stall instability) in non-axisymmetric geometries calls for time-
dependent and full annulus geometry (360o) simulation, which implies long
computational times. Moreover, the problem involves a large range of velocities
associated with the complex geometry, which is characterized by high curvatures,
rotating components, tip clearances, the presence of flow control devices (e.g.
ported shroud). Since LES is a discrete approximation of the flow governing
equations it is believed that it can handle the complex physics (e.g. laminar-
to-turbulent transition, rotating stall, surge, and noise generation) that one
is expecting to encounter. An important consideration is to have a high
enough spatial resolution for capturing these essential flow physics. Due to the
geometrical complexity of centrifugal compressors, it is always a challenge to
validate the numerical approach employed due to the limited availability of
detailed experimental data in the range of parameters of interest.
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Due to the chaotic nature of the flow one objective is to evaluate suitable
flow mode decomposition techniques for quantifying the developing larger flow
instabilities as the conditions gradually approach off-design operations. Acoustic
pressure waves propagating upstream and downstream from the source regions
can be correlated with phenomena in the flow and with the acoustic sources.
Distribution of the acoustic source signatures may be extracted using flow mode
decomposition, e.g. Fourier surface spectra, Proper Orthogonal Decomposition
(POD) and or Dynamic Mode Decomposition.

High fidelity LES for these applications require sufficient computational
power resources, exceeding 100000 CPU hours, i.e. supercomputing hardware
facilities. Consequently, another research direction in this thesis considers
the use of low order modeling for prediction of the compressor performance
characteristics. This is an attractive choice since the focus of the problem under
consideration can be described by few modes in addition to the fact that the
approach requires low computational cost and offering fast turn-around times.
Therefore, low order modeling is ideally suited for early design phases and to
assess the compressors integration as part of a larger engine boosting system.
The associated results have comparable accuracy as with high fidelity simulations
and available experimental data at near optimum design condition. However
at off-design condition towards surge or choke significant discrepancies arise
with the reduced order models. In practice only the overall global performance
parameters from measurements are available for correlation of the 1D models.
At off-design operating conditions the LES data can be used to understand why
the reduced models fail, but also to enhance their predictive capabilities (by
developing augmented models for assessing component-wise parametric losses).



Chapter 2

Theory of Centrifugal Compressors

A centrifugal compressor can be categorized as one form of a dynamic compressor
or turbomachine. The attribute “compressor” refers to compression of a fluid
medium. In particular it signifies a transfer of kinetic energy to a high potential
energy (pressure rise) of a continuous flowing stream. The attribute “centrifugal”
states that the energy transfer involves an action due to centrifugal force. Some
of the benefits with centrifugal over axial compressors are as follows: higher
pressure rise may be achieved with a single stage, which also means simplicity
in design and production. An axial compressor would typically need several
stages in series for the same output in this regard. In general it has a better
surge margin and it is less prone to foreign object damages. These properties
makes them suitable for turbocharging systems of Internal Combustion Engines
(ICE).

2.1. Geometry and characteristics

A centrifugal compressor can be designed in many different ways, c.f. Aungier
(2000). For introductory purposes Figure 2.1 provides schematic front and side
views of a typical centrifugal compressor stage. Key components are (see also
Fig. 1.2): an inlet duct station (0-1), an impeller (1-2), a diffuser (2-3), a volute
(4), and finally an outlet duct (5) for flow discharge where the compressed flow
may be utilized for some specific purpose.

The impeller energizes the fluid by its rotation (in the clockwise direction
in the figure). At the exducer station (2), the flow enters the diffuser. There,
additional fluid kinetic energy is recovered before the flow discharges into the
volute. In the figure the diffuser is sketched as an empty space, and is commonly
referred to as a vaneless diffuser design. However, some diffuser designs may be
equipped with guide vanes for flow control. Guide vanes may also be present
upstream of the inducer (1), commonly denoted as inlet guide vanes. A volute
is utilized to smoothly guide or collect the flow towards the exit cone and
eventually being funneled out via the outlet duct. The appearance of the volute
is very much based on experiences from previous well-functioning designs. A
popular choice from a design perspective is to employ a cross-section area
variation as function of the tangential direction. In the sketch a simple spiral
function was adopted. The figure also depicts an intermediate line a little

10
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Figure 2.1: Side and front view sketches illustrating a typical centrifugal com-
pressor stage. Both sketches are adapted from Aungier (2000).

downstream of the inducer, i.e. station (1�). This serves to highlight that some
impeller designs incorporates blades with a shorter chord. Those blades are
called splitter blades whereas the others are called full length or main blades.

A question is how and why a torque input on the impeller shaft delivers
power to the fluid. It is recognized that the compressor is an open system in
the sense that fluid can cross the system boundaries at the inlet and the outlet.
From the first law of thermodynamics for a steady flow in such an open system
there must be an energy balance. On one side of the balance equation

q̇ + ẇ = ṁΔ(e+ pv + C2/2) (2.1)

there is a sum of work done on the system ẇ and an input due to heat transfer
q̇. The work done is due to the rigid body rotation of the impeller wall surface
boundary, expressed as the angular velocity of the impeller times the applied
shaft torque, �ω · �τ . The heat transfer q̇ is an energy flow between the system
and its environment due to heating or cooling, which is most often neglected
for centrifugal compressors. The equation is balanced on the right hand side
with the mass flow rate ṁ multiplied with changes in the flow energy consisting
of internal energy e, work required pv to move the fluid across the system

boundaries, and the kinetic energy C2/2, where �C is the fluid velocity vector.
The sum e+pv in the brackets is defined as the specific enthalpy h and together
with the kinetic energy term it is defined as the total enthalpy h0, respectively.
Therefore, the appropriate energy equation for a compressor is

ẇ = ṁΔh0 = ṁ(h0d − h0i), (2.2)
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where the energy change is taking place for a compressor operating between
inlet total conditions (p0i, T0i) and discharge (p0d, T0d). The change in total
enthalpy is often normalized with the blade tip speed U which is called the
work coefficient:

ψ = Δh0/U
2 (2.3)

For incompressible flow and using Δh = Δp/ρ it can be put in the following
form:

ψ = Δp/(ρU2) (2.4)

Instead of defining a change it is also common to define a pressure increase as a
ratio between inlet and discharge:

PR = pd/pi (2.5)

For a reversible process the specific entropy s is defined as

ds = dqrev/T. (2.6)

The second law of thermodynamics dictates the direction of the compression
process from inlet to discharge. For an adiabatic process it requires Δs = 0.
A process that is both adiabatic and reversible is said to be isentropic, i.e. a
constant entropy. For a closed system the thermodynamic relation for entropy
is

Tds = dh− vdp (2.7)

Thus, assuming an isentropic process, the work input required to produce the
pressure rise would be a little less than the actual Δh0. This is denoted as

Δh0s =

� d

i

vdp (s = const). (2.8)

The integrated work input between inlet and discharge is schematically drawn in
the h− s diagram Fig. 2.2. It consists of two parts, one ideal process (constant
entropy) and one isobaric process (constant total pressure). The isobaric curves
in Fig. 2.2 are obtained from the entropy change ds in the fluid:

ds = dh/T −Rdp/p (2.9)

In the isobaric case dp = 0 and integrating yields:

T0 = T0ref · eΔs/cp ⇒ h0 = h0ref · eΔs/cp (2.10)

which gives an explicit relation between the total enthalpy as function of the
change in entropy. The difference between the isobaric curves (e.g. p0ds and p0d)
is related to the total enthalpy loss or efficiency of the centrifugal compressor
(i.e. Δh0s compared to Δh0 ). It is commonly defined as the fraction of the
ideal over the actual work input:

ηs = Δh0s/Δh0 =
h0i − h0s

h0i − h0d
(2.11)
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Since most compressors operate at moderate temperatures (<< 1000 K), a
calorically perfect gas with constant heat capacities cv and cp is generally a
good approximation. This allow the alternative efficiency form

ηs =
PR

(γ−1)/γ
0 − 1

T0d/T0i − 1
, (2.12)

where γ = cp/cv is the ratio of specific heats. In order to obtain an overview
of centrifugal compressor performance for various operating conditions the
pressure ratio and the efficiency quantities can be combined, see Fig. 2.2b).
It is drawn with several pressure ratio (PR) curves as function of the mass
flow rate, where each PR curve is given for a specific impeller speed. On top
the efficiency is given as contour lines, with higher levels centered along some
optimum design operating condition. At very high mass flow rates, the flow may
reach sonic speeds in the impeller blade passages, and the flow becomes choked.
This is a limiting boundary called stonewall or choke line. On the other side,
towards low mass flow rates there is a limiting boundary called surge, which is a
flow phenomenon where the compressor flow undergoes large system oscillation.
Stable and robust operation is not possible beyond that limit.
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Figure 2.2: Schematically drawn stage h− s diagram and a compressor map.
The pressure ratio is commonly based on total-to-total pressures between inlet
and discharge. This corresponds to stations (0) and (5) as sketched in Fig. 2.1
(note that inlet and discharge stations may be designated with other numbers
for example (1) and (2), respectively). The mass flow rate ṁ is commonly
defined at discharge. Both sketches are adopted from Aungier (2000).

2.2. 1D Compressor modeling theory

The compressor modeling theory formulated by Aungier (2000) and Gravdahl
& Egeland (2012) is exposed in the current subsection. To relate power input
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ẇ with the power delivered to the fluid, the velocity is considered in cylindrical

coordinates, �C = Cr�er + Cθ�eθ + Cz�ez, and the equation of angular momentum
between inducer and exducer is given by:

ṁ(�r2 × �C2 − �r1 × �C1) = �τc (2.13)

The absolute velocity magnitude at the inducer C1 is

C1 = ṁ/(ρ01A1) (2.14)

where ρ01 is the stagnation inlet density. For convenience the frontal area A1

is computed at root mean square radius defined as r1 =
�

r21,tip + r21,hub. The

velocity vector upstream of the inducer may in practice contain a tangential
component Cθ1 but neglecting pre-swirl allows the simplification Cm1 = C1,
and α1 = 0, see Fig. 2.3. The impeller blade velocity is given by

�U = �ω × �r (2.15)

where ω is the impeller angular velocity magnitude in the clockwise direction.
When U1 and C1 are drawn upstream of the impeller leading edge, see Fig. 2.3 the
relative velocity W1 as seen by the blade is obtained by the vector relationship

�W1 = �C1 − �U1. (2.16)

At the exducer the fluid exits with absolute velocity C2, while the blade
speed at this station is U2 = ωr2, and the relative velocity is thus W2. A
combination of equations 2.13, 2.15, 2.16, and 2.2 subsequently gives a relation
for the change in enthalpy:

Δh0 = U2Cθ2 − U1Cθ1. (2.17)

This equation is important and is known as the Euler turbomachinery equation.
Applying the cosine theorem on the velocity triangles in Fig.2.3 one obtains:

W 2 = C2 + U2 − 2UC cosα (2.18)

Inserting in Eq. 2.17 the Euler equation can then be written as:

Δh0 =
1

2
[(C2

2 − C2
1 ) + (W 2

1 −W 2
2 ) + (U2

2 − U2
1 )] (2.19)

This equation shows that the work input from the rotor rotation can increase
the total enthalpy of the fluid in three different ways. The first term on the
right hand side (C2

2 −C2
1 ) corresponds to an increase in kinetic energy over the

impeller. The second term (W 2
2 −W 2

1 ) is a measure of the change in kinetic
energy of the relative flow. The last term (U2

2 − U2
1 ) is the centrifugal effect,

which is independent of the mass flow rate and is directly connected with the
inducer and exducer radii. From Fig. 2.1, r2 is much larger than r1 and thus the
exducer blade tip velocity may approximately be twice as large as compared to
the inducer blade velocity. This corresponds to a nearly 50% of the pressure rise
solely due to the centrifugal effect. Since this is independent of the mass flow rate
through the machine it means that radial compressors can produce a pressure
rise even-though the blades may be completely stalled. In an axial compressor
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Figure 2.3: Velocity triangles at inducer and diffuser (adapted after Gravdahl
& Egeland (2012)).

the flow enters and exit at approximately the same radii. Consequently the
contribution from the centrifugal term is nearly zero. Therefore, a single
centrifugal compressor stage can produce much higher pressure rise as compared
to a single axial compressor stage and it can do so for a wider operating range.

For an ideal impeller, the exit relative velocity should be tangential with
the blade exit angle. In Fig. 2.3 the impeller blade is drawn with a back sweep
angle β2b and Cθ2,ideal is given by:

Cθ2,ideal = U2 − Cm2 cot(β2b) (2.20)

However, the actual tangential velocity is smaller due to a slip component CS .
From measurements a slip factor may be obtained to relate the fraction between
the actual to the ideal case, defined as:

σ = Cθ2/Cθ2,ideal ≈ 1− 2/Z. (2.21)

The last expression is an explicit estimate suggested by Stanitz & Ellis (1950).
A typical slip factor value range is σ = 0.8...0.95, where Z is the number of
impeller blades. Assuming no pre-swirl, then combining equations 2.17, 2.20,
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and 2.21 yields an expression of the ideal specific enthalpy delivered to the fluid:

Δh0,ideal = σU2
2 (1−

ṁ

ρ02A2U2
cotβ2b). (2.22)

Thus, the ideal work input is a function of speed, the mass flow rate and the
back sweep blade angle.

2.2.1. Work losses in a centrifugal compressor

It is important to note that the actual work input is smaller than the ideal
situation due to various losses. Some losses are known to be more dominant and
are essential in defining the stability characteristic of the centrifugal compressor.
The blade at the inducer is effectively subjected to an incoming flow velocity W1

with angle β1. Depending on the mass flow rate being high or low there would
be an angle of incidence, defined as the difference between the blade angle and
the gas stream angle:

βi = β1b − β1 (2.23)

Hence, there must be a tangential velocity component Wθ1 due to incidence
that the blade leading edge is seeing. Since there is a blade the flow is effectively
realigned with the blade angle. This realignment of the flow introduces a loss,
which may be asymmetric depending on if βi is positive or negative. The further
the operation and hence mass flow rate is from an ideal optimum efficiency
for the chosen blade design the larger this loss would be. If however, the loss
is assumed to be symmetric about this near optimum condition is may be
expressed as:

Δhii = W 2
θ1/2 (2.24)

From the velocity triangle in Fig. 2.3 the relations,

cosβ1 =
U1 − Cθ1

W1
and sinβ1 =

Cm1

W1
, (2.25)

and using the sinus relation, Wθ1 is given by

Wθ1 = U1 − Cθ1 − Cm1 cotβ1b (2.26)

Therefore, the incidence loss can be expressed

Δhii =
1

2

�
U1 −

ṁ cotβ1b

ρ01A1

�2

(2.27)

The result shows that the incidence varies as the square of the mass flow rate
and is symmetric about some optimum mass flow rate. Another vital loss is due
friction. It is a typical irreversible process and introduces rise in entropy. In a
proposal by Ferguson (1963), who studied friction in attached channel flows,
the loss is estimated as:

Δhfi = fi
lb
Di

W 2
1b

2
(2.28)
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there li is the blade channel length and Di = 2πr1/Z is the mean hydraulic
diameter of the channel. The friction factor fi is often obtained experimentally
but from an idea presented by Haaland (1983) an explicit formula is given as:

1/f
1/2
i = −1.8 log(6.9/Re+ [(�/Di)/3.7]

1.1 (2.29)

It depends on the Reynolds number which defines the ratio of inertial over
viscous forces in the flow and may be computed as Re = U2b2/ν, where b2 is
the impeller tip width and ν is the fluid kinematic viscosity. Combining the
latter equations and using the sinus theorem, the work loss due to friction can
be written

Δhfi =
fili

2Diρ2A2
1 sinβ1b

ṁ = kfiṁ
2 (2.30)

Thus, the friction loss varies as the square of the mass flow rate and is indepen-
dent of the impeller speed. A similar procedure may be adopted for the diffuser
friction loss:

Δhfd = kfdṁ
2 (2.31)

This suggests that the diffuser friction loss also varies with the mass flow rate
square. However, since the flow is not guided with vanes it is important to
consider the fluid flow path and the corresponding L for the fiction computation.
From Fig. 2.1 the width b2 is constant, thus the cross-section area increases lin-
early with the radius. Since mass is conserved, the radial velocity must decrease.
So does the tangential velocity due to conservation of angular momentum. For
zero axial velocity the slope of the flow path is constant,

tanα2 =
Cm2

Cθ2
=

dr

rdθ
= constant, (2.32)

and integrating yields

θ3 − θ2 = ln
r3
r2

cotα2. (2.33)

Therefore, assuming inviscid incompressible diffuser flow the fluid particles must
follow along a spiral trajectory, subjected to an adverse pressure gradient. From
Pythagoras theorem (see Fig. 2.3) it follows that

dL =
�
dr2 + (rdθ)2 = dr

�
1 + cot2 α2 =

dr

sinα2
, (2.34)

and integrating gives
r3 − r2 = L sinα2 (2.35)

If a perfect diffusion is assumed then the average velocity along the spiral
trajectory is given as C2/2 and the work loss due to friction becomes:

Δhfd =
fi(r3 − r2)

8D sinα2

C3
2

Cm2
= kfdṁ

2

�
1 +

�
σU2(ρ02A2)

2

ṁ2
− cotβ2b

�2
�3/2

(2.36)
The expression after the first equality shows a singularity in the limit where the
mass flow rate approach zero, and the loss goes to infinity. Of course that is
completely unphysical. In reality the loss is bounded due to viscosity. Moreover,
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for shallow flow angles there would be a growing adverse pressure gradient,
which may be onset for boundary layer separation and cause larger pressure
losses. The expression after the second equality stipulates that as the mass flow
rate escalates the fluid flow path becomes shorter, hence dropping the diffuser
friction loss.

The aforementioned major losses can now be subtracted from the ideal
work and the overall stage efficiency can be written

ηs =
Δh0,ideal

Δh0,ideal +Δhloss
, (2.37)

where Δhloss = Δhii+Δhif +Δhdf . In reality more loss mechanisms should be
added to this sequence. But taking into account only the major loss mechanisms,
neglecting minor ones, a qualitative understanding emerge on how the stage
characteristic stability is affected. The effect of the slip factor is effectively a
linear shift of the work flow coefficient ψs, computed as

ψs = ηsψ = ηs
Δh0

U2
2

= ηs

�
σ +

Cm2

U2
cotβ2b

�
(2.38)
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Figure 2.4: Compressor stage performance characteristic (adapted from Aungier
(2000)).

The effects of the blade back sweep angle β2b and the diffuser friction loss
results in a negative slope. This gives a stabilizing characteristic and shifts
the surge line limit towards lower mass flow rates, see Fig. 2.4. Finally, the
impeller loss, here mainly due to the inducer loss, gives a typical arc shape. The
peak level on the ψs curve defines the transition point from positive to negative
slope. According to Greitzer (1976) surge may occur somewhere between zero
and positive slope. This means that some compressor designs may surge at the
peak pressure point, while some others may surge further to the left of this
point. From an engineering point of view, the actual surge line is defined as
the lowest mass flow rate possible to measure a stable reading from a gas stand.
An extra safely margin is added to the actual surge line with aim to avoid
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surge. The amount of safety margin is case specific but Bloch (2006) suggest
using a few percent offset to the actual surge line. Due to lack of a universal
definition, the surge line is not a reliable indicator of the ultimate transition
point between stable and unstable operation. For practical considerations it is
regarded as a sufficient margin to maintain stable conditions. Of course this is
a very qualitative description of the stability characteristic and a fundamental
question emerges if this may be quantified in practice.

Test data from gas stand measurements usually only cover the stable
operating regimes, i.e. a safety margin from the surge limit on the left hand
side and until the choke margin on the right hand side. This means that little
is known about the characteristic in surge operation. However, it is reasonable
to assume that the performance will continuously drop in the limit ṁ = 0.
Crucially, due to the centrifugal effect, the compressor will still be able to
produce work in this limit. Therefore, the work coefficient cannot drop to zero
but must retain a positive value at ṁ = 0. For negative mass flow rates one
may assume that the characteristic buildup. To mimic such behavior one may
assume that the pressure rise is proportional to the mass flow rate for ṁ < 0.
Introducing this idealization gives the following expression:

ψs(U1, ṁ) =
p02
p01

=

�
cnṁ

2 + ψs0(U1), ṁ ≤ 0�
1 +

ηs(ṁ,U1)Δh0,ideal

cpT01

�γ/γ−1

, ṁ > 0
(2.39)

where ψs0(U1) is a coefficient at ṁ = 0 and a constant cn is chosen to define
the slope for negative mass flow rates.

2.3. Flow features of stall, rotating stall and surge

It is important to realize that the centrifugal compressor is subjected to a very
complex flow field. The presence of the radial velocity component in the blade
passages causes a Coriolis force/acceleration. It is normal to the relative velocity

vector �W and will produce a cross-flow blade-to-blade static pressure gradient.
For a fluid element the Coriolis force per unit volume is

�FC

V
=

1

r

∂p

∂θ
= 2ρ(�ω × �W ) = −2ρω(Wθ�er −Wr�eθ) (2.40)

The negative sign indicates an increasing pressure opposite the direction of
rotation, i.e. a pressure gradient towards the blade pressure side. The tangential
component (2ωWr) is usually the more influential and will direct the flow
opposite to the impeller angular velocity. It is proportional to the radial velocity
and will hence increase towards the exducer.

A fluid element in the blade passage is also exposed to a so called blade
pressure force via the centrifugal acceleration. It has one component in the

direction or tangential with the �W and another component normal to �W . The
later component acts in the opposite direction to the Coriolis acceleration. The
main effect of the normal component can be seen as a force from the blade
pressure side to the suction side.
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Both Coriolis and blade pressure forces, respectively, can be seen to influence
the fluid element in the blade passage in different ways. The Coriolis force
depends on the radial velocity and will hence affect the core flow of the blade
passage. The blade pressure force on the other hand only depends on geometry
and impeller angular velocity and will thus mainly influence the boundary layer
flow. The two forces yield a flow field developing into two separate distinct
zones. Qualitatively there would be one jet like zone towards the pressure side
and a more boundary layer like (slower velocity) towards the suction side. The
primary jet zone is highly energetic. In many aspects it may be considered to
be isentropic to first approximation. The other boundary layer like zone results
in an overall secondary wake zone, and is thus considered highly non-isotropic.
The two zones will gradually mix after the impeller due to different levels of
tangential momentum. For compressors operating at ideal conditions the mixing
length according to Johsson & Dean (1966) is approximately 1.15r2.

Force acting on the fluid element in the blade passage can also be due to
streamline curvature. This arises from the flow being gradually redirected from
axial to a radial direction. The curvature is larger on the shroud as compared to
the hub side. This yields a pressure gradient directed from the hub to the shroud
side. As a consequence the boundary layer on the shroud side is subjected to a
stronger adverse pressure gradient, resulting in a corresponding boundary layer
thickening. Therefore, the shroud is more prone to separation. On the hub side
curvature will help stabilizing the boundary layer, therefore it is generally more
aligned flow on that side, and less prone to separation.

Many impeller designs have unshrouded configuration, meaning that there
is a gap clearance between the rotating blade tip and the stationary shroud
surface. The gap is subjected to leakage with a Couette-type flow characteristic.
The flow is thus leaking over from the pressure side to the suction side in the
shroud boundary layer in a direction opposite the impeller angular velocity.
When this flow enters the next blade passage close the suction side it may
curl up into a tip clearance vortex due to boundary layer separation. The
phenomenon has been studied among others by e.g. Moore & Greitzer (1986);
Lennemann & Howard (1968).

2.4. Theoretical stability criteria

One of the best-known description for behavior assessment of a compressor
oscillating system is the so-called Greitzer model (Greitzer 1976). The system
consist of a compressor of length LC with a lumped mass on one end. The
other end is connected with a throttle valve and with a plenum volume in
between. This is in analogue with a mechanical system; a particle of mass m
who is attached to one spring and two dampers and constrained to move along
a straight line, see Fig. 2.5.

From the conservation law of continuity the change in plenum mass is the
difference between incoming mass (i.e. ṁc at the compressor) and outgoing
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Figure 2.5: Compressor oscillation system (adapted from Greitzer (1976)).

mass (i.e. ṁt at the throttle).

(dρVp)

dt
= ṁc − ṁt. (2.41)

Assuming isentropic compression it can be shown that

dρ

dt
=

1

γRT

dp

dt
=

1

a2
dp

dt
, (2.42)

where a is the speed of sound. Therefore 2.41 can be written as

dpp
dt

=
a2

Vp
(ṁc − ṁt). (2.43)

The gradual flow diffusion yields low Mach number flow downstream of the
compressor. Hence, assuming incompressible flow in the outlet duct the unsteady
velocity variation may be described as a rigid body fluid movement due to the
difference in inlet and outlet plenum pressure. It then follows that

ρAcLc
dV

dt
= (Δpc −Δpp)Ac, (2.44)

where Δpc is the change in compressor pressure and Δpp is the change in the
plenum. With analogue to pipe flow, the rate of change of mass flow in the
compressor can subsequently be written

dṁc

dt
=

Ac

Lc
(−Δpp +Δpc(ṁc, U2)) (2.45)

In a similar fashion the rate of change of the throttling mass flow can be
expressed

ṁt

dt
=

At

Lt
(Δpp −Δpt(ṁc, U2)) (2.46)

The three equations 2.41, 2.45 and 2.46 together are seen to be a system of first-
order ordinary differential equations. It is noted that this system is autonomous,
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time t does not appear explicitly. Ideally, one should try to find an explicit
solution for a given set of initial conditions, so that the system response can
be assessed for any time. It is often impossible to solve a system of differential
equations exactly, especially since the compressor characteristic is nonlinear
with respect to the mass flow rate and impeller rotational speed. Fortunately, a
step-by-step recipe for solving differential equations on a computer was devised
by Euler in 1768, and more accurate recipes emerged later such as the Runge-
Kutta method. At first sight, it would be necessary to employ the step-by-step
program for different numerical values of the constants Ac, At, Lt, Lc, Vp, a and
ut; not forgetting all geometrical constants involved for computing the state-
space compressor characteristic. The parameter ut is a dimensionless quantity
for the throttle position (between 0 and 1). However, Greitzer deliberates the
analysis, by defining the new scaled variables

φ =
ṁ

ρUA
,ψ =

Δp
1
2ρU

2
, ξ = tωH = ta

�
Ac

VpLc
(2.47)

where the first two are known as the mass flow coefficient and the pressure work
coefficient, respectively. Time is here seen to be scaled with the Helmholtz fre-

quency defined as ωH = a
�

Ac

VpLc
. Introducing this, the problem is transformed

into

dφc

dξ
= B(ψc(φc,ω)− ψ) (2.48)

dφt

dξ
=

B

G
(ψ − ψt(φt, ut)) (2.49)

dψ

dξ
=

1

B
(φc − φt(ψ, ut)) (2.50)

where several constant parameters are collected into two designated stability
parameters (B,G), defined as:

B =
U

2a

�
Vp

AcLc
=

U

2ωHLc
(2.51)

G =
LtAc

LcAt
. (2.52)

If the throttle equivalent length is small compared to the compressor length
then G would be small and the problem simplifies to a system with only two
degrees of freedom (φc,ψ) and one stability parameter B. Consider now a local
linearization of the compressor performance curve and the throttle valve curve
around a specific operating point (φc0,ψ0, ut0) and transforming the coordinate
system to the specific point yielding

�
ẋ1

ẋ2

�
=

�
Bψ�

c −B
1
B − 1

Bψ�
t

� �
x1

x2

�
(2.53)

Here ψ�
c and ψ�

t are the slopes of the centrifugal compressor performance curve
as well as the throttle valve curve in the neighborhood of their respective
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intersection point at (x1 = φc − φc0, x2 = ψ − ψ0, ut0). It is recognized that
this is an eigenvalue problem of the general form ẋ = Ax with an analytical
solution in the complex plane for λ(= α+ iβ). Computing the determinant of
the eigenvalue problem yields a second order characteristic equation. The two
roots are

λ1,2 = −1

2
(

1

Bψ�
t

−Bψ�
c)±

1

2

�
(

1

Bψ�
t

−Bψ�
c)

2 − 4(1− ψ�
c

ψ�
t

) (2.54)

If the real part of the eigenvalue is negative, i.e. α < 0, the system is stable
because any perturbation will reduce in amplitude with time. Moreover, the
imaginary part, β defines the frequency of a step response to the linearized
model. Examining the eigenvalues therefore, it is seen that stability is only
guaranteed for the following two conditions

ψ�
c ≤ ψ�

t (2.55)

ψ�
c ≤

1

B2ψ�
t

(2.56)

The former is called the static stability condition. The second, usually more
restrictive is due to the B factor, and therefore it is called the dynamic stability
condition. It is interesting therefore to evaluate the root locus variation due to
the stability parameter B, shown in Fig. 2.6.

-4 -2 0 2

α

-1

-0.5

0

0.5

1

β

B
=
4

B
=
4

B
=
0
.0
5

B
=
0
.0
5

0 1 2 3

B

-1

0

1

2

3

α

stable

unstable

Figure 2.6: Root locus variation with respect to stability parameter B, with
choice of parameters ψ�

c = 1 and ψ�
t = 5.

.

One observes that for small B there are two statically stable equilibrium
points, because there is no frequency component. As B increases, the two
points move closer and closer together until they depart their separate ways.
The mechanism is a bifurcation into two conjugate complex branches. At the
bifurcation point then, the equilibrium position becomes dynamically stable. If
B is increased some more, the branches eventually transition into the positive
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real half of the complex plane and the equilibrium becomes dynamically unstable.
As B continues to increase, at approximately B = 2, the two branches merge at
a second bifurcation point and the equilibrium point is statically unstable.

This analysis contains an inherent limitation due to the employed lineariza-
tion, requiring small enough variations around the equilibrium point. What
is needed therefore is to maintain the nonlinear variation of the compressor
performance characteristic as well as the nonlinear variation of the throttle
valve curve. Experimental data obtained by Guillou et al. (2012) are presented
in Fig. 2.7. Two different speedlines are depicted for this compressor, which
consist of ten main blades and accommodates a ported shroud in an idealized
installation with an upstream bell mouth inlet. Since it is challenging to obtain

-0.05 0 0.05 0.1 0.15 0.2

φc

0

0.5

1

1.5

2

2.5

ψ

64 krpm

88 krpm

Figure 2.7: Test data for a ported shroud centrifugal compressor (black dots).
The dashed curves shows the throttle valve characteristic using Eq. 2.58. Com-
pressor characteristic to the left hand side of the last measurement point is
obtained by means of Eq. 2.57.

reliable measurements for compressor characteristic with positive slope, this
area is approximated using a technique from Moore & Greitzer (1986). This
method employs a cubic polynomial in the following form

ψc(φc, N) = C∗
0 (N)+H∗(N)

�
1 +

3

2
(

φc

W ∗(N)
− 1)− 1

2
(

φc

W ∗(N)
− 1)3

�
(2.57)

The parameter W ∗ and H∗ defines the semi-width and semi-height, and the
valley point C∗

0 . A fitting procedure is thus performed on the compressor
characteristic test data for every rotor speed N . Moreover, the throttle valve
characteristic is commonly described by means of a quadratic variation with



2.4. Theoretical stability criteria 25

respect to the mass flow coefficient.

φt = k
�

ψt,where ψt > 0 (2.58)

In this expression k is a dimensionless throttle coefficient, which depends on
the throttle position ut.

From an engineering perspective the most interesting question is what will
eventually happen to the state variables (φc,ψ). In particular there can be four
conceivable possibilities for the eventual behavior: (i) does the state variables
grow exponentially with time, (ii) will the state variables tend to some finite
limit, (ii) does the state variables approach some regular oscillation, (iv) or
perhaps none of those things but rather fluctuate randomly. The last item
(iv) can immediately be ruled out since the system considered is autonomous.
However, when a nonlinearity is introduced to the system, it has the property
that if nothing is done to it initially, it will remain in a state of rest for any
given time. On the other hand if the stability parameter B is slightly increased,
then the state variables will end up swinging back and forth in some particular
way, as shown in Fig. 2.8.

In the case B = 0.02, with chosen initial conditions, ψ exhibits decaying
oscillations and comes to rest at a non-dimensional time ξ ≈ 50. In the phase
space diagram this corresponds to an inward spiraling trajectory. For the case
B = 0.2 the solution exhibits a growing amplitude and eventually approach a
regular oscillation, almost similar to a simple harmonic with period 10. For
still larger values of B, the character of the limit cycle is gradually diverting
from a simple harmonic trajectory in phase space. The period of the limit
cycle is significantly reduced ≈ 3 and so does the amplitude. During the first
half of the cycle ψ increases slowly until the peak value. There is a sudden
switch to negative φc values in a very short time. During the second half of
the cycle ψ reduces slowly to the valley point and then suddenly φc switches to
a larger positive value. Thus, the rate of the switch is directly dependent of
the size of B, and the larger it is the more sudden the switching becomes. The
general behavior shares some resemblance with the van der Pol limit cycle, and
for a large stability parameter B therefore, the sudden switch is known as a
relaxation oscillation.

It is important to understand that the Greitzer model is not completely
satisfactory in describing the long term behavior for a real centrifugal compressor.
The shortcoming is the inability of the model to account for chaotic oscillations,
since the considered system is autonomous and two-dimensional, with the
following form:

φ̇c = f(ψ,φc) (2.59)

ψ̇ = g(ψ,φc). (2.60)

The reason why the model cannot account for chaotic behavior emerges from the
Poincare-Bendixon theorem (Coddington & Levinson 1955) outlined as follows.
Suppose there exist equilibrium points, i.e. f(ψ,φc) = 0 and g(ψ,φc) = 0
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Figure 2.8: Self-excited oscillation of the Greitzer model with characteristics
from the ported shroud centrifugal compressor. Initial conditions ψ0 = 1.5,φc0 =
0.05.

and trajectories in phase space are seeded from initial points. According to
the theorem, the trajectory in phase space must either (i) terminate in an
equilibrium point, or (ii) return of the seed point, (iii) or approach a limit cycle.
A consequence is that for a two-dimensional and autonomous system, phase
space trajectories cannot cross themselves. This prevents phase paths crossing
themselves in an erratic way leading to chaotic behavior. A simple remedy then,
is to consider a non-autonomous system. As the impeller blades pass by with
frequency Ω one may deduce an additional pressure disturbance with amplitude
A, being added to Eq. 2.60. This can be recast into the autonomous first order
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system:

φ̇c = f(ψ,φc) (2.61)

ψ̇ = g(ψ,φc) +A cosΩξ (2.62)

ξ̇ = 1. (2.63)

At a stroke, the system clearly becomes three dimensional and the Poincare-
Bendixon theorem is not applicable. When a small forcing is employed to
the system a rather peculiar phase space emerges, as shown in Fig. 2.9. Such
stochastic dynamics have two important features. First the oscillations are
irregular; one period is never quite the same with the next following one.
Second, the periodic behavior of the state space variable is very sensitive to
initial conditions. One of the ψ(t) curves have a slightly perturbed initial
condition by just 1 part in 1000. In the first few periods the solutions are almost
indistinguishable but eventually, as more cycles are considered, the two curves
depart, heading towards different long term behavior. The phase space trajectory
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Figure 2.9: Numerical solution of the Greitzer model with added forcing. Initial
conditions ψ0 = 1.5,φc0 = 0.05. Choice of parameters A = 0.1 and B = 0.2 for
figures on the top row. The red ψ(ξ) curve with initial condition φ0 = 1.501.
The second row of figures display period-doubling with A = 2.

given on the right hand side of Fig. 2.9 should be seen as the projection onto the
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ψ,φc plane, where the time dimension would be perpendicular to the plane itself.
Despite appearances of phase path crossings, this never in fact happens; it is
due to projection anomaly. From the seed point, annotated with a star symbol,
the solution quickly spirals outward and towards the limit cycle. However, with
each turn around the limit cycle the solution does not end up at the same place
as with the previous cycle. The trajectory is therefore seen to wobble a little
back and forth about the limit cycle in a very complex situation. Generally,
this behavior may be described as a strange attractor. In the event that the
solution re-occurs in phase space, thus for some later orbit, would probably
require multiple turns around the strange attractor. In fact, as the forcing
amplitude A is further increased, the solution display period-doubling. From the
mathematical study of nonlinear systems, if a sequence of time dependent data
exhibits period-doubling it is said to be a probable root to chaotic oscillations. A
gradual picture thus emerges that the surge dynamics in centrifugal compressors
is very complex. Even with reduced order modeling the surge feature may
consist of period-doubling and possibly stochastic evolving variables. But to
really understand the surge phenomenon it is necessary to study the fluid flow
in more detail, which means using an unsteady, three-dimensional approach
able to resolve the most important energetic flow structures.



Chapter 3

Modeling Compressor Flow

The gas flow through centrifugal compressors is assumed to be governed by
the mass, momentum and energy conservation equations, respectively. Typical
length scales of the flow are assumed to be orders of magnitude larger than inter-
molecular scales. Thus, the fluid material is treated as a continuum, meaning
that flow quantities such as pressure and temperature are approximately uniform
within fluid elements. The set of equations are known as the compressible Navier-
Stokes equations. In Cartesian tensor notation they are given as:

∂ρ

∂t
+

∂(ρui)

∂xi
= 0 (3.1)

∂(ρui)

∂t
+

∂(ρuiuj)

∂xj
= − ∂p

∂xi
+

∂σij

∂xj
+ ρfi (3.2)

∂(ρe0)

∂t
+

∂(ρuie0)

∂xi
= −∂(pui)

∂xi
− ∂qi

∂xi
+

∂(ujσij)

∂xi
(3.3)

Equation 3.1 governs the continuity of mass, where t – time, ρ – density, xi

– Cartesian coordinate (i = 1, 2, 3), ui – absolute fluid velocity component
in direction xi. The second equation 3.2 governs the time rate of change of
momentum of the fluid. It is balanced on the right hand side by a sum of normal
stresses due to pressure p and shear-stresses σij due to viscosity acting on the
fluid. Constitutive relations must be used to connect components of the stress-
tensor to the velocity gradients. The source term fi represents the sum of body
and other external forces, if such forces are present. The energy equation 3.3
is obtained via the first law of thermodynamics, where e0 = e+ 1

2uiuj is the
total energy per unit mass. It is balanced on the right due to heat flux qi and
stress acting on the continuum volume boundaries. Overall this constitutes five
equations, but since there are nine unknown (p, ρ, e, ui, qi) terms, additional
constitutive equations are needed for a closed system. The ideal gas law is used
to express density as function of temperature T and pressure p:

p = ρRT (3.4)

R is the specific gas constant. If the fluid is a thermally perfect gas the internal
specific energy e and the specific enthalpy h, respectively, are only dependent
on temperature. Due to compression the temperature increases, but for a
centrifugal compressor application this increment in temperature is found to be

29
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moderate (e.g. T << 1000 K). Therefore, the fluid can be assume calorically
perfect where specific heats (at constant volume cV ) and at constant pressure
cp) are constants. Thus, for an ideal gas

e = cV T (3.5)

h = cpT (3.6)

The enthalpy is related to energy via h = e+RT . Another assumption is that
molecular diffusion fluxes of heat and mass may satisfy Fick’s law

qi = −k
∂T

∂xi
(3.7)

where k is the thermal conductivity coefficient. This yields three additional
equations. Moreover, if the compressible fluid is assumed to be Newtonian, it is
possible to use constitutive relations connecting the components of the viscous
stress tensor to the velocity gradients:

σij = 2µSij −
2

3
µSkkδij (3.8)

where µ is the molecular dynamic viscosity of the fluid. The ’Kronecker delta’
δij is unity when i = j and zero otherwise. The first component in Eq. 3.8
depicts the deformation rate tensor due to strain and is expressed as:

Sij =
1

2

�
∂ui

∂xj
+

∂uj

∂xi

�
(3.9)

The second term in Eq. 3.8 on the right hand side is associated with bulk
viscosity. This relation for the stress tensor assumes that Stoke’s hypothesis
holds, which is commonly adopted for mono-atomic gases. The influence of the
viscosity is to resist deformation caused by shear stress. Its effect is generation
of a force opposite to the flow direction, where neighboring fluid elements move
past each other at different flow speeds.

Since the temperature increases due to compression the dynamic viscosity is
temperature dependent. This dependency can be accounted for by Sutherland’s
model:

µ

µ0
=

�
T

T0

� 3
2
�
T0 + TS

T + TS

�
(3.10)

where TS is the Sutherland constant and T0 = 273 K is a reference condition.

In principle, it is possible to provide any specified momentum source field
configuration, for example arising from rotation in the case of centrifugal
compressor applications. This could be introduced as a function involving
components of the rotation vector ωk and the radius vector rk about the
impeller shaft axis.

Naturally, in centrifugal compressors there are stationary upstream and
downstream components where fluid particles move in non-accelerating inertial
systems. Due to the impeller rotation ωk (assumed constant throughout this
thesis), fluid particles inside this region must be treated in an accelerating
non-inertial system. A kinematic relationship is used to interpret the fluid
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particle velocity in the stationary reference frame v (absolute velocity) to its
relative velocity vrel in the moving (accelerating) reference frame using:

v = vsp + vrel = (v�
0 + ω × rrel) + vrel (3.11)

The term vsp is the velocity of a material point consisting of the velocity of the
origin of the moving reference frame v�

0 and a term due to its rotation. In the last
term the angular velocity is cross multiplied with the position vector rrel of a
fluid element moving in the accelerating reference frame. The kinematic relation
is inserted into the continuity, momentum and energy conservation equations,
which governs the compressible flow through the centrifugal compressor.

3.0.1. The character of the flow

In broad terms, the flow field inside the centrifugal compressor may be charac-
terized as a highly unsteady, three-dimensional, chaotic turbulent flow. Fluctua-
tions due to turbulence appear due to flow mixing between large and small scale
flow features in a broad range of frequencies. The turbulence intensity can be
estimated using the non-dimensional Reynolds number. The Reynolds number
is the ratio between inertial and viscous forces. Assuming a characteristic length
scale L ≈ 0.1 m and assuming a kinetic viscosity of the fluid ν = 1.5 · 10−5 m2/s
the molecular diffusion time in a centrifugal compressor may be estimated:

Tmol ∼
L2

ν
≈ 11 min (3.12)

The turbulent diffusion time process is order of magnitude faster due to a larger
viscosity of the flow. Assuming a typical eddy size say 0.5L and a fluctuating
velocity u� say 10% of the impeller blade tip speed the turbulent time scale is
order of milliseconds:

Tturb ∼
L2

νturb
≈ L2

Λ · u� ≈ 5 millisec (3.13)

The ratio between time scales of molecular diffusion and turbulent diffusion can
be identified as the Reynolds number, computed as:

ReΛ =
inertial forces

viscous forces
=

Λv�

ν
> 105 (3.14)

This indicates a highly turbulent flow regime with high diffusivity of the flow
field. At the largest length scales flow eddies are limited by the characteristic
geometry size and the boundary layer thickness. These eddies absorbs energy
from the mean flow. A fundamental concept with fluid flow turbulence is
existence of an energy cascade process. This involves an energy transfer due
to interaction between large eddy scales with successively smaller ones. At
the smallest scales, molecular viscosity defines a lower limit where the eddies
dissipate its residual kinetic energy into heat. From the works by Kolmogorov
(1991) it is conjectured that the cascaded process lead to a self-similar state at
the molecular viscosity level, at which the smallest eddies would be independent
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of eddies on larger scales. At the molecular level Kolmogorov obtained the
following relations:

η =

�
ν3

�

�1/4

, tη =
�ν
�

�1/2
, vη = (ν�)

1/4
(3.15)

Reη =
η · vη
ν

= 1 (3.16)

where the smallest length scale η, time scale tη, and velocity vη only depend on
the kinetic viscosity ν and the dissipation rate �. If one assumes a power input
of 10 kW and a total fluid mass of about 60 g, it gives � ≈ 2 · 105m2s3. Thus,
the smallest length scale is about η ≈ 10−6 m. Another factor for the cascade
process is an assumption that the energy flux from large to small eddy scales
remain in a quasi-equilibrium state, �f = �. Since the ratio between large and
small scales is given by:

Λ

η
=

�
uΛ

ν

�3/4

= Re
3/4
Λ (3.17)

it can be seen that the degrees of freedom needed for a 3D flow grows as Re
9/4
Λ .

Including the entire cascade process of all eddy scales implies that computational

grid points scales as Re
9/4
Λ and the corresponding computational effort growing

as Re3. Inserting the previous Reynolds number estimate suggest a necessity
of 3 · 109 grid points. Subsequently it would be quite a challenge solving the
exact governing equations of turbulent flows with all scales resolved even on
the most powerful supercomputers available today.

Kolmogorov’s second hypothesis postulate on the existence of an inertial
subrange, where the turbulent spectrum depends only on the wave number and
the turbulent dissipation rate (and not on viscosity). For large ReΛ the idea is
that for a bounded range η << 2π

κ << Λ, viscosity would have a small impact.
With this assumption and applying dimension analysis the following energy
relations are valid in the so called inertial subrange.

E = α�2/3κ−5/3 (3.18)

The -5/3 slope has been verified in a range of high Reynolds number flow
applications. A similar result but based on a pressure fluctuations is given as:

Epp = αp�
4/3κ−7/3 (3.19)

Due to the outcome of a linear regime in the inertial subrange via Kolmogorov’s
second hypothesis, there is an argument to include modeling of this part of the
energy spectra. In other words, instead of resolving all eddy scales all the way
to Kolmogorov’s microscale, it is more affordable to employ time-averaged or
filtered governing equations. This leads to a concept of turbulence modeling,
which can be grouped in two categories. One is referred to as Reynolds-Averaged
Navier-Stokes (RANS) with eddy viscosity turbulence modeling. The other is
referred to as large scale resolving simulations, e.g. Large Eddy Simulation
(LES). Figure 3.1 illustrates the conceptual coverage of the respectively modeling
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Figure 3.1: Energy spectrum of a fully turbulent flow.

approaches in the energy spectrum. Qualitatively it shows that all wavelengths
are modeled with RANS whereas the most energetic flow structures are resolved
with the LES approach, thus circumventing the computational challenges with
Direct Numerical Simulation (DNS), which resolves all scales.

3.1. Reynolds Averaged Navier-Stokes (RANS)

Reynolds averaging is a concept where each solution quantity φ is decomposed
into a time-averaged value φ̄ and a fluctuating component φ�:

φ = φ̄+ φ� (3.20)

In a compressible flow, turbulent fluctuations may cause density variations,
which leads to the concept of density weighted averaging. This is also known
as Favre averaging φ̃ = ρφ/ρ, where over-bar depicts the Reynolds average.
By definition of the decomposition, the average of the fluctuations vanishes.
It should be pointed out that the Reynolds averaging does not separate non-
turbulent time-dependent structures from turbulent structures. By introducing
the time-averaged flow quantities into Eqs. 3.1 to 3.3 yields the so called
compressible Reynolds Averaged Navier-Stokes (RANS) equations:

∂ρ̄

∂t
+

∂(ρ̄�ui)

∂xi
= 0, (3.21)

∂(ρ̄�ui)

∂t
+

∂(ρ̄�ui�uj)

∂xj
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∂xi
+
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∂xj
+

∂τij
∂xj

, (3.22)
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The viscous stress tensor σ̄ij is the term responsible for transport of momentum
through motions at the molecular scale. The averaging introduces the Reynolds
stress term τij = −ρu��

i u
��
j , which accounts at macroscale for transport of

momentum through motion at the turbulent scales. The Reynolds stress
tensor is symmetric and consists of six independent components. In order
to close the system or equations, for the averaged variables, the individual
terms of this tensor must be expressed in terms of the averaged variables. This
requirement demands introduction of modeling into the system. As stated
above, in Reynolds averaging the fluctuating component includes fluctuations
of any nature (turbulent and non-turbulent). If non-turbulent time-dependent
structures exist and these have frequencies that overlap the turbulent spectrum,
the modeling become even more difficult, if possible at all, than otherwise. In
such cases, the modeling must be problem dependent and therefore it is just an
ad-hoc solution.

A practical measure of the overall turbulence level is dictated by the specific
turbulent kinetic energy given as:

K =
1

2

�
u�2 + v�2 + w�2

�
(3.24)

Experiments and Kolmogorov’s theory indicate that fluctuations are present
at all scales simultaneously. That is from the smallest Kolmogorov scales to
the large length scales that are the main energy carrying eddies. The concept
here with modeling is to realize the underlying mechanism associated with
dissipation of energy, description of turbulence production, as well as dissipation
and transport of turbulent kinetic energy.

3.1.1. Eddy-viscosity modeling of the Reynolds stress

The Reynolds stress tensor is commonly modeled using an idea introduced by
Boussinesq. It is called Eddy-viscosity modeling where the Reynolds stress
tensor is related to the time-averaged velocity gradients:

− ρu��
i u

��
j ≈ 2ρνTSij −

2

3
ρνTSkkδij (3.25)

where the strain rate tensor Sij is determined according to Eq. 3.9 an ν is the
kinematic viscosity and hence a property of the fluid. The introduced turbulent
eddy viscosity νT is a local property of the flow rather than the fluid. It must be
acknowledged that several assumptions are incorporated in Eq. 3.25. One is that
the Reynolds stress tensor can be obtained directly from single point quantities.
Another is that the strain rate tensor assumes a linear dependence on the time-
averaged velocity gradient components. Thus, there is no rotational influence.
This assumption naturally limits the applicability for highly swirling flows in
centrifugal compressors. Although, despite the seemingly harsh assumption,
eddy viscosity modeling have been reported to give reasonable predictions much
faster as compared to scale-resolving counterparts. A popular choice for eddy
viscosity modeling relies on solving two transport equations. Those equations
are used with aim to solve scalar quantities for computation of the turbulence
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viscosity µT . In this thesis the so called K − ω model, has been used, mainly
to provide a good suitable initial condition for subsequent LES computations.
The model solves one transport equation of the turbulent kinetic energy K and
another for the specific dissipation rate ω. Here, ω is proportional to �/K. A
comprehensive derivation of the K − ω model can be found in the original work
of Wilcox (1998). The K equation is derived from the momentum equation
with introduced Reynolds decomposition. Subtracting the Reynolds equation
then results in an expression for the velocity fluctuation. Each component of
the velocity fluctuation is multiplied by itself and then the three components
are added together and the sum is time-averaged. In tensor notation the model
takes the following form:

�
∂
∂t + ūi

∂
∂xj

�
K = P − CµKω + ∂

∂xj

��
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σT

�
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∂ω
∂xj

�
,

Production P = −u�
iu

�
j
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∂xj
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Dissipation ω = ν
CµK
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i

∂xj

∂u�
j

∂xi
,

Turbulent viscosity νT = K
ω

(3.26)

In the K − ω model the term P accounts for the production of turbulent
kinetic energy. The ω is a quantity that accounts for energy dissipation into
heat. The last components in the K − ω equations are terms that accounts for
spatial redistribution due to viscous and turbulent effects. Due to introduction
of eddy viscosity modeling in the K −ω transport equations, auxiliary relations
and coefficient are required for closure. These can be obtained experimentally
by considering homogenous shear flows or isotropic turbulent decay scenarios,
see Wilcox (1998) for more details. Reported advantages with the K − ω model
is good response to pressure gradients, an imperative feature for separated flows.
It offers a better wall boundary condition compared to K − � models, where
K → 0 and �/K → ∞. However K − ω is sensitive at non-turbulent interfaces
at the boundary layer edge. It is known to be sensitive to free-stream conditions
causing excessive production rate P in shear flows. To address various issues
Menter (1993) suggest several amendments to the standard formulation. He
introduces a cross-diffusion term in the ω-equation in an attempt to remedy
the boundary layer edge problem. Moreover issues with unphysical excessive
production are bounded using a dedicated limit factor. The modified formulation
has been used sometimes in this thesis and is called Menter SST K − ω two
equation model.

3.2. Curvature correction

There are several problems in fluid mechanics that involve turbulent flow along
curved surfaces. Here one can mention applications such as diffuser flow, an
essential component in centrifugal compressors. An early work with aim to
characterize the effect of curvature on fully developed turbulent flow can be
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credited to Wattendorf (1935). An experimental setup was developed using
a curved channel of constant curvature and cross-section. Velocity profiles
were measured between the inner and outer radius of the channel and the
measured distributions exposed a characteristic tilted shape. In explanation,
the peak of the circumferential velocity profile was seen to move closer to the
inner radius of the channel. From the peak and towards the outer radius the
measured data were seen to conform to a potential distribution uθr = constant.
It was concluded that the flow velocity distribution were strongly influenced by
curvature.

Several decades later some research studies have been targeting turbulence
modeling in curved channels. Here one can mention the work by Shur et al.
(2000) who propose a streamline-curvature effect in the framework of eddy-
viscosity turbulence modeling. In a more recent study curvature correction with
two-equation eddy viscosity models such as K − � and K − ω has been assessed
for idealized centrifugal compressor applications, c.f. Dufor et al. (2008).

In summary, curvature correction is a feature with aim to modify the
turbulent energy production with respect to local flow rotation and vorticity
respectively. The essential ingredient is introduction of a curvature correction
factor fc to the turbulent production term in the K transport equation. From
Shur et al. (2000) the curvature correction factor is given as follows:

fc = min(Cmax,
1

Cr1(|η|− η) +
�
1−min(Cr2, 0.99)

(3.27)

where η is a function of the strain-rate tensor and the rotation-rate tensor. The
terms denoted with capital C and with an index are modeling constants as
proposed by (Shur et al. 2000). Consequently there is a large freedom in choos-
ing the model constants requiring extensive parameter sensitivity assessment.
Moreover, small variations of the proposed default values may potentially yield
significant differences in the predicted turbulent production.

The case presented by Wattendorf (1935) can be modeled as a 2D steady-
state and fully developed turbulent flow in a circular channel. The outer radius
is Ro = 0.25 m, the inner radius is Ri = 0.2 m, so that the channel width is
d = Ro −Ri = 0.05 m. The influence from the channel depth is hence neglected
since a 2D domain is considered. Since the flow is assumed periodic, a 30o

degree sector of the circular channel is considered. The inlet opening of the
domain is located at one end and the outlet is thus located on the other end.
This means that flow is assumed axisymmetric so that the tangential velocity
only depends on the radial position. For modeling purposes the openings are
connected as a periodic fully developed interface with a specified mass flow
rate of 1 kg/s. This corresponds to Red = 54000 which is within a turbulent
regime. Figure 3.2a) shows the normalized circumferential velocity profile uθ/Uθ

obtained experimentally (Wattendorf 1935) and numerically using eddy viscosity
modeling with and without curvature correction option.
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Figure 3.2: a) Circumferential velocity profiles computed with eddy viscosity
modeling with and without curvature correction option included. b) Distribution
of the Reynolds stress cross component u�v� across the channel width, obtained
with and without curvature correction.

Evidently, curvature correction introduces a desired effect. It modifies
the profile into a tilted distribution with the peak level shifted towards the
inner channel radius, as observed in the experimental data. Without curvature
correction there is no longer a tendency of an inflection point towards the
inner radius and the profile is more symmetric about the center radius. As
a consequence a larger difference is therefore obtained compared with the
experimental observation.

One attempt to elucidate the effect of curvature correction in the framework
of eddy viscosity modeling is to look at the Reynolds stress cross component
distribution across the channel width. This quantity can be estimated by
computing:

− u�v� = νT
∂uθ

∂r
(3.28)

In this expression νT is the turbulent viscosity as computed by the eddy viscosity
model. Without curvature correction it is evident that the distribution is more
symmetric with a zero level at the center radii of the channel, see Fig. 3.2a).
With curvature correction the distribution exposes clear difference towards the
inner radius. An interesting sharp gradient at approximately r/R = 0.825 is
manifested, which correlates with the location of the inflection point tendency
as observed in the circumferential velocity component distribution in Fig. 3.2b).
The reason for the sharp gradient at this location may be a consequence of the
curvature correction factor expression. Since fC evaluates a minimum function
from two different terms, a smooth transition is not guaranteed.

The effect of introducing curvature correction modification to theK equation
demonstrates a possibility to capture a better trend as compared to experimental
data. It is evident that the curvature correction modification introduced depends
on several modeling constants. A future work may naturally go further exploring
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variations of the default modeling constants, as proposed by Shur et al. (2000).
This may seem attractive at first sight but one quickly realizes that alteration
of the modeling constants in the curvature correction framework yields many
possible combinations. Thus, testing one set of modeling constants still leaves
many others to explore. For this particular test case the curvature correction is
seen to limit the Reynolds stress level towards the inner radius of the curved
channel. This seems to correlate with a tendency for a developing inflection
point. Unfortunately, this is not an observed feature in the experimental data.
What is more likely to happen in a turbulent boundary layer in a curved channel
is developing coherent longitudinal vortex structures, known as Görtler vortices
(see e.g. Saric (1994)).

3.2.1. Boundary layer flow

It was shown that the flow in a centrifugal compressor can be subjected to large
Reynolds numbers, a consequence of the low viscosity of the fluid. One may
thus, as a first approximation, attempt to completely disregard from the effect
of shear stresses. However, it turns out from observations that the flow do not
slip on the wall. Thus, even if the viscosity is small for ambient air it cannot
be neglected in a thin region close to the wall where the wall-normal gradient
scales increases with the inverse of the viscosity. Depending on the size of the
Reynolds number there can be vastly different flow regimes taking place in the
thin so called boundary layer. If the flow is smooth and stable for disturbances
it is said to be laminar. In this regime the velocity increases linearly with
distance from the wall to the boundary layer edge. In a scenario with high
enough flow speed disturbances are amplified and trigger a transition into a
highly unstable and turbulent boundary layer flow. This particular boundary
layer flow is observed to modify the velocity profile into a logarithmic shape.
In reality however, the flow over e.g. the impeller blades may be subjected to
a mix between laminar and turbulent states. Regardless of flow regime, the
layer closest to the non-slip wall is laminar. It is identified as an extremely thin
region called the laminar or viscous sublayer. Usually this layer is very difficult
to capture experimentally and from a numerical point of view very costly to
resolve with the grid. More insight into the stream-wise velocity variation in
the boundary layer as function of the wall normal direction can be obtained
from the streamwise-time averaged, momentum equation

U
∂U

∂x
+ V

∂U

∂y
= −1

ρ

dp0
dx

+
∂

∂y

�
ν
∂U

∂y
− u�v�

�
(3.29)

Equation 3.29 holds assuming 2D flow, steady-state flow, and Re >> 1. Thus,
it has a limited application range and so does not completely take into account
unsteady 3D flows in centrifugal compressors. Introducing a non-dimensional
length y+ = yuτ

ν scale and velocity scale u+ = u
uτ

into the thin shear-layer
equation gives the following relation:

u+ =
1

κ
ln y+ +B (3.30)
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It is assumed here that the friction velocity is uτ =
�

τW /ρ and τW is the
wall shear stress. In order to obtain Eq. 3.30 eddy viscosity modeling must be
introduced for the turbulence stress term assuming that the velocity scales as√
K and that the mixing length varies linearly in the wall normal direction. This

is also known as Prandtl’s mixing length hypothesis. The expression in Eq. 3.30
contains κ - von Karman constant, and B - empirical coefficient, and suggests a
log-law variation. From observations this variation is not valid everywhere but
typically only in a layer sufficiently far from the non-slip wall, i.e. in a region
where 50 ≤ y+ ≤ 200. These are not universal bounds but rather case specific.
For small y+ < 5 the relationship u+ = y+ holds in the aforementioned viscous
sublayer. For large y+ > 200, i.e. outside the log-law region, any streamwise
velocity deficit will start to mix with the bulk flow velocity. This area is also
called the wake-region and found to be at wall normal distances exceeding
approximately 15% of the total boundary layer thickness. In Fig. 3.3 boundary
layer profiles obtained with Large Eddy Simulation at 40% and 90% impeller
blade chord stations are evaluated w.r.t the law of the wall. In the figure the
blended wall law is from an idea introduced by Reichardt (1951). It combines
the viscous sublayer and the logarithmic region into a range entitled buffer
layer. It is a concept known as all y+ wall treatment. If the boundary layer
flow is attached to the wall surface then the blended wall law enables a cost
effective approach. The near wall region is extrapolated with a simple relation
and hence allows for grid coarsening in the boundary layer. Unfortunately it
may fail in recirculating and separated flows, e.g. surge operating conditions,
so practically it is limited to attached flow.
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Figure 3.3: Law of the wall, tangential velocity near the wall with mixing length
model as compared with LES data at the impeller blade surface under steady
near optimum design efficiency operating conditions
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As the fluid particles moves over the impeller blade imperfections due to
surface roughness may perturb the flow. However, close to blade leading edges,
the influence from perturbations will be limited and the initial boundary layer
may be laminar. Additionally, the transition to a fully turbulent boundary layer
is a slow process that may occur only over a long enough distance. For a smooth
surface this would be as illustrated with the black curve in Fig. 3.3 at 40%
blade chord. Towards the trailing edge, disturbances may grow substantially
manifesting in a transition to a turbulent boundary layer, as illustrated with
the gray 90% chord curve. However, this may only happen for sufficiently long
distances. The length of the laminar part can be estimated with analogue to the
hydrodynamic entry length for pipe flow, c.f. Hoffmann et al. (1996). Assuming
laminar flow the entrance length Lh,laminar is estimated as:

Lh,laminar ≈ 0.05ReDD (3.31)

where D is the pipe diameter. Assuming that D ≈ 2 cm is in the same order of
magnitude as the impeller blade chord and that laminar flow is only observed
for ReD < 2000. It suggest that the entire blade surface is subjected to laminar
flow. In reality though due to installation effects, e.g. upstream duct piping,
may introduce special turbulence characteristic levels influencing the boundary
layer state. This in turn will influence the stability of the flow and also frictional
losses. The size of this loss is highly dependent on the boundary layer state but
more importantly the boundary layer thickness. A measure of the boundary
layer thickness is the displacement thickness, defined by:

δ1 =

� δ

0

(1− ρu

ρeUe
)dy (3.32)

If one assumes a laminar boundary layer state, then the displacement thickness
corresponds to approximately 25% of the blade-to-blade pitch. In Fig. 3.3 this
is y+ ≈ 500 at 40% chord and y+ ≈ 250 at 90% chord. In order to compute
friction forces the shear stress must be integrated along the streamwise direction.
For the laminar case the shear stress is proportional to the dynamic viscosity.
Another complication is the sharper gradient near the wall, which from an
experimental legacy point of view is difficult to integrate with any accuracy.
For this reason the momentum loss thickness is normally preferred:

δ2 =

� δ

0

ρu

ρeUe
(1− u/Ue)dy (3.33)

which is approximately 8% of the blade-to-blade pitch. If the flow is attached (e.g.
stable design operating conditions) the blended law is a viable and affordable
option.

3.2.2. Boundary layer with pressure gradient

The impeller wheel boundary layer in centrifugal compressors is typically sub-
jected to an adverse pressure gradient (APG). This corresponds to dp0

dx > 0 in
Eq. 3.29. The higher back pressure slows the boundary layer flow momentum;
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a typical source for turbulence production. This mechanism was recognized by
Pope (2000) who found that a positive contribution occurring from the diagonal
stress terms in the kinetic energy equation is a vital reason. In very strong
APG therefore, the boundary layer flow may come to a standstill (e.g. zero
velocity) and even with more severe flow reversal. From an experimental point
of view, this phenomenon was first documented by Ludwig Prandtl. In his
pioneering contribution (Prandtl 1904) there is a sketch showing an event of
boundary-layer separation. An adapted figure is provided in Fig. 3.4. A striking
conclusion therefore is that there is always a potential risk for boundary layer
separation over impeller blades. It is due to the growing pressure gradient
toward the exducer. Moreover, there is no simple solution for preventing a
separation, even in the hypothetical limit where the dynamic viscosity goes to
zero. A very fundamental consequence therefore is that a significant large scale
flow phenomenon is influenced by a term which is formally of second order.

x

u(y)

y

Figure 3.4: Illustration showing the response of the velocity profile during a
boundary layer separation. The sketch is adapted from Prandtl’s original paper.

3.3. Large Eddy Simulation (LES)

In contrast to eddy viscosity modeling, LES is a time dependent technique
resolving a broad range of scales on the computational grid. Thus, it provides
influence of de-alignment and rotation, which are properties of anisotropic
turbulent flow especially when approaching unstable surge conditions. Eddy
scales that happen to be smaller than the computational grid must be accounted
for by a model. Thus, the idea is to explicitly solve a substantial part of
the turbulence (expressed in terms of turbulent kinetic energy) and thereby
minimizing the modeling to account for the small-unresolved flow scales. For a
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generic flow variable, the resulting filtered variable is defined as:

φ̄(t, x) =

�

V

G(x− x�,Δ)φ(x, t)dx� (3.34)

where G(xi,Δ) is a filter width function characterized by Δ = V
1/3
cell . One

difference from the Reynolds decomposition is that the filtered fluctuation
variables in the LES approach are not necessary equal zero, i.e. φ̄� �= 0. The
filter is seen to rearrange the Navier-Stokes equations into a form with a
similar appearance as the unsteady Reynolds Averaged Navier-Stokes equations
(RANS). It is given as follows:

∂ρ̄ �ui

∂t
+

∂ρ̄ �ui �uj

∂xj
= − ∂p̄

∂xi
+

∂σ̄ij

∂xj
+

∂σSGS,ij

∂xj
(3.35)

The filtered stress-tensor represents the sub-grid scale (SGS) stresses, defined
as:

σSGS,ij = −ρ̄(�uiuj − �ui�uj) (3.36)

whereas the viscous stresses are given as:

σ̄ij = −2µ�Sij + δij
2

3
µ�Skk (3.37)

The SGS can be modeled, based on dimensional arguments in a form similar
to the eddy-viscosity Boussinesq closure. However, these two expressions are
fundamentally different in their origin and foundation in spite of the formal
resemblance. The SGS expression contains explicitly the (square) of the filter
width. Thus, the SGS contribution tends to vanish as the filter size diminishes.
This is not the case in the eddy viscosity model, as it is independent on the
resolved scales. Thus, the SGS stresses can be expressed in analogue to the
viscous stress, using the resolved strain rate:

σSGS,ij = −µt
�Sij + δij

2

3
kSGS (3.38)

where µt is the SGS turbulent viscosity (often defined as µt = Δ2|�Sij |) and
kSGS is the SGS kinetic energy. The precise expression for µt maybe given
in different ways, with the condition that it goes to zero as the square of the
filter-size. As the filter size decreases, one may find that the contribution from
the SGS is small enough as compared to the other terms in the momentum
equation and hence may set the SGS term itself to 0 (i.e. µt = 0). It must be
stressed that one cannot do the same thing with the Reynolds-stress term (i.e.
neglecting it altogether).

The governing equations are cast in continuous integral form and then
formulated in discrete form in finite control volumes that constitutes the com-
putational domain. An approximate algebraic representation is obtained via
Taylor series expansion. Naturally the expansion is truncated which introduces
error since higher order terms are omitted. However, it has been demonstrated
that spatial and temporal discretization schemes of formal second-order or
higher exhibit low dissipative error, provided that the resolution is adequate.
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In compressible flows, not only the dissipation error is important, but also dis-
persion errors (i.e. the propagation speed being wave number dependent) may
be critical. Conservation is important primarily in the case of discontinuities.
Otherwise the error would be of the same order as the discretization scheme.
The conservation must take place only on the integral level, i.e. total mass flow
should vanish to round-off and not to truncation order level, c.f. Margolin &
Rider (2002) and Fureby & Grinstein (2002). It is also documented that the
dissipative truncation error stresses mimic Smagorinsky-type SGS modeling for
the energy equation. The mechanism of the SGS model is to dissipate kinetic
energy at the smallest scales. Since this effect is obtained from the truncation
error, LES with implicit SGS modeling is considered in the current work.

3.4. Advanced post-processing

A large amount of time-dependent 3D data is generated with the LES calcula-
tions of the complex flow scenario associated with the centrifugal compressor.
In order to take full benefit of that, advanced post-processing methods may be
necessary, in particular if one has to quantify specific instabilities arising in the
fluid flow that may be crucial for understanding the compressor behavior at
unstable, low mass flow rate conditions. Areas with high vorticity, defined as
the curl of the velocity ∇ × ui can be used to identify regions with coherent
motion, e.g. large scale vortical structures associated with rotating stall cells.
The vorticity transport equation, derived by taking the curl of the momentum
equation, can be considered:

∂ω

∂t
+ (ui ·∇)ω = (ω ·∇)uj − ω∇ · uj +

1

ρ2
(∇ρ×∇p) + ν∇2ω (3.39)

The first term on the right hand side is a mechanism for stretching or tilting
of vorticity because of velocity gradients. The second term on the right hand
side represents vorticity generation due to compressibility effects, which can be
shown by using the continuity equation. The third part on the right hand side
is referred as a baroclinic term. It is associated with vorticity production due
to non-aligned density and pressure gradients. The last term is due to viscous
dissipation. In high Re number flow it has a negligible effect on structures that
lack large gradients.

If the compressor is installed with an upstream bell mouth inlet, then
streamlines of the flow would be seen to be funneled towards the impeller with a
slight convergence directed towards the center line. The axial velocity increases
due to flow acceleration. This causes a reduced pressure just upstream of the
impeller. It can be seen as a flow expanding with ∇ · uj > 0. Vorticity is
governed by Kelvin’s theorem, which dictates that |�ω| grows when a vorticity
tube cross section reduces. In the diffuser on the other hand, increased cross
sectional area reduces the velocity and the pressure goes up. This is a flow
compression, i.e. ∇ · uj < 0.

The energy transfer in the turbulent cascaded is by large governed by the
vortex stretching term (ω ·∇)uj . For example, the longitudinal distance between
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two points on a vortex will tend to grow over time. In a statistical average sense
this cause increased vorticity in the elongated direction and reduced vorticity
in the orthogonal directions. However, the angular momentum of a stretched
vortex is conserved, and proportional to ωr2, where r is the vortex radius. The
kinetic energy associated with the vortical motion scales as ω2r2. If the angular
momentum is conserved there must be a reduced kinetic energy, i.e. an energy
transferred from large to small vortical structures.

Another option for extracting coherent vortical features of the flow is via the
λ2 criteria. It can potentially capture structures associated with tip clearance
vortices, or horse shoe vortices at the blade/hub and even structures caused
by boundary layer separation. The λ2 criteria is computed from the second
eigenvalue of (S2

ij + Ω2
ij), where Sij is the strain-rate tensor and Ωij is the spin

tensor. One problem with assessment of the instantaneous flow field using either
the vorticity or the λ2 criteria is the inherent complexity of the flow. Therefore,
the large flow structures must be filter out from the chaotic flow field to enable
any interpretation.

3.4.1. Fast Fourier Transformations (FFT)

The frequency content of a signal can be obtained by computing the power
spectra density flow quantities of interest in one or preferably several points.
This is obtained by using a time Fourier transform for a real valued signal
h(x, t):

FTt[h(x, t)] =

� ∞

−∞
h(x, t)e−iωtdt = g(x,ω), ∀ω ∈ [−∞,∞] (3.40)

here the real valued function may be a pressure or a velocity component, which
depends on space x and time t, and where ω is the angular frequency. This yield
a frequency-domain description of the signal and the power density function is
obtained by:

PSD(ω) = lim
T→∞

E[|gT (x,ω)|2] (3.41)

where E denotes the time-averaged value, and subscript T means integration
is over a finite period in practice. For a centrifugal compressor some specific
frequencies will be subjected to large PSD values, for instance the blade passing
frequency. Once interesting narrowband frequencies have been identified it is just
a matter of repeating the procedure for all points in the computational domain.
However, this requires sufficient random access memory on the computer so
in practice the number of data points are restricted by considering only some
few post-processing planes. Another option is to utilize the time-space Fourier
transform. It may be considered as one transform in time and then another in
space in a sequential fashion. It is given by:

FTts[h(x, t)] =
�
S

��∞
−∞ h(x, t)e−i(ωt+kx)dt

�
dx = f(k,ω),

∀k ∈ K,ω ∈ [−∞,∞]
(3.42)
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This transform is useful because multiplying it with its complex conjugate gives
the frequency-wavenumber autospectrum defined as:

F (k,ω) = f∗(k,ω)f(k,ω, ∀k ∈ K,ω ∈ [−∞,∞] (3.43)

Commonly this technique is adopted for assessing the group velocity of propa-
gating wave disturbances along some line of interest. It should be realized that
multiple waves with different frequencies and wavelengths may interfere and
develop an envelope (or modulation in space). It is well known that the phase
velocity is given as the wavelength times frequency

vθ = fλ (3.44)

The wave number is defined as

k =
2π

λ
(3.45)

Therefore,

vθ =
2πf

k
(3.46)

If the frequency-wavenumber autospectrum reveals any sharp lines with a
distinct slope it corresponds to the group speed of the propagating disturbances
along the line

vg = 2π
∂f

∂k
(3.47)

The Sound Pressure Level (SPL) acoustic spectra are extensively used to indicate
the local change in pressure from the reference ambient pressure that a sound
wave causes. It is computed as follows:

SPL = 10 log10

�
p2rms

p2ref

�
(3.48)

where pref is the reference sound pressure and prms is the root mean square
sound pressure.

3.4.2. Two-point cross correlation

The two-point cross correlation is an alternative to the frequency-wavenumber
autospectrum. It enables computation of the group speed of propagating
disturbances along a line but with a time-domain description. Along a specific
coordinate (say x) it is given by:

R(x, τ) =
< u(xref , tref )u(x, tref + τ) >�

< u(xref , tref >2
�

< u(x, tref + τ) >2
(3.49)

If evaluated for all points on the line, some of them may show strong correlation.
A strong correlation is expected when two signals overlap. Another possibility is
if the phase shift of two signals corresponds to something close to the wavelength
or the wave period. In case of a flow acoustic scenario, in principle a clear
pattern with inclined lines may appear. The slope would then correspond to
the local convection speed of the propagating disturbances.
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3.4.3. Proper Orthogonal Decomposition and Dynamic Mode Decomposition

A common representation of the flow field variables is that they can be repre-
sented as a finite sum of temporal a(t) and spatial φ(x) mode contributions.

u(x) ≈
J�

j=0

aj(t)φj(x) (3.50)

One merit is that the temporal and spatial parts may be analyzed separately.
If the modes are sorted with respect to their energetic content, it may enable
assessment of leading order modes and their level of significance. Thus, if all
modes of low significance are truncated it would allow investigating the flow,
without the complexity of small scale turbulence contaminating the large scale
coherent flow structures.

Proper Orthogonal Decomposition (POD) is a post-processing methodology
adopting this idea where coherent structures are extracted based on correlation
of considered flow field quantities, c.f. Lumley (1970). One assumption is that
the modes must satisfy spatial orthogonality. POD decompose the flow field
into temporal aj(t) and spatial φj(x) components:

u(x, t) ≈ a0(t)φ0(x) +
∞�

j=1

aj(t)φj(x), (3.51)

where aj(t) contains the temporal and φj(x) contains the spatial information,
respectively. Here the time-averaged flow corresponds to the zeroth indexed
mode. The aim with POD is to find modes in such a way that spatial modes are
orthogonal and that the flow field in a least square sense is optimally represented:

min
φj


u(x, t)−

J�

j=0

aj(t)φj(x)




2

(3.52)

For determination of the POD modes, an ensemble of the flow field data is
constructed. It consists of a snapshot matrix with M spatial grid points and N
times given as:

U = [u1, u2, ..., uN ] (3.53)

where the snapshots are sampled at equidistant time-steps. Since the matrix U
can be very large for LES applications a computational efficient procedure is
using the Singular Value Decomposition (SVD), which gives:

U = V ΣW T (3.54)

This produces a diagonal matrix Σ with same dimension as U , and with
non-negative elements in decreasing order. The unitary matrices V and W
are orthonormal and contains the eigenvectors. Thus, the spatial modes φj

are determined by the columns of V = UWΣ−1, and the temporal mode
coefficients aj are given by the rows in ΣV T . One limitation with the method
is that a particular mode shape cannot be specifically linked to a particular
frequency.
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Dynamic Mode Decomposition (DMD) is another flow decomposition option.
For an introduction, the reader is directed towards the work by Schmid (2010).
With DMD some of the shortcomings with the previous method are amended
by including the dynamic behavior so that modes can be associated with a
particular frequency. Therefore it is a suitable choice to flow applications
subjected to tonal behavior, see Alenius (2014). For DMD it is assumed that
the flow field can be represented by spatial modes φj and more that it can be
represented in a linear sequence of discreted time instances. In an iterative
mapping for future time where m starts at time zero the flow field is given as:

u(x,mΔt) =
∞�

j=1

ηjλ
m
j φj(x) =

∞�

j=1

ηje
(βj−iωj)mΔtφj(x) (3.55)

where βj - the growth rate, ωj - is the frequency, and ηj - the mode amplitude.
Here, λj is the eigenvalue of the linear operator, which represents the temporal
evolution of the dynamical system. The effect of the linear operator can here
been seen to operate on a sequence of state vectors. The state vectors are just
the assembly of observed time-dependent snapshots of the flow field, i.e. similar
to the POD method. The operator is assumed to be linear and it is also assumed
that the dynamic flow process is contained in the temporal information. The
frequency of the mode shape is determined by:

ωi =
1

Δt
tan−1

�
Im(λj)

Re(λj)

�
(3.56)

The growth rate of the mode shape is computed as:

βj = ln(mag(λj))/Δt (3.57)

A reconstruction in time may subsequently be obtained using:

uj(x, t) = Re
�
ηje

(βj−iωj)tφj(x)
�

(3.58)

A problem can occur if the sampling frequency 1/Δt is not chosen appropriately
for the underlying dynamic flow process. If violated there may be issues with
aliasing. According to the sampling theorem, if there are at least two samples
per period, then aliasing may be avoided. However, Schmid (2010) recommends
using a sampling frequency that is a factor six times larger as compared to the
highest frequency of interest.

3.5. Ffowcs Williams and Hawkings equation

The Ffowcs Williams and Hawkings (FWH) equation is one option to reduce
the computational cost associated with directly resolving the acoustic sound
field due to moving sources, see Ffowcs Williams & Hawkings (1969). In brief,
the FWH equation is a reformulation of Lighthills acoustic analogy, but made
applicable also for moving bodies. Thus, it enables assessment of a wider
range of applications, e.g. propeller noise problems (Brentner & Farassat 2003;
Farassat 2001). The major moving component in a centrifugal compressor is



48 3. Modeling Compressor Flow

the impeller, which as a first approximation can be modeled as a rigid body
motion. The impeller blade surface is described by a function

f(x, t)




> 0,x /∈ V
= 0,x ∈ S
< 0,x ∈ V



 (3.59)

It is zero on the moving surface S, negative within the volume V of the rigid
body, otherwise it is positive. Using the Heaviside function with the body surface
function f , then it can be shown that the mass and momentum equations takes
the following form:

H(f)

�
∂ρ�

∂t
+

∂

∂xj
(ρuj)

�
= 0 (3.60)

H(f)

�
∂

∂t
(ρui) +

∂

∂xj
(ρuiuj + p�δij)

�
= 0 (3.61)

where ρ� and p� are assumed small fluctuation quantities. In this formulation
it is seen that viscous stress is neglected and so are all external source terms.
If one considers a point on the moving surface the total rate of change of its
Heaviside function must be zero:

DsH(f)

Dt
= 0 ⇒ ∂H

∂t
+ V ·∇H = 0 (3.62)

Here, V (xs, t) is the body surface velocity. Inserting this knowledge into
equations 3.60 and 3.61, the following is obtained:

∂

∂t
(ρ�H) +

∂

∂xj
(ρujH) = ρ0Vj

∂H

∂xj
+ ρ(uj − Vj)

∂H

∂xj
(3.63)

∂

∂t
(ρuiH) +

∂

∂xj
(ρuiujH + p�δijH) = ρui(uj − Vj)

∂H

∂xj
+ p�

∂H

∂xi
(3.64)

These last two equations can be combined using ∂(3.63)
∂t − ∂(3.64)

∂xi
giving the

FWH equation in a general form:

∂2(ρ�H)
∂t2 − ∂2(p�H)

∂xi∂xj
=

∂2(ρuiujH)
∂xi∂xj

+ ∂
∂t

�
[ρ0Vj + ρ(uj − Vj)]

∂H
∂xj

�
−

∂
∂xi

(ρui(uj − Vj) + p�δij) ∂H
∂xj

(3.65)

A simplified form resembling a wave equation is obtained by assuming adiabatic
changes of state and by using the relation c2o = p�/ρ�. Moreover if rigid body
rather than arbitrary motion is assumed, i.e. u · n = V · n, then the reduced
FWH equation is given as follows:

�
1
c2o

∂2

∂t2 −∇2
�
p�H = ∂

∂t (ρ0Vini|∇f |δ(f))−
∂

∂xi
(p�ni|∇f |δ(f)) + ∂2

∂xi∂xj
(ρuiujH(f))

(3.66)

The left hand side is the familiar wave equation for a small pressure disturbance
p�. On the right hand side there are three different source terms. The first
source term on the right is the thickness (“monopole”) noise due to unsteady
volume displacement of the fluid due to the acceleration of the solid surface.
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Since most impellers are designed with thin blades, i.e. their volumes are
small, it means that the thickness noise is often negligible for centrifugal
compressors. The second source term on the right hand side of Eq. 3.66 is the
blade loading (“dipole”) acoustic source term. It is associated with unsteady
pressure fluctuation on the moving surface. This term is typically the major
noise source for centrifugal compressors. The last source term in Eq. 3.66
is related to unsteady Reynolds stress or transport of momentum. It is also
referred to as a quadrupole source, but usually insignificant in comparison with
the blade loading term for centrifugal compressor applications. The goal is then
to integrate Eq. 3.66 under assumption of no obstacles between the source and
the receiver location. For a more detailed discussion see the works by Farassat
(1981).



Chapter 4

Numerical Methods

4.1. Discretization

The governing equations (3.1, 3.2 and 3.3) together with the constitutive
relations describe an inherently complex system consisting of non-linear partial
differential equations. A major difficulty is the lack of analytical solution(s)
for this non-linear system of equations. One may find particular solutions
to the system by making significant assumptions and simplifications. If such
simplifications and assumptions yield too poor description of the flow, one have
no other option than using numerical methods to solve the equations, which
are believed to describe correctly the physics of the flow. Numerical solutions
require discretizing the domain (space-time) under consideration along with the
equations. These discretization steps may be done in different ways: the volume
cell used in the computational grid may for example have different shapes
with different number of faces. Similarly, the discretization of the equations
can be done using different approximations. A common approach is to use
local polynomials to approximate the behavior of the dependent variables. The
discrete approximations can be derived, using various formulations. The bottom
line is that the different approaches yield an approximation to the equations
with a residue that is proportional to a power of the characteristic size of the
grid. For example finite differences and finite volumes belong to this class
of discretizations. An introduction to numerical methods may be found, for
example in Ferziger & Peric (2012). In the discretization conservation laws,
it is natural to go back from the differential formulation to the conservation
formulation for a control volume that has the same form as a computational cell.
A variable φ, representing specific mass, momentum and energy is introduced.
The conservation laws in vector notation are:

∂

∂t

�

V

ρφdV +

�

A

ρφ(v − vsp) · da =

�

A

Γφ∇φ · da+

�

V

SφdV (4.1)

where for mass balance φ = 1, and for momentum balance φ = u, v, w, and
for energy balance φ = e + 1

2v
2. Thus, there is integration over individual

finite volume cells, where a is the surface vector of the control volume V . The
terms Γφ and Sφ are associated diffusion and source coefficients, which can
be deduced from the parent equations. One merit of this formulation is that
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the discretized forms preserve the conservation characteristic of the parent
differential equations. In case of rigid body motion a grid velocity term vsp is
included for the convection, i.e. the 2nd term on the left hand side. This velocity
is simply the relative velocity between the fluid (v) and the surface (vsp). The
first term in Eq. 4.1 is the transient term, which is included in LES but is
omitted in steady-state RANS computations. The second term expresses the
flux of each variable through the face area a of the control volume V due to the
flow and due to the motion of the face of the control volume, respectively. The
first term on the right hand side is associated with transport of each variable
due to diffusion. For steady state simulations the grid is stationary with vsp = 0.
In order to model a rotation due to the impeller motion, one may incorporate a
volume (Coriolis) source in the momentum equation.

Sφ = ρω × vrel (4.2)

The balance equation (Eq. 4.1) is cast into a discrete form using a cell-centered
control volume formalism. In discrete form for a cell index O it is given by:

∂

∂t
(ρφV )0 +

�

f

[ρφ(v − vsp) · a]f =
�

f

(Γφ∇φ · a)f + (SφV )0 (4.3)

where the summation is over all faces f of the control volume. Each item
in the discrete form of the transport equation is subsequently approximated
with a discretization scheme. Throughout the thesis, the transient term is
approximated with an implicit 2nd order scheme given by:

∂

∂t
(ρφV )0 =

3[(ρφV )n+1
0 − (ρφV )n0 ] + [(ρφV )n−1

0 − (ρφV )n0 ]

6Δt
(4.4)

The next term of interest is the convective term. A higher order scheme
will give more accurate result. However, higher order schemes may be sensitive
and unstable. A good compromise between accuracy and robustness is the 2nd
order upwind/central scheme, given as:

(ṁφ)f =

�
ṁfσφf,0 + (1− σ)[fφf,0 + (1− f)φf,1]
ṁfσφf,1 + (1− σ)[fφf,0 + (1− f)φf,1]

�
for ṁf ≥ 0
for ṁf < 0

(4.5)

where σ is a blending factor between upwind or central. Subscripts 0 and 1,
respectively, denote two neighboring cells. The face values are then linearly
interpolated from cell values on either side of the face using reconstruction
gradients, via:

φf,0 = φ0 + (xf − x0) · (Δφ)0
φf,1 = φ0 + (xf − x0) · (Δφ)1

(4.6)

If the solution is well behaved then it is possible to use higher order schemes, such
as the Hybrid MUSCL 3rd-Order/Central-Differencing scheme. One alteration
to the 2nd order scheme is usage of a larger stencil but similar in the sense that
the σ switch controls the amount of blending with MUSCL 3rd-order upwind
compared to 3rd-order central. Detailed introductions of these schemes can be
found in Darwish & Moukalled (1994) and Demirdzic et al. (1993).
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Finally, the gradient of fluid property φ in the diffusive flux term is obtained
with a 2nd order scheme

∇φf = (φ1 − φ0)
a

a · (x1 − x0)
+∇φ− (∇φ · (x1 − x0))

a

a · (x1 − x0)
(4.7)

where ∇φ = (∇φ1 +∇φ0)/2. It can be seen that the discretization employed
yields an algebraic system of the non-linear equation system, due to the coupling
of the dependent variables within the system. The algebraic system can be
linearized by “freezing” the coefficients in between the iterations. For the
transported variable φ at iteration k + 1 becomes:

apφ
k+1
p +

�

n

anφ
k+1
n = b (4.8)

where summation is assumed over all the neighbors n of cell index p. The
right hand side, denoted b is the explicit result obtained at iteration k. The
coefficients ap and an, respectively, are a result from the discretization process.
From this point the transported variable at the next time iteration can be
obtained by using Gaussian elimination or LU decomposition. However, for
centrifugal compressor applications, the system is very large making matrix
inversion procedures impractical. Instead the unknowns φk+1 are cast into a
correction (Δ) form given as:

ap
ω
Δφp +

�

n

anΔφn = r (4.9)

where Δφ is the difference in the transported variable at current k + 1 and
previous k iteration, respectively. The term on the right hand side r is called
residual, given by:

r = −


 ∂

∂t
(ρφV ) +

�

f

(ρφv · af −
�

f

(Γ∇φ · af − SφV


 = 0 (4.10)

The residual represents the derivation of the discretized form of the original
equation at iteration k from 0 (i.e. the error in solving the discrete equation).
When the discretized equation is satisfied the residual goes to zero. In the thesis,
the Gauss-Sediel implicit iterative solution procedure is used. This method
updates the transported value in each cell using information from cell neighbors.
The Gauss-Seidel can be shown to have a faster convergence rate as compared
to the Jacobi method, which is why it is preferred. However, Gauss-Seidel
alone is subjected to a very poor computational turnaround. For a discrete
problem with N degrees of freedom (roughly equal the number of grid points)
the total work for convergence scales as N2 lnN . Thus, for increasing problem
size the computational effort increases more than quadratically. The idea is
that Gauss-Seidel enables efficient smoothing of local errors. However, it suffers
on convergence because it takes time for boundary information to propagate
into the domain. Instead of a large number of Gauss-Seidel sweeps, we use an
Algebraic Multigrid (AMG) algorithm. The concept of the Multigrid algorithm
is to handle the error in the solution on a sequence of coarser grid levels.
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Through this process the boundary information propagates much faster on a
coarse grid as compared to a fine grid and thereby the solution is attained much
faster. The AMG mechanism is thus to alternate the Gauss-Seidel iteration
between coarse and fine grid levels. This is accomplished by means of transfer
operators between coarser and finer grids. Optimally, AMG converges with a
computational work proportional to N lnN , which implies linear growth with
increasing problem size.

The stability condition criterion stipulates that the region of dependence of
the discretization computational volume should include the region of the depen-
dence of the partial differential equations. This translates into the condition
that information propagating on the grid should not move more than one cell
length at a time per time-step. It is a necessary condition and governed by the
local convective CFL number (Courant-Friedrich-Lewy), which for compressible
flows can be defined:

CFL =
(|U |+ c)Δt

Δx
≤ 1 (4.11)

It is a function of a characteristic velocity U , the time-step size Δt, the charac-
teristic cell with size Δx, and where c is the sound speed. The highest speeds
for rotating machinery problems are typically found near the blade tip region.
A subsequent conservative time-step estimate for stability is given as:

Δt =
(Δx)tip
ωRtip

(4.12)

where ω is the impeller angular velocity.

4.1.1. Boundary conditions

Since a centrifugal compressor generates noise, special considerations are needed
to allow pressure fluctuation disturbances to propagate freely at the sound speed
towards the farfield. If the centrifugal compressor is fitted with a bell mouth
inlet, the upstream flow may be approximately quiescent where stagnation
temperature and pressure are given from ambient reference conditions. To
allow sound propagation then, the correct treatment is to adopt a non-reflective
boundary condition. A detailed description of non-reflective boundary treat-
ments can be found in the works of Giles (1990) and Saxer (1992). In short,
the freestream velocity on the boundary is corrected by a combination of the
freestream velocity and the boundary normal velocity component:

�vf = �v∞ + (vfn − v∞n)
�a

|�a| (4.13)

where v∞n is the boundary normal freestream component. From characteristics
the boundary normal velocity vfn is obtained:

vfn =
1

2
(vr0n + v∞n) +

c0 − c∞
γ − 1

(4.14)

where vr0n is the boundary normal velocity component extrapolated from the
neighboring cell center. The sound speed c∞ is obtained from the freestream
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temperature and c0 is the sound speed obtained from the boundary temperature
as extrapolated from the cell center:

c0 =
�
γRT r

0 (4.15)

In case of subsonic inflow, the freestream pressure via the isentropic relation is
utilized for computing the boundary pressure:

pf = pr0

�
Tf

T r
0

�cp/R

(4.16)

where the temperature on the boundary face is given by:

Tf =
c2f
γR

(4.17)

and where:

cf =
1

2
(c∞ + c0) +

1

4
(γ − 1)(vr0n − v∞n) (4.18)

It should be noted that errors can occur with this treatment in the non-normal
direction, i.e. where the boundary is not normal to the incident compression
waves.

In the experimental setup (Guillou et al. 2012) of the centrifugal compressor
investigated in this thesis the outlet mass flow is regulated with a lock valve.
Such device can influence the flow in such a way that incoming pressure waves
are being reflected. One option to include this effect is to consider a mass flow
rate boundary condition. The boundary inputs are a total mass flow rate, total
temperature and flow direction (in case of flow reversal). As the compressor
operation is towards its surge line, flow reversal may occur. This may potentially
yield some side effects in scenarios with mixed inflow and outflow on the outlet
boundary surface. From a numerical stability point of view provisions should
be taken to ensure 100% outflow in the boundary normal direction, and this is
guaranteed with the mass flow rate boundary condition type.

The specified total mass flow rate is distributed over all faces of the boundary
and a uniform mass flow rate is calculated on each face of the boundary:

ṁf = ṁtotal
|af |

Σf |af |
(4.19)

The static pressure and static temperature, respectively, at the boundary are
extrapolated from the interior of the domain. It can be mentioned also that
the current compressible flow solver has been used previously in the research
group Competence Center for Gas Exchange (CCGEx) for solving several fluid
flow problems associated with gas-exchange processes and turbocharging in
internal combustion engined applications, see e.g. Semlitsch et al. (2014b, 2015);
Semlitsch & Mihăescu (2016).



Chapter 5

Results: Highlights and Discussion

An overview of the centrifugal compressor theory and expected fluid instability
phenomena occurring under off-design conditions have been discussed briefly in
the previous chapters. Part II of the thesis contains selected papers showing
the main results. Highlights from those papers are outlined in the following
together with listing of main researching findings.

In this thesis the main application under consideration has been a vaneless
diffuser centrifugal compressor fitted with a ported shroud, as shown in Fig. 5.1
and presented in Papers 1 to 5. However, the same computational tool has also
been applied for investigating the stall instability emerging in a vaneless diffuser
of a larger centrifugal compressor, without explicitly considering the impeller
presence in the simulations. Instead, the effect of the impeller blade passing is
provided as meridional and tangential velocity profiles, respectively. This case
is presented in Paper 6.

In order to fully characterize the compressor behavior and the developed
flow instabilities at off-design conditions, there is a need to accumulate data for
a large number of operating conditions. However, one have to keep in mind that
if the target is only to characterize the overall compressor performance (pressure
ratio and efficiency) as a function of mass flow rate, steady-state RANS based
simulation is the method of choice (see e.g. Sundström et al. (2017a)). If the
purpose, as previously stated, is to look into understanding the flow instabilities
developed at off-design/unstable operating conditions, and their impact on
the compressor’s performance and noise generation, the LES calculation is the
method of choice. Naturally, due to the required large computational resources
with such an approach, it is not feasible to cover the entire compressor map
using LES. For this reason, only selective operating conditions are considered
under stable and unstable regimes. This choice was made for two different
speed-lines, c.f. Papers 1 and 3 for further details.

As with any numerical simulation it is always relevant to check the validity
of the computed result. Accuracy typically depends on modeling assumptions
but equally important is the influence from the employed discretization. Thus,
one may distinguish between errors and uncertainties in solving the discrete
equations, errors in solving the model (PDE) equations and finally the inher-
ent uncertainties and possible errors in the model equations themselves. For
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Figure 5.1: Side and front views of the centrifugal compressor are shown at
the top of the figure. Location of planes used for data post-processing and
locations of the pressure sensors D0 and IS1 are indicated. The IS1 point is
located in the middle of the ported shroud cavity 0.22D2 from the diffuser back
wall and oriented 127o clockwise from the vertical. The D0 point is located
mid of the diffuser channel at radii 55.5 mm and oriented 30o clockwise from
the vertical. The impeller section intersects the impeller region at 50% blade
span. The P1 and P2 planes are located 0.85D2 and 0.76D2, respectively, from
the back wall, and oriented with perpendicular intersection of the inlet duct.
Subfigures in the bottom part of the figure depict inlet and outlet boundaries
of the computational domain. The inset detail at the bottom right illustrates
the blade passage grid resolution at 50% blade span.

historical reasons the scientific community have suggested stages to assess the
relevance of numerical results, c.f. e.g. Roache (1998). One necessary step is
termed verification. This is a kind of certification process where implemented
routines in the CFD code produce expected result. For example, if the governing
Navier-Stokes equations are drastically simplified, e.g. steady-state, 1D/2D,
incompressible flow, for an idealized problem scenario, then there can be an
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exact analytical solution available. The code is therefore setup for such flow
scenario and with help of the exact analytic solution the true error is computed.
Of course if an analytic solution exists then there is very little need to employ
CFD. However, for complex problems, e.g. the unsteady flow in a centrifugal
compressor at low-mass flow rates, such an analytical flow solution does not
exists. A possibility is to complete a verification of the calculation by assessing
the flow solution’s sensitivity with respect to the numerical, grid and boundary
setups employed, respectively. The other option is called validation, which relies
on surveying the relative difference compared to some experimental measure-
ment. One problem with validation is that the measured result depends on many
parameters and is subjected also to errors. Moreover, most boundary conditions
on the experimental setup are unknown. For these reasons, reasonable good
agreements between experiment and numerical simulations for the considered
scenarios in the current work is challenging.

Any numerical approach relying on the finite volume method is grid de-
pendent. Therefore, one idea for checking relevance is to make gradual grid
refinements, i.e. temporally and spatially, and check if relevant quantities
approach an asymptotic value. In theory, a fine grid is less diffusive and would
yield more accurate approximations to the solution of the governing equations as
compared to a coarse grid. Based on this, the strategy in Paper 1 is to compare
the result from three different grids, with different grid refinement levels. With
consistent discreatization schemes the truncation error should tend to reduce
monotonically as the grid size is refined. However, from practical considerations,
there is another issue known as round-off error due to finite precision of the
computer, which may set a lower limit on the grid resolution. In practice, double
precision (64-bit) is adequate for practically all CFD computations.

The main outcome from the validation process is the demonstration of the
capability with LES to consistently predict the global performance parameters
for a wide range of operating conditions, as shown in Fig. 5.2. Overall, the results
of the numerical setup are reasonably close to the corresponding experimental
data. In the figure the vertical and horizontal bars indicate variations in the
monitored signals. Therefore, they are almost not visible for Case D, since this
is approximately a steady-state flow condition. However, as conditions approach
low mass flow rates, a substantial increase can be seen. For Case A, i.e. the
most restricted mass flow rate, a limit surge cycle is manifested, associated with
significant vibrations of the performance parameters.

Regarding the direct comparison with the experimental data; there are
several sources causing differences. First, measurements at surge operating
conditions are challenging due to the large oscillations in the system. Note that
the numerical and experimental set-ups are not perfectly identical, being impos-
sible to provide complete boundary conditions to the CFD from experiments.
Moreover, one has to keep in mind that the experimental flow regulation system
and the driving turbine have not been modeled in the simulations. These are
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Figure 5.2: The total-to-total pressure ratio (left) and the isentropic efficiency
(right) illustrate the chosen operating conditions for the constant speed-line
64000 rpm. The variation of the global performance parameters is marked with
horizontal and vertical bars. Case A shows a limit cycle, depicted with a circle
and where the arrows indicate the phase direction. Experimental data according
to Guillou et al. (2012) is added to guide the reader and is displayed with black
dots.

some of the reasons for which a perfect match cannot be obtained between CFD
and experiments.

Naturally, there are uncertainties with numerical accuracy. For instance,
discreatization errors emanate from approximations to the governing equations,
e.g. implicit 2nd order temporal and implicit 3rd order bounded central differ-
encing. The dominant error terms of the finite volume method can be related
to dominant error terms also with a finite difference equation, which is easier to
assess analytically. For example, a finite difference equation may be assessed by
substituting the Taylor series expansion back into the finite difference equation.
After rearrangement the resulting so called modified equation is obtained, c.f.
Hoffmann et al. (1996). By considering a simple problem e.g. the linear wave
equation in one-space dimension various aspects of the finite difference formula-
tion may be investigated, such as order of accuracy and stability requirements.
If the Crank-Nicolson implicit scheme (2nd order in both space and time) is
substituted into the 1D linear wave equation the modified equation contains a
leading odd-order derivative term, which is being truncated. This can give rise
to dispersion errors. A possible side effect from dispersion errors can be intro-
duction of phase errors and related issues with exactly matching the measured
surge frequency tonality. If however, an alternative 2nd order scheme such as
the explicit Lax is considered, the formulation may yield a leading even-order
derivative term. Such truncation terms are associated with dissipation errors
and can contribute to amplitude errors, i.e. the initial wave height is diffused
over time.
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One of the best ways to check the relevance of the numerical approach is
to assess if the numerical grid resolution employed is sufficient for capturing
essential features of the flow. For this purpose three grids named Coarse,
Medium and Fine are run for a reference operating condition. Here selected for
ω = 64000 rpm at near maximum efficiency condition ṁ = 0.28 kg/s. To see a
clear trend due to refinement, a factor of at least two should be employed, see
Tab. 5.1. A Courant number unity is not required everywhere in the domain
when implicit time stepping is employed. Ideally, for accurate time dependent
solution the CFL condition should be obeyed. However, if the grid resolution is
well scaled to the problem then the time-step should be such that the local CFL
number should be much smaller than unity to allow convergence of the Taylor
series (of the discreatization) and to have the error being composed mainly
of the leading neglected term. In any event, the CFL condition is relevant to
ensure that information propagates correctly, for example across the sliding
interface between rotating and stationary regions in the computational domain.
For a fair comparison the time-step size is adjusted so that the local Courant
number is similar between grids.

grid cell count Δxi [mm] Δt [deg/time-step]
Coarse 0.7 million 2.8 4
Medium 2.8 million 1.4 2
Fine 9 million 0.7 1

Table 5.1: Characteristics of the Coarse, Medium and Fine grids is listed. The
second and third columns tabulates the cell count and the average cell edge
length Δxi for each grid. The chosen time-step Δt used is presented in the last
column. It is given as the number of degrees of impeller rotation per time-step.

It should be noted that a grid sensitivity procedure could be done in many
different ways. One option is to extrapolate a solution to an infinitely small
grid size by means of Richardson’s extrapolation. Richardson’s technique can
be used to find out existence of an asymptotic behavior of the solution. This
may enable increasing the accuracy (and formal order) without the need to
evaluate the solution on an even finer grid. For best outcome it is suggest to
state the quality in terms of several different parameters, see e.g. Celik et al.
(2008). For practical reasons the number of analyzed quantities are limited.
Here, one preferably chose quantities where experimental data is available. In
Paper 1 experimental data was available with respect to the static pressure
distribution at two different radii, see Fig. 5.3.

The essential outcome here is that the Coarse grid depicts some variations,
especially at 3 o’clock where the trend with the experiential data is different.
As the spatial resolution is improved the trend w.r.t. the experimental data
improves. The differences between grid levels can be utilized to assess a relative
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Figure 5.3: Static pressure distribution in the diffuser obtained experimentally
(Guillou et al. 2012) and numerically (LES) with grids Coarse, Medium and Fine.
The operating conditions corresponds to Case D at 64000 rpm. The assessment
is performed with points arranged circumferentially around the diffuser and
evaluated at two different radial stations, r = 55.5 mm and 72.5 mm. The inset
to the right shows measurement probe point locations on the compressor back
wall.

error. For any quantity φ this is defined as:

err21 =

����
φ1 − φ2

φ1

���� (5.1)

the subscripts denotes the specific grid refinement level. The lower value is for
the finer grid and the larger is for the coarser grid. According Celik et al. (2008)
the apparent order oa of the numerical approach is given by:

oa =
1

ln(r21)
| ln(|�32/�21|) + g(oa)| (5.2)

g(oa) = ln

�
roa21 − s

roa32 − s

�
(5.3)

s = 1 · sign(�32/�21) (5.4)

where �ij is the difference in φ between grids i and j. For a grid refinement
factor rij of 2 then g(oa) is zero. A solution on a hypothetical infinite resolved
grid can be computed by means of extrapolation:
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φext =
roa21φ1 − φ2

roa21 − 1
(5.5)

which is shown with a thick gray line in Fig. 5.3. This line is seen to be
close with the Fine grid solution. Moreover, the relative error between the fine
grid level solution and the extrapolated result can be computed as follows:

errext =

����
φext − φ1

φext

���� (5.6)

From Celik et al. (2008) the Grid Convergence Index (GCI) is defined as
follows:

GCI =
1.25err21
roa21 − 1

(5.7)

which can be used to estimate the uncertainty of the extrapolated result.
Results for the GCI and the relative errors are listed in Table 5.2.

errij errext GCI
r = 55.5 mm 1.7% 0.5% 0.7%
r = 72.5 mm 0.7% 0.07% 0.09%

Table 5.2: Tabulation of grid convergence parameters. The data is based on
the diffuser static pressure distribution at two different radial stations.

Due to low relative errors further grid refinements would therefore only have
a marginal effect on the numerical accuracy in solving the governing partial
differential equations.

Another important assessment is to verify that the grid adequately captures
relevant frequency tonalities of interest, i.e. as associated with certain fluctuating
flow structures. In Fig. 5.4 the Power Spectral Density (PSD) based on the
pressure history signal is presented for different grid resolutions and compared
with available experiential data. The mid frequency range for conditions close
to near optimum design efficiency is captured by all grids for the chosen diffuser
probe, see Paper 1 for more details. An important tonality is the blade passing
frequency, which is found in the high frequency range. This feature including its
higher harmonics is correctly captured. However, it is only the fine grid level that
gives a reasonable match with the measured data. In the high frequency range
for the fine grid there is a trend showing an energy decay slope of approximately
-7/3. This could be related to Kolmogorov’s energy decay law. However, care
must be taken with any such conclusion because the theory is only valid for
isotropic turbulence. Clearly, due to presence of a boundary layer, that is an
assumption that may not hold for vaneless diffuser flow. Nevertheless, the
limitation here is mainly due to the fact that the turbulence spectrum and the
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flow conditions share the same scales. Therefore, classical turbulence theory
may not work fully. For example if the blade passage is pumping energy into
the inertial subrange the classical energy cascade may be disrupted.
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Figure 5.4: Power Spectral Density of pressure for the three grids. For clarifica-
tion of the probe D0 location, see Fig. 5.1.

Overall the result with the fine grid shows that the adopted implicit LES
approach has no effect on the frequencies related to the blade passage. The
effect of grid refinement is manifested in a wider resolved inertial subrange in
the spectrum. As expected, the dissipation occurs mostly at the edge of the
resolved scales. With improved resolution the dissipation and a given scale is
reduced and thereby the spectrum gets closer to the theoretical one. Further
refinement will ultimately result in no effect as the LES with better and better
resolution will become a DNS. This process exhibits the approximate character
of LES, which differs in principle from that of models (like the one used within
the RANS framework), which do not vanish with improved resolution.

The observed differences between stable and unstable operating conditions
can be expressed in terms of time-averaged velocity and Reynolds stress profiles
upstream of the impeller eye, as shown in Fig. 5.5.

In the blade passages, the effect of the higher back pressure is seen to
push the flow through the blade tip gap far upstream to the shroud inlet. For
reduced mass-flow rates the amount of back flow increases, as quantified with
the axial velocity profiles for Cases D to A in Fig. 5.5. A strong swirling motion
component of the flow in the same rotational direction as the impeller is seen,
which is a manifestation of the rotor angular velocity. Therefore, the entire
flow upstream of the impeller swirls around the shaft axis and where a mixing
takes place between the blade tip gas flow with the freshly entrained air flow.
The increased mixing of flow in this local region towards off-design operating
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Figure 5.5: Time averaged velocity and Reynolds stress profile components in
radial, tangential and axial directions. Data is extracted along a vertical line in
plane P2. The profiles are normalized with the blade tip speed, Uref . The gray
horizontal lines indicate the circumferential radius at which the rotating-stall
vortical structures are circulating in the P1 plane. This location is in near
proximity of the inflection point. Cases A to D correspond to those marked
with the same symbols in Fig. 5.2.

conditions can therefore be seen as amplified turbulent kinetic energy levels. A
distinct shape of an annular separated formation can be seen in the P2 plane
(shown in the Ur/Uref subplot in Fig. 5.5). It is manifested as radial outwards
and inwards swirling flow which is a consequence due to the significant amount
of back flow. It can be seen as a blockage or obstacle for the entrained air
further upstream. Thus, the freshly entrained air is being funneled into the
compressor with a radial inward directed flow profile (the radial velocity profiles
are shown in Fig. 5.5). The back flow on the other hand is seen to spread
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outwards due to the centrifugal forces but is concentrated towards the shroud
side. When considering the radial and the axial velocity profiles together it is
clear that an inflection point emerges for Case C, which grows for the lower
mass flow rate Cases B and A. In general the flow in the inflection point may
be unstable and so it is a possible onset mechanism for shear-layer instability.
One effect of the shear-layer interface can be seen as an annular region with
increased turbulent kinetic energy.

The thesis focuses on low-frequency flow phenomena, rotating stall and
surge. Hence, there is no intention to capture the smallest scale turbulent flow
features. This option is viable if the phenomena under consideration are not
turbulence driven, but are results of other factors, such as system rotation
and inertia. The phenomena, rotating stall and surge are subjected to orders
of magnitude larger length scales but more importantly longer time scales as
compared to the blade passing frequency. Consequently such features require an
adequate number of time samples, with relatively low sampling rate, such that
the frequencies of interest can be resolved. Therefore, a significant statistics
corresponding to some 220 full impeller revolutions were accumulated for Case
A and run on the fine grid. Of this approximately, 20 revolutions are needed
for the early transient evolution from RANS to establish a suitable initial
turbulent flow field. Therefore, data corresponding to 8 surge periods are used
for statistical analysis of Case A. Since the low frequency tonality corresponding
to surge was not expected for Case B, C and D, respectively, a fewer number of
impeller revolutions were considered, but corresponding to 2 surge periods. One
may note the fact that the phenomenon under consideration has long length
scales, which implies that the effects of turbulence on surge and rotating stall
are small.

The corresponding Power Spectral Density (PSD) for the audible frequency
range is presented in Fig. 5.6. Spectra at probe point IS1 is assessed along
one speed-line and the purpose is to evaluate differences as conditions go from
near maximum design condition Case D to off-design condition at Case A. For
Case D the major tonalities that are distinct and clear are found at RO = 1,
RO = 5 and RO = 10. Here the blade passing frequency (BPF) equals RO =
10, since the impeller has ten blades. Elsewhere the spectrum is broadbanded.
As the mass flow rate is restricted in Case C, no spectacular change is seen,
except perhaps, a small bump appearing for a frequency range around half the
angular velocity of the shaft (i.e. RO = 0.5). For Case B, the mass flow rate
is even more restricted. Suddenly a notable low frequency tonality occurs at
RO = 0.5, which is identified as rotating stall. In the previous Case C and
Case D such feature cannot be distinguished. For Case A, yet another low
frequency tonality is manifested at a fraction of the rotating order (43 Hz).
This peak is also accompanied by one higher harmonic in the numerical data.
One interesting observation for this particular centrifugal compressor is that
the rotating stall tonality is still present under deep surge conditions. However,
for Case A the spectra indicate that the rotating stall feature operates over a
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Figure 5.6: Power Spectral Density (PSD) for Cases A to D. The data is based
on the pressure time history in probe location IS1 (see Fig. 5.1 for orientation
purposes). Experimental data (Gancedo et al. 2016) is added as a reference. The
Rotating Order (RO) on the abscissa is a frequency normalized with the angular
velocity of the impeller shaft. A one full impeller wheel rotation corresponds to
RO = 1.

wider frequency range, i.e. gaining a hump characteristic rather than a sharp
tonality. Based on the computed result the crucial factor leading to surge is
the global response due to flow recirculation causing the emptying and filling
process. To quantify the compression system it is therefore needed to look
at the phase locked average incidence angle variation at leading and trailing
edges of the impeller blades. The motivation is that flow incidence can be
seen to influence the impellers ability to push fluid downstream and hence
build up boost pressure. A quantitative representation of cycle phase averaged
flow angles, flow momentum and total-to-total pressure ratio, respectively, are
therefore presented in Fig. 5.7. The effect of large-scale flow structures on the
blade loading term can be analyzed by filtering the flow field and blade loading
term at a particular frequency. Figure 5.8 shows the phase angle evolution
Φ, of the reconstructed acoustic blade loading term (top row) for off-design
operating condition at the low surge frequency tonality. This figure is therefore
a good complement to Fig. 5.7, since the connection between flow and acoustics
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is included. It shows how the coherent flow structure in surge affect the blade
loading term, which in turn affects the momentum flow into the radial diffuser
for one complete surge cycle.

By phase angle Φ = 0 the streamlines indicate that the flow is being pushed
mainly downstream, see Fig. 5.8. Thus, the turbulent kinetic energy level
reaches a minimum level. However, the back pressure is at a maximum, which
induces more recirculation in the volute region, see Fig. 5.7. As an effect the
flow incidence angles therefore increases while the upstream and downstream
flow momentum decreases. Since the back pressure is at its peak level the
corresponding blade loading distribution shows a maximum towards the rear
part of the impeller surface. However, referring to a downstream directed
flow is not completely satisfactory since the streamlines close to the blade
suction side describes a circulating motion. There, the streamlines are seen to
spiral outwards initially prior discharge. Qualitatively, this feature outlines an
emerging boundary layer separation, and is associated with a strong adverse
pressure gradient. By phase angle Φ = π/2 later, all seeded streamlines in
Fig. 5.8 indicate upstream direction. This means that the compressor is entering
the emptying phase of the surge cycle and the flow is completely reversed. From
this point in the phase cycle the pressure reduces rapidly. The turbulent kinetic
energy manifests a strong gradient in the blade passages. A consequence of
complete flow reversal is that the impeller cannot produced any observable
downstream momentum (Fig. 5.7 at Φ = π/2).

In this condition the impeller cannot retain its efficiency. A phase shift
of π/2 is observed between the pressure and the flow momentum indicating
a resonance phenomenon. By phase angle Φ = π the turbulence level has
relaxed yet the seeded streamlines depict complete flow reversal. However, the
upstream streamlines are almost parallel with the inducer plane. Therefore, the
compressor is gradually undergoing a recovery from its minimum pressure level
of the mode cycle.

At Φ = 3π/2 the compressor is subjected to the filling phase of surge.
The corresponding blade loading term depicts a neutral level. By phase angle
Φ = 3π/2 the compressor is recovering where the flow is now being directed
downstream again. Therefore, the flow incidence angles reach a minimum and
subsequently the flow momentum transferred downstream reaches high values
(Fig. 5.7 at Φ = 3π/2). The flow mode perturbation transition from Φ = 3π/2
to Φ = 2π can be seen as an adjustment back to the phase evolution described
at Φ = 0. From this point the phase evolution will repeat in a surge limit
cycling procedure. The cyclic behavior of the blade loading pressure is here
seen as the acoustic source mechanism responsible for amplified noise levels in
off-design operating conditions.

Another important low frequency phenomena observed in the computed
LES data is associated with rotating stall. Figure 5.9 shows the phase angle
evolution, Φ, of the flow perturbation and the blade loading term contribution
at RO = 0.5.
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Figure 5.7: Impeller performance quantity characteristics are presented for Cases
A to B. The data is phase cycle averaged based on the dominant frequency for
each case: Case A, surge; Case B and C, rotating stall; Case D, time-averaged.
Flow angles and flow momentum at the inducer and exducer including the
total-to-total pressure ratio are circumferentially averaged at 50% blade span.
The inducer blade angle is β1b = 60o and the blade back sweep angle is β2b = 40o.
These angles are defined relative to the meridional, see sketch in the upper right
corner.

It should be noted that the rotating reference frame rotates with RO = 1,
which is clockwise in Fig. 5.9. An observer in the acoustic farfield is located
in an absolute frame of reference, which does not move. Thus, it is vital to
transform the observations between moving and non-moving reference frames.
The flow quantities pressure and velocity in the impeller region are sampled in
the rotating reference frame in cylindrical coordinates. For an interpretation
in a static (absolute) frame they should be rotated in the other direction by
angular velocity RO = -1. In rotating stall a stationary observers would see the
upstream vortices rotate at RO = 0.5. Hence, RO = 0.5 (absolute) equals RO
= 1.5 (rotating) and subtracting RO = 1 reference frame mode. In theory, there
could be a right running and a left running mode contributing to the RO =
0.5 (absolute). It may be argued that the acoustic observer cannot distinguish
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Figure 5.8: Acoustic blade loading term (top row) and the modal flow pertur-
bation (bottom row) at the surge frequency RO = 0.04 for off-design condition
Case A. The sequence from left to right shows the phase evolution of the surge
mode shape.

between right and left running disturbances, in the case of a compact source.
Thus, for the acoustic point of view RO = -0.5 (absolute) may also be obtained
from RO = 0.5 (rotating) minus RO = 1 of the reference frame mode. Hence,
another viable noise source emitting due to rotating stall. For the investigated
centrifugal compressor under consideration, the right running mode RO = 0.5
(absolute) turns out to be an order or magnitude larger as compared to the
left running more at RO = -0.5 (absolute). Therefore, the left running mode is
negligible. In Fig. 5.9 the mode depicted with streamlines spin with RO = 0.5
clockwise. Thus, impeller surface with the blade loading distribution is rotated
to enable a comparison to the spatial flow field in absolute frame as presented
in the lower part of Fig. 5.9.

In the P1 plane upstream of the impeller, circulating vortical structures
can be observed, which have been identified as rotating stall. These vortical
structures are cropped by the blades causing high amplitude contributions to
the blade loading term at the leading edge and pressure side of the blade. This
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Figure 5.9: The top row shows the phase evolution sequence of the acoustic
blade loading term. The bottom row depicts the model flow perturbation,
represented with streamlines and turbulence intensity. Both sequences are
synchronized from left to right and evolve around the rotating stall frequency
RO = 0.5. The data is for Case B, i.e. near surge operating conditions.

can be observed by the high magnitude noise sources shown for all phase angles.
Depending on the directionality of the vortex rotation, the flow incidence angles
at the blades and hence, their loading is influenced. This causes corresponding
unsteady pressures at the back wall of the impeller. At zero phase angle, Φ = 0,
high-pressure perturbations can be observed in two local zones at 12 and 6
o’clock near the leading edges. In between, two low-pressure perturbation zone
can be found. This blade loading distribution corresponds to the two co-rotating
vortex pairs found nearby just upstream in the P1 plane. The co-rotating vortex
pair depicted on the vertical at Φ = 0 have streamlines spinning outwards.
Therefore, they are subjected to and arranged with the two elevated pressure
zones on the blade surface. For the co-rotating vortex pair aligned horizontally
at phase angle Φ = 0 depict streamlines with inward spin. Thus, they correspond
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to vortical spiraling around low pressures. This correlates with the blade loading
distribution, i.e. the two low pressure zones aligned horizontally. From Fig. 5.9
it is also clear that a similar distribution resides towards the blade trailing edges
at the same phase angle. However, at the exducer the distribution of the two
high and two low pressures zones, respectively, are not perfectly symmetric.
One of the low pressure zones is seen to dwell toward 5 o’clock for other phase
angles, whereas the other low pressure zone on the opposite side is clearly
convected around circumferentially. The presence of the asymmetry is one
possible motivation of the subharmonic tonality found at RO = 0.25 in the
power spectra density (see Fig. 5.6). This asymmetry can also be related to the
asymmetric time averaged pressure field at off-design operating conditions. Due
to this pressure perturbation distribution, the flow is discharged with according
to these perturbations into the radial diffuser. The streamlines indicate the
direction of the flow perturbations, where a radial outwards and inwards flow in
the diffuser can be related to the locations of high and low pressure perturbation
zones at the exducer. A phase angle Φ = π/2 later in the rotating stall cycle,
the impeller surface is subsequently rotated the same amount in the clockwise
direction. It is important to recognize that the pressure distribution only rotate
half as much, i.e. π/4 also in the clockwise direction. Thus, for one full impeller
revolution the rotating stall feature with its blade loading signature only rotate
half a revolution. This spinning motion in the clockwise azimuthal direction
(i.e. absolute frame) explains the RO = 0.5 tonality found in Fig. 5.6. By a
phase angle Φ of π further in the cycle, the two high pressure zones near the
blade leading edges are seen to be rotated into a horizontal orientation. Further
on until phase angle Φ = 3π/2 they are therefore seen aligned diagonally, i.e.
between 10 and 4 o’clock. From this phase angle instant until 2π both blade
loading distributions and the flow field distribution depicted with streamlines
in Fig. 5.9 will gradually come back to the starting point at Φ = 0. Once back
to the starting point, the rotating stall will repeat in another cycle.

Another research highlight emerged from assessment of two-point cross
correlation along a circumferential line around the middle of the diffuser channel,
see Fig. 5.10. The practicality of the method is to compute coherence of the
flow fluctuations. The data based on pressure for Cases B and D shows several
inclined diagonal disturbances. There is one line for each fluctuation disturbance
due to the blade passing. The slope of the incline indicates the group speed
of the disturbance and is found to be a little higher than the speed of sound
at ambient conditions. This is because the group speed gains an additional
contribution from the convected flow velocity. For Cases A and B, i.e. towards
low mass flow rate operating conditions, the two-point correlation (i.e. Fig. 5.10
based on circumferential velocity) is modulated by a low-frequency components,
which is due to rotating stall. The effect of the rotating stall is seen to yield two
disturbances convected around the diffuser for Case A and B. They correspond
to two crests where the correlation is at a maximum. In between there are
valleys, i.e. maximum correlation but with a negative sign. It is important
to acknowledge the circumferential variation, which suggests that the rotating
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stall depends on the clockwise orientation. For instance, between positions 12
o’clock and under the volute tongue the rotating stall incline is clear, indicating
a speeding up behavior. After the volute tongue an apparent slowing down
process is seen. For angles on the opposite side of the compressor, i.e. towards
8 o’clock, the characteristics are more diffuse showing possible checker-board
pattern. Such feature can be due to the flow being locally subjected to static
stall locally with back and forth motion rather than rotational. For the most
restricted mass flow Case A, the characteristics based on pressure correlation
display horizontal lines. Since those lines do not show any dependence in time
they are immediately recognized as a pattern due to a standing wave and
therefore representing surge operating conditions.

It is well known that centrifugal compressors are subjected to significant
hydrodynamic pressure fluctuation levels, c.f. Gonzalez et al. (2003); Broatch
et al. (2015). It is located mainly in the impeller region and they are inherently of
higher magnitudes as compared to acoustic sound waves. From the compressor
impeller, which is influenced by significant hydrodynamic structures, there will
be a decay behavior where the averaged pressure fluctuation level reduces. From
classical acoustic theory, and also supported with the LES data (Paper 3 and
4), it can be shown that the decay rate in the near-field is inverse proportional
to the square of the distance from the source. For larger distances the influence
from the hydrodynamic structures diminishes, and the pressure fluctuations
behave inverse proportional to the distance from the source. Ultimately, there
is a notable change in decay rate, which can be used to distinguish the nearfield
from the farfield flow regimes. For the investigated centrifugal compressor this
is located close to the bell mouth entrance, which hence defines the area where
the acoustical sound field begins.

According to the Lighthills acoustic analogy and assuming flow pulsation
in a straight pipe it can be show that the radiated power scales as:

Wm ∝ ρ0f
2U2D2

c0
≈ 10−4ρ0MU3D2 (5.8)

where ρ0 - air density, f - pulsation frequency, U - mean flow speed, D - pipe
diameter, M - Mach number, and c0 - speed of sound, c.f. Åbom (2006). In
order to obtain the last expression it is here assumed that the frequency f is
close to the surge frequency. It can be roughly estimated as one hundredth
of the rotating order (RO). A source that behaves as a dipole, in centrifugal
compressor applications, is due due to the rotating blade forces. For this term
the frequency f is assumed to be equal with the rotating order. Subsequently,
the dipole power scales as:

W d ∝ ρ0M
3U3D2 (5.9)

Viscous forces are known to influence the damping of sound waves. They
emerge from the Lighthill stress tensor and are associated with quadrupole
fields. Lighthill showed that the quadrupole radiated power scales as:

W q ∝ ρ0M
5U3D2 (5.10)
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Figure 5.10: Two-point cross-correlation for Cases A, B and D. Data is evaluated
along equidistant and azimuthally arranged points at diffuser radii r = 60 mm.
The top row shows cross-correlation based on pressure whereas the bottom row
is based on circumferential velocity fluctuations. The circumferential line starts
and ends on the vertical position at θ = 0, i.e. at 12 o’clock. This location is
also used as the reference point, a sketch inset is added for orientation purposes.

Putting the result from the monopole, dipole and quadrupole power terms,
respectively, together shows the following relationship:

Wm : W d : W q ∝ 10−4 : M2 : M4 (5.11)

For low-subsonic flows, it can be concluded that the radiated power from
the dipole radiation term is several orders more significant as compared to
monopole and quadrupole terms. It must be realized that the result obtained
from Lighthill’s acoustic analogy is only possible with introduction of strong
assumptions. Care must be taken to adopt the result for centrifugal compressors.
To clarify the relative importance on the acoustic intensity level from the



5. Results: Highlights and Discussion 73

individual source terms, the spatial distribution are shown in the vicinity of the
impeller, see Fig. 5.11.

p�L, scale = 0 - 0.1 p�T , scale = 0 - 1e-6 p�Q, scale = 0 - 5e-5
√

p̄�2

0.5ρrefU2
ref

Figure 5.11: Acoustic intensity level distribution for off-design operating condi-
tion Case A. Surface contributions from the blade loading p�L and the thickness
p�T source terms are shown on the impeller wall boundary. The quadrupole p�Q
is a volume source term and presented on the 50% blade span section.

It is observed that the computed blade loading term, p�L, contributes to
most of the sound pressure level by an order of magnitude compared to the
thickness and quadrupole terms. It is induced by the impeller and represents the
interaction with flow structures primarily found at the leading and trailing edges.
There, the blade loading term manifests elevated levels due to the cropping up of
unsteady flow structures. The thickness term, p�T , is more pronounced towards
the impeller blade tips, which is due to the higher rotational surface velocity.
It is known from Raitor & Neise (2008) that tip clearance noise increases as
the tip-speed approaches the sonic speed. For the considered subsonic flow
regime in Case A, the influence from p�T is thus small and even seen to be the
least influential. The last acoustic source term considered in Fig. 5.11 is the
quadrupole term p�Q. It is associated with turbulent fluctuations in the volume
flow causing acoustic noise propagation. Elevated intensity magnitudes are
observed located in the wake flow zone towards the exducer. The generation
mechanism may be associated with strong gradients and large fluctuations, which
are associated with the sound generation. The amplified intensity coincide with
the mixing zone between the separated boundary layer flow towards the blade
suction side and with the higher jet like flow zone towards the pressure side.



Chapter 6

Conclusions

The LES approach has been employed with the purpose to predict the unsteady
flow field in a ported shroud centrifugal compressor equipped with a vaneless
diffuser. Boundary conditions and specifics related to the numerical setup were
chosen to be close replications of the cold gas-stand experimental setup at
University of Cincinnati. Hence, direct comparison has been possible in terms of
global performance parameters but also in terms of flow variables (time-averaged
pressure and velocity as well as pressure based spectra). The computed results
were found to be in good overall agreement with measured data for a range of
operating conditions. For the considered geometry in this study the mass flow
rate was gradually reduced from design (near optimum efficiency condition)
to off-design operating conditions with the purpose to provoke low-frequency
instability tonalities. Narrowband tonalities emerged in the low frequency range
of the pressure spectra associated with rotating stall and surge. These modes
were assessed by means of flow mode decomposition.

6.1. Contributions

It was found that a growing reversed swirling back-flow emerges as the operating
conditions approach the unstable range. This is in agreement and complements
the investigations made by other researchers, c.f. Guillou et al. (2012) and
Hellström et al. (2012). The main reason for the back-flow can be attributed to
the high back-pressures at low mass-flow rate. It has been demonstrated that the
swirling annular back-flow is intrinsically linked with the alteration of incidence
flow angles. It influences the rotor efficiency due to the reduced entrainment
flow momentum. For more extreme conditions (even lower mass flow rates)
the deep surge instability is triggered. In such scenario both downstream and
upstream flow momentum transfer are seen to oscillate in a limit cycle loop,
which manifest in total pressure ratio pulsation between compressor inlet and
pipe discharge.

The surge limit cycle behavior was found to be linked with a phase shift
between the pressure ratio and the flow momentum. In detail the peak pressure
ratio is phase shifted 90o ahead of when the flow momentum approaches its
minimum level. Additionally, it was also found that the incidence flow angle
is synchronized with the flow momentum. For example, a large incidence

74



6.1. Contributions 75

angle corresponds to a minimum flow momentum where the pressure ratio is
transitioning towards a minimum level in the surge cycle. As the back pressure
decreases, the compressor gradually recovers and is able to gradually buildup the
flow momentum again. However, at some critical pressure ratio the momentum
will gradually drop and the surge limit will repeat in another cycle.

The back-flow streaming over the blade tips is seen to reach far upstream
for all the unstable, low mass-flow rate operating conditions, and hence interact
with the freshly entrained air flow at the inducer. A distinct interface is therefore
developed yielding a strong shear-layer. This shear-layer is seen to be energized
by the swirling annular back-flow emanating near the shroud walls and off
the ported shroud cavities. At the inner side of the shear-layer interface itself
helical vortices are seen to take shape going into spiraling trajectories around
the impeller axis. It was found that tip-leakage yielding reversing back-flow at
the impeller eye is intrinsically linked with occurrences of both rotating stall
and surge. The rotating stall can be seen to be governed by the shear-layer
strength whereas surge is more affected by the swirling motion as induced by the
back-flow. Quantified Reynolds stresses upstream of the impeller eye exposed
amplified levels close with the inflection point and thus connecting shear-layer
strength with the mass flow rate.

Since the flow is seen to separate near the shroud wall and reversing in
the upstream direction, it induces a strong shear-layer interface. It was found
that streamlines curl up into two co-rotating vortex pairs, when seeded close
to the interface. This is a flow instability seen to be relatively distinct in
the point spectra for near surge conditions. However, for more extreme deep
surge conditions the rotating stall feature is seen to fluctuate over a range
of frequencies. Thus, the co-rotating vortex pair is modulated in presence of
strong swirl. The narrowbanded feature of the rotating stall instability can
also be traced further downstream in the radial diffuser and volute regions,
respectively. Towards off-design conditions it is known that the static pressure
scalar distribution in the diffuser gains an asymmetric configuration. This can
be seen as a developing low pressure zone under the volute tongue, caused by
the presence of a small recirculating region. The induced pressure oscillation
due to the convected rotating stall cells in the diffuser are naturally interacting
with the developed recirculation region (and the shear-layer) under the volute
tongue region. In other words there is a modulation of the circumferential wave
under the volute tongue, which influences the boost pressure.

Another outcome of the computed unsteady flow is the possible connection
between identified flow instabilities and the generated acoustic sources. Afore-
mentioned narrowband tonalities as found in the sound power level spectra
for far-field points were correlated with acoustic source terms based on the
Ffowcs-Williams and Hawkings (FWH) formulation. It was found that the blade
loading term is several orders of magnitude larger as compared to thickness
and quadrupole terms, respectively. The blade loading source term on the
impeller surface, which is dipole in character, has been quantified and exposed
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at frequencies of interest, using the mode decomposition techniques. When the
acoustic power from blade loading and quadrupole terms are compared it was
found that their respective scaling indicates a ratio one over the Mach number
squared (i.e. Wd : Wq ∼ 1 : M2). This appears to hold in the subsonic Mach
number flow regime. A similarity can be seen with the theoretical power scaling
law for pulsating pipe flow via Lighthill’s acoustic analogy. It was shown that
the monopole term is insignificant for the emitted sound for the considered
application. However, for higher speed-lines and at larger mass-flows, this term
may become more important, as the flow of the blades is expected to reach
sonic speeds, see e.g. Raitor & Neise (2008).

Since the blade loading term was shown to be the most influential sound
source the associated distribution on the impeller surface was assessed by means
of modal decomposition. The first clear occurrence of a rotating stall tonality
in the SPL spectra was detected in the second most restricted mass flow rate
considered. For this case, the RO = 0.5 mode shape described a typical dipole
distribution. This acoustic signature is seen to be correlated with the co-
rotating vortex pair interacting upstream of the blade leading edges. Moreover,
an asymmetry pressure loading resides towards the rear of the impeller surface.
A higher momentum flow is manifested towards 5 o’clock acting as a low pressure
sink. This region becomes amplified towards surge operating conditions. It
can explain why the rotating stall tonality gains a hump feature in the PSD
spectrum and provokes the subharmonic RO = 0.25 tonality.

The SPL spectrum in the upstream far-field for the most restricted mass flow
rate considered expose a distinct tonality at the surge frequency and it correlates
with a coherent blade loading feature distributed on the impeller surface. Since
it emerges from the blade loading term in the FW-H equation it is linked with
a dipole acoustic source mechanism. However, the distribution on the impeller
surface does not expose a conventional dipole feature in comparison with the
mode found at the rotating order or the rotating stall mode. Nevertheless, it
can be characterized with a multipole expansion consisting of two monopoles
in anti-phase for each impeller blade. They are distributed symmetrically in a
circumferential arrangement with focus towards the rear part of the impeller
surface as well as towards the leading edges and blade tips. Overall, the
distribution clarifies a possible acoustic source mechanism responsible for the
amplified sound pressure level at a fraction of the rotating order frequency.
Ultimately, the frequency tonality associated with the surge mode was shown
to describe a filling and emptying process between the impeller inlet and pipe
exit discharge.

The SPL spectra in the acoustic far-field upstream of the compressor was
seen to contain a second amplified feature located in the mid frequency range.
This feature is demonstrated to expose more broadbanded characteristic. How-
ever, distinct narrowbanded features are embedded at twice the rotating order
unity, including higher harmonics notably at RO = 3 and RO = 4. This hump
feature in the SPL spectra shares resemblance with experimental observations
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(Tomita et al. 2013; Evans & Ward 2005), designated as “whoosh noise”. Com-
peting explanations exist for the mechanism behind the “whoosh noise” feature.
In e.g. Torregrosa et al. (2014) it is associated with a general broadband noise
in range 1 < RO < 2 for a similar sized compressor. In Raitor & Neise (2008)
it is related to “tip clearance” noise due to flow leakage between the blade tip
and shroud wall. Since the time-average pressure scalar distribution around
the diffuser and volute regions manifest increasing asymmetry it influences the
emitted noise. It is seen to amplify the broadbanded acoustic noise level in the
order of 2-4 dB. Embedded in this broadbanded characteristic there are features
associated with the rotating order and its higher harmonics. From an acoustic
point of view they can be defined by dipole sources distributed circumferential
around the impeller surface.

The main achievements of thesis can be summarized in the following main
points:

• The low frequency flow modes associated with surge and rotating stall
were captured with the adopted LES methodology.

• From flow mode decomposition using either Fourier surface spectra or
Dynamic Mode Decomposition it is possible to describe Surge as a system
instability. Small disturbances grow until state space variables enter a
surge limit cycle.

• It was found that rotating stall can co-exist with the surge feature.
However, its tonality spreads over a wider frequency interval.

• The acoustic sources caused by the unsteady pressure loads on the im-
peller’s surface have been correlated with the acoustic spectra calculated
upstream of the compressor in the acoustic regions.

• A dominant flow feature at half of the rotating order was identified
upstream of the impeller inlet face. It was found that the feature consists
of two co-rotating vortex pair circulating in the same direction as the
impeller rotation.

• The generation mechanism of surge was shown to be subjected to large
modulation of incidence flow angles and the impact on the transferred
flow momentum through the blade passages.

6.2. Proposal for future work

It has been suggested by different research groups that the tip clearance noise
should manifest in a narrowband range about half of the rotating order. Early
investigations of “tip clearance noise” can be traced to the axial compressor
community. It is acknowledged that rotating stall may evolve differently in a
centrifugal compressor, yet this definition has been adopted also for centrifugal
compressors. Since the tip clearance noise is not yet fully understood it would
be most valuable to determine the underlying generation mechanism. It is
therefore proposed to clarify the generation mechanism that is responsible for
the radiated narrowbanded noise. In other words, determine if it is related to tip
clearance or not. The definition that tip clearance noise strongly correlates with
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half of the rotating order originates from experimental studies carried out in the
50-70s. Researchers back then did not have access to powerful computers, and
the possibility to visually exploring the entire unsteady flow field was limited.
It is identified in this thesis that the coherent flow structures found upstream
of the impeller face illustrate a different flow mechanism. Since detailed flow
visualization by means of experimental measurements is challenging it may
explain why a tonality found in the power spectra density may be interpreted
as a rotating pressure signature for rotating stall. In reality though, it may be
related to a different thing altogether.

It is important to realize that surge and rotating stall are dynamic evolving
flow instabilities. Therefore, the assumption of a fixed speed-line and a specified
mass flow rate limits the possibility to find the inception mechanism. For higher
fidelity prediction of the low-frequency tonalities it is recommended to assess a
dynamic evolution from design conditions towards unstable off-design conditions.
This may help locate a specific operating condition for which a precursor flow
mode may occur prior to rotating stall and surge.

The solver elapsed time with LES for one operating condition is in the
order of days running on modern supercomputing hardware facility. This means
the LES computational approach is not an attractive choice for evaluation of
compressor performance in early compressor design stages. As a future direction
it would be possible to consider unsteady RANS (URANS). It is believed that
URANS may be capable in capturing some of the instabilities observed for
unstable operating conditions. Capture of self-induced rotating stall in realistic
compressor geometries on the other hand may demand special considerations
with URANS, such as anisotropic turbulence and curvature correction. However,
if the interest is to capture mechanisms related with the noise generation in
compressors a URANS formulation may not be a method of choice (due to the
impact of modeling on velocity and pressure fluctuations).

Relying on direct sound propagation with compressible LES is challenging
at larger distances from radiating noise sources. It is due to having a sufficient
number of grid points to resolve the wavelength of acoustical propagating sound
waves. Using the FW-H equation is one option to reduce the computational cost
associated with far-field sound propagation. However, in the present formulation,
it is mainly suitable for compact acoustic sources. Moreover, all acoustic source
surfaces and neighboring volume should be in a direct “line-of-sight” and separate
from the receiver location. In most radial compressor applications the volute
and shroud surfaces are effectively shielding the dominant acoustic impeller
surface source, introducing interference effects. However, results presented in
the thesis exposed that FW-H can give good trends as compared with the direct
approach in the low to medium frequency range. However, for more accurate
prediction a future direction may explore the integration routines of the acoustic
source terms on the right hand side of the wave propagation equation when
applied to radial compressor applications.
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Another possible research direction is to asses compressor sensitivity to the
upstream and downstream perturbations (e.g. Exhaust Gas Recirculation - EGR
pulses, air temperature conditions, pressure pulses caused by engine breathing)
and analyze the impact of such perturbations on the onset of compressor
instabilities.
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Publications

As part of the outcome with the current PhD study, several manuscripts were
published or submitted for publication. They are reproduced in Part II of the
thesis and listed as follows:

Paper 1 Assessment of the 3D Flow in a Centrifugal compressor using Steady-
State and Unsteady Flow Solvers. Sundström E. (ES), Semlitsch B. (BS) &
Mihaescu M. (MM) SAE Technical Paper, 2014-01-2856, (2014)

A grid dependency assessment was carried out on RANS and LES data obtained
for a ported shroud centrifugal compressor. Characteristic low frequency tonali-
ties were captured with LES. They were identified as rotating stall and surge by
means of advanced post-processing techniques. The candidate (ES) performed
all pre-processing, solve and post-processing. The paper was written by ES with
input from BS and MM. Experimental data for validation of computed results
was provided by Prof. Gutmark at University of Cincinnati. ES presented the
paper at the SAE 2014 International Powertrain, Fuels & Lubrications Meeting,
Birmingham UK 2014.

Paper 2 Generation Mechanisms of Rotating Stall and Surge in Centrifu-
gal Compressors. Sundström E., Semlitsch B. & Mihaescu M. Accepted for
publication in Flow, Turbulence and Combustion, Springer, 2017

The aim is to correlate the flow incidence angles, momentum and pressure
ratios across the impeller region during phase averaged rotating stall and surge
cycles, respectively. It is quantified how these parameters evolve during the
low-frequency flow instability events in a realistic centrifugal compressor geome-
try. ES produced all data and wrote the manuscript with input from BS and MM.

Paper 3 Centrifugal Compressor: The Sound of Surge. Sundström E., Seml-
itsch B. & Mihaescu M. AIAA Technical Paper, 2015-2674 1-17, (2015)

Acoustic sources in a centrifugal compressor were assessed using LES data.
They were found to be narrowband features associated with the angular velocity
of the impeller shaft and higher harmonics. Distinct acoustic sources were also
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found at low-frequency tonalities associated with surge and rotating stall. The
effect of the acoustic sources where seen to result in planar waves propagating to
the acoustic sound field at larger upstream distances. The candidate ES carried
out all necessary steps from case setup to data analysis. ES wrote the paper
with input from BS and MM. Geometry and Experimental data for comparison
was made available thanks to Prof. Gutmark at University of Cincinnati. MM
presented the paper at the 21st AIAA/CEAS Aeroacoustics Conference, Dallas,
Texas, USA 2015.

Paper 4 Acoustic signature of flow instabilities in radial compressors. Sund-
ström E., Semlitsch B. & Mihaescu M. Submitted to J. of Sound and Vibration,
(2017)

This paper is an upgraded version of Paper 3 and intended for journal publica-
tion. The flow-acoustics coupling is further assessed by looking as the two-point
cross correlation of fluctuating disturbances. Characteristic features were re-
vealed as the mass flow rate is gradually restricted with purpose to provoke
low-frequency tonalities such as rotating stall and surge. ES produced all data
and wrote the manuscript with input from BS and MM.

Paper 5 Evaluation of Centrifugal Compressor Performance Models using
Large Eddy Simulation Data.
Sundström E., Kerres. B (BK) & Mihaescu M. Processing of ASME Turbo
Expo, paper id: GT2016-57169, (2016)

A comparison of flow loss accounting was assessed using LES and reduced
order 1D modeling for a ported shroud centrifugal compressor. ES produced
the LES data and implemented the 1D model. The paper was written by ES
with input from BK and MM.

Paper 6 Analysis of vaneless diffuser stall instability in a centrifugal com-
pressor. Sundström E., Mihaescu M., Giachi M. (GM), Belardini E. (BE) &
Michelassi V. (VM) Under review Int. J. Turbomach. Propuls. Power., (2017)

LES data was produced and analyzed to characterize the mechanism of vaneless
diffuser rotating stall instability in a centrifugal compressor. The manuscript is
an upgraded version of the ETC2017-175 conference proceeding contribution
with the same title. The calculations have been carried out by ES. The boundary
conditions have been provided by GM and BE. The manuscript has been written
by ES with input from MM and VM.

Conferences

Part of the work in this thesis has been presented at several conferences. The
presenting author is underlined. Although related, these peer-revised conference
publications are not included in this thesis.
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E. Sundström, B. Kerres, S. Sanz, M. Mihaescu. On the assessment of
centrifugal compressor performance parameters by theoretical and computational
models. Proceeding of ASME Turbo Expo 2017: Turbomachinery Technical
Conference & Exposition. Paper ID: GT2017-65230, Charlotte, NC, USA, 2017.

E. Sundström, M. Mihaescu, M. Giachi, E. Belardini, V. Michelassi.
Analysis of vaneless diffuser stall instability in a centrifugal compressor. Pro-
ceeding of 12th European Conference on Turbomachinery Fluid dynamics &
Thermodynamics. Paper ID: ETC2017-175, Stockholm, Sweden, 2017.

B. Kerres, S. Sanz, E. Sundström, M. Mihaescu. A comparison of
losses in a 0D/1D radial compressor performance model with numerical data.
Proceeding of 12th European Conference on Turbomachinery Fluid dynamics
& Thermodynamics. Paper ID: ETC2017-350, Stockholm, Sweden, 2017.

E. Sundström, B. Semlitsch, M. Mihaescu. Similarities and differences
concerning flow characteristic in centrifugal compressors of different sizes. Pro-
ceeding of 5th international Conference on Jets, Wakes and Separated Flows
(ICJWSF2015). Stockholm, Sweden, 2015.
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Sharma, R. 2015 Simulations and measurements of automotive turbocharger
compressor whoosh noise. Engineering Applications of Computational Fluid
Mechanics pp. 1–9.

Celik, I. B., Ghia, U., Roache, P. J. et al. 2008 Procedure for estimation and
reporting of uncertainty due to discretization in CFD applications. Journal of
fluids Engineering-Transactions of the ASME 130 (7).

Coddington, E. A. & Levinson, N. 1955 The poincare-bendixson theory of two-
dimenstional autonomous systems. theory of ordinary differential equations. New
York: McGraw-Hill ISBN 0-89874-755-4, 389–403.

Darwish, M. & Moukalled, F. 1994 Normalized variable and space formulation
methodology for high-resolution schemes. Num. Heat Trans. Part B Part B, 26,
79–107.

Demirdzic, I., Lilek, Z. & Peric, M. 1993 A collocated finite volume method
for predicting flows at all speeds. Int. J. for Numerical Methods in Fluids 16,
1029–1050.

84



Bibliography 85

Despres, G., Boum, G. N., Leboeuf, F., Chalet D., C. P. & Lefebvre, A. 2013
Simulation of near surge instabilities onset in a turbocharger. J. of Power and
Energy 227 (6), 665–673.

Dufor, G., Cazalbou, J. B., Carbonneau, X. & Chassing, P. 2008 Assess-
ing rotation/curvature corrections to eddy-viscosity models in the calculations
of centrifugal-compresssor flows. Journal of Fluids Engineering 1 (9), 091401–
091411.

Evans, D. & Ward, A. 2005 Minimising turbocharger whoosh noise for diesel
powertrains. SAE Technical Paper (2005-01-2485).

Farassat, F. 1981 Linear acoustic formulas for calculation of rotating blade noise.
AIAA Journal 19 (9), 1122–1130.

Farassat, F. 2001 Acoustic radiation from rotating blades—the kirchhoff method in
aeroacoustics. Journal of sound and vibration 239 (4), 785–800.

Ferguson, T. 1963 The centrifugal compressor stage. Butterworths.

Ferziger, J. H. & Peric, M. 2012 Computational methods for fluid dynamics.
Springer Science & Business Media.

Ffowcs Williams, J. E. & Hawkings, D. L. 1969 Sound generation by turbulence
and surfaces in arbitrary motion. Philosophical Transactions of the Royal Society
of London A: Mathematical, Physical and Engineering Sciences 264 (1151),
321–342.

Fink, D. A., Cumpsty, N. A. & Greitzer, E. M. 1991 Surge dynamics in a free-
spool centrifugal compressor system. In ASME 1991 International Gas Turbine
and Aeroengine Congress and Exposition, pp. V001T01A010–V001T01A010.
American Society of Mechanical Engineers.

Fureby, C. & Grinstein, F. F. 2002 Large eddy simulation of high-reynolds-number
free and wall-bounded flows. Journal of Computational Physics 181 (1), 68–97.

Gancedo, M., Gutmark, E. & Guillou, E. 2016 Piv measurements of the flow
at the inlet of a turbocharger centrifugal compressor with recirculation casing
treatment near the inducer. Experiments in Fluids 57 (2), 1–19.

Giles, M. B. 1990 Nonreflecting boundary conditions for euler equation calculations.
AIAA journal 28 (12), 2050–2058.

Gonzalez, A., Ferrer, M., De Diego, M., Pinero, G. & Garcia-Bonito, J.
2003 Sound quality of low-frequency and car engine noises after active noise
control. Journal of Sound and Vibration 265 (3), 663–679.

Gravdahl, J. T. & Egeland, O. 2012 Compressor surge and rotating stall: modeling
and control . Springer Science & Business Media.

Greitzer, E. 1976 Surge and Rotating Stall in Axial Flow Compressors, PartI:
Theoretical Compression System Model. Journal of Engineering for Power 98 (2),
190–198.

Guillou, E., Gancedo, M., Gutmark, E. & Mohamed, A. 2012 Piv investigation
of the flow induced by a passive surge control method in a radial compressor.
Experiments in fluids 53 (3), 619–635.

Guzzella, L. & Sciarretta, A. 2007 Vehicle propulsion systems, , vol. 1. Springer.

Haaland, S. 1983 Simple and explicit formulas for the friction factor in turbulent
pipe flow. J. of Fluids Engineering 105 (1), 89–90.

Hellström, F., Gutmark, E. & Fuchs, L. 2012 Large eddy simulation of the



86 Bibliography

unsteady flow in a radial compressor operating near surge. J. of Turbomachinery
134 (5), 1157–1169.

Heywood, J. B. 1988 Internal combution engine fundamentals. McGraw-Hill .

Hoffmann, K. A., SIDDIQUI, S., CHIANG, S. T. & PAPADAKIS, M. 1996
Fundamental equations of fluid mechanics. Engineering Education System.

Jansen, W. 1964 Rotating stall in a radial vaneless diffuser. Journal of Basic Engi-
neering 86 (4), 750–758.

Johsson, J. & Dean, R. 1966 Losses in Vaneless Diffuser of Centrifugal Compressors
and Pumps. Analysis, Experiment and Design. Journal of Engineering for Power
88 (1), 49–62.

Kalinkevych, M. & Shcherbakov, O. 2013 Numerical modeling of the flow in a
vaneless diffuser of centrifugal compressor stage. ISRN Mechanical Engineering
2013.

Kameier, F. & Neise, W. 1997 Rotating blade flow instability as a source of noise
in axial turbomachines. Journal of Sound and Vibration 203 (5), 833–853.

Kämmer, N. & Rautenberg, M. 1982 An experimental investigation of rotating
stall flow in a centrifugal compressor. In ASME 1982 International Gas Turbine
Conference and Exhibit , pp. V001T01A035–V001T01A035. American Society of
Mechanical Engineers.

Karim, A., Miazgowicz, K., Lizotte, B. & Zouani, A. 2013 Computational aero-
acoustics simulation of compressor whoosh noise in automotive turbochargers.
SAE Technical Paper (2013-01-1880).

Kolmogorov, A. N. 1991 The local structure of turbulence in incompressible viscous
flow for very large reynolds numbers. Proc. R. Soc. London A 434, 9–13.

Leduc, P., Dubar, B., Ranini, A. & Monnier, G. 2003 Downsizing of gasoline
engine: an efficient way to reduce co2 emissions. Oil & gas science and technology
58 (1), 115–127.

Lennemann, E. & Howard, J. H. G. 1968 Unsteady flow phenomena in rotating
centrifugal impeller passages. J. Eng. Gas Turbines Power 92 (1), 65–71.

Ljevar, S., De Lange, H. & Van Steenhoven, A. 2006 Two-dimensional rotat-
ing stall analysis in a wide vaneless diffuser. International journal of rotating
machinery 2006.

Lumley, J. L. 1970 Stochastic tools in turbulence. Academic Press 67 (2), 413–415.

Margolin, L. G. & Rider, W. J. 2002 A rationale for implicit turbulence modelling.
International Journal for Numerical Methods in Fluids 39 (9), 821–841.

Mendonça, F., Baris, O. & Capon, G. 2012 Simulation of radial compressor
aeroacoustics using cfd. ASME Paper GT2012-70028.

Menter, F. R. 1993 Zonal two equation k-turbulence models for aerodynamic flows.
AIAA paper 2906, 1993.

Moore, F. K. & Greitzer, E. M. 1986 A theory of post stall transient in axial
compression systems: Part i—development of equations. ASME, J. Engineering
for Gas Turbines and Power 108, 68–76.

Oakes, W. C., Lawless, P. B., Fagan, J. R. & Fleeter, S. 2002 High-speed
centrifugal compressor surge initiation characterization. Journal of Propulsion
and Power 18 (5), 1012–1018.

Paduano, J. D., Greitzer, E. & Epstein, A. 2001 Compression system stability
and active control. Annual review of fluid mechanics 33 (1), 491–517.



Bibliography 87

Pope, S. B. 2000 Turbulent flows. Cambridge university press.

Prandtl, L. 1904 Verhandlungen des dritten internationalen mathematiker-kongresses
in heidelberg. A. Krazer, ed., Teubner, Leipzig, Germany (1905) p. 487.

Raitor, T. & Neise, W. 2008 Sound generation in centrifugal compressors. Journal
of Sound and Vibration 314 (3), 738–756.
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Assessment of the 3D Flow in a Centrifugal
compressor using Steady-State and Unsteady

Flow Solvers
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Numerical analysis methods are used to investigate the flow in a ported-shroud
centrifugal compressor under different operating conditions, i.e. several mass
flow rates at two different speed lines. A production turbocharger compres-
sor is considered, which is widely used in the heavy automotive sector. Flow
solutions obtained under steady-state and transient flow assumptions are com-
pared with available experimental data. The steady-state Reynolds Averaged
Navier-Stokes method is used to assess the overall time averaged flow and
the global performance parameters. Additionally, the Large Eddy Simulation
(LES) approach is employed to capture the transient flow features and the
developed flow instabilities at low mass flow rates near the surge line. The
aim of this study is to provide new insights on the flow instability phenomena
in the compressor flow near surge. Comparison of flow solutions obtained for
near-optimal efficiency and near-surge conditions are carried out. The unsteady
features of the flow field are quantified by means of Fourier transformation
analysis, Proper Orthogonal Decomposition and Dynamic Mode Decomposition.
For a near optimal efficiency set-up the frequency spectra are broad-banded
with no distinct instabilities. Close to the surge line, the spectra show a distinct
surge cycle frequency, which is due to flow pulsation in the compressor. The
modal flow decomposition elucidates a mode occurring at the surge frequency.
The mode explains the oscillating pumping effect occurring during surge. The
surface spectra contours reveal the shape of the pressure pulsation during surge
and support that a pressure gradient occurs with the oscillating modes found
with the modal decomposition.

Introduction

There exist several studies assessing the three-dimensional flow in a centrifugal
compressor using steady-state and transient flow solvers. Precursor to the
present work, the performance of a ported-shroud centrifugal compressor was
predicted numerically under an idealized installation (Hellström et al. 2012),
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Flow instabilities such as Rotating Stall and Surge limit the operating range of
centrifugal compressors at low mass-flow rates. Employing compressible Large
Eddy Simulations (LES), their generation mechanisms are exposed. Towards low
mass-flow rate operating conditions, flow reversal over the blade tips (generated
by the back pressure) causes an inflection point of the inlet flow profile. There,
a shear-layer generates vortical structures circulating at the compressor inlet.
Traces of these flow structures are observed until far downstream in the radial
diffuser. The tip leakage flow exhibits angular momentum imposed by the
impeller, which deteriorates the incidence angles at the blade tips through
an over imposed swirling component to the incoming flow. We show that the
impeller is incapable to maintain constant efficiency at surge operating conditions
due to the extreme alteration of the incidence angle. This induces unsteady
flow momentum transfer downstream, which is reflected as compression wave
at the compressor outlet traveling towards the impeller. There, the pressure
oscillations govern the tip leakage flow and hence, the incidence angles at the
impeller. When these individual self-exited processes occur in-phase, a surge
limit-cycle establishes.
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Centrifugal Compressor: The Sound of Surge
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When a centrifugal compressor operates at low mass flow rates (close to the
unstable operating condition called surge), flow instabilities can develop and
severe flow reversal may occur in the wheel passage. Under such conditions,
noise generation has been reported resulting in a notable discomfort induced to
the passengers in the cabin.

The aim with this study is to predict the flow field associated with a
centrifugal compressor and characterize the acoustic near-field generation and
propagation under stable and off-design (near-surge) operating conditions. The
Large Eddy Simulation (LES) approach is employed. The unsteady features
in the flow field leading to acoustic noise generation are quantified by means
of statistical averaging, Fourier data analysis and flow mode decomposition
techniques. The decomposition method is performed inside the rotating impeller
region for several stable and off-design (including surge and near-surge) operating
conditions. The acoustic near-field data are presented in terms of noise directivity
maps and sound pressure level spectra.

For the near-surge condition an amplified broadband feature at two times
the frequency of the rotating order of the shaft (possible whoosh noise) was
captured. However, an amplified feature around 50% of the rotating order
was captured as well. These features are present also during the investigated
surge operating conditions, but occur at lower amplitudes as compared with
the captured low surge frequency of 43 Hz.

1. Introduction

The acoustic noise generated by centrifugal turbomachinery of Diesel engines has
become a principal concern for the construction design due to the notable discom-
fort induced on the passengers, see Broatch et al. (2015) and da Silveira Brizon
& Medeiros (2012). The acoustic noise generation on the compressor side of
the turbocharger becomes a challenge, especially during compressor off-design
operating conditions at low mass flow rates, see Wenzel (2006). Under such
circumstances, the engine noise is inherently diminished, and does not mask
the turbocharger noise at such operating conditions, which becomes therefore
distinctively audible, as studied by Gonzalez et al. (2003). In the resent years in
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compressors

Elias Sundström1 and Bernhard Semlitsch2 and
Mihai Mihăescu1
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Rotating stall and surge are flow instabilities contributing to the acoustic noise
generated in centrifugal compressors at low mass flow rates. Their acoustic
generation mechanisms are exposed employing compressible Large Eddy Simu-
lations (LES). The LES data are used for calculating the dominant acoustic
sources emerging at low mass flow rates. They give the inhomogeneous character
of the Ffowcs Williams and Hawkings (FW-H) wave equation. The blade loading
term associated with the unsteady pressure loads developed on solid surfaces
(dipole in character) is found to be the major contributor to the aerodynamically
generated noise at low mass flow rates. The acoustic source due to the velocity
variations and compressibility effects (quadrupole in character) as well as the
acoustic source caused by the displacement of the fluid due to the accelerations
of the solid surfaces (monopole in character) were found to be not as dominant.
We show that the acoustic source associated with surge is generated by the
pressure oscillation, which is governed by the tip leakage flow. The vortical
structures of rotating stall are interacting with the impeller. These manipulate
the flow incidence angles and cause thereby unsteady blade loading towards the
discharge. A low-pressure sink between 4 and 6 o’clock causes halving of the
perturbation frequencies at low mass flow rates operating conditions. From two
point space-time cross correlation analysis based on circumferential velocity in
the diffuser it was found that the rotating stall cell propagation speed increases
locally in the low pressure zone under the volute tongue. It was also found that
rotating stall can coexist with surge operating condition, but the feature is then
seen to operate over a broader frequency interval.

1. Introduction

Downsized reciprocating internal combustion engines (ICE) in combination
with turbocharging play an important role increasing the energetic efficiency

165



Paper 5

5





Evaluation of Centrifugal Compressor
Performance Models using Large Eddy

Simulation Data

Elias Sundström1, Bertrand Kerres2 and Mihai Mihăescu1
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Zero-dimensional (0D) compressor performance models, which consist of several
sub-models for different loss terms, are useful tools in early design stages. In this
paper, one typical model for centrifugal compressors is evaluated by comparing
the loss-terms predicted by the model to data extracted from experimentally
validated Large-Eddy-Simulation. The simulations were run on a truck-sized
turbocharger compressor with a ported shroud and a vaneless diffuser. Four
operating points are considered: One mass flow at design conditions and one
mass flow close to surge, on two speedlines. The performance prediction models
evaluated are impeller incidence loss, impeller skin friction loss, diffuser skin
friction loss, and the tip clearance loss. Results show that the total losses are well-
predicted by the model at design conditions. Friction losses are approximately
independent of mass flow in the LES data, while the 0D model assumes a
quadratic increase. The assumption of constant tip clearance loss is validated
by the LES data, and the impeller incidence loss model also fits the data well.
Due to the ported shroud, most of the losses as calculated by entropy increase
occur through iso- baric mixing at the impeller inlet.

191



Paper 6

6





Analysis of vaneless diffuser stall instability in a
centrifugal compressor
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Numerical simulations based on the Large Eddy Simulation approach were
conducted with the aim to explore vaneless diffuser rotating stall instability in
a centrifugal compressor. The effect of the impeller blade passage was included
as an inlet boundary condition with sufficiently low flow angle relative to the
tangent to provoke the instability and cause circulation in the diffuser core flow.
Flow quantities, velocity and pressure, were extracted to accumulate statistics
for calculating mean velocity and mean Reynolds stresses in the wall-to-wall
direction. The paper focuses on the assessment of the complex response of the
system to the velocity perturbations imposed, the resulting pressure gradient
and flow curvature effects.

Nomenclature

Cp pressure coefficient 2
γM2

ref
( P
Pref

− 1)

Pref reference pressure at the inlet [Pa]
Mref reference Mach number at the inlet [-]
r, θ, z cylindrical coordinates defined in Fig. 1
m,n meridional and wall normal coordinates defined in Fig. 1
Ur, Uθ, Um mean radial, tangential and meridional velocities [m/s]
Utip blade tip velocity [m/s]
u�
r, u

�
θ, u

�
m radial, tangential and meridional fluctuating velocities [m/s]

fIMP , fBPF impeller angular velocity and blade passing frequency [Hz]
N number of rotating flow cells or number of grid points
b diffuser channel width at the inlet radius R2 [m]
R2 diffuser inlet radius [m]
χ blade-to-blade stagger angle [radian]

1. Introduction

Ideally, for an efficient design the centrifugal compressor provides a steady fluid
flow at an elevated pressure with minimal losses. However, the performance of
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