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ABSTRACT 
Turbomachinery in its various applications form the principal prime mover 
in the energy and aviation industries. Any improvement to this vast fleet of 
machines has the potential of significant impact on global emissions. Areas 
identified to benefit from continued research are the topics of flow mixing 
and cooling. These are topics inherent in stationary gas turbines and jet 
engines due to the hot gas flows utilized. Cooling is achieved through 
injection of cold air in critical areas and thereby ensuring safe operation. 
The cooling however comes at a cost. On the cycle level this flow requires 
power to be compressed to the appropriate pressure, but does not 
contribute to the cycle output. In addition, the injection itself reduces the 
output power due to the losses associated with the mixing process.  

The purpose of this work is to simultaneously investigate the beneficial 
cooling effects and the detrimental mixing effects in order to find the 
amount of sacrifice necessary to obtain a certain benefit. All benefits are 
however not believed to require a sacrifice. If the impact of the cooling on 
the main flow is well understood, the design may be adjusted to take this 
impact into account and thereby minimize it. This methodology is aimed at a 
certain cooling flow termed the cavity purge flow, which is used to purge the 
wheelspace upstream of a high pressure turbine rotor from any hot main 
flow gas.  

The study is centered to a turbine testing facility allowing detailed flow 
measurements in a rotating turbine stage under the influence of the cavity 
purge flow. The turbine stage used for the investigation is a low degree of 
reaction high pressure axial turbine. Here, general performance is 
quantified by measurement of the output torque. Flow details are quantified 
through pneumatic probes, and cooling performance is predicted through 
gas concentration measurements.  

Results show the tradeoff and interrelatedness between turbine efficiency 
and cooling performance both in the wheelspace and in the main flow path. 
The flow is measured in detail, quantifying the effects to be expected when 
subjecting a turbine stage to a certain amount of purge flow. The 
quantitative results for the investigated stage show an efficiency penalty of 



1.2 percentage points for each percentage point of added purge flow in 
terms of massflow ratio. This simultaneously leads to a cooling effectiveness 
increase by about 40 percentage points. The subsequent local impact on 
flow parameters downstream of the rotor is of the order of 2° altered 
turning and a Mach number delta of 0.01. These changes are seen as 
increased turning and reduced flow velocity at low span, and vice versa 
around mid-span. The influence of operating point on these results is 
highlighted in the work. It has also been shown that a flow bypassing the 
rotor blading may be beneficial in certain cases to cool areas downstream. 

This combined knowledge may be used to design turbines with as low 
amount of cooling as possible while maintaining safe operation. The 
detrimental effect of the remaining cooling may be minimized with the 
knowledge of how the flow is affected, allowing to take the impact into 
account in design. Through this, stage performance is optimized 
aerodynamically, mixing losses are reduced, and the cycle output is 
maximized due to the removed compression work of unnecessary cooling 
flows. The combination may be used to provide a significant benefit to the 
turbomachinery industry and reduced associated emissions.  

Keywords: turbomachinery; axial turbine; cavity purge; purge flow; 
wheelspace; rim seal; spanwise transport; radial transport; effectiveness; 
cooling; efficiency 



SAMMANFATTNING 
Strömningsmaskinen i dess olika variationer bildar den främsta drivmotorn 
inom kraftproduktion och flygindustrin. En förbättring av denna väldiga 
maskinpark har potentialen till betydande inverkan på globala utsläpp. 
Områden som identifierats kunna dra nytta av vidare forskning är 
ombandningsprocesser och kylning. Dessa områden är inneboende i 
stationära gasturbiner och jetmotorer på grund av de heta gaser som 
används. Kylning uppnås genom injektion av kall luft i kritiska områden och 
försäkrar därmed säker drift. Kylningen kommer dock till en kostnad. På 
cykelnivå krävs arbete för att komprimera flödet till korrekt tryck. 
Dessutom medför injektionen i sig förluster som kan härledas till 
omblandningsprocessen.  

Syftet med detta arbete är att samtidigt undersöka de fördelaktiga 
kylegenskaperna som nackdelarna med inblandning för att på så sätt 
bestämma den uppoffring som måste göras för en viss kylning. Alla 
förbättringar tros dock inte behöva föregås av en uppoffring. Om påverkan 
av kylningen på huvudflödet är välförstådd kan designen justeras för att ta 
hänsyn till denna förändring och minimera inverkan. Denna metodologi 
riktar sig mot ett särskilt kylflöde, kavitetsrensningsflödet, som har till 
uppgift att avlägsna het luft från den kavitet som uppkommer uppströms 
rotorskivan i ett högtrycksturbinsteg.  

Studien kretsar kring en turbinprovanläggning som möjliggör detaljerade 
strömningsmätningar i ett roterande turbinsteg under inverkan av 
kavitetsrensningsflödet. Högtrycksturbinsteget som används för 
undersökningen är av låg reaktionsgrad. Här kvantifieras generell prestanda 
genom mätning av vridmomentet på utgående axel. Flödesfältet kvantifieras 
med pneumatiska sonder, och kylningsprestandan predikteras genom 
gaskoncentrationsmätningar.  

Resultaten visar avvägningen och sambandet mellan turbinverkningsgrad 
och kylning i kavitet samt huvudkanal. Flödet mäts i detalj, och de effekter 
som kan förväntas uppkomma då ett turbinsteg utsätts för en viss mängd av 
kylflödet kvantifieras. De kvantitativa resultaten för det undersökta steget 
visar på en förlust i verkningsgrad på 1.2 procentenheter för varje 



procentenhet av kavitetsrensningsflödet i termer om 
massflödesförhållande. Samtidigt ses kyleffektiviteten öka med 40 
procentenheter. Den lokala inverkan på flödesfältet nedströms rotorn för 
det undersökta steget är 2° i flödesvinken och en ändring på 0.01 i 
Machnummer för varje procentenhet av kylflödet. Dessa ändringar ses i 
form av ökad omlänkning och reducerad hastighet nära hubben, och vice 
versa omkring halva spännvidden. Inverkan av aktuell driftpunkt 
understryks genom arbetet. Det har också visats att ett läckage som 
kringgår rotorbladen i vissa kan fall ge fördelaktig kylning i områden 
nedströms.  

Denna kombinerade kunskap kan användas för design av turbiner med så 
låg mängd kylning som möjligt samtidigt som säker drift bibehålls. Den 
negativa inverkan av den återstående kylningen kan minimeras genom 
kunskapen om hur flödesfältet påverkas. Genom detta optimeras 
stegverkningsgraden aerodynamiskt, omblandningsförluster minimeras, 
och cykeleffekten maximeras genom det minskade kompressionsarbetet till 
följd av de reducerade kylmängderna. Kombinationen kan ge en betydande 
förbättring för turbinindustrin och minskade utsläpp. 

Nyckelord: strömningsmaskiner; axialturbin; kavitetsrensningsflöde; 
kavitetsflöde; tätkant; spännviddsvis transport; radiell transport; 
effektivitet; kylning; verkningsgrad 
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NOMENCLATURE 
Symbol Description Unit Definition 
a wheelspace axial clearance m  
b disc radius m  
c absolute flow velocity m/s  
F force N  
G wheelspace gap ratio - Eq. 5-19 
Gs seal clearance gap ratio - Eq. 5-22 
h enthalpy J/kg  
m mass kg  
p pressure Pa  
q purge massflow ratio -  
r radius m  
s seal clearance m  
t time s  
U mean seal flow velocity m/s Eq. 5-25 
u rotor blade speed m/s  
W specific work J/kg  
w relative flow velocity m/s  
    
α absolute flow angle deg  
β relative flow angle deg  
β swirl ratio - Eq. 5-20 
Γc ratio of seal discharge coefficients -  
γ seedgas concentration %mass  
ε seal effectiveness - Eq. 5-26 
η isentropic efficiency - Eq. 5-10 
θ tangential angle rad  
κ ratio of specific heats  -  
Λ degree of reaction - Eq. 5-7 
μ dynamic viscosity Pa s  
π pressure ratio -  
ν isentropic velocity ratio - Eq. 5-9 
ρ density kg/m3  
τ torque Nm  
Φ non-dimensional cavity flow - Eq. 5-23, 5-24 
ϕ flow coefficient - Eq. 5-5 
ψ stage loading - Eq. 5-6 
Ω rotor angular velocity rad/s  
 



Subscripts Description Unit Definition 
0 purge flow    
0 total condition   
1,2,3 axial station   
EI externally induced ingestion   
i ingested flow   
s stator   
stat static condition   
RI rotationally induced ingestion   
tot total condition   
x axial direction   
θ tangential direction   
    
Abbreviations    
Cm Moment coefficient - Eq. 6-6 
Cp Pressure coefficient -  
cp Heat capacity over constant 

pressure 
J/(kgK)  

Cw Non-dimensional cavity flow -  Eq. 5-21 
Re Reynold's number -  
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1 Introduction 

1 INTRODUCTION 
The background and previous research of cavity purge flows in high 
pressure turbines is coming from two directions. This is a system consisting 
on the one hand of a cavity of one rotating and one stationary wall. This 
system is then connected to a turbine annulus via a rim seal, as exemplified 
in Figure 1. Viewing the field from each of the proposed research paths, the 
first and most fundamental flow problem of the two is the flow induced by 
the rotation of a disc.  

 

 

Figure 1: Cross-section of turbine stage with main annulus flow (red) and cavity purge 
flow (blue) interacting at the rim seal, connecting the two domains of investigation.    

1.1 ROTATING DISC FLOW 
With a free disc spun in a surrounding infinite fluid, boundary layers are 
developed on its surface due to the viscous nature of the fluid. The boundary 
layer is characterized by a velocity gradient as function of distance to the 
surface. At the surface, the fluid is coupled to the disc movement in a so-
called non-slip condition. 
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Due to the disc introducing a velocity to the fluid through the boundary 
layer, a characteristic macro scale flow structure develops around a rotating 
disc. At disc surface the flow velocity is equal to the local disc velocity. 
However, moving away from the disc normal to its surface, the non-slip 
condition is no longer valid. Due to the centrifugal effect of the rotation, the 
fluid is here thrown radially away from the disc, in combination with and 
due to the rotational velocity component. This effect, referred to as the disc 
pumping effect, is largest at the disc periphery since it features the highest 
local rotational velocity. Since there is a net radial outflow close to the disc 
surface, this flow must be compensated for to satisfy the conservation of 
mass, leading to an inflow in the axial direction toward the disc.  

In the engineering application a disc is rarely found rotating without 
adjacent obstructions. In this work, featuring rotating discs in the 
turbomachinery application, discs are found rotating in enclosed 
environments. Typically, rotating and stationary discs are found in 
alternating sequence, as shown in Figure 1. The system of a rotating disc 
opposite to a static disc, or other static surface, alters the flow structure 
compared to a free disc. The axial flow necessary to compensate the radial 
outflow through disc pumping is now obstructed. Flow is instead pulled into 
the system radially on the static side, and expelled on the rotating side.  

Depending on the distance between the two surfaces in relation to rotating 
speed and fluid viscosity, the flow structure is defined. If the surfaces are 
comparatively far apart, an inviscid rotating fluid core is developed in the 
axial center of the space. On each of the surfaces, isolated boundary layers 
are developed. The radial flow associated with disc pumping takes place in 
the boundary layers rather than in the core. The core is instead dominated 
by axial flow toward the rotating disc and tangential flow velocity increasing 
linearly with radius as a forced vortex with a certain angular velocity 
compared to the rotating disc. If, on the other hand, the discs are close to 
each other, the mentioned boundary layers will merge, and no inviscid core 
will be present.  

1.2 TURBINE MAIN ANNULUS FLOW 
The other research branch, or rather joining river in this approach, is not as 
basic as that of the wheelspace flow but governed by the same physical 
principles, and despite its less fundamental nature, subject of study for a 
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much longer time compared to the rotating disc. This refers to the turbine 
main annulus flow. A turbine is a device for extracting work from a moving 
fluid by changing of the fluids angular momentum.  

To obtain a change of fluid flow direction, a force must be applied. This force 
is then countered by an equal magnitude, oppositely directed force on the 
object producing this change. The object in this case is a rotor blade, and 
mounting it on the periphery of a rotor disc, connected to a shaft, allows this 
change of angular momentum to be harnessed to a useful shaft torque.  

Through centuries humanity has developed and used rotating constructions 
to harness energy from moving fluids. These may vary greatly in appearance 
depending on both the flow and fluid characteristics, where two modern 
and highly evolved turbine types are represented by the alternating stator 
vanes and rotor blades present in gas and steam turbines, and subject of this 
study. Compared to other turbine applications, such as wind turbines, these 
are placed in a work cycle; where the working fluid in question is pretreated 
to achieve appropriate conditions in order to later through the turbine 
extract the exact amount of energy required. Conditioning is done through 
temperature and pressure increase. After the turbine, the fluid is 
reconditioned in the closed cycle case, or exhausted in case of an open cycle.  

Steam and gas turbines (henceforth referred to as turbines) operate with 
flow conditions different to the surroundings and must therefore be 
encapsulated.  

Stator vanes work to accelerate and redirect the flow, while rotor blades 
capture the directed flow in the rotating frame, turn and possibly continue 
its acceleration. This produces a net force on the blade surface in the 
direction of rotation, resulting in the shaft torque. The combination of the 
stator and rotor is referred to as a stage, and may be followed by multiple 
subsequent stages. The radial boundaries of the main annulus are referred 
to as hub and casing, being the lower and upper limit respectively. An 
example is shown in Figure 1.  

The exchange between fluid energy and mechanical energy is never perfect, 
mainly since losses are induced as the fluid is directed through the turbine 
stage. The amount of useful energy obtained may be compared to a 
corresponding ideal process to quantify the performance of the stage. The 
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common ideal process used is the isentropic process, where entropy is a 
measure of fluid energy lost which cannot be used, and the isentropic 
process refers to a process where no such waste occurs. The isentropic 
efficiency is the relation between the real and ideal process, and used to 
acquire a numeric value of how well the turbine is performing in the current 
operating condition. The flow may however also be studied in greater detail, 
identifying where entropy is generated, and thereby why the real process is 
diverting from the ideal.  

Entropy is generated due to viscous effects in boundary layers and mixing 
regions. Strong velocity gradients such as shock waves also give sudden 
increase in entropy as well as temperature gradients.  

Given the configuration of a turbine, where the flow is diverted 
mechanically through the fixed stator and moving rotor, along with the 
radial limits of the hub and casing, boundary layers will form on these 
surfaces, leading to an inherent loss, which to a certain degree may be 
minimized through the reduction of the wetted surface area, but not 
eliminated.  

The combination of flow turning and the boundary layer velocity gradients 
has the additional effect of causing losses associated whirls or vortex 
structures. These lead to mixing of the low velocity regions with regions of 
high velocity. This mixing process increases the entropy generation 
considerably compared to the case where boundary layers are maintained 
on the surfaces. The losses are often referred to as secondary flow losses 
and typically represent about one third of the entropy generation in a 
turbine stage.  

As mentioned, the study of the flow through the described stages represents 
the other side of this investigation. 

1.3 MAIN ANNULUS-CAVITY INTERACTION 
The wheelspace is a cavity which appears in turbomachinery radially below 
the hub, between rotor and stator, shown in Figure 1 where the purge flow 
is traveling. The cavity geometry may vary in different applications. If there 
is a desire of designing a lightweight machine the discs will be slender, 
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resulting in an axially larger cavity which varies through radius. In other 
cases, a cavity of constant axial gap may be used.  

The general strive is to limit the fluid exchange between cavity and main 
annulus. Due to the elevated main annulus temperature in the high pressure 
gas turbine, the disc pumping effect would also increase the cavity 
temperature. This should be prevented to limit the use of active cooling and 
exotic materials, which have a detrimental performance and cost impact 
respectively. On the other hand, in order to allow for the difference in 
motion, a certain clearance is necessary between the rotating and stationary 
frame. Rubbing must not occur due to the resulting wear and subsequent 
equipment failure. Clearances must account for material thermal expansion 
and manufacturing tolerances. Due to the inherent gaps between rotor and 
stator, a fluid exchange does occur between the wheelspace and the main 
annulus flow. Flow into and out of the cavity is referred to as ingress and 
egress respectively. 

With the desire to limit the fluid exchange between the main annulus and 
cavity, a rim seal is commonly introduced. The rim seal is placed in the hub 
region, either on stationary or rotating side, protruding toward the opposite 
side. There are numerous different possible rim seal configurations, with 
the double objective of limiting the main flow ingress, as well as reducing 
the egress impact on main annulus performance.  

The last measure to limit the heat transfer to the cavity from the main 
annulus is the superposed purge flow. This is an external flow of 
comparatively low temperature, injected into the cavity typically close to 
the machine shaft. The cavity purge flow replaces and suppresses potential 
ingress that otherwise would be harmful for the machine.  

As a purge flow is injected into the cavity to ensure a local temperature 
within safe limits, a flow must also exit the cavity. This flow is typically 
exiting through the rim real as a corresponding increase to the egress. This 
flow exiting the cavity into the main flow channel has a negative impact on 
the turbine efficiency. As this flow is of lower velocity compared to the main 
annulus flow, a shear mixing occurs between the two flows, leading to 
entropy generation. This is dominant downstream of the stator, where care 
has been devoted to accelerating the main flow to homogeneous velocity to 
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produce the maximum possible amount of work on the rotor blades. The 
cavity flow is added to the boundary layer, thickening it. The thicker 
boundary layer then also strengthens the secondary vortex structures as the 
flow is turned through the rotor.  

The act of using a purge flow is also associated with a performance decrease 
regardless of its later mixing into the main flow. This is on the 
thermodynamic cycle level, where work must be sacrificed in pressurizing 
the purge flow to the appropriate level. As it is inherently of low 
temperature, it cannot contribute to the overall work output in any extent 
over the work required for the compression. 

If the sealing clearance is small enough, a superposed purge flow will 
produce a pressure difference across the seal. The pressure difference will 
be radially negative, which then can be modelled as an orifice. The rim seal 
serves as a boundary between the two domains of investigation.  
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2 THESIS OUTLINE 
This dissertation is a compilation thesis based on the work presented in five 
scientific papers. In section 3 Research Outline, the motivation, objectives 
and limitations of the study are given. In section 4 Summary of Appended 
Papers, a list of the papers is given, with a short description of the specific 
aspects investigated in each of them. The paper numbering is used 
consistently when referring to the papers throughout this thesis.  
Section 5 Theory introduces the topic of study, which is regarded as the two 
separate domains of the turbine main annulus flow and the cavity flow, with 
the interface between the two formed by the rim seal. While the section 
arrives to the current state of the art, the reader is directed to the appended 
papers for a more comprehensive statement of previous research in each of 
the separate investigations. Section 6 Method outlines the methods and 
instrumentation used through the work, with a statement on the 
measurement uncertainty. Again, the reader is referred to the papers for the 
detailed application of the instrumentation for each case.  
Through section 7 Results, the intention is to provide an amendment to 
specific papers where the results have been influenced by recent 
improvements to the experimental method. In section 8 Discussion, 
references are made to the appended papers and the interrelatedness of the 
investigated aspects is elaborated, categorized according to the list of 
objectives. Section 9 Conclusions summarizes the general outcomes 
obtained through this work and assesses the objectives given below.  



 

Page | 8  
3 Research Outline 

 

3 RESEARCH OUTLINE 

3.1 MOTIVATION 
The connection between global greenhouse gas emissions and climate 
change is clear. [1] While emissions of greenhouse gases should be reduced, 
natural gas as an energy source has a role in the transition to a sustainable 
global society. [2] The use of natural gas, including unconventional gas, in 
gas turbine power plants, has the ability to decarbonize the energy sector by 
replacing carbon-intensive fuels like coal. Being the fastest growing fossil 
fuel, predictions show a demand similar to coal and oil in 2040. [3] Another 
advantage with the change of fuel is the direct impact on global health 
through reduced air pollution. Compared to solid and liquid fuels, natural 
gas offers lower emissions of sulfur dioxide, nitrous oxides and particles. [4]  

The advantage of the gas turbine cycle in the transition to sustainable power 
generation, apart from the ability to operate on renewable energy or natural 
gas, is mainly the possibility of high efficiency or flexibility. [5] Modern 
combined-cycle power plants are now exceeding 60% efficiency, close to the 
theoretical maximum, ensuring that each ton of fired natural gas provides as 
large amount of generated electricity as possible. The traditional single cycle 
gas turbine has also seen improvements in efficiency, but here the main 
advantage is the flexibility. With the short startup times, peak demands may 
be covered and intermittent renewable energy may be integrated into the 
energy system.  

The aviation industry, while smaller than the power sector, has the 
equivalent impact on global emissions as one of the top ten emitting 
countries and is growing rapidly, highlighting the importance of 
improvements in this industry as well. [6] With fewer alternatives of energy 
supply, mainly due to the requirement of high power density of both the fuel 
and the engines, the two clear trends here are increased efficiency through 
higher by-pass ratios and increased turbine inlet temperatures as shown by 
Birch [7]. The second also applies to stationary gas turbines, and requires 
well optimized cooling in order to provide any advantage.  
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This work focuses on increased efficiency, leading to reduced fuel 
consumption and emissions regardless of the origin of the fuel used, be it 
fossil or renewable. With reduced consumption, aviation range may also be 
extended and fuel transport reduced. Improved temperature prediction is 
used to improve component lifetime prediction and will thereby allow more 
reliable operation and design allowing longer component life without 
extensive safety factors, as seen through the development of the gas turbine 
as elaborated by Koff [8]. With longer component life, service intervals may 
be extended, improving the utilization of the equipment. The maintenance 
infrastructure may thereby be reduced, increasing profitability.  

To allow this, the aspect of examination is the purge flow's impact on the 
overall turbine efficiency. These results may be compared to loss prediction 
models to determine their ability to quantify the detrimental effect of purge 
injection and whether they need modification. Accurate performance 
prediction is crucial in design of new turbines to guarantee the desired 
performance undertaken toward the customer without providing additional 
expensive performance margins. The performance impact may also be 
studied in detail by examining the flow field and how it is influenced. A 
quantitative and qualitative understanding of the impact on flow field may 
effectively be used to design turbine stages for improved performance while 
subjected to purge flow.  

The purge flow's impact on temperature distribution throughout the turbine 
stage is crucial and may be studied inductively by examining the coolant's 
concentration distribution. The concentration distribution may be derived 
to the temperature and knowledge of the behavior together with the impact 
on efficiency allows for determining of a specific necessary quantity of 
coolant to obtain safe operating conditions at a certain turbine operating 
point, and how this quantity will affect the turbine performance.  

Purge flow concentration may be evaluated in the wheelspace, which is the 
area it has the purpose to ensure is maintained at desired temperature.  The 
concentration of purge flow in the main flow path is also of interest in order 
to evaluate any cooling optimization opportunities in this area. In the main 
flow path, the connection between the area-resolved flow field impact and 
the area resolved concentration may be used to draw general conclusions 
on the influence of the purge flow on the flow field.  
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3.2 OBJECTIVES  
The overall objective of the work is to provide a knowledge foundation of 
the impact of purge flow, beneficial and detrimental effects alike, on a 
turbine stage. The intended use of the foundation is to improve turbine 
efficiency and temperature prediction. This will ultimately allow for a more 
sustainable and profitable gas turbine industry both in terms of land based 
power generation and for the engines providing the foundation to the 
aviation industry.  

Turbine stage design with purge flow consideration may be envisioned as 
follows. First, the required operating points should be predicted. For a base 
aerodynamic design obtained through conventional tools, each operating 
point requires a certain amount of purge flow, which should be determined. 
An iteration may be initiated as the stage is modified aerodynamically for 
the certain purge flow amount at each operating point. A weighting is 
necessary to ensure that the design with the overall largest benefit on the 
expected operating envelope is chosen. The process may be reinitiated with 
the redesigned stage. When a redesign does not result in significant 
performance increase, it may be concluded that the optimum is obtained. 

Four topics have been identified to depend on purge flow injection. The 
quantification of each of them and their interrelatedness leads to the 
following objectives: 

· Quantify how the efficiency of a representative turbine stage depends 
on the amount of purge flow used at various operating points compared 
to current prediction models. 

· Visualize how injection of purge flow upstream of a turbine rotor affects 
the main annulus flow field of a subsequent stage. 

· Quantify the rim seal performance and cavity flow system for a cavity-
rim seal arrangement for different operating speeds and how it 
correlates to the corresponding efficiency decrease. 

· Quantify the cooling ability of the purge flow in the main annulus to 
determine potential main annulus cooling optimization opportunities. 

3.3 LIMITATIONS 
This investigation is centered to a certain research rig and turbine stage. 
While various operating points and purge rates have been studied, different 
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turbine designs have not. The investigated design features an axial flow, low 
degree of reaction, high pressure turbine stage. The stage is also 
characterized by axisymmetric endwall contouring through the stator and a 
shrouded rotor with a 15° hade angle. The wheelspace of investigation, 
upstream of the rotor, is comparatively narrow, and separated from the 
main annulus with a characteristic chute seal geometry protruding from the 
stator side at hub level. Other cavities are also subject to risk of ingested hot 
gas. However, the selected cavity is crucial, as it is the first wheelspace 
encountered by the hot flow. After the first rotor, power is extracted from 
the flow and the temperature reduced. Further, at the interface between 
stator and rotor, the flow velocity is higher than downstream of the rotor, 
making the selected area sensitive to injected purge flow. No additional 
cooling apart from the purge flow is provided during operation, and hence 
the interaction between distinct cooling flows is not investigated. 

Temperature gradients have been disregarded when evaluating cooling 
effectiveness, which is instead done through gas tracing based on 
methodologies of previous researchers. This also removes the parameter of 
density gradients. While the structural integrity of the components is the 
ultimate issue of interest, this study results in the coolant concentration. 
The information must be further analyzed to obtain predicted lifetime in the 
engineering application. 
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4 SUMMARY OF APPENDED PAPERS 
PAPER I: TEST TURBINE INSTRUMENTATION FOR CAVITY PURGE 
INVESTIGATIONS 
J. Dahlqvist, J. Fridh, T. H. Fransson 
The XXII Symposium on Measuring Techniques in Turbomachinery, Lyon, 
France 2014 

The paper introduces the test equipment utilized in the investigation, 
and specifically the instrumentation upgrade done in order to 
perform the measurements throughout the work. 

PAPER II: EXPERIMENTAL FLOW AND PERFORMANCE 
INVESTIGATIONS OF CAVITY PURGE FLOWS IN A HIGH PRESSURE 
TURBINE STAGE 
J. Dahlqvist, J. Fridh 
The 11th European Conference on Turbomachinery, Madrid, Spain 2015 

The paper investigates general performance of a turbine stage as 
purge flow is applied at two distinct operating pressure ratios. 
Different correlations for estimating the efficiency penalty with 
respect to purge rate are applied. Further, the behaviors of 
correlations used to predict the onset of hot-gas ingestion are 
compared to the pressure variation across the rim seal. 

PAPER III: EXPERIMENTAL INVESTIGATION OF TURBINE STAGE FLOW 
FIELD AND PERFORMANCE AT VARYING CAVITY PURGE RATES AND 
OPERATING SPEEDS 
J. Dahlqvist, J. Fridh 
The 61st ASME Turbo Expo: Turbomachinery Technical Conference and 
Exposition, Seoul, South Korea 2016, GT2016-57735, accepted for publication 
in Journal of Turbomachinery 

The paper covers detailed flow field measurements coupled to 
efficiency measurements of a high pressure turbine. The flow field 
measurements are used to study the variation of outlet flow condition 
as purge flow is supplied upstream of the rotor. The dependency of 
both purge rate and operating speed is visualized. Measurements are 
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done over a series of operating speeds. The efficiency penalty is 
compared to entropy based mixing loss predictions.  

PAPER IV: SEEDGAS INVESTIGATION OF TURBINE STAGE AND SEAL 
PERFORMANCE AT VARYING CAVITY PURGE RATES AND OPERATING 
SPEEDS  
J. Dahlqvist, J. Fridh 
The 62nd ASME Turbo Expo: Turbomachinery Technical Conference and 
Exposition, Charlotte NC, USA 2017, GT2017-64295 

The paper investigates the performance of the rim seal and the 
amount of main flow ingested into the cavity at varying purge rates 
and operating speeds. Each operating point is also quantified in terms 
of efficiency, allowing the connection between seal performance and 
stage efficiency. Orifice equations developed for seal performance 
prediction are successfully applied, together with the visualization of 
the purge flow transport in the main annulus.  

PAPER V: PURGE FLOW IMPACT ON TURBINE STAGE AND SEAL 
PERFORMANCE AT VARYING CAVITY PURGE RATES AND OPERATING 
SPEED  
J. Dahlqvist, J. Fridh 
Submitted to International Journal of Turbomachinery Propulsion and Power 
 

The paper ties together the purge flow's sealing ability of the 
upstream wheelspace with the impact on efficiency and adds a 
pitchwise component of investigation in the seal. Further, the 
important relation between the area-distribution of the purge flow 
downstream of the rotor and the area-resolved flow parameters is 
studied, together with the influence by purge flow injection rate. The 
investigation is performed at two operating speeds and a range of 
purge flow rates.  

4.1 AUTHOR CONTRIBUTION 
The defendant and main author of all the papers conceived and designed the 
experiments, performed the experiments, analyzed the data and wrote the 
papers under supervision of J. Fridh. T. Fransson acted as reviewer for 
Paper I.  
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5 THEORY 

5.1 AXIAL TURBINE  

5.1.1 OPERATING PRINCIPLE 
Central in this study is the axial turbine, where alternating stator and rotor 
discs are equipped with nozzle guide vanes and rotor blades respectively. 
The high pressure incoming flow is directed through these aero profile 
geometries to convert the fluid energy to useful shaft torque. The lower 
radial limit of the profiles is known as the hub, while the upper limit is 
known as the casing, forming a main annulus for the flow. A schematic radial 
view of a turbine stage may be appreciated in Figure 2, with vertical shaft 
direction, and flow from top to bottom. The stator and rotor profiles are 
shown as two-dimensional cross-sections, together with the oncoming and 
exit flow velocity vectors, at a certain representable radial level.  

 

Figure 2: Schematic Radial View of Turbine Stage. Adapted from [9]. 
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Absolute velocities are denoted as c, with the flow angle with respect to the 
axial direction shown as α. Observing from the moving rotor frame of 
reference, perceived relative velocities are denoted as w, with the flow angle 
β. The example shows a commonly occurring repeating stage, identified by 
equal velocity vectors at inlet and outlet, allowing the use of a subsequent 
stage downstream, with the same profile geometries.  

The stator vane's purpose to accelerate the flow is here seen, as the c2 
magnitude exceeds c1. This is predominately done through redirecting the 
flow from axial to the tangential direction and thereby reducing the flow 
area. To satisfy continuity, the constriction leads to the increased velocity.  

The rotor blades, moving with velocity u, are designed to meet the oncoming 
flow in the relative frame, here seen as the relative flow vector being aligned 
to the rotor profile. Through the rotor, the flow is redirected much like in 
the stator, producing an exit velocity vector which, when returning to the 
stationary frame, is aligned to a subsequent stator.  

The energy extracted from the flow is here visualized as the change of 
tangential flow velocity through the rotor. According to Newton's second 
law of motion, the rate of change of momentum of a mass is equal to the sum 
of forces acting on it (Eq. 5-1).  

 � �⃗� =
𝑑
𝑑𝑑

(𝑚𝑐) 5-1 

 

This shows that the flow is experiencing a force through both stator and 
rotor, proportional to the velocity change, if the massflow is assumed 
constant. The profiles, hence, experience a reaction force. However, since 
the rotor is mounted on a shaft, the force component in the rotational 
direction is a useful torque. The power output is quantified by applying Eq. 
5-1 to the rotational direction (subscript θ), assuming steady massflow, 
giving Eq. 5-2. 

 𝜏 = �̇�(𝑟3𝑐3𝜃 − 𝑟2𝑐2𝜃) 5-2 
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The force at the given radial location results in the torque τ around the shaft. 
Identifying u as the product between angular velocity and radial location, 
the equation may be rewritten as Eq. 5-3.  

 𝜏Ω = �̇�(𝑢3𝑐3𝜃 − 𝑢2𝑐2𝜃) 5-3 
 

Since the product of angular velocity and torque is the shaft power, this 
shows that the specific work extracted through the rotor is given by Eq. 5-4, 
where the sign has been changed to reflect a positive work being extracted 
from the fluid, known as Euler's turbine equation.  

 𝑊 = 𝑢2𝑐2𝜃 − 𝑢3𝑐3𝜃 = ℎ01 − ℎ03 5-4 
 

This is also seen as the change of total enthalpy, which is a measure of the 
work added to or removed from the flow. With the common assumption of 
adiabatic flow, the total enthalpy change is derived solely to work and may 
be extended to upstream of the stator (station 1), since it extracts no work 
from the flow. A distinction is made between the rotational velocity at inlet 
(u2) and outlet (u3) of the rotor, allowing different radial locations in these 
two stations, while being equal in Figure 2. 

5.1.2 DESIGN PARAMETERS 
Three non-dimensional design parameters are frequently reoccurring in the 
field of axial turbomachinery, and may be described with the information in 
Figure 2. These are flow coefficient ϕ, stage loading ψ and degree of reaction 
Λ. The flow coefficient is the ratio between the axial velocity cx to the rotor 
blade speed u, as seen in Eq. 5-5. The parameter can be defined at a 
convenient radial location, and also varies with axial location together with 
the flow velocity. A high flow coefficient indicates that the flow velocities are 
turned toward axial, while a low indicates velocities close to the tangential 
direction.  

 𝜙 =
𝑐𝑥

𝑢
=

𝑐𝑥

Ω𝑟
 5-5 
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The stage loading is defined as the relation between the turning through the 
rotor and the blade speed, as in Eq. 5-6. Using Euler's turbine equation, Eq. 
5-4, the stage loading may also be seen as the ratio of two times the total 
enthalpy change to the blade speed squared, provided that the same radial 
reference is used. Commonly, one representative radius and blade speed is 
used in the quantification; however the equation may be applied to distinct 
blade speed at inlet and outlet respectively. 

 
𝜓 =

2(𝑐𝜃2 − 𝑐𝜃3)
𝑢

=
2(ℎ01 − ℎ03)

𝑢2  5-6 

 

The third main design parameter is the degree of reaction, and quantifies 
the amount of flow acceleration through the rotor with respect to the entire 
stage. This is usually expressed in change of static enthalpy, resulting in Eq. 
5-7.  

 Λ =
ℎ2 − ℎ3

ℎ1 − ℎ3
 5-7 

 

Assuming a calorically prefect gas, enthalpies may be replaced by static 
temperatures, since the heat capacity cp is assumed constant. For a near 
adiabatic, isentropic process, the degree of reaction may also be expressed 
in terms of static pressures at each station, giving Eq. 5-8.  

 Λp =
𝑝2 − 𝑝3

𝑝1 − 𝑝3
 5-8 

 

In Figure 2, a 50% reaction stage is shown, identified through the 
symmetrical velocity triangles upstream and downstream of the rotor. A 
lower degree of reaction signifies that the majority of acceleration takes 
place in the stator, and the rotor is mainly redirecting the flow. In the 
extreme case of zero reaction, the flow is only redirected through the rotor, 
and no additional acceleration is done. This is identified by the relative flow 
angles β2 and β3 being equal but of opposite sign, and thereby the relative 
flow velocities w2 and w3 being of equal magnitude.  
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In this work, the isentropic velocity ratio ν is used to obtain a non-
dimensional rotational speed. The parameter uses the same information as 
the loading, with the exception that the isentropic total enthalpy change of 
the stage is used instead of the real, along with the static outlet condition.  

 νtot−stat =
𝑢

�2(ℎ01 − ℎ3)
 5-9 

 

The denominator quantifies the velocity obtained through isentropic 
acceleration from the inlet to the outlet condition. Used together with the 
blade speed, velocity triangles as shown in Figure 2 are assumed to scale 
uniformly if the velocity ratio is held constant, and a predictable turbine 
performance is expected, as the flow angles are maintained. 

5.1.3 LEAKAGE FLOWS AND TURBINE COOLING 
As the fluid pressure is reducing in the turbine flow path (meridional) 
direction, parasitic leakages will develop in interfaces between rotating and 
stationary structures due to clearances. These are flows which deviate from 
the main annulus flow, and occur due to the inherent pressure gradient 
through the machine. Figure 3 shows an axial cross-section of an axial 
turbine where these mentioned leakages may be envisioned. Flow travels 
from left (high pressure) to right (low pressure). Locations here prone to 
parasitic leakages are equipped and can be identified by interstage seals, 
below the hub. These seals provide the interface between stationary stator 
discs and the interconnected rotor discs, which in turn are connected to the 
turbine shaft.  
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Figure 3: Secondary Air System of an Axial Turbine. Adapted from [10]. 

In the gas turbine application, in excess of the mentioned leakage flows, 
cooling flows are utilized. These coolant flows consist of air which is 
extracted from the compressor at appropriate pressure levels, and 
exemplified by blue arrows in Figure 3. The reason for this extensive cooling 
is that modern gas turbines operate with turbine inlet temperatures in 
excess of the melting temperatures of the super-alloys of which the hot gas-
path structures are manufactured. In order to maintain safe material 
temperatures, the exposed areas must be actively cooled.  

High turbine inlet temperatures are desired from a thermodynamic point of 
view, where the highest cycle efficiencies are obtained at combinations of 
high inlet pressure and temperature to the turbine. The ideal gas turbine 
cycle efficiency is only dependent on pressure ratio, and increasing 
monotonically to 1 at a pressure ratio of infinity. On the other hand, for the 
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real cycle, with non-ideal compressor and turbine, a maximum efficiency is 
obtained at a certain combination of pressure ratio and temperature ratio, 
given the combination of component efficiencies, as shown by Ekroth & 
Granryd [11] pp. 210-214. 

This means that there has been a continuous push to increase turbine inlet 
temperatures, and increasing amounts of cooling have been necessary, in 
combination with development of the material properties of the alloys 
utilized in the hot gas-path, a process discussed by Koff [8]. Apart from 
keeping blade profiles and hub and casing endwalls at safe temperatures, 
the wheelspaces below the hub level must also be maintained at permissible 
temperatures, which is the topic of this work. Coolant, in addition to the 
mentioned leakages, is supplied to the cavities between rotor and stator 
discs below the hub level, identified in Figure 3. These flow streams are 
ultimately dispelled into the main gas path at the disc rims. Mixing between 
the main gas flow and flow exiting at the hub leads to additional losses, 
which must be minimized in order to exploit the benefits of increased 
temperatures. 

5.1.4 TURBINE PERFORMANCE 
As mentioned earlier, the turbines subject to this investigation are situated 
in a thermodynamic work cycle, where the performance may be quantified 
as a cycle efficiency consisting of the ratio of useful power output to 
required fuel power input. The focus of this study is however on the turbine 
itself, and a turbine stage efficiency is therefore quantified. Isolating this 
component is a valid and useful approach, as the optimization of the turbine 
operation alone only has beneficial influence on the cycle level efficiency, 
without risk of detrimental sub-optimization. Instead, the benefit of reduced 
coolant flows has a double effect when observing the cycle level, since the 
reduced compressor work on the coolant also is accounted for in addition to 
the mixing losses associated with the coolant entering the main gas path. 

The common parameter used to quantify the performance of the turbine is 
the isentropic efficiency. This definition utilizes the specific power output, 
quantified as the total-to-total enthalpy change similar to that obtained 
through Euler's turbine equation 5-4. The real enthalpy change is compared 
to the ideal isentropic process as shown in Eq. 5-10.  
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 𝜂 =
ℎ01 − ℎ03

(ℎ01 − ℎ03)𝑖𝑖𝑖𝑖𝑖𝑖𝑖𝑖𝑖𝑖
 5-10 

 

In order to produce general results, effort should be devoted to isolating the 
enthalpy change from the turbine shaft torque. Basing the output power 
solely on the available torque would result in the overall efficiency, where 
mechanical losses unique to the testing equipment are embedded, making 
the results of less general use. Torque losses, τlosses should therefore be 
measured or estimated and added to the shaft torque in order to quantify 
the useful work produced by the gas on the blading. This then gives Eq. 
5-11. The real enthalpy change may also be measured as the total 
temperature change together with the appropriate specific heat. It should be 
mentioned that the enthalpy change associated with change of potential 
energy (gravity) is commonly excluded due to the negligible values in these 
applications. 

 
ℎ01 − ℎ03 =

Ω�𝜏𝑖ℎ𝑎𝑎𝑖 + 𝜏𝑙𝑖𝑖𝑖𝑖𝑖�
�̇�

 5-11 

 

Some ambiguity exists regarding the isentropic part of the efficiency 
equation. A common distinction is done between total-to-static and total-to-
total efficiency. The appropriate use depends on if the exit flow velocity is 
utilized in a subsequent component or wasted. If the exit kinetic energy is 
utilized, the ideal expansion is to the total condition of the real process, and 
total-to-total efficiency is the appropriate definition. If instead the exit 
kinetic energy is lost, the total-to-static efficiency should be used.  

 𝜂𝑖𝑖𝑖−𝑖𝑖𝑖 =
ℎ01 − ℎ03

(ℎ01 − ℎ03)𝑖𝑖𝑖𝑖𝑖𝑖𝑖𝑖𝑖𝑖
 5-12 

 

 𝜂𝑖𝑖𝑖−𝑖𝑖𝑎𝑖 =
ℎ01 − ℎ03

(ℎ01 − ℎ3)𝑖𝑖𝑖𝑖𝑖𝑖𝑖𝑖𝑖𝑖
 5-13 

 

The choice of efficiency definition may not only be governed by the use of 
exit kinetic energy, but also available outlet measurements. If the outlet 
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stagnation state cannot be accurately quantified, the alternative is the total-
to-static definition. The corresponding isentropic enthalpy drop is typically 
determined assuming calorically perfect gas with constant heat capacity, 
which may be assumed for low temperature applications. The two 
definitions are then determined through Eq. 5-14  & 5-15 respectively.  

 
(ℎ01 − ℎ03)𝑖𝑖𝑖𝑖𝑖𝑖𝑖𝑖𝑖𝑖 = 𝑐𝑝𝑇01 �1 − �

𝑝03

𝑝01
�

𝜅−1
𝜅

� 5-14 

 

 
(ℎ01 − ℎ3)𝑖𝑖𝑖𝑖𝑖𝑖𝑖𝑖𝑖𝑖 = 𝑐𝑝𝑇01 �1 − �

𝑝3

𝑝01
�

𝜅−1
𝜅

� 5-15 

 

The real process departs from the ideal due to entropy generation, where 
entropy is a measure of wasted energy. The effects leading to entropy 
generation in turbomachinery have been thoroughly categorized by Denton 
[12]. The basic effects are stated as viscous friction in boundary layers and 
shear layers, heat transfer across temperature gradients as well as non-
equilibrium processes such as those associated with rapid expansion or 
compression (shock waves).  

Boundary layers are created as flow passes over a surface with a different 
velocity, according to the concept developed by Ludwig Prandtl in 1904. On 
the microscopic level, the fluid particles closest to the surface follow the 
surface motion, and a velocity gradient is formed between the surface and 
the undisturbed flow at some distance away. Observing the flow as multiple 
layers, each layer will have a velocity unique to the neighboring ones. The 
viscosity is the fluid parameter used to describe this behavior, which 
connects the velocity difference to friction between flow layers. The gases 
involved in this work are Newtonian, meaning that the viscosity is constant, 
and the friction varies linearly with velocity gradient. Given this fluid 
behavior, low velocity boundary layers are formed around the structures 
within the turbine. The shear between fluid layers of distinct velocities give 
rise to losses which may be quantified as entropy generation.  

Picturing a flow situation of a turbine, boundary layers are present on hub 
and casing as the flow approaches either a stator or rotor blade row. As the 
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flow is turned through the blading, a pressure gradient is formed, higher at 
the periphery of the flow path trajectory. This pressure gradient may be 
quantified when studying a fluid element as in Figure 4, giving the force 
balance Eq. 5-16, as shown by Dixon & Hall [13]. 

 

Figure 4: Force Balance of Fluid Element in Circular Trajectory. Adapted from [13]. 

 

 
(𝑝 + 𝑑𝑝)(𝑟 + 𝑑𝑟)𝑑𝑑 − 𝑝𝑟𝑑𝑑 − �𝑝 +

1
2

𝑑𝑝� 𝑑𝑟𝑑𝑑 =
𝑑𝑚𝑐𝜃

2

𝑟
 5-16 

 

Identifying dm=ρrdθdr  as the mass per unit depth, and ignoring second 
order terms, the well-known Euler-n equation is obtained, Eq. 5-17, which 
quantifies the pressure gradient as proportional to the square of the 
tangential velocity, and inversely to the trajectory radius.   

 1
𝜌

𝑑𝑝
𝑑𝑟

=
𝑐𝜃

2

𝑟
 5-17 
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The equation quantifies the radial pressure gradient between the hub and 
casing main annulus endwalls when the flow diverts from the axial 
direction. It may however also be utilized to quantify the pressure gradient 
established between blades as turning is performed. This pressure gradient, 
established between the two blade surfaces by the passing flow gives rise to 
the terminology of blade pressure side and blade suction side, and the 
pressure difference between the two blade surfaces is the force utilized in 
the rotor.  

While the high velocity main flow momentum establishes the pressure 
gradient between blades, it severely affects the low velocity boundary 
layers. Since this secondary flow experiences the same pressure gradient 
(dp/dr), Eq. 5-17 then implies that flow with lower tangential velocity cθ, 
must turn more rapidly, with a smaller radius, compared to the main flow. 
The outcome of this is that, through a blade passage, the boundary layer 
flow near the endwalls is over-turned compared to the main flow giving the 
macro scale flow structure as shown in Figure 5a, where the over-turned 
flow once reaching the blading surface travels radially along the blading, 
and at mid-span, the net flow exchange is in the opposite direction in order 
to feed the over-turning. These velocity gradients give rise to vortex 
structures, as exemplified in Figure 5b. Compared to the basic boundary 
layer inherent flow, the vortices indicate additional energy loss in terms of 
increased shear stress.   

 

  
(a) (b) 

Figure 5: Macro scale secondary flow due to boundary layer and turning (a) and 
conceptual vortex structures (b), in a blade passage [14]  
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An additional source of entropy is due to mixing of flows with distinct 
velocities or temperatures. An evident situation where this occurs is when 
coolant flow enters the main annulus as depicted in Figure 3, section 5.1.3. 
With control volume approach, the entropy generation due to mixing of a 
main flow with a smaller flow is quantified by Shapiro [15], where the 
resulting entropy increase is found to be dependent on temperature 
difference, velocity difference and the angle difference between the two 
flows. As the coolant is ejected into the main flow, it also has the effect of 
thickening the endwall boundary layer and thereby strengthening the losses 
due to secondary vortex structures through blade rows.  

5.2 WHEELSPACE FLOW 
The flow developed through a rotating disc system was early studied as a 
fundamental flow system by Theodore von Kármán 1921. With the advent 
of the gas turbine, and inherent wheelspace flow systems, the research in 
the area accelerated in order to overcome the problems associated with the 
power cycle as it increased in popularity and transformed the aviation 
industry in conjunction with the Second World War. Owen & Rogers [16] 
produced an extensive review of the field. The authors also applied the use 
of Ekman Layers to describe the flow. A more recent consolidation of the 
field has been done by Childs [17].  

Important is the work by Daily & Nece [18], categorizing the flow regimes of 
enclosed stator-rotor disc systems with respect to rotational Reynold's 
number and gap ratio. Here, the rotational Reynold's number uses the disc 
outer radius b as characteristic length together with the peripheral 
rotational speed, resulting in Eq. 5-18. 

 
𝑅𝑒𝜃 =

𝜌Ω𝑏2

𝜇
 5-18 

 

The gap ratio G is defined using the same outer radius b, in relation to the 
axial distance between the rotating and stationary disc a, giving Eq. 5-19.  

 𝐺 =
𝑎
𝑏

 5-19 
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Four regimes are identified, where the flow may be either turbulent or 
laminar, and in both cases the boundary layers may be merged or separated. 
The resulting map of the possible regimes is displayed in Figure 6, labeled 
according to the list: 

1. Laminar flow, small clearance, merged boundary layers 
2. Laminar flow, large clearance, separated boundary layers 
3. Turbulent flow, small clearance, merged boundary layers 
4. Turbulent flow, large clearance, separated boundary layers 

 

 

Figure 6: Flow Regimes of Enclosed Rotor-Stator Systems [17] 

In the wheelspaces occurring in the type of turbines subject to this study, 
the flow is predominately turbulent, as is the flow in general. The gap ratios 
studied are typically of separated boundary layers, while production 
machines feature quite intricate designs of the secondary air systems, 
diverting from the ideal case of two opposing flat discs. An example of this 
was shown in Figure 3 in section 5.1.3. 

A key parameter in studying the wheelspace flow is the swirl ratio β, defined 
as the flow tangential velocity with respect to the disc velocity, Eq. 5-20. 

 𝛽 =
𝑐𝜃

Ω𝑟
 5-20 
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For flow regimes of separated boundary layers, a rotating inviscid core 
develops. Having a constant angular velocity, the swirl ratio of this core is 
constant through radius. Owen [19] quantified the swirl ratio of the core to 
be 0.426. This is applicable to the case of an enclosed stator-rotor system.  

In the turbine application, as mentioned, the typical stator-rotor system 
includes inlet and outlet flows, where the net inflow occurs at low radius, 
and outflow at the hub. With this flow passing through the cavity, the swirl 
ratio is altered, due to the angular momentum it enters the system with. 
Recent developments in estimating the swirl ratio of a wheelspace system 
was done by Facchini [20], developing a correlation for the swirl ratio based 
on the swirl ratio of a cavity without net mass flux, together with a corrected 
radial location and the superposed purge rate.  

5.3 SEAL PERFORMANCE 
With the gas turbine developing with increasing turbine inlet temperatures, 
together with the discussed aspect of losses associated with mixing between 
high velocity main annulus flows and low velocity cavity flows, an 
engineering optimization problem is apparent. Sensitive areas must be 
maintained at safe temperatures, while the amount of cooling must be 
minimized to exploit the performance advantage of increased temperatures.  

The wheelspace cavities are subject to hot-gas ingestion, where hot main 
annulus flow is pulled into this area. The driving force for ingestion is 
typically the tangential pressure variation created by the blades. At the 
interface between stator hub and rotor hub, areas where the local pressure 
is higher than in the cavity are sensitive to ingress. The opposite case leads 
to what is referred to as egress. Once the hot flow is pulled into the cavity, 
the wheelspace flow system transports hot gases radially through the cavity. 

Inside the cavity, the flow is governed by the so-called disc pumping effect. 
This phenomenon is boundary layer driven and can be visualized by 
studying a free disc rotating in a surrounding fluid. Such a flow case may be 
appreciated in Figure 7. Here the flow is found to be adopting the local disc 
speed at its surface due to the non-slip condition. Moving from the disc in 
the normal direction, the restriction is no longer valid, and a typical 
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boundary layer velocity profile develops for the tangential component of 
velocity. However, since the flow has a tangential velocity, and is no longer 
bound to the disc, a radial velocity component also develops due to the 
centrifugal effects.  

  

 

Figure 7: Conceptual illustration of the flow around a rotating free disc. Adapted from 
[17]. 

As flow is leaving the system radially, it must be compensated for by an axial 
inflow, seen in the figure as well. This qualitative view of the rotor disc flow 
is also valid for the flow system of separated boundary layers. This system is 
predicted to behave as seen in Figure 8a, showing a wheelspace cavity and 
the conceptual flow system developing inside it. An inviscid rotating core 
develops, subject to axial flow (in combination with the swirl coefficient), 
feeding the boundary layer which grows in the radial direction on the rotor 
wall. In the outer region, potentially ingested gas is mixed with the rotor 
boundary layer flow. The resulting mixture travels inward on the stator 
side, feeding the core along the way. A possible coolant flow is here injected 
near the system axis. As shown, this flow is predominantly entrained into 
the rotor boundary layer as well, providing the majority of cooling on this 
side, as it is diluted in the radial direction. The rotating core is characterized 
by a plateau in tangential velocity, and near zero radial flow. 
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 (a) 
 

(b) 

Figure 8: Schematic flow system of rotor-stator cavity with separate (a) and merged (b) 
boundary layers 

In Figure 8b, a representation of the corresponding flow system associated 
with a narrow cavity is given. Here, the boundary layers on stator and rotor 
merge, and no inviscid core develops. Instead, a continuous tangential 
velocity gradient is seen through the whole axial separation, and the radial 
velocity only passes zero when transitioning between inflow to outflow near 
the center. Important to note is that the displayed illustrative velocity 
distribution is not to scale between the components, which have the order: 
vθ>vr>vx, where typically several orders of magnitude separate the 
tangential and axial velocity.  

In order to restrict the fluid exchange between the main annulus and cavity, 
various seal geometries are commonly used, some of which are found as 
sketches in Figure 9. Here, categorization is possible between radial and 
axial clearances, single and double seals as well as geometries protruding 
from the stator or rotor side.  
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Figure 9: Conceptual illustration of seal arrangement examples. Adapted from [17]. 

 

 

In gas turbine development, the different massflows associated with the 
cavity have commonly been non-dimensionalized with disc radius and flow 
viscosity, giving the massflow coefficient Cw, Eq. 5-21, where the subscripts 
0 and i are used to indicate purge flow and ingested massflow respectively.  

 𝐶𝐶 =
�̇�
𝜇𝑏

 5-21 

 

In a similar way to the gap ratio G (Eq. 5-19), a seal clearance ratio Gs is 
defined, using the seal clearance dimension (s) together with the disc radius 
(b) as in Eq. 5-22.  

 𝐺𝑖 =
𝑠
𝑏

 5-22 
 

It has been shown that the parameter Φ is effective in non-dimensionalizing 
cavity flow rates, in order to reproduce results for scaled geometries and 
varying operating speeds [21]. The relation between Cw and Φ is shown in 
5-23. This parameter is also used with subscripts 0 and i, as Cw. 

 Φ =
𝐶𝑤

2𝜋𝐺𝑖𝑅𝑒𝜃
 5-23 
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The definition may give the impression of being viscosity-dependent. The 
impact of viscosity is however cancelled between Cw and Reϕ. An alternative 
way of presenting the parameter is as in Eq. 5-24. 

 Φ =
𝑈

Ω𝑏
 5-24 

 

Here, U is the mean flow velocity through the seal geometry, obtained 
through knowledge of fluid density, massflow and seal dimension, as seen in 
Eq. 5-25, making it evident that Φ is the ratio between this flow velocity and 
the disc peripheral velocity.  

 𝑈 =
�̇�

2𝜋𝜌𝑏𝑠
 5-25 

 

Through the work by Owen [22,23], orifice models have been developed in 
order to describe the fluid behavior through the seal, making it possible to 
relate the amount of purge flow Φ0 to the ingested flow Φi for a certain 
sealing geometry, given that the sealing arrangement has been 
experimentally characterized. The performance of the seal is typically 
quantified with effectiveness ε. This parameter is conveniently 
experimentally measured using seedgas where the different gas streams 
may be tracked by tagging one of them with a non-reacting foreign gas and 
thereafter measuring the concentration of the seedgas in the area of 
interest. This is evaluated as seen in Eq. 5-26. The variable γ is here used for 
the concentration of seedgas with subscripts identifying the measurement 
location. The equation is evaluated at a representative location on the stator 
disc (subscript s), where the local concentration of the selected seedgas is 
compared to the baseline concentrations of ingested and superposed purge 
flow. The value is equivalent to the quantity of purge flow as ratio to 
ingested flow, as also may be quantified by non-dimensional massflows. 

 𝜀 =
𝛾𝑖 − 𝛾𝑖

𝛾0 − 𝛾𝑖
=

�̇�0

�̇�𝑖 + �̇�0
=

Φ0

Φ𝑖 + Φ0
 5-26 
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The effectiveness of zero corresponds to the case of no purge flow used, and 
the cavity will be filled with the gas used in the main annulus: γs=γi. The 
other extreme of effectiveness of unity represents the case of no ingestion, 
and the cavity is filled with the purge gas: γs=γ0. The intermediate 
effectiveness of 50% describes the case where incoming massflows of purge 
and ingress are equal. This corresponds to the case where the 
representative location is exposed to concentration midway between the 
concentration of the two incoming flows γs=(γ0+γi)/2, giving an effectiveness 
of 50% in terms of concentration measurements as well.  

According to the orifice approach, the seal may be modelled as flow entering 
or exiting through respective orifice openings, with individual discharge 
coefficients. The flow is thereby treated as predominantly inertial and 
viscous effects are neglected. Through works by Sangan et al. [24,25], the 
unknown discharge coefficients are incorporated as empirical constants 
which may be determined experimentally. Equation 5-27 shows the relation 
between effectiveness and non-dimensional purge flow. 

 Φ0

Φ𝑚𝑖𝑖,𝐸𝐸
=

𝜀

�1 + Γc
− 23(1 − 𝜀)

2
3�

3
2

 
5-27 

 

This relation is governed by the parameters Γc and ΦminEI, which are two 
empirical constants characterizing the particular seal arrangement, 
however supposedly constant with respect to geometrical scaling and 
operating condition. The parameter Γc represents the ratio of discharge 
coefficients of ingress and egress, while ΦminEI is the minimum purge flow 
necessary in order to completely suppress ingestion, and hence reach an 
effectiveness of unity. The subscript EI refers to Externally Induced, which is 
one of two possible driving forces for ingestion. This driving force is the 
main flow tangential pressure variation, which is the most common driving 
force in the gas turbine application. The other is RI, Rotationally Induced, 
where the ingestion is predominantly driven by the disc pumping. This is a 
driving mechanism which characterizes the behavior of the inner clearance 
of a double seal arrangement, and may also occur in turbine over-speed 
conditions. A similar equation may be derived for the RI case.  
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With a series of experimentally obtained ε and Φ0-values, a curve may be 
drawn using Eq. 5-27, fitted to the data by varying the constants. Given the 
constants, the seal ingestion behavior can then be applied to the engineering 
application.  
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6 METHOD 
The research method to study the concept of cavity purge flows in high 
pressure turbines is focused to the test turbine at the Heat and Power 
Department at KTH Royal Institute of Technology [26]. Since being 
commissioned in the 1990's, the facility has been continuously developed in 
terms of operating capacity and measurement capabilities. The fundamental 
purpose of the facility was and remains the ability to measure the 
performance of turbine stage designs in a rotating environment.  

The test turbine is an open-cycle test facility operated with air supplied by a 
1 MWel screw compressor, cooled to a desired fixed turbine inlet 
temperature. In the outlet, speed regulated exhaust fans are used to 
modulate the stage outlet pressure. The flexibility of the rig allows for 
testing of up to 3 turbine stages, with a maximum nominal air flow of 4.7 
kg/s at 4 barabs. The maximum speed of the rig is rated to 12500 rpm. The 
output power of the tested stages is dissipated through a speed regulating 
water break.  

The investigated stage, designated Object 4B, is the downstream stage of the 
two-stage test Object 4, but may be used independently, which is done here. 
Object 4B is hence a 1 stage configuration without a downstream vane. The 
stage is of axial, high pressure, low degree of reaction design. The stage is 
characterized by axisymmetric casing endwall contouring through the stator 
and a shrouded rotor with a 15° hade angle. The wheelspace of 
investigation, upstream of the rotor, is comparatively narrow, and separated 
from the main annulus with a characteristic chute seal geometry protruding 
from the stator side at hub level. The stage was commissioned through the 
work of Lindqvist [27] and further investigated by Fridh [28].  

A range of measurement techniques are possible in the test turbine, and the 
ones utilized in this investigation are reviewed here. The techniques are 
categorized by the below sections and are to a varying degree 
interdependent. A general explanation is given together with the achieved 
measurement uncertainty at typical operating points investigated in this 
study. For the specific usage of the measurement setup in each investigation, 
the reader is referred to the respective appended paper.  
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6.1 UNCERTAINTY ESTIMATION 
The systematic uncertainty is derived from the reported uncertainties of the 
individual measurement devices and the measured primary properties with 
respect to the full scale of the instrument. The individual impacts of each of 
the measurements on the final parameter are established and combined 
through their respective uncertainty and partial derivative as given in the 
general form in Eq. 6-1, as can be found through Holman [29], among others. 
Here, Δy represents the uncertainty of the final parameter y, which is 
calculated through Eq. 6-2, based on the measurements x, and their 
individual uncertainty Δx.  

 

Δ𝑦 = �� �
𝜕𝜕
𝜕𝑥𝑖

Δ𝑥𝑖�
2𝑖

𝑖=1

  6-1 

 

 𝑦 = 𝜕(𝑥1, … , 𝑥𝑖 … , 𝑥𝑖)  6-2 
 

This results in the systematic uncertainty, reflecting the capability of the 
individual instruments, despite being reduced through calibration and 
zeroing of relative measurements prior to operation.  

A measure of the random uncertainty may be obtained by studying the 
fluctuation of measurements during operation at a stable operating point. 
The same methodology applies in estimating the impact on the final 
parameters. However, the random uncertainty is effectively reduced 
through averaging over a certain amount of time. The standard deviation of 
the averaged measurement is determined through Eq. 6-3, with σ 
representing the standard deviation of a single measurement, determined 
through Eq. 6-4, where xm is the arithmetic average of the samples acquired 
during the sampling time.  

 𝜎𝑚𝑖𝑎𝑖 =
𝜎

√𝑛
  6-3 
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𝜎 = �∑ (𝑥𝑖 − 𝑥𝑚)2𝑖

𝑖=1

𝑛
 6-4 

 

Equation 6-3 also applies when redundancy in measurement points is used 
for a certain property, such as the pressure and temperature measurements 
where multiple uncorrelated measurements are taken at the different 
measurement sections in the turbine, as opposed to the torque which is 
based on one measurement device. The interval of ±2σ (95% confidence) is 
used when reporting the uncertainty.  

6.2 FIXED INSTRUMENTATION 
The primary and essential instrumentation used to determine the operating 
point during operation and basic performance of the test turbine is referred 
to as the fixed instrumentation, simply because it involves measurement 
points which are tied to specific positions.  

In order to establish the operating point and performance of a turbine stage 
or test object, certain key measurements must be taken as indicated in 
sections 5.1.2 Design Parameters and 5.1.4 Turbine Performance. The inlet 
flow condition is crucial, and used together with the outlet condition to 
determine the isentropic enthalpy drop. The real enthalpy drop is evaluated 
through the output torque. Based on the individual uncertainties below, the 
systematic uncertainty of measured efficiency is ±1.1% with a random 
uncertainty of ±0.18%.  

The sampling rate of the system is 0.5 Hz. The sampled data may be viewed 
during operation together with evaluated transient design and performance 
parameters. Once a stable operating point is achieved, a measurement point 
average typically consists of measurements acquired over two minutes. 
During seedgas sampling, a large number of averages are taken at the same 
operating point, and the sampling time is therefore reduced to one minute.  

6.2.1 MASSFLOW 
The supplied air massflows are determined through standard orifice flanges, 
both for the main and purge flow, with both flow streams originating from 
the same compressor and air cooling equipment. Industrial orifice flanges in 
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the piping system are used in accordance with ISO-standard ISO 5167. This 
consists of an iteration routine, since the massflow is dependent on the 
Reynold's number (which is massflow dependent). The basic function is that 
the massflow rate is dependent on the diameter ratio between the pipe and 
the orifice constriction, and on the pressure loss of the fluid as it passes 
through. Industrial sensors are used to acquire the necessary measurements 
for determining the orifice massflow.  

For the main massflow, the measurement uncertainty derived according to 
the ISO-standard, is about ±0.6%, with random fluctuations of ±0.1%. For 
the purge air massflow, a large range of flow rates is used and subsequently 
the range of uncertainty is from ±0.7% to ±7%. The high uncertainty value 
corresponds to low purge, where the pressure difference over the orifice 
flange is only one order of magnitude over the uncertainty of that individual 
measurement. The pressure difference uncertainty is generally the major 
contributor to massflow uncertainty. The random uncertainty is ±0.1% to 
±1.7%, again with the low purge rate resulting in the higher uncertainty.  

A foreign gas is used for tracing purposes. In this case carbon dioxide (CO2) 
is used, which is added to the purge flow before reaching the cavity. The 
flow rate of CO2 is determined with a Bronkhorst EL-Flow thermal massflow 
controller with an accuracy giving a measurement uncertainty of ±0.7% to 
±3% for the flow rates used, where high uncertainty again is associated with 
low flow rate. The corresponding random uncertainty is ±0.01% and ±0.1% 
respectively.  

6.2.2 TORQUE 
The useful torque is quantified with the goal of determining the complete 
torque acting on the rotor blades by the flow. Therefore, rig specific 
parasitic losses must be accounted for to quantify the stage performance. 
The parameter thereby consists of three components of varying magnitude. 
Firstly, the shaft torque is obtained as an output from the torque 
measurement unit which is installed on the driveline between turbine and 
water break. The torque meter, supplied from Torquemeters Ltd of type 
ET250LS features a torsional shaft. An encoder on each end of the encased 
slender shaft produces an output signal where the phase shift between the 
two signals is translated to a torque through a speed and torque dependent 
calibration. A shaft is selected for the unit based on the anticipated 
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operating points. The shaft rating defines the full scale measurement range 
and thereby the uncertainty. A shaft of 400 Nm is used in this investigation, 
resulting in an absolute systematic uncertainty of ±0.4% (2σ) in the relevant 
range of measurements, with a random uncertainty of ±0.1%.  

The loss in the turbine main bearings is quantified by suspension of the 
entire bearing housing itself in a hydrostatic bearing. A bearing loss torque 
is measured as a force in the rotational direction from the bearing housing 
acting on the fixed surrounding structure. This force is measured with a 
calibrated load-cell which serves as the only point preventing the bearing 
housing from rotating. The bearing torque ranges from about 1.3% to 0.3% 
of the shaft torque.  

The final parasitic loss considered is the disc friction or windage loss. This 
loss is not directly measured, but based on correlations and the flow 
condition in the wheelspaces upstream and downstream of the rotor. A 
correlation is used to obtain a moment coefficient as below, based on the 
incoming purge flow assumed to have no angular momentum, the Reynold's 
number and the gap ratio G, as given in Eq. 6-5 as proposed by Linnecken 
[30]. 

 
𝐶𝑚 =

2 ∙ 104�̇�𝐿

𝑅𝑒𝜃
+

𝜋
2

∙
1

𝐺𝑅𝑒𝜃
+ 0.04𝑅𝑒𝜃

−0.2 ∙
1 + 𝐺
2 + 𝐺

 6-5 

 

The moment coefficient is used to calculate the resulting friction torque 
based on the density, rotational speed and hub radius, as given in Eq. 6-6, 
which is evaluated for each side of the disc.  

 𝜏𝑤𝑖𝑖𝑤𝑎𝑤𝑖 = 𝐶𝑚 𝜌Ω2𝑏5 6-6 
 

The total windage loss ranges from 0.1% to 1% of the shaft torque in the 
investigated speed range. The three components combined result in the 
total torque acting on the rotor blades. The uncertainty of the shaft torque is 
of the same order of magnitude as the windage and bearing losses, making 
this the main contributor to uncertainty while the uncertainties of the losses 
are close to negligible.  
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6.2.3 SPEED 
The operating speed is an output from the torque meter in combination 
with the shaft torque. The speed is maintained by the water break resulting 
in an accuracy of ±6 rpm (2σ) or ±0.2% at low speed. The accuracy 
increases with increasing speed in both relative and absolute terms with an 
increasing regulation performance to ±3 rpm at high speed (±0.04%). 

6.2.4 PRESSURE 
Pressures in the test rig are measured at inlet, outlet and intermediately, 
between stator and rotor. The measurement points are positioned on both 
the hub and the casing. Typically four evenly distributed points are used 
around the circumference. Downstream of the stator, apart from the four 
circumferential points, five pressure points evenly distributed over one 
vane pitch are used to enable measurement of the vane wake on the hub. A 
similar group of measurement points is also located in the cavity, 
immediately below the rim seal, to allow measurement of the pressure drop 
across the seal. The radial pressure variation in the cavity is resolved 
through five measurement points between the rim seal and the shaft. 

PSI pressure scanners are used with appropriate ranges selected for the 
distinct locations. The instruments are configured to measure relative to 
atmospheric pressure, where the atmospheric component is measured 
separately with a Vaisala barometer. A combined uncertainty of ±0.05% is 
typically obtained in the inlet with respect to absolute pressure. In the 
outlet, the pressure is adjusted to be close to atmospheric by speed 
regulation of the exhaust fan, giving a corresponding uncertainty of ±0.01%. 
Random uncertainty is of the order of ±0.004% in both locations.  

6.2.5 TEMPERATURE 
Temperature is measured at inlet and outlet of the turbine, where the inlet 
temperature is crucial to determine the inlet flow condition allowing the 
determination of the isentropic enthalpy drop over the test stage. The 
temperature distribution in the cavity is quantified primarily in order to 
quantify the cavity flow condition as it is injected into the main annulus.  

Type K thermocouples in combination with Measurement Systems Ltd 
Datascan voltage scanners are used in the test turbine for temperature 
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measurement. The scanners have the option of internal cold-junction, but 
also a cold-junction is used consisting of an aluminum plate with its 
temperature determined with PT100-sensors. Eight measurement points, 
on four circumferential positions are averaged to determine inlet and outlet 
temperature. These are placed in the stagnation chamber upstream of the 
stage and in the outlet pipe respectively. The measurement uncertainty 
varies between ±0.8% and ±1.4%, highest at the outlet where the measured 
temperature is lower due to the work extracted from the flow. Random 
fluctuations are of the order of ±0.02%. 

6.3 PNEUMATIC PROBE TRAVERSE  
While the fixed instrumentation allows for quantification of fundamental 
performance parameters during operation, it comes with a certain degree of 
simplification. The flow condition passing through a measurement section 
must be determined based on the endwall pressures and massflow. 
Pneumatic probe traverses are performed with the double benefit of 
allowing quantification of flow parameters otherwise unavailable, as well as 
resolving the flow field over both span and pitch.  

The probes used are of five-hole conical type from Aeroprobe. Five pressure 
taps allows the quantification of the 3D flow vector in addition to local total 
pressure and Mach number. The same type of pressure scanners as those 
used in the fixed instrumentation are also used for logging the five probe 
pressures which through the calibration are calculated to the useful flow 
parameters.  The calibration is also performed with this type of scanner, 
where the pressures are logged while the probe is exposed to a range of 
known Mach numbers (0.1 to 0.9), yaw angles (±40°) and pitch angles 
(±25°). This, with the calibration coefficients, produces the calibration maps 
which allow calculation of the physical flow parameters.  

The uncertainty of derived flow parameters are based on both the 
uncertainty of the angle position of the probe in calibration and operation, 
but also the logged pressures' uncertainty in the two events. With the 
optical positioning technique used, a high degree of accuracy is obtained, of 
about ±0.2°, taking stepper motor encoder capability and mechanical 
constraints into account.  
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Further, the pressure measurement uncertainty may be propagated to the 
resulting impact on the flow parameters. The yaw angle uncertainty in the 
turbine outlet is ±3°, due to low flow velocity and resulting pressure 
uncertainty. Relative flow angle variations may be measured with lower 
uncertainty, since the calibration does not have the same impact. At the 
rotor inlet, the uncertainty due to pressure measurement is lower due 
higher flow velocities. This gives an uncertainty of the same order of 
magnitude as the angle position uncertainty, and thereby a combined 
uncertainty of about ±0.3°. The same approach may be used for the Mach 
number, resulting in uncertainty of ±0.6% in the inlet and up to ±11% in the 
outlet. 

Due to the small measurement sections in the test turbine, the use of 
miniature probes is necessary. Therefore, probes with a head and stem 
diameter of 1.6 mm are used. Despite this, the probe experiences proximity 
effects when measuring close to the endwalls. Proximity effects have larger 
impact on specific parameters, which are therefore used with caution as 
mentioned in Paper III. One of the disadvantages of miniature probes is that 
the pressure settling time increases with the small pressure ports and 
tubing through the stem. To quantify the probe behavior it has been 
exposed to a step-change of pressure. The measured pressure resembles an 
exponential decay, and the result of the investigation is that at least 5 
seconds of settling time is used at each traverse point before acquiring data.  

The flow parameters are evaluated in each traverse point. Typically in the 
order of 1000 points are used in one measurement section, distributed over 
the majority of span in the radial direction, and one vane pitch in the 
tangential direction. This produces the flow field represented by one vane 
passage, and the details of the flow field variation with respect to purge flow 
are studied in Paper III and V.  

In addition to examining the flow details, the traversing of a measurement 
plane also allows for the quantification of the measurement plane average 
flow parameters. Averaging of area-resolved flow parameters to obtain a 
representative value for the entire plane is not a trivial problem as 
highlighted by Cumpsty and Horlock [31] and Pianko and Wazelt in AGARD 
report 182 [32]. The method selected in this work is according to Dzung 
[33]. The goal of this method is to produce thermodynamically consistent 



 

Page | 42  
6 Method 

 

averages, where the average result obtained corresponds to the 
isentropically mixed out state of the flow field.  

6.4 TRACE GAS SAMPLING 
One of the main goals with the work is to quantify the purge flow 
distribution in the test stage. This is achieved though seedgas sampling with 
the underlying principles as described in section 5.3 Seal Performance. A 
determined quantity of CO2 is injected into the purge flow upstream of the 
test section, and its distribution may thereby be quantified through 
sampling of the gas in points of interest in the turbine. The sampled 
concentration is compared to the inlet concentration resulting in a 
concentration of purge flow, the effectiveness. 

Measurements are taken using the pressure taps of the fixed 
instrumentation, evaluating the seal effectiveness by taking measurements 
in the cavity. Measurements are also taken on the hub downstream of the 
rotor to evaluate any remaining cooling potential of the purge flow after 
having left the rim seal and passed through the rotor blading. In addition to 
the fixed instrumentation, the traverse equipment may be used to quantify 
the purge flow concentration in the main annulus, again after the rotor. This 
allows quantification of the mixing process in the axial direction, as well as 
tying impact on flow phenomena to purge flow presence.  

For seedgas sampling, a Rosemount MLT gas analyzer is used. Each 
effectiveness value relies on three concentration values, the CO2 
concentration at the point of interest, the purge flow and the nominal 
atmospheric CO2 concentration (≈400 ppm). The uncertainty of 
effectiveness will rely on the concentration measurement, which spans the 
entire measurement scale of 0% to 1% CO2, giving a relative uncertainty of 
±10% in points of low CO2 concentration, and down to ±2% when CO2 
concentration is high. Random fluctuations of the concentration 
measurement result in an uncertainty of ±0.1%.    
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7 RESULTS 
The test facility with the associated test object described in section 6 
Method is used with various combinations of the instrumentation described, 
providing the results of this work. The reader is generally directed to each 
appended paper for the achieved results.  

However, through the process of the work, certain improvements to the 
experimental routine and facility have been possible. This thesis is seen as 
an opportunity to assess these improvements by showing how the results 
are affected by applying them to more recent measurements.  

Paper I mainly covers the instrumentation upgrade, and results should be 
seen as preliminary. In Paper II, the turbine is operated at two main 
operating points, designated Design and Elevated. The fixed instrumentation 
is utilized while subjecting the stage to varying levels of purge flow. The 
flow angles of purge and main flow at vane exit are predicted. With the work 
of Facchini et al. [20], the predicted purge flow exit angle may be adjusted to 
account for how the swirl ratio β is affected by the purge flow. The result 
may be appreciated in Figure 10, where the vane exit flow vector, blade 
speed and relative velocity for the zero-purge case is seen together with the 
varying purge flow exit vector.  

 

 

Figure 10: Vane exit velocity vectors at pressure ratio πss 1.23 and velocity ratio νts 0.43 
with purge exit vectors of varying purge rate q. 

The investigated operating point here is close to the Design of Paper II. Here 
it is seen that the tangential component of the purge flow is dramatically 

• Blade speed 
• Blade inlet angle 
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affected by the increasing flow rate. As a response, the purge velocity 
magnitude is greatly reduced. The purge flow rate determines the axial 
component of the purge velocity vector. As the swirl ratio is predicted to 
decrease drastically, the main contributor to the vector becomes the axial 
component as purge flow increases. The angle between the main flow and 
purge flow is now larger for higher purge rates than previously predicted, 
however the previous statement still holds true, namely that the main 
contributor to loss is not the angle difference, but rather the velocity 
magnitude difference. 

The more accurate approximation of the purge flow vector allows better 
prediction of the loss associated with the mixing with the main flow. It is 
found through the work of Paper III that the loss predictions are best suited 
when applied to the total-to-total efficiency. This value is an approximation 
when only using the fixed instrumentation in the test turbine, since the 
flow-average outlet total pressure is not a directly measured value. 
However, despite the approximation, an excellent prediction of the 
efficiency loss based on the entropy generation model is obtained, as seen in 
Figure 11a.  

Found through the work of Paper III, the simple prediction is better used 
together with the isentropic efficiency definition incorporating the 
isentropic enthalpy drop of the purge flow. The alternative efficiency 
definition is given in Eq. 7-1, featuring a mass-weighted average of the two 
isentropic enthalpy drops of the purge flow and the main flow, as compared 
to Eq. 5-12 (section 5.1.4) where only the main flow is regarded. This results 
in Figure 11b, which still does not reach the accuracy of the enthalpy model.  

𝜂𝑖𝑖𝑖−𝑖𝑖𝑖,𝑖 =
ℎ01 − ℎ03

(1 − 𝑞)(ℎ01 − ℎ03)𝑖𝑖𝑖𝑖𝑖𝑖𝑖𝑖𝑖𝑖 + 𝑞(ℎ00 − ℎ03)𝑖𝑖𝑖𝑖𝑖𝑖𝑖𝑖𝑖𝑖
 7-1 
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(a) (b) 

Figure 11: Efficiency sensitivity to purge flow with prediction based on entropy loss (a) 
and simple prediction (b), at pressure ratio πss 1.23 and velocity ratio νts 0.43 with varying 

purge rate. 

The simple correlation, as given by Mamaev et al. [34], quantifies the mixing 
loss as a loss coefficient related to the mass-weighted final enthalpy. When 
recalculating the loss coefficient to a corresponding change of isentropic 
efficiency the definition of Eq. 7-1 is required. The enthalpy based loss 
prediction, extracted from Denton [12] on the other hand assumes a small 
coolant flow, and when re-calculating the entropy generation to a change of 
isentropic efficiency, the original efficiency definition of Eq. 5-12 should be 
used. 

Further, a leakage through the rotor disc was discovered during the work of 
Paper IV, where its impact is discussed. It is however not accounted for in 
the earlier Paper II. This leakage through the rotor, slightly below the 
blading, affects the pressure in the cavity. A recreation of the variation of the 
pressure coefficient is seen in Figure 12. Here, the non-dimensionalized 
pressure over one vane pitch in both the cavity below the rim seal, and on 
the hub downstream of the vane is seen. To a greater extent does the cavity 
now pressurize with increasing purge rate. At 2% purge flow, the cavity 
pressure consistently exceeds the pressure on the hub over the entire vane 
pitch. Higher purge flow rate further pressurizes the cavity.  
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Figure 12: Pressure coefficient of hub (solid) and cavity (dashed) over one vane pitch, at 
pressure ratio πss 1.23 and velocity ratio νts 0.43 with varying purge rate. 

In Paper II, two empirical correlations for predicting the purge flow rate 
necessary to suppress any ingestion are evaluated as well. For suppressing 
Rotationally Induced ingestion (RI) Eq. 7-2 by Bayley & Owen [35] is used. 
The non-dimensional purge rate to suppress Externally Induced ingestion 
(EI) is predicted by Eq. 7-3 by Phadke & Owen [36], where the maximum 
pressure difference on the hub is normalized based on the axial flow 
velocity dynamic pressure forming the pressure coefficient Cpx.  

 𝐶𝐶𝑚𝑖𝑖,𝑅𝐸 = 0.61𝐺𝑖𝑅𝑒𝜃  7-2 
 

 𝐶𝐶𝑚𝑖𝑖,𝐸𝐸 = 0.6𝜋𝐺𝑖�2𝐶𝑝𝑥𝑅𝑒𝑥 7-3 
 

Through more recent work on hot-gas ingestion as summarized by Scobie et 
al. [21], it is evident that seedgas measurements are necessary to 
characterize the behavior of a specific seal geometry. The test turbine seal 
has been characterized in this way as described in Paper IV. Since 
finalization of Paper IV, additional measurements have been carried out. 
The main purpose has been to obtain additional data with the sealed rotor 
as discussed in the paper.  Sealing effectiveness measurements have been 



 

Page | 47 
7 Results 

performed in the hub cavity at a complementing operating speed,  
νtot-stat=0.55. The results are incorporated in the evaluation of the Bath 
orifice equations, displayed in Figure 13. Generally, the additional data 
points collapse with the sealed case at the lower operating speed, showing a 
clear distinction from the unsealed rotor case.  

 

Figure 13: Sealing effectiveness evaluated at top radius location, shown against  
non-dimensional flow parameter Φ0. 

The maximum-likelihood fit is used to obtain the necessary purge rate to 
suppress ingestion, identified as the purge rate where the dashed line in 
Figure 13 reaches the effectiveness of unity, giving Φ0min=0.22. Here, purge 
rate is non-dimensionalized using the parameter Φ0 (Eq. 5-23), which has 
been suggested to predict the ingestion behavior invariant of turbine 
operating condition. For example, it may be seen that if Eq. 7-2 is re-written 
in terms of Φ0RImin, the result is a constant of 0.097, only dependent on seal 
clearance ratio, since Reθ cancels.  

Using the same approach for Eq. 7-3, obtaining a Φ0EImin, all results may be 
combined as shown in Figure 14. Here, ranges of operating speeds have 
been evaluated at the two distinct turbine pressure ratios of πss 1.23 (blue) 
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and 2.06 (red). The dashed lines represent Eq. 7-2, while the solid represent 
Eq. 7-3. Added as a compound line is the seedgas-based Φ0min=0.22, and the 
purge tests shown in Figure 12. As mentioned, 2% purge rate results in a 
cavity over-pressure compared to the hub over the entire pitch. In Figure 
14, this operating point corresponds to the second to highest tested purge 
rate. Here, a certain degree of ingestion is still predicted as Φ0=0.18<Φ0min. 
The reason that the pressure difference across the rim seal does not 
completely explain the ingestion behavior may be due to resolution of 
measurement points across the rim seal, where the peak might not be 
correctly captured, or the flow behavior in the seal where the ingestion is 
quantified in the mixing region at high radius. The discrepancy highlights 
the importance of quantifying seal behavior with seedgas measurements.  

The figure shows that equations correctly predict EI as being the main 
contributor to ingestion, requiring the larger purge flow to suppress 
compared to RI. Based on the experience gained from seedgas 
measurements, the Φ0-parameter is effective and in fact independent of 
operating speed. At high pressure ratio and low operating speed it is 
however seen that the driving force for ingestion as predicted by Eq. 7-3 
increases dramatically. As Eq. 7-3 is recalculated to the terms of Φ0minEI, the 
remaining parameters are the square root of the pressure coefficient Cpx as 
well as the ratio of axial and tangential Reynold's numbers. The latter ratio 
is found to cause the major behavior of seemingly increasing required purge 
flow rate at low operating speed for both pressure ratios. However, when 
increasing the pressure ratio the previously constant Cpx causes the 
diverging behavior at velocity ratio below νts 0.4. Further seedgas 
measurements are required at high pressure ratio in order to determine if 
this behavior is real. At low operating pressure, such a departure has not 
been observed.  
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Figure 14: Variation of minimum required purge rate in terms of Φ0 to suppress ingestion 
based on Eq. 7-2 and 7-3 across the operating speed range in terms of νts and for two 

pressure ratios π, compared to seedgas results and tested purge rates 
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8 DISCUSSION 
The objective of the work, as described in section 3.2 Objectives was to 
quantify four topics and their sensitivity to purge flow under varying 
operating conditions, and to determine the interaction between them. This 
section is arranged to discuss each topic, and the interconnectedness 
between them.  

8.1 EFFICIENCY PENALTY 
The efficiency penalty quantification has followed through the work from 
Paper II to V, where the specific measurements and findings in each paper 
may be related to the corresponding efficiency decrement. It is consistently 
seen that the efficiency decreases linearly with respect to injected purge 
flow in terms of massflow ratio, independent of operating speed. In Paper II, 
along with section 7 Results, two models for predicting this decrement were 
tested, where the entropy based result showed the closest alignment to the 
measured loss, especially when considering the recent improvements 
amounting to Figure 11a. This indicates that the basic prediction models 
used for determining the distinct flow velocities at vane outlet and rim seal 
outlet respectively are adequate for accurately predicting the impact on 
efficiency. Direct measurement of the rim seal exit velocity would be of 
interest to confirm the prediction and determine the tangential flow 
variation. Similar measurements should be performed at high pressure ratio 
to confirm that the good prediction performance is consistent.  

8.2 MAIN ANNULUS AND CAVITY FLOW INTERACTION 
The topic of how the injected purge flow is altering the main annulus flow 
field was investigated in Paper III and V. In Thorough pneumatic probe 
traverses were performed, downstream of stator and rotor. While the seal 
exit velocity could not be measured due to limitations in the facility, the 
purge flow impact on the rotor exit flow could be studied in detail. A general 
outcome is that the two investigated parameters, flow angle and Mach 
number, show low sensitivity to purge flow when regarded in the flow 
average sense. In the low speed case a general Mach number increase is 
however seen, tied to increased volume flow through the rotor which is 
dominant in this operating point. 
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Generally, impact on the parameters is instead seen when studied as area-
resolved. A clear correlation is then observed between increased Mach 
number and decreased flow turning, a behavior reflecting the Euler-n 
equation 5-17.  

Paper III includes a systematic investigation of the pitchwise variation of the 
outlet Mach number. Here, an interesting outcome is the reduced variation 
with increasing purge flow, since the remnants of the vane wake are 
suppressed. A specific region at νts 0.43 is experiencing significant decrease 
of pitchwise Mach number variation, proposed to identify the area of the 
purge flow. After seedgas measurements in the main annulus through Paper 
V, this is found plausible. The specific operating point is not investigated, 
but the purge concentration maximum seems to transition through said 
region as purge flow is increased.  

The rim seal exit flow was not measured directly, but could instead be 
deduced indirectly from area-resolved concentration measurements in 
Paper V. Here it is seen that the region of maximum purge flow 
concentration is associated with the vane wake. In the steady frame of 
reference, it can hence be assumed that the majority of the purge flow is 
leaving the rim seal in this area, while it is somewhat tangentially migrated 
through the rotor blading as discussed in the paper.   

It is stated in Paper III that the impact on flow angle and Mach number are 
increasingly isolated to the hub region for increasing operating speed. On 
the other hand, in Paper V it is seen that the purge flow penetrates further 
for increasing operating speed. This may seem contradictory, but is however 
explained by that the region referred to in Paper III is the area which is 
influenced by the purge flow. This area is seen to decrease with increasing 
speed. In Paper V, the penetration is instead determined by examining the 
transition of the point of maximum purge concentration. This point moves 
radially outward with increasing operating speed (and purge flow rate). 
What can also be seen is that the size of the region with zero purge 
concentration is unaffected by increasing speed, and may even be growing 
slightly, as seen in the results of Paper III. The conclusion is that the 
combination of these two effects leads to stronger flow gradients with 
increasing speed. It is also concluded in Paper V that a direct relation 
between flow parameters and purge concentration is not seen, with the 
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hypothesis that instead the area of maximum shear has the strongest impact 
on the flow, and not the area of maximum purge concentration.  

In Paper III, the rotor efficiency is also resolved in a spanwise manner, 
showing how the purge flow affects the original efficiency distribution at the 
investigated operating speeds. While it is determined that impact on flow 
angle and Mach number does not correlate to the purge flow distribution, 
the efficiency decrement does to a larger degree resemble the spanwise 
purge flow distribution.  The argument stretches as far as the spanwise 
transport, but does not hold for the occurrences on hub level, where a large 
portion of the purge flow resides for low purge rates, while there is little-to-
no impact on efficiency in the area. The reason may be the efficiency already 
being low at hub level, and thereby not sensitive to the addition of purge 
flow. Averaging of the spanwise efficiency gives a purge sensitivity which 
aligns with the traditional overall efficiency measurements providing 
confidence to the results.  

Due to low flow velocities in the outlet, the probe measurements are subject 
to high predicted uncertainty as discussed in section 6.3 Pneumatic Probe 
Traverse. The uncertainty is of the same order of magnitude as the 
variations being resolved. Within one measurement the uncertainty is 
predicted to be lower, since no external modification is done to the 
equipment during a traverse. The alignment of the measurements at high 
span between different operating points gives confidence that a high 
repeatability is achieved also between traverses. The uncertainty should 
however be kept in mind when examining the results.  

8.3 RIM SEAL PERFORMANCE 
The rim seal performance was studied in Paper IV and V. Merged boundary 
layers were predicted as the turbine operation and cavity falls in the 
corresponding region in Figure 6. This was also seen in the results, as radial 
effectiveness gradients were measured on the stator wall. The radial 
variation reduced drastically with the sealed rotor. In this case the major 
effectiveness detriment was seen at the top radial location, which in Paper V 
was determined to be in the mixing region of ingress and egress flows. The 
cavity is however still predicted to be of merged boundary layers, with the 
premise that the high effectiveness is achieved at low purge rates, making 
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the transition from sealed to unsealed cavity difficult to resolve at lower 
radial locations with the current measurement setup.  

In identifying the mixing region, the pitchwise effectiveness variation with 
respect to the average effectiveness was quantified. An interesting result 
shows that the highest variation occurs not at high or low purge rate, but at 
the intermediate where the average effectiveness is close to 50%. At this 
point, similar quantities of ingress and egress are present producing the 
high variation.   

It was shown in Paper IV that the seal performance may be quantified 
through the Bath orifice equations, despite that the measurement location 
was shown to be in the mixing region of ingress and egress. This was 
achievable because of the possibility to quantify the tangential 
concentration variation in this area, and obtain a representative average. 
Using this average, the effectiveness was quantified with respect to Φ0, 
allowing all measurements to collapse to a single line unaffected by 
operating speed, which was varied within ±20%. This goes for the sealed 
and leaking rotor respectively. Since the leakage through the rotor 
dramatically changed the ingestion behavior it is not expected to align with 
the case of the sealed rotor. The two distinct cases do however behave 
consistently, and the speed independence also for the sealed rotor is shown 
in Figure 13, incorporating an additional operating speed which was not 
shown in the paper.  

The maximum likelihood fit of the effectiveness equations to the 
measurement data did not capture the measured effectiveness behavior at 
high purge rates. This is thought to be due to measurement limitations 
resulting in an effectiveness of unity never being achieved. Ideally, multi-
channel concentration measurements would be used in combination with a 
more accurate measurement of the purge flow rate. Very high purge rates 
are required to seal the top radial location, while moving to the subsequent 
lower radial position a sealed cavity is achieved at dramatically lower purge 
rates. At this lower location, the limitation in the measurement setup is 
evident due to the loss of the relation between increasing effectiveness for 
increasing purge flow, seen in the sealed rotor cases.  
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8.4 COOLING POTENTIAL IN THE MAIN ANNULUS 
The purge flow main annulus cooling potential is studied in Paper IV and V. 
In Paper IV, a leakage through the rotor disc was discovered and its impact 
quantified. It showed that this type of leakage, which may be compared to 
balancing holes on a rotor disc, allows increased hub cooling potential at the 
dramatic expense of rim real effectiveness. This situation was involuntarily 
obtained in Paper IV. The potential application of this kind of design as an 
engineering solution was discussed. Two possible benefits of the design 
were stated to be the increased hub cooling potential and increased 
efficiency. Hub cooling is improved since purge flow in the upstream cavity 
is transported to the downstream cavity, bypassing the mixing with the 
main flow through the rotor blading. The flow then leaves the downstream 
cavity, entering the main annulus, and staying near the hub due to the 
absence of blading. The potential for higher efficiency is realized when the 
hub boundary layer is ingested into the cavity, leaving space for high 
momentum flow to produce work through the blading. The impact on 
efficiency was small in the investigated case, while the effectiveness 
changed dramatically. It may be possible to design a stage to benefit from 
this effect. However, the designer must be prepared for an increased 
ingestion with the inherent heat issues. The optimum leakage through the 
rotor is probably smaller than the investigated case.  

When comparing the spanwise transport of purge flow with the work of 
Lindqvist [27] a complex relationship is apparent, since one of the results 
was a reduced spanwise transport of purge flow for increasing operating 
speed, contrary to the results of Paper V. A combination of rotor incidence 
and vane exit velocity is used to explain the results. A contributing factor 
may be that in the numerical results of [27], for higher operating speed, the 
purge flow core seems to migrate further radially downstream of the rotor.  
This could explain the contradicting results, as the results by [27] are 
generally taken at rotor trailing edge and not the measurement section used 
in this work.  

The results obtained in this work are however consistent. The spanwise 
transport of purge flow, measured through area-traverse in the flow channel 
correlates with the measurements taken directly on the hub. On the hub, 
additional intermediate purge rates are investigated. A higher cooling 
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potential is seen at the lower operating speed, while increased speed causes 
the coolant core to depart from the hub. This is despite the measurement 
being taken at a further downstream location. Seedgas traverse in Paper IV 
showed that the radial mixing between the two downstream measurement 
sections is limited for the sealed rotor.  
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9 CONCLUSIONS 
Throughout this work, two parameters for quantifying the purge flow rate 
are used, namely the massflow ratio and Φ0. The massflow ratio utilizes the 
total massflow through the stage in relation to the purge flow rate. The 
parameter is preferable when studying the effects in the main annulus, 
giving for example a consistent efficiency reduction regardless of operating 
speed. Typical purge flow rates range from 1% to 2% massflow ratio. The 
non-dimensional purge rate Φ0 is preferable when studying the rim seal 
effectiveness, as it is instead shown to provide a consistent effectiveness 
behavior independent of operating speed.  

Four aspects of the purge flow's impact on a turbine stage have been 
discussed, as categorized in the previous section as well as in section 3.2 
Objectives. The quantitative results within these aspects, tied to the specific 
stage investigated may be summarized. The penalty in terms of total-to-total 
isentropic efficiency is of the order of 1.2 percentage points reduction for 
every added percentage point of purge flow in terms of massflow ratio. With 
the sealed rotor, the rim seal effectiveness at the investigated high radial 
location is seen to increase by about 40 percentage points for every 
percentage point of purge flow, which in terms of Φ0 is an increase of about 
0.08. The subsequent local impact on flow parameters downstream of the 
rotor is of the order of 2° turning and a Mach number delta of 0.01, seen as a 
reduced flow velocity and increased turning near the hub, and a 
corresponding velocity increase and turning reduction around mid-span. 
Increased gradients in the variation of the flow parameters in the span 
direction are seen with increasing operating speed. 

On the hub, the purge flow concentration increases by about one percentage 
point for every percentage point of purge flow. On the other hand, with the 
rotor featuring the leakage, the corresponding number is 4 percentage 
points of increased concentration. 

Returning to the envisioned iterative process for aerodynamic design of a 
turbine stage subject to purge flow, mentioned in section 3.2 Objectives, the 
process may now be exemplified. Φ0 is shown to quantify the purge rate 
effectively regardless of operating speed. The resulting absolute purge rate 
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massflow will however vary with operating point and should be quantified 
with the anticipated operating envelope in mind. The benefit of actively 
adjusting the purge rate during operation, based on operating point, should 
be quantified in order to conclude if such an operation would be profitable 
for the specific design. To maintain a constant Φ0, the massflow should 
increase linearly with operating speed as long as the cavity density and 
viscosity are constant. As exemplified with the investigated design, a 
hypothetical operating envelope of ±20% operating speed would result in a 
±0.24 percentage point variation of efficiency if the purge massflow is 
allowed to follow the operating speed and maintain a constant effectiveness, 
disregarding other losses associated with the off-design operation.  

The rotor outlet flow condition is affected by the injected purge flow 
upstream of the rotor. Therefore, the new flow condition should be used as 
boundary condition when designing the subsequent stage. Positive 
incidence may have high impact on performance, due to risk of separation 
on the blade suction side. Areas with a risk of this due to purge injection at 
the upstream rotor are in the secondary flow regions, where over-turning 
increases with purge flow. The effect the purge flow has on the outlet flow 
field is also dependent on the operating point, where the higher gradients 
are seen at increased speed, and should be accounted for.  

The base aerodynamic design may be adjusted to the optimized purge rate 
and quantified flow field, allowing higher aerodynamic performance and 
cycle efficiency, both leading to either increased output or reduced fuel 
consumption.  

Applications may appear where a leakage through the rotor at high radius 
would prove beneficial. With this design, the purge flow may be used more 
effectively as it may be concentrated to the hub as opposed to being mixed 
with the main flow and thereby losing its cooling potential.  

In previous studies, seal performance is traditionally measured below the 
mixing region. This work shows that a significant amount of hot flow resides 
in the mixing region while the remaining cavity is sealed. The effectiveness 
in the mixing region should therefore routinely be quantified, if the area is 
to be designed for lower temperatures than those in the main annulus.  
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10 FUTURE WORK 
The area of cavity purge flows in high pressure turbines is currently 
experiencing extensive research due to its potential of increasing gas 
turbine performance. Several areas, interrelated to a varying degree, are 
under investigation and not yet fully understood. This involves the 
understanding and prediction of unsteady pressure structures developing in 
the cavity as observed through the works of Jakoby et al. [37]and Beard et 
al. [38]. Measurement of this phenomenon was hinted upon in Paper I.  

Efforts should be devoted to the development of ingestion prediction 
models which are geometry parameter based to avoid the required 
experimental characterization. This may be approached through the 
methodologies of Savov and Atkins [39]. Pitchwise variation of the seal 
geometry may prove a method both of reaching improved ingestion 
behavior as by Sangan et al.  [40], as well as improved stage performance as 
by Schädler et al. [41]. The area should however be further investigated to 
provide general conclusions and guidelines.  

The experimental equipment used in the current investigation has the 
general advantage of capability of measurement of both purge flow 
distributions in cavity and main annulus, as well as flow field and efficiency 
measurements, all at engine representative Mach numbers. Given these 
capabilities the apparent way to continue the research is to maintain the 
overview perspective of the influence of purge flow injection. The research 
area would benefit from additional measurements at higher pressure ratios, 
where models developed under incompressible conditions are thoroughly 
challenged, confirming validations such as by Teuber et al. [42]. 
Investigating density gradients between coolant and main flow in a similar 
way is also of interest.  

A new stage geometry would allow the testing of a new cavity geometry 
without the merged boundary layers characterizing the current study. The 
possible benefits of a leakage under the rotor platform as discussed in Paper 
IV is also a topic which could be further investigated, characterizing the 
tradeoff between cavity cooling, endwall cooling and stage efficiency for 
varying rotor leakage rates.  
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