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Sammanfattning 

Dagens samhälle går mot en livsstil som präglas av möjligheter att göra allt fler hållbara val. 

För att minska koldioxidavtrycket krävs en fortsatt stabil omställning till 

förnyelsebara energikällor, i vilken vindkraften har en betydande roll.  

Det här projektet syftar till att, under statiska förhållanden, studera lagren i vindkraftverkens 

pitchsystem och deras prestation, att undersöka lastfördelningen mellan rullkropparna i lagren, 

samt att bestämma kontaktvillkoren mellan ytterring och rullkropp. Genom att anta kvasi-

statisk belastning på rotorbladet under en rotation har lagrens lastfördelning beräknats. En 

förenklad modell genom finita elementmetoden har tagits fram där rullkropparnas styvhet 

modelleras på speciella kopplingselement, vilket förbrukar mindre beräkningstid men 

fortfarande ger ett korrekt resultat.  

Den största anledningen till utmattningsbrott hos lagren är lastens cykliska karaktär. 

Resultatet av beräkningen tyder på en ojämn fördelad belastning mellan rullkropparna 

där vissa rullkroppar ständigt upptar mer last än övriga. Dessutom har läget för maximala 

kontakttryck på rullkropparnas yta och hur det ändras med tiden beräknats.   

Lagret i vindkraftverkets pitchsystem kan tyckas relativt obetydligt jämfört med övriga 

komponenter, men en korrekt funktion av dessa är väsentlig för att uppnå en säker drift av 

vindkraftverken. Resultatet av denna studie belyser behovet av en alternativ lösning som är 

effektivare och optimerad för denna applikation. 

Keywords: Kontaktsimulering; Pitchlager; Lastfördelning
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Abstract 

The world today is heading towards a more sustainable lifestyle in every aspect ranging from 

the clothes worn, transportation and even energy generation. The change towards lowering the 

carbon footprint is a slow but steady process, in which the wind industry play a major role.  

The project’s aim is to study the behavior of the pitch bearing under constant wind load 

conditions, investigate the load distribution between the rolling elements in the bearing and 

finally to determine the contact conditions that exist between the raceways and the rollers. The 

bearing load is calculated by assuming a quasi-static loading as the blade completes one 

revolution. A simplified finite element model is then built where the stiffness of the rollers is 

modeled onto special connector elements, which consumes less computational resource and 

still delivers an accurate result. 

The cyclic nature of loading is one of the major source of fatigue failure of these bearings. The 

load distribution data suggests uneven loading of the rolling elements and how certain rollers 

in a particular position are always more heavily loaded than the others. The loading information 

is also used to map the position of maximum contact pressure on to the surface of the rollers 

and how it changes with time.  

At the first glance, the pitch bearing might appear relatively insignificant compared to rest of 

the components, but a proper functioning of these bearings is essential for safe operation of the 

WT (Wind Turbine). The results of this work have thrown light into the proficiency of these 

bearings and the need for an alternate solution that is more efficient and better optimized for 

this application. 

Keywords: Contact simulation; Slewing Bearing; Pitch Bearing; Load distribution 
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NOMENCLATURE 

Here is the list of symbols and abbreviations used in the report. 

Notations 
 

Symbol Description 

A Center distance between the raceway grooves (m) 

𝐶𝑎 Dynamic axial load rating (N) 

[C] Damping coefficient matrix (Ns/m) 

D Diameter of the ball roller (m) 

𝑑𝑚 Pitch circle diameter of the rollers (m) 

𝑑𝑥,𝑦,𝑧,𝜃𝑦,𝜃𝑧 

E’ 

F 

Relative displacements of the rings (m, rad) 

Effective Youngs Modulus (Pa) 

External contact force (N) 

𝐹𝑟 Radial Force (N) 

𝐹𝑎 Axial Force (N) 

�̅� Osculation factor  

𝐾𝑝𝑐 Theoretical stiffness of point contact (N/m) 

K Stiffness coefficient matrix (N/m) 

M External Moment (Nm) 

𝑃𝑒𝑎 Dynamic axial load (N) 

𝑄𝜑 

R’ 

Roller’s reaction force (N) 

Effective Radius (m) 

𝑅𝑖 Locus of centers of inner ring raceway groove radii (m) 

[U] Column Matrix of translational and rotational displacement (m & rad) 

[V] Column Matrix of translational and rotational velocity (m/s & rad/s) 

Z Number of Rollers 

𝛼/𝛼𝑜 Contact angle between the raceway groove and roller (rad) 

𝜑 Position of the roller (rad) 

θ Relative rotational displacement between the rings (rad) 

𝛿𝑘 Relative displacement (m) 

𝜏𝑦 Yield shear stress (MPa) 

𝜏 Shear stress (MPa) 

𝜂𝑏 Viscosity of base oil (Pa.s) 

�̇� Shear rate (s-1) 
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𝜃𝑐𝑟𝑖𝑡 Critical angle of rotation for slewing bearing (rad) 

𝛾 𝐷 cos 𝛼 /𝑑𝑚 

 

Abbreviations 

 

CFRP Carbon Fibre Reinforced Plastic 

CSYS Co-ordinate Systems 

CBM Condition Based Monitoring 

CM Condition Monitoring 

DOF Degree of Freedom 

DP Damage Prognosis 

EHL Elastohydrodynamic Lubrication 

FEA Finite Element Analysis 

IC Internal Combustion 

NDE Non-Destructive Evaluation 

PM Permanent Magnet 

RCF Rolling Contact Fatigue 

SHM Structural Health Management 

SCP Statistical Control Process 

SCADA Supervisory Control and Data Acquisition 

WTs Wind Turbines 

WBCs White Blood Corpuscles 
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1 INTRODUCTION 

The chapter covers the background of wind turbines, its operational challenges, the failure 

statistics, followed by problem definition and the scope of the project 

1.1 Background 

Many countries are using wind turbines to produce electric power. They are expensive to 

maintain since they are often located at remote places as shown in Figure 1. Thus, components 

should have long lifetime and be robust. This thesis aims to provide wind turbine users with 

in-depth knowledge on a safety and functional critical system, i.e. the blade bearing system. 

This knowledge may be used as input to a condition-based maintenance system to predict 

bearing failures.  

 

 

Figure 1 Modern Wind Turbine in harsh environment (How Do Wind Turbines Survive Severe Storms?) 

The WT’s ability to change the future for the better not only depends on crossing the existing 

technological, engineering limitations but also heavily relies on the governmental institutions 

adopting the right policies. The attributes of the energy policy may include legislation, 

international treaties, and incentives for investment, taxation and other strategies to simulate 

the energy industry. Global energy demand has been on a steady rise and is expected to reach 

600 quadrillion BTU by 2020 (Saidur et al., 2010) out of which very less contribution is given 

by the wind industry. Denmark provides the best example of growth in the wind industry, 

owing to its oil crisis in the 70s the Danish government revised its energy policies which 

encouraged wind energy to flourish, it also granted freedom to form local cooperatives with 

limited ownership shares in wind turbine projects within the resident’s municipalities. 

Strategies have been opted in March 2004 to cut down CO2 emissions (reduction by 50%) by 

moving the future of wind energy to offshore locations by 2025.  

Wind turbines are considered ‘green’, sustainable source of energy production because there 

are no harmful discharges, no risks in handling the by-products, but, they still have malign 
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effects on the environment. The immense danger in operating the wind turbines is the 

accidental chance of blade flying off during windy weather conditions. Although theoretical 

predictions can be made as to calculate the trajectory of the pieces of the blade, it still presents 

a huge risk to the safety of the surrounding environment. In case of ice accretions on the blade, 

these chunks of ice can be flung to a long distance which might cause significant damage upon 

impact. Modern day wind turbines have been found to emanate unwanted noises which are 

perceived as ‘annoying’ to the everyday life. The airflow around the blade, turbulence and flow 

separation contribute majorly to this noise pollution (which is unavoidable to an extent), this is 

followed by the sounds generated by the moving components in the gearbox. The gigantic 

moving blades of the wind turbines have been the cause of death to numerous birds, especially 

to the migratory birds those flies at an altitude less than 200 m. The presence of wind farms 

has been speculated to cause a change in the migration pattern and disturbed the local breeding 

ground for the birds. The rotating of the blades has been found to create local interferences 

with radio and TV signals. The large steel covered structure reflects the electromagnetic wave 

which destructively interferes with the signal received by the antennas. 

The world like Denmark is slowly shifting the focus to possibilities of erecting offshore wind 

turbines. This is a growing field, wherein lies numerous challenges and hence opportunities. 

The primary advantage of the offshore location is the availability of uninterrupted and fast 

blowing winds. There is also no dispute over acquiring lands to build the farm, in addition to 

the reduction in visual and noise pollution. However, offshore WTs demand a very precise, 

reliable design, they are acted upon by various dynamic forces which need to be modeled with 

high accuracy and precision. The presence of seawater accelerates corrosion process, thus 

requires special materials and enhanced sealing technique to prevent them from wetting the 

components. Another big challenge to be tackled is the installation and maintenance 

procedures, it is time-consuming and expensive to transport the components from the shore to 

the location. The servicing operation is highly dependent on the weather condition since it is 

highly dangerous to dock the boats in rough sea condition. Setting up a wind farm in the 

offshore location disrupts the oceanic traffic and affects the marine environment, the sound 

from the wind turbine can interfere with the marine animals, if the underground cables are 

damaged it can lead to electrocution of the animals. Despite the several shortcomings and 

hurdles, the offshore wind industry has the potential to provide sustainable energy to power the 

future. 

 

1.1.1 History and design of wind mills 

Wind Turbines have been part of our society from 644 A.D. (Erich, 2013), when they were 

used to mill grains, draining rice fields as shown in Figure 2 and so on. Both horizontal and 

vertical axis windmills were popular at those times. The first recorded wind mill was erected 

up in the Duchy of Normandy in the year 1180 and the windmills design during the medieval 

times were merely ’artistic’ and not a lot of research and development went into them. The real 

engineering approach was not incorporated until the 18th century when the physical-

mathematical thinking became more prominent as shown in Figure 3. During the late 1600s, 

several engineers started developing various laws and formulas to design the ’blade’, 

introduced new control systems like the ’fantail’ which helped with yawing to the wind 

direction and shifted from wooden components to metallic structures. The first ever attempt to 

use a windmill to drive a ’dynamo’ was realized in the year 1891 and ever since the term 

’windmill’ has been replaced with ’wind turbine’. Figure 4 shows the first ever power 

generating WT to be setup at Denmark. As a result of World War II, the spike in fuel prices 

demanded an alternate source of generating electricity and as a consequence many wind 
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turbines were seen popping up throughout the world. Such a move encouraged the engineering 

community to push the limits, innovate new technology, shifting the rated power of the wind 

turbine from ’kW’ to ’MW’. The biggest wind turbine in service today has a rated power of 9.5 

MW with the rotor diameter of 164 m (Campbell Shaun, 2017). 

 

 

Figure 2 Vertical axis windmill from China (Erich, 2013) 

 

 

Figure 3 Schematic of a German windmill (Erich, 2013) 
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Figure 4 The first electricity producing wind turbine (1891) (Erich, 2013) 

 

The wind turbine works on Bernoulli’s principle of producing lift on an aerofoil body. The 

principle states that within a steady airflow of constant energy when the air speeds up through 

a region of lower pressure it speeds up and vice versa as shown in Figure 5.   

 

 

Figure 5 Bernoulli's principle of producing lift (Vinzant) 

 

The blades of the wind turbine have similar geometry to aircraft wings (aerofoil cross-section), 

thus with the wind flow across the blade lift force is generated. Since the blade is attached to 

the hub via the blade bearings, this lift produced rotates the blades around the axis of the hub. 

Figure 6 shows the different components of a horizontal axis wind turbine and how they are 

working together to produce power. Each system is described briefly as follows: 

1. Rotor blade – As mentioned above, these aerofoiled shaped structures are responsible 

for producing the lift force from the winds. It is common to find three blades 

symmetrically placed around the hub because ‘three’ is the optimum number, with 

two blades generating less power and four blades drive up the cost. These blades are 

made from CFRP (Carbon Fibre Reinforced Plastics) to make them lighter and more 

efficient.  
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2. Rotor hub and blade pitch mechanisms – The rotor blades are attached to the hub 

through the blade bearings. These are large slewing bearings which help in adjusting 

the pitch of the blades to have the optimal angle of attack when the wind direction 

changes. These bearings are designed to take axial and radial forces and tilting 

moments.  

3. Gearbox – The gearbox forms the heart of the wind turbine, it is solely the function of 

the gearbox to make it possible to produce power from the low rotational speed of the 

blades. The power from the hub is transferred to the gearbox via the rotor shaft. These 

gearboxes have usually 90:1 or 100:1 gear ratios (Zipp Kathie, 2012), converting 

incoming speed of 20 rpm to output speed of 1500 rpm to run the generator. The 

common gearbox configuration consists of three-stage planetary gear setup because 

this configuration has much higher efficiency for less weight than the conventional 

spur gear arrangement. Whilst being a pinnacle in the wind turbine, it is also this 

subsystem that fails more frequently (Sheng, 2013) especially the bearings (Sheng, 

2016) primarily due to lubrication problems and encountering heavy loads. 

4. Rotor brake – The rotor brake functions as a secondary braking system besides the 

aerodynamic braking of the rotor blades (changing the pitch to produce zero lift force). 

A mechanical disk brake is designed to hold the rotor torques during standstill (during 

servicing) and is usually placed behind the high-speed shaft system. This arrangement 

considerably reduces the dimensions than when located after the rotor shaft, however, 

this configuration has the primary disadvantage of the gears to have ‘fretting wear’ 

due to small oscillatory motions from the wind turbulence. In some turbines this 

problem has been overcome by letting the rotor ‘spin’ at low speed. 

5. Generator – The wind industry opts for induction or PM (Permanent Magnet) 

generators which are needed to be turned at the rate of 1000-1500 rpm to produce 

useful power. The former uses electromagnets while the latter employs expensive rare-

earth elements to produce a magnetic field. The generator typically produces 

alternating current (900V, 60Hz) which are then stepped up by the transformer and 

the current is fed to the grid. There is usually air cooling system located in the nacelle 

to keep the generator and gearbox at optimum temperatures. 

6. Control systems – If the gearbox and the generator is the heart of the wind turbine then 

the control systems form the brain and the nervous system. The control systems are 

responsible for maintaining the wind turbine at peak efficiency and for ensuring safe 

operation. It consists of various sensors for measuring vibration, wind speed, rotor 

speed, temperature, etc, actuators to control the yaw and pitch unit and a master 

computer to process the information. In the case of severe wind loads the pitch and 

yaw units are actuated to minimize the load transferred to the rotor blades, similarly if 

there is an overload in the current or voltage generated the control system 

automatically switches off the connection to the grid. 

7. Tower – The tower forms the body of the WT. It usually spans from 80-120m in height 

and is made of hollow concrete-steel hybrid. The tower’s stiffness is a major design 

parameter because the tower acts like a ‘tuning fork’ against the wind and the moving 

parts in the nacelle (the top portion encompassing the gearbox and generator). This is 

the reason why the hybrid tower is better than the conventional tubular steel tower 

since the former has better dynamic characteristics.  

8. Foundation – The WT is supported by the foundation laid at the ground. The design 

of the foundation depends on the highest thrust load that is encountered during the 

operational life, the strength of the soil, the water flow in the ground because the 

groundwater could cause considerable buoyancy. The common foundations employed 

are pile foundations or slab foundations. 
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Figure 6 Components of the horizontal axis wind turbine (Erich, 2013) 

1.2 Purpose 

There has been a recent finding of pitch bearing failure by Vattenfall AB. The analysis of the 

bearing could not point to a specific failure mode. This thesis project will serve as a precursor 

to develop experiments to test these bearings. The project aims to answer the following research 

questions: 

1) How is the load distributed in the pitch blade bearing? 

2) How is the boundary condition assumptions affect the load distribution? 

3) What is the contact status between the rollers and the raceways and how do they change 

with time? 

The result from this work will aid in selecting the experiment’s hypothesis, the test method and 

the physical test rig. 

1.3 Delimitations 

Like any other projects several assumptions were made, and the scope was set as follows: 

1) Only numerical analysis will be carried out and no experiments will be performed. 

2) Due to the complex nature of load transfers, a simplified and approximated quasi-static 

model will be used to find the loads on the bearing. 

3) Due to various IP (Intellectual Property) and NDA (Non-Disclosure Agreement) issues 

the actual data like mass of the blade, its length, bearing geometry were unavailable. 

This lead to assuming all the above-said parameters and making educated guess to solve 

the problem. 
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4) Limitations on computational resources demanded an alternate solution to solving this 

problem without the use of contacts. The stiffness of the rolling elements was modeled 

in the form of bushing elements, which greatly reduced the computational resource. 

1.4 Methodology 

This project is divided into five stages as follows: 

1) The first stage is conducting research into existing solutions to the problem. A literature 

survey was carried out that investigated the wind loads, mathematical modelling of the 

bearings, and common failure modes to formulate research questions. 

2) The next phase was data collection. As mentioned in Section 1.3, the relevant data were 

not easily available. The author and Vattenfall AB came to agreement on assumptions 

for these data. 

3) The wind loads were approximated as static load, the free body diagram of the blade-

bearing system was drawn, and equilibrium equations were solved. The forces and 

moments from these equations served as an input to the numerical analysis. 

4) From the background study a finite element model was built to analyse the bearing. A 

CAD model of the bearing was used as input to a commercial numerical solver to find 

the load distribution. 

5) The simulation results were analysed and discussed to answer the research questions. 
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2 FRAME OF REFERENCE 

This chapter presents the literature survey conducted for this project.  

2.1 Wind Loads 

Wind turbines are subjected to very stochastic wind loads. The loads can change quickly in few 

seconds, thus imparting ‘fatigue’ stresses on the components. The structural design thus 

focuses on not only capturing the maximum loads that occur during storms or hurricanes but 

also on the alternating loads on the daily or hourly basis to design against fatigue damage. The 

actual loading on the structures can never be calculated since the transfer of loads from one 

component to another depends on the elastic behavior, the stiffness and so on. A simple 

example would be the transfer of the loads from the blade to the blade bearings, the alternating 

wind loads will cause the blades to ‘flutter’ or vibrate and this has a huge effect on how the 

load is transferred to the bearing. To make it simple, a static loading scenario is considered for 

this project.  

The loading on the WTs is contributed to the following factors (Erich, 2013): 

1) Aerodynamic loads with steady, uniform and time independent. This is generated as 

long as the blade rotates at a constant speed. 

2) Unsteady airflow that is spatial and temporal-dependent. Since the blade length is 

little over 40m or so, the wind speed varies along its length. The weather and climate 

play a huge role in controlling the intensity of the wind and generates time-varying 

loads.  

3) The other major loads on the system come from inertia. The components are huge 

and heavy that it is incorrect to skip the gravity or centrifugal loads. 

Figure 7 shows the various sources of loading on the WT.  The primary sources are the wind 

and the inertia of the system as follows: 

1) Gravity and inertia loads – As stated before the mass of the blade typically weighs 

around 5tons or more and hence it is important to include the inertial effects while 

calculating the loads on the system. An interesting point about the gravity load is that 

it contributes to the fatigue of the blades, as the blade rotates say starting from the 

horizontal position the direction of the gravity changes as it rotates. At the bottom-most 

point the gravity adds to the lift force while in the horizontal position it acts in the 

opposite direction. The second inertial effect is the centrifugal force owing to the 

rotation. However, the magnitude is small and does not significantly contribute. The 

final effect is the gyroscopic loading which comes into picture when the yaw system is 

active, usually the yaw rate is low for the load to be substantial to include in the analysis. 

There are cases however where there is a rapid change in wind direction and the rotor 

has to be aligned in the appropriate direction. Nevertheless, it is not economical to base 

the design of the tower nor the blades on the gyroscopic loads. 

2) Uniform, steady air flow – This is really an idealization of the real-world scenario, 

which gives an idea of the magnitude of the steady state or the average lift and drag 

forces on the blade. The load distribution over the blade is not uniform and it changes 

with the length depending on the profile and plays a big role in solving for the bending 

moments. The magnitude also depends on the angle of attack and is adjusted to get the 

maximum safe load by the pitch control unit. 
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3) Vertical wind shear and Crosswinds – As stated before the blade length is considerably 

high to ignore the velocity gradient with the height from the ground. This means that 

the blade will experience more force at the top than at the bottom. Another effect to 

consider is the crosswinds, the gradient in wind speed from one diametrical end to 

another. These loads are paramount when designing for fatigue failure. 

4) Tower interference – The influence of tower in the wind flow can be seen in Figure 7. 

The flow around the tower greatly influences the loading in case of the down-wind 

WTs, while for the up-wind WTs there is very little but quite perceptible change 

observed. This effect has been greatly minimized with the help of slender towers, also 

by maintaining an optimum clearance between the tower and the rotor. 

5) Wind Turbulence and Gusts – The fatigue design of the blades is based on the variation 

of mean wind speed with time, the maximum load carrying capacity is based on the 

short-term turbulence and gusts. The turbulence is usually represented in the form of 

spectrum. Designing the turbulence and gusts model from meteorological data will give 

an insight as to the maximum load to be expected.   

 

 

Figure 7 Sources of loading on the WT (Erich, 2013) 
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2.2 Pitch Blade Bearing 

The pitch bearing used in Wind Turbines are four-point contact slewing bearing as shown in 

Figure 8. The rings are separated by the rolling elements and seals as shown in Figure 9. 

Depending on the design requirements, the bearings are designed either with ball or roller 

rolling elements. The load specification also dictates the number of row of rolling elements 

(usually one row is used, in extreme cases two or more rows of rolling elements separate the 

rings). The shaft and housing are fastened to the bearing via the through holes in the rings. 

Bearing material 42CrMo4 (SKF Catalogue) is used to manufacture these bearings, and are 

induction hardened to provide the optimum case and core hardness. 

 

 

Figure 8 Four-point contact pitch blade bearing (Chen and Wen, 2012) 

 

These types of bearings can be usually found in excavators, cranes and are mounted beneath 

the cabins, where the operator sits. The rotation to the cabins is provided with the help of 

electric motor which drives the gear of the bearing. 

 

 

Figure 9 Cross-section of pitch blade bearing (SKF Catalogue) 

 

In the case of Wind Turbine, these bearings rotate the blade; adjust the pitch and angle of attack 

to increase the efficiency and also to slow down the speed during high-speed winds or gusts. 



11 

 

Pitch blade bearings are designed to transmit the required torque to rotate the blade, also to 

withstand radial, axial and tilting loads. Figure 10 shows the loads acting on the bearing, 

the magnitude of these loads can be calculated from the aerodynamic drag and lift forces. These 

loads are obtained by carrying out a dynamic simulation of the blade-hub system. The radial 

load and the tilting moment on the bearing is reaction force from the drag component of the 

wind acting on the system. 

 

 

 Figure 10 External Wind Loads acting on the pitch blade bearing (SKF Catalogue) 

 

2.2.1 Static load capacity 

As mentioned in Section 2.2, the pitch bearings carry radial, axial and tilting moments, they 

exhibit oscillatory motion and seldom rotate 3600. A lot of research have gone into finding the 

static load capacity, the reaction force carried by each element and the deformations. It is a 

highly complex phenomenon to model mathematically. The model proposed by Harris T.A, 

(1991) serves as the baseline, upon which several complex models were formed. To calculate 

the load distribution following assumptions were made: 

 

1) The bearings were assumed to operate under steady-state condition with low rotational 

speed so that the centrifugal and gyroscopic forces do not alter the load distribution 

significantly. 

2) The frictional forces and moments acting on the rolling elements were ignored. 

3) The contact was assumed to have Hertzian contact pressure distribution to model the force-

deformation of the element. 

4) The outer ring is assumed to be fixed, while the inner ring gets displaced under the external 

load as shown in Figure 11. 

5) All the bodies in consideration are assumed to be very stiff (behaves as a rigid body) except 

for the micro deformations at the contact level. 

 

The deformation of individual rolling element is formulated as the function of the relative 

displacement of the inner ring with respect to the outer ring as given by Eq(1). As mentioned 

above the problem is solved under static and steady-state condition thus the discrete summation 

of reaction force at individual rolling elements must equal the total external load. This gives 
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coupled nonlinear equations which can be solved through numerical methods (such as Newton-

Raphson) to obtain the deformations and the load distribution in the bearing. Appendix A gives 

in-depth information on the equations. 

 

 

Figure 11 Displacement of the inner ring with respect to the outer ring (Harris, 1991) 

 

 𝛿𝑛 = {[(𝐴 𝑠𝑖𝑛𝛼
0 + 𝛿𝑎 + 𝑅𝑖𝜃𝑐𝑜𝑠𝜑)

2 + (𝐴 𝑐𝑜𝑠𝛼0 + 𝛿𝑟𝑐𝑜𝑠𝜑)
2]1 2⁄ − 𝐴} (1) 

 

Where 𝛿𝑛 is the net relative displacement between the rings, A is centre distance between the 

raceway grooves, 𝛿𝑎, 𝛿𝑟 the displacement in the axial and radial direction respectively,  𝜃 is 

the angular displacement between the rings, 𝑅𝑖 is the pitch circle radius, 𝛼0 is the initial contact 

angle of the roller, 𝜑 is the position of individual rollers. 

The method presented above apply in general to all the bearings (ball and roller) however, they 

were not modeled with large bearings like the pitch blade bearing in mind. To make the design 

process for large bearings easier, a guideline has been established (Harris, Rumbarger and 

Butterfield, 2009). This guideline presents the different criteria to consider when designing the 

pitch and yaw bearing for the wind turbine, also provides formulae for estimating the lifetime 

of these bearings. Eq (2) gives the relationship between the maximum element load and the 

loads acting on the bearing. Qmax is instrumental in finding the maximum contact pressure 

(Smax) experience by the rolling element. Failure of the bearings (especially fatigue failure) 

depends on the magnitude of the contact pressure and subsurface shear stress distribution, refer 

Sec 2.2.2 for the failure mechanisms in the bearing. Identification of the maximum element 

load forms the first step in calculating the bearing life and subsequently predicting its failure. 

 

 𝑄𝑚𝑎𝑥 = (
2𝐹𝑟

𝑍 𝑐𝑜𝑠𝛼
+

𝐹𝑎
𝑍 𝑠𝑖𝑛𝛼

+
2𝑀

𝑑𝑚𝑍 𝑠𝑖𝑛𝛼
) (2) 

 

Where 𝑄𝑚𝑎𝑥 is the maximum roller load, 𝐹𝑟, 𝐹𝑎, 𝑀 are external axial, radial force and 

overturning moments respectively, Z is number of rollers, α is the contact angle of the rollers. 
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The paramount role of Qmax is in determining the fatigue life of the bearing. To prolong the 

fatigue life, the maximum shear stress under the heavily loaded roller-raceway contact (Qmax) 

should be less than the allowable yield shear stress at the depth where the core hardness starts. 

The standard dictates that the raceway surface should have a hardness of 58 HRC (minimum), 

gradually decrease to 50HRC and rapidly decrease to the core hardness of the material. Any 

change in the above mentioned hardness has direct implications in reducing the life of the 

bearing. Appendix B gives a detailed view of calculating the lifetime of pitch bearings. 

 

2.2.2 Failure mechanisms 

Section 2.1 introduced the wind loads acting on the turbine. It is very evident that the bearing 

sustains very high and cyclic loads. Even during one revolution of the blade, the forces 

especially the weight of the blade changes direction. Besides the high magnitude, the wind 

loads are highly stochastic and unpredictable. The possible modes of blade bearing failure 

(Stammler and Reuter, 2015) are fatigue, edge loading, core crushing, ring fractures, fretting 

and false brinelling. This section will cover these failures and different research that has gone 

into the understanding and mitigating them. 

Fatigue failure is the most dominant failure mode in bearing. This mode of failure cannot be 

prevented even with the use of most sophisticated lubricants. There are two types of fatigue 

failure (Van, 2009) normal and premature fatigue failure. Normal failure is when the 

components reach the end of their life, primarily subsurface initiated and is attributed to the 

material fatigue. On the contrast, premature fatigue occurs when the external loading exceeds 

the design load and the component fails before its intended lifetime. The failure process can be 

subsurface initiated, or surface initiated. The former failure mechanism is kindled when the 

subsurface maximum shear stress reaches the yield stress in pure shear (Bharath, 2013). Figure 

12 shows the variation of normal and shear stress with the depth beneath the contact surface, 

the maximum shear stress occurs at the depth equal to half the semi-major axis of the contact 

ellipse. The surface-initiated failure phenomenon is caused due to insufficient lubrication 

present between the contacts.  

 

Figure 12 Stress distribution as a function of contact depth (Bharath, 2013) 

On the contrary, the surface-initiated crack mechanism is attributed to the tensile stress 

component when the asperities come into contact (Alfredsson, 2000). This induced tensile 
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stress can also be caused due to thermal expansion and cooling of the material. These thermal 

loads always act together with the rolling contact, any rise in friction or wear will accelerate 

these thermal cracks. Once the crack is initiated there is a good chance that the crack might not 

propagate to cause spalling or damage the material. If the crack moves out of the stress field, 

it gets arrested (ceasing to grow) until a bulk stress zone drives it (Ekberg, Åkesson and Kabo, 

2014), this arrest region is termed as ‘Quiescent’ zone.  

Another interesting phenomenon to note in this type of contact is the competition between RCF 

(Rolling Contact Fatigue) and tribological wear. Metal to metal contact increases the friction, 

leading to wear of the surfaces. There are some cases where the worn-out volume contains the 

fatigue crack (Huang et al., 2018), in such cases the fatigue process is found to be halted until 

a new crack initiates elsewhere. It is also observed that the decreasing wear rate accelerates the 

crack propagation, especially for the subsurface initiated cracks. This mechanism is further 

bolstered by the presence of lubricants (Maya-Johnson, Felipe Santa and Toro, 2017). Tests 

were carried out using the twin disk testing machine under both dry and lubricated contact 

scenarios. The tests results show that the mass loss in the dry contact conditions is lesser than 

in the lubricated contact conditions. Though the lubricants alleviate wear and reduce friction, 

they aid in crack propagation and hence in the removal of small volumes of the material.  

Above failure mechanisms shows the role of external loading conditions in fatigue failure 

however, the actual mechanism is much more complex and depends on a lot more variable like 

material impurities, inclusions and so on. The inclusions found in the material acts as stress 

concentration points for the crack to initiate especially the sub-surface cracks at the Hertzian 

depth (Nélias et al., 1999). The non-metallic oxides inclusions are found to be more harmful 

than the nitrides or the carbides, beside the nature of inclusions their frequency and distribution 

also play a major factor in crack attraction and propagation. For the sub-surface initiated cracks, 

the localized stress due to the surface roughness might superimpose with the Hertzian stress 

and thus forming a bridge for the cracks to grow to the surface and create spalls.  

The fatigue damage, conditions for the crack propagation can be predicted to some extent and 

proper countermeasures can be taken in the design stage itself. The highly unpredictable 

dominant failure mode in the blade bearings is fretting wear. Fretting wear occurs when there 

is small relative motion between the contact bodies which disturbs the lubricant layer in 

between and thus giving rise to metal to metal contact. In case the lubricant is contaminated 

with debris, a three-body wear phenomenon is observed which leads to failure. This is more 

pronounced in blade bearing since most of the time, the bearing does not rotate and is standstill 

under dynamic loading and this leads to small oscillations of the rolling element causing the 

fretting motion.  

One of the major factors determining the fretting wear is the amplitude of the oscillation. 

Studies (Becker and Shipley, 2002) have shown that severe damage can happen even if the 

amplitude is in the range of nanometers. As the amplitude increase the wear area also increases. 

However, there is an upper limit to this phenomenon where no noticeable changes were 

observed for amplitude greater than 100 µm. While studying the effect of frequency, significant 

wear was observed at low frequencies. However, at higher frequencies increased interface 

fatigue damage and corrosion was found due to increase in the temperature. The role of surface 

finish dictates that under rough surface conditions less fretting wear took place. This is because 

the debris could get under the ‘valley’ and the deformations might be in the elastic region. 

Besides the applied load, the amplitude of vibrations, the external environment also influences 

on fretting wear. The presence of oxygen and water vapor has shown to accelerate the fretting 

corrosion. However, with an increase in humidity (to around 50% RH) the wear is observed to 

gradually decrease. Besides the environment of operation, various failures were noticed during 
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the transportation of the components. For example, bearings in the rear axle trucks were found 

to have undergone false brinelling due to the vibration from the ship engine while they were 

being shipped.  

From the above example, it is quite evident that fretting wear can be prevented if the relative 

motion can be arrested. This puts a design requirement to have a tight clearance to prevent the 

oscillatory motion. Though in theory, the slewing bearing acts as ‘four-point contact’ machine 

element, in reality, due to the clearances introduced it ultimately acts like a two-point contact 

system. Thus, having control over the clearances can to some extent reduce the possibility of 

this wear. Research (Chen, Xia and Qiu, 2010) has shown that having negative clearance 

(introducing preload) in the system significantly reduces fretting wear. 

So far, the most dominant failure modes were presented and the equation that determines the 

failure criteria. Several models have been developed to predict the lifetime of the components 

undergoing fatigue loads. The most used model (or the baseline upon which other models are 

built) is the ‘Lundberg-Plamgren’ model. This model assumes that the contact bodies is a 

matrix with defects and is acted upon by cyclic stress (Tallian, 1991). These stress damages 

accumulate in the volume and spalling occurs at the most affected point. Since the damage 

depends on the density of defects and severity, they are assumed to be statistically distributed 

in the volume and hence the lifetime of the component is also determined by the distribution 

employed (usually Weibull distribution). In contrast, the new modified life model prediction 

(Ioannides, 1985) accounts for the crack initiation in the volume. This life model assumes that 

the fatigue life of the bearing is reached as soon as the first spall is observed. 

2.3 Grease lubrication 

The word ‘Grease’ literally translates to ‘fat’ in Latin. The early engineers used animal fat to 

lubricate the axles in the carts/chariots, the use of Grease dates back to as early as 1400 BC 

(Lugt, 2013). The real chemistry behind the grease was studied only after the 19th century where 

the shift from animal fat to natural triglycerides occurred. In the 20th century the art of making 

grease from mineral oil was discovered and slowly the Calcium, Sodium, Aluminium ‘soap’ 

came into the picture. World War II demanded better greases and accelerated the research to 

produce the next generation ‘complex’ grease that could withstand much harsher environment 

and found out to be more stable than the simple grease. Thus, grease came into the market 

competing against oils for lubricating the machine elements. The oil lubricant offers attractive 

additional benefits like small thickness film (which reduces the starting torque), ability to vent 

out the heat generated at the contacts, does not age as fast as the grease, it can be replenished 

with an active system (better pumpability than grease). Despite all these properties, grease 

lubrication is still preferred for bearing application owing to its ease of operation, a well-

designed grease need minimal maintenance, excellent sealing action against outside 

contaminants and they do not require ‘baths’ to replenish.  

Greases are a mixture of ‘thickener’ and ‘base oil’. They are analogous to colloidal solution 

where the base oil is dispersed in the thickener. These base oils are captured inside the 

thickeners by the combination of Vander Waal and capillary forces. Grease have a unique 

nature of behaving like a solid and a liquid, meaning the ability of the grease to flow like a 

fluid depends on the externally applied force (or pressure). This behaviour is termed as ‘Non-

Newtonian’, where the relationship between the shear stress and the strain rate is nonlinear as 

given by Eq (3). At higher shear rates grease behaviour is very close to that of the base oil, at 

lower shear rates (less than the yield shear) it is almost like a solid brick: 
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 𝜏 = 𝜏𝑦 + 𝑘�̇�
𝑛 + 𝜂𝑏�̇� (3) 

 

Where 𝜏, 𝜏𝑦 are shear stress and yield shear stress respectively, k is consistency index, �̇� is 

shear rate and 𝜂𝑏 is viscosity of the base oil. 

Even though greases have been around for a long time, the mechanism behind the lubricating 

process is not fully comprehended. The mechanism is roughly divided into two phases as 

follows: 

1) Churning phase – When the machine element starts for the first time after being greased, 

the contacts are heavily flooded with thickener and base oil, due to which the starting torque 

is very high and the contact temperature rises. This rise in temperature and high shear rates 

‘works’ the grease and separates the thickener and the base oil. The base oil then forms the 

film between the contacts while the grease is pushed to the sides. This phase takes anywhere 

from few minutes to 24 hours. 

2) Bleeding phase – During this phase, the base oil slowly starts getting used up and the 

lubrication regime shifts to EHL (Electrohydrodynamic Lubrication). This consequently 

raises the temperature at the contact, which then degrades the grease at the sides thus 

releasing base oil. This dynamic stability ensures that no metal-metal contact occurs. Figure 

13 shows the dynamic equilibrium that exists in the contact and the mechanism is quite 

complex and hard to predict as well. 

 

               

Figure 13 Dynamic equilibrium between loss and replenishment of lubrication layer (Lugt, 2013) 

 

The basic properties of the grease are governed by the nature of the thickener used and are even 

classified according to the thickener used. They form the skeleton/backbone of the grease and 

greatly influence the ‘stiffening’ behavior, this ultimately leads to different physical, chemical 

properties such as bleed rate, oxidation, mechanical stability and so on. The thickeners are 

broadly divided into simple, complex and non-soap thickeners. Simple thickeners are obtained 

by relatively straightforward saponification reaction between an acid and a base. While 

complex thickeners are formed by the reaction between a metallic base and a corresponding 

acid, these greases have higher thickener concentration, reduced oil separation and hence very 

much suitable for low-temperature applications. The last classification of inorganic thickeners 

includes polymer and polyurea greases which does not have any polar molecule and thus offers 

advantages not seen in the other greases. 

As mentioned above the choice of thickeners and base oil play a huge role in determining the 

physical, tribological properties of the grease. Fan et al., 2018 carried out a study to determine 
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the role of thickener in determining the physical and tribological properties, where 

Standardized tests were conducted with Lithium, Calcium, Polyurea soaps. It was found that 

the internal structure, interaction of the soap with base oil is paramount in manipulating 

dropping point, penetration and colloidal stability. This dynamic synergy also goes on to 

affecting the lubrication mechanism and consequently governing the friction and wear between 

the surfaces. From the ball-disc friction tests, it was concluded that Calcium Sulfonate complex 

soaps outperformed rest of the categories in delivering greater service life and reliability. 

Several tests were carried out to measure the influence of soap and base oil concentration on 

wear damage of the contacts (Mota and Ferreira, 2009) where a twin disk machine was utilized 

and was run for 12 million cycles. It was found that increasing soap concentration led to less 

wear from thicker film formation at the contacts than when only base oil was used to lubricate 

the surfaces, this leads to the conclusion that thickener also participates and aids in preventing 

metal to metal contact. 

It was mentioned in Section 2.2.2 that the major failure modes in the bearing are fatigue and 

fretting wear, by using the appropriate lubricant the fretting wear can be averted. Studies have 

shown that liquid and semi-solid lubricant are best used for conditions where gross slip occurs 

(slip amplitudes ranging from 100 µm and above) (Zhou and Vincent, 1999) while solid 

lubricant is best suited for partial slip regimes. This can be attributed to the fact that after the 

churning phase the thickener is pushed towards the sides of the contact and thus greater 

amplitude of relative displacement is required for the grease to re-enter the contact. A similar 

result was produced (Zhou, Kapsa and Vincent, 1998), in addition, the role of frequency and 

the normal load was also investigated. With increasing normal load and the frequency of the 

fretting, the lubricating effect of grease deteriorated because there was less time available for 

the grease to flow into the contacts. The use of grease also presented with the vulnerability of 

crack growth due to seepage of base oil in the microcracks and accelerating the wear.  

Various properties like viscosity, work penetration, velocity also determines the damage 

imparted to the components (Maruyama, Saitoh and Yokouchi, 2017). Viscosity has a direct 

relationship with the damage, decreasing the viscosity leads to decrease in damage (due to 

increase in film thickness). Work penetration (reduction in the grease consistency with time) 

also follows a similar trend to viscosity, where a drop in the consistency leads to more oil 

separation and consequently covering the contact. When it comes to the velocity of the fretting 

motion, it coupled with the viscosity of the grease, for low-velocity operation a high viscosity 

base oil is preferred, while for high velocity a low viscosity base oil is chosen. This once again 

strengthens the hypothesis that the base oil separation and time required for it to flow into the 

contact will alleviate fretting wear.  

As previously stated the efficiency of lubrication of grease depends on various external 

conditions as well as the physical properties, hence it is highly advantageous if any unexpected 

behavior can be prevented well before the damage ramps up. This is where the condition 

monitoring comes into play (Lugt, 2013). There are various techniques which can be employed 

to determine the state of the grease, the most commonly used methods are: 

1) Vibration and Acoustic emissions – This method can be easily employed and is one of the 

best online measurement technique. The vibration signals obtained from the accelerometers 

can help in identifying the film thickness, for example, if there is an occurrence of 

starvation and metal to metal contact, this will induce additional vibrations which can then 

help in replenishing the lubricant. The condition of excess grease in the contact has also its 

own distinct signature which can appear as a spot in the spectra. 

2) Lubcheck – In this technique, the thickness of the film is measured by measuring the 

electrical capacitance across the contact. The capacitance is inversely proportional to the 
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film thickness and this relationship is valid until the film thickness approaches boundary 

lubrication regime, below which it vanishes. SKF designed a machine for this and it was 

termed as ‘Lubcheck’. However, due to the presence of other electronic/electrical 

components in the vicinity it is difficult to electrically isolate the signals and thus greatly 

reduces the usage space. 

3) Linear Voltammetry – This procedure is applied to the greases working in high-temperature 

applications where oxidation is the primary cause of failure. This is an electroanalytical 

process where the grease is mixed with the electrolyte and linear voltage is passed through 

the electrochemical cell. The antioxidants in the grease will get oxidized and the output 

current quantifies the amount of these chemicals which indirectly gives an idea of the 

remaining life of the grease. 

4) Spectroscopy – Spectrometric methods are commonly employed to uncover the chemical 

composition of the grease. This method works by exciting the samples with radiation and 

the output spectra are then processed to find the chemical nature. Since each molecule 

absorb only distinct/unique wavelength, this can be used to find any contaminants or 

foreign particles in the lubricant. This is however an offline procedure where enough grease 

sample has to be scrapped and the test is performed. 

2.4 Condition Based Monitoring 

Today’s world is populated by several large, complex machines and structures like power 

plants, jet engines, suspension bridges and so on. It is increasingly important that we prevent 

any catastrophic failure that would lead to a very expensive and time-consuming recovery 

process. This is where Condition Based Monitoring (CBM) comes into the picture. CBM is a 

philosophy/practice that helps in predicting any damage (or failures) well in advance so that 

the operation team can change the concerned components or well prepared when the damage 

strikes. Following are the five most predominantly used fault detection systems (Charles R. 

Farrar and Keith Worden, 2013): 

1) Structural Health Monitoring (SHM) – This damage detection strategy is primarily 

implemented for aerospace, civil or mechanical engineering infrastructures. The dynamic 

response of the system is periodically studied for malfunction, various statistical tools are 

used to determine the current ‘health state’ of the structure and using which probability of 

failure can be determined. 

2) Condition Monitoring – This technique is analogous to SHM but specific to rotating and 

reciprocating machinery especially the ones that are in manufacturing and power 

generation. Both SHM and CM (Condition Monitoring) can be applied on-site and online, 

meaning we could get data while the system is in operation. 

3) Non-destructive Evaluation (NDE)– NDE is usually carried out offline after the damage 

has been identified and this procedure is used to check the damage characteristics and its 

severity.  

4) Statistical Control Process (SCP) – SCP is centered around monitoring the process rather 

than the system in question. The damage to the component(s) is associated with changes 

in the process. 

5) Damage Prognosis – This strategy differs from rest of the techniques because it calculates 

the remaining lifetime of the structure after the damage is detected. 

 

In the wind industry especially the offshore wind farms, preventive maintenance is highly 

valued since the lead time and the cost incurred to replace the damaged components is very 

high. The most frequently used techniques are CM, SHM and SCADA (Supervisory Control 
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and Data Acquisition). SCADA (Peter Tavner, 2012) finds its roots in the oil, gas and process 

industries where they employed this tool to monitor the entire plant operation. In WTs the 

operators employ SCADA to monitor the entire system i.e. monitoring wind speed, power 

production, lubricating oil temperature and so on at a low resolution. The sampling rate is as 

low as acquiring and processing data every 10 minutes, this puts a limitation on in-depth 

analysis of sub-components. However, this is still a cheap monitoring system considering the 

complexity and number of parameters involved.  

The CM system however focuses exclusively on a specific sub-system (usually the one that 

is more prone to failure) with a high resolution. Condition monitoring is a broad philosophy 

that includes several techniques (or methods) to inspect the components. Following are the 

commonly used techniques: 

1) Vibration – Vibration techniques are primarily used to monitor the response of the drive 

train, gearbox and the bearings. Accelerometers are mounted at the ‘sweet spot’ to isolate 

and accurately measure the signals. The patterns of the signals can be used to interpret the 

system’s state. For example, a rising RMS (Root Mean Square) vibration trend indicates 

worsening fault, on the contrary low rms with peak value indicates impulsive energy. Thus, 

measuring the vibration can be helpful in identifying shock loads, tooth breakage in gears, 

bearing misalignment and more. Combined with vibration signals, one can also measure 

the acoustics levels using microphones which would further aid in the preventive 

maintenance philosophy. A common failure like wearing of components, gear tooth 

breakage etc. produces distinct sounds which can be captured to avert further complications 

in the system. 

2) Oil debris analysis – The lubricating oil in the gearbox serves three main purposes, 

providing lubrication to the gear and bearings, carry away the heat and maintain the 

temperature. Spray type lubrication mechanism is employed widely to the gearbox in WTs, 

where the oil is pumped by a motor and is sprayed over the necessary components (much 

like IC engines). This has an advantage that the debris and particulate matter in oil can be 

studied both quantitatively and qualitatively. The primary limitation is, the place and the 

cause of the formation of debris in the oil cannot be found easily. However, this technique 

acts as a warning system and can aid in preventing major failures. 

3) Strain – Strain gauges are particularly used to determine the root bending moments of the 

blades that help to independently control the pitch. Depending on the intensity of the load 

the blades can be either turned away or turned towards the wind to achieve an optimum and 

safe operating condition. Figure 14 shows the strain gauge (Fibre Bragg Gratings) that is 

attached at the end of the blade to measure the forces and moments, this information is 

passed on to the control system, which then changes the pitch accordingly. 
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Figure 14 Fiber Bragg Gratings strain gauges to control the blade pitch (Peter Tavner, 2012) 

 

The growing trend observed in the wind industry is setting up more offshore machines, 

increasing the power output by increasing the physical size and more. Thus, the CM systems 

must be perfected and components have to be designed with top precision to avoid failures 

and drive down the cost. Following are the future trends in preventive maintenance (Tchakoua 

et al., 2014): 

1) Smart monitoring – Due to growing number of WTs put in operation, it will become 

increasingly difficult for the technicians to monitor all the machines. This calls for the 

development of ‘smart’ technology that is self-sustained and addresses any problems that 

arise. Another advantage is that such systems can aid in reducing false alarms and 

warnings. 

2) Remote and E-monitoring – A large number of wind farms are finding its way to the 

offshore sites since they offer much larger wind speeds and area to install WTs. This also 

inevitably implies that maintenance will be a bigger hassle since the operation will involve 

going to rough seas and is highly dependent on the weather conditions. In such scenarios, 

remote monitoring of the wind farms will come in handy. The sensors can use the internet 

and other wireless technologies to transmit the data from the site to a remote-control 

station. Along with meteorological information, scheduled maintenance can be planned 

well in advance. 

3) Integration of Monitoring and Control systems – In current day scenario the monitoring 

system acts as a stand-alone system independent of the controller present in the WT. By 

integrating both, costs can be driven down owing to fewer components, lower installation 

and cabling expenditure and less false warnings. Technical benefits include mass 

production of the parts, higher raw data quality and improved fault detection. 

4) Numerical analysis – Finite element methods are used primarily in the design stage of the 

components. However, this can also be extended to maintenance and operation stage where 

the measurements from the control and monitoring systems can be fed to the FE model 

and accurate simulations can be run to predict the failure severity and the time of failure. 

This technique will considerably lower the cost of CM and SHM. 
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When it comes to proactive maintenance to reduce the cost and lead time in case of damage to 

the system in question, condition monitoring offers the best philosophy to avert a catastrophic 

outcome. This is very much analogous to the immune system in our bodies, any changes in the 

blood, temperature trigger WBCs (White Blood Corpuscles) to arm themselves to thwart the 

cause. Similarly, vibration, temperature and other parameters are the tell-tale clues in the 

machines which can signal defects, predict the remaining life and much more. Currently, the 

widely employed techniques are using accelerometers to monitor the dynamic response, 

thermocouples to measure the temperature and various sophisticated instruments to investigate 

the oil/lubrication composition. It is a growing field currently, more precise and autonomous 

systems that need little or no human intervention. This concludes Section 0, the following 

sections will focus on methodology, results and discussion. 

 

  



22 

 

3 IMPLEMENTATION  

The chapter discusses the methodology employed to study the behavior of the bearing under 

static loading conditions. The topics presented are load magnitude on the bearing, finite 

element modeling to obtain the force distribution, detailed contact analysis of the heavily 

loaded rolling element. 

3.1 Static wind load on the bearing 

Section 2.1 introduced the nature of wind loads on the WTs. The bearing loads for this project 

is simplified and several assumptions are made. In reality, the transfer of the forces and 

moments from the blade to the bearing is complex; one has to consider the dynamic nature of 

the systems, stochastic distribution of the wind, elastic nature of intermediate components as 

well as various control systems and feedback loops. To avoid such complexities, a quasi-static 

model of the blade has been considered, which is justified because of the difference in the 

natural frequency of the blades and the frequency of the loads. Figure 15 and Figure 16 shows 

the free body diagram of the blade section. The blade is assumed to act as a cantilever beam 

with the root end of the blade fixed to the bearing. Aerodynamic forces, the weight of the blade 

is considered to be acting on the center of mass of the system.  

 

 

Figure 15 Free Body Diagram of a quasi-static model in YZ plane showing aerodynamic lift force, weight 

of the blade and the centrifugal forces acting on the system 
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Figure 16 Free Body Diagram of a quasi-static model in XZ plane showing the aerodynamic drag force 

acting on the system 

Table 1 presents the assumptions considered while calculating the forces acting on the bearing. 

Due to several restrictions being present on the procurement of relevant data, all the required 

parameters are extrapolated from known values (especially the mass of the blade) and were 

given an ‘educated guess’. The goal of the work is to study the contact phenomenon in general 

and not investigate one specific bearing. The quasi-static study is run for one full of revolution 

of the blade. The primary motivation behind this approximation is to capture the shift in the 

weight of the blade as it rotates, at an instance during the revolution the weight and the lift 

force combine to produce a greater moment. 

Table 1 Load assumptions of the Quasi-static model of the blade-bearing system 

S. No Parameter Value 

1. Mass of the blade 7500 Kg 

2. Wind Turbine Power 3.6 MW 

3. Swept radius of the blade 58.5 m 

4. Power Coefficient 0.4 

5. Lift Coefficient 1.2 

6. Drag Coefficient 0.6 

7. Rotational Speed 20 rpm 

8. 
Distance of Centre of 

gravity from the root 
19.5 m 

9. Wind Speed 11 m/s 

10. Air Density 1.225 Kg/m3 

θ 

Fdrag Z 

X 

r 
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Figure 17 and Figure 18 shows the variation in the forces and moments with time. At t=0s, the 

blade is assumed to be in a horizontal position and the lift force rotates in a clockwise direction. 

At t=1.5s (half the time-period), the blade experiences the peak force in the Y direction and the 

corresponding maximum moment about the X direction.  

 

 

Figure 17 Reaction forces on the bearing 

 

 

Figure 18 Reaction moments on the bearing 
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3.2 Finite Element model of bearing 

In Section 2.2.1 the analytical model of the raceway, roller interaction was described. The 

key challenge using those equations is it produces an inconsistent system of equations because 

the moment equation is merely the axial reaction force multiplied by the pitch circle radius. 

Since the elements move in and out of contact the function becomes discontinuous and hence 

cannot be solved by Newton-Raphson method easily. Similar limitation appears when one 

attempts to create a finite element model. The discontinuity created by opening and closing 

of contacts creates convergence instability, also its computationally expensive to run. This 

hurdle can be overcome by replacing the rolling elements with special connectors like 

nonlinear spring or combination of springs and beams. The nature of the contact can be 

modeled in the connectors to capture the realistic behavior of the bearing.  

Claesson has presented three alternate models where nonlinear springs and beams were used 

instead of modeling contact elements. Figure 19 shows one such model, where the springs 

represent the radial stiffness and the beam elements are used to capture the misalignment 

between the rings. The major drawback in this model is the force is taken up by the beam 

elements and thus the actual force distribution becomes difficult to calculate. Modeling the 

springs as ‘compression’ or ‘tension’ only is also futile because it will not resist the moment 

load and hence the misalignment cannot be found. In addition, the software poses the 

limitation of defining the stiffness only in the axial direction of the spring, however bearing’s 

stiffness varies in radial and axial direction; hence this is not an accurate representation. 

 

 

Figure 19 An alternate model of the bearing 

 

To overcome the abovementioned shortcomings, ‘Bushing’ element was chosen. This element 

has 6 DOF (Degrees of Freedom) in the nodes which is helpful in studying the misalignment 

behavior and one can model the directional stiffness for translation as well as rotational motion. 

The element is modeled as given by Eq (4). The force and torque carried by the element are 

found by multiplying its directional stiffness with translational and rotational displacements 

and it also includes the damping effect if any. The stiffness coefficient is a 6x6 matrix, where 

the user can enter the directional stiffness of the bushing, the non-diagonal terms represent the 

coupling of the stiffness. For example, one can define the displacement in X direction when 

the force is acting in the Y-axis. However, another shortcoming is that this coupling term 

vanishes when non-linearity is modeled in the bushing, in which case only the diagonal terms 

remain and the force-displacement relationship can be defined in the form of a table. 
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Where F, T is the spring force and torque respectively, [K] is the stiffness coefficient matrix, 

[C] is the damping coefficient matrix, [U] and [V] are the relative displacement and velocity 

in all the 6 directions. 

Figure 20 shows the directional stiffness of the contact between the rolling elements and the 

raceways. The rollers can take only compressive loads and hence the spring force are made 

zero for negative displacements (which translates to elongation in the software) and for 

positive displacements the corresponding spring force is calculated using the Hertzian contact 

theory. The bushing definition in Ansys involved patching the surface of the raceways at 

those points where the roller sits and the opposite surfaces (of the inner and the outer ring) 

are picked manually to define the connections. 

 

 

Figure 20 Directional stiffness of the Rolling Elements 

 

While defining the connection, the user is presented with a choice to alter the local CSYS (Co-

ordinate Systems). This can be seen in Figure 21, cylindrical CSYS was established to the 

bushing where the ‘Y-axis’ represents the radial component and the ‘Z-axis’ represents the 

axial. This made it easier to define the non-linear stiffness property as well. 

Before the proposed model was applied to the pitch bearing, a trial run was conducted with a 

smaller, regular ball bearing. The result from which was validated against an analytical 

solution. The geometry details of this trial bearing are given in Table 2. A radial load of 5000N 

was applied, the maximum roller force and the position of the roller are checked. The blade 

bearing geometry was taken from the catalogue of Thyssenkrupp, presented in  
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Table 3.  

 

 

Figure 21 Orientation of Bushing elements 

 

The largest bearing available was selected and the corresponding WT power, geometry and 

other details presented in Table 1 were then decided. The bearing geometry as depicted by 

Figure 8 contains the gear teeth, bolt holes. However, due to limitations on the computational 

resource, license capabilities and the nature of analysis, the geometry was simplified to ensure 

the maximum usage of hexagonal mesh to cover the model. Another approximation during the 

FEA (Finite Element Analysis) is the simplification in the boundary conditions. In reality, the 

bearing is fastened with bolts between the blade and the hub, owing to the complexity only the 

bearing is designed and under focus. 

Table 2 Geometric details of the trial bearing 

S.No Parameter Value 

1 Bearing outside diameter 30 mm 

2 Bearing bore diameter 10 mm 

3 Raceway groove radius 20 mm 

4 Ball radius 4.762 mm 

5 Number of rollers 8 

 



28 

 

 

 

 

Table 3 Geometric details of the chosen Blade Bearing 

S.No Parameter Value 

1 Bearing outside diameter 2.89 m 

2 Bearing bore diameter 2.47 m 

3 Raceway groove radius 42 mm 

4 Ball diameter 40 mm 

5 Number of rollers 60 

The approximation involves applying remote forces and moments on one face of the inner ring 

and rigidly fixing the faces of the outer ring as shown in Figure 22*, the remote displacement 

condition prevents the solver from executing rigid-body motion. Since the problem focuses 

more on the displacements, deformations of the ring, mesh convergence study was not 

conducted. The global mesh quality was medium-coarse, with inevitable test-mesh covering 

the raceway groove, while rest of the volumes were covered with hex mesh elements. 

 

Figure 22 Boundary Conditions for the FEA, showing the point of load application and the fixture 

surfaces 

The FEA was carried out by assuming rigid and flexible rings in both the trial run and in the 

blade bearing case. This is intended to give clarity on the assumptions when analyzing different 

bearing sizes for different load conditions. As mentioned before, the bearing is connected to 

the adjacent components via fasteners, the stiffness of these fasteners will influence the 

deformation of the rings and consequently affect the loads on the rollers. To investigate the 

effect the stiffness of the surrounding structures, the analysis was run by fixing the entire outer 

ring (representing very stiff condition) and by fixing only one-half of the ring (one half of the 

ring is highly rigid and the other is highly flexible). Though this does not resemble the actual 

scenario (which requires modeling of complex geometries and more computational resource), 
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this will fairly give an idea as to how important it is to model the neighboring components or 

consider incorporating the stiffness into the analysis. 

 
*The magnitude of force and moment in the figure corresponds to the load at time t=3s. The loads are however entered in a 

tabular format over one time-period as deduced from Section 3.1. 

3.3 Contact Analysis 

The above FEA yields the bushing forces (which in reality is the forces taken up by the rollers) 

which is fruitful in identifying the contact conditions. Error! Reference source not found. 

shows the sectional view of the contact, where the left part is the inner ring, the right being the 

outer ring. The groove radius, the roller diameter are proprietary information and hence not 

commonly available in the catalogue, these dimensions were assumed and worked with. Since 

the focus is on the location of the maximum pressure point on the roller, the exact geometry is 

not needed. The output from the FEA gives the radial and axial reaction forces, which 

corresponds to forces acting in horizontal and vertical direction in Figure 23**. 

 

Figure 23 Section view of the Bearing 

Using a numerical method to calculate the contact pressure becomes a tedious approach 

especially when the force acts at an angle because in such cases the convergence will be 

affected by the rigid-body motion of the rings. In special cases of investigating the contact 

pressure arising from only radial or axial force, symmetry boundary condition can be enforced 

to prevent rigid-body movement. Due to this limitation, an analytical approach was adopted. 

One can see in Figure 23, that any load at an angle will still produce a point/elliptical contact. 

This concept was exploited to use the analytical Hertzian equations to calculate the contact 

pressure, given by Eq (5). A simple vector diagram of forces gives the resultant load acting on 

the rollers and the angle, this information is used to plot a contact pressure map which gives 

the information on the position of maximum contact pressure in one complete revolution of the 

main-shaft. 
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Where 𝑝𝑚𝑎𝑥 is the maximum contact pressure, F is the external load, E’ is the effective Youngs 

Modulus, R’ is the effective radius. 

**The hole that appears in the center of the roller was made to enable mesh inflation for FEA purposes. This hole does not 

appear in the real bearing. 

4 RESULTS 

The output from the studies mentioned in Section 3 is presented in this chapter. The results are 

written in chronological order, making it easier to follow. 

4.1 Validation of the Bushing Model 

For ball bearings, the maximum force is given by Stribeck (Harris, 1991) as shown in Eq (6).  

 

 𝑄𝑚𝑎𝑥 =
4.37 𝐹𝑟
𝑍 cos 𝛼

 (6) 

 

This is an approximation to the original method of finding the roller force distribution, which 

can sometimes be tedious to solve. Bearing 1 was given a simple radial load input and the 

bushing model was tested against the analytical solution. The value from the Stribeck yields a 

maximum force of 2731 N, while the maximum force from the bushing model is found to be 

2181 N. Eq (2) in Section 2.2.1 gave an easy way to calculate the maximum load on the 

elements for a pitch blade bearing. Substituting the force and moment value at time t=3s, the 

maximum force obtained was 19259 N while the numerical result gave the maximum force as 

21047 N. 

4.2 Force distribution vs Stiffness of the rings 

As previously mentioned, the stiffness of the rings was varied to find out their effect on the 

load distribution. This was done for both the trial (Bearing 1) and blade bearing (Bearing 2). 

Figure 24 shows how the roller position and naming convention are identified, the topmost 

roller is assigned the angle -180o and the order is taken in anti-clockwise direction. 
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Figure 24 Roller position convention that allocates angle for each roller as well as the name 

Though Bearing 2 had 60 rollers, it is very time-consuming to manually pick the result from 

each roller. Hence ‘16’ equally spaced rollers were chosen, and the graph was plotted with that 

information. The difference in the magnitude of the load carried by the rollers while the rings 

are assumed to be stiff and deformable is presented in Figure 25. The X-axis in the graph 

represents the roller position (as stated by the convention) and the Y-axis is the normalized 

load, normalized by dividing the forces with the maximum roller load from the rigid ring case. 

 

 

 

Figure 25 Difference in force distribution with the stiffness of the rings 

 

In this case, only radial and axial load were applied, the radial load was applied in ‘-Y’ and the 

axial load in ‘+Z’ direction. From Figure 25, the trend is observed to be similar irrespective of 

the bearing size, loads. Both the bearings were loaded in radial and axial direction without any 
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moments. The force distribution is very sharp and distinct in the case of very stiff rings; on the 

contrary, the force is more relieved or evenly distributed when the rings are assumed to be 

deformable. When the bearings are loaded with moments that create the misalignment of the 

rings, there is a huge difference in the load being carried, approximately 60% more in the case 

of deformable rings. The relative force distribution between the rollers follows a similar trend 

when the rings are very stiff and flexible, but there is a significant change in the magnitude. 

 

 

Figure 26 Variation in force distribution of Bearing 2 

 

The effect of stiffness of the surrounding structure on the bearing was studied by changing the 

boundary condition. It can be seen in Figure 22 that the entire geometry is split into two semi-

circles, this not only helped in creating a better mesh but also in studying the effect of the 

stiffness. To simulate a very stiff housing the entire outer ring was constrained in all the 

directions and to represent a flexible structure only the bottom portion of the ring was 

constrained. The load distributions in these two cases are plotted as shown in Figure 27. The 

loads are normalized by dividing the final load by the maximum roller load in fully fixed state 

for both the normal load and the heavy load case. While simulating for the normal load 

condition not much difference was observed, this can be seen by the overlap of the graphs. The 

load was then bumped by 10 times and a significant change can be observed in the case of the 

flexible external structure. The points where the graph takes a dip is the transition from highly 

stiff to the flexible outer ring. Otherwise, the trend in the load distribution remains similar in 

all the cases. 
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Figure 27 Effect of external structure stiffness on Load distribution 

4.3 Cyclical loading of the Rollers 

Section 3.1 gave insights on the loading conditions on the blade bearing from which it is 

obvious that the load taken by the rollers will also be cyclical in nature. This section will 

showcase how the load varies with the blade position. The position of the blade has the 

following angle convention as shown in Figure 28 and the blade is assumed to rotate in 

clockwise direction. 

Figure 29 depicts the variation in the load acting on the rollers as a function of the blade angle. 

The general trend observed is Rollers 1, 8, 9 and 16 carries the maximum load, while Rollers 

5 and 13 carries the least. The relative force acting amongst the rollers during a revolution is 

maximum when the blade is at 180o. Another observation is when the blade is at 90o and 270o, 

the load distribution amongst the rollers are very similar and the plots overlap. The rollers 

experiencing maximum reaction force was further investigated to study the cyclic loading. 

Figure 30 shows the selective rollers’ load varying with time. Rollers 1 and 9 experiences the 

maximum change in the magnitude, while Rollers 5 and 13 undergoes little or almost no 

change. 
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Figure 28 Angle convention of blade position 

 

 

 

 

 

Figure 29 Reaction force on Rollers vs Blade position 
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Figure 30 Cyclical loading of select Rollers 

4.4 Contact Pressure 

The contact pressure was calculated by using Hertzian contact equation. The location of the 

maximum pressure points was found by finding the direction of the resultant load acting on the 

roller. Figure 31 depicts the position of the occurrence of maximum contact pressure on the 16 

Rollers at different blade positions. The sectional view of the bearing as shown in Figure 23 is 

utilized in mapping these pressure points, these circles represent the ball roller when viewed in 

the same section plane. The motivation behind the position of the Rollers (varying in height) 

is to showcase the magnitude of contact pressure. The Rollers at the top of the graph has higher 

contact pressure than those at the bottom. 

When the graph was plotted the points were drawn in the order of blade position from 0o to 

270o, this means in most of the rollers the Green and Magenta points were overwritten by the 

Black. In reality, there will be small changes of the order of few degrees. Majority of the Rollers 

experiences the maximum pressure primarily at only two points, however there are a couple of 

them that do not follow this trend. Rollers 1-4, 14-16 have a similar position of occurrence of 

maximum pressure, while mirrored (or inversion) location of these points is observed in Rollers 

7-12. Contradicting the trends, Rollers 5 and 13 experiences the maximum pressure only on 

one side of the face and the variations with the blade position are very close to each other. 

Rollers 6 is the anomaly of the lot, it is the only roller which has a distinct position of the 

maximum pressure during the revolution of the blade. 
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Figure 31 Contact Pressure map of rollers, depicting the relationship between point of maximum 

pressure on the roller surface and position of the blade 
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5 DISCUSSION AND CONCLUSIONS 

This section presents the discussion of the results, explaining the graphs and the numbers 

obtained in the same order as the Results chapter. The latter part of this chapter deals with the 

conclusion drawn from the project. 

5.1 Discussion 

Section 4.2 showed the variation observed when the assumption of the rigid rings is changed 

to flexible and deformable rings. In case of rigid rings, there is lot more compression of the 

rollers than when they are deformable; this explains why the peak is observed in the former 

while the load is being smoothened out in the latter case. The static equilibrium condition 

enforces the axial load to be distributed equally amongst the rollers while the radial load is 

taken up only by the select rollers. Since the radial load is applied in ‘-Y’ direction this justifies 

why the peak is seen around Roller 5. When the external moment comes into the picture, this 

justification is no longer correct. To explain this shift in the behavior it is important to 

understand how the moment equilibrium equations are solved. The central moment acting is 

transferred to the rollers as additional axial load, for example, a moment in ‘Y’ will induce 

maximum axial force onto Rollers 5 and 13, similarly moment in ‘X’ will induce maximum 

axial load in Rollers 1 and 9. Figure 32 shows an exaggerated deformation of the inner ring, 

where the maximum deformation is close to 0.9 mm, and this increase in deformation appears 

to load the roller more than when the rings are assumed to be rigid. 

 

 

Figure 32 Total deformations of the rings 

As seen from Figure 27 the change in the load carried by the rollers does not appear when the 

input load is low. This is because ‘steel’ is a stiff material and is not sensitive to changes in the 

external structural stiffness until a certain threshold is reached; this was observed when the 

load on the bearing was increased. Figure 33 shows how the boundary condition was applied 

to investigate this phenomenon, the red semi-circle indicates the constrained surface to simulate 

flexible housing and the black circles represent the rollers which lie in the transition region 

from highly stiff to flexible region. These are the points where the load carried by Rollers 5 
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and 13 decreases because the upper half of the outer ring deforms to the load while the lower 

half remains rigid. An important point to keep in mind is the only radial and axial forces were 

applied while carrying out this study because adding the moments will cause rigid body motion 

in the case where only the bottom half is fixed. This investigation is to analyze how the change 

in external stiffness affects the load distribution and does not demonstrate the actual 

distribution pattern. 

Looking at the cyclical loading of the rollers, few rollers spread throughout the bearing 

experiences higher change in loads in a revolution than the others. This requires insight into 

the loading condition and the response of the bearing to it. It was previously mentioned that 

any external moments acting appears in the rollers as additional axial loading, taking this into 

consideration the rollers are loaded more in axial rather than in the radial direction. When the 

blade is at 180o, the weight and lift component acts in the same direction and hence adds up to 

the axial reaction force as well as a moment about the ‘X’ axis.   

 

 

Figure 33 Boundary condition defining the external structural stiffness 

 

This is the reason why there is a significant shift in the loads in all the rollers when the blade 

reaches 180o and explains why there is a greater change in the Rollers 1 and 9. In Figure 18, it 

can be seen that moment about ‘Y’ direction (moment due to drag force) remains constant 

throughout the time period and this moment manifests itself in Rollers 5 and 13, hence the load 

carried by them does not differ much.  

The contact pressure map gives the information on the position where the maximum contact 

pressure occurs on the rollers. It was observed that for most of the rollers the maximum pressure 

points were located at more or less the same position and two groups were identified that 

mirrored this position. The explanation behind this is the effect of the moment acting on the 

rolling elements overweighs the radial loads, this suggests that the magnitude of the axial load 

acting on the elements is larger than the radial load, correspondingly the point of maximum 

pressure also varies in axial direction. The deformation of the inner ring as shown in Figure 32 

suggests that the direction of reaction force and hence the contact pressure is opposite between 

the rollers in the top and bottom half. The unidirectional presence of pressure points in Rollers 
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5 and 13 is due to the unidirectional moment about ‘Y’ axis, these rollers do not take the loading 

from the moment in ‘X’ and thus position of the maximum pressure does not change with time. 

Contrary to rest of the rollers, Roller 6 displays quite anomalous behavior; this can be explained 

by studying the deformation of the ring. 

 

 

Figure 34 Axial deformation of inner ring at t=0.75 s 

Figure 34 shows the axial deformation of the inner at time t=0.75 s (when the blade is at 90o), 

where the black circle marks the position of Roller 6 and the orange Roller 7. From the legend, 

there is a change in direction of the deformation which suggests the shift in the green dot in the 

pressure map. For all the rollers at some point either the black or the blue dot is not exactly at 

0o (fully axial), this is due to the radial force which acts along with the moments. In the real-

world scenario where the loading on the bearing is more complex, understanding the response 

of these machine elements become crucial and paramount to the safe operation of the WTs. 

The normal bearing usually rotates and thus the input load is distributed among the rollers more 

evenly than what is being observed in the blade bearing. This uneven loading of rolling 

elements and the rings can accelerate the failure and hence not very suitable for the long-term 

application.  

The primary drawback in using the slewing bearing lies in its inefficacy in even load sharing 

between the rollers. Following are some of the alternate designs to the slewing bearing: 

1) Plain Bearing – Usage of bushings with hydrostatic lubrication can eliminate the 

rollers. Gear teeth can be cut in these bushings to change the pitch angle and presence 

of lubrication can help in uniformly dispersing the incoming load. This setup provides 

a greater control in altering the stiffness of the bearing by changing the pressure and 

film thickness. 

2) Modified Slewing Bearing – In order to distribute the load evenly to all the rolling 

elements, the rollers can be mounted on a separate ring or platform that can be rotated 

without disturbing the bearing operation. This will ensure all the elements are equally 

stressed under the loads. 
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5.2 Conclusions 

The following conclusions can be drawn from this thesis: 

The finite element model was verified with the analytical method. This model can be used to 

predict the load distribution in the bearing and determine the contact conditions. 

Cyclic and fatigue load of the rollers is inevitable, it cannot be prevented despite the use of 

sophisticated greases. 

The project also showcased how the various assumptions can have a significant effect on the 

solution. This shows the importance of optimizing between the available resources and 

capturing the realistic behaviour. 

The rolling elements in the bearing undergo uneven load distribution. Some rollers always 

carry more load than the others and this increase the probability of failure. 

The result from the simulation has shown the necessity of optimizing the slewing bearing for 

the WTs. This warrants a deeper investigation of the bearing, carry out experiments to get better 

understanding of the bearing response to the loads. Though this bearing might be overlooked 

many times, it is still one of the key components for a safe and reliable functioning of the Wind 

Turbine. 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 



41 

 

6 FUTURE WORK 

The chapter discusses the unanswered questions and gives a glimpse on the future work of this 

project. 

Though the project answered the important question of the response of blade bearings under 

static load with the help of several approximations and assumptions, there are still a handful of 

assignments that would close the loop.  

1) Experimental Validation - The result from the FEA needs to be validated against the 

experimental data from the field. This includes the loads on the bearing, ring and roller 

deformations. 

2) Simulation with the actual data – Starting from the size, the mass of the blade to the 

geometry of the bearing, the real data was unavailable due to various reasons. The 

results showed the importance of stiffness and the magnitude of the load in the 

simulation; hence it will be a lot different with the actual data. 

3) More Robust bushing model – One of the main limitations of the bushing model is 

the inability to capture the cross-coupling phenomenon. Once the coupling can be 

modeled the load transfer between the directions, friction between the surfaces can be 

obtained. 

4) Design of Lubrication system – The mapping of the maximum pressure points on the 

roller/raceways gives an insight on the contact conditions, using this information to 

decide on the lubrication for this bearing will help in reducing the contact pressure from 

reaching dangerously high values.  

5) Condition Monitoring System – As previously discussed in Section 2.4, proactive 

maintenance goes a long way in predicting the failure of structures and can equip the 

personnel with possible solutions in advance. Designing such a system for these 

bearings will help in accurately identifying the reasons for failure and possibly pave 

way for a more optimized design. 

A more efficient bearing is in need because more powerful WTs are being built now and the 

existing shortcoming of the slewing bearing will only be multiplied at larger scales. Mechanical 

Engineering is reaching a new pinnacle where the everyday rules and assumptions do not apply 

anymore. A more extensive research and development are required to design an efficient, more 

robust, highly reliable and safe power generation machines.  
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Appendix A: Roller Bearing Analysis 

The primary challenge in the analytical method is the accurate representation of the stiffness 

value. The point contact stiffness is given by Eq (A1).  

 𝐾𝑝𝑐 = 3.37 × 10
10  (

1 + �̅�

𝐾
)

0.345

𝐷0.5 (A1) 

Where 𝐾𝑝𝑐 is the point of conntact stiffness, �̅� is the osculation factor, D is the diameter of the 

roller. 

The contact force taken up by each of the rollers is merely the stiffness multiplied by the 

displacement of the raceways at the particular point. This displacement is given by Eq (1), 

which is a function of the rigid body displacements of the rings. The bearing is assumed to be 

statically loaded and the forces are resolved into components and are equated to the external 

load. Eq (A3)-(A5) represents the axial, radial and moment equilibrium equations respectively. 

These equations yield the displacements of the rings in each of the directions, which is then put 

back to find the load carried by individual rollers.          

     

 𝑄𝜑 = 𝑘𝑝𝑐𝛿
1.5 (A2) 

 

 
𝐹𝑎 = ∑ 𝑄𝜑 𝑠𝑖𝑛α

𝜑=±𝜋

𝜑=0

 

 

(A3) 

 
𝐹𝑟 = ∑ 𝑄𝜑 𝑐𝑜𝑠α

𝜑=±𝜋

𝜑=0

𝑐𝑜𝑠𝜑 

 

(A4) 

 
𝑀 =

1

2
𝑑𝑚 ∑ 𝑄𝜑 𝑠𝑖𝑛α

𝜑=±𝜋

𝜑=0

𝑐𝑜𝑠𝜑 

 

(A5) 

 

Where 𝑄𝜑 is the reaction force at each roller, 𝐹𝑎 is the externally applied axial load, 𝐹𝑟 the 

radial load and M is the external moment. 
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Appendix B: Calculation of Lifetime of Pitch Bearing 

The life prediction models at times can be arduous and time-consuming to implement during 

the design stage. Thus to make the process easier and hassle-free several ‘simplified’ equations 

(Harris, Rumbarger and Butterfield, 2009) are modeled and they’re as follows: 

1) Basic L10 life – The basic L10 life equation depends on basic dynamic axial load rating 

and equivalent dynamic axial load rating as given by Eq(A4). This model gives the life in 

millions of revolutions with 90% reliability factor. 

 𝐿10 = (
𝐶𝑎
𝑃𝑒𝑎
)
𝑘

 (B1) 

Where 𝐶𝑎, 𝑃𝑒𝑎 are basic and equivalent dynamic axial load, k=3 or 3.33.   

2) ANSI standard modified rating life – This prediction model accounts for few additional 

factors that play a significant part in determining the bearing life. Where ‘ai’ represent 

modification factor to account for reliability, the material, the lubrication and other 

conditions. 

 𝐿𝑛𝑚 = 𝑎1𝑎2𝑎3… . 𝑎𝑘𝐿10 (B2) 

As mentioned in Sec 2.2.1, the material hardness is recommended to be maintained at 

58HRC, any reduction in the hardness will alter the lifetime of the bearings. Table 4 

dictates the reduction factor for the ball and roller bearings. Another factor to consider in 

the lifetime modification is the possibility of fretting wear. The pitch bearings carry out 

small oscillatory motions instead of full 360o rotation, because of this there is a good 

chance that the grease lubricant does not separate the metal surfaces completely and allow 

for wear to take place. 

Table 4 Life modification factor a2 for material hardness 

HRC 
a2 

Ball bearing 

a2 

Roller bearing 

58 1 1 

56 0.68 0.66 

54 0.46 0.42 

The critical oscillatory angle is given by Eq (B3), where γ is a geometric parameter 

(Dcosα/dm). This critical angle sets the lower limit of the oscillation angle, for any θ<θcrit/2, 

fretting and false brinelling will take place. To avoid these failures the bearing should be 

rotated by at least thrice the critical angle.   

  𝜃𝑐𝑟𝑖𝑡 =
720°

𝑍(1 ∓ 𝛾)
 (B3) 

For any angle less than the critical angle the reduction in the lifetime is given by Eq (B4), 

where k1, k2 is 3/10 and 0.033 respectively for ball bearings, while 2/9 and 0.028 

respectively for roller bearings. 

 𝐶𝑎,𝑜𝑠𝑐 = 𝐶𝑎 (
180°

𝜃
)
𝑘1

𝑍𝑘2 (B4) 
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3) ISO Standard Life – ISO standard life model includes reliability factor in addition to aISO 

which is a function of the fatigue limit, adequacy of lubricant, particulate contamination. 

Eq (B5) describe the integrated life modification factor where κ is the measure of 

lubrication condition in the bearing and the different constants are given in Table 5. In Eq 

(B5), η determines the contamination level in the lubricant.  

 𝑎𝐼𝑆𝑂 = 0.1 [1 − (𝑥1 −
𝑥2
𝜅𝑒1
)
𝑒2
(
𝜂𝑃𝑢
𝑃𝑒𝑎

)
𝑒3

]

𝑒4

 (B5) 

 

Table 5 Constants to calculate aISO life 

Bearing 

Type 
x1 x2 e1 e2 e3 e4 

Ball 2.5671 2.2649 0.054 0.83 1/3 -9.3 

Roller 1.5859 1.3993 0.054 1 0.4 
-

9.185 

 

4) Stress life method – This model determines the life of the bearing based on the Von-Mises 

fatigue stress limit of the component. The stress limit depends on Hertz stress, residual 

stress from heat treatment and lubricant contamination, thus it depends on individual 

contact converse to other models which focus on the entire bearing. The factor can be 

calculated by using the program ASMELife (which needs to be purchased from ASME 

international).  

Above section listed different models to evaluate the lifetime of the bearings depending on the 

complexity requirements. Table 6 shows the lifetime calculated for a yaw ball bearing. The 

Basic L10 life predicts the maximum life of the bearing while the ANSI standard the least. The 

ISO standard and the Stress life method predicts very similar life, this could be reasoned from 

the fact that both the methods employ very similar factors in their equations. 

Table 6 Comparison of the proposed lifetime models 

Lifetime model Lifetime (in hrs) 

Basic L10 life 2.078x106 

ANSI standard 1.166x105 

ISO standard 1.365x105 

Stress life 1.3x105 
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