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Abstract 
 
This Master of Science thesis in Naval Architecture presents a study and the performance of 
an active seat suspension with the purpose to suppress shocks, caused by slamming in High 
Speed Crafts (HSCs). The system is modelled and simulated with the aid of the Mathworks 
software Simulink, with the main objective to evaluate if the active suspension seat has the 
potential to mitigate slamming impact loads to a larger extent compared to a passive 
suspension seat. The active suspension model is developed by adding a PD-controlled actuator 
in parallel with the spring and damper of a passive seat’s suspension. 
 
This paper presents the performance study of an active suspension seat where the seat is 
given a single impact load as input. The results are then compared to a comparable passive 
seat. The most promising results show that the active system can reduce the passenger seat’s 
acceleration response by roughly 30 %. This is achieved on the expense of an increased stroke 
length, from 30 mm for a comparable passive system, to 34 mm for the active system. To 
achieve this the actuator need to provide up to 900 N of force with a rise-time of 15 ms. 
 
During the assessment of the suspension seat performance four key performance indicators 
(KPI) were found to be of significance. Those are the seat response acceleration, seat 
displacement relative to the seat base, settling time and the zero crossing time. The seat 
acceleration is directly proportional to the load that the passenger is being subjected to. 
Hence, the acceleration is the property that needs to be reduced in order to decrease risk of 
injuries. The stroke length of the seat in relation to the seat base should be kept to a minimum 
for several reasons. One being the risk of bottoming out the suspension if the stroke length is 
too high, risking damage on equipment as well as injuries on passenger. Since the conditions 
on sea entail series of impact loads on the hull, the settling time need to be as short as possible 
to avoid accumulating the displacement. This is caused when the seat has not yet returned to 
its neutral position before next impact occurs. To define the response time of the system, the 
zero-crossing performance indicator was defined. Zero-crossing time is defined as the time 
from when the displacement of the seat starts (the suspension being compressed) until it 
returns and crosses the neutral position, regardless if the suspension stops at the neutral 
position or continue extending. A correlation was found between the zero-crossing time and 
the settling time. Both KPIs are dependent on the 𝑃𝐺𝑎𝑖𝑛 (the proportional part of the PD-
control) and what is found is that a short zero-crossing time entail an increased overshoot, 
that in turn results in a longer settling time due to the seat’s oscillation about the neutral 
position. 
 
The active suspension seat model in this paper can be further developed and evaluated with 
respect to the performance indicators stated by (European Union, 2002) like VDV, RMS 
acceleration values etc.  
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Aktiv stöt-och vibrationsdämpande stol i snabbgående fartyg 
 

Den här rapporten, som är en del av ett examensarbete inom marina system på masternivå, 
beskriver studien av prestandan för en stol med aktiv stötdämpningsmekanism, avsedd att 
användas i höghastighetsfartyg med syftet att reducera de vibrationer och stötar som 
passagerare utsätts för. Krafterna som stolen utsätts för är en följd av de kraftiga stötar som 
uppstår när båten färdas i höga hastigheter och studsar på vattenytan. Det huvudsakliga syftet 
med studien är att utreda om en stol med aktiv dämpning kan reducera vibrationer och stötar 
i högre utsträckning jämfört med en motsvarande stol med passiv dämpning. Den aktiva 
stolens rörelse kontrolleras med hjälp av ett ställdon som i sin tur styrs av en så kallad PD-
kontroller. För modellering samt simulering av stolens beteende används Mathworks 
mjukvaruprogram Simulink.  
 
Rapporten beskriver hur den aktiva dämpningen presterar och beter sig när systemet utsätts 
för en kraftig stöt. Detta jämförs sedan med den passiva dämpningens prestanda. Resultaten 
visar att accelerationen för det aktiva systemet är cirka 30 % lägre jämfört med det passiva 
systemet. Denna prestation är på bekostnad av en längre slaglängd för stolen, som för det 
aktiva systemet är ca 34 mm jämfört med 30 mm för det passiva systemet. För detta krävs att 
ställdonet kan leverera en kraft på cirka 900 N och har en responstid på cirka 15 ms. 
 
Studien visar att fyra parametrar är av intresse för att bedöma systemets prestation när det 
utsätts för en stöt. Dessa är stolens acceleration, stolsitsens maximala slaglängd i förhållande 
till stolens bas, tiden det tar för stolen att återgå till dess jämviktsläge samt tiden det tar för 
stolen att återgå eller passera jämviktsläget efter att det har utsatts för en stöt. Stolens 
acceleration är direkt proportionerlig mot kraften som passageraren utsätts för. Därför är det 
accelerationen som behöver reduceras för att minska risken för skador. Slaglängden behöver 
vara så liten som möjligt för att undvika att dämpningsmekanismen bottnar, vilket skulle 
medföra risk för skada på både utrustningen och passagerare. Förhållandena där 
höghastighetsfartyg opererar medför ofta att skrovet utsätts för serier av stötar, vilket medför 
att stolens förflyttning (slaglängd) från neutralläget riskerar att ackumuleras över tid om tiden 
det tar för stolen att returnera till neutralläget är för lång. Tiden det tar för stolen att återgå 
eller passera jämviktsläget, efter att ha börjat flytta sig från jämviktsläget, definierades som 
en nyckelparameter för att bestämma hur snabbt systemet reagerar. Det visar sig finnas en 
korrelation mellan responstiden och tiden som det tar för stolen att helt återgå till 
jämviktsläget. Båda egenskaperna är beroende av den proportionella parametern 𝑃𝐺𝑎𝑖𝑛, som 
är den proportionella delen av PD-kontrollern. Denna parametern kan ökas för att minska 
responstiden och det har till följd att stolens överslag ökar, vilket medför att stolen oscillerar 
kring jämviktsläget efter en stöt. 
 
Modellen av det aktiva systemet i den här rapporten kan användas för vidare utvärdering, 
med avseende på de prestandaindikatorer som beslutats av (European Union, 2002), såsom 
VDV-värden och RMS-accelerationer etc. 
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Nomenclature 
 
𝑚𝑖 Mass [kg] 
𝑎𝑖 Acceleration [𝑚/𝑠2] 
𝑘𝑖  Spring coefficient [N/m] 
𝑐𝑖 Damper coefficient [Ns/m] 
𝑥𝑖 Position [m] 
𝑦𝑖 Position [m] 
𝑥𝑟𝑖 Relative position [m] 
�̇�𝑖 Velocity [m/s] 
�̈�𝑖 Acceleration [𝑚/𝑠2] 
𝑈𝑖 Voltage [V] 
L Inductance [H] 
I Current [A] 
R Resistance [:] 
𝐾𝑀 Motor torque constant [𝑁𝑚 𝐴⁄ ] 
𝜑 Angular position [rad] 
�̇� Angular velocity [rad/s] 
�̈� Angular acceleration [rad/𝑠2] 
𝐾𝐸𝑀𝐹 Motor voltage constant [𝑉/�̇�] 
E Motor voltage [V] 
J Moment of inertia [Nm/�̈�] 
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1 Introduction 
 
The typical working conditions for High Speed Craft (HSC) crews can be both hazardous and 
uncomfortable, especially for HSCs like coast guard vessels that operate for long hours and 
almost all year around. Experiments presented by (Allen, Taunton, & Allen, 2008), as well as 
simulations described by (Olausson, 2012) show that crews operating HSCs risk exceeding the 
vibration dose value (VDV) of exposure stated in the EU Directive according to (European 
Union, 2002), in which the VDV expresses the minimum health and safety requirement for 
whole body vibrations (WBV). Furthermore, decreasing vibrations and shock to enable as calm 
working environment as possible is not only a health and safety issue but also beneficial in 
order to enhance vessel crew’s performance on board. 
 
There is a difference between vibrations and shocks and therefore also a difference in 
mitigation techniques. Vibration is the phenomena where oscillations occur about a point of 
equilibrium. The oscillations can be harmonic periodic motions as well as random. A 
mechanical shock is a transient phenomenon where a sudden acceleration occurs, an impulse 
where the rate of velocity changes significantly during a short time period. The shocks can 
entail cabin floor accelerations above 70 𝑚/𝑠2 for HSCs traveling at 50 knots, as in the 
reference case used in 2.2 in this paper. A passenger who is exposed to high accelerations at 
levels common for HSCs risk permanent health effects, especially when subjected to repeated 
exposure over a longer period, both in terms of hours in one day but also subsequent days. It 
is therefore important that the seat isolates the passenger from high acceleration exposures 
that arises due to high seat base accelerations or due to bottoming out events, i.e. when the 
suspension suddenly reaches its end of stroke resulting in a high change in vertical velocity 
during a very short time period. 
 
A common approach to reduce exposure to vibrations and shocks in HSCs is by use of passive 
suspension seat of the type analysed by (Olausson, 2012). The passive systems are typically 
composed of springs and dampers that constitute the suspension. The suspension parts are 
connected between the seat and the seat’s base on the cab floor as illustrated in  
Figure 1. This setup is relatively uncomplicated and cheaper than comparable actuator based 
active system, which can be the reason why passive system is used in a wide range of vessels, 
from leisure boats to coast guard vessels. One particular disadvantage with the passive 
suspension seat type is that it is hard to design one that successfully mitigates accelerations 
in a wide range of conditions, like weight of passenger, vessel speed and wave conditions. 
However, for certain conditions passive suspension seats can often perform satisfactory.  
 
The system in Figure 1 includes the passenger body. The mass 𝑚2 constitutes the passenger’s 
upper body from the torso. Mass 𝑚1constitutes parts of the lower body lumped with the seat. 
The total system has two degrees of freedom and by choosing a proper value for the spring 
coefficient 𝑘1 (and to some extent the damper coefficient 𝑐1) one can set the desired natural 
frequencies of the system. A spring is an energy storing element that stores energy (in this 
case assumed linearly) proportional to the compressed or extended length of the spring. 
Hence, when a spring retracts it will oscillate about the neutral position. Thus influencing the 
natural frequency. The damper is an energy dissipating element, of which the dissipated 
amount of energy is linear to the velocity of the suspension’s compression and extension. The 
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damper’s properties have minor effect on the system’s natural frequency. The spring and 
damper coefficients 𝑘2 and 𝑐2 represents the spring and damper properties of the human 
body, as described more deeply by (Griffin, 1990). It is important when designing such a 
suspension system that the natural frequencies does not coincide with the most common 
frequencies of the acceleration exposure, otherwise the system risks a significant 
amplification of the accelerations at those frequencies instead of mitigating. Hence, when 
seeking the optimum performance, it is important to identify the vibration frequency 
spectrum that the suspension system is to be exposed to. However, defining the operational 
profile of a craft and thus the seat’s exposure profile is a non-trivial task. 
 

 
 

Figure 1. Seat model of a passive suspension seat system. The coefficients c and k denotes damper and spring properties 
respectively. Mass 𝑚2 represents the passenger’s upper body and 𝑚1 represents the lower body and the seat. 

An alternative vibration mitigating technique that might offer a higher operational frequency 
range, due to its adaptive properties, is the type of active systems that are widely used in land 
vehicles. Such active suspension systems are not normally used in HSCs. The basic principle of 
a common active system setup, such as the one described by (Shimogo & Kawana, 1995), is 
that by use of an actuator the system can actively adjusts the suspension mechanism such 
that it counteracts the forces that the seat otherwise would be subjected to. The forces in a 
HSC is caused by the interaction between the seat and the seat base (which is mounted on 
deck), as the seat base accelerates vertically. The vertical accelerations are in turn caused by 
impact loads due to the interaction between the hull and the water surface. In the case 
described by (Shimogo & Kawana, 1995), an active suspension seat is used in a heavy-duty 
truck where it is successfully decreasing the Root-mean-squared (RMS) acceleration by half 
from 1 𝑚/𝑠2, when using a passive system, to 0.5 𝑚/𝑠2 for the active system. The comparison 
between heavy-duty trucks (and other land vehicles for that matter) and HSCs is surely 
questionable, considering that the forces acting on the suspension normally are many times 
higher in HSCs than in many land vehicles, in addition to the potential difference in impact 
load characteristics. Nevertheless, the fact that active systems successfully mitigates 
vibrations and shocks in land vehicles, implies that equivalent systems used in HSCs might also 
have potential to mitigate vibrations and shocks to a larger extent and in wider range of 
conditions than passive systems. 
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A potential alternative to the previous mentioned actuator based configurations is a system 
in which the spring coefficient is continuously varied as a function of the input signal (i.e. the 
seat base acceleration) or the seat’s position or velocity. The difference between this setup 
and the actuator based one is that in the latter case the actuator has the ability to, in addition 
to vary it’s dampening effect and provide a counteracting force, also control the position. For 
this application it could be the seat’s position in relation to the seat base. Since input signals 
at certain frequencies are amplified rather than suppressed (as also concluded by (Olausson, 
2015)), varying the damping coefficient of the suspension momentarily, depending on 
frequency, to a more suitable value might improve the decrease of the vibration dose further. 
In (Olausson, 2012) the author concludes that there is a trade-off between mitigation rate and 
stroke motion in suspension seats. Hence, for passive suspensions seats in general to have low 
seat accelerations, a low spring coefficient is needed. That in turn yield larger stroke motions. 
Therefore, the spring coefficient need to be set low enough to successfully mitigate 
accelerations but not too low, in order to include a safety margin to avoid the risk of bottoming 
out the suspension. Bottoming out events shall always be avoided for the sake of passenger 
safety as well as for the integrity of the equipment. Hence, stroke motion is a primary factor 
to consider when designing the suspension. The mitigation rate and stroke motion trade-off 
is addressed by (Muhieddine, 2014) where a so called end of stroke damping mechanism is 
implemented in a suspension system for a hybrid forest truck. 
 
The purpose of this study is to examine the theoretical feasibility of an active system for a 
HSC, describe the mechanical setup and the mathematical relations that constitute the system 
and by means of simulation determine the system’s ability to suppress vibrations and shocks. 
By doing so, the study shall identify the crucial properties needed in an active system. 
Furthermore, this study also specifically intends to evaluate whether the described active 
suspension system is able to suppress vibrations and shocks in a higher extent than a 
comparable passive system. This study is limited to consider vertical accelerations since 
vertical acceleration is dominating in the case of whole body vibration exposure, as is 
described by (Allen, Taunton, & Allen, 2008) in which measurements are carried out with a 
RIB-type HSC commonly used by coast guards.  
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2 Modelling the passive suspension seat 
 
2.1 Analytical implementation 
 
To clarify the task at hand, the dynamics of the passive suspension system illustrated in figure 
1 is analysed. The forces acting on the passengers upper body, 𝑚1, are described in the 
following equilibrium equation 
 
 −𝑚1�̈�1 − 𝑘1(𝑥1 − 𝑥𝑏) − 𝑐1(�̇�1 − �̇�𝑏) − 𝑘2(𝑥1 − 𝑥2) − 𝑐2(�̇�1 − �̇�2) = 0 Eq. 1 

 
Equivalent equilibrium equation for the lower body and the seat, 𝑚2, is 
 
 𝑚2𝑥2̇ − 𝑘2(𝑥2 − 𝑥1) − 𝑐2 (𝑥2̇ − 𝑥1̇) = 0 Eq. 2 

 
Since the input signal to the system will be the acceleration at the seat base the following 
variable substitutions are made 
 
 𝑥𝑟1 − 𝑥𝑏 = 𝑥1  Eq. 3 

 
 𝑥𝑟2 − 𝑥1 = 𝑥2  Eq. 4 

 
Where 𝑥𝑟2 is the position of 𝑚2 relative to 𝑚1 and 𝑥𝑟1is the position of 𝑚1relative to the seat 
base. Inserting Eq. 3 and Eq. 4 in Eq. 1 and Eq. 2 and solving for the relative accelerations yield 
 
 1

𝑚1
(−𝑐1�̇�𝑟1 + 𝑐2�̇�𝑟2 − 𝑘1𝑥𝑟1 + 𝑘2𝑥𝑟2) − �̈�𝑏 = �̈�𝑟1 

Eq. 5 

 
and 
 
 1

𝑚1
(−𝑘2𝑥𝑟2 − 𝑐2�̇�𝑟2) − �̈�1 = �̈�𝑟2 

Eq. 6 

 
Note that the acceleration of 𝑚1 is expressed as the acceleration relative to the seat base 
acceleration. Similarly for 𝑚2, the acceleration is relative to the acceleration of 𝑚1. 
Furthermore, the model is simplified by neglecting the friction between the passenger’s body 
and the seat’s back as well as the forces acting due to the interaction between the hands and 
the steering wheel in the craft driver’s case. Since the aim of this study is to compare the 
performance of an active system with a passive system this simplification is considered valid 
since same assumptions are made for both cases. 
 



 5 

By creating a block diagram in Simulink according to Figure 2 based on Eq. 5 and Eq. 6, the 
system’s behaviour for input accelerations i.e. seat base accelerations with various 
frequencies can be simulated and assessed. 

 
Figure 2. Simulink block model of the passive suspension system illustrated in the introduction. 

 
 

2.2 Model validation 
 
Validation of the passive suspension seat model is done by comparing simulation results with 
empirical data. In this case the model is compared with results gathered in (Garme, Bjurström, 
& Kuttenkeuler, 2011), an experiment in which accelerometers were used to measure the 
accelerations on the coxswain seat and on deck in a 10 m long coastguard vessel, operating at 
speeds close to 50 knots. The deck and coxswain seat positions in the experiments in (Garme, 
Bjurström, & Kuttenkeuler, 2011) correspond to the model’s positions 𝑥𝑏 and 𝑥1 in Figure 1. 
The 𝑥1 position is where vibrations are transmitted from the seat’s surface to the body of the 
passenger, which is the position for evaluation of human vibration exposure according to [ISO, 
1997]. By using the measured acceleration data as �̈�𝑏 (i.e. model input) to the suspension 
model the resulting seat accelerations �̈�1 can be compared to the measured acceleration data 
from the coxswain seat. The seat parameters chosen for the comparison are estimates, and 
listed in Table 3. 
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Table 1. Seat and human parameters. 

Human 
Total human mass 85 kg 
Mass of legs 8.5 kg 
Mass of thighs 15.3 kg 
𝑚2 61.2 kg 
𝑘2 60376 N/m 
𝑐2 1818 Ns/m 

Seat 
Seat mass 38 kg 
𝑘1 25000 N/m 
𝑐1 2200 Ns/m 
𝑚1 (seat mass + thighs) 53.3 kg 

 
 
As seen in Table 1, a fraction of the human mass is lumped with the mass of the seat. This is 
due to that the human body in such applications is considered flexible rather than rigid, which 
is concluded by (Griffin, 1990). Therefore, a human body subjected to vertical motions is 
assumed to behave like a two mass system with a spring and a damper connected in between 
the masses. Thus the spring and damper represents properties of the human body. In this case 
the human spring and damper properties are the ones denoted 𝑘2 and 𝑐2. The thighs of the 
human (around 18 % of total human body mass) is assumed rigidly connected to the seat, 
hence the added weight to 𝑚1 that otherwise would be the mass of the seat only. The mass 
of the upper body (approximately 72 % of the total human mass) constitute the mass 𝑚2. The 
remaining 10 % is the mass of the legs, that are assumed supported by a footrest and therefore 
not interacting with the motions of the human and seat.  
 
The seat base acceleration data gathered during the 800 s run, as described by (Garme, 
Bjurström, & Kuttenkeuler, 2011), is used as data input to the model. Running a simulation for 
800 s with the measured seat base accelerations as input results in the seat acceleration 
response presented in figure 3. The figure show that the order of magnitude is the same in 
both results (except from a couple of extreme values at around 320 s in the results from the 
measured data). 
 
For assessment of the model, the linear correlation between the measured and the simulated 
seat response is computed. This linear relation is represented by the linear coefficient r, 
known as the Pearson Product-Moment Correlation coefficient. This coefficient is a measure 
of how strong the linear relation is between two random variables. In this case the correlation 
coefficient indicates the extent to which the simulated and measured seat acceleration vary 
together and is for a set of data samples computed according to following equation: 
 
 

𝑟 =
∑(𝑥𝑖 − �̅�)(𝑦𝑖 − �̅�)

√∑(𝑥𝑖 − �̅�)2 ∑(𝑦𝑖 − �̅�)2
 

Eq. 7 

 
where 𝑥𝑖 and 𝑦𝑖 represents the acceleration values and �̅� and �̅� the mean values, of the 
simulated and measured samples respectively. The calculation results in the correlation 
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coefficient r ≈ 0.92. A common rule of thumb is that one assumes that linear relation exists 
for 0.75 ≥ r ≤ 1. It is therefore concluded that there is a strong linear relation between the 
simulated and the measured seat response. This indicates that the model is a valid 
representation of a real passive suspension seat. To evaluate the model further, a Fourier 
transform of the time-domain signal is made to assess the two systems in the frequency 
domain. A frequency-domain representation can show the frequency range that the time-
domain signal in figure 3 consist of. A frequency-domain representation also reveals the 
distribution of the frequencies present in the time-domain signal. Since the performance of 
any dynamic system is closely related to the frequencies in which masses oscillates when 
subjected to an external force, the frequency domain representation reveal information 
regarding what frequencies the suspension seat passes through and what frequencies that are 
suppressed. In order to further validate the model, the frequency spectrum of the simulated 
seat response signal can be compared to the corresponding data gathered from the empirical 
study by (Garme, Bjurström, & Kuttenkeuler, 2011). 
 
In this case the Discrete Fourier Transform (DFT) method is used since the acceleration data 
consist of a finite and equally spaced samples. This allows for utilizing the FFT-function in 
MATLAB that computes the Fourier transform using the Fast Fourier Transform algorithm. 
Worth mentioning is that the sampling frequency is 800 Hz, the amount of data samples is 
6400001 and the total measurement time is 800 s, in accordance with the experiments in 
(Garme, Bjurström, & Kuttenkeuler, 2011). The resulting frequency domain representation of 
the seat acceleration signal, from both the model and the empirical study, is presented in 
Figure 4. The figure show that the response frequency range is more or less the same for both 
systems. To examine the similarities further a cross-correlation between the simulated and 
measured signal in Figure 4 is done using the xcorr-function in MATLAB. The method is used 
to determine the phase shift between the two functions by evaluating at what phase-shift the 
integral of the product of the two functions are maximized. The results of the evaluation give 
that there is no phase lag between the signals, hence the signals frequency range content is 
the same. The results from the assessments are assumed sufficient to conclude that the 
passive suspension model is a valid representation for how a real suspension seat would 
perform. The plots in Figure 4 show that the signal consist to a large extent, of frequencies 
around 2 Hz. This frequency, which section 3.3 will show, is close to the frequency where the 
seat amplifies the signal the most. 
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Figure 3. Time domain seat accelerations response. Simulated acceleration response versus measured response. 

 
Figure 4. Frequency domain representation of the time-dependent acceleration signal. 
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3 Performance of the passive system 
 
Simulations of the seat’s motion for input frequencies of 1 - 100 Hz are carried out to evaluate 
the performance of the passive system. The frequency range is chosen based on guidelines by 
(ISO - International Organization for Standardization, 1997), where the relevant frequency 
range for evaluation of WBV is stated. The input to the model is the seat base acceleration 
represented by a sinusoidal function, simulated at one frequency at the time, which in turn 
yield the seat response for those acceleration frequency inputs. All values like mass, spring 
and damping coefficients, etc. are the ones given in table 3. The ratio between the seat 
response acceleration and the seat base acceleration as function of frequency is plotted in 
Figure 5. 
 

 
Figure 5. Ratio between seat acceleration response and floor acceleration as function of log(Hz). 

The plot shows that the seat does not suppress accelerations at all frequencies. At frequency 
levels below 3 Hz the system is rather amplifying the accelerations. For higher frequencies 
however, the response decrease as the frequency increases. This behaviour seems 
reasonable. Looking at the system in figure 1 and only considering 𝑚1, 𝑘1 and 𝑐1, shows that 
the system should act as a low pass filter. Hence, seat base accelerations with low frequencies 
should be passed on and large input frequency acceleration will be damped out. One can 
therefore expect that the complete system will have a similar behaviour. Whether such a 
design is sufficient depends on the frequency content of the seat base acceleration and in turn 
on the operational profile of the vessel. However, the frequency-domain signal in figure 4 
show that the seat base acceleration consists primarily of low frequency signals below 6 Hz 
and to a large extent of frequencies below 3 Hz, at frequencies where accelerations are 
amplified. Hence it is safe to assume that an improvement of the mitigation performance for 
frequencies below 6 Hz is desirable and could increase passenger’s comfort. 
 
3.1 The damper coefficient´s effect on the performance 
 
To get an idea whether an actuator could increase the suspension’s performance one can 
examine what the effects will be when varying the damping coefficient, 𝑐1, of the suspension. 
This is investigated based on the assumption that the damping coefficient can be actively 

0 0.2 0.4 0.6 0.8 1 1.2 1.4 1.6 1.8 2

log(Hz)

0.2

0.4

0.6

0.8

1

1.2

R
at

io

Seat acceleration to seat base ratio



 10 

controlled. By changing the 𝑐1-coefficient to 5000 Ns/m from 2200 Ns/m, while keeping the 
rest of the properties unchanged, and running the simulation, the response of the seat yield 
the accelerations presented by the red plot in figure 6. In the figure, the same curve from 
figure 5 is plotted. A comparison between the acceleration ratios for the two cases shows that 
the 𝑐1 value of 5000 Ns/m used in the latter case is more suitable for all frequencies below 3 
Hz. At best the seat’s acceleration response, by increasing the 𝑐1 damping coefficient, 
decreases by around 20 %, at 1.6 - 2.1 Hz. At frequencies larger than approximately 3 Hz 
(0.48 =  log 3), the lower damping coefficient is more suitable. Results of the comparison 
indicate that the damping coefficient have a significant impact on the total performance of 
the suspension system, thus the ability to actively control and vary the damping coefficient 
should be beneficial. However, as discussed briefly in the introduction, the stroke distance is 
perhaps the primary limiting factor and a decreased damping coefficient will result in larger 
stroke motions since the damper’s energy dissipating effect will be reduced. To get an 
estimate of an acceptable stroke length, the seat position relative to the seat base is plotted 
for a simulation of an 800 s run with the measured seat base acceleration as input to the 
model. The result is presented in Figure 7. The position plot is the seat’s acceleration signal 
that have been integrated twice. The plot shows that maximum stroke length during the run 
is approximately 86 mm. 

 
Figure 6. Seat acceleration to seat base acceleration ratio as function of frequency simulated. Parameter settings: 𝑐1 = 2200 

Ns/m and 𝑐1 = 5000 Ns/m. 
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Figure 7. Seat position relative to seat base during simulation of an 800 s run. Maximum displacement is approximately 86 

mm. 

4 A brief review of existing adaptive suspension systems 
 
A review of active systems employed in similar systems show that there are several ways to 
control a body in motion. Both in terms of different control algorithms and mechanical setups. 
One method described by (Nevala & Järviluoma, 1997) where two hydraulic actuators are 
used for controlling the seat motion in two degrees of freedom, thus mitigating side motions 
as well as vertical motions. In the mentioned case a feedback control loop is implemented, 
meaning that the controlled signal that is sent to the actuator is a measure of the system’s 
response, i.e. the seat’s acceleration or velocity. An alternative to the feedback control is the 
feed-forward control, which, instead of reacting to an error, measures the source, i.e. the 
disturbance itself and compensates for this disturbance in order to minimize the error or even 
preventing the error from occurring. The error in this case could be the difference between 
the seat’s acceleration, velocity or position value and a desired value (that would be set to 
zero). A feed-forward system applied on the project in this paper would mean measuring the 
seat base acceleration and apply a counteracting force on the seat in real time as the seat base 
accelerates. A combination of both feed-forward and feedback is also possible. The method 
best suited depends on the application. Feed-forward control only however, requires that the 
relation between the input and the output is known and constant over time, and thus not 
applicable in problem addressed in this paper. A system where both feed-forward and feed-
back control is implemented is described by (Shimogo & Kawana, 1995), where both the 
source of disturbance and the response motions are constantly measured and translated to a 
signal that is fed to the servo-motor, in order to control the seat in a heavy duty truck. The 
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configuration of the active suspension seat in (Shimogo & Kawana, 1995) is similar to the 
passive suspension seat modelled in this project except for the addition of the actuator. In the 
modelled passive system in Figure 1 there is a damper and a spring connected between the 
seat and its base, meanwhile in the active system in (Shimogo & Kawana, 1995), an actuator 
in the form of a servo motor is connected in parallel with the spring and damper. A different 
project in which hydraulic actuators are instead used is described by (Muhieddine, 2014), 
where cylinders with an end-of-stroke damping mechanism are used to increase the damping 
coefficient and prevent the suspension from bottoming out. This compensates the low spring 
coefficient that is used in order to increase the reduction of vibrations. One advantage with 
such a configuration is that it only provides an increased damping when the piston is moving 
forward (forward direction being when the suspension system is being compressed) thus 
allowing the piston to move freely on its way back to unloaded position. The suspension 
system is however not active in the sense that a measured signal is translated into a signal fed 
to the actuator, but instead the cylinder’s counteracting force increases progressively as the 
stroke motion moves close to the stroke end. According to the paper the system is successfully 
implemented and reduces the risk of bottoming out events while increasing the vibration 
mitigation performance. However, the end of stroke damping setup is not as adaptive as an 
active system can be since it is optimized for a certain load condition and scenario. And more 
importantly, this semi-active system can only vary the rate of dissipated energy, whereas the 
active actuator based system can both dissipate energy and add energy to the system. 
 
A decrease in vibrations on board ships is not only important from a health and comfort 
perspective but there is also an economic incentive to reduce the vibrations since vibrations 
reduces the life span of equipment on board. There are active suspension systems used in 
ships that addresses this issue. One such system, which is described by (Jialin, 2015), uses 
similar setup with springs and actuators used by (Shimogo & Kawana, 1995) to control the 
motions of a body. The controlled body in that case is the entire cabin of the ship, which is 
carried by two pontoons. Hence the vessel is a type of catamaran with springs and dampers 
connected between the pontoons and the cabin, with pairs of springs and dc-motors on both 
sides of the vessel. 

5 Modelling the active system 
 
For harmonic seat base accelerations, the system’s response can be predicted as the 
simulations show in the response plots in section 0. Thus, the suspension can be designed to 
reduce a major part of the vibrations as explained above. The purpose of the seat however, is 
not to only isolate the passenger from vibrations but also more importantly to protect the 
passenger from shocks caused by slamming. The shocks are represented by the high peaks in 
Figure 3, of which many are at levels above 20 𝑚/𝑠2 and some exceeding 30 𝑚/𝑠2. For 
assessment of the characteristics of these impulses, in order to define the properties of a 
system that can reduce shock impact on the passenger, it does not make sense to study the 
frequency content of the shocks. Furthermore, the counteracting damping force is 
proportional to velocity, in this case it is the seat’s velocity relative to the seat base. The 
measured signal is the seat’s absolute acceleration, which in turn is directly proportional to 
the force that we want to reduce. It is therefore more suitable to use a configuration that 
responds to the measured absolute acceleration level of the seat, rather than the velocity. By 
studying the seat response signals in Figure 3, the peak-time, the time it takes for the 
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acceleration to increase from approximately zero to its peak value, can be found. Figure 8 
shows the plot of one of the larger impulses in Figure 3, which also have one of the shortest 
peak-time. 
 

 
Figure 8. Impulse with a peak-time of approximately 75 ms. 

It takes the shock plotted in figure 8 approximately 75 ms to reach the peak value of 33 𝑚/𝑠2, 
causing the mass 𝑚1 to be subjected to a force equal to 1.74 kN. An actuator that will reduce 
the shocks should therefore respond fast enough to counteract the rising acceleration of the 
seat. More precisely, the time it takes for the actuator to reach a high enough counteracting 
force should around 75 ms or less, for the system to reduce the most severe seat 
accelerations. 
 
5.1 Schematic model of the active suspension system 
 
Since the passive suspension model is designed and validated it becomes convenient to 
modify the model into an active system by minimum means of modification. By adding an 
actuator between the seat and the seat base, in parallel with the spring and the damper, the 
schematic configuration of the suspension system becomes as depicted in Figure 9. The role 
of the actuator (denoted 𝑓𝑎 in the figure) is to apply force on the seat to counteract the 
disturbance from the seat base. The setups is a DC-motor that is mounted on the seat and the 
motor’s shaft is connected to a vertical rack that is rigidly connected to the seat base. Using a 
feedback control loop, the seat acceleration can be continuously monitored in real time and 
translated in a micro controller into a signal that is fed to the motor. In reality when the 
actuator applies force on the seat, to counteract the seat base acceleration, the actuator is at 
the same time applying an equal force on the seat base. However, the effect that the force 
has on the seat base is negligible since the seat base is rigidly connected to the rest of the 
vessel, which has a mass that is many times larger than the mass of the seat including the 
passenger. 
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Figure 9. Schematic model of the active system. 

 
5.2 DC-motor model 
 
A brushed dc-motor can theoretically be divided in two parts; an electrical part and the 
rotating mechanical part, as illustrated in Figure 10. These two parts interact and can be 
described mathematically. 
 

 
Figure 10. Schematic model of a generic DC-motor. 

 
Using Kirchhoff’s law of current and potential, the following equations are obtained, 
describing the relations between the motor’s electrical components: 
 
 𝑈𝑚 = 𝑈𝐿 + 𝑈𝑅 + 𝐸 Eq. 8 

 
 𝑈𝑀 = 𝐿𝐼̇ + 𝑅𝐼 + 𝐾𝐸𝑀𝐹�̇� Eq. 9 
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The notation L refers to the motor’s inductance, I is the current, U is the voltage, R is the 
magnitude of the motor’s terminal resistance, E is the voltage over the DC-motor, 𝐾𝐸𝑀𝐹 the 
voltage constant of the motor and �̇� is the angular velocity. 
 
The mechanical part of the motor is described by 
 
 𝐽�̈� = 𝐾𝑀𝐼 − 𝑏�̇� Eq. 10 

 
Where J denotes the motor’s mass moment of inertia. The magnitude of motor’s inner 
resistance b, in Eq. 12, is not stated in the motor’s datasheet. When verifying the motor’s 
performance (according to the datasheet) with the motor model simulated in Simulink, the 
conclusion is made that the coefficient b can be neglected, since the motor model’s 
performance matches the performance in the datasheet well. Rewriting Eq. 9 and Eq. 10 yields 
the following relations 
 
 𝐼̇ =

1
𝐿

(𝑈𝑀 − 𝑅𝐼 − 𝐾𝐸𝑀𝐹�̇�) 
Eq. 11 

 
 �̈� =

1
𝐽

(𝐾𝑀𝐼) 
Eq. 12 

 
In accordance with Eq. 10 and Eq. 11, the dc-motor properties like velocity, acceleration, 
position and torque can be controlled either by controlling the voltage 𝑈𝑀 over the motor or 
the current, I, in the motor. However, it is the counter-force provided by the actuator that we 
wish to control. The force is directly proportional to the motor’s torque, which in turn is 
directly proportional to the current. Hence, current control can be applied to control the 
actuator’s counter force. Using a closed-loop current controller, the aim is to make the output 
force follow the reference signal. Alternatively, voltage control can be applied but the benefit 
of using current control instead of voltage control is that the electric part of the motor 
described by Eq. 12, can be neglected. The electric part would otherwise introduce a phase 
shift between the input signal and the output response of the motor if voltage is chosen as 
the control parameter. This delay caused by the motor’s windings is a drawback if a fast 
response is desired. More comprehensive description regarding the phase lag and the 
realization of closed-loop controls is given by (Hughes, 2006). 
 
5.3 PD-control 
 
When using actuators for controlling properties like for example position, velocity or 
acceleration or a combination of several properties in a mechanical system, PID-control can 
be used for the purpose. The value of the controlled property is continuously monitored and 
fed back to the actuator through a mathematical function implemented in a micro controller. 
The controller then sends the control signal to the actuator. PID represents the proportional, 
integral and derivative terms that are part of this function. The function takes as input the 
error, 𝑒(𝑡) (t is time), of a controlled property relative to a reference value then and outputs 
a control signal to the actuator according to following equation: 
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𝑌(𝑡) = 𝑃𝑒(𝑡) + ∫ 𝑒(𝜏) 𝑑𝜏 + 𝐷

𝑑𝑒(𝑡)
𝑑𝑡

𝑡

0
 

Eq. 13 

 
In this project the controlled property is the seat acceleration and the reference value is zero. 
The proportional term 𝑃𝑒(𝑡), defines the speed in which the system reacts to the error. The 
larger the 𝑃 −coefficient is, the faster and more aggressive will the response to an error be. 
However, a too large 𝑃- coefficient will often entail an overshoot that can result in an 
oscillation about the reference value and can in worst case cause damage to the mechanical 
system. In this case it could result in the actuator responding too aggressively causing 
unwanted oscillations, the suspension to be compressed more than necessary and in worst 
case bottoming out the suspension. The derivative term is proportional to the derivative of 
the error and can thus reduce the oscillating behaviour that are caused by a large P-value. The 
integral term of Eq. 13 integrates the error over time to adjust the steady state value in order 
to reach the reference value. One can perceive the integral part as the part that dissipates 
energy from the system if the system is steady at a state value larger than the desired value 
or in the opposite case, if the controlled parameter is lower than the reference value, the 
integral part adds energy to the system to reach the reference value. In this application the 
integral part of  Eq. 13 is not considered to be necessary since the I-control is in a sense 
measuring and responding to the speed (integration of the measured property that is the 
acceleration), which is not the property we are trying to reduce per se. Hence, only PD-control 
seem relevant. 
 
5.4 Performance of the active suspension system 
 
The motor parameters are same as for a dc-motor of type Maxxon 388990, 250 watts. To 
study how the actuator handles impulses, we run a simulation with a single impulse as input. 
Then an assessment of the actuator performance and the total behaviour of the system can 
be done. The impulse chosen is identical to the largest one that occurs in the measured floor 
accelerations. Results of the simulation along with the impulse input are presented in Figure 
11. 
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Figure 11. Results from active system given impulse input 

 
 
 
Figure 11 shows that the active system reduce the seat response to 6.8 𝑚/𝑠2, thus by 
approximately 73% of the equivalent case presented in Figure 12 where the passive system, 
given the same input, yield a seat response acceleration of 25.9 𝑚/𝑠2. 
 

 
Figure 12. Results from passive system given an impulse as input. 
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The seat displacement for the active system is however increased to 71 mm compared to 30 
mm for the passive system. It is possible to reduce the seat acceleration response further by 
varying the values of 𝑃 and 𝐷. It is found however that there is a trade of between the seat 
acceleration reduction and the seat displacement as well as the settling time of the oscillation. 
Both settling time and displacement will increase if the 𝑃 and 𝐷 values are changed to achieve 
lower seat acceleration response, at least for the different parameters simulated for in this 
analysis before reaching the result in Figure 11 with the chosen 𝑃 and D parameters. The 
settling time is commonly defined as the time it takes for the signal to reach a desired value 
within an error margin (in control applications normally 2 % - 5 % of the desired steady state 
value). Settling time is of particular importance considering that the seat need to return to its 
neutral position as fast as possible before another impulse excites the motions. Otherwise 
there is a risk for accumulative effects if the seat is in motion when the next impulse occur. 
Comparison of subplot D in Figure 11 and subplot B in Figure 12 shows that the settling time 
for the active system is roughly twice as for the passive system. Therefore, simulating the 
response of the active system with the measured 800 s long seat base acceleration as input, 
results in higher seat acceleration than 6.8 𝑚/𝑠2. The result of the simulation for the active 
system with complete 800 s run is presented in Figure 13. The figure shows that the maximum 
acceleration response is decreased by roughly 40 % compared to the passive system 
performance illustrated in Figure 14. However, the maximum displacement is three times as 
high as for the passive system. This might not be acceptable from a comfort point of view. 
Increasing the spring coefficient, 𝑘1, will decrease the seat displacement while increasing both 
seat acceleration response and settling time. 
 

 
Figure 13. Performance of the active system. 
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Figure 14. Seat acceleration response for the passive system. 

6 Results 
 
The performance of the active system, with various values of 𝑘1, 𝑐1, 𝑃𝐺𝑎𝑖𝑛 and 𝐷𝐺𝑎𝑖𝑛, are 
presented in Table 2 and Table 3. The setup with 𝑘1 =  50000 𝑁/𝑚 in Table 2 performs as 
follows: 𝑎1 =  8.8 𝑚/𝑠2, 𝑥1𝑚𝑎𝑥 =  57 𝑚𝑚 and a settling time of approximately 1.27 s. This 
setup seem promising initially, considering that the acceleration level is significantly lowered 
compared to the passive system in Figure 12. The maximum displacement is within acceptable 
values and the zero crossing time is short. The settling time however, is still much longer 
compared to the passive system where the settling time is roughly 0.5 s. The resulting 
increased settling time (believed to be primarily due to the effect of the 𝑃𝐺𝑎𝑖𝑛) is illustrated in 
the plots in Figure 15 and Figure 16, that illustrates some of the results in Table 2 and Table 3 
respectively. Increasing the damper on the other hand, reduces the settling time as well as 
the displacement while increasing the seat acceleration response. For an increased 𝑐1-value 
to 6000 Ns/m the system yields an acceleration response of 15.42 𝑚/𝑠2, a maximum 
displacement, 𝑥1𝑚𝑎𝑥, of 44 mm and a settling time at 0.9 s. Needed to achieve this is an 
actuator force of 4.13 kN. With this setup the active system still performs better than the 
passive system in all aspects except for settling time, which can be seen in Figure 17. Figure 
17 show the performance of three setups, the active with c1 = 6000 Ns/m, passive with 𝑐1 = 
1000 Ns/m and passive with 𝑐1 = 2200 Ns/m that is the original configuration. The active 
system compared to the original configuration is more effective in terms of suppressing the 
acceleration, but it is at the expense of a larger displacement. However, the displacement is 
still within acceptable range (less than 86 mm). In order to compare the active system with 
the passive one that is allowed to displace the seat the same distance, the 𝑐1 - value for the 
passive system is lowered and simulated. As Figure 17 shows, for the same displacement the 
two systems suppress the acceleration to approximately the same value at around 15 𝑚/𝑠2. 
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The benefit of the active system in this case is that the displacement does not oscillate about 
the neutral position as the passive system does. Except for this, the performance of the two 
setups are the same, with both systems having a higher settling time compared to the original 
passive system setup. Settling time for the original passive system (𝑐1 = 2200 𝑁𝑠/𝑚) is 
approximately 0.5 s, compared to around 0.9 s for the active case.  
 
For a system to have a short settling time it partly requires a fast response to the error, which 
is the acceleration. To achieve a faster response the 𝑃𝑔𝑎𝑖𝑛- coefficient can be increased. The 
performance indicators of the active system with an increased 𝑃𝑔𝑎𝑖𝑛 to 0.04 is presented in 
Table 3 and partly illustrated in the plots in Figure 16. The results show that an increased 𝑃𝑔𝑎𝑖𝑛- 
coefficient increases the response to the acceleration of the seat. However, the seat 
displacement and the settling time increases as well. This due to the fact that no part of the 
control considers the displacement of the seat as an error. 
 

Table 2. Key figures for the active system performance. Different setups are tested. 

𝑃𝑔𝑎𝑖𝑛 = 0.02, 𝐷𝑔𝑎𝑖𝑛 = 0.00005 

𝑘1 𝑐1 𝑎1𝑚𝑎𝑥 𝑥1𝑚𝑎𝑥 1st zero crossing Settling time (𝑥1< 2mm) [s] 
20000 2200 6.6 76 0.47 1.27 
30000 2200 7.1 67 0.37 1.27 
40000 2200 7.9 61 0.32 1.27 
50000 2200 8.8 57 0.28 1.27 
20000 6000 15.42 44 → 0 0.9 
30000 6000 15.6 41 0.8 0.56 
40000 6000 15.8 39 0.48 < 0.48 
50000 6000 16 37 0.36 < 0.36 

 
Table 3. Active system performance. 𝑃𝑔𝑎𝑖𝑛  = 0.05 and 𝐷𝑔𝑎𝑖𝑛  = 0.00005. 

𝑃𝑔𝑎𝑖𝑛 = 0.04, 𝐷𝑔𝑎𝑖𝑛 = 0.00005 

𝑘1 𝑐1 𝑎1𝑚𝑎𝑥 𝑥1𝑚𝑎𝑥 1st zero crossing Settling time (𝑥1< 2mm) [s] 
20000 2200 4.51 108.90 0.58 > 3 
30000 2200 5.47 95.00 0.47 > 3 
40000 2200 6.33 85.72 0.40 1.90 
50000 2200 7.11 78.87 0.36 > 3 
20000 6000 9.53 66.84 1.11 <1.11 (0.9) 
30000 6000 9.65 61.63 1.25 <1.25 (0.9) 
40000 6000 9.77 57.73 0.97 <0.97 (0.82) 
50000 6000 9.89 54.62 0.82 <0.82 (0.74) 

 



 21 

 
Figure 15. Active system response showing a fast response with short time to 1st zero crossing and heavy overshoot causing 

long settling time. 𝑃𝑔𝑎𝑖𝑛 = 0.02. 𝐷𝑔𝑎𝑖𝑛 = 0.00005 

 

Figure 16. Active system response with increase PD-coefficients, showing a slightly faster response on the expense of a 
higher displacement. 𝑃𝑔𝑎𝑖𝑛 = 0.04. 𝐷𝑔𝑎𝑖𝑛 = 0.00005. 
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k1 = 20000, c1 = 2200
k1 = 30000, c1 = 2200
k1 = 40000, c1 = 2200
k1 = 50000, c1 = 2200

0 0.5 1 1.5 2 2.5 3

Time [s]

-4

-2

0

2

4

6

8

Ac
ce

le
ra

tio
n 

[m
/s

2 ]
A. Seat acceleration response, a 1, from simulation. Pgain: 0.02000, Dgain: 0.00005
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Figure 17. Comparison between passive and active system response. 

To examine the capabilities of the active system further, we study the effects of the control 
parameters in the PD-control, especially the P-coefficient. To decrease the settling time the P-
coefficient is significantly lowered, compared to the values used for simulating the results in 
Table 2 and Table 3 (𝑃𝐺𝑎𝑖𝑛 =  0.02 and 0.04 respectively), to 0.002 and 0.001. Aside from the 
PD-controlled actuator the suspension properties, 𝑐1 and 𝑘1, are identical to the original 
passive system. The simulation results are presented in Figure 18. 
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Lowering the P-coefficient results in a shorter settling time and in a higher acceleration 
response as expected. However, the acceleration response of the active systems, when 
𝑃𝐺𝑎𝑖𝑛 = 0.02 and 0.01, are approximately 30 % and 36 % lower than for the passive system, 
while the settling time is approximately the same for all three cases. As shown in subplot B in 
Figure 18, the actuator in both cases has a rise time (the time from reacting to the error until 
reaching maximum output force) of approximately 15 ms. The output force needed to 
decrease the maximum acceleration by 36 % is around 900 N. That is the case when the 𝑃𝐺𝑎𝑖𝑛- 
coefficient is set to 0.02. For a 30 % maximum acceleration decrease (𝑃𝑔𝑎𝑖𝑛 = 0.01), an 
actuator force of 800 N is needed. 

7 Discussion 
 
The assessment of the performance was done based on four performance indicators: the seat 
response acceleration, seat displacement relative to the seat base, settling time and the zero 
crossing time. The seat acceleration is directly proportional to the load that the passenger is 
being subjected to. In order to increase the actuator response to the impact load, the 𝑃𝑔𝑎𝑖𝑛 
was increased. Increasing the 𝑃𝑔𝑎𝑖𝑛 resulted in a faster response and a lower seat acceleration 
but on the expanse of an increased overshoot. Several attempts were carried out to decrease 
the overshoot by varying the 𝐷𝑔𝑎𝑖𝑛- coefficient in the PD-control without success. The ideal 
system should have a short zero-crossing time as well as a short settling time. Therefore, 
future work should include an evaluation if a cascade control can be implemented, i.e. adding 
a secondary control in order to control the position of the seat in addition to the acceleration. 
Controlling the position is of importance also in order to avoid bottoming out the suspension. 
The control in this paper does not take that into account, other than when evaluating the 
system’s performance consideration was taken to the stroke length but the system itself does 
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Figure 18. Response results comparing active system, with lowered 𝑃𝑔𝑎𝑖𝑛 , with the passive system. 
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not consider a maximum stroke length. For future work a deeper assessment of the influence 
of the 𝐷𝑔𝑎𝑖𝑛  - parameter on the controlled system should also be carried out since the 𝐷𝑔𝑎𝑖𝑛  
-part has a significant effect on the performance. A thorough investigation has not been done 
in this paper. 
 
The method for studying different PI-control parameters was trial and error. A more 
systematic approach could yield better suited parameters for controlling the suspension. 
Moreover, the PD-control is one of several applicable control methods. This was however the 
method available, hence a different control method could be more suitable.  
 
The DC-motor has not been chosen for this particular implementation based on its specific 
properties. It was chosen with reference to a different paper where a similar actuator setup, 
with the same motor type is used. This study does not take into account the maximum input 
current, or other loads that normally constrains a motor’s efficiency.  
 
The performance of the active system mitigates the shock significantly better than the passive 
system in addition to keeping a low settling time, as shown in the last results in the result 
section. However, the results were from when a single impulse was given as input. For future 
work the active system should be simulated for a series of input signals, like the data gathered 
in the 800 s run by (Garme, Bjurström, & Kuttenkeuler, 2011). The results from such 
simulations should then be assessed against the performance indicators stated by (European 
Union, 2002) in order to get more convincing results in order to determine if the active system 
actually could out-perform the passive one. If that is the case, further investigations can be 
carried out to find mechanical and electrical components with properties suitable for the 
application.  



 25 

8 References 
 
Allen, R., Taunton, D. J., & Allen, D. P. (2008). A STUDY OF SHOCK IMPACTS AND VIBRATION 

DOSE VALUES ONBOARD HIGH- SPEED MARINE CRAFT. p. 10. 
European Union. (2002). DIRECTIVE 2002/44/EC OF THE EUROPEAN PARLIAMENT AND OF THE 

COUNCIL of 25 June 2002 on the minimum health and safety requirements regarding 
the exposure of workers to the risks arising from physical agents (vibration) (sixteenth 
individual Directive within the meaning of Article 16(1) of Directive 89/391/EEC). 45. 

Garme, K., Bjurström, L., & Kuttenkeuler, J. (2011, September). Measures of vibration 
exposure for a high-speed craft crew. Engineering for the Maritime Environment, 
225(4), pp. 338-349. 

Griffin, M. (1990). Handbook of Human Vibration. Elsevier Science. 
Hughes, A. (2006). Electric Motors and Drives - Fundamentals, Types and Applications (3 ed.). 

Elsevier Ltd. 
ISO - International Organization for Standardization. (1997). Mechanical vibration and shock - 

Evaluation of human exposure to whole-body vibration - Part 1: General requirements. 
2631-1. 

Jialin, H. (2015, June). Towing Test and Motion Analysis of a Motion Controlled Ship - Based 
on an Application of Skyhook Theory. Proceedings of the 12th International Conference 
on the Stability of Ships and Ocean Vehicles,. 

Muhieddine, H. (2014). Suspension System Dimensioning and Modelling for Co-Simulation 
with Simulink and Adams. KTH, Royal Institute of Technology, Stockholm. 

Nevala, K., & Järviluoma, M. (1997). An Active Vibration System of a Driver's Seat for Off-Road 
Vehicles. pp. 38-43. 

Olausson, K. (2012). Vibration mitigation for High Speed Craft. KTH, Royal Institute of 
Technology, Stockholm. 

Olausson, K. (2015). On Evaluation and Modelling of Human Exposure to Vibration and Shock 
on Planing High-Speed Craft. KTH Royal Institute of Technology. 

Shimogo, T., & Kawana, M. (1995). Active suspension of truck seat. 5, pp. 35-41. 
 



TRITA SCI-GRU 2018:010

www.kth.se


	1 Introduction
	2  Modelling the passive suspension seat
	2.1 Analytical implementation
	2.2 Model validation

	3 Performance of the passive system
	3.1 The damper coefficient´s effect on the performance

	4 A brief review of existing adaptive suspension systems
	5 Modelling the active system
	5.1 Schematic model of the active suspension system
	5.2 DC-motor model
	5.3 PD-control
	5.4 Performance of the active suspension system

	6 Results
	7 Discussion
	8 References

