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Abstract

This thesis is concerned with the modelling and power optimization of a vapor com-
pression refrigeration system in a hybrid vehicle. The system consists of a compres-
sor, a condenser, two expansion valves, an evaporator and a chiller. The achieved
model describes the states of the system and the total power consumption of the
components when the system is in balance, i.e. there is no time dependencies of the
variables. The model is based on thermodynamic laws and properties together with
empirical parameters which are estimated from given data of a refrigeration system.
A comparison is made between the model and the given data, which shows good
conformance. The model is optimized with respect to the system power consump-
tion for different cooling demands at the evaporator and chiller, and the optimal
solutions describes the values of system state variables and the control variables.
Three different variations of the optimization problem have been examined, the first
one simulates a stationary vehicle, the second one a moving vehicle and the third
one simulates a stationary vehicle with fixed speed of the evaporator fan. It has
also been tested what impact the ambient air and glycol temperatures has on the
optimal solution. The results of the optimization problems shows that when increas-
ing the demanded cooling power at the evaporator, both the compressor frequency
and the evaporator air flow increases, but the air flow increases faster to its maxi-
mum capacity since evaporator fan consumes less power than the compressor. When
increasing the cooling demands of the chiller we see the same behavior, but when
the evaporator cooling demands are much higher than the chiller’s, the compressor
frequency are determined solely by the evaporator cooling demand. For the case of
the moving vehicle, the air flow through the condenser is higher without requiring
any power from the condenser fan. This results in a lower total power consumption,
thanks to the zero condenser fan power and a reduced compressor power as a result
of the lower condenser pressure. For the case when fixing the evaporator fan effect,
the system produces an evaporator cooling power of a minimum 3 kW even though
it is not demanded. Apart from that, the results looks similar to the normal case.
The results also showed that the values of the ambient temperatures have a great
impact on the optimal solutions.
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Sammanfattning

Detta arbete handlar om modellering och energioptimering av ett ångkompressions-
kylsystem i ett hybridfordon. Systemet best̊ar av en kompressor, en kondensor,
tv̊a strypventiler, en för̊angare och en kylare. Den genererade modellen beskriver
systemtillst̊anden och komponenternas totala strömförbrukning när systemet är i
jämvikt, vilket innebär att variablerna är tidsoberoende. Modellen är baserad p̊a
termodynamiska lagar och egenskaper tillsammans med empiriska parametrar som
beräknas utifr̊an en given datamängd fr̊an ett kylsystem. En jämförelse görs mel-
lan modellen och den givna datan, vilket visar p̊a god överensstämmelse. Modellen
optimeras med avseende p̊a systemets energiförbrukning för olika begärda kylef-
fekter vid för̊angaren och kylaren, och de optimala lösningarna beskriver värdena
för tillst̊andsvariablerna och kontrollvariablerna. Tre olika variationer av optimer-
ingsproblemet har undersökts, den första simulerar ett stationärt fordon, det andra
ett rörligt fordon och den tredje simulerar ett stationärt fordon där för̊angarensfläktens
hastighet är fixerad. Det har ocks̊a testats vilken inverkan temperaturen p̊a omgivn-
ingsluften och glykolen har p̊a den optimala lösningen. Resultaten av optimerin-
gen visar att vid ökning av begärd kyleffekt vid för̊angaren ökar b̊ade kompressor-
frekvensen och för̊angarenfläktens luftflöde, men för̊angarfläkten ökar snabbare till
sin maximala kapacitet eftersom den förbrukar mindre energi än kompressorn. När
den begärda kyleffekten vid kylaren ökar ser vi samma beteende, men i de fall d̊a
för̊angarens begärda kyleffekt är mycket högre än kylarens bestäms kompressorns
frekvens endast av för̊angarens begärda kyleffekt. För fallet d̊a vi har ett rörligt
fordon är luftflödet genom kondensorn högre utan att n̊agon energi behöver tillföras
till kondensorfläkten. Detta resulterar i en lägre total effektförbrukning, dels tack
vare att kondensorfläkten inte drar n̊agon energi, och dels tack vare en reducerad
kompressorkraft som är en följd av det lägre kondensortrycket. Vid fallet d̊a vi fix-
erar för̊angarfläktseffekten producerar systemet alltid en för̊angarekylningseffekt p̊a
minst 3 kW, trots att den inte krävs. I övrigt ser resultaten ut som det normala
fallet. Resultaten visade ocks̊a att värdena p̊a de omgivande luft- och glykoltemper-
aturerna har stor inverkan p̊a de optimala lösningarna.
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1 Introduction

This chapter concerns some history of refrigeration, along with previous research made
in the area. The objectives of the thesis are defined, and lastly we review the outline of
the thesis.

1.1 Background

For a long time, men have tried to come up with different ways of cooling things. The
purpose of cooling could vary from food preservation or heat removal from industrial
systems to simply trying to get a more pleasant air temperature to dwell in [1]. The
most well-used method of cooling in history, and a method which is also still widely used
is to use ice to cool down rooms or closed areas. However, since the ice is eventually
melting to water this would require that new ice is always easily available, which is not
always the case. Another more modern way of cooling is a mechanical method where
the thermodynamic relationship between the pressure and temperature of a substance
is utilized. This is called the vapor-compression refrigeration cycle. In this method the
substance, called a refrigerant, is pumped through a cycle which is in contact with both
a warmer and colder area, and by varying the refrigerant pressure it can absorb heat in
the colder area while emitting heat in the warmer area [1].

One of the most common applications of refrigeration systems is the air-conditioning of
cars. Ever since the first A/C system was launched in 1940 the technology have continued
to progress. In today’s systems, the desired temperature, humidity and other variables can
be controlled exactly by an advanced control system [2]. However, with the introduction
of electric and hybrid vehicles on the market, new challenges have emerged. For example,
since the system now is driven by a battery one can no longer use the excess heat produced
by a internal combustion engine in order to control the temperature. Another problem
is that for the battery to remain as efficient as possible it must operate within a certain
range of temperature, and the temperature difference within the battery cannot be too
big [3]. Since the battery cooling is a part of the same cooling system as the coupe
cooling, this leads to new optimization challenges. This thesis will aim to minimize the
total power usage of the system when it is in balance, given that certain cooling demands
must be fulfilled in the battery and coupe.

1.2 Problem Specification

The main objective of this thesis is to gain understanding of how an evaporator-chiller
refrigeration system in a hybrid vehicle can be controlled in order to minimize its power
consumption. We only look at the case when the system has reached an equilibrium state,
which means that we have no time-dependencies of the variables. The objective is divided
into the following steps.

• Establishing a mathematical model of an evaporator-chiller refrigeration system
which is based on the laws of thermodynamics.
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• Finding the empirical parameters (heat transfer coefficients, compressor efficiency
etc.) by fitting the model to data from a given system.

• Finding an optimal control to minimize the power consumption of the model system,
which gives us the optimal compressor frequencies and fan speeds given certain
cooling demands of the evaporator and chiller.

• Evaluating the results to gain an understanding of how different variables, for ex-
ample refrigerant pressures and outside temperatures, are dependent on each other
when having a minimal power consumption in the system.

1.3 Previous research

Since hybrid vehicles have grown more popular the recent years there has been less re-
search conducted in the area of optimizing the cooling of both the battery and the coupe
in the same system. However, Hamut et. al. [4] addresses some of those questions in
their work. Their study aims to optimize the cooling system of an hybrid electric car in
order to maximize the power efficiency and minimize the cost and environmental impact
of the system. Their results show that these three factors have a trade off relation, where
optimizing two of the objectives leads to a sub optimal third objective.

The vapor-compression cycle is the most common method used in refrigeration purposes
worldwide, and since refrigeration and air conditioning is one of the most power de-
manding tasks in society today [5], many attempts have been made to model the vapor-
compression cycle and to optimize its power efficiency. One common way of measuring
the power efficiency which is described in several textbooks on refrigeration [1, 6, 7] is by
calculating the coefficient of performance, COP. This is defined by Dincer [1] as the heat
removed from the cold area divided by the work input. However, since the compressor is
the main power ”source” the work input is often referred to as the compressor effect, ne-
glecting the power requirement from the evaporator and condenser fans. This could give
a fair picture of reality in most cases, but as Manske [8], Yu and Chan [9] and Braun et
al. [10] shows, optimizing only with respect to the compressor effect can sometimes give
a suboptimal result. Manske et al. [8] found out that there is a trade-off effect between
the compressor power and the energy used by the fans, which leads to an optimization
problem. They also saw an almost linear relationship between the outdoor temperature
and the condenser pressure, while the pressure seemed to be independent of the cooling
load. Yu and Chan [9] did similar experiments looking at the overall energy consumption
of the system, but according to their results the energy consumption also depends on the
cooling load. In the article of Braun et al. [10] it is examined what difference on the over-
all energy consumption we get when optimizing the COP with only the compressor effect
as work input compared to also including the fan works as work input. They found out
that especially for part load conditions one could get a significantly lower overall energy
consumption when including the fan works. Based on their simulations they concluded
that 4.5 % energy savings could have been made over a six months period when using
this optimization approach instead.
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1.4 Outline of thesis

The thesis is divided into seven chapters with different contents. The first chapter gives
an introduction of the area of refrigeration, together with a problem specification and
some previous research. Chapter 2 explains the basics of the vapor compression cycle,
and also some thermodynamic concepts which is used in the rest of the thesis. In Chapter
3 the mathematical model of the system is derived and the functions of each component
is explained further. In Chapter 4 we introduce data from a real system to estimate a
number of parameters of the model. The model is also compared to the given data. In
Chapter 5 the optimization problem is defined, which is based on the work of Chapter 3
and 4. Chapter 6 gives us the result of the optimization, while Chapter 7 contains the
conclusion of the thesis.
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2 Basic thermodynamics and the vapour compression
cycle

In this chapter, the basics of the vapor compression refrigeration cycle is explained. Some
numerical values of the temperature are used in the explanation. These numbers are not
exact, but only used to give the reader a better understanding of the system. We will
also discuss the concepts of enthalpy, entropy and specific heat capacity which are central
to understand the mathematical model which is later developed. In the last part of the
chapter the pressure vs. enthalpy diagram will be introduced and used to illustrate the
thermodynamic relations in the vapor compression cycle.

2.1 The Vapour Compression Cycle

Figure 1: A basic vapor compression cycle where the refrigerant is transformed between
four different states by going through the four components of the system. W is the
added work at the compressor, Qc is the heat which is removed from the system at the
compressor, and Qe is the added heat at the evaporator.

In nature, when two mediums are in contact with each other, heat always transfers from
the warmer medium to the colder. For example if you let a cup of coffee be in a room for a
while, it will continuously emit heat to the surrounding air until it reaches an equilibrium
point where the coffee and the air has the same temperature. If you want to transfer
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heat in the opposite direction from a colder region to a warmer, for example in an air-
conditioning system in a car, you need some technical equipment to accomplish that and
thereby also add energy to the system [1].

The vapor compression cycle is a process with the objective to transfer heat from a cold
region to a warmer region [1]. This is done by letting a refrigerant circulate in a system,
and by changing the pressure of the refrigerant in different parts of the system we also
change the temperature of the refrigerant, allowing it to absorb heat in the colder region
(where it is colder than its surroundings) and emit heat in the warmer region (where it
is then warmer than its surroundings).

A basic vapor compression cycle is seen in Figure 1, and it consists of four components
which transfer the system into different states: the compressor, the condenser, the ex-
pansion valve and the evaporator. The cycle can therefore be divided into four main
processes involving those components [1]:

State (1) - (2): In the compressor, refrigerant in gas phase is entering with a low temper-
ature around 10°C, which is slightly above its evaporating temperature. The compressor
then increases the pressure of the refrigerant, thereby also increasing both its temperature
(70°C) and the temperature in which evaporation/condensation occurs (50°C).

State (2) - (3): The next stop for the refrigerant is the condenser. Here, the warm, gas-
phase refrigerant enters and is put in contact with the outside air (25°C), but since the
refrigerant has higher temperature than the air it emits heat (Qc) and starts to condense
until all of the refrigerant is in liquid form. The refrigerant leaves as a sub cooled liquid
(30°C) after being further cooled by the outside air.

State (3) - (4): In the expansion valve the pressure of the refrigerant is dropped. This
results in a lower refrigerant temperature and a lower evaporation temperature of the
refrigerant which is around 5°C.

State (4) - (1): The last destination of the refrigerant is the evaporator. Since the refriger-
ant is around 5°C it absorbs heat (Qe) from the cold environment and starts to evaporate.
When it is completely evaporated it leaves the evaporator and enters the compressor.

2.2 Thermodynamic properties

The state of a system can be characterized by its thermodynamic properties. Common
properties are pressure, temperature, volume or mass, and others are enthalpy, entropy
and viscosity. The properties are divided into intensive and extensive properties, where
extensive properties are those who depends on the size of the system and intensive prop-
erties are independent on the system size [6]. For example mass and volume are extensive
properties while temperature and pressure are intensive. If some of the intensive prop-
erties are known, the rest of them can be determined as functions of these, which fixes
the state of the system. The state postulate gives us the number of properties that is
required to fix the system state [6]:

The state of a simple compressible system is completely specified by two in-
dependent, intensive properties.
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The most properties mentioned above are always independent, except temperature and
pressure which are only independent when we have a single phase system, as we will
see in Section 2.3. In our study we will use the Coolprop tool [11] to calculate any
thermodynamic property from two independent ones. The modelling of the properties
are based on the Helmholtz energy formulations, which is specific for each substance.
The substance which is used in our refrigeration system is ”R134A”, and the model used
by Coolprop to calculate these thermodynamical properties is based on the work in [12].
Example values of these property functions can be found in tables 3-10 in the appendix.
In Table 3-7 we have values of the temperature T (P, h), density ρ(P, h) and specific
entropy s(P, h) as functions of the pressure P and specific enthalpy h. In Table 8 we have
values of the vaporization temperature Tv(P ), the saturated liquid enthalpy hl(P ) and
the saturated vapor enthalpy hv(P ) as a function of the pressure P . In Table 9 and 10
we have values of the specfic heat capacities of vapor and liquid refrigerant cp(P, T ) as a
function of the pressure P and the degrees of sub cooling or super heating.

All properties which are calculated in this way with the Coolprop tool are hereafter
marked with a (cp) as superscript. In the next sections we will also define the intensive
properties specific enthalpy, specific entropy and specific heat capacity which will be
central in our study.

2.2.1 Specific Enthalpy

The specific enthalpy of a substance is a measure of heat energy per unit mass [J/kg]
and is denoted by h [1]. To be able to give an absolute value of the specific enthalpy a
reference state must be defined for the enthalpy. This reference state could be defined
in various ways, but it is of minor interest since we usually only look at the changes in
enthalpy of a substance. However, in our study we use the standard reference state for
the International Institute of Refrigeration [13], which says that for a saturated liquid
at 0 °C the specific enthalpy is 200 kJ/kg (and the specific entropy is 1.0 kJ/kg·K). A
process is called isenthalp if the enthalpy is constant.

2.2.2 Specific entropy

The specific entropy of a substance is a measure of the molecular disorder of a substance
at a given state per unit mass. This is usually denoted by s, and has the units J/kg·K. The
change in entropy can also be interpreted as the ratio of the added heat and the absolute
temperature at which it was added [1]. The second law of thermodynamics states that the
entropy of a system can never decrease. This means for example that in the compression
process in our system, the theoretical best process would be an isentropic one, where the
entropy remains constant. This would mean that the work done on the system would be
minimal, which is desirable.
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2.2.3 Specific heat capacity

The specific heat capacity of a substance is defined as ”the amount of heat energy Q that
is required to increase one unit mass of a substance by one degree” [6]. Since the state
changes when heat is added one can get different heat capacities depending on which
state property is held constant. The isobaric specific heat capacity, where the pressure is
held constant is denoted by cp and has the units J/g ·K. The heat capacity is assumed
to be relatively constant for small temperature changes, so if a substance increases in
temperature from T1 to T2 we can write the gained heat of a substance under constant
pressure P and with mass m [g] as

Q = c(cp)p (P, T̄ ) ·m · (T2 − T1), (1)

where c
(cp)
p (P, T̄ ) is a function of the pressure P and the average temperature T̄ = (T1 +

T2)/2. See tables 9 and 10 for specific values of heat capacities at different pressures as
temperatures.

2.3 Phase Diagram

To get a better understanding of the vapor compression cycle described in the beginning
of the section we can use a log P-h diagram [14]. Looking at Figure 2a we see that the
diagram is divided into three parts, separated by the saturation curves for liquid and
vapor, which meet each other at the critical point. The area to the left of the liquid
saturation curve is where the refrigerant is a sub cooled liquid, to the right of the vapor
saturation curve it is a super heated vapor, and finally the area that is between the two
curves is the two-phase area, where the refrigerant is a mixture of vapor and liquid. The
curves for constant pressure, enthalpy, entropy and temperature are also shown in the
Figure. From this we can see that the isobaric and isotherm curves coincides with each
other in the two phase area, so the pressure and temperature are not independent here,
as we said earlier. We can also see that the isentropic curve moves up to the right for
a super heated vapor, which means that when increasing the pressure of a super heated
refrigerant, we must also increase the enthalpy to keep the entropy constant.

In Figure 2b we see the vapor compression cycle in the log P-h diagram where state 1-2 is
the compression process, 2-3 the condensation, 3-4 the expansion and 4-1 the evaporation
process. If we compare the isentropic curve in Figure 2a with the curve 1-2, we see that
the compression is not isentropic. The enthalpy increases more than in the ideal process
which leads to lower efficiency of the system.
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(a) h-Log(P) diagram with curves describ-
ing isobaric, isenthalpic, isothermic and
isentropic processes.

(b) h-log(P) diagram with the four stages
of the vapor compression cycle.

Figure 2

3 Modelling

In this chapter we establish a mathematical model for the system described in Figure 3
and explain the function of each component further. In the last section of the chapter we
also model the power consumption of the system. The components of this system are the
compressor, the condenser, two thermal expansion valves, the evaporator and the chiller.
Our system is similar to the one described in the previous chapter except the additional
expansion valve and the chiller, which are connected in parallel with the first expansion
valve and the evaporator.

The variables of our mathematical model are the vector of state variables X, and the
vector of control variables U . The state variables mainly describes the thermodynamic
states at different points of the system, while the control variables are variables that can
be controlled directly by the user. An short explanation of the components of X and U
can be seen in Table 1, but they will also be defined as we use them in the text. In the
following sections we derive eight equations these variables has to fulfill, in order for the
system to be in balance. These equations are hereby referred to as the balance equations
of the system.

3.1 Compressor

The compressor is the driving force of the refrigerant in a refrigeration system, and
therefore also consumes the majority of the energy of the system [14]. By varying the
compressor speed we can regulate the mass flow of the refrigerant in the system, and
consequently also the cooling capacity of the system. The goal with this section is to
get an expression of the refrigerant enthalpy hocom(X) out of the compressor and the
refrigerant mass flow ṁcom through the compressor.
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Figure 3: Vapor compression cycle with an additional chiller and expansion valve. The
refrigerant flow is divided into two paths after the condenser, and merged together again
before the compressor.

Table 1: The components of the state variable X and the control variable U .

Variable Description Units
x1 Refrigerant pressure in the condenser [Pa]
x2 Refrigerant pressure in the evaporator and chiller [Pa]
x3 Specific enthalpy of refrigerant at condenser outlet [J/kg]
x4 Specific enthalpy of refrigerant at evaporator outlet [J/kg]
x5 Specific enthalpy of refrigerant at chiller outlet [J/kg]
x6 Proportion of the condenser area with refrigerant as super heated gas [−]
x7 The orifice parameter of expansion valve 1 [m2]
x8 The orifice parameter of expansion valve 2 [m2]
u1 Number of rotations per minute in the compressor [1/min]
u2 mass flow of air through the condenser [g/s]
u3 mass flow of air through the evaporator [g/s]
u4 mass flow of glycol through the chiller [l/min]
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Figure 4: Graphic explanation of a scroll compressor with one orbiting scroll and one
stationary scroll. The colored areas shows the refrigerant volume after one, two and three
compressions.

The compressor type used in our model is a scroll compressor, which uses one stationary
scroll and one orbiting scroll to compress the refrigerant gas. Figure 4 shows how gas is
entering at the perimeter, and when the scroll rotates, the gas is successively compressed
while moving towards the center of the scrolls. In the center the gas is fully compressed,
and thereafter leaves the compressor. The rotational frequency u1 of the compressor is
our first control variable and describes the number of rotations per minute of the orbiting
scroll.

To get an expression for the refrigerant mass flow we first need the refrigerant enthalpy
hicom at the inlet of the compressor. From Figure 3 we see that the refrigerant flow is
divided into two paths which are merged before the compressor. The inlet enthalpy hicom
can therefore be calculated as a weighted average of the outlet enthalpy x4 at the evap-
orator and outlet enthalpy x5 at the chiller. Each of these enthalpies are averaged with
the refrigerant mass flows through the evaporator ṁe(X) and chiller ṁch(X) as weights
which are defined in equation (30) and (31). These mass flows are further described in
Section 3.3. The inlet enthalpy to the compressor is then calculated by

hicom(X) =
x4 ṁe(X) + x5 ṁch(X)

ṁe(X) + ṁch(X)
. (2)

With the intake volume of gas Vcom at each rotation assumed to be constant, the mass
flow through the compressor is then determined by

ṁcom(X,U) =
u1
60
Vcom ρ

(cp)
icom (x2, hicom(X)) . (3)
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where ρ
(cp)
icom(x1, hicom) is the density of the intake gas. As mentioned in section 2.2 the

density can be calculated as a function of the pressure x1 and the enthalpy hicom, see
Table 5 for example values.

When compressing the refrigerant gas the refrigerant enthalpy always increases due to
the work done on the system and we get the smallest possible enthalpy change when the
process is isentropic. The isentropic output enthalpy his,ocom can therefore be determined

by first calculating the inlet entropy s
(cp)
icom (x2, hicom) as a function of the inlet pressure

x2 and enthalpy hicom and then using this together with the output pressure x1 to get
his,ocom, i.e.

his,ocom(X) = h
(cp)
is,ocom

(
s
(cp)
icom(x2, hicom(X)), x1

)
(4)

The real compression process however is never entirely isentropic, so therefore we define
an isentropic efficiency ε constant as the ratio of the smallest possible enthalpy change
and the real enthalpy change during the compression,

ε =
his,ocom − hicom(X)

hocom(X)− hicom(X)
, (5)

where hocom(X) is the real output enthalpy of the compressor. Solving this for hocom(X)
we get that the output enthalpy of the compressor is calculated by

hocom(X) = hicom(X) +
his,ocom(X)− hicom(X)

ε
. (6)

3.2 Condenser

The condenser is the component where hot refrigerant gas enters and is cooled down and
condensed into liquid [14]. In Figure 5 we see how the refrigerant enters at the top right
part of the condenser and following a serpentine path through the condenser it exits at
the lower right corner. Air is flowing through the condenser at a perpendicular angle to
the refrigerant path (into the figure) and thanks to the temperature difference between
the air and the refrigerant, the air is warmed up and the refrigerant is cooled. Between
the third and the fourth pass of the condenser there is a receiver, which is a refrigerant
reservoir that makes sure that the refrigerant entering the fourth pass is pure liquid. In
the last section, the liquid refrigerant is therefore being sub cooled before leaving the
condenser.

The model of the condenser is partly based on the moving boundary model described
in [15], where the refrigerant path in the condenser is divided into three regions, whose
sizes depends on the phase of the refrigerant. The first region is the super heated region,
where the refrigerant is in gas phase, the second one is the two-phase region, where the
actual condensation of the refrigerant occurs, and the last region is the sub cooled region,
where the refrigerant is in liquid phase (see Figure 6). The difference between our model
and the general moving boundary model is that the area of our sub cooled region is fixed,
because of the receiver.
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Figure 5: The refrigerant path in the 4-pass condenser. The receiver collects uncondensed
refrigerant between pass 3 and 4, making sure that the refrigerant in pass 4 is sub cooled
liquid.

One of the benefits of dividing the condenser into these regions is that it allows us to
predict the heat transfer rates more accurately. This is because the rate of heat transfer
between the refrigerant and the air depends on the phase of the refrigerant, it is usually
larger for the two phase region than the other regions [15]. Thus, when the sizes of the
regions varies, as it does in a real system, the total rate of heat transfer is also varying
accordingly. Dividing into regions also makes it easier to calculate the temperature dif-
ferences, since the refrigerant temperature varies in the first and last region, while it is
constant in the two-phase region.

The heat transfer rate Qc [J/s] at the condenser describes how much heat energy that
is transferred from the refrigerant to the air each second. This is equal to the mass flow
[kg/s] of the refrigerant times the change in specific enthalpy [J/kg], i.e.

Qc = ṁcom∆h.

If we divide the condenser into three regions we can calculate the heat transfer rate for
each of the regions by knowing the refrigerant enthalpies at the borders of the regions. The
enthalpy at the border of region 1 and 2 (see Figure 6) is the saturated vapor enthalpy

h
(cp)
vc (x1) which can be calculated as a function of the condenser pressure x1. For the

border of region 2 and 3 we can in the same way calculate the saturated liquid enthalpy

h
(cp)
lc (x1). The heat transfer rates for region 1, 2 and 3 of the condenser are therefore

12



equal to

Q1c = ṁcom(X,U)
(
hocom(X)− h(cp)vc (x1)

)
(7)

Q2c = ṁcom(X,U) (h(cp)vc (x1)− h(cp)lc (x1)) (8)

Q3c = ṁcom(X,U) (h
(cp)
lc (x1)− x3), (9)

where ṁcom(X,U) is the refrigerant mass flow given by (3), hocom(X) and x3 are the inlet
and outlet enthalpies of the condenser.

The heat transfer rate at each point of the condenser is also proportional to the temper-
ature difference between the refrigerant and the air [6],

Qc = Cc∆T, (10)

where Cc is a heat transfer parameter which is specific for each region. The difficulty here
is that the temperatures of both the refrigerant and the air changes depends on where
in the condenser we look. In the following sections we therefore derive expressions for
the total heat transfer rates at each region. These derivations are partly based on the
textbook by Incropera et al. [16].

3.2.1 Heat transfer of first (super heated) region

Figure 6: Schematic view of the different regions of the condenser. The refrigerant moves
in positive p-direction in the condenser, while the air passes through the condenser in
positive q-direction. The refrigerant temperature and enthalpy at each region border is
marked in the figure.

In the first region of the condenser the refrigerant enters as a super heated gas with the

temperature T
(cp)
ic (x1, hocom(X)). The refrigerant is then during its path through the

condenser continuously cooled down by the air until it reaches the vaporization point

where the temperature is T
(cp)
vc (x2). Since the heat transfer rate depends on the tem-

perature difference of the air and the refrigerant it therefore also depends on how large
part p of the condenser (see Figure 6) the refrigerant has ”travelled”. We get the highest
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heat transfer rate at the condenser inlet where p = 0. Since the air is warmed up during
its path through the condenser, the temperature difference however also depends on how
large part q of the condenser the air has passed.

We want to derive an expression of how high the heat transfer rate is in total at the entire
super heated region. To do this, we first look at the dependency of p and q. We define
Q(p, q) to be the heat that is transferred to the air each second at point p but up to q,
where p, q ∈ [0, 1]. For example, Q(p, 0) = 0 for all p since no heat has transferred to the
air when it enters the condenser, while Q(p, 1) is the total rate of heat transfer to the air
at point p. By assuming that the refrigerant temperature is not depending on q we can
denote the refrigerant temperature by Tc1(p) and the air temperature by Tair,c(p, q).The
heat transfer rate up to q can therefore be described as

Q(p, q) =

∫ q

0

Cc1 (Tc1(p)− Tair,c(p, s)) ds, (11)

where Cc1 is the heat transfer coefficient of the first region.

Another way of looking at the heat transfer rate is how much heat the air gains each
second, similar to equation (1). This can be expressed as

Q(p, q) = u2cp,air(Tair,c(p, q)− Tac,in),

where Tac,in is the temperature of the incoming air (where y = 0), u2 is the mass flow of
air through the condenser and cp,air is the isobaric specific heat capacity of air. The heat
capacity of air is relatively constant for the temperatures and pressures in question for
this study, so it is therefore henceforth regarded as a constant, calculated at temperature
25°C and pressure 100 kPa.

Solving this for Tair,c(p, q) we then get

Tair,c(p, q) = Tac,in +
Q(p, q)

cp,air u2
. (12)

Inserting (12) into (11) we get

Q(p, q) = Cc1

∫ q

0

(
(Tc1(p)− Tac,in)− Q(p, s)

cp,air u2

)
ds. (13)

To solve this equation for Q(p, q) we differentiate both sides with respect to q to get the
following differential equation

δQ(p, q)

δq
+

Cc1

cp,airu2
Q(p, q) = Cc1(Tc1(p)− Tac,in), (14)

Q(p, 0) = 0 (15)

This is an equation on the form y′(x) + ay(x) = b and y(0) = 0 with x = p, y = Q and

a =
Cc1

cp,airu2
,

b = Cc1(Tc1(p)− Tac,in).
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The solution to this equation is y = b
a (1− e−ax), which gives us the following expression

when inserting expressions for a, b, x and y,

Q(p, q) = cp,airu2(Tc1(p)− Tac,in)

(
1− e−

q Cc1
cp,airu2

)
. (16)

The next step is to get an explicit dependence on p. First, we define Q(p) to be the total
heat transfer rate at point p, i.e, Q(p) = Q(p, 1). The total heat transfer rate up to point
p can then be calculated either by integrating up to p, or by looking at the gained heat
of the refrigerant. This results in the equation∫ p

0

Q(r)dr = c
(cp)
p,c1(x1, T̄1(X)) ṁcom(X,U) (T

(cp)
ic (x1, hocom(X))− Tc1(p)),

where c
(cp)
p,c1(x1, T̄1(X)) is the isobaric specific heat capacity [J/(g ·K] of the refrigerant.

The heat capacity is calculated at pressure x1 and the average temperature at the first

region T̄1(X) = (T
(cp)
ic (x1, hocom(X)) + T

(cp)
vc (x1))/2.

Solving this for Tc1(p) gives us

Tc1(p) = T
(cp)
ic (x1, hocom(X))− 1

c
(cp)
p,c1(x1, T̄1(X)) ṁcom(X,U)

∫ p

0

Q(r)dr. (17)

By inserting (17) into (16) and differentiating both sides with respect to p we get the
differential equation

δQ(p)

δp
= − cp,airu2

c
(cp)
p,c1(x1, T̄1(X)) ṁcom(X,U)

(
1− e−

Cc1
cp,airu2

)
Q(p) (18)

Q(0) = cp,airu2

(
1− e−

Cc1
cp,airu2

)
(T

(cp)
ic (x1, hocom(X))− Tac,in). (19)

By solving this equation and denoting

K1(X,U) =
cp,airu2

c
(cp)
p,c1(x1, T̄1(X)) ṁcom(X,U)

(
1− e−

Cc1
cp,airu2

)
we get the heat transfer rate at point p to be

Q(p) = Q(0)e−K1(X,U)p. (20)

To get the total heat transfer rate Q1c of the first region we integrate up to the endpoint
x6 of the first region

Q1c =

∫ x6

0

Q(p)dp =

[
− Q(0)

K1(X,U)
e−K1(X,U)p

]x6

0

= c
(cp)
p,c1(x1, T̄1(X)) ṁcom(X,U)(T

(cp)
ic (x1, hocom(X))− Tac,in)(1− e−K1(X,U)x6).

(21)
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3.2.2 Heat transfer of second (two phase) region

In the second region of the condenser the phase change of the refrigerant is occurring.
This means that the region starts where the incoming gas temperature has reduced to the
condensing point, and ends at the point when all of the refrigerant has condensed into

liquid. The temperature T
(cp)
vc (x2) of the refrigerant is therefore constant in the whole

second region and is determined as a function of the condenser pressure x1. This makes
the expression for the heat transfer rate Q2c easier than for the first region. We can reuse

equation (11) but this time with Tc1(p) = T
(cp)
vc (x2), then we get the heat transfer rate

at point p of the second region to be

Q(p) = cp,airu2(T (cp)
vc (x2)− Tac,in)

(
1− e−

Cc2
cp,airu2

)
, (22)

where Cc2 is the heat transfer coefficient for region 2. Since we have no dependency of
p here, we can easily get the total heat transfer rate of the second region by multiplying
with the size of the region. Letting ptp be the point at which the second region ends, this
results in the expression

Q2c = (ptp − x6)cp,airu2(T (cp)
vc (x2)− Tac,in)

(
1− e−

Cc2
cp,airu2

)
. (23)

3.2.3 Heat transfer of third (sub cooled) region

The third region is similar to the first, since the refrigerant is continuously cooled down in
temperature during its path through the region. A difference though is that the refrigerant

is in liquid phase in this region, so we get a different heat capacity c
(cp)
p,c3(x1, T̄3(X)). This is

again calculated as as function of the pressure x1 and the average refrigerant temperature

of region 3, which is T̄3(X) = (T
(cp)
vc (x2)− T (cp)

oc (x1, x3))/2. The inlet temperature of the

refrigerant is equal to the temperature T
(cp)
vc (x2) of the saturated liquid leaving region 2.

In the same way as in equation (21) we therefore get an expression for the third region
heat transfer rate

Q3c =

∫ (1−ptp)

0

Q(p)dp =

[
− Q(0)

K3(X,U)
e−K3(X,U)p

](1−ptp)

0

= c
(cp)
p,c3(x1, T̄3(X)) ṁcom(X,U) (T (cp)

vc (x2)− Tac,in)(1− e−K3(1−ptp)),

(24)

where (1− ptp) is the size of the sub cooled region and K3(X,U) is defined as

K3(X,U) =
cp,air u2

c
(cp)
p,c3(x1, T̄3(X)) ṁcom(X,U)

(
1− e−

Cc3
cp,airu2

)
.
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3.2.4 The condenser balance equations

Combining and simplifying the expressions for Q1c, Q2c and Q3c given in equations (7),
(8), (9) and (21), (23), (24) gives us the energy balance equations for the three zones

0 = hocom(X)− h(cp)vc (x1)− c(cp)p,c1(x1, T̄1(X)) (T
(cp)
ic (x1, hocom(X))− Tac,in)

(
1− e−K1(X,U)x6

)
,

(25)

0 = ṁcom(X,U)
(
h(cp)vc (x1)− h(cp)lc (x1)

)
− (ptp − x6)cp,airu2(T (cp)

vc (x2)− Tac,in)

(
1− e−

Cc2
cp,airu2

)
,

(26)

0 = h
(cp)
lc (x1)− x3 − c(cp)p,c3(x1, T̄3(X)) (T (cp)

vc (x2)− Tac,in)
(

1− e−K3(X,U)(1−ptp)
)

(27)

where we as before define K1(X,U) and K3(X,U) as

K1(X,U) =
cp,airu2

c
(cp)
p,c1(x1, T̄1(X)) ṁcom(X,U)

(
1− e−

Cc1
cp,airu2

)
, (28)

K3(X,U) =
cp,airu2

c
(cp)
p,c3(x1, T̄3(X)) ṁcom(X,U)

(
1− e−

Cc3
cp,airu2

)
. (29)

3.3 Expansion Valve

In its simplest form, the expansion valve is just a small orifice between two pipes in which
the refrigerant passes through [14]. The small opening makes it hard for the refrigerant
to pass, which limits the refrigerant mass flow and causes a pressure drop that makes
the refrigerant expand, hence the name expansion valve. However, in many refrigeration
applications today a thermal expansion valve is used, in which the size of the opening
is dependent on the refrigerant temperature after the evaporator. This is done via a
temperature sensing bulb which is in contact with the suction line after the evaporator,
causing the valve to open when the temperature increases and close when it decreases.
The thermal expansion valves are regulated to maintain a constant super heating of the
refrigerant at the outlet of the evaporator (and chiller) which is usually 5-10 K [14].

The mass flow through the expansion valves can be modelled by the orifice equation
described in [17]. The inputs to the equation are the condenser and evaporator pressures
x1, x2, the inlet specific enthalpy x3 and the variables x7 and x8 which are related to the
opening area of the valves. For the evaporator and chiller expansion valves we then get
the equations

ṁe(X) = x7

√
ρ
(cp)
oc (x1, x3)(x1 − x2), (30)

ṁch(x1, x2, x3, x8) = x8

√
ρ
(cp)
oc (x1, x3)(x1 − x2), (31)

where ρ
(cp)
oc (x1, x3) is the density of the refrigerant at the inlet of the expansion valves.
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The expansion valve process is considered to be isenthalpic, so the refrigerant enthalpy
out of the expansion valves and into the evaporator and chiller is equal to the condenser
outlet enthalpy x3. When the system is in steady state, the mass flow of the refrigerant
must be equal in the entire system. This results in the mass flow balance equation

0 = ṁcom(X,U)− ṁe(X)− ṁch(X). (32)

Since the expansion valves are regulated to keep a constant super heat of the refrigerant
gas at the outlet of the evaporator and chiller we get two more balance equations. The

outlet refrigerant temperature T
(cp)
oe (x4, x2) of the evaporator can be calculated as a func-

tion of the evaporator pressure x2 and the evaporator outlet enthalpy x4. With a fixed
super heat Tshe at the evaporator outlet this gives us the balance equation

0 = Tshe − (T (cp)
oe (x4, x2)− T (cp)

ve (x2)). (33)

In the same way we calculate the outlet refrigerant temperature T
(cp)
och (x5, x2) of the chiller,

which gives us

0 = Tshch − (T
(cp)
och (x5, x2)− T (cp)

ve (x2)), (34)

where Tshch is a fixed super heat out of the chiller.

3.4 Evaporator

In the evaporator, one of the main goals of our refrigeration system is achieved, which is
to cool the air which is blown through the evaporator and into the vehicle cabin. This is
fulfilled by having cold refrigerant that enters the evaporator in a two phase form, and
by absorbing energy from the surrounding air the refrigerant vaporizes and leaves the
evaporator as a super heated gas.

The evaporator model is unlike the condenser model not based on the moving boundary
approach, even though the refrigerant in the last part of the evaporator is a super heated
gas. The reason for this is that the structure of the evaporator and the measured values
of the air temperatures makes it hard to estimate both the sizes of the regions and the
heat transfer parameters for the two regions. Instead, we look at the evaporator as one
region with the heat transfer parameter Ce. Since the crucial part of the refrigeration
occurs when the refrigerant is in two phase, we use the same equation (23) as in the
calculation of the two phase region heat transfer rate of the condenser. The vaporization
temperature Tve(x2) of the refrigerant is given as a function of the pressure x2. Unlike
the condenser though, the vaporization temperature of the refrigerant Tve(x2) is colder
than the inlet air temperature Tae,in, so the positive heat transfer rate is

Qe = cp,airu3(Tae,in − Tve(x2))

(
1− e−

Ce
cp,airu3

)
, (35)

where Ce is the heat transfer parameter of the evaporator, cp,air is the isobaric specific
heat capacity of the air and u3 is the mass flow of air through the evaporator. The
heat transfer rate Qe can as before be described as the refrigerant mass flow times the
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enthalpy change, where the inlet enthalpy to the evaporator is x3 and the mass flow ṁe of
the evaporator is given by the expansion valve equation (30). This gives us the equation

Qe = ṁe(X)(x4 − x3), (36)

where x4 is the output enthalpy of the evaporator. Combining equation (35) and (36)
gives us the balance equation for the evaporator

0 = ṁe(X)(x4 − x3)− cp,airu3(Tae,in − T (cp)
ve (x2))

(
1− e−

Ce
cp,airu3

)
. (37)

3.5 Chiller

The chiller has a similar function as the evaporator, but instead of cooling down air that
goes into the cabin, the chiller cools down glycol which in turn cools down the battery
of the vehicle. Another difference is that while the air in an evaporator is blown in a
perpendicular angle compared to the refrigerant, the glycol is pumped through the chiller
in a counter direction relative to the refrigerant. Because of this structure we only have
data of the glycol temperature at the inlet and outlet of the chiller. For the same reason,
it is also hard in the chiller to apply the moving boundary approach with two regions.
Despite the different structures of the chiller and evaporator we therefore model also the
chiller as only one two phase region. Since we have the same pressure x2 in the evaporator
and chiller, the vaporization temperature Tve(x2) is also the same as for the evaporator.
Applying equation (35) to the chiller gives us the heat transfer rate

Qch = cp,glycu4(Tglyc,in − T (cp)
ve (x2))

(
1− e−

Cch
cp,glycu4

)
, (38)

where Cch is the heat transfer parameter of the chiller, cp,glyc is the isobaric specific heat
capacity of the glycol and u4 is the volume flow of glycol. The heat capacity cp,glyc is
regarded as a constant in our model, and is provided as an input. As before, the heat
transfer rate is also given by

Qch = ṁch(X)(x5 − x3), (39)

where ṁch is the mass flow and the inlet enthalpy of the refrigerant given by equation (31)
and x3 and x5 are the refrigerant input and output enthalpies of the chiller. Equation
(38) and (39) together gives us the balance equation for the chiller

0 = ṁch(X)(x5 − x3)− cp,glycu4(Tglyc,in − Tve(x2))

(
1− e−

Cch
cp,glycu4

)
. (40)

3.6 Summary of model for balance equations

To summarize this section, we have derived eight balance equations that the system must
fulfill in order to be in balance. The variables we use in these equations are the state
variables X and U . All other parameters used in the model are either calculated from
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these, or constants provided as inputs to the model. As mentioned in Section 2.2 a number
of thermodynamic properties are calculated by the Coolprop tool as functions of one or
two other properties. These functions are marked by the superscript (cp) and example
values of those functions can be found in tables 3 to 9 in the appendix. The constants
used in our model are

C =
(
Vcom ε Tac,in ptp Tglyc,in Tae,in Tshe Tshch cp,air cp,glyc

)T
.

The balance equations of the system are given by equations (25), (26), (27), (32), (33),
(34), (37) and (40), and is again written below

0 = hocom(X)− h(cp)vc (x1)− c(cp)p,c1(x1, T̄1(X)) (T
(cp)
ic (x1, hocom(X))− Tac,in)

(
1− e−K1(X,U)x6

)
0 = ṁcom(X,U)

(
h(cp)vc (x1)− h(cp)lc (x1)

)
− (ptp − x6)cp,airu2(T (cp)

vc (x1)− Tac,in)

(
1− e−

Cc2
cp,airu2

)
0 = h

(cp)
lc (x1)− x3 − c(cp)p,c3(x1, T̄3(X)) (cp)(T (cp)

vc (x2)− Tac,in)
(

1− e−K3(X,U)(1−ptp)
)

0 = ṁcom(X,U)− ṁe(X)− ṁch(X)

0 = Tshe − (T (cp)
oe (x4, x2)− T (cp)

ve (x2))

0 = Tshch − (T
(cp)
och (x5, x2)− T (cp)

ve (x2))

0 = ṁe(X)(x4 − x3)− cp,airu3(Tae,in − T (cp)
ve (x2))

(
1− e−

Ce
cp,airu3

)
0 = ṁch(X)(x5 − x3)− cp,glycu4(Tglyc,in − T (cp)

ve (x2))

(
1− e−

Cch
cp,glycu4

)
.

The functions T̄1(X), T̄3(X), ṁe(X), ṁch(X), hicom(X), hocom(X), ṁcom(X,U), K1(X,U)
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and K3(X,U) are defined by equations (30), (31), (2), (6), (3), (28) and (29) as

T̄1(X) =
Tic + T

(cp)
vc (x1)

2

T̄3(X) =
T

(cp)
vc (x2)− T (cp)

oc (x1, x3)

2

ṁe(X) = x7

√
ρ
(cp)
oc (x1, x3)(x1 − x2),

ṁch(X) = x8

√
ρ
(cp)
oc (x1, x3)(x1 − x2),

hicom(X) =
x4 ṁe(X) + x5 ṁch(X)

ṁe(X) + ṁch(X)
,

hocom(X) = hicom(X) +
h
(cp)
is,ocom

(
s
(cp)
icom(x2, hicom(X)), x1

)
− hicom(X)

ε
,

ṁcom(X,U) =
u1
60
Vcom ρ

(cp)
icom(x1, hicom),

K1(X,U) =
cp,airu2

c
(cp)
p,c1(x1, T̄1(X)) ṁcom(X,U)

(
1− e−

Cc1
cp,airu2

)
,

K3(X,U) =
cp,airu2

c
(cp)
p,c3(x1, T̄3(X)) ṁcom(X,U)

(
1− e−

Cc3
cp,airu2

)
.

The only things which is not known yet except the vector C of constants are the five heat
transfer parameters Cc1, Cc2, Cc3, Ce and Cch, of the condenser, evaporator and chiller.
In the next chapter we will estimate these parameters from data points of different runs
of a system, seeing that the parameters are functions of the air and glycol massflows u2,
u3 and u4.

3.7 Power consumption

Each of the components described in the previous sections, except the expansion valves,
requires energy in some way for the system to work. The compressor needs external
energy to be able to compress the refrigerant. The condenser and evaporator both have
fans that blows air through the components, which requires energy. Lastly, the chiller
have an electrical pump that pumps the glycol through the chiller. Since one of the
objectives with this study is to optimize the power consumption we also need a model of
the power consumed by those components.

For the compressor we know that the power added to the system is at least as big as the
heat transferred to the refrigerant in the compressor. The transferred heat is calculated
as

ṁcom(X,U)
(
hocom(X)− hicom(X)

)
,

where ṁcom(X,U) is the refrigerant mass flow and hicom(X) and hocom(X) are the inlet
and outlet enthalpies of the refrigerant. However, in reality the compressor also causes

21



some heat loss to the surroundings of the system. Therefore we introduce the electrical
efficiency parameter η which is defined as the ratio of the heat transferred to the refrigerant
and the total supplied compressor power Pcom(X,U). The electrical power supplied to
the compressor is therefore calculated by

Pcom(X,u1) =
1

η
ṁcom(X,U)

(
hocom(X)− hicom(X)

)
. (41)

The electrical power supplied to the condenser fan (Pcfan(u2)), evaporator fan (Pefan(u3))
and the chiller pump (Pchpump(u4)) are only dependent on their respective control pa-
rameter ui which specifies the volume and mass flows of the pump and fans. Because of
the fan laws in [7] we therefore model each of the functions as

Pcfan(u2) = acfan · u bcfan
2 , (42)

Pefan(u3) = aefan · u befan
3 , (43)

Pchpump(u4) = achpump · u
bchpump

4 , (44)

where a and b are constants which are determined in Section 4.6.
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4 Parameter fitting

In this chapter, we estimate the compressor specific constants ωcom and ε, the heat transfer
parameters of the condenser, evaporator and chiller, and the constants determining the
power consumption of the components. In order to do so, we use a set of 20 data points,
where the four control variables have been varied one at a time. The values of these
variables for each run can be seen in Table 2. For each data point, the pressure P and
temperature T of the refrigerant is measured at seven measuring points in the system
which are marked in Figure 7. We refer to the different points by using the letters in
parenthesis as indexes, for example Pie refer to the refrigerant pressure at measuring point
3. Furthermore we know for each data point the air and glycol temperatures at the inlet
and outlet of the condenser, evaporator and chiller, and also the cooling powers Qc, Qe

and Qch of those components.

Figure 7: Model of the used vapor compression system when collecting data, with the
seven measuring points marked in green.

From knowing the pressure and temperature we can calculate the specific enthalpy H
and the density ρ at each measuring point since these are thermodynamic properties. For
each run, the refrigerant mass flow through the compressor and condenser can then be
estimated by looking at the change in specific enthalpy between measuring point one and
two. If we assume that the only energy transfer that occurs between those points are the
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Table 2: Table showing the value of the four control variables for the 20 runs.

Run
u1

[1/min]
u2

[g/s]
u3

[g/s]
u4

[l/min]

1 8000 600 113 10.1

2 4500 600 113 10.1
3 2500 600 113 10.2

4 1500 600 113 9.9

5 1000 600 113 10.0

6 4000 1000 113 10.1

7 4000 600 113 10.1
8 4000 350 113 10.2
9 4000 250 113 10.0

10 4000 200 113 10.1

11 4000 600 158 10.0
12 4000 600 113 10.0

13 4000 600 79 10.0
14 4000 600 56 9.9
15 4000 600 39 9.8

16 5600 600 113 15.0
17 5600 600 113 11.0

18 5600 600 113 7.0
19 5600 600 113 5.0
20 5600 600 113 3.6

one occurring in the condenser, then the refrigerant mass flow can be calculated by

Ṁcom =
Qc

Hic −Hoc
.

In the same way we can estimate the mass flows through the evaporator and chiller as

Ṁe =
Qe

Hoe −Hie
,

Ṁch =
Qch

Hoch −Hich
.

4.1 Compressor constants

For each run we can calculate an estimated value of the intake volume Vcom by extracting
it from equation (3)

Vcom = 60
Ṁcom

u1ρicom
. (45)

By averaging these values we get the estimated value of the intake volume to be Vcom =
3.19 · 10−5m3 with a standard deviation of 1.11 · 10−6m3.

The isentropic efficiency of the compressor is calculated for each run by using equation
(5)

ε =
His,ocom −Hicom

Hic −Hicom
,
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where His,ocom is calculated by

His,ocom = H(cp)
(
S(cp)(Picom, Hicom), Pic

)
.

By again averaging the values we get the isentropic efficiency constant to be ε = 0.839,
with standard deviation 0.0198.

4.2 Condenser heat transfer parameters

The condenser which was used in the data collection and is modelled here is a 4-pass
condenser, which can be seen in Figure 8. At each one of the four passes there are four
thermocouples evenly distributed over the pass. These thermocouples measure the air
temperatures after the air have gone through the condenser.

Figure 8: The refrigerant path in the condenser, with 16 thermocouples measuring the
outlet air temperature at different points in the condenser.

4.2.1 Region 1 (super heated region)

Since we do not know how large part x6 of the condenser which is super heated we cannot
use equation (21) to calculate the heat transfer parameter for region 1. Instead we look
at the heat transfer rate Q(p1) at the point p1 = 0.0521 where the first thermocouple (14)
is situated. This is described by equation (20) as

Q(p1) = Q(0)e−K1 p1 , (46)

where

Q(0) = cp,airu2

(
1− e−

Cc1
cp,airu2

)
(Tic − Tac,in)
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and

K1 =
cp,airu2

c
(cp)
p,c1

(
Pic,

Tic+T
(cp)
vc (Pic)
2

)
Ṁcom

(
1− e−

Cc1
cp,airu2

)
.

The heat transfer rate at point p1 can be calculated from data since we do not only know
the air temperature before the condenser Tac, but also after the condenser T14 since it is
measured by thermocouple 14. The heat transfer rate Q(p1) is therefore calculated by

Q(p1) = cp,airu2(T14 − Tac,in).

Knowing Q(p1) we can solve equation (46) for Cc1. Since Cc1 occurs both in Q(0) and
K1(X,U) though, this equation is cumbersome to solve in an analytic way, therefore (46)
is solved with Matlab’s fsolve function for each of the runs. This results in a vector Cc1,cal

with calculated values of Cc1 for each run, which is plotted against the air- and refrigerant
mass flows in Figure 9a and 9b. For run 3-6 and run 15 it is discovered that equation (46)
do not have any solution. The physical interpretation of this is that for those cases, the
super heated region has ended before x1, so the equation is not valid. Therefore, these
points are excluded in the plots.

(a) The calculated heat transfer parameter
Cc1,cal plotted against the air mass flow u2.

(b) The calculated heat transfer parameter
Cc1,cal plotted against the refrigerant mass
flow ṁcom.

Figure 9: The calculated heat transfer parameter for region 1 in the condenser plotted
against the air- and refrigerant mass flows.

The reason why we plot Cc1,cal against the mass flows is that according to [16] the heat
transfer parameter C depends on the mass flow of the refrigerant and the air in the
following way:

C =
1

c1
ṁ

c2
air

+ c3
ṁ

c4
ref

, (47)

where c1 − c4 are constants.

If we look at plot 9a and 9b we can suspect a dependency on the air mass flow, while
Cc1,cal seems to be independent on the refrigerant flow. To keep the model simple, we
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therefore eliminate the dependency of the refrigerant mass flow in equation (47) by setting
c3 = 0. This results in the following function for the heat transfer parameter

C1c(u2) = a1c · (u2)b1c , (48)

where a1c and b1c are constants to be determined. By fitting those constants to the data
in Figure 9a we get the function curve in Figure 10 with

a1c = 3.07, (−14.4, 20.6),

b1c = 0.862, (−0.0370, 1.76),

where the 95% confidence bounds are shown in parenthesis.

Figure 10: The function C1c(u2) = a1c · (u2)b1c fitted to data, with a1c = 3.07 and
b1c = 0.862.

4.2.2 Region 2 (two phase region)

To calculate the heat transfer parameter for region two we use equation (22)

Q(p) = cp,airu2(T (cp)
vc (Pc)− Tac,in)

(
1− e−

Cc2
cp,airu2

)
, (49)

which describes the heat transfer rate at point p in the two phase region. Since the refrig-
erant temperature of the two phase region is constant, we do not have any dependency
on p for the heat transfer rate. To estimate Q(p) we therefore take the average of the
temperatures T21 − T24, for each run since we know for certain that these thermocouples
are located in region two of the condenser. Denoting these average temperatures with
T̄out,ac the heat transfer rate at point p is calculated as

Q(p) = cp,airu2(T̄out,ac − Tin,ac).
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Knowing the value of Q(p) for each run, we can solve equation (49) for Cc2. This results
in a vector of calculated values of the heat transfer parameter for each run Cc2,cal, which
is calculated by

Cc2,cal = −cp,airu2 ln

(
1− Q(p)

cp,airu2(Tvc − Tac,in)

)
.

(a) The calculated heat transfer parameter
Cc2,cal plotted against the air mass flow u2.

(b) The calculated heat transfer parameter
Cc2,cal plotted against the refrigerant mass
flow ṁcom.

Figure 11: The calculated heat transfer parameter for region 2 in the condenser plotted
against the air- and refrigerant mass flows.

Those values is plotted against the air and refrigerant mass flow in Figure 11a and 11b
where we see a clear dependence of the airflow while Cc2,cal seems to be independent on
the refrigerant mass flow. Therefore we again assume independence on ṁcom, which gives
us the function

C2c(u2) = a2c · (u2)b2c . (50)

By fitting a2c and b2c to the data in Figure 11a we get the function curve in Figure 12,
with

a2c = 44.7, (25.9, 63.4),

b2c = 0.440, (0.374, 0.506).

4.2.3 Region 3 (sub cooled region)

Because of the receiver that is connected between pass 3 and 4 in the condenser, the point
ptp at which the sub cooled region begins is known. Thanks to this, we can use equation
(24) to calculate the heat transfer parameter Cc3 of the third region. This equation is
described as

Q3c = c
(cp)
p,c3

(
Poc,

Toc + T
(cp)
vc (Poc)

2

)
ṁcom(Tvc − Tac,in)(1− e−(1−ptp)K3), (51)
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Figure 12: The function C2c(u2) = a2c · (u2)b2c fitted to data, with 2ca = 44.7 and
b2c = 0.440.

where

K3 =
cp,airu2

c
(cp)
p,c3

(
Poc,

Toc+T
(cp)
vc (Poc)
2

)
Ṁcom

(
1− e−

Cc3
cp,airu2

)
.

Recalling equation (8), we can calculate Q3c by looking at the enthalpy change for each
of the runs

Q3c = Ṁcom

(
H(cp)

vc (Poc)−Hoc

)
.

Solving equation (51) for Cc3 results in the following equation, where Cc3,cal are the vector
of calculated values of the heat transfer parameter for each run

Cc3,cal = −cp,airu2 ln

(
1 +

c
(cp)
p,c3(x1, T̄3(X)) ṁcom

cp,airu2(1− ptp)
ln

(
1− Q3c

c
(cp)
p,c3(x1, T̄3(X)) ṁcom(Tlc − Tac,in)

))
.

Figure 13a and 13b shows these values plotted against the air and refrigerant mass flows.
This time, the relationship with the heat transfer parameter is not so clear for either the
air or refrigerant mass flow. To keep the model simple though, we choose to model Cc3

as dependent only on the air mass flow, which gives us the function

C3c(u2) = a3c · (u2)b3c . (52)

By fitting a3c and b3c to the data in Figure 13a we get the function curve in Figure 14,
with

a3c = 25.6, (−36.9, 88.3),

b3c = 0.499, (0.117, 0.882).
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(a) The calculated heat transfer parameter
Cc3,cal plotted against the air mass flow u2.

(b) The calculated heat transfer parameter
Cc3,cal plotted against the refrigerant mass
flow ṁcom.

Figure 13: The calculated heat transfer parameter for region 3 in the condenser plotted
against the air- and refrigerant mass flows.

Figure 14: The function C3c(u2) = a3c · (u2)b3c fitted to data, with a3c = 25.6 and
b3c = 0.499.
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4.3 Evaporator heat transfer parameter

Figure 15: Refrigerant path in the evaporator, with thermocouples 18 to 38.

The evaporator which was used in the data collection and is modelled here is a 4-pass
evaporator, which can be seen in figure 15. The two phase refrigerant enters the evaporator
at the top of pass 1 and is then divided into different canals all going downwards in
y-direction through the pass. After that, the refrigerant is regathered into one canal
and moves forward to pass 2 where the flow is again divided into canals going upwards
(negative y-direction). In the same way the refrigerant continues through pass 3 and 4
before it leaves the evaporator as a super heated gas. The evaporator in the figure is seen
from the cabin, which means that air is flowing through the evaporator out of the figure in
positive z-direction, first going through pass 3 and 4 where some of the refrigerant might
have fully vaporized, and then continuing through pass 1 and 2 where the refrigerant is
in two phase in most cases. The air temperature after the evaporator is measured at 24
points, which is distributed evenly in a 3× 8 grid at the outlet.

As mentioned in Section 3.4 it is hard to estimate heat transfer parameters for both
the two phase region and the super heated region. There are two main reasons for this.
Firstly, the structure of the evaporator is more complicated than for the condenser since
we have two layers of cooling of the air. This would make the estimation of the heat
transfer parameter of the super heated region highly dependent on the two phase region
parameter and vice verse. This is because we must estimate the air temperatures in
between pass 1 and 4 and pass 2 and 3 to calculate the cooling power. For the condenser
on the other hand we could estimate the parameters independently of each other, which
prevents the error from being amplified. The other reason for choosing a simplified model
with only one heat transfer parameter is that the measured outlet air temperatures varies
greatly at different points. For example, the temperatures T15 − T18 should ideally be
equal to each other, but in our measured data we see that these have a temperature span
of more than 10°C in several cases. We see one example of this situation in Figure 16
which shows the temperatures of each thermocouple for run 13.
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Figure 16: Temperatures of the thermocouples for run 13.

A possible explanation to the uneven temperature distribution is that the refrigerant
mass flow is not evenly distributed into the different canals of the evaporator. This would
result in little or no cooling power in some canals where the mass flow is close to zero.
This uneven mass flow could be caused by gravity. Since the liquid part of the refrigerant
have greater density than the gas part, it is more affected by the gravitation, which
would lead to a higher liquid flow, and therefore also higher mass flow, at the canals close
to thermocouples 11 − 31 and 18 − 38, and smaller liquid flow close to thermocouples
14− 34 and 15− 35. This phenomena would therefore cause smaller cooling at the center
of the evaporator and greater cooling at the edges. For high refrigerant flows into the
evaporator though, all the canals would be filled up with refrigerant and this effect would
be small. This could explain some of the temperature variations of the air, but not
all. We see for example in Figure 16 that T18 − T38 are all higher than the respective
temperatures T17 − T37 which is the opposite of what we just said. Either way, we do
not know anything about the distribution of the refrigerant mass flow in the evaporator,
which makes it impossible to estimate where the super heated region begins. Therefore we
choose to model the entire evaporator as a two phase region, with a constant refrigerant

temperature T
(cp)
ve (Poe)).

The mathematical model for the evaporator heat transfer rate is given by equation (35)

Qe = cp,airu3(Tae,in − T (cp)
ve (Poe))

(
1− e−

Ce
cp,airu3

)
.

Since all variables except Ce is known or calculated from data, we solve this equation
with respect to Ce to get a calculated value Ce,cal of the heat transfer parameter for all
runs. This results in the expression

Ce,cal = −cp,airu3 ln

(
1− Qe

cp,airu3(Tae,in − T (cp)
ve (Poe))

)
. (53)

As mentioned in the beginning of the section, the heat transfer rate is dependent of the
refrigerant and air mass flows in the following way

Ce =
1

c1
u
c2
3

+ c3
Ṁ

c4
e

,

where c1, c2, c3 and c4 are constants to be determined. However, to keep the model
simpler we again neglect the dependency of the refrigerant flow Ṁe. This time though,
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it is not only because we assume much faster heat transfer rate between the refrigerant
and the evaporator wall. One additional reason is that the evaporator refrigerant flow is
clearly dependent on the heat transfer rate Qe. This is because the flow is determined
by the expansion valve, which in turn is regulated to keep a constant refrigerant super
heating out of the evaporator. So therefore we avoid to model Ce as dependent on Ṁe

since we would get a dependency that is more probable to have this other origin. Setting
c3 to zero in equation (4.3) we then get the expression

Ce = ae · u3be ,

where ae and be are constants. To determine ae and be we do a regression in Matlab,
where we use the calculated heat transfer parameters and the evaporator air flows from
our different runs. In Figure 17 we see a plot of these points together with a fitted curve
of Ce with

ae = 2.34, (−4.22, 8.92),

be = 0.97, (0.38, 1.57).

Figure 17: Fit of the evaporator heat transfer parameter as a function of the air mass
flow. The function curve is Ce(u3) = ae · (u3)be , with ae = 2.34 and be = 0.97.

The fit in 17 shows a bit surprisingly that the heat transfer rate is almost proportional
to the air flow, which is inconsistent with [17] that says that the exponent be should be
between 0.6 and 0.8. Trying to analyze the cause of this inconsistency, we notice that the
quotient Qe/(cp,airu3(Tac − Tvc)) in equation (53) is only ranging between 0.85 to 0.86
for the five runs where we change the evaporator airflow. This is a quotient between the
actual cooling power of the air and the maximum cooling power if the air would be cooled
down to the refrigerant temperature. The reason why this is remarkable is that for small
air flows, the air would likely come closer to the refrigerant temperature than for larger
air flows, but it seems like it is not the case here. This behavior could however be caused
by the uneven refrigerant mass flow in the evaporator canals. In Figure 16 we see one
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example where uneven mass flow results in varying output air temperatures. Looking at
runs 11 to 15 where the evaporator airflow is varying we see that the refrigerant flow is
more uneven for the runs with lowest evaporator air flow (39 g/s, 56 g/s, 79 g/s), probably
because these also have the lowest refrigerant flow into the evaporator. This results in a
lower cooling power for those runs and in turn, a lower Ce,cal. The uneven mass flow could
also be an explanation of the large spread in Ce,cal for the runs with constant evaporator
air flow. Since we do not have any good way of taking this to account in our model
though, we assume that the heat transfer parameter Ce only depends on the air flow u3
which gives us the function in Figure 17.

4.4 Chiller heat transfer parameter

The chiller we used in our data collection consists of two main lines, where refrigerant
flows in one line and glycol flows in an adjacent line in the opposite direction (see Figure
18). When the lines are in contact with each other, heat is transferred from the glycol to
the refrigerant, thereby cooling the glycol.

Figure 18: The chiller heat transfer between the refrigerant (blue) and the glycol (red).

The mathematical model for the chiller is given by equation (38)

Qch = cp,glycu4(Tglyc,in − T (cp)
ve (Poe))

(
1− e−

Cch
cp,glycu4

)
.

This equation is solved with respect to Cch to give a calculated value Cch,cal of the heat
transfer parameter for all runs. This results in the expression

Cch,cal = −cp,glycu4 ln

(
1− Qe

cp,airu3(Tglyc,in − T (cp)
ve (Poe))

)
. (54)

When plotting Cch,cal against the refrigerant and glycol mass flows we get Figure 19a and
19b where we can possibly see a trend in both graphs. However, if we assume the heat
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(a) The calculated heat transfer parame-
ter Cch,cal plotted against the glycol volume
flow u4.

(b) The calculated heat transfer parameter
Cch,cal plotted against the refrigerant mass
flow Ṁch.

Figure 19: The calculated heat transfer parameter for the chiller plotted against the glycol
volume flow and the refrigerant mass flow.

transfer function to be

Cch(u4) =
1

c1
u
c2
4

+ c3
ṁ

c4
ch

and fit the parameters c1 − c4 with the fsolve function in MATLAB, we see that the
simulation model as a whole fits poorly with data. Instead, we therefore assume that the
heat transfer parameter for the chiller can be described with the following function

Ce = ach · u4bch .

By fitting ach and bch to the data in Figure 19a, we get the function curve in Figure 20,
with

ach = 84.3, (44.2, 124.3),

bch = 0.279, (0.070, 0.487).

We see from the figure that the five runs where the glycol flow is varied seems to follow a
different curve than our fit, which indicates that something is missing in the model. By
the lack of data though, we cannot analyze this further.

4.5 Simulation model compared with data

Now we have expressions for all the heat transfer parameters for the model described in
Section 3.6 and it is therefore possible to compare the model against the data it has been
built upon. The data we use as inputs to the model are the control variables U which
are specified in Table 2. We also have values for the constants Tac,in, Tglyc,in, Tae,in, Tshe,
Tshch for each run from the data. From solving the system balance equations described
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Figure 20: The function Cch(u2) = ach · (u2)bch fitted to data, with ach = 84.3 and
bch = 0.279.

in Section 3.6 we then get simulated values of the state variable vector X. In the graphs
of Figure 21 we see the simulated values of the condenser pressure (x1) and evaporator
pressure (x2) compared with data for all 20 runs. We see for the condenser pressure that
our model underestimates the pressure for run 10 to 20, but is follows the same trends
as the data. For the evaporator (and chiller) pressure we also have an underestimation
of the pressure for the most cases, except for run 5 where the pressure is overestimated
with approximately 10 %.

Figure 21: Simulated and real pressures at evaporator and condenser for all runs.

Except the pressures, the most interesting things to compare are the cooling powers of
the condenser, evaporator and chiller. The reason for this is that getting the right cooling
powers are essential for the purposes of our system. From our simulation model we can
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calculate the condenser cooling power by adding Q1c, Q2c and Q3c in equations (7), (8)
and (9). The simulated and real cooling powers of the condenser is showed in Figure 22.
We see that the deviation of the two curves is biggest for runs 16 to 20, where we have
varied the glycol flow to the chiller. This seems to follow the same pattern as for the
condenser pressure in Figure 21. A probable reason why we get this deviation for the
condenser cooling power is therefore that the simulated pressure which is too low leads
to a smaller temperature difference between the refrigerant and the air, thus a smaller
cooling power.

Figure 22: Simulated and real cooling powers at condenser for all runs.

To calculate the simulated cooling powers for the evaporator and chiller we use equations
(36) and (39). These cooling powers are shown in Figure 23 together with the real values
of the cooling powers. We see for the evaporator that the simulated effects are very close
to the real effects for the most cases. The biggest difference we have for run 5 where
the simulated cooling power is 40 % higher than data. For the chiller we see the biggest
difference in run 10 where the simulated cooling power is 20 % higher than data.

4.6 Power consumption parameters

The power consumption functions described in Section 3.7 have a number of parameters
that need to be approximated from data. The first parameter is the electrical efficiency
η of the compressor which is the ratio of the gained refrigerant heat and the supplied
power. From our data we can get measured values of the compressor power Pcom,msr for
each run, therefore we can calculate η for each run as

η =
ṁcom(Hic −Hicom)

Pcom,msr
.

Averaging this result over all runs gives us η = 0.857 with a standard deviation of 0.058.
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Figure 23: Simulated and real cooling powers at evaporator and chiller for all runs.

From equation (43) we have that the power consumed by the evaporator fan is described
as

Pefan(u3) = aefan · u befan
3 ,

where aefan and befan are constants to be determined. By having data of the evaporator
fan power consumption for different mass flows we can fit these constants. In Figure 24
we see the data points together with the best fit, where

aefan = 0.00641, (−0.00875, 0.0216),

befan = 2.14, (1.65, 2.62).

For the condenser fan and chiller pump we do not have any data of the power consumption.
Instead, we assume from experience that the condenser fan consumes 400W at the mass
flow 400g/s, and the chiller pump consumes 40W at glycol flow 15l/min. If we then
assume that the power consumption follow the same distribution as in (43) with the
exponent befan = 2.14, we can calculate acfan and achpump from equation (42) and (44) as

acfan =
400

4002.14

and

achpump =
15

402.14
.

This gives us that the power consumption for the condenser fan is

Pcfan(u2) = acfan · u bcfan
2 ,

with constants acfan = 0.00111 and bcfan = 2.14.

For the chiller pump we get

Pchpump(u4) = achpump · u
bchpump

4
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Figure 24: The function Pefan(u3) = aefan · (u3)befan fitted to data, with aefan = 0.00641
and befan = 2.14.

with constants achpump = 0.123 and bchpump = 2.14. Since we do not have any data
to support this approximation, we also do not get any confidence intervals for these
constants.
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5 The optimization problem

Our problem we want to solve is to find values of the control variables U that minimizes the
power consumption of the compressor and fans while satisfying certain cooling demands
Qdem,e and Qdem,ch at the evaporator and chiller. This problem can be stated on the
form

min
X,U

f(X,U) (55)

subject to


H(X,U) = 0

G(X,U) ≤ 0

0 < X

Umin < U ≤ Umax,

(56)

where Umin =
(
500 0 0 0

)T
and Umax =

(
8000 600 160 15

)T
. For an explana-

tion of the variables X and U , see Table 1. The objective function f(U) describes the
power consumption which we want to minimize, the equality constraint H(X,U) = 0
contains the balance equations described in Section 3.6, and the inequality constraint
G(X,U) ≤ 0 contains the minimum cooling demands together with a restriction on the
glycol temperature. In the following sections we will define these three components of
our optimization problem.

5.1 The objective function

The objective function consists of four terms which corresponds to the electrical power
supplied to the compressor, the condenser fan, the evaporator fan and the chiller pump.
Recalling equations (41), (42), (43) and (44) this gives us

f(X,U) =
1

η
ṁcom(X,U)

(
hocom(X)−hicom(X)

)
+acfan·u bcfan

2 +aefan·u befan
3 +achpump·u

bchpump

4 .

(57)

40



5.2 The equality constraints

The equality constraint H(X,U) = 0 originate of the eight balance equations described
in Section 3.6 and is defined as

H1(X,U) = hocom(X)− h(cp)vc (x1)− c(cp)p,c1(x1, T̄1(X)) (cp)(T
(cp)
ic (x1, hocom(X))− Tac,in)

(
1− e−K1(X,U)x6

)
,

H2(X,U) = ṁcom(X,U)
(
h(cp)vc (x1)− h(cp)lc (x1)

)
− (ptp − x6)cp,airu2(T (cp)

vc (x2)− Tac,in)

(
1− e−

Cc2
cp,airu2

)
,

H3(X,U) = h
(cp)
lc (x1)− x3 − c(cp)p,c3(x1, T̄3(X)) (cp)(T (cp)

vc (x2)− Tac,in)
(

1− e−K3(X,U)(1−ptp)
)

H4(X,U) = ṁcom(X,U)− ṁe(X)− ṁch(X)

H5(X,U) = Tshe − (T (cp)
oe (x4, x2)− T (cp)

ve (x2))

H6(X,U) = Tshch − (T
(cp)
och (x5, x2)− T (cp)

ve (x2))

H7(X,U) = ṁe(X)(x4 − x3)− cp,airu3(Tae,in − T (cp)
ve (x2))

(
1− e−

Ce
cp,airu3

)
H8(X,U) = ṁch(X)(x5 − x3)− cp,glycu4(Tglyc,in − T (cp)

ve (x2))

(
1− e−

Cch
cp,glycu4

)
.

The functions and constants occurring in these equations are defined and explained in
Section 3.

5.3 The inequality constraints

The inequality constraint G(X,U) ≤ 0 consists of three inequalities representing the
cooling demands and a demand of the output glycol temperature. For the first inequality
we have that the cooling power at the evaporator must be larger than or equal to Qdem,e.
The simulated cooling power Qe of the evaporator is given by equation (36) as

Qe = ṁe(X)(x4 − x3),

so this gives us the first inequality constraint

G1(X,U) = Qdem,e − ṁe(X)(x4 − x3).

For the chiller we have a similar demand that the cooling power must be at least Qdem,ch.
The simulated cooling power is calculated by equation (39) as

Qch = ṁch(X)(x5 − x3), (58)

so the second inequality constraint is

G2(X,U) = Qdem,ch − ṁch(X)(x5 − x3).

The third inequality constraint comes from the fact that the glycol temperature cannot
vary too much between the inlet and outlet of the chiller. The reason for this is that
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the battery which is cooled by the glycol in a separate loop must have approximately the
same temperature at all places. The maximum temperature difference of the inlet and
outlet glycol is denoted by dTglyc,max. The temperature difference ∆T of the glycol in
the simulation can be calculated since we know the cooling power from equation (58).
Knowing that Q = cpm∆T this gives us

∆Tglyc =
ṁch(X)(x5 − x3)

cp,glycu4

where cp,glyc is the specific heat capacity of the glycol. This results in the third inequality
constraint being

G3(X,U) =
ṁch(X)(x5 − x3)

cp,glycu4
− dTglyc,max.

42



6 Results and analysis

In this chapter the results from our optimization model will be presented and analyzed.
The results are presented in plots where values of state and control variables are com-
pared to different cooling demands at the evaporator and chiller. The chapter is divided
into three sections. In the first section we examine how we by varying the four control
components of U one at a time change the state of the system. This is done to get a
deeper understanding of the optimal solutions presented in the succeeding sections. In
the second section we examine the optimal solutions when we have a stationary vehicle,
which is the original optimizstion problem described in 5. It is investigated how the
optimal solutions depend on the demanded cooling powers and how it depends on the
inlet air and glycol temperatures at the condenser, evaporator and chiller. In the last
section we investigate two special cases of the optimization problem. For the first case we
simulate a moving vehicle. In this case, air is flowing naturally through the condenser, so
the condenser fan uses no additional power, i.e. Pcfan = 0. For the second case we force
the mass flow u3 of the evaporator fan to be fixed, with u3 = 150g/s. The reason for
this is that sometimes (or often) the system users can decide the fan speed themselves,
so it is then no a longer a parameter which can be varied to optimize the system power
consumption. The optimal solutions of these special cases are compared to the original
solutions, when varying the evaporator cooling demand.

6.1 The control variables’ impact on the system.

By varying our control variables U we can manipulate the state of the system in different
ways to achieve desired cooling powers for example. This is the basis of our problem in
this study. To gain a greater understanding of the optimal solutions presented in the
succeeding sections, we therefore show in this section how the mass flows, pressures and
cooling powers changes when varying the control variables one at a time. The results
are calculated from the equations described in Section 3.6, where we fix three of the four
control variables and varying the values of the fourth variable. When fixed, the compressor
frequency u1 is 4000 min−1, the condenser air flow u2 is 600 g/s, the evaporator air flow
u3 is 113 g/s and the glycol flow of the chiller u4 is 10.0 l/min.

In Figure 25 we see the refrigerant mass flows at the compressor (ṁcom), evaporator (ṁe)
and chiller (ṁch) plotted as functions of each of the four control variables. As expected,
we see that the total mass flow ṁcom depends most on the compressor frequency u1.
The origin of this behavior we find in equation (3) where the mass flow seems to be
proportional to u1. However we do not see a proportional relation in the graph, this is
because the density of the refrigerant changes with the decreasing pressure (see Figure 26)
so the refrigerant mass flowing through the compressor at each pump gets smaller. We can
also see from Figure 25 that when we increase the evaporator air flow, the refrigerant flow
through the evaporator and compressor increases while it decreases through the chiller.
One reason for the increment in evaporator mass flow is that when increasing the air flow
through the evaporator more heat is transferred from the air to the refrigerant. This
would lead to an increasing refrigerant temperature out of the evaporator, but since the
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Figure 25: The refrigerant mass flows through the compressor, evaporator and chiller
plotted as functions of the four control variables.
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super heat must be equal to Tshe (see equation (33)), the expansion valve instead increases
the mass flow. This also results in an increased total flow ṁcom. When increasing the
glycol flow of the chiller we see the corresponding effect.

Figure 26: The condenser and evaporator/chiller pressures plotted as functions of the
four control variables.

The condenser pressure x1 and the evaporator/chiller pressure x2 plotted as functions
of the control variables in Figure 26. When increasing the compressor frequency, we
see that the condenser pressure and evaporator/chiller pressure increases and decreases
significantly. This occurs since we have an increased mass flow in the entire system, and
to maintain the super heat demands in the evaporator and chiller (equations (33) and
(34)) we must then decrease the evaporator/chiller pressure to gain a higher temperature
difference between the refrigerant and the air/glycol. As a result of this, we must also
increase the condenser pressure/temperature to gain a higher heat transfer. To maintain
a high heat transfer at the condenser, the condenser pressure also increases when reducing
the air flow u2 through the condenser. We see the opposite effect of the evaporator/chiller
pressure when looking at the variation of the evaporator air flow u3 and chiller glycol flow
u4. Here we see the pressure increase with the increasing air and glycol flows to prevent
the heat transfer rates from increasing too much.
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The cooling powers of the evaporator and chiller are plotted in Figure 27 as functions of
the control variables. The form of these curves can in the most cases be explained by the
changes in the refrigerant mass flows described in Figure 25, where the cooling powers
are proportional to the mass flows according to equations (36) and (39). When varying
the condenser air flow however, the mass flows through the evaporator and chiller are
constant or decreasing, while the cooling powers increases rapidly. The reason for this is
that when increasing the condenser air flow, the heat transfer rate from the refrigerant
to the air is increased. This results in a lower refrigerant enthalpy x3 at the outlet of the
condenser, which in turn increases the refrigerant’s ability to absorb heat at the chiller
and evaporator.

Figure 27: The cooling powers of the evaporator and chiller plotted as functions of the
four control variables.

6.2 Optimal solutions for stationary vehicle

For the stationary vehicle we use the model we described in Section 5. The optimal
solutions are shown as functions of the demanded evaporator cooling power (Section
6.2.1), the demanded chiller cooling power (Section 6.2.2) and the ambient temperatures
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(Section 6.2.3).

6.2.1 Changing the demanded evaporator cooling power

The optimal values of the power consumption for the system can be seen in Figure 28a.
As we see, the optimal power consumption depends on the demanded cooling powers
at the evaporator and the chiller. However, as the demanded evaporator cooling powers
becomes larger, the three curves representing the demanded chiller cooling powers merges
together. In Figure 28b the power consumption for the four system components is shown
for the case when Qdem,ch = 1kW. As we see, the largest part of the power consumption
comes from the compressor, while the power from the chiller is almost negligible.

(a) The total power consumption of the sys-
tem. The demanded chiller cooling power is
held constant at three different values, rep-
resented by the three curves.

(b) The power consumption of the system
as a function of the demanded evaporator
cooling power, where the demanded chiller
cooling power is held constant at 1 kW. The
power consumption is divided into four ar-
eas representing the power consumed by the
different components.

Figure 28: The optimal power consumption as a function of the demanded cooling power
at the evaporator.

The values of the control variables U for the different cooling demands is shown in Figure
29. We see that the first three control variables are increasing as the evaporator cooling
demand grows. This can be explained by Figure 27 where we saw that when increasing
those control variables we also increase the cooling power at the evaporator. If we analyze
the values of the control variables further we can see that for the demanded chiller cool-
ing power of 0.1 kW (blue curves) we can divide the curves into three parts which have
different appearances. The first part ranges between 0.1 kW and 1.1 kW and is character-
ized by having a constant compressor frequency of 500 min−1. The increasing evaporator
cooling power is then achieved by increasing the air flow through the evaporator and
redirecting the refrigerant flow from the chiller to the evaporator, as we see in Figure
30. Since the refrigerant mass flow through the chiller is decreased, the chiller cooling
power can also be decreased (see Figure 31) while still satisfying the super heat demand
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(H6(X,U) = 0) at the end of the chiller. The second part of the curves ranges between
1.1 kW and 2.8 kW. In this area, the increased evaporator cooling power is achieved both
by increased compressor frequency and evaporator air flow. The chiller glycol flow and
refrigerant mass flow is at minimal level for the whole period, thereby minimizing the
power consumption of the chiller pump. For the third and last part of the curve the
evaporator air flow is at maximum capacity. To be able to increase the evaporator heat
transfer capacity from the air to the refrigerant even more we must therefore increase the
temperature difference between the refrigerant and the air. This is achieved by lowering
the refrigerant pressure in the evaporator as we see in Figure 30. However, since the
pressure is the same in the chiller this also leads to an increased heat transfer here. This
is shown in Figure 31 where we see that the chiller cooling power increases greatly above
the demanded. Since we also have a maximum temperature difference of the glycol by
the inequality constraint G3(X) ≤ 0 we must therefore also increase the glycol flow u4
(see Figure 29).

Figure 29: Optimal values of the control variables as a function of the demanded evapo-
rator cooling power Qdem,e.

For the red and yellow curves corresponding to a demanded chiller cooling power of 1 kW
and 2 kW we see some differences compared to the blue curve. Since the total cooling
demand is higher from the start, the compressor frequency is strictly increasing as the
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evaporator cooling demand grows. The evaporator air flow grows linearly until it reaches
its maximum at Q̇dem,e = 3.4 kW for the red curve (Q̇dem,e = 3.9 kW for the yellow
curve). During this period, the glycol flow first increases, then is almost constant, and
lastly decreases down to the blue curve. One reason for this is that when the chiller
pressure x2 increases (see Figure 30) we need to change the glycol flow to compensate
for the change in temperature difference and keep the chiller cooling power Qch constant.
At the last part of the curve the evaporator air flow has reached its maximum and the
glycol flow must again be increased to maintain the temperature difference inequality
G3(X) ≤ 0.

Figure 30: The optimal mass flows and pressures as functions of the demanded evaporator
cooling power.

6.2.2 Changing the demanded cooling power at chiller

The demanded cooling power of the chiller also affects the optimal solution of the problem,
similar to the demanded evaporator cooling power. However, since the constraints and
power consumption of the chiller is somewhat different from the evaporator, we do not get
the exact same results when varying the demanded chiller cooling power. For example if
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Figure 31: The graphs show the values of the inequality constraints for the optimal
solutions, as functions of the demanded evaporator cooling power. The first two graphs
show how much greater the simulated cooling powers are than the demanded cooling
powers of the evaporator and chiller. The last graph shows the difference between the
maximal glycol temperature difference Tglyc,max and the simulated temperature difference.
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we compare Figure 32b with Figure 28a we see that the power consumption is more spread
out between the four components. This is mainly because the demanded chiller cooling
power only ranges between 0.1 kW and 2 kW, in contrast to the evaporator cooling power
which ranges between 0.1 kW and 5 kW.

(a) The total power consumption of the
system. The demanded evaporator cooling
power is held constant at three different val-
ues, represented by the three curves.

(b) The power consumption of the sys-
tem, where the demanded evaporator cool-
ing power is held constant at 2 kW. The
power consumption is divided into four ar-
eas representing the power consumed by the
different components.

Figure 32: The optimal power consumption as a function of the demanded cooling power
at the chiller.

If we look at Figure 33 we see the values of the control variables U as functions of the
demanded chiller cooling power. Beginning with the blue curve where Qdem,e = 0.1kW
we see that the curve can be divided into three parts. For the first part between 0.1
kW and 0.9 kW, the compressor is at its minimal frequency and the control variables
in Figure 33 and the state variables in Figure 34 are constant. Because of constraints
H5(X) = 0 and H6(X) = 0 though we still must have a certain amount of cooling in the
evaporator and chiller. This is solved by having a constant cooling power of 0.9 kW at
the chiller even though it is not demanded. When the demanded cooling power at the
chiller grows larger than 0.9 kW the refrigerant mass flow and the glycol flow increases
to meet the demand, while the compressor frequency remains constant up to 1.1 kW,
which represent the second part of the curve. For the third and last part of the curve,
the compressor frequency increases with the demanded cooling power. This enables an
increased refrigerant mass flow through the chiller, while still keeping a pressure difference
between the condenser and the evaporator/chiller.

For the red curve, where Qdem,e = 2kW we have u1, u2 and u4 increasing for the whole
interval as a result of the increasing cooling demand. The air flow through the evaporator
on the other hand decreases slowly with the increasing cooling demand. This is a result of
the decreasing evaporator/chiller pressure created by the increased compressor frequency.
When the pressure decreases, the temperature difference between the evaporator air and
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Figure 33: Optimal values of the control variables as a function of the demanded chiller
cooling power.
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refrigerant grows larger, which enables for the evaporator air flow to decrease and save
power while still fulfilling the equality constraint H7(X) = 0.

Lastly, the yellow curve describes the case when the demanded evaporator cooling power
Qdem,e is equal to 4 kW. Because of this high demand, the evaporator air mass flow is at
its maximum capacity for the whole range. To meet this demanded evaporator cooling
power, the evaporator/chiller pressure must also be lower than for the other the other
curves, to have a bigger temperature difference between the air and refrigerant. As a
consequence of this increased temperature difference, the glycol flow in the chiller must
also be increased in order to maintain the maximum temperature difference described by
the inequality G3(X) ≤ 0.

Figure 34: The optimal mass flows and pressures as functions of the demanded chiller
cooling power.

6.2.3 Changing the ambient temperatures

The inlet temperatures of the air through the condenser (Tac,in) and evaporator (Tae,in)
and the glycol in the chiller (Tglyc,in) are parameters which we until now have regarded as

constants with values
(
Tac,in Tae,in Tglyc,in

)T
=
(
298.1 313.4 298.1

)T
K. The values
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Figure 35: The graphs shows the values of the inequality constraints for the optimal
solutions, as functions of the demanded chiller cooling power. The first two graphs show
how much greater the simulated cooling powers are than the demanded cooling powers
of the evaporator and chiller. The last graph shows the difference between the maximal
glycol temperature difference Tglyc,max and the simulated temperature difference.
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of these parameters do however have an impact of the optimal solution of the problem,
since they affect the heat transfer rates between the refrigerant and the air/glycol. In this
section we therefore let these parameters deviate with between −15 K to 15 K from their
original values, to see how this affects the optimal solution. The demanded evaporator
and chiller cooling powers are held constant at 3 kW and 1 kW. In figures 36 to 39 we
see the results when we let one of the parameters at a time deviate from their original
value with ∆T Kelvin.

(a) The total power consumption of the sys-
tem. The temperatures are varied one at
a time, and each variation is represented
by a curve. The demanded evaporator and
chiller cooling powers are held constant at
3 kW and 1 kW.

(b) The power consumption of the system
as a function of the deviation of the con-
denser inlet air temperature from its orig-
inal value. The power consumption is di-
vided into four areas representing the power
consumed by the different components.

Figure 36: The optimal power consumption of the system as a function of the deviation
of the condenser inlet air temperature from its original value.

In Figure 36a we see how the total power consumption changes when we vary the inlet
temperatures. For the yellow curve we see that when we let the inlet glycol temperature
at the chiller vary from 283.1 K to 313.1 K the total power consumption first decreases
up to Tglyc,in = 303K and then starts to increase up to the point where Tglyc,in = 313.1K.
In Figure 36b we see the blue curve in 36a divided into the power consumption of the
four components.

The optimal solution of the control variables U are shown in Figure 37 for the different
cases. The blue curve is the case when we change the inlet temperature of the air which
goes through the condenser. Since the objective of the condenser air is to cool down the
refrigerant this leads to a worse performance of the condenser. One of the ways the sys-
tem compensate for this is that the refrigerant pressure x1 at the condenser is increased
heavily as the condenser air temperature is increased, which we see in Figure 38. This
increases the refrigerant temperature, and therefore the temperature difference between
the refrigerant and the air remains nearly constant, despite the rise in air temperature.
However, as the pressure increases the compressor consumes more and more power, as
we see in Figure 36b. An intuitive explanation of this is that the higher pressure differ-
ence before and after the compressor, the more work it takes to compress the refrigerant.
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Figure 37: Optimal values of the control variables as a function of how much the air- and
glycol inlet temperatures deviate from their original values.

56



This phenomenon is explained more thoroughly in Section 3.1. The system lowers the
pressure difference (and the compressor power consumption) a bit by increasing the evap-
orator/chiller pressure (see Figure 37). This leads to a small increase in the air and glycol
flow u3 and u4 but does not affect the total power consumption significantly as we see in
Figure 36b.

Figure 38: The optimal mass flows and pressures as functions of how much the air- and
glycol inlet temperatures deviate from their original values.

For the red curve in the figures we have varied the inlet air temperature through the
evaporator. Since the evaporator air objective is to give away heat to the refrigerant the
system performance should improve when increasing the air temperature of the evapora-
tor. This is also achieved as we see the power consumption curve is strictly decreasing in
Figure 36a. The optimal solution curves in Figure 37 has a lot to do with the inequality
constraints G(X,U) ≤ 0 plotted in Figure 39. For the first part of the optimal solutions,
where ∆T is between −15 K and −8 K, we have maximum evaporator air flow u3 and
the glycol temperature difference is maximal. To achieve the desired evaporator cooling
power when having maximal evaporator air flow, the evaporator/chiller pressure must be
low (as we mentioned in the previous section), which in turn results in a higher cooling
power than demanded in the chiller (see Figure 39). When the evaporator air temperature
then rises, the evaporator/chiller pressure is also allowed to rise. This decreases the chiller
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cooling power and the glycol flow u4 of the chiller can be reduced since the demand of the
glycol temperature difference is easier fulfilled. This also results in a smaller compressor
frequency u1 since the refrigerant mass flow can be smaller. When the evaporator air
temperature continues to grow for the rest of the curve we see a continuing increase in
evaporator/chiller pressure and a decrease in the evaporator air mass flow. Because of the
increase in pressure, the glycol flow starts to increase to still meet the demanded cooling
power at the chiller. The optimal solutions of the yellow curve can be motivated by the
same explanations as the red curve.

Figure 39: The graphs shows the values of the inequality constraints for the optimal
solutions, as functions of how much the air- and glycol inlet temperatures deviate from
their original values. The first two graph shows how much greater the simulated cooling
powers are than the demanded cooling powers of the evaporator and chiller. The last
graph shows the difference between the maximal glycol temperature difference Tglyc,max

and the simulated temperature difference.
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6.3 Moving vehicle and fixed evaporator fan

In this section we look at two special cases of the problem which lead to some changes
in the optimization problem. The solutions of these new problems are compared with
the original solutions when having a fixed chiller cooling power of Qdem,ch = 1kW. For
the first special case we simulate a moving vehicle. For this case, air is flowing naturally
through the condenser, so the condenser fan uses no additional power, i.e. Pcfan = 0.
For the second special case, we force the mass flow u3 of the evaporator fan to be fixed,
with u3 = 150g/s. The reason for this is that sometimes (or often) the system users can
decide the fan speed themselves, so it is then no longer a parameter which can be varied
to optimize the system power consumption.

(a) The optimal power consumption for the
original case, the moving vehicle case, and
the fixed evaporator fan case, represented
by the three curves.

(b) The power consumption for the mov-
ing vehicle case. The power consumption
is divided into three areas representing the
power consumed by the different compo-
nents.

Figure 40: The optimal power consumption as a function of the demanded cooling power
at the evaporator.

In Figure 40a the total power consumption is shown for the three cases, while in Figure
40b we see the power consumption of each component for the case of the moving vehicle.
Since the power consumption of the condenser is excluded for this case, we only have
three components that consume power. In Figure 41 we see the optimal solutions of the
control variables for the three cases. The red curve, which represents the case of the
moving vehicle, follows approximately the same curves as the original solution’s for three
out of four control variables. The only control variable that differs greatly is the air flow
of the condenser, which is at maximum capacity since the condenser air flow does not
consume any power in this case. By having a high air flow, the condenser pressure can
be much lower than in the original solution, still producing the same cooling power of the
refrigerant. The lower condenser pressure results in a lower power consumption of the
compressor, which can be seen when comparing Figure 28b and Figure 40a.

The yellow curve represents the case where the evaporator fan is fixed at an air flow of
150g/s. This results in a higher compressor frequency and higher air and glycol flow at
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the condenser and chiller for evaporator cooling demands up to 3 kW. The explanation for
this can be found in Figure 43 where we see that the real cooling power at the evaporator
is constant at around 3 kW. The high cooling power is a result of the equality constraint
H5(X,U) = 0 which forces the refrigerant super heat out of the evaporator to be exactly
Tshe. In order to get a super heat that is low enough we must have a high refrigerant mass
flow at the evaporator, which in turn leads to a high cooling power at the evaporator.

Figure 41: Optimal values of the control variables as a function of the demanded chiller
cooling power.
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Figure 42: The optimal mass flows and pressures as functions of the demanded evaporator
cooling power.
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Figure 43: The graphs show the values of the inequality constraints for the optimal
solutions, as functions of the demanded evaporator cooling power. The first two graphs
show how much greater the simulated cooling powers are than the demanded cooling
powers of the evaporator and chiller. The last graph shows the difference between the
maximal glycol temperature difference Tglyc,max and the simulated temperature difference.
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7 Summary and conclusions

In this thesis, we have developed a mathematical model of a vapor compression refriger-
ation system with an evaporator and chiller. The model is optimized with respect to the
system power consumption for different cooling demands at the evaporator and chiller,
and the optimal solutions describes the values of system state variables X and the control
variables U . The achieved model describes the system states and the power consump-
tion when the system is in balance, i.e. we have no time dependencies of the variables.
The model is based on thermodynamic laws and properties together with empirical pa-
rameters, which are estimated from given data of a refrigeration system. However, the
uncertainties of the estimated parameters are very big since the data only consists of val-
ues from 20 runs. A comparison is made between the model and the given data though,
which shows good conformance.

The results of the optimization problems shows that when increasing the cooling demands
of the evaporator, both the compressor frequency and the evaporator air flow increases,
but the air flow increases faster to its maximum capacity since evaporator fan consumes
less power than the compressor. When increasing the cooling demands of the chiller we
see the same behavior, but when the evaporator cooling demands are much higher than
the chiller’s, the compressor frequency are determined solely by the evaporator cooling
demand. An interesting behavior of the system that appear for several combinations is
that the chiller cooling power often is higher than demanded. This is partly because it
does not cost much power to cool the refrigerant with an increasing chiller pump speed.
This leads to cases where it is beneficial to lower the evaporator/chiller pressure and
produce higher cooling powers for both the evaporator and chiller, even though it is only
demanded for the evaporator. Another reason for unnecessary high chiller cooling powers
is because we have a constraint on the maximum temperature difference on the inlet and
outlet glycol. In order to not violate this constraint we must therefore have a higher
glycol flow than necessary in several cases, thus producing a higher chiller cooling power.

When decreasing the inlet air temperature at the condenser in Section 6.2.3 we saw
that the power consumption of the system decreased linearly mainly as a result of a
lower condenser pressure. By increasing the inlet air temperature at the evaporator the
power consumption also decreased, because of higher evaporator/chiller pressure. When
increasing the glycol temperature however, the power consumption first decreased but
then increased, which is because of the temperature constraint on the glycol. In Section
6.3 where we modelled a moving vehicle we found out that the optimal solution of the
control variables is almost identical as in the normal case, even though the total power
consumption is much lower since we exclude the condenser fan power. For the fixed
evaporator air case, the optimal solution was constant up to a demanded evaporator
cooling power of 3 kW, and after that it was close to the original solution.

Future topics of research could be to refine the mathematical model, especially the heat
transfers of the evaporator and chiller. Basing the parameters on a larger set of data
could also result in a more accurate model. The model could also be extended to include
the glycol’s cooling of the battery, and its impact on the rest of the system.
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A Tables of thermodynamic relations

P [kPa]

h [kJ/kg]
225.0 230.0 235.0 240.0 245.0 250.0 255.0 260.0 265.0 270.0 275.0 280.0 285.0

200.0 263.1 263.1 263.1 263.1 263.1 263.1 263.1 263.1 263.1 263.1 263.1 263.1 263.1
255.2 269.4 269.4 269.4 269.4 269.4 269.4 269.4 269.4 269.4 269.4 269.4 269.4 269.4
310.3 274.8 274.8 274.8 274.8 274.8 274.8 274.8 274.8 274.8 274.8 274.8 274.8 274.8
365.5 279.4 279.4 279.4 279.4 279.4 279.4 279.4 279.4 279.4 279.4 279.4 279.4 279.4
420.7 283.6 283.6 283.6 283.6 283.6 283.6 283.6 283.6 283.6 283.6 283.6 283.6 283.6
475.9 287.3 287.3 287.3 287.3 287.3 287.3 287.3 287.3 287.3 287.3 287.3 287.3 287.3
531.0 290.8 290.8 290.8 290.8 290.8 290.8 290.8 290.8 290.8 290.8 290.8 290.8 290.8
586.2 291.4 294.0 294.0 294.0 294.0 294.0 294.0 294.0 294.0 294.0 294.0 294.0 294.0
641.4 291.4 294.9 296.9 296.9 296.9 296.9 296.9 296.9 296.9 296.9 296.9 296.9 296.9
696.6 291.4 294.9 298.5 299.7 299.7 299.7 299.7 299.7 299.7 299.7 299.7 299.7 299.7
751.7 291.4 294.9 298.5 302.0 302.3 302.3 302.3 302.3 302.3 302.3 302.3 302.3 302.3
806.9 291.4 294.9 298.5 302.0 304.8 304.8 304.8 304.8 304.8 304.8 304.8 304.8 304.8
862.1 291.4 294.9 298.5 302.0 305.4 307.1 307.1 307.1 307.1 307.1 307.1 307.1 307.1
917.2 291.4 294.9 298.5 302.0 305.4 308.8 309.4 309.4 309.4 309.4 309.4 309.4 309.4
972.4 291.4 294.9 298.5 302.0 305.4 308.8 311.5 311.5 311.5 311.5 311.5 311.5 311.5
1027.6 291.4 294.9 298.5 302.0 305.4 308.8 312.2 313.6 313.6 313.6 313.6 313.6 313.6
1082.8 291.4 294.9 298.5 302.0 305.4 308.8 312.2 315.5 315.5 315.5 315.5 315.5 315.5
1137.9 291.3 294.9 298.5 302.0 305.4 308.8 312.2 315.6 317.4 317.4 317.4 317.4 317.4
1193.1 291.3 294.9 298.5 302.0 305.4 308.8 312.2 315.6 318.8 319.2 319.2 319.2 319.2
1248.3 291.3 294.9 298.5 302.0 305.4 308.9 312.2 315.6 318.9 321.0 321.0 321.0 321.0
1303.4 291.3 294.9 298.5 302.0 305.4 308.9 312.2 315.6 318.9 322.1 322.7 322.7 322.7
1358.6 291.3 294.9 298.5 302.0 305.4 308.9 312.2 315.6 318.9 322.1 324.4 324.4 324.4
1413.8 291.3 294.9 298.4 302.0 305.4 308.9 312.3 315.6 318.9 322.1 325.3 326.0 326.0
1469.0 291.3 294.9 298.4 302.0 305.4 308.9 312.3 315.6 318.9 322.1 325.3 327.5 327.5
1524.1 291.3 294.9 298.4 302.0 305.4 308.9 312.3 315.6 318.9 322.2 325.4 328.5 329.0
1579.3 291.3 294.9 298.4 302.0 305.4 308.9 312.3 315.6 318.9 322.2 325.4 328.5 330.5
1634.5 291.3 294.9 298.4 302.0 305.4 308.9 312.3 315.6 318.9 322.2 325.4 328.5 331.6
1689.7 291.3 294.9 298.4 302.0 305.4 308.9 312.3 315.6 318.9 322.2 325.4 328.6 331.6
1744.8 291.3 294.9 298.4 302.0 305.4 308.9 312.3 315.6 319.0 322.2 325.4 328.6 331.7
1800.0 291.3 294.9 298.4 302.0 305.4 308.9 312.3 315.6 319.0 322.2 325.4 328.6 331.7

Table 3: Temperature [K] of the refrigerant as a function of the pressure P and the specific enthalpy h.
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P [kPa]

h [kJ/kg]
395.0 400.8 406.7 412.5 418.3 424.2 430.0 435.8 441.7 447.5 453.3 459.2 465.0

200.0 265.9 272.7 279.6 286.4 293.2 299.9 306.5 313.1 319.6 326.1 332.5 338.8 345.1
255.2 269.4 274.5 281.1 287.8 294.5 301.1 307.6 314.1 320.6 327.0 333.3 339.6 345.9
310.3 274.8 276.2 282.7 289.2 295.7 302.2 308.7 315.2 321.5 327.9 334.2 340.4 346.6
365.5 279.4 279.4 284.3 290.6 297.0 303.4 309.8 316.2 322.5 328.8 335.0 341.2 347.3
420.7 283.6 283.6 285.8 292.0 298.3 304.6 310.9 317.2 323.4 329.6 335.8 342.0 348.0
475.9 287.3 287.3 287.4 293.5 299.6 305.8 312.0 318.2 324.4 330.5 336.6 342.7 348.8
531.0 290.8 290.8 290.8 294.9 300.9 307.0 313.1 319.2 325.3 331.4 337.5 343.5 349.5
586.2 294.0 294.0 294.0 296.3 302.2 308.2 314.2 320.2 326.3 332.3 338.3 344.3 350.2
641.4 296.9 296.9 296.9 297.7 303.5 309.4 315.3 321.2 327.2 333.2 339.1 345.0 351.0
696.6 299.7 299.7 299.7 299.7 304.8 310.5 316.4 322.2 328.1 334.0 339.9 345.8 351.7
751.7 302.3 302.3 302.3 302.3 306.0 311.7 317.5 323.2 329.1 334.9 340.8 346.6 352.4
806.9 304.8 304.8 304.8 304.8 307.3 312.9 318.5 324.3 330.0 335.8 341.6 347.4 353.1
862.1 307.1 307.1 307.1 307.1 308.6 314.1 319.6 325.3 330.9 336.7 342.4 348.1 353.8
917.2 309.4 309.4 309.4 309.4 309.9 315.2 320.7 326.3 331.9 337.5 343.2 348.9 354.6
972.4 311.5 311.5 311.5 311.5 311.5 316.4 321.8 327.3 332.8 338.4 344.0 349.7 355.3
1027.6 313.6 313.6 313.6 313.6 313.6 317.6 322.9 328.3 333.7 339.3 344.8 350.4 356.0
1082.8 315.5 315.5 315.5 315.5 315.5 318.8 324.0 329.3 334.7 340.1 345.7 351.2 356.7
1137.9 317.4 317.4 317.4 317.4 317.4 319.9 325.0 330.3 335.6 341.0 346.5 351.9 357.5
1193.1 319.2 319.2 319.2 319.2 319.2 321.1 326.1 331.3 336.5 341.9 347.3 352.7 358.2
1248.3 321.0 321.0 321.0 321.0 321.0 322.3 327.2 332.3 337.5 342.8 348.1 353.5 358.9
1303.4 322.7 322.7 322.7 322.7 322.7 323.4 328.3 333.3 338.4 343.6 348.9 354.2 359.6
1358.6 324.4 324.4 324.4 324.4 324.4 324.6 329.3 334.3 339.3 344.5 349.7 355.0 360.3
1413.8 326.0 326.0 326.0 326.0 326.0 326.0 330.4 335.3 340.3 345.3 350.5 355.8 361.0
1469.0 327.5 327.5 327.5 327.5 327.5 327.5 331.5 336.3 341.2 346.2 351.3 356.5 361.8
1524.1 329.0 329.0 329.0 329.0 329.0 329.0 332.6 337.3 342.1 347.1 352.1 357.3 362.5
1579.3 330.5 330.5 330.5 330.5 330.5 330.5 333.6 338.2 343.0 347.9 352.9 358.0 363.2
1634.5 331.9 331.9 331.9 331.9 331.9 331.9 334.7 339.2 344.0 348.8 353.8 358.8 363.9
1689.7 333.3 333.3 333.3 333.3 333.3 333.3 335.8 340.2 344.9 349.7 354.6 359.5 364.6
1744.8 334.7 334.7 334.7 334.7 334.7 334.7 336.8 341.2 345.8 350.5 355.4 360.3 365.3
1800.0 336.0 336.0 336.0 336.0 336.0 336.0 337.9 342.2 346.7 351.4 356.2 361.1 366.0

Table 4: Temperature [K] of the refrigerant as a function of the pressure P and the specific enthalpy h.
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P [kPa]

h [kJ/kg]
395.0 400.8 406.7 412.5 418.3 424.2 430.0 435.8 441.7 447.5 453.3 459.2 465.0

200.0 9.88 9.56 9.27 9.0 8.76 8.53 8.32 8.12 7.93 7.75 7.59 7.43 7.28
225.0 11.17 10.81 10.47 10.17 9.89 9.63 9.38 9.16 8.94 8.75 8.56 8.38 8.21
250.0 12.46 12.06 11.69 11.34 11.03 10.73 10.46 10.2 9.97 9.74 9.53 9.33 9.14
275.0 13.76 13.33 12.91 12.53 12.17 11.85 11.54 11.26 10.99 10.74 10.51 10.29 10.08
300.0 15.07 14.61 14.15 13.72 13.33 12.97 12.63 12.32 12.02 11.75 11.49 11.25 11.02
325.0 16.39 15.91 15.4 14.93 14.49 14.1 13.73 13.38 13.06 12.76 12.48 12.21 11.96
350.0 17.73 17.21 16.65 16.14 15.67 15.23 14.83 14.45 14.1 13.78 13.47 13.18 12.91
375.0 19.08 18.51 17.92 17.36 16.85 16.37 15.94 15.53 15.15 14.8 14.46 14.15 13.86
400.0 20.44 19.82 19.2 18.59 18.04 17.53 17.05 16.61 16.21 15.82 15.47 15.13 14.81
425.0 21.82 21.15 20.49 19.84 19.24 18.69 18.18 17.7 17.27 16.86 16.47 16.11 15.77
450.0 23.21 22.49 21.79 21.09 20.44 19.85 19.31 18.8 18.33 17.89 17.48 17.1 16.73
475.0 24.61 23.84 23.11 22.35 21.66 21.03 20.45 19.9 19.4 18.93 18.5 18.09 17.7
500.0 26.03 25.2 24.42 23.63 22.89 22.21 21.59 21.01 20.48 19.98 19.52 19.08 18.67
525.0 27.46 26.57 25.74 24.91 24.12 23.4 22.74 22.13 21.56 21.03 20.54 20.08 19.64
550.0 28.9 27.96 27.08 26.2 25.37 24.6 23.9 23.25 22.65 22.09 21.57 21.08 20.62
575.0 30.36 29.36 28.42 27.51 26.62 25.81 25.07 24.38 23.75 23.16 22.61 22.09 21.61
600.0 31.83 30.77 29.78 28.82 27.89 27.03 26.24 25.52 24.85 24.23 23.64 23.1 22.59

Table 5: Density [kg/m3] of the refrigerant as a function of the pressure P and the specific enthalpy h.

P [kPa]

h [kJ/kg]
225.0 230.0 235.0 240.0 245.0 250.0 255.0 260.0 265.0 270.0 275.0 280.0 285.0

800.0 1233 1220 1206 1192 960 567 403 312 255 215 186 164 147
862.5 1234 1220 1207 1193 1179 843 537 394 311 257 219 191 169
925.0 1234 1221 1207 1193 1179 1165 747 507 383 308 258 221 194
987.5 1234 1221 1207 1194 1180 1165 1121 670 478 371 304 257 222
1050.0 1235 1221 1208 1194 1180 1166 1151 927 607 451 359 298 255
1112.5 1235 1222 1208 1195 1181 1166 1152 1137 793 555 427 347 292
1175.0 1235 1222 1209 1195 1181 1167 1152 1137 1085 696 512 405 335
1237.5 1236 1222 1209 1195 1181 1167 1153 1138 1122 896 621 475 385
1300.0 1236 1223 1209 1196 1182 1168 1153 1138 1123 1107 767 563 445
1362.5 1236 1223 1210 1196 1182 1168 1154 1139 1124 1108 970 674 516
1425.0 1237 1223 1210 1196 1183 1168 1154 1139 1124 1108 1092 818 603
1487.5 1237 1224 1210 1197 1183 1169 1155 1140 1125 1109 1093 1014 711
1550.0 1237 1224 1211 1197 1183 1169 1155 1140 1125 1110 1094 1077 849
1612.5 1238 1225 1211 1198 1184 1170 1155 1141 1126 1110 1094 1078 1031
1675.0 1238 1225 1212 1198 1184 1170 1156 1141 1126 1111 1095 1078 1062
1737.5 1238 1225 1212 1198 1185 1171 1156 1142 1127 1111 1095 1079 1062
1800.0 1239 1226 1212 1199 1185 1171 1157 1142 1127 1112 1096 1080 1063

Table 6: Density [kg/m3] of the refrigerant as a function of the pressure P and the specific enthalpy h.
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P [kPa]

h [kJ/kg]
225.0 230.0 23.05 240.0 245.0 250.0 255.0 260.0 265.0 270.0 275.0 280.0 285.0

200.0 1742 1764 1785 1806 1826 1846 1865 1884 1902 1920 1938 1955 1972
255.2 1724 1746 1767 1787 1807 1827 1846 1865 1883.0 1901 1919 1936 1953
310.3 1710 1731 1752 1772 1792 1812 1831 1849 1868 1886 1903 1921 1938
365.5 1698 1719 1740 1760 1780 1799 1818 1837 1855 1873 1891 1908 1925
420.7 1688 1709 1729 1750 1769 1789 1808 1826 1844 1862 1880 1897 1914
475.9 1680 1700 1720 1741 1760 1779 1798 1817 1835 1853 1870 1887 1904
531.0 1673 1693 1713 1733 1752 1771 1790 1809 1827 1845 1862 1879 1896
586.2 1666 1686 1706 1726 1745 1764 1783 1801 1819 1837 1855 1872 1888
641.4 1660 1680 1700 1719 1739 1758 1776 1795 1813 1830 1848 1865 1882
696.6 1655 1675 1694 1714 1733 1752 1771 1789 1807 1824 1842 1859 1875
751.7 1651 1670 1689 1708 1728 1747 1765 1783 1801 1819 1836 1853 1870
806.9 1646 1665 1685 1704 1723 1742 1760 1778 1796 1814 1831 1848 1864
862.1 1642 1661 1680 1699 1718 1737 1756 1774 1791 1809 1826 1843 1860
917.2 1639 1658 1677 1695 1714 1733 1751 1769 1787 1804 1822 1838 1855
972.4 1636 1654 1673 1692 1710 1729 1747 1765 1783 1800 1817 1834 1851
1027.6 1632 1651 1670 1688 1707 1725 1744 1762 1779 1796 1814 1830 1847
1082.8 1630 1648 1667 1685 1704 1722 1740 1758 1776 1793 1810 1827 1843
1137.9 1627 1645 1664 1682 1700 1719 1737 1755 1772 1789 1806 1823 1840
1193.1 1624 1643 1661 1679 1697 1716 1734 1752 1769 1786 1803 1820 1836
1248.3 1622 1640 1658 1677 1695 1713 1731 1749 1766 1783 1800 1817 1833
1303.4 1620 1638 1656 1674 1692 1710 1728 1746 1763 1780 1797 1814 1830
1358.6 1618 1636 1654 1672 1690 1708 1725 1743 1760 1777 1794 1811 1827
1413.8 1616 1634 1652 1669 1687 1705 1723 1741 1758 1775 1792 1808 1824
1469.0 1614 1632 1649 1667 1685 1703 1721 1738 1755 1772 1789 1806 1822
1524.1 1612 1630 1648 1665 1683 1701 1718 1736 1753 1770 1787 1803 1819
1579.3 1610 1628 1646 1663 1681 1699 1716 1734 1751 1768 1784 1801 1817
1634.5 1609 1626 1644 1662 1679 1697 1714 1732 1749 1765 1782 1798 1815
1689.7 1607 1625 1642 1660 1677 1695 1712 1729 1747 1763 1780 1796 1812
1744.8 1606 1623 1641 1658 1676 1693 1710 1728 1745 1761 1778 1794 1810
1800.0 1604 1622 1639 1657 1674 1691 1709 1726 1743 1759 1776 1792 1808

Table 7: Specific entropy [kJ/kg · K] of the refrigerant as a function of the pressure P and the specific
enthalpy h.
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P [kPa] Tv [K] hl [kj/kg] hv [kj/kg]

200.0 263.1 186.6 392.6
241.0 267.9 193.0 395.5
282.1 272.1 198.6 398.0
323.1 275.9 203.7 400.2
364.1 279.3 208.3 402.2
405.1 282.5 212.6 403.9
446.2 285.4 216.6 405.5
487.2 288.1 220.4 407.0
528.2 290.6 223.9 408.4
569.2 293.0 227.3 409.7
610.3 295.3 230.5 410.9
651.3 297.4 233.5 412.0
692.3 299.5 236.5 413.0
733.3 301.5 239.3 414.0
774.4 303.3 242.0 414.9
815.4 305.1 244.6 415.8
856.4 306.9 247.2 416.6
897.4 308.6 249.6 417.4
938.5 310.2 252.0 418.1
979.5 311.8 254.4 418.8
1020.5 313.3 256.6 419.5
1061.5 314.8 258.8 420.1
1102.6 316.2 261.0 420.7
1143.6 317.6 263.1 421.3
1184.6 319.0 265.2 421.8
1225.6 320.3 267.2 422.4
1266.7 321.6 269.2 422.9
1307.7 322.8 271.1 423.3
1348.7 324.1 273.1 423.8
1389.7 325.3 274.9 424.2
1430.8 326.5 276.8 424.6
1471.8 327.6 278.6 425.0
1512.8 328.7 280.4 425.3
1553.8 329.8 282.2 425.7
1594.9 330.9 283.9 426.0
1635.9 332.0 285.6 426.3
1676.9 333.0 287.3 426.6
1717.9 334.1 289.0 426.9
1759.0 335.1 290.6 427.1
1800.0 336.0 292.3 427.4

Table 8: The vaporization temperature Tv, the saturated liquid enthalpy hl and the
saturated vapor enthalpy hv as a function of the pressure P .
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P [kPa]

T −Tb [K]
1 4.3 7.5 10.8 14 17.3 20.5 23.8 27 30.3 33.5 36.8 40

800 1069 1052 1040 1030 1023 1018 1014 1011 1009 1008 1007 1007 1008
862.5 1088 1070 1056 1046 1037 1031 1027 1023 1021 1019 1018 1018 1018
925 1108 1088 1072 1061 1051 1044 1039 1035 1032 1030 1028 1028 1027

987.5 1127 1105 1088 1075 1065 1057 1051 1047 1043 1040 1039 1037 1037
1050 1147 1123 1104 1090 1079 1070 1063 1058 1054 1051 1049 1047 1046

1112.5 1166 1140 1120 1105 1092 1083 1075 1069 1065 1061 1058 1056 1055
1175 1186 1158 1136 1119 1106 1095 1087 1080 1075 1071 1068 1066 1064

1237.5 1207 1176 1152 1134 1119 1108 1099 1091 1086 1081 1077 1075 1073
1300 1227 1194 1168 1148 1133 1120 1110 1102 1096 1091 1087 1084 1081

1362.5 1249 1212 1185 1163 1146 1133 1122 1113 1106 1100 1096 1092 1090
1425 1270 1231 1201 1178 1160 1145 1133 1124 1116 1110 1105 1101 1098

1487.5 1293 1250 1218 1193 1173 1157 1145 1135 1126 1120 1114 1110 1106
1550 1315 1269 1235 1208 1187 1170 1156 1145 1136 1129 1123 1118 1114

1612.5 1339 1289 1252 1223 1200 1182 1168 1156 1146 1138 1132 1127 1122
1675 1364 1310 1269 1238 1214 1195 1179 1167 1156 1148 1141 1135 1130

1737.5 1389 1330 1287 1254 1228 1207 1191 1177 1166 1157 1149 1143 1138
1800 1415 1352 1305 1270 1242 1220 1202 1188 1176 1166 1158 1151 1146

Table 9: Specfic heat capacity [J/kg ·K] of vapor refrigerant as a function of the pressure P and the
temperature T . In the Table the temperature is shown as the degrees of super heat T − Tb.

P [kPa]

Tb− T [K]
1 1.9 2.8 3.8 4.7 5.6 6.5 7.4 8.3 9.3 10.2 11.1 12

800 1448 1443 1439 1435 1430 1426 1422 1418 1415 1411 1407 1404 1400
862.5 1460 1456 1451 1446 1442 1438 1433 1429 1425 1421 1417 1414 1410
925 1473 1468 1463 1458 1454 1449 1444 1440 1436 1432 1427 1423 1420

987.5 1486 1481 1475 1470 1465 1460 1455 1451 1446 1442 1438 1433 1429
1050 1499 1493 1488 1482 1477 1472 1467 1462 1457 1452 1448 1443 1439

1112.5 1512 1506 1500 1494 1489 1483 1478 1473 1467 1463 1458 1453 1448
1175 1526 1519 1513 1506 1500 1495 1489 1483 1478 1473 1468 1463 1458

1237.5 1539 1532 1525 1519 1512 1506 1500 1494 1489 1483 1478 1473 1468
1300 1553 1546 1539 1531 1525 1518 1512 1506 1500 1494 1488 1483 1478

1362.5 1568 1560 1552 1544 1537 1530 1523 1517 1511 1505 1499 1493 1487
1425 1582 1574 1565 1557 1550 1542 1535 1528 1522 1515 1509 1503 1497

1487.5 1597 1588 1579 1571 1563 1555 1547 1540 1533 1526 1520 1513 1507
1550 1613 1603 1593 1584 1576 1567 1559 1552 1544 1537 1530 1524 1517

1612.5 1629 1618 1608 1598 1589 1580 1572 1564 1556 1548 1541 1534 1527
1675 1645 1634 1623 1613 1603 1594 1585 1576 1568 1560 1552 1545 1538

1737.5 1662 1650 1638 1627 1617 1607 1598 1588 1580 1571 1563 1555 1548
1800 1680 1667 1654 1643 1632 1621 1611 1601 1592 1583 1575 1566 1559

Table 10: Specfic heat capacity [J/kg ·K] of liquid refrigerant given as a function of the pressure P
and the temperature T . In the Table the temperature is shown as the degrees of sub cooling T − Tb.
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