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Abstract

Coupling of turbomachine to reciprocating automotive engine in turbocharging
leads to complex fluid flow and thermal characteristics in the turbine. Some
undesirable characteristics include heat transfer, flow pulsation and secondary
flow due to the complex geometry of the upstream exhaust manifold. The
performed literature review exposed that there is a need for an enhanced un-
derstanding of the thermo-fluid physics of a turbocharger turbine operating
under realistic on-engine conditions, and on quantifying the impact on the per-
formance. Often, simplified set-ups and geometries are employed, neglecting
the heat transfer.

This dissertation aimed to improve the quality of heat transfer analysis in
a turbocharger turbine, and to enhance the understanding of aerothermody-
namic effects due to heat transfer on the performance under engine-like pulsatile
flow scenarios. Firstly, a flow exergy based analysis was developed to be used
with the input provided by three-dimensional flow field data predicted by De-
tached Eddy Simulation (DES). Its applicability to identify and to quantify the
aerothermodynamic related losses due to heat transfer was thoroughly investi-
gated with a set-up replicating a hot gas stand continuous flow scenario. Next,
the developed methodology was applied to engine-like pulsatile flow scenar-
ios, to investigate the effects of flow pulsation and the influences of upstream
exhaust manifold on the heat transfer and turbine performance. For the inves-
tigated geometry and specified boundary conditions, this dissertation mainly
concluded that 1) The most sensitive measures associated with heat loss are
the flow exergy lost via heat transfer and the thermal irreversibilities. The
influence of heat loss on turbine power reduction is small in a relative sense,
and 2) Although the exhaust manifold characteristics govern the fundamental
flow physics and heat transfer in the scroll, its impact on the turbine power
seems to be small relatively.

The contributions with this dissertation were mainly twofold. Firstly, it
contributes to a deeper understanding of the thermo-fluid physics of a tur-
bocharger turbine operating under engine-like pulsating flow scenario. This
knowledge might be useful for industrial product development in the future.
Secondly, from academic perspective, the flow exergy budget analysis could
potentially serve as a practical example to students in connecting the dots be-
tween classroom theory and real life engineering application.

Descriptors: pulsatile exhaust flow, turbine, turbocharger, Detached Eddy
Simulation, heat transfer, exergy
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Sammanfattning
Installation av turboaggregat i kolvmotorer leder generellt till ofördelaktiga
driftsförhållanden och flödesfenomen för turbindelen av aggregatet. Bland
dessa kan nämnas värmeöverföring, pulserande flöden och svårartade sekundära
flöden på grund av den komplicerade geometrin i grenröret som förser turbinen
med avgaser från motorns cylindrar. En genomlysning av litteraturen på om-
rådet visade att det finns ett behov av ökad förståelse för vilka fysikaliska
processer som är avgörande för turbinens prestanda under realistiska drifts-
förhållanden. Ofta används förenklade geometrier och värmeöverföringen är i
regel försummad.

Målsättningen med avhandlingen är att förbättra analysmetoderna för tur-
biner i turbo-överladdare, och att öka förståelsen för aero-termodynamiska
effekter på grund av värmeöverföring under realistiska driftsförållanden i en
motors pulserande flöden. Tredimensionella hastighetsfält, predikterande med
“Detached Eddy Simulation” (DES), användes initialt för att utveckla en metodik
baserad på strömningsexergi. Denna metodiks lämplighet för identifiering och
kvantifiering av irreversibla förluster genererade av värmeöverföring undersök-
tes i en konfiguration som återskapar förhållanden i en kontinuerligt ström-
mande, het gas. Samma metodik tillämpades sedan på mer realistiska förhål-
landen för en motor, med pulserande flöden, för att undersöka effekterna av
grenrörets komplicerade geometri på värmeöverföring och turbinens prestanda.
De viktigaste slutsatserna i avhandlingen, givet den specificerade geometrin
och andra omgivande betingelser, är: 1) Den känsligaste mekanismen förknip-
pad med värmeförluster är förlusten av strömningsexergi via värme-överföring
och termiska irreversibiliteter. Däremot leder inte värmeförlusterna till någon
större minskning av turbinens producerade effekt, relativt sett, och 2) Trots
att både strömning och värmeöverföring i inloppet till turbinens var starkt
beroende av förhållandena av grenröret, var turbinens uteffekt relativt okänslig
för detta.

Bidrag till ny kunskap från denna avhandling kan huvudsakligen sam-
manfattas i två punkter. För det första bidrar avhandlingen till en djupare
förståelse för de fysikaliska mekanismerna som råder i en turbo-överladdare
vid realistiska, pulserande strömningsförhållanden i en motor. Denna kunskap
kan vara användbar för framtida produktutveckling. För det andra har, från
ett akademiskt perspektiv, strömningsexergibudgetanalysen potential att tjäna
som gott exempel för studenter på hur teorin från klassrummet kan tillämpas
på verkliga ingenjörsproblem.

Deskriptorer: pulserande avgasflöde, turbin, turbo-överladdares, Detached
Eddy Simulation, värmeöverföring, exergi
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Preface

Looking backwards 12 years ago, my life was still like a scatter plot with ran-
dom dots as a fresh graduate with mechanical engineering degree. However, I
have been very fortunate to work with the world top class engineers in Japan,
to learn from the brightest professionals in turbomachinery via the Erasmus
Mundus THRUST program at KTH Heat and Power Technology and at Duke
University, as well as to conduct doctoral research at KTH Mechanics with the
most passionate thermodynamics and fluid mechanics experts I have ever met.
Thanks to the great experiences with the greatest people I have met up un-
til now, the scattered dots between classroom theory and real life engineering
finally started to connect in my life, as reflected in this dissertation.

This dissertation represents a scientific research effort to improve the under-
standing of the thermo-fluid physics associated with flow pulsations, secondary
flow induced by the presence of upstream exhaust manifold, and heat transfer
in a turbocharger turbine operating under realistic on-engine conditions. It is
organized in the form of a thesis compilation, in which 4 papers are appended.
The reader is recommended to read Part I of the dissertation first to get an
overview of the research motivations, and the highlights of the results. Then,
the interested reader can further explore the detail of the doctoral work by
reading the appended papers in Part II. Due to copyright issue, the papers
appended in Part II are removed in the on-line version of the dissertation.
Nevertheless, the published papers are available for download on the respective
publishers’ website.

The journey in writing this dissertation has been intellectually challeng-
ing, but mentally fulfilling at the same time. The writing might be imperfect
because of my inexperience and immature skills. I welcome the opportunity to
hear your opinions of how the studies and the writing might be improved, to
listen your interpretation of the results, as well as to discuss the possibilities of
incorporating the scientific findings for industrial product development. With
the trust of my guts and destiny, I believe that the dots you give me today, will
somehow connect in my future. Thank you and I hope that you enjoy reading
this dissertation.

December 2018, Stockholm
Shyang Maw Lim
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Quality is much better than quantity. One home run is

much better than doubles.

Steve Jobs (1955�2011)

vi



Contents

Abstract iii

Preface v

Part I - Overview, Highlights and Outlook ix

Chapter 1. Introduction 1
1.1. Global standards on fuel economy and emissions 1
1.2. Turbocharging and turbocharger 3
1.3. Heat transfer in turbochargers 5
1.4. Pulsatile flow in turbocharger turbine 8
1.5. The challenges 11
1.6. Objectives and scope 12
1.7. Contributions 12

Chapter 2. Turbine performance assessment 14
2.1. Current state-of-the-art 14
2.2. The flow exergy 19
2.3. Bejan number 25

Chapter 3. Flow modeling and numerical tools 26
3.1. The compressible flow governing equations 26
3.2. Turbulence modeling 28
3.3. Numerical methods 35

Chapter 4. Sensitivity studies and method verification 39
4.1. The computational domain and grid 39
4.2. Boundary conditions 41
4.3. Methodology 42
4.4. Grid convergence study 43

vii



4.5. Degrees of rotor’s rotation per time-step impact 49
4.6. Stationary-rotating interface type sensitivity 53
4.7. Turbulence modeling impact 58

Chapter 5. Highlights of the results 65
5.1. Limitation of the first law of thermodynamics 66
5.2. Flow exergy based methodology development 67
5.3. Effects of heat transfer in pulsatile flow turbine 69
5.4. Effects of upstream exhaust manifold 71

Chapter 6. Summary and outlook 76
6.1. Conclusions 76
6.2. Limitations 77
6.3. Future challenges 77

Chapter 7. Publications 79
7.1. The doctoral project 79
7.2. Division of work 79
7.3. Other publications 81

Acknowledgements 82

Bibliography 84

Part II - Papers 89

viii



Part I

Overview, Highlights and Outlook





CHAPTER 1

Introduction

Although Alfred Büchi had proposed and invented turbocharging more than a
century ago in 1905, extensive development and application of the technology
in motor vehicles have only been started about 30 years ago (e.g., see Refs.
Ninković 2014; Watson & Janota 1982). The prevalence of turbocharging in
automotive industry is mainly driven by the establishment of stricter legis-
lation in fuel consumption and tail-pipe emissions in different regions of the
world since 1980s (Ninković 2014). This chapter starts with an overview of
the trend in global standards on fuel economy and greenhouse gas emissions,
and discusses the near future prospects of turbocharging. Next, the chapter
briefly explains the working principle of turbocharging, and describes the main
characteristics associated with a turbocharger turbine, which is the object of
study in this dissertation. Then, the identified research and knowledge gaps
are presented as an outcome of the carried out literature review with respect to
the current state-of-the-art in turbocharger turbine research considering heat
transfer and pulsatile flow scenarios. Eventually, the outcomes of the reviews
serve as essential evidence in defining the research scopes, objectives, and ques-
tions. Finally, this chapter ends with discussions about the contributions of the
scientific studies presented in this dissertation.

1.1. Global standards on fuel economy and emissions

Stricter legislation has been enforced to improve fuel economy and to reduce
tail-pipe emissions of automotive vehicles worldwide in the past decades. As an
example, Fig. 1.1(a) compares the fuel economy legislation standards among
four major automobile markets, i.e. the United States (US), European Union
(EU), Japan and China. Although the standards vary among countries/regions
in terms of target and execution timeline, in general, there is a clear trend to-
wards more efficient usage of fuel in automotive vehicles, i.e. burning less fuel
for a given traveled distance. As for the legislation of greenhouse gas emissions,
using CO2 emission as an example, it can be observed from Fig. 1.1(b) that
each market is striving towards lower emission level. Note in Fig. 1.1 that dras-
tic change in legislation standards occurred in year 2005 (especially Europe),
and this signifies the start of stricter environmental policies implementation.

1



2 1. INTRODUCTION

2000 2005 2010 2015 2020 2025 2030

2

4

6

8

10

12

F
u
el

 c
o
n
su

m
p
ti

o
n

l
1
0
0
 k

m
 

 

2000 2005 2010 2015 2020 2025 2030
2

4

6

8

10

12

Europe

Japan

China

United States

Year

(a) Fuel economy

2000 2005 2010 2015 2020 2025 2030

50

100

150

200

250

300

C
O

2
 e

m
is

si
o
n

g
k
m

 
 

2000 2005 2010 2015 2020 2025 2030
2

4

6

8

10

12

Europe

Japan

China

United States

Year

(b) Greenhouse gas emission

Figure 1.1: Comparison of the legislation standards for new vehicles among ma-
jor automobile markets in (a) Fuel economy, and (b) Greenhouse gas emission.
Dashed lines denotes the proposed standards in development. For standardized
comparison purpose, the ordinates in (a) and (b) are converted to CAFE1 and
NEDC2 test cycle, respectively. Adapted from An et al. (2011).

Therefore, it is of vital importance for automakers continuously seeking innova-
tive technologies to meet legislation requirements, as well as to fulfill corporate
environmental responsibility.

Currently, there is a diverse range of competence technologies available to
improve fuel economy and to reduce greenhouse gas emissions of automotive
vehicles. Although most of the technologies are commercially available, IEA
(2012) reported that some of the technologies have difficulties to penetrate
and gain satisfactory market share. For example, a statistical survey by IEA
(2016) showed that the total market share for electric cars was as low as 0.9%
in year 2015. One of the reasons might be the associated high cost in electric
cars, e.g. a battery electric vehicle (BEV) is estimated to cost an additional
US$16,000 (≈e14,000) in retail price as compared to gasoline internal com-
bustion engine (ICE) automobile (National Research Council 2013). A lower
cost and yet mature available technology to reduce emissions and to increase
the fuel efficiency of automobiles is the so called engine downsizing. Literally,

1CAFE is the abbreviation of Corporate Average Fuel Economy. It is the regulations to
improve fuel economy in passenger cars and light trucks for the United States automotive
markets.
2NEDC is the abbreviation of New European Driving Cycle. It is the regulations to access
the emission level and fuel economy in passenger cars in Europe.
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engine downsizing means improving power output while reducing the engine
size, whereby the associated unavoidable performance loss is compensated by
the use of turbocharging (Ninković 2014). IEA (2012) estimated that there is a
potential to reduce the vehicle fuel usage by 17% with strong engine downsiz-
ing, and the additional cost is only e520 (≈ US$588). More information about
turbocharging is given in the next section.

1.2. Turbocharging and turbocharger

The engine power output Ẇengine in Watt (W) is given by

Ẇengine = C · nengine · pme · Vsw , (1.1)

where nengine is the engine speed in revolution per second (rps). C is a dimen-
sionless constant depending on the engine type, i.e. 1 for two-stroke engine
and 1/2 for four-stroke engine. pme is the Brake Mean Effective Pressure in
N/m2, and Vsw is the swept cylinder volume in m3. (·) denotes the mathematic
multiplication operation.

From Eqn. (1.1), it is clear that higher Ẇengine could be achieved by in-
creasing (1) Vsw, (2) nengine or (3) pme. Method (1) has the disadvantage of
increasing the engine size, which in turn increases the engine weight and fric-
tion loss. Method (2) is also unfavorable because friction loss increases with
nengine, which in turn reduces pme and consequently leads to lower Ẇengine.
Therefore, in order to increase Ẇengine, it is important to increase pme, while
maintaining low Vsw and nengine. pme could potentially be increased via tur-
bocharging, in which air at density greater than that of the ambient level is
fed into the engine cylinder by using a compressor. The mechanical energy
needed to drive the compressor is obtained by expanding the otherwise wasted
available exhaust gas through a turbine, linked to the compressor via a com-
mon shaft. The working principle of turbocharging is illustrated graphically in
Fig. 1.2(a).

The discussions above show that turbocharging can be used in two ways,
i.e. (1) Increasing Ẇengine while keeping Vsw unchanged, or (2) Maintaining
the same level of Ẇengine with smaller Vsw. The later contributes to engine
size reduction due to smaller Vsw, and this is the so called engine downsizing
as mentioned in Sec. 1.1. Engine downsizing has a positive impact on both fuel
economy and greenhouse gas emissions. As an example, the brake specific fuel
consumption (bsfc) contours of a turbocharged engine are compared with a
naturally aspirated version of the same spark-ignition (SI) engine in the engine
performance map shown in Fig. 1.2(b). bsfc is the fuel consumption rate per
unit engine power output, as defined by Eqn. (1.2).

bsfc =
r

Ẇengine

=
r

τengine · nengine
, (1.2)
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Figure 1.2: (a) Turbocharging (b) Effects of turbocharging on bsfc. (a)
and (b) are adapted from an image in https://www.turbobygarrett.com/
turbobygarrett/basic and a figure in Heywood (1988), respectively. The
ordinate and abscissa in (b) are normalized by the maximum torque and max-
imum mean engine piston speed, respectively.

where r is the fuel mass consumption rate in g/h and τengine is the engine
output torque in kNm. Here, nengine is in rad/s such that bsfc has the unit of
g/(kW h).

From Fig. 1.2(b), it is obvious that bsfc is smaller for the turbocharged
engine in low-speed and low-torque (or part-load) region, as compared to the
naturally aspirated engine. Note that at high-speed and high-torque (or high-
load) region, the naturally aspirated engine has an advantage over turbocharged
engine in term of bsfc due to reasons like higher compression ratio and less
enrichment (Heywood 1988). However, the driving cycle of a typical vehicle
normally concentrates in the low-speed and low-torque region. This signifies
that a turbocharged engine has better fuel economy in average, as compared
to a naturally aspirated engine.

The device that performs turbocharging is called turbocharger. Figure 1.3
shows the cutaway view of an automotive turbocharger assembly, which was
used in the studies presented in this dissertation. In general, a turbocharger
consists of a radial turbine rotor and a radial compressor impeller connected
via a common shaft. The hot exhaust gases from the cylinder enter the exhaust
manifold are to be directed and distributed circumferentially into the turbine
rotor by a spiral shaped pipe, i.e. the scroll. The hot exhaust gases are ulti-
mately being discharged into an outlet casing after expansion in the rotating
rotor. As for the compressor side, ambient air is sucked into the compressor

https://www.turbobygarrett.com/turbobygarrett/basic
https://www.turbobygarrett.com/turbobygarrett/basic
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Ambient air

Shaft
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Figure 1.3: A turbocharger assembly in cutaway view. Red and blue arrows
show the flow paths of hot exhaust gas and air in the turbine and compressor,
respectively. Geometry courtesy of BorgWarner.

impeller via an intake pipe. The compressed air flows around a volute before
being guided into the engine cylinders for combustion. A high speed rotating
shaft together with its bearing are enclosed in a bearing housing. Lubricating
oil is filled in the small clearance between the shaft and the bearing to reduce
mechanical friction and to enhance the lifespan of the turbocharger. A waste-
gate is coupled with a control system to bypass a fraction of the exhaust gas
into the outlet casing without going through the turbine rotor. The control sys-
tem is normally activated at high engine speed to limit the turbine power. It is
worth noting that there exists other turbocharger assembly configurations (e.g.
twin scroll, variable turbine, water-cooled). The interested reader is referred to
turbochargers and turbocharging books (e.g., see Refs. Watson & Janota 1982;
Baines 2005) for more information.

1.3. Heat transfer in turbochargers

Figure 1.4(a) shows a turbocharger operating under an engine-like condition.
As the exhaust gas temperature could be higher than 900oC, the metallic walls
of the exhaust manifolds and the turbine are red glowing. On the other hand,
relatively cold air is flowing through the compressor and its downstream pipes.
It is worth noting that the red glowing turbine and exhaust manifolds are
also known as the hot side, whereas the compressor is often called the cold
side. Since there is a temperature gradient between the hot side and the cold
side, as well as between the hot side and the surroundings, one could imagine
and expect significant amount of heat loss from the turbine. In fact, Burke
et al. (2015) showed experimentally that the magnitude of the heat loss for
the turbine can be as large as 1.5 times the expansion work of the turbine at
operating conditions corresponding to low engine speed. The above discussions
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Figure 1.4: Characteristics of turbocharger turbine. (a) A
turbocharger in operation on engine test stand. Adapted
from an image in https://www.carthrottle.com/post/
the-difference-between-turbos-superchargers-explained/ (b) Venn
diagram showing the interactions of the main characteristics associated with a
turbocharger turbine.

indicate that heat transfer is an unavoidable issue in turbochargers. For details
about the heat transfer in turbochargers, the reader is referred to the review
of Romagnoli et al. (2017). On the basis of an extended literature review that
included the review outcomes of Romagnoli et al. (2017), it has been identified
the need for research within the scope of heat transfer in turbochargers.

Figure 1.5 shows the most relevant areas of turbochargers heat transfer re-
search, using the categorization by Romagnoli et al. (2017). The segmental size
in the pie chart represents the percentage of works in the specific scope with
respect to the total number of studies appearing in Romagnoli et al. (2017). As
a single publication might cover a number of research areas, the total number
of studies is not equivalent to the total number of publications. The citation
analysis shows that a clear majority, about 46%, of the research areas are at-
tributing to the investigations of heat flux in turbochargers and of parameters
affecting heat transfer, as well as of the effects of coolants and cooling. This
result is not surprising as the heat flow mechanisms in turbochargers are not
universal, with high sensitivity to several factors, e.g. the turbochargers struc-
tural assembly, operating conditions, bearing oil and water temperature (in
case of water-cooled turbocharger) (Aghaali et al. 2015). Driven by the fact
that in real operation, a turbocharger works under frequent and rapid change of

https://www.carthrottle.com/post/the-difference-between-turbos-superchargers-explained/
https://www.carthrottle.com/post/the-difference-between-turbos-superchargers-explained/
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Figure 1.5: An overview of turbocharger heat transfer research activities. The
analysis is based on the review outcomes by Romagnoli et al. (2017). Total
number of studies is 77. Note that this value is not the total number of publi-
cations, as a single publication might target several research categories.

thermo-fluid conditions, the transient analysis of heat transfer is also an active
research area, occupying 10% of the pie chart.

In the industry, it is customary to estimate the turbomachine work from in-
let and outlet temperature differences of the working fluid. Inaccurate tempera-
ture measurements at the inlet/outlet of the compressor and the turbine due to
heat transfer would lead to inappropriate accounting of heat removal/addition
as work transfer, which would result in erroneous performance maps. From an
industrial perspective, such erroneous performance maps would cause uncer-
tainty in turbomachine design and development, and would increase the risk
of sub-optimal turbocharged engine system performance. The industrial needs
discussed above potentially account for one third of the research focus in the
area of correcting the compressor/turbine maps under diabatic (non-adiabatic)
conditions, improving the methodology to predict performances under diabatic
conditions, quantifying the diabatic and adiabatic efficiency as well as esti-
mating the actual turbomachines work. Furthermore, as safety and durability
are uncompromising engineering requirements of turbochargers, a considerable
attention of about 11% has been accounted for the structural analysis of tur-
bochargers, including the investigations about the influence of individual com-
ponents on heat transfer and the structural effects due to heat transfer. On the
other hand, although a turbocharger in real operation is mounted on an engine,
the citation analysis shows that the fraction of research about on-engine effects
of heat transfer in turbochargers is as low as 3%.
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From aerothermodynamics perspective, heat loss has negative effects on
the performance of turbomachines in general. A possible aerothermodynamic
effect due to heat transfer is the change of gas properties (i.e. density, viscos-
ity), which in turn affects the extracted power (for turbine) as a consequence of
changes in the velocity triangle. Generally, aerothermodynamic effects due to
heat transfer are investigated by comparing the performance maps measured
under adiabatic and diabatic scenarios. Shaaban & Seume (2012) observed
experimentally that the turbine power estimated under diabatic conditions is
about 55% lower as compared to adiabatic scenarios. This result indicates that
the effect of heat transfer on the performance is significant. On the other hand,
some studies reported that the aerothermodynamic effects on performance due
to heat transfer is small. For example, the difference in the pressure ratio char-
acteristics measured under adiabatic and diabatic scenarios were reported to be
insignificant by Sirakov & Casey (2013). Moreover, it is interesting to mention
that with a similar turbocharger as in Shaaban & Seume (2012), Serrano et al.
(2007) observed insignificant differences or even a 2-4% increase in turbine effi-
ciency when comparing the diabatic to adiabatic performance experimentally.

Inconsistent reports about the aerothermodynamic effects due to heat trans-
fer on turbine performance discussed above might be caused by factors such as
the turbochargers geometry configuration, cooling and inlet temperature, which
all may lead to changes on the heat transfer level. Non-aerothermodynamic
factors like the difference in bearing oil viscosity, which affects the mechanical
friction and eventually the experimentally estimated turbine work, might also
play a role. The discussions above indicate that looking at the conventional
turbomachinery global performance metrics (e.g. pressure ratio, efficiency) is
insufficient to evaluate the aerothermodynamic effects due to heat transfer on
performance. Furthermore, while the customary first law of thermodynamics
based energy balance is useful in research areas like the quantification of heat
fluxes, as well as the comparison of diabatic and adiabatic performance, it does
not allow us to identify and to quantify all the thermo-fluid physical mecha-
nisms associated with the heat transfer. Therefore, the underlying thermo-fluid
physics on how heat transfer affects the turbochargers performance remain un-
clear.

1.4. Pulsatile �ow in turbocharger turbine

The first investigation about the performance of a pulsed flow turbocharger
turbine was conducted in detail more than three decades ago, as according to
Baines (2010). Although an exhaust manifold is mounted to the upstream side
of the turbine in automotive applications, the presence of the exhaust manifold
is often ignored in many of the studies. Generally, customary pulsatile flow
test rig has a straight pipe mounted to the turbine inlet (e.g., see Refs. Dale
& Watson 1986; Laurantzon et al. 2012). By using an electrically driven pulse
generator, usually consisting of rotary valves, periodic pulsating flow, imitating
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the exhaust pulse in terms of frequency and shapes is fed into the turbine. In
order to avoid water vapour condensation during the expansion process in the
turbine, the working fluid (i.e. air) is electrically heated to about 350 K. Since
the temperature of the working fluid is low as compared to the exhaust gas,
and temperature gradients are kept to minimum, the measured change of state
of the working fluid is expected to be approximately adiabatic. For works on
pulsatile turbines using Computational Fluid Dynamics (CFD), most of the
computational models replicate the experiment test rig with a straight inlet
pipe configuration. This is not surprising because the boundary conditions for
CFD studies depend on the experimentally measured data in the pulsatile test
rig as discussed before. In addition to the adiabatic assumption, the flow at
turbine inlet is assumed to be normal to and uniformly distributed over the
inlet area section (e.g., see Refs. Palfreyman & Martinez-Botas 2005; Padzillah
et al. 2014; Galindo et al. 2013). The experiment and computational setups
discussed before indicate that the heat loss phenomena and the possible ef-
fects associated with the secondary flow caused by the presence of the exhaust
manifold are essentially ignored. This corresponds to region I in the Venn dia-
gram (which shows the interactions of the main characteristics associated with
a turbocharger turbine) presented in Fig. 1.4(b). In spite of that, researchers
could focus their investigations on the effects of periodic flow pulsation on per-
formance under controlled experiment conditions. Within the framework of
simplified configurations with a straight inlet pipe and adiabatic conditions, it
is well known that the turbine characteristics measured under pulsatile flow
scenarios deviate from that of measured under steady continuous flow scenar-
ios, including the presence of a hysteresis loop in the performance maps (e.g.,
see Refs. Dale & Watson 1986; Arcoumanis et al. 1995; Szymko et al. 2005).
Instantaneous flow conditions at the inlet and outlet of the rotor have been ob-
served to change significantly over a pulse period (e.g., see Refs. Yeo & Baines
1990; Karamanis et al. 2000). This has provided evidence that under pulsatile
flow conditions, a turbine operates far from its designed optimum condition
under the assumption of continuous steady flow.

Hellstrom & Fuchs (2009) incorporated the exhaust manifold to the up-
stream of a radial turbine in their Large Eddy Simulation (LES) calculations.
Under adiabatic wall assumption, their study with realistic engine flow bound-
ary conditions showed that complex exhaust manifold geometry could be the
source of flow non-uniformity into the turbine. Realizing the absence of com-
plex turbine inflow conditions in the upstream straight pipe configuration as
described before, some researchers have tried to introduce secondary flow in ad-
dition to flow pulsation at the turbine inlet in their investigations. For example,
Kalpakli et al. (2012) simplified the physical problem by installing a 90o bend
pipe to the turbine inlet in a cold-flow pulsatile test rig. Flow visualization
with time-resolved stereoscopic particle image velocimetry (PIV) showed that
Dean vortices initially appear and ultimately disappear during the acceleration
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phase of the pulse period, and a re-establishment of the counter rotating vor-
tices were observed during the deceleration phase of the pulse period (Kalpakli
et al. 2012). Although time-averaged turbine performance maps measured un-
der the experimental set-ups with a straight, and a 90o bended pipe were almost
identical, the hysteresis loops observed for the two configurations were different
(Kalpakli et al. 2012).

Undoubtedly, the study by Kalpakli et al. (2012) has provided us not only
good knowledge about the flow dynamics at the turbine inlet, but also enlight-
ened us about the combined effects of secondary flow and flow pulsation on
the turbine performance. Although replacing the exhaust manifold geometry
with a 90o bended pipe is an over simplification from ICE application perspec-
tive, the experimental work by Kalpakli et al. (2012) constitutes an important
research study. As a result, some researchers strived towards a better assess-
ment of the influence of upstream geometry with more advanced test rigs. For
example, in contrast to the customary pulse generator with rotating valves as
discussed before, Marelli & Capobianco (2011) and Lyttek et al. (2017) used
cylinders head equipped with Variable Valve Actuation (VAA) system as pulse
generator. The exhaust manifold was installed at the downstream of the pulse
generator to generate secondary flow in addition to flow pulsation into the tur-
bine. By carefully controlling the valve stroke and opening speed, experimental
investigations of turbine performance for various pulse shapes, frequencies and
amplitudes could be performed. However, as the working fluid is air of com-
paratively low temperature at about 300 - 400 K (Marelli & Capobianco 2011;
Lyttek et al. 2017), non-isothermal flow characteristic and heat loss phenomena
as present in the ICE are still excluded. It is worth noting that the examples
discussed above (Hellstrom & Fuchs 2009; Kalpakli et al. 2012; Marelli & Capo-
bianco 2011; Lyttek et al. 2017) represents the works in region II of the Venn
diagram in Fig. 1.4(b).

In order to reproduce the flow and thermodynamic characteristics of the
exhaust gas at the turbine inlet, one could install the exhaust manifold and
turbocharger on an ICE. This direct method is often known as on-engine test
(e.g., see Refs. Romagnoli & Martinez-Botas 2012a; Burke et al. 2015). An-
other possible approach is detaching the original turbocharger from the ICE,
and effectively using the ICE as a pulse generator to feed the turbine with hot
and pulsatile exhaust gas through the exhaust manifold (Galindo et al. 2006).
This type of configuration includes all the main characteristics present in an au-
tomotive turbocharger turbine as shown in the region III of the Venn diagram
in Fig. 1.4(b). Measuring the time-varying thermo-fluid parameters in an au-
tomotive turbocharging engine circuit remains difficult (Marelli & Capobianco
2009; Avola et al. 2017; Romagnoli et al. 2017). Examples of experimental
challenges are measurement uncertainties associated with sensor positioning in
a highly 3D flow field, low sensor frequency response and data filtering tech-
niques (e.g., see Refs. Marelli & Capobianco 2009; Avola et al. 2017). Moreover,
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understanding the underlying thermo-fluid physics under such a configuration
via flow visualization is also technically challenging due to space constraint and
due to the harsh operating environment.

Customarily, the performance optimization process of an automotive en-
gine system involves iterative engine simulations over many engine operating
points. Driven by the industrial needs for fast and low-cost performance predic-
tion tools, various zero- (0D) and one-dimensional (1D) models with different
degrees of modeling complexity have been developed. In addition to solve the
1D mass, momentum and energy conservation equations for a pipe flow, these
modeling approaches often require inputs from performance maps measured
under steady continuous flow scenario as look-up tables. The validity of the
models depends on factors like geometrical representations, correlation methods
with experiment measurements, and empirical aerothermodynamic loss mod-
els (e.g., see Refs. Baines 2010; Avola et al. 2017). An extensive calibration
using experiment data is necessary before using the 0D/1D models (e.g., see
Refs. Aghaali & Ångström 2012; Avola et al. 2017). It is clear that carefully
calibrated 0D/1D models can be used as cost-effective performance prediction
tools. However, under such circumstances, the thermo-fluid physics effects as-
sociated with the highly non-uniform and non-isothermal pulsating flow in the
exhaust manifold and the turbine cannot be analyzed and fully understood in
order to build knowledge necessary to develop more efficient systems.

1.5. The challenges

The characteristics associated with a turbocharger turbine discussed in Secs. 1.3
and 1.4 could be summarized in a Venn diagram shown in Fig. 1.4(b). Ideally,
all the three main characteristics, i.e. (1) flow pulsation, (2) complex upstream
geometry, and (3) flow and heat transfer should be considered in any investi-
gation of a turbocharger turbine (i.e. region III in Fig. 1.4(b)). However, as
evident from the literature review in Sec. 1.4, a common strategy used to study
the pulsatile flow turbine is to exclude the exhaust manifold and heat transfer,
which corresponds to region I in the Venn diagram (e.g., see Refs. Dale & Wat-
son 1986; Laurantzon et al. 2012; Palfreyman & Martinez-Botas 2005; Padzillah
et al. 2014; Galindo et al. 2013). The key problem with this approach is that it
considers only the effects of flow pulsation, and the the combined effects of flow
pulsation and secondary flow on the heat loss and the performance could not be
studied. Some researchers have driven the development of knowledge to fill the
inherent gaps present in the strategy mentioned previously by targeting region
II in the Venn diagram (e.g., see Refs. Hellstrom & Fuchs 2009; Kalpakli et al.
2012; Marelli & Capobianco 2011; Lyttek et al. 2017). Unfortunately, since
a high temperature gas and heat transfer are not considered, the impacts of
highly non-isothermal unsteady flow are still missing. Although a few studies
have strived for the ideal approach by considering all the three main character-
istics of a turbocharger turbine as in region III of the Venn diagram (e.g., see
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Refs. Romagnoli & Martinez-Botas 2012a; Burke et al. 2015), it appears that
the challenges in experimental measurement and visualization under the harsh
environment of ICE have limited the analysis of the fundamental thermo-fluid
physics in turbocharger turbines. Furthermore, heat transfer research closely
follows the paradigm of the first law of thermodynamics based energy balance
method. This conventional methodology turns out to be insufficient in assisting
us to understand the aerothermodynamic effects due to heat transfer on the
turbine performance.

1.6. Objectives and scope

The objectives of this doctoral research project were twofold: 1) to improve
the current state-of-the-art in the analysis of turbocharger turbine involving
heat transfer, and 2) to understand the aerothermodynamic effects due to heat
loss on the performance under on-engine pulsatile flow scenarios. The scope of
the study was limited to the aerothermodynamic and the flow exergy analysis
on the hot side, and therefore the system boundary was constrained to the
fluid domain of exhaust manifold and turbine. To fill in the literature gaps as
discussed in Sec. 1.5, it was of special interest to answer the following research
questions.

1. How to quantify the aerothermodynamic losses in a turbine with heat
transfer?

2. What are the aerothermodynamic effects due to heat transfer on the
performance of a turbine?

3. What are the effects of flow pulsation in conjunction with the secondary
flow due to the presence of exhaust manifold on the thermo-fluid physics,
including the flow field, turbine power, aerothermodynamic losses and
heat transfer rate?

From the research objectives and questions mentioned above, it is un-
doubtedly that this doctoral study targeted region III of the Venn diagram in
Fig. 1.4(b). As clear from the literature review presented in Secs. 1.3 and 1.4,
addressing region III employing 1D modeling would not be the best strategy
to fulfill our research goals. Therefore, a high fidelity numerical computation
approach with Detached Eddy Simulation (DES), coupled with the boundary
conditions obtained from an experimentally calibrated 1D engine simulation
model, was adopted. Furthermore, a flow exergy methodology based on the
mass conservation, the first and second law of thermodynamics, was employed
to provide a detailed aerothermodynamic analysis.

1.7. Contributions

From an engine application perspective, this doctoral dissertation represents
a scientific research investigation into a turbocharger turbine involving all the
main characteristics: flow pulsation, upstream complex geometry, as well as
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flow and heat transfer. One of the key contributions of this dissertation is
the successful aerothermodynamic analysis with the flow exergy methodology,
in which the proposed method overcomes the limitations of conventional heat
transfer analysis approach with an energy based method. Furthermore, this
dissertation also demonstrated that the flow exergy methodology could pro-
vide quantitative insight into the low effectiveness of available energy extrac-
tion by the turbine system. This could potentially provide scientific evidence
in encouraging researchers to explore alternatives for better available energy
utilization.

This dissertation represents an application of the flow exergy methodology
in the study and analysis of aerothermodynamics and related phenomena in a
turbocharger turbine with heat transfer by using CFD data. From academic
perspective, the flow exergy budget analysis could potentially serve as a prac-
tical example to students in connecting the dots between classroom theory and
real life engineering applications.

With strategies based on studying the fluid flow through the turbine by ig-
noring the presence of the exhaust manifold and heat transfer, questions about
the validity of the analysis done under such a configuration remain unanswered.
The outcomes of the flow exergy and the flow field analyses would contribute
to a deeper understanding of the thermo-fluid physics associated with the pres-
ence of exhaust manifold. This is important as it provides the missing puzzle
pieces associated with the current state-of-the-art, and increases the awareness
about the pros and cons of current practices.



CHAPTER 2

Turbine performance assessment

This chapter starts with the descriptions about the commonly used energy
based metrics to represent the performance of a turbomachine. Along with
the discussions about the limitations associated with the customary metrics
based on the first law of thermodynamics, this chapter provides detail expla-
nations about the proposed flow exergy based method from fundamental fluid
mechanics and thermodynamics perspectives. It describes how using the flow
exergy method can potentially assist us in the process of understanding the
thermo-fluid physics in a turbocharger turbine involving heat transfer.

2.1. Current state-of-the-art

The performance of a turbocharger is commonly measured in a hot gas stand
under continuous flow conditions. The most widely used gas stand for perfor-
mance testing and component development is the two-loop circuit type. As
shown in Fig. 2.1, this type of hot gas stand consists of independent turbine
and compressor circuits. Instrumentations are positioned in the circuit to mea-
sure the mass flow rate, pressure, temperature, and shaft speed so that the
parameters related to the performance can be derived.

Maps of pressure ratio and efficiency over a range of volume flow rate are
customary used to describe the compressor characteristic and performance, as
shown in Fig. 2.2. Parameters depicted in Fig. 2.2 are defined and computed
as according to Eqns. (2.1) to (2.5). Note that subscript t denotes the total
quantity and subscript C means that the quantity refers to the compressor.
Furthermore, subscripts 1 and 5 refers to the inlet and outlet measurement
locations on the compressor side, respectively, as shown in Fig. 2.1.

1. Compressor pressure ratio πt,C [-]

πt,C =
Outlet air total absolute pressure [kPa]
Inlet air total absolute pressure [kPa]

=
p5t
p1t

.
(2.1)

14
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Figure 2.1: Two-loop hot gas stand. Adapted from SAE (2011).
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Figure 2.2: Compressor characteristic maps. (a) Pressure ratio, and (b) Effi-
ciency. The values on the abscissa and ordinate are not shown for proprietary
reasons. Courtesy of BorgWarner.

2. Compressor reduced volume flow rate V̇red,C [m3/s]

V̇red,C =
V̇1,C√

T1t/T1t,ref
, (2.2)
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where V̇1,C = ṁC/ [p1t/ (RairT1t)]. R is the specific gas constant in
J/(kg K), and mC is the compressor air mass flow in kg/s. ref in the
subscript is the abbreviation for reference.

3. Compressor reduced rotational speed nred,C [rpm]

nred,C =
ω√

T1t/T1t,ref
, (2.3)

where ω is the shaft speed, which is the same for both compressor and
turbine.

4. Compressor power ẆC [W]

ẆC = ṁCcp,air(T5t − T1t) , (2.4)

where cp is the specific heat at constant pressure.

5. Compressor isentropic total-to-total efficiency ηis,C [-]

ηis,C =
Isentropic total enthalpy rise across compressor stage

Total enthalpy rise across compressor stage

=
M his,C
M hC

=
ṁCcp,airT1t

[
π
(κair−1)/κair

t,C − 1
]

ṁCcp,air(T5t − T1t)

=
T1t
[
π
(κair−1)/κair

t,C − 1
]

(T5t − T1t)

=
Ẇis,C

ẆC

,

(2.5)

where κ is the specific heat ratio. Note that the compressor work ẆC depicted
in Eqn. (2.4) is derived from the measured total temperature difference at
locations further upstream and downstream of the compressor, as illustrated
in Fig. 2.1.

Similarly, the turbine can be characterized by using maps of turbine flow
parameter and efficiency over a range of pressure ratio, as shown in Fig. 2.3.
The definitions of the parameters in the maps are given below by Eqns. (2.6)
to (2.10). Note that the subscripts 6 and 8 refers to the inlet and outlet mea-
surement locations on the turbine side, respectively, as depicted in Fig. 2.1.
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Figure 2.3: Turbine characteristic maps. (a) Pressure ratio, and (b) Efficiency.
The values on the abscissa and ordinate are not shown for proprietry reasons.
Courtesy of BorgWarner.

1. Turbine pressure ratio π6t8s,T [-]

π6t8s,T =
Inlet gas total absolute pressure [kPa]

Outlet gas static absolute pressure [kPa]
=
p6t
p8s

, (2.6)

2. Turbine flow parameter TFP [kg/s ·
√
K/kPa]

TFP =
Turbine gas flow [kg/s] ·

√
Turbine inlet absolute temperature [K]

Turbine inlet total absolute pressure [kPa]

= ṁT

√
T6t
p6t

,

(2.7)

where ṁT is the turbine gas flow.

3. Turbine reduced rotational speed nred,T [rpm]

nred,T =
ω√

T6t/T6t,ref
. (2.8)
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4. Mechanical efficiency ηm [-]

ηm =
ẆC

ẆT

=
ẆC

ẆC + Ẇf

.

(2.9)

5. Combined turbine × mechanical efficiency ηis,T × ηm [-]

ηis,T × ηm =
Total enthalpy rise across compressor stage

Isenropic total enthalpy drop across turbine stage

=
M hC
M his,T

=
ṁCcp,air(T5t − T1t)

ṁT cp,exhT6t
[
1− π−(κexh−1)/κexh

6t8s,T

]

=
ẆC

Ẇis,T

,

(2.10)

where subscript exh is the abbreviation for exhaust gas. From Eqn. (2.9), it
can be seen that the turbine power ẆT is related to the compressor work ẆC

and friction losses Ẇf (associated with the bearing systems) by considering the
power balance on the common shaft. Although some special gas stand facilities
can measure turbine work directly by using dynamometer (Szymko et al. 2007),
direct turbine torque measurement by using dynamometer is uncommon in
industrial gas stands.

Strictly speaking, the customary performance metrics discussed above are
valid only under continuous flow and adiabatic conditions. For turbocharger
application, there exist efforts to modify the performance metrics discussed
above to account for the effects of heat transfer or flow pulsation. To avoid
reinventing the wheel in this dissertation, the reader is referred to the review
papers by Baines (2010) and Romagnoli et al. (2017) for the summary of dif-
ferent variations of performance metrics for pulsatile flow turbine and for the
scenario with heat transfer, respectively. One important observation from the
review outcomes by Baines (2010) and Romagnoli et al. (2017) is that various
proposed performance metrics are still based on the energy balance or the first
law of thermodynamics, in which information about the physical thermo-fluid
mechanisms associated with heat transfer and flow pulsation in a turbocharger
turbine could not be identified and quantified. Therefore, in this dissertation,
flow exergy based methodology is proposed to enhance the understanding of the
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thermo-fluid physics and its connection to the performance of a turbocharger
turbine.

2.2. The �ow exergy

To the best knowledge of the author, most of the derivation and discussions
about flow exergy found in thermodynamics text books (e.g., see Refs. Cengel
& Boles 1998; Moran et al. 2012) are given from the system perspective. The
system is usually defined (e.g. a throttle system, a turbine system), but the
details inside the system are commonly treated as a black box. In order to
deepen the understanding of flow exergy and its relationship to the thermo-
fluid physics, the flow exergy-balance equation is derived from the fundamental
fluid mechanics and thermodynamics principles in this section.

Reynolds transport theorem for a material volume V (t), i.e. a control
volume that travels and deforms within a fluid flow such that it always occupied
by the same specific collection of fluid particles, states that:

d

dt

ˆ

V (t)

F dV =

ˆ

V (t)

∂F

∂t
dV +

ˆ

A(t)

[F (u • n)] dA , (2.11)

where A(t) is the material surface, a surface that encloses the material volume
V (t). From the definition of material volume as mentioned before, no fluid
particles are allowed to leave or enter V (t), and therefore A(t) must travel at
local velocity of the fluid u. n is the unit normal of A(t) such that A(t) is
locally advancing along n when (u • n) > 0, and vice versa. F is an arbitrary
scalar variable.

Similarly, Reynolds transport theorem for an arbitrary moving control vol-
ume V ∗(t) states that:

d

dt

ˆ

V ∗(t)

F dV =

ˆ

V ∗(t)

∂F

∂t
dV +

ˆ

A∗(t)

[F (b • n)] dA , (2.12)

where b is the velocity of the arbitrary moving control surface A∗(t) that
encloses V ∗(t), and it is observed in the same frame of reference as that of u.
In general, b 6= u.

At a special moment of interest when V ∗(t) is instantaneously coincide
with V (t), we have V (t) = V ∗(t) and A(t) = A∗(t). It is worth noting that
at this particular coincidence moment, the total time derivative for both type
of control volumes is different, i.e. d/dt

´

V ∗(t)
F dV 6= d/dt

´

V (t)
F dV because

V ∗(t) and V (t) enclose different fluid particles. However, the volume integral
of ∂F/∂t (i.e. the temporal local rate of change of F ) and the surface integral
terms are similar for both type of control volumes at the coincidence moment.
Subtracting Eqn. (2.12) from Eqn. (2.11) and re-arrange:
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d

dt

ˆ

V (t)

F dV =

ˆ

V ∗(t)

∂F

∂t
dV +

ˆ

A∗(t)

[F (u− b) • n] dA . (2.13)

This is the general Reynolds transport theorem for an arbitrary moving
control volume V ∗(t). By appropriate choice of b, Eqn. (2.13) can be applied
to the control volume of choice (e.g. stationary, rotating, deforming, steadily
moving or accelerating). This general form of Reynold transport theorem is
particularly useful to apply to a turbine system, in which the system consists
of stationary and rotating components.

Setting F = ρ
(
e+ u2/2

)
, the total energy per unit mass, in Eqn. (2.13),

the first law of thermodynamics yields:

d

dt

ˆ

V (t)

ρ

(
e+

1

2
u2
)
dV =

ˆ

V (t)

ρ
D

Dt

(
e+

1

2
u2
)
dV

=
d

dt

ˆ

V ∗(t)

ρ

(
e+

1

2
u2
)
dV +

ˆ

A∗(t)

ρ

(
e+

1

2
u2
)

[(u− b) • n] dA

=

ˆ

A∗(t)

−p (u • n) dA+

ˆ

A∗(t)

u • (τττ • n) dA−
ˆ

A∗(t)

(q • n) dA ,

(2.14)

where e and u2/2 are the specific thermal/internal energy and mechanical en-
ergy, respectively. q is the heat flux density vector and (τττ • n) represents the
shear force per unit area projected on A∗(t). D/Dt is defined as below:

DF

Dt
=
∂F

∂t
+ u • ∇F , (2.15)

where the arbitrary scalar variable F , has been set to ρ
(
e+ u2/2

)
in Eqn. (2.14).

Adding d/dt
´

V ∗(t)
p dV+

´

A∗(t)
p [(u− b) • n] dA to both sides of Eqn. (2.14),

and using the definition of specific total enthalpy ht = h+ u2/2 = (e+ p/ρ) +
u2/2 gives:
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d

dt

ˆ

V (t)

ρht dV =

ˆ

V (t)

ρ
Dht
Dt

dV

=
d

dt

ˆ

V ∗(t)

ρht dV +

ˆ

A∗(t)

ρht [(u− b) • n] dA

=
d

dt

ˆ

V ∗(t)

p dV +

ˆ

A∗(t)

−p (b • n) dA+

ˆ

A∗(t)

u • (τττ • n) dA−
ˆ

A∗(t)

(q • n) dA ,

(2.16)
For a turbine system, b = 0 except at the rotating control volume in

the rotor where b = u 6= 0. Furthermore, u = 0 at all the stationary wall
boundaries. These conditions reduce the second and third terms on the right-
hand side of Eqn. (2.16) to

ˆ

A∗(t)

−p (b • n) dA+

ˆ

A∗(t)

u • (τττ • n) dA

=

ˆ

Arotor(t)

−p (u • n) dA+

ˆ

Arotor(t)

u • (τττ • n) dA

︸ ︷︷ ︸
−ẆT

+

ˆ

Ain,out(t)

u • (τττ • n) dA

︸ ︷︷ ︸
small

≈ −
ˆ

Arotor(t)

[(r× fT) •ΩΩΩ] dA ,

(2.17)
where Arotor(t) is the surface enclosing part of the control volume rotating
with the rotor. On the other hand, Ain,out(t) denotes the stationary parts of
the control surface at the inlet and outlet boundaries. r, fT and ΩΩΩ are the
position vector, the net force (pressure and shear forces) per unit area vector
and rotational speed vector of the rotor, respectively. Note that the first two
terms in the second line of Eqn. (2.17) represents the extracted turbine power
ẆT . The third term is the work rate from the contribution of shear stress
at the inlet and outlet surfaces of stationary control volume, and it is usually
small, as compared to ẆT .

For a fluid particle at rest in equilibrium with the environment (also known
as the dead state), the rate of change of its total enthalpy in the dead state hto
is zero implying
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d

dt

ˆ

V (t)

ρhto dV =

ˆ

V (t)

ρ
Dhto
Dt

dV

d

dt

ˆ

V ∗(t)

ρhto dV +

ˆ

A∗(t)

ρhto [(u− b) • n] dA

= 0 .

(2.18)

Substituting the simplification of the force terms as in Eqn. (2.17) into
Eqn. (2.16), and subtracting Eqn. 2.18 from the aforementioned substitution
result gives:

d

dt

ˆ

V ∗(t)

ρ (ht − hto) dV +

ˆ

A∗(t)

ρ (ht − hto) [(u− b) • n] dA

=
d

dt

ˆ

V ∗(t)

p dV −WT −
ˆ

A∗(t)

(q • n) dA .

(2.19)

Now, set F = ρs, the entropy per unit volume, in Eqn. (2.13), and use this
result together with the definition of entropy changes yields:

d

dt

ˆ

V (t)

ρs dV =

ˆ

V (t)

ρ
Ds

Dt
dV

=
d

dt

ˆ

V ∗(t)

ρs dV +

ˆ

A∗(t)

ρs [(u− b) • n] dA

= −
ˆ

A∗(t)

(q • n)

T
dA+ Ṡgen ,

(2.20)

The total irreversible entropy generation or production rate in the control
volume can be expanded as a volume integral of the local rate of irreversible
entropy production per unit volume (e.g., see Ref. Kundu et al. 2015)

Ṡgen =

ˆ

V ∗(t)

[
− q

T 2
(∇T )

]
dV

︸ ︷︷ ︸
Ṡgen,thermal

+

ˆ

V ∗(t)

Φ

T
dV

︸ ︷︷ ︸
Ṡgen,viscous

. (2.21)

The two terms on the right side of Eqn. (2.21) are the entropy generation
rate due to heat conduction across finite temperature differences and due to
viscous friction, respectively. Applying Fourier law of heat conduction, the sum
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of both terms in Eqn. (2.21) gives the total irreversible entropy generation rate
Ṡgen as below.

Ṡgen =

ˆ

V ∗(t)

[
λ

T 2
(∇T )

2

]
dV

︸ ︷︷ ︸
Ṡgen,thermal

+

ˆ

V ∗(t)

Φ

T
dV

︸ ︷︷ ︸
Ṡgen,viscous

, (2.22)

where λ is the thermal conductivity of the fluid. Φ is known as the mechanical
dissipation function, which represents the mechanical energy dissipation rate
per unit volume, and can be computed as:

Φ = τττ ::: ∇u
= τijSij

= 2µ

(
SijSij −

1

3
SkkSkk

)
,

(2.23)

Sij =
1

2

(
∂ui
∂xj

+
∂uj
∂xi

)
. (2.24)

For a fluid particle at rest in equilibrium with the environment, the rate of
change of its entropy in the dead state so is zero, which implies

d

dt

ˆ

V (t)

ρso dV =

ˆ

V (t)

ρ
Dso
Dt

dV

=
d

dt

ˆ

V ∗(t)

ρso dV +

ˆ

A∗(t)

ρso [(u− b) • n] dA

= 0 .

(2.25)

Subtracting Eqn. (2.25) from Eqn. (2.20), and multiplying the result by
To, i.e. the temperature of the environment in which a fluid particle is at rest
and in equilibrium with, yields:

To
d

dt

ˆ

V ∗(t)

ρ (s− so) dV + To

ˆ

A∗(t)

ρ (s− so) [(u− b) • n] dA =

−
ˆ

A∗(t)

To
T

(q • n) dA+ ToṠgen .

(2.26)

Subtracting Eqn. (2.26) from Eqn. (2.19) yields the flow exergy-balance
equation:
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d

dt

ˆ

V (t)

ρaf dV =

ˆ

V (t)

ρ
Daf
Dt

dV

=
d

dt

ˆ

V ∗(t)

ρaf dV

︸ ︷︷ ︸
A

+

ˆ

A∗(t)

ρaf [(u− b) • n] dA

︸ ︷︷ ︸
-B

= − ẆT︸︷︷︸
C

−
ˆ

A∗(t)

(
1− To

T

)
(q • n) dA

︸ ︷︷ ︸
D

−ToṠgen︸ ︷︷ ︸
E

+
d

dt

ˆ

V ∗(t)

p dV

︸ ︷︷ ︸
F

,

(2.27)

where af is the specific flow exergy of a fluid element as defined below

af = (ht − hto)− To(s− so) . (2.28)

It is clear from Eqn. (2.28) that af is a composite flow variable because
its value at a specified state depends not only on the specific properties of the
fluid element itself, but also relies on the specific properties of the environment
(denoted by subscript o) which the system is interacting with. By inspecting
Eqn. (2.28), it can be seen that af has the same unit as for specific energy,
i.e. J/kg. The value of af of a moving fluid is the theoretical maximum shaft
work per unit mass that can be fully extracted from the fluid as it is fed into
an open system that interacts with the environment until the fluid is brought
to rest in thermal and mechanical equilibrium with the environment (i.e. the
dead state).

A flow exergy budget/audit can be constructed by re-arranging Eqn. (2.27)
to:

B = C +D + E + (A− F ) . (2.29)

where B is the magnitude of the flux of flow exergy decrease between the inlet
and outlet of the considered control volume. Note that B has positive value
for a turbine system as according to the definition in Eqn. (2.27). According
to the flow exergy budget in Eqn. (2.29), the change of flow exergy flux B can
be due to C: the shaft work extracted from the system (positive for turbine),
D: the exergy gain/lost via heat transfer (positive for the case of heat loss, i.e.
(q • n) > 0 such that (1− To/T ) > 0), E: the flow exergy destroyed by total
irreversibilities due to entropy generation (= 0 as Ṡgen = 0), and (A− F ):
net unsteady effect within the system due to flow exergy accumulation and
unsteady pressure (which can be positive or negative instantaneously). An
analysis of the flow exergy budget by using the computed three-dimensional
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flow field data could assist us in identifying and quantifying the thermo-fluid
physics associated with the heat transfer in a turbocharger turbine.

2.3. Bejan number

As mentioned in Eqn. (2.22), the total irreversible entropy generation rate
Ṡgen can be attributed to both thermal Ṡgen,thermal and viscous Ṡgen,viscous
effects. The relative importance of both effects can be quantified by using a
non-dimensional number, i.e. the Bejan number Be (Bejan 1995), as defined
as:

Be =
1

1 +
(
Ṡgen,viscous/Ṡgen,thermal

) =
Ṡgen,thermal

Ṡgen,viscous + Ṡgen,thermal
, (2.30)

where Ṡviscous/Ṡthermal is also known as irreversibility factor. Note that Be =
0 means that the irreversibility is purely due to viscous effect, whereas Be = 1
indicates that the irreversibility is purely due to thermal effect.



CHAPTER 3

Flow modeling and numerical tools

Under the Newtonian continuum assumption, the motion of a fluid is governed
by the principles for conservation of mass, momentum and energy. In most
engineering flows like that in turbomachinery, there are no analytical solutions
to the governing equations and these equations have to be solved numerically.
The most accurate method is the Direct Numerical Simulation (DNS), which
solves the governing equations numerically without using any model approx-
imations. However, the computational cost of DNS increases approximately
as Re3 and it is unrealistic to use DNS to solve engineering flow problems
with Reynolds number above Re∼106. A more practical approach to solve the
governing equations for engineering flows is the numerical implementation of
turbulence models. In this chapter, the governing equations for compressible
flow and the turbulence models employed in the numerical simulations of this
study are briefly discussed.

3.1. The compressible �ow governing equations

The exhaust gas which passes through the turbocharger turbine is highly com-
pressible and the development of the flow variables are governed by the conti-
nuity, momentum and total energy equations in the absolute frame of reference.

∂ρ

∂t
+

∂

∂xi
(ρui) = 0 , Continuity (3.1)

∂

∂t
(ρui) +

∂

∂xj
(ρuiuj) = − ∂p

∂xi
+
∂τij
∂xj

+ ρfi , Momentum (3.2)

∂

∂t
(ρeo) +

∂

∂xj
(ρujeo) = − ∂

∂xj
(puj)−

∂qj
∂xj

+
∂

∂xj
(uiτij) + ρuifi , Total energy

(3.3)

where Cartesian coordinate x, fluid element absolute velocity u, heat flux den-
sity q and external body force f are vector quantities, with the direction in-
dicated by indices i, j and k. τij is the viscous stress tensor. The scalar

26
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quantities are time t, density ρ, absolute static pressure p and total energy per
unit volume eo = e + u2i /2. e is the specific internal/thermal energy and it
can be related to the specific enthalpy h by Eq. (3.4). Flow variables here are
the instantaneous values. The interested reader is referred to a fluid mechanics
text book like that of Kundu et al. (2015), for a detailed derivation of these
equations.

e = h− p

ρ
. (3.4)

The specific enthalpy h can be further related to temperature by assuming
thermally perfect gas as in Eqn. (3.5).

h =

T̂

Tref

cp dT , (3.5)

where cp is the specific heat capacity at constant pressure, which is modeled
as a polynomial function of temperature. The lower limit of the integration is
Tref = 273.15 K.

For a Newtonian fluid, the viscous stress tensor, τij , can be related to the
symmetric part of the velocity gradient tensor, i.e. the strain rate tensor Sij
(see Eq. (2.24)), via

τij = 2µ

(
Sij −

1

3
Skkδij

)
, (3.6)

where the Stokes assumption has been applied and δij is the mathematical
Kronecker delta function. µ is the temperature dependent molecular dynamic
viscosity of the fluid, which is modeled by using Sutherland’s law as according
to

µ = µref

(
Tref + S

T + S

)(
T

Tref

) 3
2

, (3.7)

where S = 111 K is the Sutherland’s constant, and µref = 1.716x10−5 kg m−1
s−1 is the molecular dynamic viscosity of the fluid at reference temperature
Tref = 273.15 K.

As for the heat flux density vector, qj , it is modeled by using Fourier’s law
of conduction as given by

qj = −λ ∂T
∂xj

, (3.8)

where λ is the molecular thermal conductivity of the fluid. Similar to µ/µref ,
the dependence of λ/λref on temperature is modeled by using an analogous
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relationship. The reference molecular thermal conductivity λref is then 0.02614
W m−1 K−1 and the corresponding Sutherland’s constant S is 194 K.

From the discussions above, it can be seen that there are six unknowns
(pressure, temperature, density and three velocity components), but only five
equations are available. In order to close the system of equations, the ideal gas
law,

p = ρRT , (3.9)

is used to couple the momentum and the total energy equations. Here R is the
specific gas constant given by

R =
R
M , (3.10)

where R is the universal gas constant andM is the molecular weight of the gas.
Since the temperature considered in this study is well below the temperature of
gas dissociation/association, the molecular weightM of the gas is unchanged
and therefore R is a constant for a specific gas.

3.2. Turbulence modeling

3.2.1. Reynolds-averaged Navier-Stokes (RANS)

The most common approach to study turbulence is to split the instantaneous
flow variable φ into a mean part φ and a fluctuating part φ′, as according to
Reynolds decomposition.

φ(x, y, z, t) = φ(x, y, z, t) + φ′(x, y, z, t) . (3.11)

The average φ is also termed Reynolds average, and it is defined by

φ(x, y, z, t) = lim
to→∞

1

to

ˆ t+to

t

φdt

︸ ︷︷ ︸
time averaging

or lim
N→∞

1

N

N∑

n=1

φ

︸ ︷︷ ︸
ensemble averaging

(3.12)

φ′ ≡ 0 . (3.13)

It follows that in the Reynolds-averaged Navier-Stokes (RANS) modeling
approach, Reynolds decomposition is first applied to the instantaneous flow
variables in the governing equations and the equation of state. Then, Reynolds
averaging is performed on the whole equations. Note that the density fluctua-
tion ρ′ is assumed to be zero in the RANS approach, i.e. ρ = ρ. The resulting
mean flow equations are given by
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∂ρ

∂t
+

∂

∂xj
(ρuj) = 0 , (3.14)

∂

∂t
(ρui) +

∂

∂xj
(ρuiuj) = − ∂p

∂xi
+

∂

∂xj

(
τ ij + τ turbij

)
+ ρf i , (3.15)

∂

∂t

{
ρ

[
(e+

1

2
uiui) +

1

2
u′iu
′
i

]}
+

∂

∂xj

{
ρuj

[
(h+

1

2
uiui) +

1

2
u′iu
′
i

]}

=
∂

∂xj

[
ui(τ ij + τ turbij )− qj − ρu′jh′ + τiju′i − ρu′j

1

2
u′iu
′
i

]
+ ρuifi ,

(3.16)

p = ρRT . (3.17)

Equation (3.15) is usually known as the Reynolds-averaged Navier-Stokes
equation (RANS). τ ij in the equation is the mean viscous stress tensor and it
is the time-average net momentum flux by molecular motion. τ turbij is known
as the turbulent stress, or the Reynolds stress tensor, defined by

τ turbij = −ρu′iu′j . (3.18)

Here, τ turbij represents the time-average transport of momentum by macroscopic
velocity fluctuations.

Equation (3.16) is the Reynolds-averaged total energy equation. 1
2u
′
iu
′
i,

which appears on the left side of Eqn. (3.16) is the kinetic energy due to tur-
bulent fluctuations, k. qj represents the molecular transport of heat, whereas
the turbulent transport of heat qturbj (also known as turbulent heat flux) is
represented by the correlation between u′j and h′. Molecular diffusion and tur-
bulent transport of turbulent kinetic energy are denoted by τiju′i and ρu′j

1
2u
′
iu
′
i,

respectively. ρuifi represents the work done by the external body force. The
total work done by the viscous and the turbulence shear stress is represented
by ui

(
τ ij + τ turbij

)
.

Note that after the averaging process, there are more unknowns than the
number of equations. This requires some approximations and turbulence mod-
eling to close the system of equations. The most common approach to approx-
imate the Reynolds stress term in the momentum equation (Eqn. (3.15)) is the
eddy viscosity model, which is based on Boussinesq approximation given by

− ρuiuj ≈ 2ρνt

(
Sij −

1

3
Skkδij

)
− 2

3
ρkδij , (3.19)

The turbulent heat flux qturbj and the transport of turbulent kinetic energy
k are modeled by using the approximation as according to
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qturbj = ρu′jh
′ ≈ −ρνtcp

Prt

∂T

∂xj
, (3.20)

τiju′i − ρu′j
1

2
u′iu
′
i ≈ ρ

(
ν +

νt
σk

)
∂k

∂xj
, (3.21)

where νt is the turbulent viscosity (or eddy viscosity), ν(= µ/ρ) is the molecular
kinematic viscosity, Sij is the mean strain rate tensor, Prt is the turbulent
Prandtl number and σk is the Schmidt number.

The approximations discussed above alone are not sufficient to close the sys-
tem of equations, and a turbulence closure is necessary. Many turbulence mod-
els have been developed over the years. Examples of popular turbulence models
are the one-equation Spalart-Allmaras model (Spalart & Allmaras 1992), two-
equation k − ε model (Launder & Spalding 1974) and k − ω model Wilcox
(1997). However, the discussions below will focus on the two-equation Shear
Stress Transport (SST) k − ω model (Menter 1994) because it was the RANS
model used in this dissertation.

One of the limitations of the k − ε model is that it cannot be integrated
to the wall and hence it is invalid in the near-wall region. It has difficulty in
capturing proper turbulent boundary layers behaviour up to separation (Wilcox
1993). Although k − ω model is shown to be more robust and accurate in the
near-wall region, it is strongly sensitive to the value of the specific dissipation
rate ω outside the boundary layer, i.e. in the free stream (Menter 1992). Here,
SST k − ω model aims to combine the advantage of the k − ω model in the
near-wall region with the free stream insensitivity of the k− ε model in the far
field region. The model equations for the SST k − ω approach (Menter 1994)
are given by Eqns. (3.22) and (3.23), which are the transport equations for the
turbulent kinetic energy k and the specific dissipation rate ω, respectively.

∂

∂t
(ρk) +

∂

∂xj
(ρuik) = P̃k − β∗ρkω︸ ︷︷ ︸

dissipation

+
∂

∂xj

[
ρ (ν + νtσk)

∂k

∂xj

]
, (3.22)

∂

∂t
(ρω) +

∂

∂xj
(ρuiω) = αρSijSij − βρω2 +

∂

∂xj

[
ρ (ν + νtσω)

∂ω

∂xj

]

+ 2 (1− F1) ρσω2
1

ω

∂k

∂xi

∂ω

∂xi︸ ︷︷ ︸
cross-diffusion

,
(3.23)

where

α = α1F1 + α2(1− F1) , (3.24)
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ω ≡ ε

β∗k
, (3.25)

ε = β∗
k2

νt
, (3.26)

νt =
a1k

max(a1ω ,
√

2SijSijF2)
, (3.27)

P̃k = min(Pmodel , 10β∗ρkω) , (3.28)

Pmodel = ρνt(SijSij −
2

3
SkkSkk)− 2

3
ρkSkk . (3.29)

As can be seen from the above equations, a blending function F1 is used to
activate the k−ω model in the near-wall region but at region away from the wall
surface, the k − ε model is activated instead. Furthermore, a cross-diffusion
term, which is missing in the k − ω model (Wilcox 1997) is incorporated in
the SST k − ω model. A limiter is imposed on the turbulent viscosity νt and
production P̃k to prevent excessive turbulence build-up in the region of large
strain rate, e.g. at a stagnation point. β∗, β, α1, α2, σk, σω and σω2 are model
constants. Model constants and the definitions of blending functions F1 and
F2 can be found in the original literature (Menter 1994).

It should be noted that RANS modeling mentioned above assumes incom-
pressible flow, as ρ′ has been assumed to be zero. In order to account for the
effect of density variation on turbulence, turbulence dissipation is modified via
the so-called compressibility correction to account for the dilatation-induced
dissipation. The reader is referred to Siemens PLM Software (2018) for details.

3.2.2. Large Eddy Simulation (LES)

In the general description of turbulence in the literature, it is hypothesized that
small scale eddies are isotropic and closer to an equilibrium state, as compared
to the large scale eddies. Therefore, from a modeling point of view, small scale
eddies are easier to model. Furthermore, it is also assumed that small scale
eddies only contribute to a small portion of the total turbulent energy. The
hypothesis mentioned above forms the fundamental methodology of the Large
Eddy Simulation (LES) approach, i.e. to resolve the large scale structures of
the turbulence in the computational domain, and model the small scale eddies.

In LES, the instantaneous flow variable φ is decomposed into a resolvable-
scale filtered part φ̃ and a subgrid-scale part φ′′, as shown in Eqn. (3.30).

φ (x, t) = φ̃ (x.t) + φ′′ (x.t) , (3.30)

where
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φ̃ (x, t) =

˚

V

φ (ξ, t)G (x− ξ;∆) d3ξ , (3.31)

∆ = (∆x∆y∆z)
1
3 , (3.32)

φ̃′′ 6= 0 in general, and therefore ˜̃
φ 6= φ̃ , (3.33)

Here x is the spatial coordinate vector, G is the filter function and ∆ is the
filter width.

Applying a filter operation to the governing equations, the resolvable-scale
equations are obtained. The filtered governing equations are akin to the RANS
equations. Only the filtered momentum equation (see Eqn. (3.34)) is depicted
here for discussions because the turbulent shear stress is modeled differently
from the RANS model.

∂

∂t
(ρũi) +

∂

∂xj
(ρũiũj) = − ∂p̃

∂xi
+
∂τ̃ij
∂xj

+
∂τSGSij

∂xj
+ ρf̃i , (3.34)

where τSGSij is the subgrid-scale (SGS) stress and it is defined as in Eqn. (3.35).

τSGSij ≡ −ρ (ũiuj − ũiũj) . (3.35)

Within the LES approach, the subgrid-scale (SGS) stress τSGSij needs mod-
eling and many models have been proposed, e.g. standard Smagorinsky (Smagorin-
sky 1963), Dynamic Smagorinsky Germano et al. (1991), WALE (Nicoud &
Ducros 1999) SGS models. In this dissertation, standard Smagorinsky SGS
model (Smagorinsky 1963) was used and the model assumes an eddy viscosity
model form as below.

τSGSij = 2ρνSGS

(
S̃ij −

1

3
S̃kkδij

)
− 2

3
kSGSδij , (3.36)

S̃ij =
1

2

(
∂ũi
∂xj

+
∂ũj
∂xi

)
, (3.37)

νSGS = (CS∆)2
√
S̃ijS̃ij . (3.38)

Here, S̃ij is the filtered strain rate tensor, which is also known as the resolved
strain rate. νSGS and kSGS are the subgrid-scale eddy viscosity and turbulent
kinetic energy, respectively. In the Smagorinsky SGS model, the subgrid-scale
eddy viscosity assumes a mixing-length-like formulation. CS is the Smagorinsky
constant, which has a value of 0.1.
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3.2.3. Detached Eddy Simulation (DES)

Detached Eddy Simulation (DES) is a hybrid modeling strategy, which takes
advantages of both the RANS formulation and of the LES approach. The
underlying methodology of DES is to resolve the boundary layers and thin
shear layers with the RANS approach, whereas the LES approach is adopted
in the unsteady separated regions. Although DES is originally based on the
one-equation Spalart-Allmaras RANS model (Spalart et al. 1997), the method-
ology can be adopted to the two-equation SST k − ω RANS model for better
separation prediction (Menter et al. 2003). Therefore, DES with the SST k−ω
underlying RANS model was used in this dissertation. As for the underlying
LES model, the standard Smagorinsky model was adopted.

One of the challenges with DES regards the separation between the RANS
and LES zones within the computational domain. This is done by differenti-
ating the appropriate turbulent length scale lt in the computational domain
through DES-blending functions FDES . Note that the turbulent length scale
is defined in a different way for different versions of DES, but the discussions
below will focus on the SST k − ω DES.

Within the SST k − ω DES, the dissipation term in the turbulent kinetic
energy equation (see Eqn. (3.22)) is multiplied with a DES-blending function
FDES , as given by Eqn. (3.39) (Strelets 2001).

β∗ρkω −→ β∗ρkωFDES , (3.39)

FDES = max
(

lt
CDES∆max

, 1

)
, (3.40)

where ∆max is the maximum local grid spacing (see Eqn. (3.41)), and lt is the
turbulent length scale (see Eqn. (3.42)). CDES is a model constant, which has
a value of 0.61.

∆max = max (∆x, ∆y, ∆z) , (3.41)

lt =

√
k

β∗ω
. (3.42)

The switching between the RANS and the LES models is done according
to the conditions stated in Eqn. (3.43). lt and CDES · ∆max can be thought
of as the RANS and LES length scale, respectively. Therefore, the switching
is done by comparing the RANS and LES length scales in the computational
domain.

FDES =

{
1, if lt < CDES∆max −→ RANS mode

> 1, if lt > CDES∆max −→ LES mode
(3.43)
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With the DES-blending function FDES defined in Eqn. (3.40), there is a
risk of activating the LES mode inside the boundary layer when the grid is
refined. When this occurs, a smaller modeled turbulent (or eddy) viscosity
is computed without any sizable resolved turbulence stress to maintain the
balance. This effect is termed as Modeled Stress Depletion (MSD) by Spalart
et al. (2006). The consequence of MSD is the triggering of a phenomenon
called Grid Induced Separation (GIS), i.e. a boundary layer separation due to
grid spacing rather than due to flow physics (e.g., see Refs. Menter et al. 2003;
Menter & Kuntz 2004). In order to reduce the sensitivity of grid size in the
RANS region, Spalart et al. (2006) proposed an approach called Delayed DES
(DDES), which uses a shielding function to protect the boundary layer from
being computed by LES. Menter & Kuntz (2004) adopted a similar concept
by incorporating the blending function F2 of the SST k − ω RANS model in
the DES-blending function FDES . The new DES-blending function, termed
FDDES here, is in the form of Eqn. (3.44) for SST k − ω DES. CDDES in
Eqn. (3.44) is the new model constant. The value for CDDES is computed by
Eqn. (3.45), which blends the independently calibrated CDES values for the
k − ω model and the k − ε model in the SST k − ω model.

FDDES = max
(

lt
CDDES∆max

(1− F2) , 1

)
, (3.44)

CDDES = CDES,k−ωF1 + CDES,k−ε (1− F1) . (3.45)

Another issue with DES (or any hybrid RANS-LES modeling) is the Log-
arithmic Layer Mismatch (LLM) at the interface between the RANS and LES
region. This issue arises because the turbulent eddies supplied by the RANS
model to the LES region are insufficient, and hence there is a discontinuity
between the modeled log-layer by RANS and the resolved log-layer by LES.
The DDES approach discussed above does not provide remedy to LLM. An
approach termed Improved DDES (IDDES) is proposed by Shur et al. (2008)
as a solution to the LLM problem in DES. For SST k − ω DES, the turbulent
length scale lt in Eqn. (3.42) is replaced with a hybrid length scale lhybrid,
defined by Eqn. (3.46).

lhybrid = f̃d (1 + fe) lt +
(

1− f̃d
)
CDDES∆IDDES , (3.46)

where ∆IDDES is a limiter function as given by Eqn. (3.47). f̃d and fe are
two additional functions, which the definitions can be found in literature like
Gritskevich et al. (2012),

∆IDDES = min (max (0.15d, 0.15∆max, ∆min) , ∆max) . (3.47)
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3.3. Numerical methods

For a complex geometry and flow scenarios like that in a turbocharger turbine,
the system of equations discussed in the previous sections in this chapter can
only be solved by using an iterative numerical approach on a discretized domain
with appropriate initial and boundary conditions. In this study, all simulations
were performed by using a finite volume based fully compressible coupled CFD
solver, i.e. Simcenter STAR-CCM+ by Siemens. This section briefly discusses
the methods used to discretize and to solve the system of equations involved.

3.3.1. Discretization

The continuity, momentum and energy equations discussed in Sec. 3.1 are for-
mulated in an absolute (stationary) reference frame. Since many engineering
applications involves multi-reference frames (e.g. stationary and rotating ref-
erence frames in turbomachinery problems), it is convenient to generalize the
governing equations by reformulating them for a moving reference frame in the
CFD application. It can be shown that for a moving reference frame with abso-
lute velocity formulation, the governing equations in conservative and integral
form can be represented by Eqn. (3.48).

∂

∂t

ˆ

V

ρφ dV

︸ ︷︷ ︸
transient

+

ˆ

A

ρφ (v − vg) • da

︸ ︷︷ ︸
convection

=

ˆ

A

Γ∇φ • da

︸ ︷︷ ︸
diffusion

+

ˆ

V

Sφ dV

︸ ︷︷ ︸
source

, (3.48)

where φ and Γ represent the scalar quantities and the diffusion coefficient (e.g.
viscosity, thermal conductivity), respectively. a is the face area vector and v is
the absolute velocity vector. The moving reference frame velocity (hereinafter
called grid velocity) vector is depicted by vg. (•) is the vector dot operation.

Within the finite volume approach, the computational domain is divided
into small control volumes. In discrete form, Eqn. (3.48) can be approximated
as Eqn. (3.49) for a cell-centered control volume.

∂

∂t
(ρφV )0

︸ ︷︷ ︸
transient

+
∑

f

{ρφ [(v • a)−G]}f
︸ ︷︷ ︸

convection

=
∑

f

[Γ (∇φ • a)]f

︸ ︷︷ ︸
diffusion

+ (S0V )0︸ ︷︷ ︸
source

, (3.49)

where G is the grid flux calculated from a moving reference frame’s (or grid’s)
motion. Subscripts f and 0 denotes face quantity and the considered cell’s
index, respectively.

The transient term only appears in unsteady simulations (e.g. URANS,
DES). In this dissertation, an implicit time-stepping approach was adopted,
which involves several inner iterations to converge the solution at each physical
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time-step (e.g., see Ref. Siemens PLM Software 2018). The transient term
was discretized by using a second-order scheme with backward differentiation
formulation, as given by:

∂

∂t
(ρφV ) =

3 (ρφV )n+1 − 4 (ρφV )n + (ρφV )n−1
2∆t

, (3.50)

where n+ 1, n and n− 1 are the next, current and previous time level.
The convective flux was discretized according to Eqn. (3.51).

{ρφ [(v • a)−G]}f = (ṁφ)f = ṁfφf . (3.51)

For the RANS simulations, a second order upwind scheme was used to
calculate the face flux as given in Eqn. (3.52).

(ṁφ)f =

{
ṁfφf,0, if ṁf ≥ 0

ṁfφf,1, if ṁf ≤ 0
(3.52)

where φf,0 and φf,1 are the values interpolated linearly from the neighbouring
cell values on either side of the face, as defined in Eqns. (3.53) and (3.54),
respectively.

φf,0 = φ0 + (xf − x0) • (∇φ)r,0 , (3.53)

φf,1 = φ1 + (xf − x1) • (∇φ)r,1 , (3.54)

Here, the limited reconstructed gradient at cell 0 and 1 are represented by
(∇φ)r,0 and (∇φ)r,1, respectively.

As for the DES, a hybrid second-order upwind/bounded central-differencing
scheme was used to compute the face flux as according to Eqn. (3.55).

(ṁφ)f = ṁ [σφsou + (1− σ)φbcd] , (3.55)

where the value of φ at face f is blended by using the value of φ computed from
second-order upwind scheme φsou and bounded central-differencing scheme
φbcd. σ is the blending factor. Note that this hybrid scheme aims to incor-
porate the advantages of two schemes, i.e. central-differencing scheme for low
dispersive error in RANS domain and bounded central-differencing scheme for
preserving turbulent kinetic energy in LES zone as well as for maintaining
computational robustness.

The diffusion flux at the cell face was computed in a slightly different
manner for the interior and the boundary cell faces. For the interior cell faces,
it was computed from the current φ0 and the neighbouring cell φ1 gradient
values, as according to Eqn. (3.56).
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Df = Γf
[
(φ1 − φ0) (ααα • a) +

(
∇φ • a

)
−∇φ • (x1 − x0) (ααα • a)

]
, (3.56)

where

ααα =
a

a • (x1 − x0)
, (3.57)

∇φ =
1

2
(∇φ0 +∇φ1) , (3.58)

Similarly, the diffusion flux at a boundary cell face was calculated by Eqn. (3.59).
Note that the current φ0 and boundary φf face gradient values were used in-
stead.

Df = Γf [(φf − φ0) (ααα • a) + (∇φ0 • a)−∇φ0 • (x1 − x0) (ααα • a)] . (3.59)

3.3.2. Treatment of solution domain boundaries

At the inlet boundary plane, total temperature Tt and total mass flow rate ṁ
were specified. The specified ṁ was distributed over all the faces by using an
area weight as according to Eqn. (3.60).

ṁf = ṁ
|af |
|stotal|

, (3.60)

where ṁf is the mass flow rate through a cell face, |sf | is the cell face area and
|stotal| is the total area of the inlet boundary plane.

From the specified ṁ, the velocity was computed by using the relationship
in Eqn. (3.61).

ṁ = ρ (a • v) . (3.61)

After knowing the velocity, and together with the specified Tt, the static
temperature T at the boundary face was computed by using the total enthalpy
relation. As for the boundary face pressure, it was extrapolated from the
adjacent interior cell center by using Hybrid Gauss-Least Squares method.

At the outlet boundary plane, the static pressure pspec and the static tem-
perature Tspec were specified. The boundary face velocity vf was extrapolated
from the adjacent interior cell-centered value. When the flow is leaving the
computational domain, the boundary pressure pf = pspec if the flow is sub-
sonic, but the value in the adjacent interior cell was extrapolated to compute
pf if the flow is supersonic. The boundary static temperature Tf was extrapo-
lated from the interior cell center. However, when there is a backflow (i.e. flow
re-entering the computational domain), Tf = Tspec and pf was calculated as
according to
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pf =

{
pspec − 1

2ρfv
2
n , for subsonic flow

pspec, for supersonic flow
(3.62)

where v2n is the normal component of the backflow velocity at the boundary.
The wall was treated as smooth and no-slip in this dissertation. As for the

thermal condition, the wall was treated as either adiabatic or kept at constant
temperature, depending on the case studied.

The rotation of the rotor was treated by using either the Frozen rotor or the
Sliding mesh technique. In the Frozen rotor approach, the rotor is not rotated
physically, but the rotational body force fr is added to the rotating region (see
Eqn. (3.63)). The grid flux is computed as according to Eqn. (3.64).

fr = ρ (ωωω × v) , (3.63)

Gf = sf • (ωωω × r) , (3.64)

where ωωω is the rotation vector of the rotating reference frame, and r is the
position vector with respect to the origin of the rotating reference frame.

With the Sliding mesh technique, the rotor is physically rotated at each
time-step and hence there is a relative motion between the stationary and
rotating grids. The grid flux is calculated by using equation Eqn. (3.65), which
has a second-order accuracy.

Gf =
3δV n+1

f − δV nf
2∆t

, (3.65)

where δV n+1
f and δV nf denote the volume swept by cell face f over one time-

step. Subscripts n+1 and n represent the next and the current time level,
respectively.



CHAPTER 4

Sensitivity studies and method veri�cation

This chapter describes the steps in determining the computational setup for the
targeted turbocharger turbine, considering that the turbine is operating under
hot gas stand continuous flow conditions, for which some experimental data
exist. A series of verification exercises were carried out. These include a grid
convergence study, as well as checking the sensitivity of the calculated solution
to the time-step used (i.e. degrees of rotor’s rotation per time-step), inter-
face type (i.e. stationary/rotating) and turbulence model employed. The data
obtained were assessed and analyzed in terms of global performance parame-
ters of the turbine, time-averaged/mean and fluctuating quantities of the flow
variables, heat transfer rate, as well as energy spectra. Comparisons with mea-
sured performance parameters were carried out whenever experimental data
were available. Guidelines for the computational set-up were formulated based
on the outcomes with this analysis.

4.1. The computational domain and grid

Figure 4.1 shows the computational domain used in the studies involving con-
tinuous flow conditions. The computational domain replicates the hot gas
stand experimental setup at BorgWarner Turbo Systems Engineering GmbH
facilities in Kirchheimbolanden, Germany. It was used to measure the steady
performance map of the turbine. It consists of an inlet pipe, a scroll, a rotor,
a diffuser and a convergent duct. In order to account for tip leakage flow and
windage loss, tip clearance between the rotor and the stationary shroud wall,
as well as the gap between the rotor and the stationary backplate were con-
sidered. Exhaust manifold, wastegate and its bypass channel were excluded in
the computational domain because these components were not included in the
hot gas stand experiment. An example of computational grid is also shown
in Fig. 4.1. The computational domain was discretized by using polyhedral
cells. A grid based on polyhedral cell was used because it allows automatic
mesh generation for the complex turbine geometry. Furthermore, a polyhedral
cell has more connectivity to the neighbouring cells and it has been shown to
be capable of reducing numerical diffusion for flow with changing direction,
as compared with equivalent mesh using tetrahedral or hexahedral cell (Chow
et al. 1996). The turbine blades are highly curved and complex flow structures

39
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Figure 4.1: Computational domain for hot gas stand continuous flow conditions.
Experimental data were measured at the inlet boundary plane and z2 plane to
derive the turbine performance map. Black dots are the virtual monitor probes
to record the time history velocity signals in CFD. Note that S1, S2 and S3
are stationary probes, whereas R1 is a probe following the motion of the rotor.
D is the rotor’s outlet diameter. Mesh depicted in this figure is the grid G2
(Medium) described in Sec. 4.4.

are expected in the rotor as well as in the diffuser. Thus, the grid density in
the rotor and the diffuser regions was about twice as high as compared with
the scroll. Local mesh refinements were adopted in areas with expected large
flow gradients such as scroll’s tongue, stationary-rotating interface and tip gap.
The flow in regions upstream from the scroll (i.e. inlet pipe) and downstream
from the rotor (i.e. convergent duct) is expected to be more aligned. Therefore,
hexahedral cells, which are extruded from the polyhedral cells up to the inlet
and outlet boundaries were adopted in the inlet pipe and the convergent duct.
Orthogonal prismatic cells, known as prism layers, were employed to capture
the high flow gradient and temperature gradient at the near-wall region. In
order to ensure smooth transition of grid size from the near-wall region to the
core-flow region, a stretching factor of 1.1 was used to distribute the cells in
the prism layer by using simple geometric relationship.
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In the hot gas stand experiment, flow variables were measured at inlet
boundary plane and z2 plane, as shown in Fig. 4.1. Therefore, mass flow
averaged flow variables on these planes were recorded to compute the global
performance parameters such as pressure ratio. Note that the inlet and out-
let boundaries are located far-upstream and far-downstream from the turbine
system. Therefore, the dependency of the computational solutions to the inlet
and outlet positions are thought to be small. Virtual monitoring probes (S1,
S2, S3 and R1; indicated by black dots in Fig. 4.1 were considered in regions
with flow shear-layers where turbulence is produced, enabling assessment of
frequency spectra. Note that S1, S2 and S3 are stationary probes, whereas R1
is a probe following the motion of the rotor.

4.2. Boundary conditions

The boundary conditions imposed in this chapter correspond to the maximum
efficiency point on a low speed line in the turbine performance map measured in
the hot gas stand continuous flow conditions. The mentioned operating point
is indicated by ’P’ in the turbine performance map (see Fig. 2.3) presented in
Sec. 2.1. This operating point was chosen based on the observations that
heat transfer has larger impact on the turbine performance at low speed lines
(Shaaban & Seume 2012; Burke et al. 2015). Uniform mass flow rate ṁT =
0.058 kg/s was imposed at the inlet boundary plane and the gas flow was
assumed to be perpendicular to the inlet boundary plane. An uniform total
temperature T6t = 1173.15 K was employed at the inlet boundary plane, as
according to the turbocharger gas stand test code (SAE 2011). Furthermore,
Synthetic Eddy Method (SEM) proposed by Jarrin et al. (2006) was adopted
to generate turbulence at the inlet boundary. With this method, the mean ve-
locity at the inlet boundary is superimposed with a set of independent random
perturbations. Here, 5% of turbulent intensity, which is estimated for a fully
developed turbulent pipe flow, was imposed at the inlet boundary plane. At
the outlet boundary plane, pressure outlet with constant atmospheric pressure
was considered. A constant rotational speed ω = 84533 rpm was imposed to
the rotor. The rotation of the rotor was modeled by using either Sliding mesh
or Frozen rotor technique. It will be specified together with the time-step ex-
plicitly in the subsequent sections in this chapter. Walls were treated as no-slip
and smooth. Isothermal wall condition was used to model heat transfer. Heat
transfer conditions in hot gas stand experiment were unknown and therefore it
was necessary to estimate a realistic wall temperature for heat transfer mod-
eling. In this study, linear relationship between the turbine inlet temperature
and the scroll’s wall temperature reported by Romagnoli & Martinez-Botas
(2012b) was adopted. Wall temperature Tw was then estimated to be 1002 K
and it was imposed on all walls in the computational domain.
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4.3. Methodology

There is evidence showing that Large Eddy Simulation (LES) can offer a more
detailed view of the complex flow physics with relevance to turbomachinery, as
compared with the computationally cheaper Reynolds-averaged Navier-Stokes
(RANS) formulations (e.g., see Refs. Léonard et al. 2015; Hah 2009). However,
for wall bounded flows like in turbomachinery, a well resolved LES requires very
high grid resolutions and time-steps that are small enough to resolve not only
the large scale eddies in the core flow, but also the developed wall boundary
layer. Gourdain et al. (2014) estimated that a wall-resolved LES for a typical
flow in turbomachinery (Reynolds number Re∼106) is about 1 million times
more costly than a RANS approach.

It has been shown with under-resolved grids in the near-wall region, that
LES fails to capture the boundary layer velocity profile in a turbine blade,
while unsteady RANS (URANS) approach can estimate the near-wall gradients
correctly (Gourdain et al. 2014). This shows that under-resolved LES is not
suitable when correct prediction of near-wall gradients are crucial, such as in
engineering problems involving heat transfer. A more realistic alternative is the
hybrid method, which uses RANS approach to model the near-wall region and
LES approach to compute the core-flow region. It is estimated that with wall-
modeling, the computational cost is reduced by a factor of 1000, as a results
of reducing grid points in the near-wall region and larger time-step (Gourdain
et al. 2014).

Discussions above justify the needs to use hybrid methodology in heat
transfer study of a turbocharger turbine. In this study, Detached Eddy Sim-
ulation (DES) with IDDES (Improved Delayed Detached Eddy Simulation)
formulation by Shur et al. (2008) was used. The smallest scales associated
with the LES region of the flow were modeled by Smagorinsky subgrid-scale
(SGS) model. The RANS with SST k-omega turbulence model was adopted
in the near-wall region. As DES is still computational more expensive as com-
pared with the industrial standard RANS approach, Sec. 4.7 is dedicated to
compare the pros and cons of both modeling approaches.

All numerical simulations were performed by using a finite volume based
CFD solver named Simcenter STAR-CCM+ by Siemens. The mass, momen-
tum and energy conservation equations were solved by using a fully compress-
ible density-based solver in pseudo time-marching manner. The temporal term
was discretized by using an implicit second-order scheme. As for the spa-
tial discretization, implicit hybrid bounded-central differential (BCD) scheme
was used. Prior to transient simulations, steady-state RANS based on SST
k − ω turbulence model with mixing plane stationary-rotating interface was
performed. The steady-state RANS based solution was used to initialize the
flow field of transient simulations. The transient simulations were run for 5
rotor revolutions to eliminate initial transient effects before the flow variables
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statistical data were sampled. Statistical samples were recorded at every 10
time-steps over 40 rotor revolutions. This gives statistically converged data
with standard deviation of about 0.3% in global performance parameters. De-
tails of the governing equations, turbulence modeling and numerical tools are
given in Chap. 3.

4.4. Grid convergence study

Table 4.1: Test cases for grid convergence study

Grid Cell count Number of prism layers ∆` y+max y+mean
[mm]

G1 (Coarse) 4216501 6 0.95 6.5 0.9
G2 (Medium) 8985179 12 0.74 2.0 0.2
G3 (Fine) 18751307 18 0.58 0.6 0.02

Table 4.1 presents the test cases considered and the characteristics of the
computational grids employed for assessing solution’s sensitivity to the grid
size. Three different grids, namely G1 (Coarse), G2 (Medium) and G3 (Fine)
were created, with successive refinement factor r ≈ 1.3. The refinement factor r
is defined by Eqn. (4.1) and the value of 1.3 fulfills the minimum value suggested
by Celik et al. (2008) for a grid convergence study.

r =
∆`coarser
∆`finer

, (4.1)

where ∆` is the characteristic cell edge length.

The characteristic cell edge length, ∆` is defined by Eqn. (4.2).

∆` =

[
1

N

N∑

i=0

(∆V )i

] 1
3

, (4.2)

where ∆V is the volume of ith cell and N is the total number of cells in the
computational domain. Note that Eqn. (4.2) calculates the average cell edge
length based on the assumption of constant hexahedral control volume.

The amount of heat transfer is highly dependent on the predicted flow
gradients at the near-wall region. Therefore, near-wall grid was successively
refined by increasing the number of prism layers from grid G1 (Coarse) to
G3 (Fine). The maximum and mean value of the dimensionless wall distance
y+, as defined in Eqn. (4.3), for different computational grids are included in
Tab. 4.1 as an indicator of how well the near-wall gradients are resolved. The
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smaller the value of y+, the better the gradients are resolved in the wall normal
direction.

y+ ≡ y

`∗
=
yuτ
ν

=
y
√
τw/ρ

ν
, (4.3)

where y is the normal distance from the wall, uτ is the friction velocity at the
wall, τw is the wall shear stress, ν is the dynamic viscosity and ρ is the density.

The rotation of the rotor was handled by using Sliding mesh technique,
with time-step ∆t = 1.97162x10−6 s. This time-step corresponds to 1o rotor’s
rotation per time-step and it gives convective Courant number of less than
unity in most of the computational domain.

Time-averaged (or mean, as denoted by overline) global performance vari-
ables like pressure ratio π6t8s,T , turbine torque τ and total (denoted by sub-
script tot) heat transfer rate Q̇tot for different computational grids were eval-
uated. π6t8s,T is defined as the ratio of absolute total pressure at the inlet
boundary plane to the absolute static pressure at plane z2 (see Fig. 4.1 for the
positions of the planes; see also Fig. 2.1 and Eqn. (2.6) for the definition of
subscript 6t8s). Mass flow averaged was used to evaluate the flow variables
at the inlet boundary plane and plane z2. τ was computed as according to
Eqn. (2.17) and heat transfer rate Q̇ was calculated by integrating the heat
flux over the wall boundary area, i.e.

´

A∗(t)
(q • n) dA.

In this study, all three grids predicted the same π6t8s,T of 1.29. The pre-
dicted value was about 0.8% lower as compared with the experimental measured
value of 1.30. Deviation from experimental value is expected due to uncertainty
in boundary conditions including the heat transfer effects. Similarly, τ was also
found to be insensitive to the grid size, as all grids predicted same value of 0.39
Nm. On the other hand, Q̇tot was found to be sensitive to grid size. Grid G1
(Coarse), G2 (Medium) and G3 (Fine) predicted a value of 3248.0 W, 3346.5
W and 3446.8 W, respectively. There is about 3% increment in value per re-
finement. Note that there is always a small dependency on grid size for Q̇tot.
Nevertheless, the predicted Q̇tot is about the same order of magnitude as the
measured value reported in the literature (Burke et al. 2015).

Figures 4.2 and 4.3 compare the temperature and velocity fields as cal-
culated with the three different computational grids along the mid horizontal
plane (see Fig. 4.1 for the location of mid horizontal plane). In general, the
gas accelerates as it flows radially inward. A wall boundary layer, indicated
by a lower velocity magnitude near the scroll’s wall can be observed. Fur-
thermore, as there is heat transfer between the hot gas and the cooler wall,
thermal boundary layer (indicated by low temperature) can also be seen at
the near-wall region. In the circumferential direction, within the scroll region
(mid-horizontal plane) a relatively uniform velocity distribution is predicted.
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There is also a smooth velocity gradient in the radial direction. More obvious in
the temperature field, there is a distinct low temperature region at location of
about θ = 270o towards the scroll outlet. Non-uniformity of temperature field
in the scroll is caused by the fact that gas at the near-wall region is being cooled
due to heat transfer, and then the cooled gas is convected simultaneously in the
radial and circumferential directions in the scroll. Due to the interaction be-
tween the incoming gas and the rotating blades, higher turbulent intensity and
temperature fluctuation can be observed near the stationary-rotating interface
(i.e. the scroll’s outlet or the rotor’s inlet).

As for the influence of the grid size on the computed flow fields, from
Fig. 4.2 and 4.3, it can be said that the temperature field is more sensitive
to grid refinement, as compared to the velocity field. A finer grid predicts
higher heat transfer rate as discussed before and this elevates the degree of
temperature non-uniformity in the scroll. For example, in Fig. 4.3, grid G1
(Coarse) predicts relatively uniform circumferential temperature distribution
at the outlet of the scroll, as compared with grids G2 (Medium) and G3 (Fine).

Figure 4.4 shows quantitatively the influence of grid resolution on the time-
averaged and RMS of static temperature along line AC at location θ = 180o in
the scroll (see Fig. 4.3 for the location). In line with Fig. 4.3, grid G3 (Fine)
predicts lowest mean temperature at z/b ≈ 0.25 because of higher heat transfer
rate. Also, grid G3 (Fine) predicts higher temperature RMS as compared with
grid G1 (Coarse) and G2 (Medium). Nevertheless, the difference in temperature
RMS predicted by the three grids is small, i.e. ≈ 1 K. Note also that the
distributions are not symmetric along line AC. This is because the scroll cross
sectional geometry itself is asymmetric. At the mid span (z/b ≈ 0), higher
temperature RMS is observed due to the rotating blades.

Besides global performance parameters and fluid flow variables statistics, it
is also important to evaluate the influence of grid size on the range of turbulent
flow structures being resolved by LES in the core flow region. In this study,
analysis of the energy spectra based on the power spectral density of the specific
energy (=1/2

[
u2r + u2t + u2a

]
, where ur, ut and uz are the radial, tangential

and axial velocity components in the absolute frame of reference) at various
locations in the computational domain was adopted. For a fully developed and
isotropic turbulent flow scenario, the range of the turbulent flow structures
being resolved is represented by the width of inertial subrange, i.e. the wider
the range of Kolmogorov -5/3 slope in the spectra, the wider the range of
resolved turbulent eddies size. From Figs. 4.5(a), 4.5(c) and 4.5(d), it can be
observed that the considered computational grids are capable of capturing the
blade passing frequency (f/fbp = 1) in the stationary region. Furthermore,
Fig. 4.5(b) shows that the rotating order (f/fbp ≈ 0.085) and its harmonics in
the rotating region are also captured by all computational grids. However, the
energy spectra in Fig. 4.5 exhibit a clear trend, i.e. the smaller the grid size,
the wider the inertial subrange. This means that further grid refinement can
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Figure 4.2: Comparisons of normalized time-averaged velocity magnitude (left)
and turbulent intensity (right) in the scroll for different grids. (a) G1 (Coarse)
(b) G2 (Medium) (c) G3 (Fine). Mass flow average of the mean velocity mag-
nitude at the inlet boundary plane is used to normalize the mean velocity
magnitude and to calculate the turbulent intensity. 1o rotor’s rotation per
time-step; Sliding mesh; DES.
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Figure 4.3: Comparisons of normalized time-averaged static temperature (left)
and its RMS (right) in the scroll for different grids. (a) G1 (Coarse) (b) G2
(Medium) (c) G3 (Fine). The data are normalized by the total temperature
at the inlet boundary plane. 1o rotor’s rotation per time-step; Sliding mesh;
DES.
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Figure 4.4: Comparisons of (a) Time-averaged and (b) RMS of static temper-
ature at θ = 180o in the scroll for different grids. Data is extracted along line
AC in Fig. 4.3. Total temperature at the inlet boundary plane is used to nor-
malize the ordinate. The abscissa is normalized by the rotor’s blade height b.
1o rotor’s rotation per time-step; Sliding mesh; DES.

increase the range of resolved turbulent flow structures. Nevertheless, grid G2
(Medium) is thought be to sufficient for this study because the resolved inertial
subrange is about one order of magnitude, and no pile up of energy at higher
frequencies (or smaller turbulent scale) is observed.

Based on the data analysis presented and discussed so far, one can conclude
that:

1. Pressure ratio π6t8s,T and turbine torque τ are insensitive to the differ-
ent grid resolutions employed in the present work.

2. There is always a slight dependency on grid size for the prediction of
total heat transfer rate Q̇tot. However, the predicted total heat transfer
rate Q̇t in this study is within the order of magnitude of the observed
experimental value reported in literature (Burke et al. 2015).

3. Grid size has little influence on mean velocity field, but it influences
the distribution of mean temperature field. The dependency of the
fluctuating quantities on grid size is found to be small in this study, e.g.
≈ 1 K for the static temperature RMS.

Considering the available computational resources and observations above,
grid G2 (Medium) is chosen for the remaining of the studies.
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Figure 4.5: Comparisons of energy spectra at different locations in the compu-
tational domain for different grids. (a) S1 (scroll’s tongue) (b) R1 (rotor) (c)
S2 (z1 = 0.4D) (d) S3 (z2 = 6D). Location of the probe points are indicated
by black dots in Fig. 4.1. The energy spectra is represented by the power spec-
tral density based on the time history of specific kinetic energy. The abscissa
is normalized by the blade passing frequency fbp. Kolmogorov -5/3 slope is
included for reference purpose. 1o rotor’s rotation per time-step; Sliding mesh;
DES

4.5. Degrees of rotor's rotation per time-step impact

With the sliding mesh approach, the computational grid in the rotating region
(i.e. the rotor) is rotated. The flow field solution is then interpolated over
the stationary-rotating interface at each time-step. This procedure might in-
troduce numerical inaccuracy because some information of the flow structures
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might be truncated throughout the interpolation process. Therefore, it is cru-
cial to investigate how aggressive one can rotate the rotor in term of degrees
per time-step without affecting the prediction of global performances and flow
dynamics. In this study, time-steps ∆t of 1.97162x10−6 s, 5.91486x10−6 s and
1.182972x10−5 s were investigated. These values correspond to 1o, 3o and 6o
rotor’s rotation per time-step, respectively.

In this study, pressure ratio π6t8s,T and turbine torque τ were predicted
to be 1.29 and 0.39 Nm, respectively for all cases. The predicted total heat
transfer rate Q̇tot were 3346.5 W , 3331.8 W and 3318.2 W for 1o, 3o and 6o

rotor’s rotation per time-step, respectively. A small variation, i.e. 0.4% in Q̇tot
is observed when tripling the time-step. As for the flow fields, it can be seen
from Figs. 4.6, 4.7 and 4.8 that the time-averaged quantities are similar for all
investigated cases. However, higher fluctuations are observed with 1o, whereas
3o and 6o rotor’s rotation per time-step predict lower fluctuations at similar
level. For example, the maximum value of static temperature RMS predicted
by 1o is about 3 times higher as compared to that of 3o and 6o rotor’s rotation
per time-step.

The corresponding energy spectra for the three investigated scenarios with
respect to the degrees of rotor’s rotation per time-step are contrasted in Fig. 4.9.
Both the blade passing frequency and the rotating order frequency are well
captured within the scroll and the rotor regions by all set-ups considering the
sensitivity to the degrees of rotor’s rotation per time-step. There is an obvious
extension of the inertial subrange in the specific energy spectra for the 1o
and 3o rotor’s rotation per time-step configurations, as compared with the 6o
rotor’s rotation per time-step case. The spectra calculated just downstream
of the rotor (see Fig. 4.9(c)) show that there are features and phenomena not
captured with the most aggressive set-up corresponding to 6o rotor’s rotation
per time-step.

The data presented and discussed in this section show that:

1. The degrees of rotor’s rotation per time-step has only a small influence
on the pressure ratio π6t8s,T , turbine torque τ , total heat transfer rate
Q̇tot and the time-averaged flow fields.

2. Smaller degrees of rotor’s rotation per time-step predicted larger value
of fluctuating quantities.

Based on the observations above and considering the available computa-
tional resources, 3 degrees of rotor’s rotation per time-step is thought to be
sufficient for this study.
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Figure 4.6: Comparisons of normalized time-averaged velocity magnitude (left)
and turbulent intensity (right) in the scroll for different degrees of rotor’s rota-
tion per time-step. (a) 1o (b) 3o (c) 6o. Mass flow average of the mean velocity
magnitude at the inlet boundary plane is used to normalize the mean velocity
magnitude and to calculate turbulent intensity. Grid: G2 (Medium); Sliding
mesh; DES.
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Figure 4.7: Comparisons of normalized time-averaged static temperature (left)
and its RMS (right) in the scroll for different degrees of rotor’s rotation per
time-step. (a) 1o (b) 3o (c) 6o. The data are normalized by the total tempera-
ture at the inlet boundary plane. Grid: G2 (Medium); Sliding mesh; DES.
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Figure 4.8: Comparisons of (a) Time-averaged and (b) RMS of static tem-
perature at θ = 180o in the scroll for different degrees of rotor’s rotation per
time-step. Data is extracted along line AC in Fig. 4.7. Total temperature at
the inlet boundary plane is used to normalize the ordinate. The abscissa is
normalized by the rotor’s blade height b. Grid: G2 (Medium); Sliding mesh;
DES.

4.6. Stationary-rotating interface type sensitivity

Sliding mesh approach is a fully transient approach that can account for the un-
steady interaction effects between the rotor and the stationary scroll’s tongue.
However, this method requires large computational resources in terms of sim-
ulation time, memory and disk space. An alternative way to treat the rotor’s
rotation is the Frozen rotor technique. With Frozen rotor approach, the rel-
ative position of the rotor’s blades and the stationary scroll’s tongue is fixed
in time and the conservation of mass, momentum and energy fluxes are main-
tained across the stationary-rotating interface. Although Frozen rotor method
is robust and computationally cheaper as compared with the Sliding mesh ap-
proach, it provides a fluid flow solution corresponding to the "frozen" relative
position of the rotor with respect to the scroll’s tongue. Thus, any attempt to
use the Frozen rotor technique shall be done with a careful evaluation of its
effects on the fluid flow field. In this section, grid G2 (Medium) is used and
the rotor is rotated at 3o per time-step.

In this study, both Sliding mesh and Frozen rotor techniques predicted
the same values of pressure ratio π6t8s,T (i.e. 1.29) and turbine torque τ (i.e.
0.39 Nm). Analysis of the velocity and temperature flow field qualitatively in
Figs. 4.10 and 4.11 and quantitatively in Fig. 4.12 shows that although Frozen
rotor method predicts slightly lower level of fluctuating quantities as compared
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Figure 4.9: Comparisons of energy spectra at different locations in the compu-
tational domain for different degrees of rotor’s rotation per time-step. (a) S1

(scroll’s tongue) (b) R1 (rotor) (c) S2 (z1 = 0.4D) (d) S3 (z2 = 6D). Location
of probe points is indicated by black dots in Fig. 4.1. The energy spectra is
represented by the power spectral density based on the time history of specific
kinetic energy. The abscissa is normalized by the blade passing frequency fbp.
Kolmogorov -5/3 slope is included for reference purpose. Grid: G2 (Medium);
Sliding mesh; DES.

with the Sliding mesh technique, the mean flow field is similar for both interface
types. With careful evaluation, one can reduce the computational cost by using
Frozen rotor approach if only the global performance variables such as τ is of
interest.

As for the heat transfer, Frozen rotor predicted about 2% higher total heat
transfer rate as compared with the higher fidelity Sliding mesh technique, as
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Figure 4.10: Comparisons of normalized time-averaged velocity magnitude
(left) and turbulent intensity (right) in the scroll for different stationary-
rotating interface type. (a) Sliding mesh (b) Frozen rotor. Mass flow average of
the mean velocity magnitude at the inlet boundary plane is used to normalize
the mean velocity magnitude and to calculate turbulent intensity. Grid: G2
(Medium); 3o rotor’s rotation per time-step; DES.

shown in Fig. 4.13. When looking into the breakdown of heat transfer rate
for different turbine components, it can be observed that the small difference
in the total heat transfer rate mentioned above is originating from the rotor
and its downstream components. Heat transfer rate of the components at the
upstream of the rotor (e.g. inlet pipe and scroll) are hardly affected by the
choice of rotating-stationary interface type.
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Figure 4.11: Comparisons of normalized time-averaged static temperature (left)
and its RMS (right) in the scroll for different stationary-rotating interface type.
(a) Sliding mesh (b) Frozen rotor. The data are normalized by the total tem-
perature at the inlet boundary plane. Grid: G2 (Medium); 3o rotor’s rotation
per time-step; DES.

Figure 4.14 shows the influence of stationary-rotating interface type on the
energy spectra. Since with the Frozen rotor approach, the rotor is not physi-
cally rotated relative to the stationary region, the frequencies associated with
the blade passing frequency and the rotating order are not captured. Within
the stationary domain, downstream of the rotor z1 = 0.4D (see Fig. 4.14(c)),
the specific energy content in the lower frequency range (corresponding to the
largest eddies) is predicted to be higher by the Frozen rotor technique, as com-
pared with the Sliding mesh approach. This means that the heat transfer
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Figure 4.12: Comparisons of (a) Time-averaged and (b) RMS of static temper-
ature at θ = 180o in the scroll for different stationary-rotating interface type.
Data is extracted along line AC in Fig. 4.11. Total temperature at the inlet
boundary plane is used to normalize the ordinate. The abscissa is normalized
by the rotor’s blade height b. Grid: G2 (Medium); 3o rotor’s rotation per
time-step; DES.

rate is enhanced near that region due to the fluctuations of larger scale flow
structures. This might be the reason for the slightly higher heat transfer rate
predicted with the Frozen rotor method as compared with the Sliding mesh ap-
proach, in the region located downstream of the rotor (i.e. the diffuser). The
influence of interface type becomes weaker in the location further downstream
from the rotor, i.e. z2 = 6D. This is evidence from Fig. 4.14(d), which shows
approximately similar energy spectra for both approaches.

The data presented and discussed in the study about the influence of
stationary-rotating interface type show that:

1. Stationary-rotating interface type has no significant influence on the
predicted results of pressure ratio π6t8s and turbine torque τ in this
study. This means that Frozen rotor approach has the potential to re-
duce computational cost and it might be useful for iterative industrial
design and optimization purpose, in which the global performances are
of primary interest. However, it may be important to assess first how
the rotor’s position relative to the scroll’s tongue impacts the perfor-
mance parameters when considering the Frozen rotor approach.
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Figure 4.13: Comparisons of time-averaged heat transfer rate for different com-
ponents in the computational domain. Grid: G2 (Medium); 3o rotor’s rotation
per time-step; DES.

2. In the region located just downstream of the rotor, a slightly higher
heat transfer rate is predicted with the Frozen rotor method as com-
pared with the Sliding mesh approach.

3. The stationary-rotating interface type has a significant influence on the
predicted level of specific energy content, especially in the region located
just downstream of the rotor. With the Frozen rotor technique the blade
passing frequency and the rotating order are not captured.

Although the global performance parameters for the turbine were well pre-
dicted when using the Frozen rotor technique, the Sliding mesh approach is
chosen for the remaining part of the study. This is in order to properly handle
the interaction between the rotor and the flow, since the fluid flow dynamics
and the developed flow instabilities may have a strong impact on temperature
and heat-transfer distributions.

4.7. Turbulence modeling impact

The current section presents, compares and analyses the turbine performance
parameters and the fluid flow solutions as predicted by the DES approach and
by the computationally cheaper Unsteady RANS (URANS) formulation using
the SST k − ω turbulence model.
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(c) S2 (z1 = 0.4D)
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Figure 4.14: Comparisons energy spectra at different locations in the compu-
tational domain for different stationary-rotating interface type. (a) S1 (scroll’s
tongue) (b) R1 (rotor) (c) S2 (z1 = 0.4D) (d) S3 (z2 = 6D). Locations of
probe points are indicated by black dots in Fig. 4.1. The energy spectra is
represented by the power spectral density based on the time history of specific
kinetic energy. The abscissa is normalized by the blade passing frequency fbp.
Kolmogorov -5/3 slope is included for reference purpose. Grid: G2 (Medium);
3o rotor’s rotation per time-step; DES.

The pressure ratio π6t8s,T and turbine torque τ were predicted to be the
same using both turbulence models, i.e. 1.29 and 0.39 Nm, respectively. How-
ever, DES predicted about 2.3% higher total heat transfer rate Q̇tot as com-
pared with URANS (i.e. 3331.8 W and 3256.8 W, respectively). As for the flow
fields, it can be seen from Fig. 4.15 that the predicted mean velocity field and
turbulent intensity are similar. Also, comparing to DES, URANS predicts less
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non-uniformity mean static temperature distribution at position θ = 270o, and
the static temperature RMS is predicted to be smoother in the scroll, as shown
in Fig. 4.16. Quantitatively, it can be observed from Fig. 4.17(a) that there is
no significant difference in the mean static temperature distribution between
DES and URANS at the selected position. However, from Fig. 4.17(b), it is
clear that URANS predicts peaks in static temperature RMS near the wall,
which is in line with the channel flow experimental results. Those peaks are
not observed with DES approach and this might be due to the blending effects
as a results of assuring smooth transition between the RANS and LES region.
Further studies are necessary to confirm this.

The energy spectra analysis is depicted in Fig. 4.18. Spectra show that
URANS is more dissipative than DES, as the energy level is damped after the
rotor (see Figs. 4.18(c) and 4.18(d)).

The data presented in this section show that both URANS and DES are
predicting the same turbine global performance parameters. Since an increase
level of anisotropy in the fluid flow is expected (e.g. adverse pressure gradients,
large scale flow separation and induced secondary flow motion) with a turbine
operating under engine-like pulsating conditions, the DES approach is thought
to be more appropriate for this dissertation.

The computational domain and the corresponding setup for a turbocharger
turbine operating under gas stand continuous flow conditions have been de-
tailed with the current chapter. Several studies were carried out in order to
address solution’s sensitivity to the grid resolution, rotor’s rotation treatment,
or turbulence model employed. It has been concluded that grid G2 (Medium
resolution) with approximately 9 millions polyhedral cells and a time-step 4t
corresponding to 3o of rotor’s rotation are to be used. The Sliding mesh tech-
nique is chosen to model the rotation of the rotor. This strategy might not be
the optimum one for industrial applications, since it requires still a significant
computational effort. Nevertheless, the outcomes presented in this section can
serve as valuable guidelines for numerical investigations of similar configura-
tions.
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Figure 4.15: Comparisons of normalized time-averaged velocity magnitude
(left) and turbulent intensity (right) in the scroll for different turbulence model.
(a) DES (b) URANS. Mass flow average of the mean velocity magnitude at the
inlet boundary plane is used to normalize the mean velocity magnitude and as
reference level to calculate turbulent intensity. Grid: G2 (Medium); 3o rotor’s
rotation per time-step; Sliding mesh.
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and its RMS (right) in the scroll for different turbulence model. (a) DES
(b) URANS. The data are normalized by the total temperature at the inlet
boundary plane. Grid: G2 (Medium); 3o rotor’s rotation per time-step; Sliding
mesh.
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Figure 4.18: Comparisons of energy spectra at different locations in the com-
putational domain for different turbulence model. (a) S1 (scroll’s tongue) (b)
R1 (rotor) (c) S2 (z1 = 0.4D) (d) S3 (z2 = 6D). Locations of probe points
are indicated by black dots in Fig. 4.1. The energy spectra is represented by
the power spectral density based on the time history of specific kinetic energy.
The abscissa is normalized by the blade passing frequency fbp. Kolmogorov
-5/3 slope is included for reference purpose. Grid: G2 (Medium); 3o rotor’s
rotation per time-step; Sliding mesh.



CHAPTER 5

Highlights of the results

This dissertation is organized in the form of a thesis compilation, in which 4
most relevant papers (published or to be published) are appended with re-print
permission from the publishers. Each paper targets a different region in the
turbocharger characteristics Venn diagram, in order to achieve the dissertation
objectives, as outlined in Chap. 1. In this chapter, only the most significant
results are highlighted for each paper, or new insights/conclusions about the
published results are discussed. The reader is advised to read this chapter
first, in order to have an overview of the publications, including aspects on the
background and motivations for the respective study. Note that due to the
copyright issue, it is unfortunate that the original papers have to be removed
from the on-line version of the dissertation. Nevertheless, all the original papers
are available on the respective publishers’ websites.
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Figure 5.1: The targets and motivations of each paper/study
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Figure 5.2: Example of turbocharger turbine heat transfer analysis based on
the first law of thermodynamics. Adapted from the DES data published in Lim
et al. (2016).

5.1. Limitation of the �rst law of thermodynamics

The main objective of Paper 1 (Lim et al. 2016) was to assess the effects of
near-wall turbulence modeling on the performance of a turbocharger radial
turbine operating under continuous flow scenario. The computational domain
replicated the hot gas stand experimental set-up , similar to that of depicted in
Fig. 4.1. Note that the computational grid (e.g. grid size, density distribution)
was different to that of Chap. 4. In Paper 1, in addition to flow field analysis,
first law of thermodynamics was applied to quantify the effects of near-wall
turbulence modeling on turbine performance. Figure 5.2 shows an example
of the heat transfer analysis based on the first law of thermodynamics (ht =
q − wT ), with the data published in Lim et al. (2016). From Fig. 5.2, it is
clear that the first law of thermodynamics based heat transfer analysis can
only allow one to quantify the turbine power and the heat loss. Therefore, it is
necessary to find an alternative approach to improve the quality of heat transfer
analysis so that the associated aerothermodynamic losses could be identified
and quantified for a better understanding of the underlying physics.
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Figure 5.3: Computational model replicating hot gas stand continuous flow
scenario. The set-up was verified and validated in Chap. 4. Adapted from a
figure in Lim et al. (2018a).

5.2. Flow exergy based methodology development

The limitation with the first law of thermodynamic based analysis learned in
Sec. 5.1 indicates that there is a need to find an alternative tool to improve the
quality of heat transfer analysis in turbocharger turbine. In this dissertation,
a flow exergy based method as described in Sec. 2.2 was proposed. The de-
velopment of flow exergy based analysis by using three dimensional CFD flow
field data is documented in Paper 2 (Lim et al. 2018a). To simplify the en-
gineering problem during methodology development phase, a numerical set-up
resembling a hot gas stand with continuous flow scenario, as shown in Fig. 5.3
was adopted. Various heat loss levels in the turbine were modeled by applying
different constant wall temperatures which are lower than the gas temperature,
to all the turbine components.

Figure 5.4(a) shows the overall flow exergy budget for different levels of
heat loss. Total height of the bars represents the net exergy change rate within
the domain bounded by the inlet boundary plane and plane zout depicted in
Fig. 5.3. The fraction of different mechanisms contributing to the net change
of flow exergy rate is denoted by different colors within the bars. The reader is
referred to Sec. 2.2 for details on the methods used to compute each mechanisms
in the flow exergy budget. The ordinate is normalized by the total flux of flow
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Figure 5.4: Comparisons of (a) Overall flow exergy budget (b) Bejan number
with different levels of heat loss. Adapted from figures in Lim et al. (2018a).

exergy at the inlet boundary plane such that it ranges from zero to unity. The
ambient is used as the dead state, and hence a value of unity represents the
theoretical maximum energy that can be extracted as useful work from global
system perspective.

From Fig. 5.4(a), it is clear that both exergy lost via heat transfer and
the total irreversibilities are sensitive to heat loss. For example, when (Ttin −
Tw)/Ttin increases from 0.06 to 0.58, the exergy lost via heat transfer and the
total irreversibilities increase 8 and 15 times, respectively. On the other hand,
the effect of heat loss on turbine power is small in relative sense, as the drop
in turbine power is only about 14% when (Ttin − Tw)/Ttin increases from 0.06
to 0.58. There seems to be a weak correlation between turbine power with the
exergy lost via heat transfer and and the total irreversibilities. By following the
change in the specific volume of the gas from the inlet boundary plane to plane
zout for different heat loss levels, it was concluded that the main mechanism
associated with turbine power drop is the consequence of less gas expansion
due to heat loss (see Lim et al. (2018a) for details).

The irreversibilities depicted in the overall flow exergy budget in Fig. 5.4(a)
include the effects from both viscous friction and heat conduction. Here, the
Bejan number Be, a non-dimensional number as described in Sec. 2.3, can be
used to quantify the relative importance of viscous friction and heat conduction.
Figure 5.4(b) compares the Be of different turbine components with different
heat loss levels. In general, it is observed that Be increases with increasing heat
loss. However, the rate of increment in Be with heat loss is different for different
turbine components. The most upstream component, i.e. the inlet pipe, has
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Figure 5.5: Computational model and grid for a model integrated with exhaust
manifold.

Be ≈ 0 in adiabatic scenario. However, when heat loss starts to present, Be of
the inlet pipe increases significantly to about 0.8, and the values of Be remain
approximately constant at about unity with further increase of heat loss. On
the other hand, downstream turbine components show a more gradual increase
of Be with heat loss. This indicates that the upstream geometry component
is more sensitive to thermal irreversibilities, as compared to the downstream
components. This is because the temperature difference between the gas and
the wall is greater in the upstream component. In addition to the different
in temperature between the gas and the wall, the magnitude of heat loss also
depends on the surface-to-volume ratio. Therefore, in order to minimize the
thermal irreversibilities, it is important to insulate the upstream components
and the components with high surface-to-volume ratio.

5.3. E�ects of heat transfer in pulsatile �ow turbine

The flow exergy based analysis discussed in the previous section was devel-
oped and tested based on a hot gas stand continuous flow set-up. In order
to test its applicability for a pulsatile flow scenario, a computational model
with the exhaust manifold integrated upstream of the turbine was considered
as depicted in Fig. 5.5. Time-varying boundary conditions from an experimen-
tally calibrated engine simulation model (GT-POWER) as shown in Fig. 5.6
were imposed at the inlet ports of the computational domain according to the
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Figure 5.6: Boundary conditions for pulsating flow scenario at 1500 rpm engine
speed. Adapted from a figure in Lim et al. (2018b).

engine firing order 2-1-3-4. To simulate heat loss, constant wall temperature
Tw = 1073 K was imposed on the exhaust manifold and the scroll, while Tw =
928.8 K was imposed on the diffuser and the outlet duct. The rotor was treated
adiabatically. For the investigation of the effects of heat loss on performance
and flow field, a case which treats all the walls as adiabatic was also set-up.

Figure 5.7 shows the instantaneous static temperature distribution in the
scroll for the adiabatic and non-adiabatic (or diabatic) cases for 1500 rpm
engine speed. Streamlines are superimposed on the contour plots to visualize
the flow pattern. It is clear from Fig. 5.7 that although the magnitude of static
temperature in the scroll is lower in the diabatic scenario, the difference in
temperature gradient is insignificant, except at the region near to the wall.
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Figure 5.7: Impact of heat loss on the instantaneous static temperature dis-
tributions in the scroll with streamlines at t/tcycle ≈ 0.0584 under engine-like
pulsating flow scenario for 1500 rpm engine speed. See Figs. 5.5 and 5.6 for the
locations of sectional planes and the mentioned time instance. Adapted from
a figure in Lim et al. (2018b).

The influence of heat loss on the aerodynamic is small, as almost identical
streamlines are observed between the adiabatic and non-adiabatic scenarios.

The overall flow exergy budget for the adiabatic and non-adiabatic cases
are depicted in Fig. 5.8. Similar to the hot gas stand continuous flow scenario
as discussed in Sec. 5.2, heat loss attributes to higher flow exergy lost via
heat transfer and total irreversibilities, while the impact on the turbine power
reduction is relatively small (≈ 4%). The interested reader is referred to Paper 3
(Lim et al. 2018b) for more details about the effects of heat transfer in pulsatile
flow turbine.

5.4. E�ects of upstream exhaust manifold

To investigate the effects of upstream exhaust manifold, simulations were per-
formed on a model with the exhaust manifold removed. The time-varying mass
flow rate and mass flow averaged total temperature at the exhaust manifold-
scroll interface (see Fig. 5.10) were sampled from the simulation of a model
with exhaust manifold, and applied uniformly to the turbine inlet of a model
without the exhaust manifold as boundary conditions. Figure 5.9 gives a pic-
torial overview of the research strategy mentioned above. Note from Fig. 5.10
that the flow signals at the turbine inlet predicted by a model with exhaust
manifold are relatively periodic in time. Therefore, the simulation for a model
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Figure 5.8: Effects of heat loss on the overall flow exergy budget under engine-
like pulsating flow scenario for 1500 rpm engine speed. Adapted from a figure
in Lim et al. (2018b).

without the exhaust manifold was performed by using only the data from firing
of port 2 to reduce the physical computational time.

Figure 5.11 compares the instantaneous static temperature distribution in
the scroll during the initial blow down of the exhaust gas, as calculated us-
ing the geometrical models with and without the exhaust manifold, for 1500
rpm engine speed. Streamlines are overlaid on the contour plots for the vi-
sualization of flow pattern. It is obvious that with the presence of exhaust
manifold, in addition to a highly spatial non-uniformity in temperature dis-
tribution, secondary flow with rotating vortices are created in the scroll. As
the gas flows radially inwards, these large scales secondary flow seems to be
dampened in the longitudinal direction (along z coordinate axis), as indicated
by the radially inward streamline patterns near the outlet of the scroll. This
might be attributed to the converging sectional area of the scroll from outer to
inner radii. On the other hand, without the exhaust manifold, the exhaust gas
follows the geometry curvature of the scroll in both circumferential and radial
directions. Therefore, it is clear that the exhaust manifold plays a crucial role
in the fundamental flow physics in the scroll.
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Figure 5.9: Overview of the research strategy.

Instead of using the overall flow exergy budget as discussed in Secs. 5.2
and 5.3, flow exergy analysis could also be performed on each component in
the turbine system, as shown in Fig. 5.12. The flow exergy lost via heat transfer
and the total irreversibilities are observed to be higher in the scroll for the case
with exhaust manifold, as compared to the case without exhaust manifold.
The increase of flow exergy lost via heat loss is attributed to the heat transfer
rate enhancement by secondary flow. As higher flow gradients present in the
scroll of the geometrical model with exhaust manifold, larger entropy generation
rate is expected. Despite significant differences in the flow field in the scroll,
the differences in the predicted turbine power and the total irreversibilities in
the rotor are relatively small between the models with and without exhaust
manifold. For the component further downstream, i.e. the diffuser, the flow
exergy lost via heat transfer and the total irreversibilities are observed to be
small as well, when comparing between the two models. These results indicate
that the effects of upstream exhaust manifold might be confined to the scroll
only.

It should be noted that similar study was also performed on 2400 rpm
engine speed. The conclusions are identical to that of 1500 rpm engine speed
in general. The interested reader is referred to Paper 4 for details.
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Figure 5.10: Flow data at turbine inlet predicted by the model with exhaust
manifold for 1500 rpm engine speed. The total temperature is mass weighted
averaged.
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gets for different turbine components for 1500 rpm engine speed.



CHAPTER 6

Summary and outlook

The research carried out targeted an enhanced understanding of the thermo-
fluid physics associated with a turbocharger radial turbine operating under
realistic on-engine conditions. This chapter summarizes the important out-
comes of the study. The limitations with the work performed are discussed,
and possible future work is proposed towards the end of the chapter.

6.1. Conclusions

By systematically targeting each characteristic feature of a turbocharger tur-
bine, the research questions outlined in Sec. 1.6 were answered. Within the
scope of the dissertation, as well as the specified geometry and boundary con-
ditions, the conclusions to each research question are given below:

1. How to quantify the aerothermodynamic losses in a turbine with
heat transfer?

It is possible to identify and to quantify the aerothermodynamic losses in
a turbocharger radial turbine with heat transfer by using the proposed flow
exergy based analysis. The flow exergy budget provides a compact way to rep-
resent the analysis results, as the relationship between turbine power, aerother-
modynamic related losses and heat transfer could be visualized in a single bar
chart. The developed flow exergy based analysis could be applied to both
hot gas stand continuous flow as well as engine-like pulsating flow scenarios.
Although this dissertation mainly focused on flow exergy analysis by using
three-dimensional CFD data, the proposed flow exergy methodology is also
applicable to data from a one-dimensional simulation, with loss of the thermo-
fluid physics due to spatial flow variations.

2. What are the aerothermodynamic effects due to heat transfer on
the performance of a turbine?

Through the flow exergy analysis with different levels of heat loss, it was
found that although heat loss increases the flow exergy lost via heat transfer
and the total internal irreversibilities significantly, the drop of turbine power
due to heat loss is relatively small. The underlying mechanism of turbine power
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reduction is mainly attributed to less gas expansion as a result of heat loss.

3. What are the effects of flow pulsation in conjunction with the sec-
ondary flow due to the presence of exhaust manifold on the thermo-
fluid physics, including flow field, turbine power, aerothermodynamic
losses and heat transfer rate?

The fundamental thermo-fluid physics in the scroll is governed by the ex-
haust manifold. By considering the complex exhaust manifold upstream of the
turbine, a spatially non-uniform flow field with induced secondary flow motion
is observed in the scroll. Despite the presence of a disturbed flow field in the
upstream components, surprisingly, the turbine power is not much affected, i.e.
≈ 2%. This indicates that a geometrical model without the exhaust manifold
is sufficient if only turbine power is of interest. Nevertheless, the exhaust mani-
fold should be included if one would like to study and understand the complete
thermo-fluid physics of a turbocharger turbine.

6.2. Limitations

The applicability of flow exergy analysis by using three-dimensional CFD data
was demonstrated in this dissertation. As there are limitations associated with
current experimental techniques to measure hot and pulsatile flow variables,
the applicability of flow exergy analysis by using experimental data is still
challenging. Nevertheless, this dissertation successfully demonstrated that a
flow exergy analysis could improve the quality of heat transfer analysis in a
turbocharger turbine by providing information about the thermo-fluid physics,
which is not available via the customary analysis based on the first law of
thermodynamics.

The computational studies in this dissertation depended on experimen-
tally calibrated 1D engine simulation models as boundary conditions. Ideally,
time-varying boundary conditions provided directly from experimental mea-
surements are desirable, but this ideal approach is often limited by the current
state-of-the-art of measurement techniques under hot and pulsatile flows. It is
probably over confident to claim that the simulation results depicted 100% the
real on-engine conditions. However, qualitative and quantitative comparisons
of the flow fields and the performance of different cases in relative senses are
thought to be valid. Therefore, this dissertation has partially achieved the ob-
jective to understand the aerothermodynamic effects due to heat loss on the
turbine performance under on-engine pulsatile flow scenario.

6.3. Future challenges

As mentioned in the previous section, the simplified boundary conditions are
the main limitation of this dissertation. In the future, conjugate heat transfer
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(CHT) simulations could be performed to minimize the uncertainties associated
with thermal boundary conditions, despite a higher computational cost.

This dissertation proposed a flow exergy based method to enhance the
quality of heat transfer analysis in a turbocharger turbine by using CFD data.
From an industrial perspective, it might be beneficial to incorporate the flow
exergy analysis in existing one-dimensional engine simulation models for an
overall engine system performance optimization.



CHAPTER 7

Publications

7.1. The doctoral project

This doctoral project was initiated by Mihai Mihaescu (MM) within the Com-
petence Center of Gas Exchange (CCGEx) at KTH. It was one of the projects
within the HOTSIDE research area, coordinated by MM. The project goals
and research questions were formulated by MM with inputs from the industrial
partners. The research was funded by the Swedish Energy Agency and had
SCANIA, Volvo Cars, Volvo GTT, and BorgWarner Turbo Systems Engineer-
ing as industrial partners. The industrial partners contributed to the project
with required geometries, boundary conditions for the simulations and by pro-
viding feedback regularly within the framework of the HOTSIDE research area.

7.2. Division of work

In all the papers appended in this dissertation, Shyang Maw Lim (SML) was
responsible to set-up and run the computational simulations, post-processing
the data, analyzed the results and wrote the manuscripts under the supervi-
sions and inputs from MM and Anders Dahlkild (AD). Detailed contributions
from each author and the industry partners in each paper are stated below.

Paper 1. Lim SM., Dahlkild, A., Mihaescu M. (2016) Wall Treatment Ef-
fects on the Heat Transfer in a Radial Turbine Turbocharger. In Proceed-
ings of the 5th International Conference on Jets, Wakes and Separated Flows
(ICJWSF2015) (ed. A. Segalini), pp. 439-447. Springer International Publish-
ing.

This paper was an earlier attempt to investigate the effects of near-wall turbu-
lence modeling on the prediction of heat transfer in turbocharger turbine. The
results provided some guidelines to the study design in the sensitivity studies
and the methods of verification of the numerical set-up, as outlined in Chap. 4.
BorgWarner contributed to the study by providing the turbine geometry, flow
boundary conditions from performance maps and information about the hot
gas stand. The study design was proposed by MM, and implemented by SML.
SML analyzed the flow field in the turbine, and initiated the first law of ther-
modynamics based analysis to quantify the correlation between the turbine

79



80 7. PUBLICATIONS

power and the magnitude of heat loss, with the guidance from MM and AD.
The results were presented by SML in the 5th International Conference on Jets,
Wakes and Separated Flows.

Paper 2. Lim SM., Dahlkild, A., Mihaescu M. (2018) Aerothermodynamics
and exergy analysis in radial turbine with heat transfer. J. of Turbomachinery.
140(9), 091007.

The main objective of Paper 2 was to demonstrate how flow exergy analy-
sis could be applied and to improve the quality of heat transfer analysis in a
turbocharger turbine by using a set-up replicating a hot gas stand continuous
flow scenario. AD proposed the general flow exergy-balance equation with un-
steadiness. This equation eventually became the backbone of the subsequence
studies in this dissertation. SML used three-dimensional CFD data within the
framework of the flow-exergy balance equation. The flow exergy budget and
the irreversibilities (via the Bejan number) were estimated by SML. The idea
of using the polytropic relation to explain the possible physical mechanisms
attributing to turbine power reduction due to heat loss was suggested by AD,
while SML tested the hypothesis and drew the conclusions. The investigation
regarding the discrepancies associated with different evaluation methods of the
total irreversibilities was suggested by MM, and implemented by SML. SML
also initiated the possibilities of performing flow exergy analysis with the infor-
mation from turbine performance maps for a fast assessment of the available
energy utilization.

Paper 3. Lim SM., Dahlkild, A., Mihaescu M. (2018) Aerothermodynamics
and exergy analysis of a turbocharger radial turbine integrated with exhaust
manifold. In 13th International Conference on Turbochargers and Turbocharg-
ing, pp. 459-471. Institution of Mechanical Engineers.

Paper 3 aimed to test the applicability of the flow exergy analysis developed in
Paper 2 for on-engine pulsating flow conditions by considering adiabatic and di-
abatic scenarios. Besides the support from BorgWarner in term of turbine and
exhaust manifold geometry, Volvo Cars also supported the work by providing
the boundary conditions from their experimentally calibrated 1D engine simu-
lation model. MM suggested to include detailed flow field analysis in addition
to the flow exergy budget in the paper. The results were presented by SML
in the 13th International Conference on Turbochargers and Turbocharging in
London.

Paper 4. Lim SM., Dahlkild, A., Mihaescu M. (2018) Influence of upstream
geometry on pulsatile turbocharger turbine performance. To be submitted to
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J. of Turbomachinery.

Paper 4 was highly motivated by the fact that most of the studies tackling the
pulsatile flow in a radial turbine are ignoring the presence of the exhaust man-
ifold, and hence the effects of exhaust manifold on the flow field and turbine
performance are unclear. Thus, important details associated with the realistic
on-engine scenario are not considered. Similar to Paper 3, BorgWarner and
Volvo Cars provided the geometry and the boundary conditions, respectively.
The overall research strategy of having geometrical models with and without
the exhaust manifold was proposed and implemented by SML. Velocity triangle
analysis at the rotor inlet in both space and time was suggested and conducted
by SML. The preliminary results of Paper 4 were presented in the 2018 ASME
Turbomachinery Technical Conference and Exposition (Turbo Expo 2018) in
Oslo and in the 15th International Symposium on Unsteady Aerodynamics,
Aeroacoustics and Aeroelasticity of Turbomachines (ISUAAAT15) at the Uni-
versity of Oxford.

7.3. Other publications

Other publications not included in the dissertation but important to the out-
comes are stated below.

Lim SM. and Mihaescu M. (2015) Turbocharger Turbine Performance; a Sen-
sitivity Study to the Boundary Conditions . In Proceedings of the 14th Inter-
national Symposium on Unsteady Aerodynamics, Aeroacoustics and Aeroelas-
ticity of Turbomachines (ISUAAAT14), Stockholm, Sweden, I14-S14-1.

Lim SM., Dahlkild, A., Mihaescu M. (2018) Exergy analysis on Turbocharger
Radial Turbine with Heat Transfer. In Proceedings of 12th European Confer-
ence on Turbomachinery Fluid Dynamics and Thermodynamics, Stockholm,
ETC2017-267.

Lim SM., Dahlkild, A., Mihaescu M. (2018) Influence of Upstream Geome-
try on Pulsatile Turbocharger Turbine Performance. In Proceedings of Turbo
Expo: Power for Land, Sea, and Air, Volume 8: Microturbines, Turbochargers,
and Small Turbomachines; Steam Turbines: doi:10.1115/GT2018-76706

Lim SM., Dahlkild, A., Mihaescu M. (2018) Effects of Upstream Exhaust Man-
ifold on the Flow Fields of a Turbocharger Radial Turbine. In Proceedings of
the 15th International Symposium on Unsteady Aerodynamics, Aeroacoustics
and Aeroelasticity of Turbomachines, University of Oxford, UK, ISUAAAT15-
072.
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