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Dynamics of Exhaust Valve Flows and Bluff Body Vortex
Shedding

Marcus Winroth

CCGEx, KTH Mechanics, Royal Institute of Technology
SE-100 44 Stockholm, Sweden

Abstract
This thesis can be divided into two interconnected topics; engine exhaust-valve
flows and confined bluff-body vortex shedding.

When optimising engine flow systems it is common to use low order simula-
tion tools that require empirical inputs, for instance with respect to flow losses
across the exhaust valves. These are typically obtained from experiments at
low pressure ratios and for steady flow, assuming the flow to be insensitive to
the pressure ratio and that it can be considered as quasi-steady. Here these two
assumptions are challenged by comparing measurements of mass-flow rates un-
der steady and dynamic conditions at realistic pressure ratios. The experiments
with a static valve were carried out using a high-pressure flow bench at cylinder
pressures up to 500 kPa. For the dynamic-valve experiments the transient
flow rate during the blowdown phase of an initially pressurised cylinder was
determined. Here a linear motor actuated the valve to obtain equivalent engine
speeds in the range 800–1350 rpm. It was shown that neither of the above
mentioned assumptions are valid and a new non-dimensional quantification
of the steadiness of the process was formulated. Furthermore it was shown
through Schlieren visualisation that the shock structures in the exhaust port
differ depending on if the system dynamics are included or not. The study shows
that reliable results of flow losses past exhaust valves can only be obtained in
dynamic experiments at representative pressure ratios.

The second topic arose from the need to monitor time-resolved mass-flow
rates in conduits. A mass-flow meter based on vortex shedding from bluff bodies
was designed where microphones are used to detect the shedding frequency. It
consists of a forebody and a downstream mounted tail and the system was shown
to be capable of measuring pulsating flow rates. Furthermore, the flow topology
associated with different forebody and splitter plates has been characterised,
through visualisation of the flow behind the shedder and on the splitter plate.
It has been shown that for long splitter plates a “horse shoe” like vortex, which
attaches to the tail, is formed. It has also been shown that another energetic
mode (denoted mode-II ) can interact with and disrupt the primary vortex
formation. A hypothesis for the appearance of mode-II has been formulated,
linking it to the periodic separation of the boundary layer at the conduit wall.

Key words: Exhaust valve, poppet valve, dynamic valve, discharge coefficient,
Schlieren, bluff body, vortex shedding, temporal mass flow.
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Dynamik för avgasventilflöden och virvelavlösning fr̊an trub-
biga kroppar

Marcus Winroth

CCGEx, KTH Mekanik, Kungliga Tekniska Högskolan
SE-100 44 Stockholm, Sverige

Sammanfattning
Denna avhandling behandlar tv̊a relaterade omr̊aden; strömning förbi avgasven-
tiler och virvelavlösare i slutna kanaler.

Vid simulering av gasflödet i förbränningsmotorer är det nödvändigt att
använda förenklade strömningsmodeller som använder empiriskt bestämda kon-
stanter och samband, t.ex. vad gäller tryckförluster över avgasventilen. S̊adana
förlustkoefficienter bestäms i allmänhet under statiska förh̊allanden och vid l̊aga
tryckförh̊allanden, trots att tömningsprocessen är transient och tryckförh̊allandet
initialt högt. Dessa tv̊a antaganden har undersökts experimentellt genom att
jämföra massflöden fr̊an cylindern till omgivande atmosfär med b̊ade statisk
och rörlig ventil. Mätningar med statisk ventil utfördes i en kompressormatad
strömningsrigg med cylindertryck upp till 500 kPa. I det transienta fallet tryck-
sattes cylindern och en linjärmotor öppnade ventilen motsvarande motorvarvtal
p̊a 800–1350 rpm. Resultaten visar att varken antagandet om kvasistationaritet
eller tryckoberoende h̊aller. Ett nytt dimensionslöst tal har definierats och
använts för att bestämma om processen är kvasistationär. Utöver detta har
systemdynamikens inverkan p̊a stötar i avgasporten studerats genom Schlieren
visualisering. Stora skillnader i stötmönstren i avgasporten har p̊avisats mellan
stationära och transienta förh̊allanden. Slutsatserna fr̊an experimenten är att
tillförlitliga resultat gällande förluster över avgasventiler kräver att dessa mäts
vid representativa tryckförh̊allanden under en transient tömningsprocess.

Det andra omr̊adet behandlar en metod att mäta tidsupplöst massflöde i
rör genom att bestämma virvelavlösningsfrekvensen fr̊an en kropp monterad
i röret. Frekvensen som är relaterad till flödeshastigheten bestäms med hjälp
av tv̊a mikrofoner. Mätaren best̊ar av en huvudkropp med en nedströms sym-
metriskt monterad platta (avdelare). Experimenten visade att det var möjligt
att bestämma massflödet ocks̊a i pulserande strömning. Vidare har inverkan av
virvelavlösarens geometri p̊a flödestopologin utvärderats. För tillräckligt l̊anga
avdelare genereras en U-formad virvel vars ändar fäster p̊a avdelarens yta och
som sedan periodiskt lämnar avdelaren. Ytterligare en energirik struktur med
betydligt högre frekvens än den primära virvelavlösningen har visats kunna
interagera med och ocks̊a störa ut den primära virvelavlösningen. En hypotes
för dess tillkomst har formulerats, kopplat till gränsskiktsavlösning.

Nyckelord: Avgasventil, rörlig ventil, motorsimulering, utsläppskoefficient,
Schlieren, trubbiga kroppar, virvelavlösning.
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Preface

This thesis can be divided into two topics: Exhaust valve flows and bluff-body
vortex shedding. The thesis is divided into two parts. Part I presents a summary
of the work that has been done and gives an introduction to some necessary
physical concepts. Part II is composed of the different publications that have
been produced through this project and are listed below. The style of the
publications have been altered to fit with the style of the thesis, the content of
the papers have not been altered, however.

Paper 1. P. M. Winroth & C. L. Ford & P. H. Alfredsson, 2018. On
discharge from poppet valves: Effects of pressure and system dynamics. Exp.
Fluids 59 (24).

Paper 2. P. M. Winroth & P. H. Alfredsson, 2019. On shock structures
in dynamic exhaust valve flows. Phys. Fluids 31 (026107).

Paper 3. C. L. Ford & M. Winroth & P. H. Alfredsson, 2016. Develop-
ment of a pressure based vortex-shedding meter: Measuring unsteady mass-flow
in variable density gases. Meas. Sci. Technol. 27 (085901).

Paper 4. C. L. Ford & P. M. Winroth & P. H. Alfredsson, 2018.
Vortex-meter Design: The Influence of Shedding-body Geometry on Shedding
Characteristics. Flow Meas. Instrum. 59, pp. 88–102.

Paper 5. C. L. Ford & P. M. Winroth, 2019. On the scaling and topology
of confined bluff-body flows. Under revision.

Paper 6. P. M. Winroth, 2017. Characterization of and correction for
pressure-measurement installation. Tech. rep. (ISBN: 978-91-7729-569-3).

April 2019, Stockholm

Marcus Winroth
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Part I

Overview and summary





Chapter 1

Introduction

As the energy demand across the globe increase so does the anthropogenic
greenhouse gas (GHG) emissions. Carbon dioxide (CO2) is the most common
GHG emission and makes up approximately 76 % of all the GHG emissions, see
the right-hand chart in Fig. 1.1. In any combustion of carbon compounds, such
as wood or oil, CO2 is produced. Examining the GHG emissions by economic
sector it can be found that approximately 14 % of the total GHG emissions
comes from the transportation sector, see the left-hand chart in Fig. 1.1.

In 2009 the first mandatory European standard for CO2 emissions of new
passenger cars was set. It stated that the fleet average CO2 emissions should be
below 130 g/km by 2015. Although this is an incitement for manufacturers to
increase the fuel efficiency the biggest driver might just be the consumer market.
For instance, fuel is one of the largest expenses for any road transport company.

Figure 1.1: Left: Global GHG emissions by economic sector. Right: Global
GHG emissions by gas. Data taken from IPCC (2014), values are based on
emissions during 2010 (F-gases are fluorinated gases covered under the Kyoto
Protocol).
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4 1. Introduction

When vehicles becomes autonomous, fuel cost will be an even larger share of
the total expenses for a transport company. Renewable fuels, such as bio-diesel,
are generally less energy dense than its fossil counterpart (Semelsberger et al.
2006, Karabektas 2009), hence a transfer to renewable fuels will increase the
fuel consumption. This means that producing fuel-efficient engines is one of (if
not) the most important tasks of car and truck manufacturers.

Today, the most common way to decrease the fuel consumption is through,
what is commonly called, “downsizing”. This is the concept of fitting a small
engine with a turbocharger, which increases the power output by recovering
some of the energy in the exhaust gases, and letting the small engine replace a
bigger one. The decrease in size leads to lower frictional losses and lower weight,
thus leading to an overall increase in the fuel economy. Such engine systems
are however more complex than a traditional, naturally aspirated engine and
thus needs careful optimisation to work satisfactorily.

An illustrative image of a simplified diesel engine cylinder, marking out
some key features, is shown in Fig. 1.2 (for detailed description of internal
combustion engines see e.g. Heywood (1988)). Marked in blue is the intake port,
which connects the intake manifold to the cylinder. Also marked in this image is
the exhaust port (coloured red). The exhaust port connects the cylinder to the
turbocharger turbine through the exhaust manifold. Closing the exhaust valve
causes the valve seat and the valve head to mate and thus seal the cylinder.
The valve has a long stem which keeps the valve centred to the seat and allows
the cam to actuate the valve.

The working cycle of a typical diesel engine is as follows (refer to Fig. 1.3 for
a visual aid): Air enters the cylinder through the intake port. This is called the
intake stroke and happens as the piston is moving downwards in the cylinder.
If a turbocharger is used this intake air is compressed to allow for more fuel
to burn during the combustion. After the piston has reached bottom dead
centre (BDC) the compression stroke starts, in which the air in the cylinder is
compressed. As the piston approaches top dead centre (TDC) fuel is added and
allowed to burn. Through the combustion heat is added to the system and the
piston is forced downwards. This is called the power stroke and is the stroke
from which useful work is taken. As the piston again approaches BDC the
exhaust valve is opened and the burnt gases are allowed to escape the cylinder
(exhaust stroke). The exhaust gases have high temperature and pressure and
thus rich in energy. Part of this energy is what a turbocharger extracts with
the use of a turbine.

The exhaust stroke can be divided into two phases: The blowdown phase
and the displacement phase. The blowdown phase is the initial part of the
exhaust stroke and is also the part of the stroke which contains most of the
energy. Typically the exhaust valve opens at 50-60 crank angle degrees (CAD)
before BDC and closes at 8-20 CAD after TDC. This is illustrated in Fig. 1.4.
This means that during the blowdown phase the piston is always close to the
bottom of the cylinder and the volume change is thus small for this phase. The
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Intake port Exhaust port

Piston bowl

Valve head

Valve stem

Valve seat

Figure 1.2: Image of a simplified engine cylinder. Image adapted from paper 1.

INTAKE COMPRESSION POWER EXHAUST
KTH CCGEx
141007/NT

Figure 1.3: Working cycle of a four-stroke engine (image courtesy of Nils
Tillmark).

later part of the stroke, as the gases are being “pushed” out of the cylinder buy
the piston, is referred to as the displacement phase.

1.1. Exhaust valve flows

To decrease costs, in the development phase of engine systems or components,
engine optimisation is to a large extent performed using 1D engine simulation
tools instead of performing full engine tests. In such simulations, complex
flows, such as the flow past the exhaust valve, are modelled as a straight
pipe with a discharge coefficient (CD) that modifies the effective area of the
pipe. The discharge coefficient for a certain geometry is commonly determined
experimentally and is defined as:
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Figure 1.4: Piston position (blue) and exhaust valve position (red) as a function
of crank angle degrees.

CD =
ṁactual

ṁideal
, (1.1)

where ṁactual is the actual mass flow past the valve and ṁideal is the flow past
the valve if the flow was isentropic (further discussed in Chapter 2).

Experiments to determine CD are usually performed using low-pressure
flow benches (i.e. with relatively low pressure ratios across the valve) at steady
conditions. A look-up table is created by measuring CD at different valve
lifts. The look-up table is then read in the simulation and the mass flow is
readily calculated. This mass flow is then used as boundary condition for
the 1D calculations of the flow in the exhaust system (for more reading on
engine simulations see e.g. Gamma Technologies Inc. 2009). This means that
two assumptions are made concerning the exhaust valve flow, namely: i) the
discharge coefficient is insensitive to pressure ratio, ii) the flow can be considered
quasi-steady.

Most studies of the exhaust valve flow use the above mentioned assumptions.
As an example, Tanaka (1931) studied the flow topology of a 2D geometry
using a low-pressure flow bench at steady conditions. Large eddy simulations
(LES) of the valve flow later showed that two of the structures found by Tanaka
existed in the 3D geometry as well (Semlitsch et al 2015).

Although the 1D simulation assumptions mentioned above may seem rea-
sonable, they have never been unambiguously proven, as can be seen from the
discussion below.

The study by Semlitsch et al (2015), using LES, showed that the experiments
typically performed in industry have a maximum Mach number that is below
0.3. For such Mach numbers the effects of compressibility is negligible and
any effect on the valve efficiency caused by compressibility is thus almost not
included in such experiments.



1.1. Exhaust valve flows 7

Using a high-pressure steady-flow bench, allowing pressure ratios up to
p0,cyl/pport ≈ 4.8 (p0,cyl is the cylinder stagnation pressure and pport is the port
pressure), Woods and Khan (1965) studied the influence of pressure ratio on
the efficiency of exhaust valves. They found that CD was independent of the
pressure ratio at small valve lifts (`/d < 0.04, where ` is the valve lift and
d is the port diameter). At larger valve lifts the effective area was shown to
either decrease or increase (depending on geometry) with pressure ratio, if
p0,cyl/pport < 2. It was also shown that CD becomes constant for any given
valve lift when p0,cyl/pport > 2.2. Another study in which the effects of pressure
ratio were investigated is the experimental work by Decker (2013). In those
experiments a cylinder was pressurised (initial cylinder pressure p0,i = 800 kPa)
and the exhaust valve was quickly opened to a fixed valve lift to let the cylinder
discharge into the room. The value of CD was evaluated from the moment the
valve reached the intended lift until the pressure ratio had decreased to the
limit for choked conditions (i.e. sonic conditions at the minimum area). Decker
showed that CD was decreasing with increasing pressure ratio. Furthermore it
was shown that a geometry that had been optimised, using classical steady-flow
experiments, to give an 6-7 % increase in CD actually displayed a decrease of
1-3 % when measured using the more realistic discharging cylinder. Hu (1944)
performed an extensive analysis of how valve and seat geometries affect the
value of CD. The experiments were of the same type as described by Decker.
The mass-flow rates were obtained by measuring the slope of the cylinder
pressure-time diagrams (recorded using a classic engine indicator), using a
milling-machine-telescope setup. Only the average values of CD were presented,
but it was stated that CD was almost independent of (actually slightly increasing
with) the initial cylinder pressure.

The effects of system dynamics was studied by Semlitsch et al (2014, 2015)
using LES. In the 2014 paper the effects of pulsating boundary conditions
(equivalent to an engine speed of 1500 rpm), with a stationary valve, were
investigated. It was found that although the flow fields varied significantly
between pulsating and the steady boundary conditions the value of CD only
showed a 2 % decrease for pulsating conditions. In Semlitsch et al (2015) the
valve and piston motion was also included in the investigation (valve lifts in
the range 3.5–15 mm were simulated at an engine speed of 1200 rpm). Again,
significant differences in the flow fields were observed but no major effects on
the values of CD were found. Based on these results it was concluded that the
piston and valve motion can be neglected when measuring CD.

In the study by Benson (1959) the discharge coefficient of a two-stroke
engine was investigated, under both steady and dynamic conditions. In the
dynamic experiments the engine was mechanically driven by a separate motor
and the cylinder was fed with compressed air, giving a cylinder pressure of
approximately 4 atm at the point of valve opening. The cylinder-pressure
trace was recorded using a Farnboro engine indicator and used to evaluate the
mass-flow rate (similar to the method used by Hu and Decker). The results



8 1. Introduction

showed a considerable decrease in CD when operated under dynamic conditions
compared to the corresponding steady measurements.

The quasi-steady assumption of exhaust valve flows were evaluated by
Woods and Khan (1967) by comparing measurements from a dynamically
discharging cylinder (including valve motion but excluding piston motion) to
pressures calculated using a CD obtained through steady-flow experiments. The
experiments had an initial cylinder pressure in the range 189 ≤ p0,i ≤ 352 kPa
and were run with an equivalent engine speed in the range 407 ≤ n ≤ 808 rpm.
By comparing the calculated and measured pressures in the cylinder and in a
downstream mounted nozzle it was concluded that the assumption of quasi-
steadiness is justified.

Although the exhaust-valve flow has been studied for a long time no previous
work on the shock structures in the exhaust port has been found by me in the
literature. The fact that the assumptions of quasi-steadiness and pressure-ratio
insensitivity are still open question and that essentially nothing is known of the
shock structures in the port are the motivation for this part of the thesis. This
thesis will thus aim to once and for all settle the question of whether the flow
past the exhaust valve is insensitive to pressure ratio and can be considered
quasi-steady. This will be done through directly comparing CD obtained under
steady conditions to those obtained from a dynamically discharging cylinder,
with a moving valve. It will also explore the effects of system dynamics on the
shock structures in the exhaust port using Schlieren photography to directly
compare the shock structures generated under steady and dynamic conditions.

1.2. Bluff body vortex-shedding

A key factor in a lot of engine related research is the ability to measure
temporally resolved mass-flow rates. A big problem with the flows in many
industrial/technical applications, e.g. flow in the exhaust manifold, is that
the flow is “dirty” (i.e. laden with particles such as for instance soot). This
means that many conventional methods, such as hot-wire measurements, cannot
be used (owing to their fragile nature). To tackle this problem an entirely
pressure-measurement based mass-flow meter was developed. The meter utilises
the periodic wake shedding of a bluff-body in a cross flow (the von Kármán
vortex street, artistically depicted in Fig. 1.5) to estimate the fluid velocity.
Vortex-type flow meters have been shown to be able to measure temporally
varying mass-flow rates (see e.g. Hu et al. (2002) or Laurantzon et al. (2010)).
Miau et al. (1993a,b) showed that a shedder geometry consisting of a forebody
with a downstream mounted splitter plate can effectively be used to reduce
low frequency noise and assist the shedding frequency detection. In order to
generate a large signal-to-noise ratio but not to cause too high pressure drop,
the blockage ratio (defined by the ratio of the shedder maximum thickness
and the pipe diameter, d/D) typically has a value around 0.3 (Venugopal et al.
2011).
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Figure 1.5: Artistic interpretation of the von Kármán vortex street behind a
cylinder (half sphere in the photo). The statue is situated on the building wall
of the Fluid Physics Laboratory at KTH, Stockholm.

In order to design an efficient vortex flow meter it is important to gain
some physical understanding of the scaling of the flow. Previous studies have
found that the non-dimensional frequency, the Strouhal number (St), displays
some dependency on Reynolds number (Re), see e.g. Norberg (1994); Fey et al.
(2011). These studies have, like most classic work, been made for very low
blockage ratios d/D = O(10−2). For geometries with large d/D the presence of
the confining walls can affect the characteristics of the vortex shedding (Rehimi
et al. 2008).

The flow topology associated to bluff bodies with splitter plates has been
studied for a rather long time. Some noteworthy mentions are the work by
Bearman (1965) who studied the flow behind a vortex-shedding bluff-body
with splitter plates of different geometries, using a rectangular wind tunnel.
The bluff body in that study had a long span (28d) and the blockage ratio
was low (d/D = 0.031 where D is the test section height). The Reynolds
numbers considered was 104–105, which is in the range considered in the
present study. Bearman presented a surface-flow-visualisation image showing an
uniform reattachment line for a geometry with a splitter plate length of l/d = 4,
indicating a more or less 2D flow field downstream of the shedder. However,
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the image only shows about 30% of the span. Furthermore, it is reported that
similar reattachment lines were found for splitter plate lengths above l/d = 2.9.

In contrast to the results of Bearman, Ruderich & Fernholz (1986) presents
images of smoke and surface-flow visualisations which indicate a highly 3D flow
field over the splitter plate. In this study very long splitter plates were used
(l/d ≈ 30) and the Reynolds number was of the order of 104. Another difference
to the experiments of Bearman is the span (10d) and blockage (d/D = 0.1) of
the bluff body.

In this thesis a new design for a vortex flow meter will be presented
and the performance evaluated. This includes a description of the geometry,
measurement techniques and data-reduction methodology. Furthermore, the
influence of geometry and flow conditions on the shedding characteristics and
flow topology will be experimentally investigated.

1.3. Outline of thesis

The outline of this thesis is as follows; in chapter 2 some fundamental physical
principles of compressible flow are described, which are necessary for under-
standing the results of the thesis. This is followed by chapter 3 which deals
with the experimental investigation of bluff-body vortex shedding in conduits.
Chapter 4 gives a summary of the research performed on exhaust valve flows
through out this project. A summary of what has been discussed in the thesis
is given in chapter 5. Finally, chapter 6 gives a list of the appended papers and
the contribution of the different authors to each paper.



Chapter 2

Some basic compressible flow features

In this chapter some fundamental physical principles and techniques, necessary
to fully understand the results of the thesis, will be discussed. This includes a
derivation of the isentropic relations, a discussion on compressible flow through
a quasi-1D nozzle and a brief description on Schlieren photography.

2.1. Isentropic relations

A process which has no heat addition (into or from the system) is referred to
as an adiabatic process. Or expressed mathematically: δq = 0, where δq is the
incremental addition of heat to the system (lower case letters denote specific
values, i.e. per unit mass).

A reversible process refers to a process where the initial state can be
recovered by reversing the process, meaning that there is no effect of viscosity,
thermal conductivity and mass diffusion. A process which is both adiabatic and
reversible is called isentropic.

According to the first law of thermodynamics; the change of internal energy
(e) of a system can be described by:

de = δq + δw , (2.1)

where δw is the work done on the system by the surroundings. The internal
energy is a state variable, meaning that de is only dependent on the initial and
final state. δq and δw, however, are dependent on the process itself, i.e. how
the system got from the initial to the final state. For a reversible process, the
work done on the system will be the work through a change in volume, so called
pressure-volume work. This can be used, together with eq. (2.1) and the heat
addition expressed in terms of entropy change (ds) to give:

Tds = de+ pdv , (2.2)

where p is the pressure, T is the temperature and dv is the change in specific
volume. Enthalpy (h) is a state variable defined as:

h = e+ pv . (2.3)

11



12 2. Some basic compressible flow features

Equation (2.3) can be differentiated and rearranged to give the following ex-
pression:

de = dh− pdv − vdp . (2.4)

If the gas is assumed thermally perfect the change in enthalpy can be calculated
as:

dh = cpdT , (2.5)

where cp is the specific heat capacity of the gas at constant pressure. Using
eq. (2.4) and eq. (2.5) in eq. (2.2) gives:

ds = cp
dT

T
− vdp

T
. (2.6)

If the gas is (as stated above) thermally perfect the ideal-gas law will hold,
which is defined as:

pv = RT or p = ρRT , (2.7)

where R is the specific gas constant (R = cp − cv, where cv is the specific heat
capacity at constant volume) and ρ is the gas density. Using the ideal-gas law,
the second term, on the right hand side, in eq. (2.6) can be rewritten and yield
a new expression:

ds = cp
dT

T
−Rdp

p
. (2.8)

If it is a calorically perfect gas (cp is constant) eq. (2.8) can be integrated from
state 1 to 2 to give:

∆s = cp ln
(T2
T1

)
−R ln

(p2
p1

)
. (2.9)

If the process is assumed isentropic (i.e. adiabatic as well as reversible) there
will be no change in entropy (∆s = 0). This means that a relation between
temperature and pressure (and density, using the ideal-gas law) can be found
as:

T2
T1

=
(p2
p1

)R/cp
=
(p2
p1

)(γ−1)/γ
=
(ρ2
ρ1

)γ−1
, (2.10)

where γ is the ratio of specific heat capacity at constant pressure and constant
volume (γ = cp/cv). The relations in eq. 2.10 are commonly called the isentropic
relations.
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A1
p1

T1
u1
ρ1

A2
p2

T2
u2
ρ2

1
2

Figure 2.1: Control volume.

2.2. De Laval nozzle flow

The steady, isentropic, compressible, quasi-1D flow, with no body forces, through
a converging-diverging nozzle is governed by three equations: Conservation of
mass:

u1ρ1A1 = u2ρ2A2 , (2.11)

conservation of momentum:

p1A1 + ρ1u
2
1A1 +

A2ˆ

A1

pdA = p2A2 + ρ2u
2
2A2 , (2.12)

conservation of energy:

h1 +
u21
2

= h2 +
u22
2
, (2.13)

where A is the local flow area and u is the fluid velocity. The subscripts 1 and
2 denotes the two flow-boundaries of the control volume (see Fig. 2.1).

Writing eq. (2.13) in terms of temperature and using stagnant conditions
for boundary 1 (i.e. u1 = 0) yields:

cpT0 = cpT +
u2

2
, (2.14)

where subscript 0 denotes stagnation condition. Since the flow is isentropic
the stagnation properties are constant and thus the second control-volume
boundary can be anywhere (hence the subscript 2 is dropped). Using eq. (2.14)
an expression for the stagnation-to-static temperature ratio can be found as:

T0
T

= 1 +
u2

2cpT
= 1 +

γ − 1

2

u2

γRT
, (2.15)
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note that cp = γR/(γ−1). Using the definition of the speed of sound, a =
√
γRT ,

an expression for the temperature ratio as a function of the Mach number
(M = u/a) can be formulated:

T0
T

= 1 +
γ − 1

2

u2

a2
= 1 +

γ − 1

2
M2 . (2.16)

Using the isentropic relations, see eq. (2.10), similar expressions can be found
for the pressure and density ratios.

From the equations of conservation the following expression can be found:

dA

A
= (M2 − 1)

du

u
. (2.17)

This expression is called the area-velocity relation. Examining eq. (2.17) as the
Mach number is increased some interesting facts can be found.

For very small Mach numbers (M → 0) the incompressible continuity
equation is found; uA = const.

For subsonic flow, i.e. 0 ≤ M < 1, an increase in the velocity u (du > 0)
corresponds to a decrease in the flow area A (dA < 0), and vice versa.

For the flow to be at sonic conditions, i.e. M = 1, the rate of change for
the flow area must be zero (dA = 0). This corresponds to a minimum flow area
in the conduit.

For supersonic flow, i.e. M > 1, an increase in the velocity must be
associated with an increase in the flow area, and vice versa.

If the pressure ratio across a converging-diverging nozzle is large enough
the flow will reach sonic conditions at the minimum area (and is then commonly
called a de Laval nozzle). A de Laval-nozzle flow is shown in Fig. 2.2, note
that three of the four above mentioned results from eq. (2.17) are shown. As
the nozzle is converging the flow is accelerated and reaches M∗ = 1 at the
minimum area (the asterisk is used for variables at sonic conditions). As the
nozzle diverges the Mach number increases to supersonic values.

Choked flow refers to flow through such a nozzle, i.e. where sonic conditions,
M∗ = 1, are reached at A∗. It is called choked because increasing the pressure
ratio (p0/pe) across the nozzle by decreasing the exit pressure (pe) no longer
affects the mass flow through the nozzle, as will be shown in the following
derivation of the ideal mass flow rate;

ṁideal = ρ∗u∗A∗ =
ρ∗

ρ0
ρ0
a∗

a0
a0A

∗ . (2.18)

The ratio a∗/a0 =
√

(T ∗/T0) as well as the density ratio (using the isentropic
relations) can be calculated using eq. (2.16) with M = 1. Using the ideal gas
law and the definition of the speed of sound eq. (2.18) can be expressed as:
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M < 1 M > 1

M∗ = 1

p0
T0
ρ0

A
p

T

u
ρ

Flow

Figure 2.2: Converging-diverging supersonic nozzle (or de Laval nozzle). The
asterisk denotes conditions at the minimum area where M = 1.

ṁideal =
( 2

γ + 1

)1/(γ−1) p0
RT0

( 2

γ + 1

)1/2√
γRT0A

∗ . (2.19)

This expression can be simplified to:

ṁideal = A∗p0

√
γ

RT0

( 2

γ + 1

)(γ+1)/[2(γ−1)]
. (2.20)

Note that the mass flow rate only depends on the minimum flow area (A∗) and
the upstream conditions (p0 and T0).

Similarly the subsonic ideal mass flow rate can be calculated using:

ṁideal =
ATp0√
RT0

(pT
p0

)1/γ{ 2γ

γ − 1

[
1−

(pT
p0

)(γ−1)/γ]}1/2

, (2.21)

where pT is the pressure at the minimum area (AT). Note that for supersonic
flow AT = A∗.

The choked flow through a de Laval nozzle has two isentropic solutions:
First, the pressure ratio p0/p∞ is just large enough for sonic conditions to
be reached at A∗ and the flow will then isentropically decelerate through the
divergent part of the nozzle so that the exit pressure equals the back pressure
(pe = p∞). This is the subsonic isentropic solution of the nozzle flow. In the
other isentropic solution (the supersonic solution) the value of p0/p∞ is just
large enough so that the flow can expand through the full diverging geometry so
that pe = p∞. These two solutions are marked with dashed lines in the bottom
two graphs in Fig. 2.3.

If p0/pe is somewhere in between these two specific values, pressure needs
to be recovered in some way. This pressure recovery is made across a normal
shock wave (marked with coloured lines in the top image of Fig. 2.3). The
location of the shock wave moves downstream as p0/pe increases. This is due
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pe
p∞p0

Flow

M

Supersonic

p
/p

0

Subsonic

Supersonic

Figure 2.3: Migration of a normal shock in the divergent part of a supersonic
nozzle. Dashed lines marks the isentropic solutions and the coloured lines
corresponds to three different shock locations (shown in the top image).

to the fact that the recovered pressure from the shock wave and the following
subsonic deceleration need to match the pressure at the exit of the nozzle. The
normal shock relations (change of pressure, temperature, density and Mach
number after the shock wave) are shown in Fig. 2.4.

At some point the shock wave will stand precisely at the nozzle exit, that is
when pe is equal to the static pressure just behind a normal shock wave (p2,e)
at the design Mach number of the nozzle, this is shown in the top image in
Fig. 2.5 where the shock wave is shown as a red line. If the back pressure is
decreased further the value of the exit pressure will be equal to the isentropically
expanded exit pressure (pe,isen).

If pe,isen < p∞ < p2,e the nozzle is said to be overexpanded. In this case the
pressure at the exit needs to be increased a smaller amount than what occurs
across a normal shock wave. The pressure increase is then achieved across a
set of oblique shock waves instead, see middle image in Fig. 2.5. The oblique
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Figure 2.4: Normal shock relations for M , p, p0, T and ρ. Subscript 1 and 2
refers to positions just upstream and downstream of the shock wave, respectively.

shocks reflect at the jet boundary (marked with dashed lines) as expansion
waves which in turn reflect as shock waves at the jet boundary. This process
repeats and the shock-expansion-wave combination forms a diamond shaped
pattern.

If the back pressure is further decreased, so that p∞ < pe,isen, the flow
needs to be further expanded to match the pressure downstream of the nozzle
exit. This is done through expansion fans located at the nozzle exit, see bottom
image in Fig. 2.5. The nozzle is then said to be underexpanded.

2.3. Shock trains

When decelerating a supersonic, internal, inviscid flow to subsonic velocities
the pressure recovery is normally assumed to happen across a single normal
shock wave, as previously shown and discussed for shock waves inside supersonic
nozzles. For ease of analysis this is commonly assumed to be the case for
constant area conduits as well, as illustrated in the top image in Fig. 2.6. In a
real flow, however, there is a build up of a boundary layer along the walls, which
can interact with the shock wave. For turbulent boundary layers, which have
a strong mixing of low and high momentum flow, this interaction is especially
prominent.

The interaction increases with increasing Mach number and for low Mach
numbers (M < 1.2) the influence of the shock-wave-boundary-layer interaction
is limited. For Mach numbers in the range 1.2 < M < 1.3 a small region of
separation is formed and the shock wave is showing some tendencies to bend
(convex in the flow direction). As the Mach number increases (1.3 < M < 1.5)
the separation bubble increases in size. The increased size of the separation
region causes the shock ends to bifurcate while the central part of the shock wave
remains normal, forming a so called λ-shock. For M > 1.5 the boundary layer
shows little-to-no tendency of reattachment. Instead, the separated boundary
layer forms an “aerodynamic nozzle” which accelerates the flow to supersonic
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Flow

Figure 2.5: Shock structures from supersonic nozzle. Top: Normal shock at the
nozzle exit. Middle: Overexpanded nozzle. Bottom: Underexpanded nozzle.
Red lines marks shock waves. Red lines marks shock waves, dashed lines marks
the jets free boundary and black lines marks expansion waves.

velocities once again. This “new” supersonic flow terminates with another shock
wave, which due to the already separated boundary layer shows the same trends
as the first shock wave. This process may occur several times to form a series
of shock waves of decreasing strength. This is what is often called a shock train
and is depicted in the bottom image in Fig. 2.6.

Downstream of the last shock wave, of the shock train, is a “shock free”
region of mixed supersonic and subsonic velocities, over which the pressure
continues to rise. The flow is, in this region, decelerated to fully subsonic
velocities without any shock waves. This region is commonly referred to as
the mixing region. At some point the pressure increase, due to the mixing,
will be overtaken by the pressure decrease, due to wall friction (Fanno flow,
see e.g. Anderson (2004)). This maximum in pressure is commonly taken as
the end of the mixing region. The region containing the full pressure rise, i.e.
encapsulating both the shock train and the mixing region, is called a pseudo
shock. Matsuo, Miyazato, and Kim (1999) give a good overview of the physics
connected to the shock-train and pseudo-shock phenomenon.
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Shock train Mixing region

Figure 2.6: Shock structures in conduits. Top: Single normal shock. Bot-
tom: Pseudo-shock with shock train. Grey marks subsonic flow, white marks
supersonic flow.

2.4. Schlieren photography

The refractive index (n) of a gas is directly proportional to the gas density (ρ)
as:

n = 1 + ρK, (2.22)

where K is the Gladstone-Dale constant (Merzkirch 1974). This is the principal
property utilised in Schlieren photography. That is, when parallel light passes
through a density-gradient field (such as a shock wave) normal to the ray path,
the wave fronts will bend towards the region of higher density and bend the ray
paths in that direction.

Figure 2.7 shows a schematic sketch of a Schlieren system. A point light
source (1 and 2) is placed in the focal point of a lens (3), giving parallel light
going to the test section (4). The density gradient causes the ray path to deviate
(red line) from the undisturbed ray path (dashed line) and it thereby does not go
through the focal point of the second lens. If an opaque screen (Schlieren knife)
is placed very close to the focal point (5) the light that have passed through a
density gradient will hit the knife and not pass through to the camera (6), thus
generating a dark region in the image. Depending on the angle of the knife (if
a straight knife is used) different density gradients will be highlighted better.
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1

2 3 4 dn/dy < 0 3
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Figure 2.7: Sketch of a generic Schlieren setup. Description: 1 - lamp, 2 - slit
(together 1 and 2 creates a point light source), 3 - lenses, 4 - test section, 5 -
Schlieren knife or aperture, 6 - camera.



Chapter 3

Confined bluff body vortex shedding

This chapter gives a summary of the work on confined bluff-body vortex shedding
that has been done in this project. First a description of the experimental setups
are given in section 3.1 (including descriptions of the test facilities). Section 3.2
gives a description of the methodology used when estimating the time-resolved
mass-flow rate. After this the results of the experimental campaigns are given
in section 3.3. The discussion of the results are divided into three topics: Vortex
shedders for mass-flow metering purposes (§ 3.3.1), characteristics and scaling
of the vortex shedding (§ 3.3.2) and flow topology associated with different
shedder geometries (§ 3.3.3). Finally a summary of the main conclusions is
given in section 3.4

3.1. Experimental facilities and setups

Two different flow facilities have been used throughout this project: The
CICERO laboratory and the NT 2011 wind tunnel. The CICERO laboratory is
a high pressure flow bench and is described in § 3.1.1. The NT 2011 low-speed
wind tunnel is an open circuit, suction-type wind tunnel (described in § 3.1.2).

3.1.1. CICERO laboratory

A schematic of the CICERO laboratory is shown in Fig. 3.1. Air is compressed
and fed into a large tank (T) using two screw compressors (C). The pressure in
the tank is kept at a nominal pressure of 530 kPa. A piping system (100 mm
diameter) is used to connect the laboratory to the tank (which is located in a
rock shelter underneath the lab). Upstream the laboratory the pipe is split into
two branches: The main branch and a bypass branch. The flows through these
branches are controlled using two pneumatic valves (Vm and Vb, respectively).
The bypass branch is used to stabilize the flow through the entire system, easing
the act of controlling the compressor operations. The mass flow through the
main branch (leading to the laboratory test sites) is monitored using an ABB
FMT500-IG hot-film type flow meter (F, will be referred to as the ABB meter).
Before reaching the two test sites, the flow passes through an 18 kW electrical
heater (H). The laboratory has two test sites, dubbed site A and site B, and
which site is to be used is decided using two butterfly valves (Vba and Vbb). The

21
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Figure 3.1: Schematic of the CICERO laboratory showing the two different
assemblies used for the vortex shedding experiments. Site A (marked with blue
dashed lines) was used for the experiments concerning the shedding characteris-
tics and the flow topology. Site B (marked with red dashed lines) was used in
the experiments evaluating the vortex shedder as a mass-flow meter.

compressor system is able to deliver a maximum mass-flow rate of approximately
0.5 kg/s at a pressure of 500 kPa to the laboratory test sites.

Figure 3.1 shows two different setups in site A and B. Site A (marked with
blue dashed lines) shows the setup used in the experiments investigating the
flow topology and shedding characteristics of different shedder geometries. After
the butterfly valve (Vba) a 4:1 contraction is placed, reducing the diameter
of the pipe to D = 40 mm (the diameter is kept constant downstream of the
contraction). The test section (V) is connected to the contraction using a 40D
long straight pipe and after the test section a 9.5D long, straight outlet pipe
allows the flow to discharge into the room. The test section is shown in Fig. 3.2.
The static pressure (p) is measured 31.8 mm (0.8D) upstream of the shedder
and the stagnation pressure (p0) is measured on the shedder forebody, near the
pipe centreline. Pressures are measured using Kistler 4045-A5 piezoresistive
transducers or using Motorola MPX5100 pressure transducers. The shedding
frequency is detected using two NorrSonic 1245 microphones, mounted 15 mm
downstream of the shedder forebody. The shedder geometry will be discussed
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Figure 3.2: Schematic of the test section used in the CICERO laboratory, two
different viewing angles are shown. The shedder forebody is coloured red and
the shedder tail is coloured green. Flow is from left to right. Image adapted
from paper 4.

in § 3.1.3. By using two microphones, mounted on opposite sides of the vortex
shedder, the signal-to-noise ratio of the vortex shedding can be increased, by
subtracting the two signals from each other. This creates a pseudo differential
signal which minimises common noise and amplifies any anti-phase phenomenon
(such as the vortex shedding). The test section also hosts a measurement port
(HW), that can be used for insertion of a hot-wire probe or other equipment, and
four pressure taps (pa - pd) in the vicinity of the maximum shedder thickness
(two of which can be seen in Fig. 3.2). Temperature was measured using a K-
type thermocouple and a Fluke 52-II thermocouple reader. In these experiments
the data were collected at a sampling frequency of 20 kHz over 1 s. To reduce
the noise the data of 20 independent observations were ensemble averaged.
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Referring to Fig. 3.1, test site B is drawn with the setup used in the
experiments concerning time-resolved mass-flow measurements using a vortex
shedder. This setup also has the same 4:1 contraction followed by a 22D long
straight pipe leading into the test section (V, same test section as described
above), containing the vortex flow meter. Downstream of the test section two
combined hot-wire/cold-wire probes were installed (W1 and W2). The first
of these (W1) is located 3D downstream of the test section and is used as a
reference meter to validate the unsteady mass-flow rate, obtained from the
vortex flow meter. The other hot-wire/cold-wire probe (W2) is located 29D
downstream of W1. W2 is used to verify W1 and work as a ruler of accuracy of
the vortex-flow meter. The hot-wires are calibrated under steady conditions
against the ABB meter and the cold-wires are calibrated against a thermocouple
at low flow rates. In order to create a time dependent flow a pulse generator
(P) is placed downstream of W2. The pulse generator consists of a tightly fitted
ball, where two segments on each side of the ball have been removed. The
ball then rotates and generates two pulses per revolution. The maximum pulse
frequency of the pulse generator is 100 Hz. The pulse generator also has a
bypass branch, the flow through which is controlled by a manual valve (B),
which is used to offset the flow rate and modulate the pulse magnitude. In
this study two different bypass configurations have been used, corresponding to
either a high blockage (denoted restricted) or a low blockage (denoted open).
The vortex shedding was, in these experiments, monitored using pressure taps
on the vortex body at the pipe centre-line (further discussed in § 3.1.3). The
sampling frequency used in these experiments was 16 kHz, and 16 different
observations (1 s each) were averaged, in order to increase the signal-to-noise
ratio.

3.1.2. NT 2011 wind tunnel

The NT 2011 wind tunnel, located at the Fluid Physics Laboratory at KTH,
was used for the analysis of the flow topology and the scaling of the shedding
characteristics. A sketch of the NT 2011 wind tunnel, which is an open-circuit
wind tunnel, is shown in Fig. 3.3. It draws air from the laboratory which is
rectified using a honeycomb and the turbulent structures are broken using a
set of three screens (increasing in mesh density). After the screens some of the
remaining turbulence is allowed to dissipate in a stagnation chamber before the
flow is accelerated through a 9:1 contraction. The test section is 1.5 m long, has
a cross-section of 0.4×0.5 m2 and has a window in the test-section wall. The
axial fan is located, between two diffusers, downstream of the test section and
draws air through the wind tunnel. The flow rate is set by adjusting the fan
speed.

Figure 3.4 shows a schematic of the optically clear pipe-rig that was built
inside the test section of the NT 2011 wind tunnel. The pipe, which had
a 194 mm diameter (D) and was 6D long, was mounted horizontally in the
test section and levelled to ensure zero incidence between the pipe major axis
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Figure 3.3: Schematic of the NT 2011 wind tunnel.
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Figure 3.4: Schematic of the NT 2011 wind tunnel test section.

and the incoming flow. The pipe was mounted in the test section using foam
frames, which were adapted to fill the region between the pipe and the test-
section walls. A bell-mouth inlet was mounted at the leading edge of the pipe,
to prevent separation. The static pressure (p) was taken 0.5D downstream
of the pipe leading edge (excluding the bell-mouth inlet) and the stagnation
pressure (p0) was taken further upstream. The pressure difference was measured
using a Furness FCO12-model 3 and was used to determine the bulk velocity
(using Bernoullis eq.). The shedding frequency was detected 1.7d (d is the
shedder maximum thickness) downstream of the shedder forebody, using the
same NorrSonic microphones as was used in the CICERO lab. The data were
collected in the same way as in the CICERO lab (20 observations of 1 s each at
20 kHz).

3.1.3. Shedder geometry

The vortex shedder can be divided into two main parts: Forebody and tail (also
called splitter plate). The geometries used to study the shedding characteristics
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and flow topology were designed so that the forebody and the tail could be sep-
arately changed (see Fig. 3.5). The forebodies were equipped with a stagnation
pressure tap, at the leading edge of the forebody (close to the pipe major axis).

Figure 3.5: Sketch of the shedder geometry. The forebody is coloured red and
the tail is coloured green. The dashed black lines marks the pipe wall. Flow is
from top to bottom in the figure.
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Figure 3.6: Sketch of the different shedder geometries. The left half of the figure
shows a cut side-view of the shedders, whereas the right half shows a top-view
of one T-type shedder. The top three forebodies (T, D, A) were used when
studying the shedding characteristics and flow topology. The bottom geometry
was used as the vortex-shedding flow-meter. Flow is from left to right. Image
adapted from paper 4.
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Figure 3.7: The different tail configurations that have been tested. The red
�-markers denotes prismatic tails and the blue 4-markers denotes the “V-tails”
tested in the CICERO rig. The tail geometries tested in the NT 2011 wind
tunnel are marked with green ◦-markers. Image adapted from paper 4.

The influence on the shedding characteristics of three types of forebody
geometries, with the same maximum thickness (d = 9 mm), has been inves-
tigated. These are denoted T-type, D-type and A-type and can be seen in
Fig. 3.6. Also shown in this figure is the dimensional nomenclature for the
shedder geometries. Tail geometries with different thickness (H, or equivalently
step height h) and length l have been investigated. In addition to the prismatic
tails (where l = L), three tails with a V-cut have been tested. The V-cut tails
all have a constant thickness (H/d = 0.44) and a constant peripheral length (L
= 2d) but the centreplane length was varied (l/d = [0.5, 1.0, 1.5]). The different
tail geometries that have been investigated are visually summarised in Fig. 3.7
and a photo of the different geometries can be seen in Fig. 3.8.

Figure 3.6 also shows the geometry that was used for the vortex-shedding
flow meter (bottom in the figure). This forebody geometry was equipped with
static pressure taps on the centreplane. These taps were used for vortex-shedding
detection, using externally mounted microphones. Using pressure taps on the
forebody allow for a more compact design of the flow meter and the ducts,
connecting the taps to the microphones, can be used for cooling purposes (easing
the restraints on which hardware can be used for certain applications). The
duct does, however, form a fluid oscillator (Helmholtz oscillator) acting as a
low-pass filter. To reduce the filtering effects of the ducts, the duct diameter is
maximised and the duct length minimised (see e.g. Bajsić et al. (2007)). The
tail geometry of the flow meter was a V-cut with l/d = 1 and H/d = 0.44.
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Figure 3.8: Photo of the different shedder geometries used in the CICERO
experiments. A ruler (digits corresponds to cm) is placed to the right of the
shedder tails, as a scale reference.

3.2. Calculations of temporal mass-flow rate

The mass flow (ṁ) can be calculated from the fluid density (ρ), the fluid bulk
velocity (Ub) and the pipe flow area (A) as:

ṁ = ρAUb . (3.1)

The vortex-shedding flow meter utilises the fact that the frequency of the vortex
shedding (fs) is proportional to the fluid velocity:

St =
fsd

Ub
, (3.2)

where, d is the shedding body dimension and St is the Strouhal number. The
Strouhal number typically has a value around 0.2 but will vary slightly with
geometry and velocity (read Reynolds number or Mach number) and should
thus be calibrated for. Using eq. (3.2) in eq. (3.1) and rewriting the flow area
in terms of the pipe diameter (D) the mass flow can be written as:

ṁ = ρ
πD2

4

fsd

St
. (3.3)
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In this equation it is now only the density which is unknown (fs being measured
and St is calibrated, both topics discussed further below). The density can be
estimated using the ideal gas law:

ρ =
p

RT
, (3.4)

where p is the static pressure, T is the temperature and R is the specific gas
constant. The time-resolved pressure is relatively easy to measure. The temporal
temperature is typically measured using a cold-wire but the use of a cold-wire
thermometer is unwanted, owing to the fragility of these. The temperature is,
however, related to the fluid bulk velocity and the Mach number as:

Mb =
Ub√
γRT

, (3.5)

where Mb is the bulk Mach number. Using eq. (3.4) and eq. (3.5) in eq. (3.3)
gives a new expression for the mass flow rate:

ṁ =
γπD2St

4fsd
M2

bp . (3.6)

The bulk Mach cannot be measured directly but it can be calibrated (and
correlated) to the centreline Mach number (Mc), which can be determined from
the isentropic relation of pressure ratio and Mach number:

p0,c
p

=
(

1 +
γ − 1

2
M2

c

)γ/(γ−1)
, (3.7)

where p0,c is the centreline stagnation pressure (measured on the shedder
forebody). This means that two calibrations are needed (plus the calibration of
the pressure transducers), one for the Strouhal number characteristic and one
for the relation of bulk-to-centreline Mach number. In these calibrations the
fluid bulk velocity is calculated from eq. (3.1), where ṁ is measured using the
ABB meter (ṁABB). These two calibrations can be seen in Fig. 3.9.

The Strouhal number can be seen to be approximately constant (St ≈ 0.22).
There is however still some variation of St, which is taken into consideration
using a fourth-order polynomial fit. This fit has no physical grounding and
it should thus not be used to extrapolate to Mach numbers outside of the
calibrated range.

The bulk-to-centreline Mach number correlation shows a linear trend and
the bulk Mach number can be estimated from the centreline Mach number using
the following linear fit:

Mb = 0.8874Mc + 0.0017 . (3.8)

The shedding frequency, fs, is determined from the microphone signals
(which are subtracted from one another to generate a pseudo-differential signal)
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Figure 3.9: Strouhal number calibration (left) and bulk-to-centreline Mach
number correlation (right), for both open and restricted configurations. Note
that (2) refers to independently repeated test points. Error bars represent the
95 % confidence interval. Images are adapted from paper 3.

using a fast Fourier transform (FFT). Applying an FFT to the full signal does
not, however, give any information in the time domain and there is not enough
information in any one data point to do an FFT. The solution to this problem
was to split the signal into small, overlapping sub-signals (this procedure will
be referred to as windowing). This is illustrated in Fig. 3.10, where a high
frequency microphone signal (s(t)) is superimposed on a time-varying mass
flow. The signal s(t) is split into a series of windows with a base length (lw),
an overlap with the adjacent windows (overlap fraction of 0.5 was used) and a
zero-padding (a zero-padding factor of 2 was used), giving a total window length
Lw. Each window is centrally weighted using a Gaussian weighting function
(the zero-padding is excluded from the weighting). An FFT can then be used on
each window to give a measurement of the shedding frequency fs as a function
of time. With this fs, eq. (3.6) can now be used to estimate the mass-flow rate
using only pressure measurements.

This method does however heavily down-sample the signal s(t). How much
it down-samples depends on what frequencies needs to be resolved, as the needed
window length is determined by the lowest frequency that needs to be resolved.
In this study a signal of 1 s, sampled at 16 kHz was used which means that
if a frequency resolution of, lets say, 20 Hz is desired (allowing the shedding
frequency to be determined within ±10 Hz), the signal can be split up into a
maximum of 80 windows per second. This is a down-sampling of 200 times,
compared to the sampling rate of the pressure signals (16 kHz).

One method to keep the high sampling frequency is to use a Gabor method
(see Gabor (1946)), where a sliding window (with a limited width Gaussian
filter) is incremented over the signal and an FFT is made at each increment.
This method was tested and shown to work. It does however cause smearing of
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Figure 3.10: Windowing procedure. Image taken from paper 3.

frequencies where high gradients are present and it is computationally expensive
to perform.

A different method for returning a fully time-resolved mass-flow estimate
was developed that relies on the above described windowed FFT method. In
this method we first write the mass-flow rate, using the bulk Mach number, as:

ṁ = Mb
√
γpρ

πD2

4
. (3.9)

Again, it is the density that is to be determined, as the pressure is measured
and the Mach number determined from pressure measurements and the bulk-
to-centreline correlation. The window-wise density (ρw) can be calculated using
eq. (3.5) and eq. (3.2) in eq. (3.4) as:

ρw =
pw
RTw

= pwγ
M2

b,wSt
2

f2s,wd
2

, (3.10)

where subscript ‘w’ denominates window-wise values. From this the window-
wise stagnation density (ρ0,w) can be determined using the isentropic relations
and eq. (3.7):

ρ0,w
ρw

=
(

1 +
γ − 1

2
M2

b,w

)1/(γ−1)
. (3.11)
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fs,w

pw

Mb,w

Stw

ρw ρ0,w ⇒ ρ0⇒ T 0⇒T (t)⇒ρ(t)⇒ ṁ(t)

Figure 3.11: Illustrative summary of the method for temporal mass-flow rate es-
timation. The blue rectangles marks measured quantities and the red rectangles
marks quantities obtained from calibration curves.

It is then assumed that the average value of ρ0,w gives a fair approximation of
the true average stagnation density (ρ0), or mathematically expressed:

ρ0 =
1

L

L̂

0

(ρ0)dt ≈ 1

Nw

Nw∑
w=1

ρ0,w , (3.12)

where L is the total length of the signal and Nw is the number of windows.
Using the ideal gas law (eq. (3.4)), with the time-averaged signals, the time
average temperature can be calculated. If the flow is assumed to be adiabatic,
the stagnation temperature is constant (T 0 = T0). The isentropic relations
and eq. (3.7) can then again be used to determine the time dependent static
temperature (T ) as:

T = T0

(
1 +

γ − 1

2
M2

b

)−1
. (3.13)

Using this estimate of the temperature and the measured static pressure, the
density can now be determined using the ideal gas law (eq. (3.4)). When that is
determined everything in eq. (3.9) is now known and a mass-flow rate estimate
at the original sampling frequency can be made. This method is illustratively
summarised in Fig. 3.11.

This method does, as mentioned above, assume a constant stagnation
temperature (which is acceptable for the flows studied here). If the meter is to
be used in a flow where large variations in stagnation temperature are present,
one could first construct a stagnation-temperature profile (using the windowing
scheme) before estimating the mass-flow rate using the above described method.

3.3. Results and discussion

3.3.1. Mass-flow measurements

An example of a mass-flow measurement using the vortex flow-meter is given
in Fig. 3.12, for a base flow of ṁ = 50 g/s with a 10 Hz pulsation on top.
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Figure 3.12: Example of a time-resolved mass-flow measurement. ṁ = 50 g/s,
Fp = 10 Hz. Image taken from paper 3.

The vortex meter (shown in red) and the two hot-wire type flow-meters (black
and blue) can be seen to match well. Also shown in this figure is the average
mass-flow measurement from the ABB meter (green).

In order to evaluate the performance of the vortex meter, the error (or
inaccuracy) can be divided into two separate parts: Static error (error of the
mean flow rate, denoted ε) and dynamic error (error in the pulsation amplitudes,
denoted ε′). The static error can mathematically be defined as:

ε =
ṁVM − ṁABB

ṁABB

× 100% , (3.14)

where ṁVM is the average flow-rate measured using the vortex meter and ṁABB

is the average mass-flow rate measured using the ABB meter. The same error
can be calculated for the reference hot-wire meter (HW1) as well.

The dynamic error is computed using the difference in root-mean-square
(RMS) of the vortex meter and the reference hot-wire meter and is given as a
percentage of the mean mass-flow:

ε′ =
1

N

√∑N
1 (ṁVM − ṁVM)2 −

√∑N
1 (ṁHW1 − ṁHW1)2

ṁABB

× 100% . (3.15)

As for ε, a similar dynamic error can be calculated using the second hot-wire
meter (HW2), to be used for comparing the accuracy of the vortex meter to
the more conventional hot-wire method.

The static error (ε) is shown in Fig. 3.13. In the left graph the error is
indicated by colour as a function of mean mass-flow rate (ṁABB) and pulsation
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Figure 3.13: Mean static error as compared to the ABB flow meter. Left:
Error (colour bar) as a function of mass flow (ordinate) and pulsation frequency
(abscissa). ◦ represents the open conditions, ∗ marks the restricted. Right:
Probability density function of the error for the vortex meter (red bars) and for
the reference hot-wire meter (black).

frequency (Fp). It can be seen that the larger errors mainly occurs at low
mass-flow rates. This is directly connected to the uncertainty of the pressure
measurements (static and stagnation pressure) which are used for determining
the Mach number. The uncertainty of the pressure measurement is ±500 Pa
and is directly connected to the uncertainty of the mass-flow measurement.
That means that if different pressure transducers were used, with the same
full scale output (FSO) accuracy (0.1% of FSO) but with a range of 250 kPa
instead of 500 kPa, the uncertainty in the mass-flow would also halve.

The right part of Fig. 3.13 shows the probability distribution of the static
error of the vortex meter (red columns) together with the probability of the
reference hot-wire meter (black markers). From this figure the 95% confidence
interval can be calculated to be within 3.2%, which is similar to the reference
hot-wire meter. The hot-wire meter actually has a larger error range, −2.4 <
ε < 9.0%, than the vortex meter ε ∈ ±3.5%.

The dynamic error is shown in Fig. 3.14, again the left graph shows the error
as function of ṁABB and Fp and the right graph gives the error distribution.
Note that the second hot-wire meter (HW2) is shown in the right graph.

From the left hand graph it can be seen that largest errors are found for
high pulsation frequencies at low mass-flow rates for the restricted conditions.
The reason for this is not fully understood. When comparing the mass-flow
rates directly it was seen that the pulses are well captured (when compared
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Figure 3.14: Mean error in the dynamic component as compared to the reference
hot-wire meter. Left: Error (colour bar) as a function of mass flow (ordinate)
and pulsation frequency (abscissa). ◦ represents the open conditions, ∗ marks
the restricted. Right: Probability density function of the error for the vortex
meter (red bars) and for the second hot-wire meter (black).

to the hot-wire signal) but lower in amplitude. One reason for the diminished
amplitudes might be low-pass filtering from the pressure taps (mainly then
from the stagnation-pressure tap) which would manifest itself mainly for higher
frequencies. This could affect not only the amplitude of the measured stagnation
pressure (and thus the Mach number) but also the time lag between the measured
stagnation and static pressures.

The right graph shows that the vortex meter and the second hot-wire meter
have similar dynamic error distributions.

Elevated levels of errors at high pulsation frequencies were also found for
the open conditions (i.e. at low back-pressures). However, this error is obscured
by the ε′ metric as the amplitude of the pulsations are small for the open
conditions.

Instead of looking at the error it might thus be useful to consider the
cross-correlation coefficient (C12) of the vortex meter and the reference hot-wire
meter, to determine how well the pulsations are captured. This is shown in
Fig. 3.15. From the left graph it can be seen that minimum level of C12 for
the restricted case is 0.86, i.e. the pulsations are well replicated. The least
correlated cases (or worst captured pulses) are in general found at low mass-flow
rates and high pulsation frequencies for an open configuration.

From the right graph it can be seen that the vortex meter shows a similar
distribution of C12 as the other hot-wire.
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Figure 3.15: Cross-correlation of the vortex meter and the reference hot-wire
meter. Left: Cross-correlation coefficient (colour bar) as a function of mass flow
(ordinate) and pulsation frequency (abscissa). ◦ represents the open conditions, ∗
marks the restricted. Right: Probability density function of the cross-correlation
coefficient for the vortex meter (red bars) and for the second hot-wire meter
(black).

Figures 3.13-3.15 indicates that the vortex meter performs at a level equal
to (or even better than) that of the well established hot-wire type meter.

3.3.2. Shedding characteristics

To be able to design a well performing vortex-type flow meter it is important to
understand how the frequency spectra of the bluff body is affected by changes to
the geometry. To this purpose a large measurement campaign was undertaken to
characterise the shedding behaviour for different forebodies and splitter plates.
Figure 3.16 shows a few examples of spectrograms acquired in the CICERO rig,
using a T-type forebody and different splitter plates.

In the spectrograms two energetic modes can be seen, denoted mode-I
and mode-II. Mode-I is caused by the classic vortex shedding and the cause of
mode-II will be discussed later.

3.3.2.1. Mode-I

It is presumed that the non-dimensional frequency, the Strouhal number (St),
should have a constant value. For this to be the case it is likely that the physical
length scale used in the formulation of St should be the vortex size (κ) rather
than the diameter of the shedder body. As the vortex size is unknown it is
necessary to connect the vortex size to some geometric quantity.



3.3. Results and discussion 37

Figure 3.16: Examples of spectrograms for a T-type forebody with different
splitter plates. Top: No tail. Middle row: l/d = 0.5 (left), l/d = 1 (right).
Bottom row: l/d = 1.5 (left) and l/d = 2 (right). For all geometries h/d = 0.39
(except for the no-tail case).

To this purpose a definition of the proportionality of the vortex size and
the shedder geometry was formulated as:

κ ∝ d/2 for l/d ≤ 1

κ ∝ h for l/d > 1 . (3.16)
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Figure 3.17: Grouping of St∗I using Red = 1.25× 104 for different tail lengths
(l/h). ◦ marks short tails (l/d ≤ 1), ∗ marks long tails (l/d > 1) and the solid
lines are best-fit curves. Left: T-type forebody. Right: D-type forebody, the
dashed lines are the best-fit curves of the T-type forebody. Images adapted
from paper 4.

The choice of splitting the values for l/d ≤ 1 (between short and long tails) was
chosen based on the data.

As mentioned, since the vortex size is unknown and will likely change
with Reynolds number (Re) the Strouhal number can be divided into a con-
stant characteristic Strouhal number (St∗I ) and a Strouhal number deviation
(∆St∗I (Re)):

St(Re) = St∗I + ∆St∗I (Re) . (3.17)

The characteristic Strouhal number is defined at either a specific Reynolds or
Mach number.

Figure 3.17 shows the characteristic Strouhal number, for mode-I, for
different splitter plate geometries. The left graph shows data for a T-type
forebody and the right for a D-type. The lines are the best fit curves, using an
exponential fit. The reason for that choice is physically based; for short tails,
as the step height (h) decreases (i.e. as l/h increases) the Strouhal number
should go towards a constant value. Whereas for long tailed bodies, as l/h
increases this should act to suppress the shedding, meaning that St∗I should
attenuate to zero. The intersection of the two curves occurs at l/h = 2 (which
is the minimum value a long-tailed geometry can have). This means that as
l/h decreases a long-tailed geometry acts more and more as a short-tailed one.

Since the D-type forebody has a different angle at the point of boundary
layer separation it is natural to think that the associated vortex should be
different from those of the T and A-type forebodies. This is shown in the right
graph of Fig. 3.17, where the dashed lines marks the best fit curves of the
T-type forebody.
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Figure 3.18: Mode-I characteristic Strouhal numbers (St∗I ) for NT and CICERO
geometries. Left: St∗I defined at Red = 20 000, Right: St∗I defined at Mb = 0.05.
Markers: l/d ≤ 1; � and ◦, l/d > 1; ∗ and +. Red markers are used for data
from the CICERO rig, black markers for data from the NT rig. For all cases
with l/d > 0, h/d = 0.39.

There was no significant difference between the A and T-type forebodies,
which is why there is no data shown for the A-type forebody.

Although it has just been shown that the definition of a characteristic
Strouhal number using eq. 3.16 and 3.17 can be used to predict the Strouhal
number of different geometries, the question of which flow parameter should be
used is still open; the Reynolds number (Re) or the Mach number (Mb)?

To try to answer this, data from two rigs of different geometric scale were
compared (i.e. the CICERO and the NT rigs). Figure 3.18 shows St∗I defined
with a constant Re (left) and a constant Mb (right). It can be seen that for
long tails either formulation gives similar values. For short tails, however, it
would appear that a constant Re creates a somewhat better match.

If instead the Strouhal number deviation (∆St∗I ) is considered it can be
seen that the Mach number trends the data better, see Fig. 3.19.

3.3.2.2. Mode-II

By examining the spectrograms in Fig. 3.20 it can be seen that mode-II appears
at different Reynolds numbers. For the no-tail geometry mode-II is significant
from Red ≈ 2 × 104 through the rest of the investigated Reynolds numbers.
For l/d = 1.5 mode-II becomes significant at Red ≈ 4 × 104 and falls of for
Red > 9× 104. For l/d = 2.0 mode-II is significant for 5× 104 . Red . 9× 104.
It can also be seen that, for the long tailed geometries, when mode-II appears
mode-I starts to deviate from its characteristic curve and can even disappear
completely. It is thus important to understand what causes mode-II, how it
scales and what determines if there will be mode interaction.
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Figure 3.19: A comparison of mode-I Strouhal number deviation from the NT
(black ◦) and CICERO (red ∗) rigs as a function of Red (left column, defined at
a constant Red) or Mb (right column, defined at a constant Mb). Geometries:
h/d = 0.39, l/d = 0 to 2 in increments of 0.5 (top to bottom).
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Figure 3.20: Spectrograms obtained in the CICERO setup for three different
geometries. From left to right: l/d = 0, l/d = 1.5 and l/d = 2.0 (H/d = 0.44
for all).
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Figure 3.21: Average near-wall Mach number (Mnw) as a function of Red,
measured with a Pitot tube less than 1 mm from the pipe wall. Image taken
from paper 4.

The current leading hypothesis on the origin of mode-II is that it is caused
by the periodic separation of the pipe boundary layer. This claim can be tested
by investigating the near-wall Mach number downstream of the shedder. If
the boundary layer starts to periodically separate it is expected that the mean
near-wall Mach number (Mnw) should decrease, as the streamwise velocities in
the separated region is lower than those in the boundary layer (at the same wall
normal distance). The near-wall Mach number, for the three cases in Fig. 3.20,
are shown in Fig. 3.21. From this figure it can be seen that Mnw does show a
lower value when mode-II is present compared to when only mode-I is present.

If it is assumed that mode-II has a constant Strouhal number (as for mode-
I) and that it scales with the bulk fluid velocity (Ub), then mode-II can be
correlated to a length scale instead of the frequency.
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Figure 3.22: Dimensionless length-scale of mode-II (δII/D) as a function of
Red (left) and Mb (right). All geometries have a tail thickness of h/d = 0.44
(exception is the no-tail case).

δII
D
∝ Ub

DfII
, (3.18)

where D is the pipe diameter and fII is the frequency of mode-II. Thus it is
possible to investigate the scaling characteristics of mode-II by considering this
non-dimensional length scale. By plotting δII/D as a function of Re (left in
Fig. 3.22) it can be seen that the first appearance of mode-II occurs at an
approximately constant Re. However, if δII/D is plotted as a function of Mb

(right in Fig. 3.22) it is seen that Mb seems to be the parameter that determines
δII/D (or fII)

As stated earlier, for some geometries mode-I and mode-II appears to
interact. This is shown through Fig. 3.23, where the amplitude ratio of mode-I
and II (AI/AII) is plotted as a function of their frequency ratio (fI/fII). For long
tailed geometries it can be seen that as mode-II grows “stronger” it modulates
the frequency of mode-I as well. That is, at around fI/fII ≈ 0.3 mode-II appears
to “take” the energy from mode-I, manifesting as a stop in frequency growth
of mode-I (see also Fig. 3.20) and a rapid decrease in AI/AII. For long enough
tails mode-I becomes totally dominant and mode-I completely disappears, this
is referred to as mode-I cut-off.

From Fig. 3.24, in which fII/fI is plotted against δII/κ, it can be seen that
mode-I cut-off only happens for large length-scale ratios, δII/κ > 0.8. From
these results two criteria were hypothesised for mode-I cut-off to happen:

1. The length-scale ratio of mode-II and mode-I should be large:
δII/κ > 0.8.

2. The frequency ratio (fII/fI) should be close to an integer value, i.e. lie
on an “harmonic-line”.
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Figure 3.23: Amplitude ratio of mode I and II (AI/AII) as a function of frequency
ratio (fI/fII). Markers denote: ◦ = l/d ≤ 1, ∗ = l/d > 1, data are for T-type
forebody geometries. Image taken from paper 4.
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Figure 3.24: Frequency ratio of mode I and II (fII/fI) as a function of connected
length-scale ratio (δII/κ). Markers denote: ◦ = l/d ≤ 1, ∗ = l/d > 1, lines are
coloured by l/h, data are for T-type forebody geometries. � marks the start of
mode-I cut-off. Image taken from paper 4.

3.3.3. Flow topology

The flow topology has been studied using both the NT and CICERO rig. In the
NT rig smoke visualisation could be used to assess the topology associated with
mode-I shedding (i.e. the “normal” bluff body vortex shedding). The CICERO
rig did not allow for optical access of the test section while running, however
surface flow visualisations were made in the CICERO rig.

Figure 3.25 presents a time-sequence of images (top to bottom) depicting
the shedding process of a T-type forebody without a splitter plate. In the
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Figure 3.25: Smoke visualisation of the spanwise roller of the no tail geometry,
taken in the NT rig. Flow is from right to left.
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Figure 3.26: Surface flow visualisation starting from three patches, as indicated
by the top image. Bottom image shows the surface after flow has been run for
approximately one minute. Flow is from bottom to top.

images the a vortex (on the top-side of the body) is seen to form, grow and
shed. In this case (the no-tail case) it is clearly seen that a spanwise stretching
vortex is formed (a so-called spanwise “roller”).

For long-tailed geometries however, things are a bit more interesting. This
has mainly (but not exclusively) been studied using surface flow visualisation.
The tail was then painted with an oil, white spirit and zinc powder mixture
which partly dried when running an experiment. Removing the shedder from
the pipe then allowed the surface flow to be photographed and analysed.

Figure 3.26 contains one image showing the painted tail before the experi-
ment (top) and one showing it after the experiment (bottom). The paint shows
traces of two vortex ends attaching to the tail surface (the two circles). The
paint at the most downstream end of the tail (upper left) can be seen to have
traced upstream towards the closest vortex core. The paint from the middle
“blob” of paint has initially travelled upstream as well and then turned and
traced in the spanwise direction to the closest vortex core. The rightmost area
of paint was located more or less where the vortex core sits and has thus only
traced towards the vortex centre.

Painting the full tail geometry with the visualisation mixture allows for a
more complete picture to be drawn. This is shown in Fig. 3.27, together with
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Figure 3.27: Oil-film flow visualization from the CICERO rig with annotation
for the tail-flow vectors. Geometry: l/h = 4.5, l/d = 2, Red = 40 000. Flow is
from bottom to top.

red arrows indicating the flow directions. From this image it can be seen that
the flow on the aft part of the tail traces upstream until it reaches a “stagnation
band”, that lies between the vortex cores. Upstream of this stagnation band
the paint trails downstream before turning when entering the stagnation band
and heads towards the closest vortex core.

It is hypothesised that the primary-vortex (associated with mode-I) bends in
a “horse-shoe”-like structure which attaches to the tail (dubbed a tail anchored
vortex, TAV). The main part of the TAV is believed to reside over the aft
part of the tail for most of the time (during build up), thus causing the flow
to travel upstream in this region. The primary-vortex is thought to cause a
secondary-vortex residing just downstream of the shedder-to-tail step. This
secondary-vortex would then explain why the flow upstream of the TAV-cores
traces downstream and the formation of the stagnation band. A topological
sketch of this is shown in Fig. 3.28, where the primary-vortex is drawn in
black and the secondary-vortex (which ends are drawn as wrapping around the
primary-vortex ends) is drawn in red.

The existence of the TAV for different tail geometries are summarised in
Fig. 3.29. Based on this data it was postulated that the tail length must be
larger that three times the primary vortex scale (l/κ ≥ 3) for the TAV to exist.

A major question remains, however: How does the mode interaction affect
the flow topology?

Figure 3.30 shows the spectrogram (top) and a few spectra (bottom) for
two long-tailed geometries: l/h = 4.5, l/d = 2 (left) and l/h = 3.375, l/d = 1.5
(right). In both spectrograms it can be noted that as mode-II emerges mode-I
starts to deviate from it characteristic Strouhal number. For l/d = 2 mode-II is
energetic enough to cause mode-I cut-off.

Surface flow visualisation images of the tail for the spectra marked (a-e)
are shown in Fig. 3.31 (top to bottom). Examining the photos for l/d = 2 (left
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Figure 3.28: Topological sketch (one side only) for a long-tailed geometry. The
primary-vortex is drawn in black (the TAV) and the secondary-vortex in red.
Flow is from top right to bottom left.
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Figure 3.29: Summary of surface flow visualisations together with estimated
limits of TAV existence Markers: ◦ and � show geometries for which pres-
sure/microphone data were recorded in CICERO and NT rigs, respectively.
Thick-lined coloured markers indicate weather the TAV structure were observed.

column); for the first two spectra (a and b), where mode-I is strong and mode-II
is weak (or even non-existing), the TAV is clearly shown. Note that in (a) the
“wrapping” of the secondary-vortex is especially noticeable on the left side. For
increasing Mb mode-II grows in strength causing mode-I to deviate (c), as this
happens the TAV becomes distorted. Increasing Mb even further causes mode-I
cut-off (d). As this happens the TAV is no longer visible. Also, the stagnation
band is then replaced with a stagnation line. In this stagnation line the paint is
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Figure 3.30: Spectrograms and spectra for: Left: l/h = 4.5, l/d = 2. Right:
l/h = 3.375, l/d = 1.5. Oil-film visualisations were performed at conditions
indicated (a-e), in the top images, the spectra of which are shown in the bottom
images.

deposited as larger droplets instead of the smeared out region of the stagnation
band. This indicates that the stagnation line might be more temporally stable
than the stagnation band. A similar pattern is seen for the highest Mb (e).
The massive increase in spectral amplitude of mode-II as mode-I disappears
suggests that the primary-vortex might still exist during mode-I cut-off but the
frequency might lock-on to the frequency of mode-II.

Looking at the spectrogram of the l/h = 3.375, l/d = 1.5 case (right column
in Fig. 3.30) it can be seen that mode-I cut-off do not happen for this case.
Considering the spectral amplitudes it can be seen that although there is an
increase in mode-II amplitude as mode interaction occurs (spectrum (b) and
(c)) it is nowhere near as large as it is during mode-I cut-off. Considering the
surface flow visualisation images for this case (right column in Fig. 3.31) traces
of the TAV can be seen for all conditions. For spectrum (c) however, where the
frequency is deviating from it characteristic values, the TAV traces are heavily
distorted and the image also shows patterns similar to what was found during
mode-I cut-off. This indicates that even though mode-I still exist it might only
do so periodically, and the flow might thus be switching between being “mode-I
dominated” and “mode-II dominated” in nature.



3.3. Results and discussion 49

Figure 3.31: Oil-film visualisations for two T-type forebody geometries. Left:
l/h = 4.5, l/d = 2. Right: l/h = 3.375, l/d = 1.5. Flow conditions correspond-
ing to markings a-e (from top to bottom) shown in Fig. 3.30. Flow is from
bottom to top.
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3.4. Summary and conclusions

A mass-flow meter for variable density, pulsating flows, based on the vortex
shedding of bluff-bodies in a cross flow, has been developed and evaluated. The
mass-flow meter and the associated reduction methodology was constructed in
such a way that only pressure measurements are required, making it very robust.
It has been experimentally shown that the newly designed meter operates on
par with (or even better than) established hot-wire type flow meters.

Also, the effects of geometry on the shedding characteristics have been
experimentally studied. More specifically the effects of: Forebody shape, splitter-
plate length, splitter-plate thickness, V-cut splitter plates and geometric scales
were investigated. Two frequency modes could be identified; mode-I which is as-
sociated with the traditional vortex shedding of bluff-bodies and, the previously
unreported, mode-II which is hypothesised to be linked to a periodically shed-
ding of the conduit boundary layer. It has been shown that the mode-I Strouhal
number deviation scales better with Mach number than with Reynolds number.
It has also been shown that mode-II scales better with the Mach number but
that the appearance of mode-II might be Reynolds number sensitive.

For long splitter plates (l/d > 1) mode interaction was detected. This
mode interaction could for some cases cause a mode-I cut-off. As mode-I cut-off
happened a massive increase in mode-II energy was detected, indicating that
the primary vortex shedding might not stop but rather lock on to the frequency
of mode-II. It was hypothesised that for mode-I cut-off to happen two criteria
must be fulfilled: i) The length-scale ratio of mode-II and mode-I must be large:
δII/κ > 0.8. ii) The frequency ratio (fII/fI) should be close to an integer value,
i.e. lie on an “harmonic-line”.

The flow topology for the different geometries was studied using both smoke
visualisation and surface-flow visualisation. It was found that for short splitter
plates (l/d < 1) the primary vortex typically forms a classic spanwise roller. For
long splitter plates, however, the primary-vortex ends bend down and attach to
the splitter plate, forming a “horse-shoe”-like vortex (dubbed TAV). A limit of
l/κ ≥ 3 for the existence of the TAV was postulated. It was shown that mode
interaction acts to disrupt the formation of the TAV and during mode-I cut-off
the TAV no longer forms.



Chapter 4

Exhaust valve flow

This chapter gives a summary of the work that has been done concerning exhaust
valve flows in this project. The study is divided into two main topics: i) How
do valve motion (or system dynamics) and pressure ratio affect the discharge
coefficient (CD) of the exhaust valve? ii) How does valve motion affect the
shock structures in the exhaust port? The chapter starts with a description
of the experimental setups and techniques (section 4.1) that have been used
when investigating these topics. This is followed by section 4.2 that discusses
the results of the experimental campaigns. Finally section 4.3 summarises the
conclusions that can be made from these results.

4.1. Experimental setups and techniques

As mentioned above, two different types of experiments have been performed.
Thus two different types of experimental setups have been designed and con-
structed. This section will discuss these setups, starting with the setup concern-
ing discharge coefficient measurements followed by a description of the optically
accessible setup used for shock visualisation of the exhaust flow. Both setups
can be further divided into two types: Static and dynamic-valve experiments.
The static-valve experiments were performed using the CICERO laboratory flow
bench (see §3.1.1 for a description of the CICERO lab), whereas the dynamic
setups were standalone.

4.1.1. Discharge coefficient experiments

In the discharge experiments a Scania production exhaust valve and valve seat
has been used. The static and dynamic setups share the key components (ev-
erything downstream of the cylinder, see Fig. 4.1). In the dynamic experiments
a 177 mm high (S) cylinder with a diameter (B) of 120 mm is clamped and
sealed between the top and bottom plates. These plates have a 5 mm deep,
stadium-shaped sink which allows the cylinder to be moved relative to the rest
of the setup, effectively changing the radial position of the valve. The cylinder
has axially co-located taps for pressure and temperature measurements at three
different streamwise positions. It was however, discovered that no significant
gradients were present in the cylinder, so only the centrally positioned taps were
used (p0,cyl and T0,cyl). The pressures were measured using Kistler 4045-A5

51
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transducers and temperature with a T-type thermocouple and a Fluke 51-II
thermocouple reader. The cylinder also hosted a pressure inlet, close to the
bottom, which was connected to a compressor-fed air supply through a solenoid
valve. The top plate has a 45◦ “lead-in” to a socket in which the 45◦ valve seat
is fitted. The valve seat has two 1 mm pressure taps (on opposite sides) on the
conical section (sealing region of the seat) which are ducted through the top
plate to where pressure sensors could be mounted (pT).

A straight, constant diameter (d = 35 mm) port connects to a straight
outlet pipe of the same diameter (total length is approximately 15d) which
exhausts to the atmosphere. The pressure in the exhaust port (also called back
pressure pback) is measured approximately 2d downstream of the valve seat. The
outlet pipe also has a tripod-type valve guide, to centrally fix the valve stem.
The valve has a maximum diameter (φ) of 41 mm and a 45◦ conical section,
which seals against the valve seat. To increase the sealing ability, the valve was
covered with a thin rubber coating (thickness less than 0.1 mm). The valve
was operated using an electromagnetic linear motor (Linmot P10-70×320U),
which connected to the valve through a valve actuation rod (VAR). The VAR
was rigidly connected to the valve and exited the cylinder through the bottom
plate, via a sealed guide. A Novotechnik TE1-0025 linear transducer, connected
to the slider of the linear motor, was used to measure the valve position. To
ease the forces on the motor, during opening with high cylinder pressures, the
VAR was spring loaded. The spring generated a force of 300 N when the valve
was closed, approximately half of the force on the valve at a cylinder-to-port
pressure difference of 500 kPa.

When performing the dynamic-valve experiments, the valve was initially
closed and air was allowed to enter the cylinder, through the pressure inlet.
When stable conditions at the desired initial cylinder pressure (p0,i) was reached
the valve was opened, according to a preprogrammed lift profile (corresponding
to a given engine speed n). Only the lifting part of the valve-motion cycle was
included in the experiments, i.e. valve lifts (`) from fully closed to the maximum
lift. Furthermore, since it is the blowdown phase that is of interest, the analysis
is limited to the lower half of the valve lift profile (`/d ≤ 0.2).

Dynamic-valve experiments were performed for equivalent engine speeds
in the range 800 to 1350 rpm. The initial cylinder pressure was also varied to
span a range of 300 to 500 kPa.

In the static-valve experiments, the bottom plate was changed for a flange,
allowing a diffuser to be connected to the cylinder. The flange has an arm
(VAR holder), traversing the cylinder, which allows the VAR (and thus valve)
to be fixed at any valve lift. The diffuser is then connected to the CICERO
compressor system and run to a specified mass-flow rate. The mass-flow rates
used in the static valve were chosen to cover the mass-flow rates, for the given
valve lift, obtained in the dynamic-valve experiments.

In the dynamic-valve experiments the data were recorded at a sampling
frequency of 25 kHz and to increase the signal-to-noise ratio each test case was
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Figure 4.1: Schematic of the setups used when investigating the discharge
coefficient. The top image show the setup used in the static valve experiments.
The bottom image show the dynamic valve setup.

repeated 8 times and ensemble averaged. For the static-valve experiments a
sampling frequency of 16 kHz was used and data were recorded (and averaged)
over 5 s. Static-valve experiments were carried out for valve lifts `/d = 0.014,
0.029, 0.057, 0.086, 0.114, 0.143, 0.171 (` = 0.5, 1, 2, 3, 4, 5, 6 mm).

4.1.2. Double-valve setup

As most modern engines have 4 valves per cylinder (2 intake and 2 exhaust
valves) a setup with two valves was also constructed. A sketch of the dual-valve
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rig (excluding the linear motor, instrumentation and mounting), set up for
dynamic-valve measurements can be seen in Fig. 4.2. The bottom plate and
the cylinder are the same as for the single-valve experiments. The top plate,
however, now hosts two separate valve seats and ports with a centre-to-centre
distance of 45.5 mm. The two exhaust ports and outlet pipes have the same
internal geometry as the single-valve setup, i.e. straight pipes (35 mm diameter)
with pressure measurements 2d downstream of the top plate and one tripod-type
valve guide for each valve stem.

The valves were connected to a VAR coupling-plate which in turn connected
to the linear motor (passing through the bottom plate). Any opening-time delay
between the two valves was evaluated based on the back-pressure trace and
compensated for, when calculating the geometrical flow-area. The method of
using the pressure traces to estimate the time lag was verified using a physical
contact method, where the time lag was evaluated by passing a small electrical
current from the valve to top plate. As the valve separated from the valve seat
the connection was broken and a clear step signal was generated.

Dynamic experiments were performed at an equivalent engine speed n =
1350 rpm for all initial cylinder pressures (p0,i ∈ [300, 500] kPa). The static
valve experiments were performed for the same valve lifts as in the single-valve
experiments (`/d = 0.014, 0.029, 0.057, 0.086, 0.114, 0.143, 0.171).

4.1.3. Temporally resolved mass-flow measurements

To evaluate the discharge coefficient (CD) the actual mass-flow needs to be
measured. For the static-valve experiments this was done using the hot-film type
ABB meter in the CICERO lab. In the dynamic-valve experiments, however,
a temporally resolved mass-flow rate measurement is needed. Normally this
is done by traversing (when complex velocity profiles are present) a hot-wire
probe across the flow area and integrating the readings to give the mass-flow
rate at the investigated cross section (Laurantzon et al. 2012). Another way
is to use the vortex-shedding method, that has been described earlier (see
§3.2), to directly estimate the bulk mass-flow rate. Both of these (and most
other conventional methods) do however need to be applied/added relatively
far downstream in the exhaust port/outlet pipe. This becomes a problem,
in the dynamic experiments, if the mass flow is to be related to a specific
valve lift, since the density distribution throughout the length of the port and
outlet is unknown. This makes the determination of the correlation between the
mass-flow measurement and the valve-lift timing impossible (without modelling).

Instead of using the more traditional methods, a different method based on
estimating the mass of air inside the cylinder is used (Povey and Beard 2008).

The mass of air inside the cylinder, as a function of time, (m(t)) can be
estimated using the ideal gas law as:

m(t) =
V p(t)

RT (t)
, (4.1)
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Figure 4.2: Sketch of the dynamic dual-valve setup. Note the stadium shaped
cut in the bottom plate that allows for radial movement of the cylinder.

where V is the volume of the cylinder, p(t) and T (t) are the cylinder pressure
and temperature at time t, respectively. Measuring p(t) is a straight forward
task. Measuring T (t) however, is not as easy. The most common way to measure
time-dependent temperature is to utilise a cold-wire thermometer. The roll-off
frequency of such thermometers can be quite high (Arwatz et al 2013) when
the temperature variations are small and scattered around a steady mean. In
the dynamic-valve experiments of the present study, however, the temperature
change is large (∆T ≈ 100 K), which means that the large thermal inertia of
the prongs (holding the wire) will act to damp the response of the thermometer.
Thus, a cold-wire thermometer is not suitable for temperature measurements in
the current situation.
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For the time scales associated with the blowdown phase (O(10−2 s)) the
heat addition from the cylinder walls to the air in the cylinder is small and the
expansion in the cylinder may be considered an isentropic process (Semlitsch
et al 2015; Povey and Beard 2008). This allows the temperature at time t to be
determined, using the isentropic relations, as:

T (t) = T0,i

(p(t)
p0,i

)(γ−1)/γ
, (4.2)

where p0,i and T0,i are the initial cylinder pressure and temperature, respectively.
Using eq. (4.2) in eq. (4.1) and taking the time derivative, an expression for the
mass-flow rate in terms of measured quantities can be established:

ṁ =

∣∣∣∣dmdt
∣∣∣∣ =

V

γRT0,i

(p0,i
p

)(γ−1)/γ ∣∣∣∣dpdt
∣∣∣∣ . (4.3)

Note that the mass-flow rate is calculated using the time derivative of the
cylinder pressure, which means that signal noise will be amplified and should
thus be minimised (e.g. through ensemble averaging).

4.1.4. Shock structure experiments

If the shock structures in the exhaust port are to be studied, optical access to
the convoluted geometry around the valve head and seat is needed. For this
purpose an additional rig was designed and built (shown in Figs. 4.3 and 4.4).
This rig was based on the setup previously described (§4.1.1), but instead of
the full 360◦ axisymmetric geometry a setup modelling a 30◦ section of the
geometry was constructed. This setup had two flat sides in which windows were
fitted (the location of which is marked by a red rectangle in Fig. 4.3), which
allowed Schlieren photography of the flow past the exhaust valve.

This rig was scaled up 1.5 times, compared to the full 360◦ rig, to make
it easier to manufacture (i.e. ds = 1.5d, `s = 1.5` and so on). The VAR was
connected to the linear motor using a dual-joint coupling, that could compensate
for small levels of misalignment between the rig major axis and the linear motor.
The valve position was measured directly on the valve (not on the slider of the
linear motor, as in the 360◦ rig) using the same Novotechnik TE1-0025 linear
transducer, mounted on the side of the setup.

In the static-valve experiments the bottom plate was changed for one which
could connect to the CICERO compressor system, via a 40 mm diameter pipe.
The linear motor was also switched to a plate which could lock the valve at any
fixed valve lift.

The temperature, pressures and valve position were recorded in the same
way as in the CD experiments (i.e. using the same transducers, sampling times
and sampling frequencies). The dynamic data were, however, not ensemble
averaged in these experiments. The Schlieren images were taken, using a
Photron FASTCAM APX-RS high-speed camera, at a frame rate of 6000 fps.



4.1. Experimental setups and techniques 57

φs/2

Major axisOutlet

ds
2

4ds

dsPressure taps
Ss

Bs/2

VAR Dual-joint coupling

Pressure inlet

Linear motor

Tcyl P0,cyl

Valve head

Figure 4.3: A schematic of the setup used in the shock-structure experiment
with a dynamic valve. The red rectangle marks the location of the window.
Image adapted from paper 2.
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Figure 4.4: 3D model (top) and photo (bottom) of the setup used in the shock-
structure experiment with a dynamic valve. As a reference of the size of the rig
it can be mentioned that the window is 120 mm long and 30 mm high. Image
adapted from paper 2.
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1 2 3

Figure 4.5: Sketch showing the different Schlieren knife angles used in the static
valve experiments (denominated knife angle 1 - 3). The grey dot symbolises the
focal point of the Schlieren system. Image taken from paper 2.

In the dynamic-valve experiments an iris was used as a Schlieren knife.
In the static-valve experiments, however, several different knives were used.
Figure 4.5 shows the different Schlieren knifes for which images will be shown.

The dynamic experiments were run with an equivalent engine speed of
n = 1350 rpm and an initial cylinder pressure of p0,i = 300 kPa. The static valve
experiments were run at valve-lift-to-port-diameter ratio of `s/ds = `/d = 0.155
for stagnation cylinder pressures ranging from 112 to 325 kPa.

4.2. Results and discussion

As this study focus on the flow during the blowdown phase most graphs are
limited to low valve lifts `/d ≤ 0.2. For figures where larger valve lifts are
plotted, the region for valve lifts larger than `/d > 0.2 will be shaded grey.

As an example Fig. 4.6 shows the raw valve lift curves (all 8 trials) for
equivalent engine speeds n = 900 and 1350 rpm, for an initial cylinder pressure
p0,i = 400 kPa. It can be seen that the linear motor creates a nice repeatable
lift curve, indicating that ensemble averaging different trials should work and
that the repeatability using this actively controlled motor is high.

For any given initial cylinder pressure, the faster the valve is opened the
higher resulting mass-flow rate will be achieved. This means that the highest
mass flow will be found for the case with the highest initial pressure and the
highest equivalent engine speed, i.e. p0,i = 500 kPa and n = 1350 rpm. As an
example the mass flow as a function of `/d for n = 1350 rpm, for the different
initial cylinder pressures, are shown in Fig. 4.7. From this figure it can be
seen that the highest mass flow, within the lift range of interest (`/d ≤ 0.2), is
approximately ṁmax ≈ 0.47 kg/s. This is thus the upper mass-flow limit for
investigations using a static valve.

4.2.1. Discharge coefficient

Figure 4.8 shows the discharge coefficient of the static single-valve experiments
as a function of the cylinder stagnation pressure. It can be seen that CD
exhibits a slight decrease for increasing cylinder pressures. This decrease in CD
is expected, since the density of the gas increases with the cylinder pressure
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Figure 4.6: Example of the valve-lift curves corresponding to an equivalent
engine speed n = 900 rpm and 1350 rpm, with an initial cylinder pressure
p0,i = 400 kPa. Valve lifts outside of the scope of this study is shaded grey.
Image adapted from paper 1.

Figure 4.7: Example of the mass flow rates for the different initial cylinder
pressures as a function of non-dimensional valve lift (`/d), for an equivalent
engine speed n = 1350 rpm. Valve lifts outside of the scope of this study is
shaded grey. Image taken from paper 1.

and many flow losses are proportional to the dynamic pressure (ρu2/2). The
dependence on cylinder pressure appears to be more prominent for low valve
lifts, as compared to larger valve lifts.

Figure 4.9 shows the discharge coefficient obtained from the dynamic single-
valve experiments as a function of `/d. In the top row CD for different initial
pressures are plotted for n = 800 rpm (left) and n = 1350 rpm (right), together
with the static-valve data (green circles). The bottom row shows graphs of CD



60 4. Exhaust valve flow

Figure 4.8: Discharge coefficient, for the static-valve experiments, as a function
of stagnation cylinder pressure. Image adapted from paper 1.

for different engine speeds (left) and for different in-cylinder radial placement
of the valve (right) for an initial cylinder pressure of p0,i = 500 kPa.

By comparing the dynamic and static discharge coefficients it can be seen
that experiments with a static valve in general overpredict the value of CD.
Inspecting the top row of graphs, it can be seen that low engine speeds exhibit
a larger dependency on initial cylinder pressure as compared to higher engine
speeds. As the cylinder pressure is increased the dynamic discharge coefficient
decreases, just as for the static valve experiments. It does, however, appear
like the dynamic CD is more sensitive to cylinder pressure than the static CD,
especially for lower engine speeds.

From the bottom right graph in Fig. 4.9, where CD for a centrally placed
valve and for a valve that is radially displaced (valve edge approximately 2 mm
from cylinder wall), it can be seen that the radial position of the valve has
negligible effect on the discharge coefficient.

By considering CD for a given initial cylinder pressure but different engine
speeds (bottom left graph in Fig. 4.9), it is seen that the discharge coefficient
actually increases with increasing engine speed. This is quite surprising, as one
would expect the slowest moving valve to be the “most” quasi-steady case and
thus closest to the static-valve data.

The discharge coefficients from the static double-valve experiments are
shown as a function of `/d in the left graph in Fig. 4.10, together with the static
single-valve data. Except for an increased pressure-ratio dependency, especially
prominent at low `/d, there is little difference between the static single and
double-valve results.

Comparing the dynamic double-valve data to that of the single-valve (right
in Fig. 4.10), it can be seen that the double-valve rig exhibits lower values of
CD in general. It also displays a larger dependency on initial cylinder-pressure.
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Figure 4.9: Discharge coefficient, for the single dynamic-valve experiments, as a
function of valve lift. The static-valve experiments data are marked with green
◦. Bottom right image shows a comparison of a centrally mounted valve and a
radially offset valve. Images adapted from paper 1.

Figure 4.10: Discharge coefficient, for the static (left) and dynamic double-valve
experiments (right), as a function of valve lift for an equivalent engine speed
n = 1350 rpm. Double-valve data is plotted with dashed lines and single-valve
with solid lines. Images adapted from paper 1.

This trend (of generally lower CD and increasing pressure-ratio dependency) is
similar to the trend observed for decreasing engine speed.

As previously mentioned the trend of increasing values of CD for increasing
equivalent engine speed is highly unexpected. This indicates that higher engine
speeds are actually “more” quasi-steady than lower engine speeds. In order
to analyse this, first consider the original reasoning behind the quasi-steady
assumption, which states that since the valve speed (O(100) m/s) is much slower
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than the gas velocity in the valve region (O(102) m/s) the flow perceives the
valve as stationary. This is of course a necessary condition for quasi-steadiness
but not the only condition.

For the flow to be truly quasi-steady the flow conditions (i.e. pressure and
temperature) should also change slowly. This means that for any one valve lift,
the upstream conditions (cylinder pressure and temperature) can be considered
constant. To ease the analysis, it is convenient to talk about this in terms of
time scales, where e.g. the geometric time scale (τg) is associated to the change
in flow area. A time-scale criterion for the quasi-steady assumption can than be
formulated to state that the time scale of the flow (τf) must be much smaller
then the geometric time scale (the classic reasoning) which in turn must be
much smaller than the time scale of the flow conditions (τc), or mathematically:

τf << τg << τc . (4.4)

As the classic reasoning correctly states τf is always much smaller than τg.
The separation of time scales associated to the geometry and flow conditions
is, however, unknown. To evaluate this, a new non-dimensional number can
be formulated that effectively quantifies the “steadiness” of the process. This
number (dubbed the quasi-steadiness number, QS-number) is defined as the
ratio of the time scales associated with the change of the geometry and the flow
conditions.

The geometric time-scale is estimated from the relative change in flow area
(AT/ȦT). The flow conditions are fully determined by the amount of air that
is contained in the cylinder. This means that the mass-flow rate can be used to
estimate the time scale of the flow conditions, as τc = m/ṁ. The QS-number
can then be defined as:

QS =
τc
τg

=
ȦT/AT

ṁ/m
. (4.5)

Using this definition, for it to be reasonable to consider a process as quasi-
steady QS >> 1 is necessary. The denominator in eq. (4.5) can be expressed
as:

ṁ

m
=
ρ∗A∗

√
γRT ∗

ρ0V
=
RT0A

∗ ρ∗
ρ0
ρ0

√
γRT∗

T0
T0

p0V
, (4.6)

where the asterisk denotes values at sonic conditions. After some algebra and
using the ideal gas law and the isentropic relations, eq. (4.6) can be written as:

ṁ

m
= C

A∗
√
γRT0,i

V

( p0
p0,i

) γ−1
2γ

, (4.7)

where
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Figure 4.11: QS-number for the single-valve experiments with p0,i = 500 kPa
(left) and a comparison of the QS-number for the single and double-valve setups
at n = 1350 rpm (right). Solid lines marks single-valve data and dashed lines
marks double-valve data. Images adapted from paper 1.

C =
( 2

γ + 1

)(γ+1)/[2(γ−1)]
. (4.8)

Using eq. (4.7) in eq. (4.5) and letting A∗ = AT allows QS to be written in
terms of measurable quantities as:

QS =
1

C

(p0,i
p0

)(γ−1)/2γ V

AT

√
γRT0,i

ȦT

AT
. (4.9)

The left graph in Fig. 4.11 shows the QS-number as a function of `/d for the
single-valve experiments with an initial cylinder pressure of 500 kPa. Examining
this figure it is seen that the QS-number reduces to low values early on in the
exhaust process (i.e. at low valve lifts). It can, however, also be seen that the
highest levels of QS is found for the highest engine speed. This indicates that
the process which is “most” quasi-steady is in fact the highest engine-speed
process.

Similarly it can be seen that as two valves are used instead of one the QS
number falls even faster. This result is predicted by eq. (4.9), since the cylinder

volume (V ) and geometric time-scale (2ȦT/2AT = ȦT/AT) are the same but
the flow area (AT) is increased (allowing for larger ṁ).

4.2.2. Shock structures

While running the static-valve experiments it was found that the flow through
the exhaust port belongs to one of two flow regimes. Regime-I is characterised by
a continuously increasing cylinder-to-back-pressure ratio as the cylinder pressure
is increased. As the flow enters regime-II the cylinder-to-back-pressure ratio
becomes independent of a further increase in cylinder pressure, the level of which
is determined by the valve lift. The cylinder-to-back-pressure ratio as a function
of cylinder stagnation pressure for the static single and double-valve experiments
are shown in the top graph of Fig. 4.12. The high pressure ratios in regime-II
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Figure 4.12: Ratio of cylinder stagnation pressure and back pressure as a function
of cylinder stagnation pressure. Top: Static valve data for 360◦ geometry, solid
lines are used for single-valve experiments and dashed lines for double-valve
experiments. Bottom: Solid coloured lines: Static valve data for 360◦ geometry.
Black markers: dynamic valve data for 360◦ geometry at `/d = 0.143. Red
markers: Static valve data for visualisation rig. Blue markers: Conditions for
which Schlieren images will be shown. Cyan marker: Condition of the dynamic
valve experiments with the visualisation rig at `/d = 0.154. Images adapted
from paper 1 and 2.

indicate that the flow is able to fully expand into the exhaust port and the
Mach number in the port will be determined by the local-to-minimum-flow-area
ratio.

The dynamic-valve experiments did not reflect this regime split. Even
though the cylinder pressure in the dynamic experiments was high it never
exhibited the same elevated values of the cylinder-to-back-pressure ratio (i.e. it
never entered regime-II). This is illustrated in the bottom graph of Fig. 4.12,
where the pressure ratio for three static single-valve experiments are shown
together with the pressure ratio of the single dynamic-valve experiments at
`/d = 0.143 (black markers). This figure also shows the pressure ratios obtained
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Figure 4.13: Schlieren image of the flow in regime I, flow is from right to left.
p0,cyl = 214 kPa. Image taken from paper 2.

using the 30◦ visualisation rig, static-valve experiments are marked with red
markers and dynamic-valve experiments (at `/d = 0.154) with a cyan marker.
The blue squares marks the conditions for which Schlieren images are shown.

Figure 4.13 shows a Schlieren image of the exhaust port for flow with a
static valve in regime-I (p0,cyl = 214 kPa). Oblique shock waves can be seen
close to the sealing region of the valve. Just downstream of this, on the port-wall
side (top in the image), the flow is seen to separate from the wall. The Mach
waves, that can be seen close to the valve, indicate that the flow is supersonic
in this region.

Schlieren images of the port, with a static valve, for flow in regime-II are
shown in Fig. 4.14 for three different cylinder pressures and Schlieren knife angles
(see Fig. 4.5). Some noticeable differences between regime-I and II can be seen.
The most noticeable is perhaps the formation of a shock train. Also noteworthy
is that the flow no longer separates at the corner, just downstream of the valve
seat, but rather the flow can fully expand into the port. An oblique shock
is instead formed close to this region which is, further downstream, reflected
against the valve stem and terminated as it meets the formed shock train.

The position of the shock train can be seen to depend on the upstream
pressure. For high cylinder pressures the location of the shock train is pushed
further downstream inside the port. In the middle image the separation of the
port boundary layer (causing the shock train) is clearly shown.

As for the images of flow in regime-I, Mach waves can be seen to form close
to the valve.

A time series of Schlieren images for the dynamic-valve process is shown in
Fig. 4.15. As the valve lift is increased the flow can be seen to go through three
different flow states.

A) An overexpanded jet with two free boundaries.
B) A wall-bounded overexpanded jet with one free boundary.
C) A fully expanded nozzle flow.
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Figure 4.14: Schlieren images of flow in regime II using the different Schlieren
knife angles (highlighting different gradients) and cylinder pressures (p0,cyl =
325, 304, 295 kPa, see right part of Fig. 4.12). Images taken from paper 2.

The different dynamic flow states are illustratively summarised in Fig. 4.16.

For low valve lifts the flow forms an overexpanded jet (flow-state A) which
widens as the lift increase. At some point the jet boundary closest to the valve
attaches to the valve geometry and the flow thus enters flow-state B. As `/d
increases the angle of the separation (forming the port-wall-side jet-boundary)
keeps increasing (becoming increasingly parallel with the port wall). For large
valve lifts (`/d > 0.205) the flow no longer separates from the port wall and the
flow can expand in the full port geometry. The flow has then entered flow-state
C, and the supersonic flow terminates with a shock train. As the valve lift
continues to increase and the cylinder pressure decreases, the shock train moves
upstream before completely disappearing.
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Figure 4.15: Schlieren images of the dynamic valve experiments.
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A

B

C

Figure 4.16: The three flow states of the dynamic valve process, flow states A-C
from top to bottom. Images adapted from paper 2.

To further highlight the differences between the two static flow regimes and
the dynamic flow, the difference between two subsequent images can be taken.
This method utilises the slight unsteadiness of the shock waves to highlight
the image features. This is shown in Fig. 4.17 where the top image depicts the
dynamic process (in flow state B), the middle image shows the flow in static
regime-I and the bottom image shows the static regime-II. In these images the
Mach waves are more clearly seen, as compared to the original images. The
Mach waves can be used to estimate the Mach number of the flow using:

M =
1

sinµ
, (4.10)

where µ is the angle of the Mach wave. Using this relation and estimating the
angles of the Mach waves (in the region of constant area) from the images, the
Mach numbers of each flow case was estimated. The highest Mach number was
found for the static valve in regime-II, µ = 32◦ ⇒M = 1.89. The second highest
was found in the dynamic valve case, µ = 43◦ ⇒M = 1.47 and the lowest in
static regime-I case, µ = 52◦ ⇒M = 1.27. This Mach number distribution is
also reflected in the width of the jets. For fully expanded flow the area ratio
(A/A∗) is maximised and thus generates the highest Mach number. Comparing
the jet boundary of the dynamic case to that of the static regime-I it can be
seen that the jet is wider during dynamic-valve operation, thus allowing for a
larger expansion and likewise a higher Mach number.
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Figure 4.17: Images highlighting the flow features, generated by subtracting
two subsequent images from each other, of the dynamic valve experiment (top)
and the static valve experiments in regime I (middle) and regime II (bottom,
knife angle 1). The approximate location the valve and port walls are marked
by the cyan lines. Images adapted from paper 2.

4.3. Summary and conclusions

The modelling assumptions of pressure-ratio insensitivity and quasi-steadiness
for the flow past the exhaust valve have been experimentally evaluated. This
has been done by comparing discharge coefficients obtained using a static valve
at steady conditions to those obtained for a dynamically discharging cylinder
with a moving valve. The dynamic-valve experiments allowed for different initial
cylinder pressures (in the range 300-500 kPa) and different valve opening speeds
(equivalent to engine speeds in the range 800-1350 rpm). The rig was also
designed in such a way that it allowed for the influence of the radial position of
the valve, in the cylinder, to be evaluated. Moreover, an additional cylinder
head was constructed with a double-valve setup, with two separate outlets.

It has been shown that neither of the two modelling assumptions hold.
Increasing the pressure ratio causes the discharge coefficient to decrease in value.
This is especially prominent during dynamic-valve operations for low engine
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speeds. Furthermore it has been shown that increasing the engine speed tends
to increase the value of the discharge coefficient.

A new non-dimensional number has been defined, which quantifies the
“steadiness” of the process. This number has successfully been used to explain
why the process should not be considered quasi-steady and why the higher
engine speeds is more quasi-steady than the lower engine speeds. It also explains
why the double-valve rig is even less quasi-steady than the single-valve setup.

It has also been shown that the radial position of the valve does not affect
the discharge coefficient.

Furthermore, a Schlieren visualisation rig was constructed and used to
highlight the differences in shock patterns between static and dynamic-valve
operations.

The dynamic-valve process has been shown to have three distinct flow states.
A) An overexpanded jet with free boundaries. B) A wall-bounded overexpanded
jet with one free surface. C) Fully expanded nozzle flow. The flow has been
shown to smoothly transition from flow-state A through C as a function of valve
lift.

It was shown that in the static-valve experiments the flow can switch from
flow-state B to flow-state C at lower valve lifts than in the dynamic-valve
experiments if enough upstream pressure is available. It has, however, also
been shown that relatively large differences remain between static and dynamic
experiments even if both cases belong to flow-state B.

All in all, if the exhaust valve flows are to be studied it is recommended that
the experiments include the system dynamics, caused by having a dynamically
discharging cylinder with a moving valve, and are performed at representative
pressure ratios. Failing to incorporate these two points, would imply that the
experiments do not incorporate the correct physics, and will therefore render
the experimental results inaccurate.



Chapter 5

Summary

Two topics have been discussed in this thesis. The first topic relates to bluff-
body vortex shedding in conduits. A prototype vortex flow meter (VM) for use
in pulsating flows, based only on pressure measurements, has been designed and
evaluated. The VM has been shown to have a performance equal to that of a
more conventional hot-wire type flow meter. During the development of the VM
a second, previously unreported, energetic flow mode was detected (called mode-
II). The appearance of this second mode prompted an investigation studying
the scaling of the different frequency modes associated with bluff-bodies in a
confined space.

An investigation of the near-wall Mach number indicates that mode-II might
be the periodic shedding of the pipe boundary layer. Furthermore, it has been
shown that mode-II can interact with the primary vortex shedding (mode-I) if
the characteristic length scale of mode-II is comparable to that of mode-I and
if the mode-II frequency lies close to a harmonic of mode-I. When this is the
case mode-I can, for long-tailed geometries, lock on to the higher frequency of
mode-II.

The flow topology associated with the vortex shedder has also been studied.
It has been shown that for short-tailed geometries (where the tail length is
equal to or less than the shedder height) the primary vortex forms a spanwise
roller, spanning the diameter of the pipe. For long tailed geometries the primary
vortex bends to form a hoop-like structure where the vortex ends attaches to the
tail. This hoop-like vortex has been named a tail anchored vortex (TAV). This
distinct difference in flow topology gives a fluid mechanics based distinction
between short and long tailed geometries.

The second (and effectively main) topic of this thesis has been exhaust
valve flows. The main point of discussion of this topic has been the commonly
used assumption that the flow past the exhaust valve can be considered as
quasi-steady. This assumption has been experimentally tested by comparing
both discharge coefficients and shock structures of experiments performed under
steady conditions, with a static valve, to those found under more realistic
dynamic conditions, with a moving valve. The experiments were designed in
such a way that the influence of radial position of the valve, double valve setups
and pressure ratio could also be investigated.
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The static experiments were carried out using a high-pressure flow facility
and the dynamic experiments involved the dynamically opening of the valve
of a pressurised cylinder. Two rigs were constructed, one which was used to
compare the discharge coefficient between static and dynamic operation of the
valve and one which allowed for Schlieren photography to be used to visualise
the sock pattern of the flow field in the port.

The study showed that the radial position of the valve has little to no effect
on the exhaust process, whereas the pressure ratio has been shown to decrease
the efficiency of the valve when operated dynamically. This effect was especially
prominent for lower engine speeds. The use of a double valve setup has also been
shown to decrease the value of the dynamically obtained discharge coefficient.
Moreover, it has been shown that increasing the engine speed acts to increase
the values of the discharge coefficient and make it less sensitive to pressure
ratio, indicating that the process becomes “more” quasi-steady with increasing
engine speeds. However, large differences between statically and dynamically
obtained discharge coefficients were always present. To explain the dependency
on engine speed a new non-dimensional number (QS-number) was formulated
and used to show that the higher engine speeds are in fact more quasi-steady
than the lower engine speeds. This dependency on engine speed spawns from
the relative difference of the characteristic time scales of the geometry and the
flow conditions.

It has also been shown that the shock structures, as well as Mach numbers,
in the exhaust port differs when comparing static and dynamic processes.

Finally, it can thus be said that neither the assumption of pressure-ratio
insensitivity nor the quasi-steady assumption are valid. This means that if the
exhaust valve flows are to be studied, be it quantitatively or qualitatively, the
experiments or simulations must be performed on the dynamic process and at
relevant pressure ratios.
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