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Abstract 
Carbon dioxide, as a natural refrigerant is safe and environment-friendly. It is also an 

economic refrigerant which can be utilized in residential heat pumps. Analysis has been done to 

evaluate the performance of the CO2 heat pump in Gamen 12 (Skrapan) in the Sodermalm area, 

and vasakronan owns this building;  which is a real estate company. The building satisfies its 

heating needs by connecting to the district’s heating network. 

Furthermore, the CO2 heat pump was installed to recover the available high- potential 

waste energy from the building. The evaluation starts with one year of field measurements from 

May 2017 to May 2018 of an existing system. Additionally, quality control and a revision of the 

data are essential to have the most accurate values. Then it is followed by the use of necessary 

equations to estimate and establish the parameters that are critical to the performance of the 

heat pump. For instance, some of the essential parameters include temperature and pressure. 

Moreover, in this study, a numerical model was used to present four different scenarios 

which handle the parameters that impact the performance of the heat pump. The scenarios also 

aim to improve the system for future or similar installations. The results show that the 

performance of the heat pump can be improved by 16% and 14% respectively when the outlet 

gas cooler temperature and evaporation temperature are optimized. The best performance of 

the system is achieved when the outlet gas cooler temperature decreased, and the evaporation 

temperature increased simultaneously. This change yielded the best optimal value, which is up 

to 30% higher than the previous performance. Another scenario was created for a future 

installation. In this scenario, it was assumed that the heat pump consists of three gas coolers, 

two of which will be utilized for heating the domestic water while the other was used for space 

heating. Results showed that the new installation projects promising economic results and yields 

better performance of the system. Finally, an economic assessment was adopted in this study, 

and it carried out the results of cost savings at a specific running capacity of the system which is 

168000 SEK/year and equals to 8% of the total cost as the results showed. After applying the 

suggested improvements, the savings will be higher and would reach 218000 SEK/year, which is 

equal to 11% of the total cost to provide heating to the building. 

 

 

 

 

 

Keywords: CO2 trans-critical heat pump, Field measurements, Gamen 12 (Skrapan), 

Vasakronan, Residential buildings, Cost savings. 

 



ii 
 

SAMMANFATTNING 
    Koldioxid, som ett naturligt kylmedel är säkert och miljövänligt. Det är också ett 

ekonomiskt kylmedel som kan användas i bostadsvärmepumpar. Analys har gjorts för att 

utvärdera uppförandet av CO2-värmepumpen i Gamen 12 (Skrapan) i Södermalmområdet, och 

vasakronan äger denna byggnad; vilket är ett fastighetsbolag. Byggnaden uppfyller sina 

värmebehov genom att ansluta till fjärrvärme . 

Vidare installerades CO2-värmepumpen för att återvinna den tillgängliga 

högspänningsavfallsenergin från byggnaden. Utvärderingen börjar med ett år av fältmätningar 

från maj 2017 till maj 2018 av ett befintligt system. Dessutom är kvalitetskontroll och revision av 

data väsentliga för att få de mest exakta värdena. Därefter följs användningen av nödvändiga 

ekvationer för att uppskatta och fastställa parametrar som är kritiska för värmepumpens 

prestanda. Exempelvis inkluderar några av de väsentliga parametrarna temperatur och tryck. 

             Vidare användes i en studie en numerisk modell för att presentera fyra olika scenarier 

som hanterar de parametrar som påverkar värmepumpens prestanda. Scenarierna syftar också 

till att förbättra systemet för framtida eller liknande installationer. Resultaten visar att 

värmepumpens prestanda kan förbättras med 16% respektive 14% när 

utloppsgaskylstemperaturen och indunstningstemperaturen optimeras. Systemets bästa 

prestanda uppnås när utloppsgaskylstemperaturen sjönk och förångningstemperaturen ökade 

samtidigt. Denna förändring gav det bästa optimala värdet, vilket är upp till 30% högre än tidigare 

prestanda. Ett annat scenario skapades för den framtida installation. I detta scenario antogs att 

värmepumpen består av tre gaskylare, varav två kommer att användas för uppvärmning av 

hushållsvatten medan den andra används för rymmeuppvärmning. Resultaten visade att den nya 

installationen lovar ekonomiska resultat och ger bättre prestanda i systemet. Slutligen antogs en 

ekonomisk bedömning i den här studien och det genomförde resultatet av kostnadsbesparingar 

med en specifik Kapacitet hos systemet som är 168000 SEK / år och motsvarar 8% av den totala 

kostnaden som resultaten visade. Efter att ha tillämpat de föreslagna förbättringarna kommer 

besparingarna att bli högre och uppgå till 218000 SEK / år vilket motsvarar 11% av den totala 

kostnaden för uppvärmning till byggnaden. 

 

 

 

 

Nyckelord: Koldioxidtrans-kritisk värmepump, Fältmätningar, Gamen 12 (Skrapan), Vasakronan, 

Bostadshus, Kostnadsbesparingar 
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1. Introduction  

Towards a better, cleaner and more maintained upcoming future for the next generations, 

all leaders work to come up with new solutions and techniques to reduce the pollutants and 

emissions that contribute to global warming and ozone depletion. Therefore, most of the world’s 

countries are involved in finding innovative technologies, especially in the energy sector. Indeed, 

many of these countries have already started to shift to renewable energy for various 

applications such as heating, cooling, and power generation. Renewable energy in all forms is 

considered as a good source and has a vast potential to meet the energy demand without any 

cost. Almost all fossil fuels are known to be the primary cause of increasing greenhouse gas 

emissions, which significantly contributes to global warming. In an attempt to reduce those 

emissions, much interest nowadays is directed towards renewable energy resources.  

According to the annual report of the international energy agency (IEA), global energy 

consumption will increase by about 37%. This increase is due to the rising population predicted 

to be 9.1 billion in 2040 and is also due to the advanced technologies that led the world in the 

current era. Furthermore, the increased global energy consumption will lead to a 20% increase 

in carbon emissions, which in turn will have an incremental effect on the temperature of the 

earth. It is predicted that this effect would raise the temperature by approximately 3.6 C in the 

long term. Moreover, according to the IEA report, the energy cost will increase to 18% by 2040. 

(Agency, 2015)(IEA, 2017). 

Considering the energy reports, it is evident that the residential and commercial sectors 

consume the largest share of energy which constitutes a third of the final energy demand, and 

this share is determined by referring to the carbon dioxide emissions (Aleksandra Novikova, 

2007). As a result, innovative technologies must be developed to provide this enormous demand 

of energy which is essential to the building sector after which it gets distributed among different 

applications, with the highest shares being directed towards heating, cooling, and domestic hot 

water purposes.  

In order to reduce the energy consumption for heating, cooling, and domestic hot water, heat 

pump systems are currently used. The heat pump systems recover energy from various sources, 

and the energy will be used again for the mentioned applications as these systems are considered 

to provide clean energy (Union, 2009). In Refrigeration cycles that use heat pumps, the type of 

refrigerant plays a vital role to determine the percentage of carbon dioxide emissions. Nowadays, 

many countries are beginning to install heat pumps to provide the heating and cooling demands 

which in turn reduces the associated costs and results in a more environment-friendly system; as 

heat pumps are more efficient when compared to conventional systems.  

In recent years, several studies have been done to monitor and observe the effect of 

refrigerants used in vapor compression cycles on the environment. In the European Union, 
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several strict regulations related to the type of refrigerant and the percentage of emissions are 

established. Moreover, plans have also been developed to phase out the refrigerants that have 

a higher share of emissions such as chlorofluorocarbons (CFCs), and hydrochlorofluorocarbons 

(HCFCs). The high emissions are due to these refrigerants having a higher GWP as it was 

introduced in new refrigerants such as HFCs which were considered successful refrigerants at 

first, but due to their high GWP, they have negatively impacted the climate. Additionally, 

refrigerants with high GWP were replaced and modified, therefore, resulting in newer models 

having a much lower GWP and zero ozone depletion potentials (ODP). The newer refrigerants 

include hydrofluoroolefins (HFO), R134ze, R134yf or natural fluids like propane, R240 and 

recently carbon dioxide R744 which can be considered harmless refrigerants that are suitable for 

use in heat pump applications. (Gabrielsen, 2018) 

According to Dokka and Halmstad, to reduce the energy demand in the residential sector, an 

approach known as passive energy design was used to meet the required demand with the lowest 

cost possible. This approach has several steps that must be followed and is summarized in five 

crucial steps, as shown in Error! Reference source not found. and discussed below (Thoreby, 

2013). 

• First step: reduce the heat losses in the building by improving the insolation and heat 

transfer coefficient values. 

• Second step: reduce electricity consumption by replacing the appliances with newer, and 

more efficient ones. 

• Third Step: passively design the building to utilize the highest share of solar energy and 

other sources. 

• Fourth step: design and install systems that can provide the required energy demand and 

instructions on how this energy can be utilized in the building (energy meters). 

• Fifth step: select the correct energy source that meets the demand in the building for the 

whole season.  

Finally, it is worthy of mentioning that the building (Gamen 12) has followed most of these 

steps to reduce the demand and power consumption as the building has a system to recover 

the waste energy and utilize it again. There are also energy meters in place to collect the data 

to control the system in order to find an optimistic operation scenario. 
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Figure 1: Passive energy design concept as a pyramid (Thoreby, 2013) 

1.1 The scope of the research  

The evaluation started in this thesis by taking field measurements from the site of the 

temperatures and pressures that influence the system. In addition to the heating energy supplied 

to the building, which was 800MWh and the heat pump, electricity consumption is estimated to 

be 307 kW during one year of collecting data. Moreover, the quality of the data was verified, and 

then the necessary processing and filtering were performed in order to make the analysis. The 

heat pump operates at an average of 50% from its capacity due to available heat sources, and 

the system reduces the cost of purchasing energy from district heating networks by 19% at 

previous conditions. The capacity of the system could be increased by optimizing the controlling 

method to reach 70%, and the reduction of the energy from district heating networks will be 

25%. The system is used to recover heat from the heat source which is, in this case, the building 

itself (sanitary water, restaurants, supermarkets) to reduce the cost which results from 

purchasing the heat from a district heating network. 

1.2 Research objectives  

In this thesis, the objectives are: 

• Evaluating the performance of the heat pump by analyzing the data from measurements 

for one year (May2017-May 2108). 

• Comparing heat pump performance to the modeling and checking if the system meets 

the expectations. 

• Suggesting improvements to the performance of the installed heat pump by adjusting the 

way the system is controlled and varying the temperatures that influence the 

performance. 
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• Suggesting improvements to the performance of future installations, by suggesting 
possible design modifications. 

• Investigating the economic savings achieved by installing the heat pump. 

• Studying and investigating the full potential of the system. 

1.3 Expected outcomes  

• Detailed analysis for the performance of the system based on field measurements. 

• Developing a model to simulate the performance of the system in order to enhance the 

performance by following the recommended suggestions. 

• Economic assessment that investigates the savings at the current terms and the savings 

when the capacity of the system is increased. 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 



5 
 

2. Research methodology  
The methodology has followed these steps: 

• An intensive literature review about heat pump technologies. 

• Collecting the measurements for a CO2 heat pump in the residential building and checking 

the quality of the data. 

• Evaluating the overall system performance for a year of measurements (May 2017-May 

2018). 

• Developing a theoretical model to check the variation of the parameters that influence 

the performance of the system.  

• Developing a new possible future installation for such a system.  

• Creating an economic assessment that shows the cost saving when using such a system. 

• Analyzing the results of the model in order to conclude the improvement of the system. 

2.1 Literature review 
 In this section, the recent studies about heat pump technology and the developments 

that have been done so far will be introduced in order to have a strong background for the 

improvements that could be achieved for the installed system. 

2.1.1 Heat pump technology  

 The heat pump technology is not new, and the history of the first concept of this 

technology goes back to the 17th century where William Cullen invented the artificial refrigeration 

for the first time, and his invention was considered as the heat pump’s scientific principle. Later 

on, in 1852, Lord Kelvin had developed the idea of the heat pump and described the scientific 

approach of the technology which allowed the scientists to build onto the heat pump technology 

which allowed Peter von Rittinger to build and develop the first heat pump ever. However, the 

developments have declined due to several reasons until the 1940s. In the 1940s, an American 

inventor, Robert C.Webber, discovered a ground source heat pump system by luck while he was 

experimenting the deep freezer and how it functions. Furthermore, the first large-scale 

installation was established in London, England in the 1950s in the Royal Festival Hall.  This system 

was a water-source heat pump, and it was used for heating and cooling during winter and 

summer seasons. 

 By definition, a heat pump system is a system that transfers heat between two sources, 

and usually, one of the sources is  a source of the heat, and the other will be used as a sink. The 

efficiency of the system is measured by comparing the heat rejected from the system to the 

electric power needed. The heat pump system is considered an excellent option to improve the 

efficiency in different applications and tend to start with small-scale and end up with large-scale 

applications (TheRenewable Energy Hub UK, 2018). 

 Nowadays, heat pump systems are used in various applications such as water heating 

systems on a small-scale where the heat pump is usually used to preheat or heat the water in 
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homes, or on large-scale in industries and residential buildings. The main principle is to extract 

heat from an outdoor source and transfer it, so it heats the water in the tank. Heat pump systems 

are also used in Heating, Ventilation, and Air-Conditioning (HVAC), the heat pump is a vapor 

compression refrigeration cycle, and the cycle is operable in both cooling and heating modes. For 

instance, in the large-scale applications, the heat pump could be used in the district heating 

networks to provide heat from surrounding sources which are usually bodies of water. It could 

also be used to recover heat from industrial waste heat, flue gases from power stations, 

supermarkets, solar energy storage, and district cooling networks. In the last two decades, heat 

pump technology has been rapidly developing because of the need for environmentally friendly 

technologies to reduce global warming and power consumption. For example, in Europe, 

numerous heat pumps are rapidly being installed with different capacities, and the statistics 

indicate that 1500 Mw were installed since the 1980s in Sweden only, which is considered the 

leading country in this technology as can be seen in Figure 2. Now the heat pumps that are used 

in the large-scale district heating networks are combined with thermal energy storage, and this 

combination will lead to a higher resilience to integrate the variable renewable energy. 

Therefore, this kind of technology plays a vital role and is considered as a critical factor to design 

new energy systems with a higher share of renewable energy.  

 

Figure 2: Establishment years and capacities of heat pumps in seven countries with the highest 
capacities installed and currently operating (David et al., 2017) 

2.1.2 CO2 heat pump principles  

 In this type of vapor compression cycles, the CO2 is used as a refrigerant.  The critical point 

of the CO2 is characterized by the critical temperature (31.06 °C) and high critical pressure (73.8 

bar) and the boiling point at atmospheric pressure at (-45.56 °C). 

 The above conditions allow such cycles to be utilized in cold climate (-25 °C), but those 

cycles require the use of sub-critical and trans-critical cycles in different applications. The 

traditional condensers in other vapor compression cycles will be replaced with a gas cooler which 

is placed downstream to the condenser where the vapor will cool down with more significant 

temperature changes at a constant pressure. The CO2 compression cycle operates at a pressure 
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of up to 30 bar in the evaporator and up to 130 bar in the gas cooler, the difference of the 

pressure between the gas cooler and the evaporator will be adjusted by using a control valve. In 

Table 1 below, illustrates different operating conditions for other organic refrigerants and CO2. 

CYCLE DIFFERENCES  USUAL REFRIGERANT CO2 

HIGH PRESSURE TRANSFORMATION Condenser at constant 
temperature and pressure 

Gas cooler at constant pressure 
and temperature change 

HIGH PRESSURE  10-40 bar 90-130 bar 
LOW PRESSURE  2-9 bar 25-50 bar 
COMPRESSOR DISCHARGE TEMPERATURE  <95 C Up to 140 C 
LAMINATION Super heating control Gas cooler device 
HIGH PRESSURE (WITH SHUT DOWN) Depending on temperature Pressure control device 

Table 1: Differences between the organic refrigerant and CO2 cycles at operating conditions 
(Grassi, 2018) 

Due to the operating conditions, the CO2 cycles could be used in the sanitary water production, 
tap water heating, space heating, and chilled water for air conditioning and commercialized 
applications. 

2.1.3 The characteristic of the trans-critical CO2 heat pump cycle  

          The conventional vapour compression cycle operates by extracting heat from a low- 

temperature source by evaporating the refrigerant and then, the heat is rejected by the high-

temperature source by condensing the refrigerant. In this case, the secondary fluid is water; it 

cannot be heated beyond the critical temperature, which makes the CO2 trans-critical cycle an 

alternative option to be used to heat the secondary fluid. The CO2 trans-critical cycles are utilized 

in a water heating system because it operates slightly different from other cycles on the high-

pressure side. As it was previously mentioned, the low critical temperature of the CO2 is required 

to be operating at a  higher pressure than the critical pressure of the CO2 to have an optimal 

performance of the cycle in various applications and especially in the water heating applications. 

From a thermodynamic point of view, when the cycle operates above the high critical pressure, 

the compressor will compress the CO2 to a vapor, and the CO2 will exit from the compressor as a 

vapor with high pressure. Consequently, the temperature rises to 130 C and then the CO2 enters 

the gas cooler to be cooled down like a liquid. The cooling down happens without a phase change, 

which means the CO2 is still vaporized. As a result, the temperature gliding will be substantial, 

and the heat will be rejected at a constant pressure that is above the critical point. The typical 

operating conditions for such cycles are a 20-55 bar on the low-pressure side and 75-120 bar in 

the high-pressure side. Figure 3 illustrates the primary CO2 trans-critical cycle in P-h and T-s 

diagrams where the cycle has the following states: 

1-2 isentropic compression to trans-critical pressure 

2-3 isobaric heat rejection (gas cooling in the trans-critical are to heat the water)  

3-4 isentropic expansion  

4-1 isothermal heat absorption 
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Figure 3: Principle of CO2 trans-critical cycle in T-h and P-h diagrams (Pavkovic, 2018) 

 The main components of the trans-critical cycle are the compressor, gas cooler, 

evaporator, a suction line heat exchanger (SLHX) and optionally an accumulator tank. It is 

important to note that the SLHX is used to exchange the thermal energy between the outlet of 

the gas cooler and the outlet of the evaporator to reduce the enthalpy at the end of the gas 

cooler before entering the expansion valve. After entering the expansion valve, the expansion 

process will be performed at a constant specific enthalpy, and the inlet condition is supercritical 

where the refrigerant will be a vapor at the inlet of the expansion valve and a mixture of liquid 

and vapor at the end of the expansion valve. The mixture of states leads to reducing the inlet 

qualities at the evaporator, where the heat absorption will be performed under constant 

pressure and temperature. As a result, the heat transfer will be improved inside the evaporator 

and enhance the performance of the overall system.   

2.1.4 Recent research about Trans-critical cycle in the literature  

 According to (Nekså, 2002) (Nekså et al., 1998) when the CO2 trans-critical cycle is used 

for domestic water heating, the cycle would have significant advantages over the conventional 

cycles related to heating efficiency and power consumption due to lower compression ratio and 

higher volumetric refrigeration capacity. To compare the performance of the trans-critical cycle 

that is utilized in the air conditioning with conventional cycles, the trans-critical cycle has a lower 

performance due to the loses in the expansion process and high irrevocability in the gas cooler 

(Pérez-García et al., 2013). 

 The trans-critical cycle was designed and simulated to be utilized in the automotive 

industry in automobile air-conditioning by Brown and Domanski  (Brown and Domanski, 2004), 

although the cycle was designed for vehicles, it could be used in a small-scale application for 

residential buildings since it has similar operating conditions. The heat transfer coefficient of the 

gas cooler and the evaporator was assumed to be constant, and the suction line heat exchanger 

was used to reduce the enthalpy at the exit of the gas cooler. Additionally, Brown and Domanski 

took into account the pressure drop inside the gas cooler and the evaporator. The data that 

determined the compressor performance was calculated from electrical power and volumetric 

efficiency. The data was obtained from the rotational speed and volume displacement. The 
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simulation showed that the heating capacity deviated up to 21.4% and the COP by 13.4% from 

the experimental data. 

 Another study was done by Jorn Stene  (Stene, 2005) which investigated the overall 

performance of the CO2 trans-critical heat pump test rig to be used for space heating, reheat and 

preheat city water in a family house. The cycle was similar to the one developed by Brown and 

Domanski, but the difference was that the gas cooler was divided into sections, and the study 

focused more on the geometry of the heat exchangers. The simulation results of COP and heating 

capacity showed that the deviation from the experimental data was minimal, and it was around 

1%. Sarkar  (Sarkara, Bhattacharyya and Ram Gopal, 2007) developed a trans-critical heat pump 

which was similar to Stene. Additionally, the LMTD method was used in the gas cooler sections 

to calculate the heat transfer from the refrigerant to the secondary fluid. The performance of the 

compressor was evaluated based on the isentropic and volumetric efficiencies, which were used 

as a function of the pressure ratio between the discharge and suction pressure. Moreover, the 

evaluation of the compressor in this method gives a more realistic set of data than that used by 

Stene. 

 In 2007 Yokoyama (Yokoyama et al., 2007) developed a simulation for heat pump water 

heater, which also had a hot water storage tank. The heat pump system was as a conventional 

system, but the pressure drop inside the gas cooler was not taken into consideration, and the 

heat transfer coefficients were assumed to be constant. Yokoyama followed the same method 

that Stene used, which was to divide the gas cooler into subsections of equal heat transfer area 

and at each subsection the thermophysical properties of water and CO2 was assumed to be 

constant. Yokoyama used the LMTD method at the gas cooler in order to find the heat transfer 

between the fluid and the secondary fluid. Yokoyama used the volumetric efficiency and heat 

losses inside the compressor to determine the properties of the compressor. The results from 

simulation showed a promising system which had similar results to the experimental results 

despite enormous operation conditions. 

 A mathematical model was developed by Cecchinato (Cecchinato, Corradi and Minetto, 

2011) of a heat pump water heater and an internal heat exchanger. The model required various 

parameters in order to achieve a good simulation of the system. The required parameters were; 

secondary fluid data, heat transfer coefficient of the refrigerant to the heat transfer coefficient 

of the secondary fluid and the heat exchanger geometry ratio between the refrigerant and the 

secondary fluid. Cecchinato used the same method as Stene to design the gas cooler and the 

evaporator as well as the compressor, but one of the differences was the P-NTU method with a 

correlation factor which was a function of mass. Another difference was the suction state of the 

compressor used to calculate the discharge state, and a partialisation factor was used in the case 

of the variable speed of the compressor. The air to water heat pump was used, and the results 

of COP and the heating capacity deviated from the experimental results by -6.8% to 1.7% and -

5.5% to 1.7% respectively. Finally, the model significantly relies on data, which creates a problem 
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since the model will be used in residential energy efficiency and it is assumed that most of the 

time, parts of the data are missing.   

 Many researchers investigate the CO2 trans-critical cycles in order to improve the 

performance of the cycles. Most of the researchers investigated the gas cooler because the gas 

cooler is considered one of the most critical components that affect the overall performance of 

the cycle and the internal heat exchanger when it exists in the cycle to reduce the throttling 

losses. Pettersent, Hafner, and Skaugen (Pettersent et al., 1998) started investigating the 

performance of gas coolers and even tried to use a microchannel-based heat exchanger in both 

gas cooler and evaporator for a CO2 heat pump that used for air conditioning. Yin, Bullard, Hrnjak, 

and Phoenix (Yin, Bullard, and Hrnjak, 2011) simulated a trans-critical cycle and divided the gas 

cooler into subsections to use Finite Element Method (FEM) and explored the possibility of the 

enhancement of the gas cooler. Results showed that gas cooler modification could improve 

system performance in both terms COP and heating capacity by 3% and 5% respectively. Boewe, 

Yin, Bullard, and Hrnjak (Boewe et al., 2001)  investigated the effect of the IHX in the cycle and 

discovered that the cycle which had an IHX, the COP could be higher up to 25% than the cycle 

without IHX. 

 Cecchinato and Fornasieri  (Asinari, Cecchinato and Fornasieri, 2004) used Finite Volume 

Method (FVM) in order to develop a numerical model for cross-flow heat exchanger as a gas 

cooler. Mu and Chen made a study in 2003, and the results showed that when the capacity of the 

IHX increased, the optimum high-pressure side could be lower. In 2004 Dang and Hihara (Dang 

and Hihara, 2004) experimented with investigating the heat transfer inside the gas cooler that 

cooled by water. Chen and GU (Chen and Gu, 2005) investigated the effect of the IHX by deriving 

a practical expression of IHX effectiveness and developed a theoretical study, and the results 

showed that was a crucial element influenced and could increase the performance of the cycle. 

 In 2008 (Aprea and Maiorino, 2008) showed that the COP could increase by 10% in the 

cycles that used IHX in comparison to the cycles that did not use IHX.  (Ge and Cropper, 2008) 

Designed a mathematical model for air-cooled finned tube gas cooler to check the heat transfer 

capacity. Xu, Chen, Tang, Zhu, and Liu  (Xu et al., 2011) did an experiment and investigated the 

effect of the IHX on the gas cooler, and the results showed that the IHX could reduce the effect 

of the gas cooler on the system performance. Cabello, Sanchez, Patino, Llipis, and Torrella 

(Sánchez et al., 2014) experimentally investigated the performance of the CO2 refrigeration plant 

which consisted from one stage compression and an IHX placed on vapor injection in the suction 

line. The measurements were done by evaluating three injection points, and the results showed 

that COP and cooling capacity could improve by 7.01% and 9.81, respectively. In 2013 (Zhang et 

al., 2013) followed a different approach to investigate the effect of the IHX on the performance 

of ejector expansion in the cycle and the results showed that adding an IHX could not necessarily 

enhance the energetic performance of the ejector expansion cycle. 

 

https://www.thesaurus.com/browse/crucial
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2.1.5 Optimum system high-pressure effect on system performance  

 In the trans-critical region of CO2, the high-side pressure is independent of temperature 

at the end of the gas cooler. So when the temperature at the end of the gas cooler is constant, 

high-side pressure will have an effect on the system performance and when it increases, the 

isotherm will become steeper, and the cooling capacity will decrease with the increase of the 

high-side pressure. At the same time, the isentropic line will become linear, which means the 

compressor work will increase as the high-side pressure increase. 

 

Figure 4: Influence of gas cooler pressure on cycle process  (Danfoss, 2009) 

 According to (Liao, Zhao and Jakobsen, 2000), the optimum pressure of the gas cooler depends 

on different parameters such as; outlet temperature of the gas cooler, evaporation temperature, and the 

compressor properties but in the research, it was assumed that the compressor operates at a constant 

efficiency which can express it in the equationError! Reference source not found. 

𝑃𝑔𝑐,𝑜𝑝𝑡 = 𝑓(𝑇𝑔𝑐,𝑜,𝑇𝑒𝑣𝑝)  Eq 1 

 The gas cooler outlet temperature and evaporation temperature have a significant influence on 

the optimum gas cooler pressure.  Sakar (Sarkara, Bhattacharyya and Ram Gopal, 2007) confirmed on 

that, where they tested and presented the optimum gas cooler pressure for different evaporation and gas 

cooler outlet temperatures range from -10 °C to 10 °C and 30 °C to 50 °C respectively. The study showed 

that with lower evaporation and outlet gas cooler temperatures, the optimum gas cooler pressure 

dependence might reduce those parameters. Chen ad Gu (Chen and Gu, 2005) assumed a linear 

correlation between the optimum gas cooler pressure and the gas cooler outlet temperature and based 

on the correlation the results showed that there was a deviation of 3.6% from the real optimum gas cooler 

pressure with variation of the evaporation and gas cooler outlet temperature from -10 °C to 10 °C and 30 

°C to 50 °C . Another study was done by (Qi et al., 2013) which investigated optimum gas cooler pressure 

with a cubic correlation between  optimum gas cooler pressure and the gas cooler outlet temperature 
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and based on the correlation the results showed that there was a deviation of 5% from the real optimum 

gas cooler pressure with a variation of the evaporation and gas cooler outlet temperature from -15 °C to 

30 °C and 25 °C to 45 °C. 

2.2 Description of the building, companies and the system  
 This study has been done for a residential building called Gamen 12 (Skrapan), and it is located in 

the sodermalm area south of Stockholm. The area of the building is estimated at 31200 square meters, 

and the building is divided into many subsections where the apartments account for the highest share of 

the area where it is estimated at 13895 square meters. Then it is followed by offices where the area 

accounts for 7647 square meters, and then there are numerous stores which occupied 6759 square 

meters from the area of the building and finally, the utilities which account to the rest of the area 

(Vasakronan, 2018a) 

 In 2007, the building was renovated after the tax office moved to another place and the owners 

of the building have decided to open 30 stores, restaurants, cafes and around 496 student apartments in 

addition to the gym. The firm owning the building is one of the largest real estate firms in Sweden, which 

is called Vasakronan with a real estate portfolio comprising 174 properties and a total area of 2.4 million 

square meters. Vasakronan owns, manages, and develops centrally located office, and retail properties in 

Stockholm, Gothenburg, Malmö and Uppsala, and the market value of their property portfolio amounts 

to approximately SEK 139 billion. The company has an agenda to take social responsibility and strive for 

long-term sustainable development where there is a cooperation between the company and the tenants 

in order to reduce the energy consumption and sort the waste to reutilize. In 2018   Vasakronan placed 

itself as one of the most sustainable real estate companies in the world and "Sector Leaders" in Europe. 

(Vasakronan, 2018b) 

 The CO2 heat pump is designed and installed by a company called Huurre, which is considered one 

of Sweden's leading companies in CO2 vapor compression systems, with 75 years of experience in the 

industry. The company is a specialist in refrigeration, advanced process cooling, and also on climate-smart 

cooling. They provide technical solutions with a lower operating cost for consumers. The same company 

controls the energy management of the building, and it uses its advanced software (Huurre iTop), which 

is a web-based cloud service that connects to the facility. The software is used to monitor, predict, and 

report the performance of the system for the customers or to the company in case it is responsible for 

energy management. 

 The services that the software could offer are system and temperature monitoring functions, 

remote control, energy efficiency (COP measurements) and reports regarding energy consumption, 

energy saving, temperature, etc. There is another functionality Huurre iTOP PLC that enables integrated 

control and monitoring possibilities according to customer-specific preferences, industrial plants, and ice 

rinks (Huurre, 2018b). 
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Figure 5: Schematic diagram of a CO2 heat pump as presented in the iTOP platform (Huurre, 
2018) 

 The system is CO2 heat pump which consists from Dorin CD 1400H   compressor, two gas 

coolers (VP1), (VP4), an internal heat exchanger (IHX), accumulator tank, valves, and two 

evaporators, illustrated in Figure 5. 

 The first gas cooler (VP1) is used to heat the water before it is stored in the storage tank 

and the second gas cooler (VP4) is used to preheat city water before it enters the first gas cooler. 

The internal heat exchanger (IHX) is used to subcool the refrigerant after the second gas cooler 

and exchange the heat with the refrigerant exiting from evaporators to warm it before entering 

to the compressor (i.e., superheat). There are two evaporators in the unit that extract heat from 

water lines connected to the heat source. 

 The heat pump is used within the building to recover the waste-heat potential and extract 

energy in order to use it again in different applications afterward and to reduce the energy 

purchased from district heating networks. The heat pump also covers around 8% of total 

demand, and the rest is covered by connecting to district heating networks. 

After the energy is extracted from waste-energy potential, the heat pump heats the water, and 

then it is stored in the storage tank. The stored hot water is divided between domestic hot water 

and space heating. The supply pipe of hot water is divided into two pipes after a storage tank. 

The first pipe is connected to the heat exchanger in order to heat the hot water that comes from 

the return line of the district heating networks and provide temperature levels for space heating. 

The second pipe is used to provide the domestic hot water demand and is connected to another 

heat exchanger that heats the hot water that comes from the existing system and city water.   
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2.3 Modeling tools and environment  

 To perform analysis, four different softwares are used in order to arrange the data and 

process it, and this is done by following the steps below, and each step will be explained 

separately in the next section.  

- Download the data from a database that is provided by the company which is using iTOP 

and e-sight software to collect the measurements from the system. (Huurre, 2018) 

- Python coding is used to organize and arrange the data in the shape that is needed to 

make the analysis. 

- Refprop and excel are used to make the calculations. 

- Engineering Equation Solver (EES) is used to develop a theoretical model to simulate 

system performance under different conditions.  

2.4 Tools of field measurements  
 The measurements of the energy system were downloaded from the iTop platform using the 

installed energy meters in the warm side and the cold side of the cycle shown in Figure 6. There are six 

energy meters in the return lines of water before entering the heat pump to the gas coolers and two 

energy meters in the cold side in the supply lines of water to measure the energy that is produced in the 

system.  

 

Figure 6: Schematic diagram of Huurre heating system and example of the iTOP platform 
(Huurre, 2018) 

 Through the iTOP software, the data could be easily managed to display as it is possible to choose 

the time range for the selected data from one hour, one day, week, month and a year and this could be 

done by selecting and clicking on the parameter in the cycle, and then iTop will display the graph regarding 

to the time. Moreover, the data could be downloaded in two forms (CSV, PDF) as it can be seen in Figure 

7. Another software e-sight is used to measure the electricity consumption in the compressors. For the e-

sight, it is slightly different from iTOP where it provided the electricity consumption in the compressors 
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for each hour, day, month and a year and calculated the cost for the power consumption and the data 

could be displayed as a graph, and it is possible to download it in different forms. 

 

Figure 7: Example of a data plot from iTOP software (Huurre, 2018) 

 After downloading the data, the data was arranged in an excel sheet in order to make the 

calculations. These calculations are essential to finding the missing parameters such as; the mass 

flow of the refrigerant and the temperature after the second gas cooler in order to estimate the 

heating duty for each gas cooler and then compare the heating duty from the calculations with 

one from the measurements. 

 A specific code was written using python coding to organize the data and make the 

revision for it since the raw data of different parameters were not synchronized and that means 

the code averages the raw data over 10 minutes or any specified period. The final data will be 

organized in an excel file that has an extension of CSV because the amount of data is vast. 

However, the code will be available in the appendix since it could be used for future work. 

 The next step after processing the data in python code is to put the data in an excel file in 
order to use refprop extension in excel and start the calculation. The data was divided into twelve 
months and arranged in a format that made the modeling easier, then Refprop functions in excel 
were used to calculate the needed thermophysical properties. 

 Additionally, to find the heat distribution in the system, the measurements were taken 
from six different energy meters in iTOP. The energy meters on the right are used to find the heat 
supplied to space heating while the energy meters on the left are used to find the heat supplied 
to domestic hot water,. Finally, the energy meter in the left bottom is used to find the heat 
supplied to preheat the city water as it can be seen in Figure 6.  
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2.5 Numerical study of heat pump components  
 The Excel software was used to make the modeling and write the equations to find the 

missing parameters in the cycle. The heating and cooling demands were obtained according to 

the calculations presented in the following sections. 

2.5.1 Compressor  

 The specifications of the compressor are provided from the manufacturing data as it can 

be seen the Figure 8 below, and the name of the compressor is Dorin CD 1400 H where 

CD refers to the compressor series  

1400 means the 14 HP multiplied by 100  

H refers to high evaporation temperature  

 

Figure 8: Specifications and dimensions of the installed compressor Dorin CD 1400 H  (Dorin, 
2018) 

 Dorin selection software was used to define the operating limits of the compressor 

where it can be seen in Figure 9 the range of operating pressures and evaporation 

temperatures for such type of compressor. 
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Figure 9: Operating limits of the compressor as a function of discharge pressure and 
evaporation temperature  (Dorin, 2018) 

 The company gave the electricity consumption of the compressor through the e-sight 

software, and it was provided for each hour. In order to analyze the data every ten minutes, it 

was assumed that the compressor consumes the same amount of electricity every ten minutes 

because in this case, the rate is the same for every hour. After determining the power of the 

compressor, it was assumed that there is a 5% of heat loss in the compressor and it is possible to 

find the mass flow of the refrigerant by using the following  equations: 

𝐸𝐿𝑐𝑜𝑚𝑝𝑟𝑒𝑠𝑠𝑜𝑟 = �̇� ∗ (ℎ1𝑘 − ℎ𝑠𝑢𝑐𝑡𝑖𝑜𝑛)  Eq 2 

�̇� =
𝐸𝐿𝑐𝑜𝑚𝑝𝑟𝑒𝑠𝑠𝑜𝑟∗0.95

(ℎ1𝑘−ℎ𝑠𝑢𝑐𝑡𝑖𝑜𝑛)
    Eq 3 

 Where the h1k is the discharge enthalpy, and the enthalpy was found from the discharge 

temperature and pressure, and the hsuction is the suction enthalpy at the suction conditions. The 

isentropic enthalpy was calculated at discharge pressure and the entropy of suction conditions. 

All enthalpies were found by using refprop. 

 The total efficiency of the compressor was calculated by using the technical data which 

provided from the manufacturing company where the total efficiency is described as a function 

of the pressure ratio between discharge and suction pressures as it can be seen in Figure 10. 
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Figure 10: Total efficiency of the compressor as a function of pressure ratio (discharge and 
suction pressures) 

 According to the figure above, the compressor works efficiently at a specific pressure 

ratio. When the pressure ratio is low, the total efficiency is low, and when the pressure ratio 

increases, the overall efficiency increases until the curve becomes flat at higher pressure ratio. 

The total efficiency calculated by  

𝜂𝑡𝑜𝑡 = 0.0261 ∗ 𝑟3 − 0.2482 ∗ 𝑟2 + 0.7554 ∗ 𝑟 − 0.0693  Eq 4 

Where r is the pressure ratio and equal to  

𝑟 =
𝑃_𝑑𝑖𝑠𝑐ℎ𝑎𝑟𝑔𝑒

𝑃_𝑠𝑢𝑐𝑡𝑖𝑜𝑛⁄   Eq 5 

The total efficiency calculated to be used in the modeling part later on. 

2.5.2 Gas coolers 

 The heating capacity was calculated for both gas coolers In the beginning. The first gas 

cooler (VP1) and the second gas cooler (VP4) at each time step because in the cycle the 

temperature after the first gas cooler is unknown, by using the following equation  

𝑄ℎ𝑒𝑎𝑡𝑖𝑛𝑔 = �̇� ∗ (ℎ1𝑘 − ℎ𝑉𝑃4,𝑜𝑢𝑡)  Eq 6 

Where the �̇� is the mass flow of the refrigerant, h1k is the discharge enthalpy and hVP4, out is the 

enthalpy at the exit of the second gas cooler. 
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Figure 11: Schematic diagram represents two gas coolers in the heat pump  

 On the other hand, the heating capacity for the first and second gas coolers was found 

separately from the energy balance at the waterside. Also, the energy balance is used in order to 

find the missing points that are highlighted in Figure 11 as long as the iTOP software provides the 

water temperatures that enter and leave the two gas coolers respectively. 

𝑄𝑤𝑎𝑡𝑒𝑟 = 𝑄𝑉𝑃1  Eq 7 

𝑄𝑤𝑎𝑡𝑒𝑟 = 𝑚𝑤𝑎𝑡𝑒𝑟 ∗ 𝐶𝑝 ∗ (𝑇𝑜𝑢𝑡 − 𝑇𝑖𝑛)  Eq 8 

𝑄𝑤𝑎𝑡𝑒𝑟 = �̇� ∗ (ℎ1𝑘 − ℎ𝑉𝑃1_𝑜𝑢𝑡)  Eq 9 

ℎ𝑉𝑃1_𝑜𝑢𝑡 = ℎ1𝑘 −
𝑄𝑤𝑎𝑡𝑒𝑟

�̇�⁄   Eq 10 

𝑄𝑤𝑎𝑡𝑒𝑟 = 𝑄𝑉𝑃4 Eq 11 

𝑄𝑤𝑎𝑡𝑒𝑟 = 𝑚𝑤𝑎𝑡𝑒𝑟 ∗ 𝐶𝑝 ∗ (𝑇𝑜𝑢𝑡 − 𝑇𝑖𝑛) Eq 12 

𝑄𝑉𝑃4 = �̇� ∗ (ℎ𝑉𝑃1_𝑜𝑢𝑡 − ℎ𝑉𝑃4_𝑜𝑢𝑡)  Eq 13 

Where mwater is the mass flow of the water (kg/s), Cp is the specific heat of water (kJ/kg.k), Tout, 

and Tin are the temperatures of water. hgas cooler out found from the energy balance is used in order 

to find the temperature after the first gas cooler and then insert it in the Eq 14 to calculate the 

heating capacity of the second gas cooler, h1k was found from discharge pressure and 

temperature at the exit of the first gas cooler. 

2.5.3 Evaporators  

The cooling load for the evaporators was calculated by using the following equation:  

𝑄𝑐𝑜𝑜𝑙𝑖𝑛𝑔 = �̇� ∗ (ℎ𝑠𝑢𝑐𝑡𝑖𝑜𝑛 − ℎ𝑉𝑃4_𝑜𝑢𝑡)  Eq 15 
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Figure 12: Schematic diagram represents two evaporators of the heat pump and the flow inside 
them 

 The next step was to determine the cooling load for each evaporator, and this was done 

by using the energy balance between warm and cold sides. 

𝑄𝑤𝑎𝑡𝑒𝑟 = 𝑄𝑐𝑜𝑜𝑙𝑖𝑛𝑔  Eq 16 

𝑄𝑤𝑎𝑡𝑒𝑟 = 𝑚𝑤𝑎𝑡𝑒𝑟 ∗ 𝐶𝑝 ∗ (𝑇𝑜𝑢𝑡 − 𝑇𝑖𝑛)  Eq 17 

 Finally, all the calculations of heating capacity and the measured parameters were used 

to determine the Coefficient of Performance (COP) for the overall system together with the 

electricity consumption in the compressor in order to evaluate the running system. 

𝐶𝑂𝑃 − 1 =
𝑄ℎ𝑒𝑎𝑡𝑖𝑛𝑔

𝐸𝐿𝑐𝑜𝑚𝑝𝑟𝑒𝑠𝑠𝑜𝑟
⁄  Eq 18 

 Then the Log Mean Temperature Difference (LMTD) is used to determine the temperature 

driving force for the counter flow in the evaporators. The LMTD is the average logarithmic 

temperature difference between hot and cold fluids entering the heat exchanger. The LMTD 

method in this study is used to determine the limitation of the sizing of the heat exchangers when 

the suggested improvements are implemented. 
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𝐿𝑀𝑇𝐷 =
∆𝑇𝐴−∆𝑇𝐵

𝑙𝑛 (
∆𝑇𝐴
∆𝑇𝐵

)
  Eq 19 

Where 

∆𝑇𝐴 = 𝑇ℎ𝑜𝑡,𝑖𝑛 − 𝑇𝑐𝑜𝑙𝑑,𝑜𝑢𝑡 Eq 20 

∆𝑇𝐵 = 𝑇ℎ𝑜𝑡,𝑜𝑢𝑡 − 𝑇𝑐𝑜𝑙𝑑,𝑖𝑛  Eq 21 

 

2.5.4 Theoretical modeling concept 

 The model was developed by using the Engineering Equation Solver (EES) to simulate the 
data and then compare the results to the measurements. Then the parametric analysis is done 
in the model to find possible room for improvements to the system. The simulation was started 
with the reference case to test the code and makes a primary comparison between the results 
from the code and the measurements.  

 It starts with the compressor in order to calculate the electricity consumption by finding 

the mass flow rate of refrigerant in the cycle from the manufacturing data of the compressor, 

and that means using the total efficiency and volumetric efficiency of the compressor. 

 The second step is to calculate the cooling loads on the cold side. The calculation starts 

with the reference case, and then the evaporation temperature is increased based on the results 

from the LMTD method, which determines the limitation of the evaporation temperatures.   

 The third step is calculating the heating duty on the warm side, and it will be the same in 

the evaporator. The calculation starts with the reference case and the variation of the 

temperature after the second gas cooler is used to find the optimal operating conditions.  

Four different scenarios were developed from the theoretical model, which are: 

• Variation of evaporation temperature with constant temperature after the second gas 

cooler 

• Variation of temperature after the second gas cooler with constant evaporation 

temperature 

• Variation of both evaporation temperature and outlet temperature of the second gas 

cooler 

• Future installation of the tripartite gas cooler 

The scenarios will be discussed in detail in the results section. 
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3. Analysis results  
 This chapter introduces a detailed analysis of the measurements and performance of the 

heat pump. Furthermore, analysis on improving the controlling method to enhance COP-1 of the 

installed heat pump is introduced by following several suggestions. Firstly, perform a numerical 

study to predict the performance of future installations. Secondly, the controlling method can be 

enhanced by choosing possible design modifications. Finally, economic studies show that savings 

are achieved by installing the heat pump at the full potential of the system. 

3.1 Analysis of field measurements  

 Figure 13 shows the average discharge pressure for the whole year from May 2017 to 

May 2018 and the pressure is almost constant at a value of 81 bar except two times when the 

discharge pressure drops during August and May 2108. This pressure drop is due to the system 

being partially operating or shut down most of the time. When the discharge pressure is constant, 

the system will operate at constant conditions which means that the discharge temperature, the 

mass flow of the refrigerant, the temperature after the gas cooler and the power consumption 

will remain constant and results in a consistent performance by the system.  

 

Figure 13: Average monthly discharge pressure of the system 

 In Figure 14, the average power consumption of the compressor is plotted where the 

highest consumption was in May 2017 followed by November, March, and July due to the high 

demand of heating as well as the high discharge pressure during that period. The lowest 

consumption was during May 2018 and August where the demand was provided from the heat 

pump only, due to the high outdoor temperature and the partial shut down of the system. 

Additionally, electricity consumption ranges from 20 to 35 kW per month. 
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Figure 14: Average monthly electricity consumption in the compressor 

 Figure 15 shows that the average temperature has an impact on the performance of the 

system. And it illustrates also how the COP-1 of the system will change with respect to the 

changes in other temperatures. The ambient temperature has a significant influence on the 

evaporation temperature by having a directly proportional relationship where when the ambient 

temperature increases, the evaporation temperature increases and when the ambient 

temperature decreases the evaporation temperature becomes lower, and this will affect the 

overall system performance. When the temperature after the gas cooler is high, the COP-1 

decreases as it can be seen.  

 

Figure 15: Average monthly temperature profile of the heat pump 
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 Figure 16, shows the relationship between the average water temperature that enters 

and leaves both gas coolers with mass flow rate. The temperature difference becomes higher in 

the winter due to higher demand for space heating and domestic hot water in comparison to the 

summer where the difference becomes lower because the heating supplied is only used for 

domestic hot water. The other gas cooler (VP4) is used to preheat the water before it enters the 

first gas cooler (VP1), and the temperature difference is almost constant. However, during the 

winter, the mass flow achieves the highest value to heat the water before entering the first gas 

cooler. As a result, better performance of the system is achieved. Moreover, during the summer, 

the mass flow decreases because the energy needed to preheat the supply water decreases. Also, 

during the summer, the highest share of energy is used in the first gas cooler so that it provides 

the required energy for domestic hot water. 

 

Figure 16: Average monthly water temperatures difference and water mass flow in two gas 
coolers 

 Figure 17 shows that the average water temperature differences in the two evaporators 

with the mass flow rate for each of them. Additionally, it is evident that the difference is high at 

first, and then the slope starts to drop, and the difference becomes lower due to an increase in 

ambient temperature during the summer. The difference starts to increase during the winter in 

order to provide the necessary cooling energy to produce the heating demand. Furthermore, the 

mass flow rate is almost constant during the winter, which means that cooling energy more or 

less, is constant and gives better performance of the system. Moreover, the cooling energy 

produced in the first evaporator (VP2) is almost constant at a rate of 55 kW and in the second 

evaporator (VP3) at 12 kW during the entire season. As a result, the system works at constant 

conditions in the heat sink side, and these conditions will lead to a better performance of the 

overall system, and this will reflect on the power consumption in the compressor. 
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Figure 17: Average monthly water temperatures difference and water mass flow in two 
evaporators 

 One parameter that impacts the system is the evaporation temperature. Figure 18 shows 

the average evaporation temperature during one year of measurements. Where in the summer, 

the evaporation temperature is increasing from 4°C to 8°C due to a higher ambient temperature 

and the demand is only for domestic hot water, and the space heating still has a percentage of 

the total energy to be used for different purposes. The evaporation temperature starts to fall 

gradually to reach the lowest value in February, which is 0.5°C and slightly rises again after that 

month due to a lower ambient temperature. In May, the evaporation temperature is low because 

the system is barely operating. 

 

Figure 18: Average monthly evaporation temperature profile 
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 It is curial to know the heating demand for different applications during the operation 

period. In Figure 19, the heating supplied, which means the heating energy for space heating and 

domestic hot water from the heat pump for each month, has a percentage of the total heating 

capacity. In the graph, the two lines present the actual running capacity of the system and the 

required capacity the system should provide in order to cover the demand at a given time. The 

heat pump provides the demand during summer as it is shown in the graph, but the difference 

between the running and requested capacities start to become higher from September to the 

rest of the winter period. The reason behind that is due to the outdoor temperature becoming 

lower, which forces the system to cover the heating demand. The heat pump is usually controlled 

by switching on or off the compressors. In this way, the electricity consumption in the compressor 

will be reduced, and this reduction will affect the heat supplied by heat pump. In the results, the 

heat pump is not running at its full capacity potential because of the limited heat source that 

covers the heating demand. 

 

Figure 19: Average monthly running and requested capacities of the heat pump with heating 
supplied 

 The temperature exiting the second gas cooler (VP4), the evaporation temperature, and 

the ambient temperature play a vital role in influencing the system performance. These 

parameters will play an essential role on the percentage of heat supplied by heat pump . Figure 

20 shows the relationship between the heating supplied and the mentioned temperatures. It can 

be seen that when the outdoor temperature decreased, the heating demand increased. The heat 

supplied by the heat pump increases when the ambient temperature decreases to meet the 

demand for domestic hot water and space heating. Consequently, the outlet gas cooler 

temperature decreases because all of the other parameters are rather constant. The evaporation 

temperature is high at the beginning where the heat supplied by the heat pump achieved its 

maximum value, and then it decreases due to the high outdoor temperature. In the cold days, 
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the evaporation temperature is low, and the heat supplied by the heat pump becomes higher so 

that it can cover the required demand. 

 

Figure 20: Average monthly heating supplied from the heat pump with temperatures profile 

 Figure 21 shows the average heat supplied by the heat pump, the electricity consumption 

of the compressors, and the COP-1. The heat supplied by the heat pump is high when the system 

starts operating in May 2017 and then becomes lower during the summer where in August the 

heating duty was the lowest because the system partially operated. After that and during the 

winter, the heat supplied by the heat pump starts to increase again due to the lower ambient 

temperature. The increase in the heat supplied is necessary to meet the demand for space 

heating, and domestic hot water as the heating supplied for preheating water is increased due 

to the lower temperature of supplying water which results in higher heating supplied in return. 

The heat supplied in April is high, and the reason for that is that the mass flow of the refrigerant 

was high on different occasions according to the measurements data and the enthalpy difference 

between discharge and suction conditions is high. 

The highest COP-1 is achieved in April and January, while the lowest value of COP-1 is in July 

because of the relatively higher discharge pressure as well as high gas cooler outlet temperature 

as it can be seen in Figure 21 and Figure 22. After November, the COP-1 starts to increase due to 

constant discharge pressure where the gas cooler exit temperature is relatively high. 
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Figure 21: Average monthly heating supplied from the heat pump with COP and electricity 
consumption in the compressor 

 

Figure 22: Average monthly heating supplied from the heat pump with discharge pressure and 
electricity consumption in the compressor 

 Figure 23 shows the average heat supplied by the heat pump distribution between space 

heating, domestic hot water, and city water preheating during the whole year. In May 2017, the 

heat supplied by the heat pump was distributed between the previous applications and the space 

heating was used due to the relatively low outdoor temperature. During the summer period, the 

heat supplied by the heat pump is mainly used for domestic hot water, and yet there is heat at 

the same temperature levels of space heating delivered from the heat pump. The temperature 

of the supplying water will be higher during the summer because of high outdoor temperatures 

and the necessary heat to preheat the water decreases. 

0.0

0.5

1.0

1.5

2.0

2.5

3.0

3.5

4.0

4.5

5.0

0

20

40

60

80

100

120

140

C
O

P
-1

Q
-H

ea
ti

n
g 

(S
H

-D
H

W
) 

&
 E

L-
C

o
m

p
re

ss
o

r 
(k

W
)

EL Q-Heating COP-Heating

0

10

20

30

40

50

60

70

80

90

100

0

20

40

60

80

100

120

140

160

P
-d

is
ch

ar
ge

 (
b

ar
)

Q
-H

ea
ti

n
g 

(S
H

-D
H

W
) 

&
 E

L-
C

o
m

p
re

ss
o

r 
(k

W
)

Axis Title

EL Q-Heating P-discharge



29 
 

 The demand for space heating starts in September when the outdoor temperature 

becomes 10 °C or lower. As it is mentioned before, the energy is still delivered to the building at 

the same temperature level during summer. The needed heat for water preheating is still low 

during September and October and starts to increase gradually from November to the rest of the 

winter. The increase of water preheating capacity will be at the expense of space heating and 

domestic hot water capacities where the share of them will be lower during that time due to 

lower temperatures of supplying water, which means that more energy will be added to heat the 

city water before entering the gas cooler. In order to reduce discharge pressure and electricity 

consumption of compressors, more energy will be added to the heating of city water. During 

winter, the space heating capacity reaches the highest value in November. During the following 

two months, the heat supplied for space heating decreases due to the increase in water 

preheating capacity. Then it starts to increase again but in small percentages to meet the required 

demand in the following months. The capacity of the domestic hot water is more or less constant 

during the winter season as it is shown in the graph. 

 

 

 

Figure 23: Average monthly distribution of heating supplied from the heat pump between 
domestic hot water and space heating 

3.1.1 Effect of discharge pressure on the system 

 In Figure 24, the relation between heating COP-1 and discharge pressure and how the 

discharge pressure influences the overall system performance can be observed. When the 
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increases. During May 2018, the pressure was around 50 bar as it can be seen in the graph, the 

heat pump was partially operating. 

 

 

Figure 24: Effect of discharge pressure on the coefficient of the performance of the heat pump 

 

3.1.2 Effect of gas cooler outlet temperature on the system  

 Another critical parameter that influences the system performance is the gas cooler 

outlet temperature. Figure 25 illustrates that when the gas cooler outlet temperature increases 

the COP-1 of the system will decrease. The highest COP-1 is achieved when the temperature is 

around 23 °C and the lowest COP-1 when the temperature is around 39 °C.  

When the temperature is in the range of (23-27 °C), the system yields better performance 

because the values of the COP-1 are the highest in this range. 

Finally, the gas cooler outlet temperature has a significant influence on the system, and when it 

is lower, the system will have better performance.  
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Figure 25: Effect of outlet gas cooler (VP4) temperature on the coefficient of the performance of 
the heat pump 

3.1.3 Effect of the evaporation temperature on the system 

 Evaporation temperature starts to increase, and the COP-1 also increases in return when 

the evaporation temperature reaches 3 °C, which is the average operating temperature for the 

whole season. The COP of the system starts increasing to reach almost a constant value and then 

drop to the lowest value when the evaporation temperature is almost 8 °C in July as it can be 

seen in Figure 26 due to the discharge pressure reaching the highest value at this time which adds 

more work to the compressor.  

 

Figure 26: Effect of evaporation temperature on the coefficient of performance of the heat 
pump 
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3.2 Comparison between measured and calculated data 

 It is imperative to establish the reliability of the calculations that have been made to 

evaluate the overall performance of the system and to find the missing parameters that the 

measurements do not provide. As a result, a comparison between the calculations and measured 

data has been made in order to check the deviation between them. The comparison was made 

between two different parameters that have a significant effect on the system. The parameters 

are the heat supplied by the heat pump and COP-1 of the system. Figure 27 shows the heat 

supplied by the heat pump for both calculated and measured data, and the deviation between 

them is ranging from (3%-18%) are plotted. This deviation was a result from many operation 

periods, the data that was taken from the system was inaccurate, and the data was deleted when 

the calculations were done in order to have a better analysis of the system. For example, when 

electricity consumption is very low, the measurement shows standard average values of heat 

supplied by the heat pump and the COP-1, while in the calculations the value of heat supplied by 

the heat pump will be low but will result high COP-1 which is not acceptable in terms of the 

average COP-1 of heat pump system. 

 Another example is when the suction conditions (pressure and temperature) have higher 

enthalpy than the discharge conditions at the second gas cooler, which gives a negative value for 

heat supplied by the heat pump. So, all of the inaccurate data in the calculations was deleted in 

order to have a reliable analysis to evaluate the performance of the system. The deviation 

between the measured and calculated COP-1 is varying from (0.8%-20%), and sometimes the 

calculated COP-1 is higher than the measured one by (2%-9%), and the reasons behind that are 

mentioned previously. 

 In order to obtain accurate data about the deviation in the results, the heat supplied by 

the heat pump was calculated in each gas cooler, as shown in Figure 28. It shows the distribution 

of the heat supplied by the heat pump in two gas coolers and the comparison between measured 

and calculated data. As can be seen from the graph, the highest deviation ratio happens in the 

first gas cooler (VP1), which is responsible for providing heating for space heating and domestic 

hot water. The method that was used to estimate the heating capacity in the first gas cooler is 

the energy balance between the refrigerant and watersides. This method was used in order to 

find the outlet temperature of the gas cooler and on the other hand the deviation ratio in the 

second gas cooler (VP4) is used to provide the heating to preheat the supplying water is less than 

the ratio in the (VP1). The deviation ratio is the same in the two graphs.  
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Figure 27: Comparison between average measured heating supplied and COP-1 with calculated 
heating supplied and COP 

 

Figure 28: Comparison between average measured heating supplied and calculated heating 
supplied for each gas cooler 
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3.3 Modeling assessment of scenarios improvements  

 The EES was used to write a code in order to simulate the heat pump and improve the 

performance of the system by varying the parameters that influence system performance. The 

first step is to describe how the code was written, and then a modeling assessment is promoted 

in order to perform the necessary improvements to the system. 

3.3.1 Compressor 

 The mass flow of the refrigerant was calculated from the manufacturing data of the 

compressor where it estimated the volumetric efficiency of the compressor and swept volume. 

As a result, the mass flow of refrigerant is now known. Figure 29 shows the equation used to 

calculate the volumetric efficiency 

 

Figure 29: Volumetric efficiency of the compressor as a function of pressure ratio 

𝑚. = 𝜂𝑠 ∗ 𝜌 ∗ 𝑉𝑠
. Eq 22 
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60⁄  Eq 24 

𝑉𝑠 = 𝑍 ∗
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4
∗ 𝑆 Eq 25 

Where  

𝜂𝑠 is the volumetric efficiency of the compressor 

𝑉𝑠
.  Is the swept volume flow (m3/s) 

𝑉𝑠 is the swept volume (m3/revolution) 

𝑛  is the speed (rev/min). 
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Z is the number of cylinders for the compressor. 

D is the cylinder diameter (mm). 

S is the stroke. 

The total efficiency was calculated, as explained in section 2.5.1. The power consumption of the 

compressor is found from the following equation: 

𝐸𝐿𝑐𝑜𝑚𝑝𝑟𝑒𝑠𝑠𝑜𝑟 = �̇� ∗ (ℎ1𝑘 − ℎ𝑠𝑢𝑐𝑡𝑖𝑜𝑛)  Eq 26 

 

3.3.2 Gas cooler VP1 and VP4 

After finding the mass flow of the refrigerant, the heating capacity of the gas coolers is 

calculated  

𝑄𝑉𝑃1 = 𝑚. ∗ ∆ℎ  Eq 27 

𝑄𝑉𝑃4 = 𝑚. ∗ ∆ℎ  Eq 28 

Where Δh is the enthalpy difference at the inlet and outlet of each gas cooler.  

3.3.3 Evaporators  

 The method used to find the cooling capacity is as follow; First, it was assumed that both 

evaporators work as one, the cooling capacity was found between two points, the first point 

being after the second gas cooler (VP4) and the second point is at the suction line. The following 

equation describes that: 

𝑄𝐶𝑜𝑜𝑙𝑖𝑛𝑔 = 𝑚. ∗ (ℎ𝑉𝑃4,𝑜𝑢𝑡 − ℎ𝑠𝑢𝑐𝑡𝑖𝑜𝑛) Eq 29 

3.3.4 Internal heat exchanger  

 To find the temperatures at the outlet of IHX before the accumulator tank (Ts) and outlet 

temperature at the cold side (T2IHE) as it can be seen in Figure 30, it was assumed that the IHX has 

a specific efficiency which is 60%. From the efficiency equation, the needed temperatures were 

found, as shown below: 

𝜂𝐼𝐻𝑋 =
𝑇2𝐼𝐻𝐸−𝑇2

𝑇𝑉𝑃4,𝑜𝑢𝑡−𝑇2
  Eq 30 
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Figure 30: Schematic diagram represents the internal heat exchanger of the heat pump 

3.4 Suggested Scenarios of system improvements  

          The variation of the temperatures has a significant impact on the COP-1 of the system and 

the optimum operating conditions. The COP-1 of the system is a function of the following 

parameters in Eq31, and the other parameters such as total efficiency of the compressor and 

efficiency of the internal heat exchanger. These parameters are neglected because the total 

efficiency is related to the design conditions of the compressor while the efficiency of the internal 

heat exchanger has no significant impact on the performance of the system. 

𝐶𝑂𝑃 − 1 = 𝑓(𝑇𝑔𝑐,𝑜𝑢𝑡, 𝑇𝑒𝑣𝑎𝑝, 𝑃𝑑𝑖𝑠)  Eq 31 

3.4.1 Variation of outlet temperature of the gas cooler VP4 

         The design conditions that have been used in the model will be presented as the following : 

- Constant evaporation temperature at 3 °C 

- Variation of the outlet gas cooler temperature from 20 °C to 32 °C 

- A step of 1 bar for discharge pressure 

COP-1 of the system increases sharply from 3.5 to 5.5 when the outlet temperature drops from 

32°C to 20°C, and the discharge pressure drops from 100 to 74 bar, as shown in Figure 31.  

         The heat supplied by the heat pump is increased when the outlet temperature of the gas 

cooler drops, and the discharge pressure in the compressor is increased to achieve a higher heat 

production. Consequently,  the approach temperature becomes tighter. 
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Figure 31: Variation of outlet gas cooler (VP4) temperature with COP and discharge pressure 

 

Figure 32: Heating supplied from heat pump with COP and discharge pressure as a function of 
variation of outlet gas cooler temperature 

 The heat supplied by the heat pump increases when the discharge pressure increases and 

then reaches the maximum at the highest value of the discharge pressure, but the COP-1 of the 

system drops as the pressure increases. The heat supplied by the heat pump decreases smoothly 

when the discharge pressure decreases. As a result,  the outlet temperature of the gas cooler is 

higher because the temperature gets closer to the temperature after the first gas cooler and the 

enthalpy difference becomes smaller at the same discharge pressure as it can be seen in Figure 

32 and Figure 33.   
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When the outlet temperature is 30 °C the heat supplied by the heat pump is 76 kW, and the COP-

1 is 4.4 and when the temperature is reduced to 20 °C the heat supplied by heat pump becomes 

92 kW, and the COP-1 is 5.3. However, the COP-1 of the system and the heat supplied by heat 

pump are increased by 20% when the outlet temperature of the gas cooler drops as it is shown 

in Figure 34. 

 

Figure 33: P-h Carbon dioxide diagram represents the process of the heat pump when outlet gas 
cooler temperature drops off 

 

Figure 34: Heating supplied from the heat pump as a function of the discharge pressure 
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 In order to simulate the variation of the outlet temperature of the gas cooler of the 

system, the average values are taken from the system, and then the different temperatures are 

simulated to check the influence on the system. Table 2 illustrates the operating conditions of 

the system.  

PARAMETERS VALUE UNIT 

DISCHARGE PRESSURE  81 bar 
T-VP1-OUT 36 °C 
T-VP4-OUT 30-20 °C 
Q-VP1 60 kW 
T-EVAP 3.3 °C 
IHX EFFICIENCY  60 % 

Table 2: Estimated boundary conditions of the heat pump to be simulated in EES 

The variation of the outlet temperature of the gas cooler at the same conditions shows that the 

heating capacity is increased from 82 kW to 94 kW (15%) when the temperature is dropped from 

30 °C to 20 °C.  Additionally, the COP-1 of the system is increased from 4.3 to 5 (17%), and it is 

plotted in Figure 35. The energy gained from reducing the outlet temperature could be used for 

sub-cooling the system as well as low heating demands such as ventilation, but this will lead to a 

higher heat exchanger in order to have a better heat transfer between the refrigerant and the 

water. When the system uses sub-cooling, the cycle will become more efficient because the 

cooling energy will increase due to the higher enthalpy difference in the cold side, but this will 

lead to lower heat recovery ratio. 

 

 

Figure 35: Heating supplied from the heat pump with COP at each outlet gas cooler temperature 
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Figure 36: Discharge temperature of the heat pump as a function of outlet gas cooler 
temperature 

 Figure 36 shows the relation between the outlet temperature of the gas cooler and the 

discharge temperature. Figure 36 also shows how the discharge temperature will vary by 

reducing the outlet temperature at the same discharge pressure. Moreover, the discharge 

temperature decreases when the outlet temperature decreases, which means a better operation 

for the overall system. The discharge temperature drops from 93 °C to 87 °C with a slight increase 

in power consumption due to the slightly higher mass flow rate of the refrigerant. 

 In Figure 37, Figure 38 and Figure 39, the process of heat rejection in two stages heat 

recovery are observed. The figures illustrate the temperature of the CO2 at the high side pressure 

with a different outlet temperature of the gas cooler where the first heat rejection is made to 

preheat the water before entering the first gas cooler (VP1). However,  for low heating demands 

the inlet and outlet water temperature are 18°C and 29°C respectively and the second heat 

rejection is made for space heating, and domestic hot water and the inlet and outlet water 

temperature are 32°C  and 60 °C respectively at the 80 bar as a discharge pressure. 

 The heat recovery ratio of the two gas coolers is approximately divided as following; the 

first gas cooler (VP1) has 60% of the energy and the other gas cooler (VP4) has 40% of the energy. 

When the system operates at a higher pressure, more heat will be recovered in the first gas cooler 

and less heat for sub-cooling or preheating city water. Therefore,  these conditions could be used 

during cold days in order to meet the demand for space heating and domestic hot water, but this 

will lead to higher power consumption in the compressor. 
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Figure 37: Heat rejection process for each gas cooler when the outlet gas cooler (VP4) 
temperature is 30 °C 

 

Figure 38: Heat rejection process for each gas cooler when the outlet gas cooler (VP4) 
temperature is 25 °C 
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Figure 39: Heat rejection process for each gas cooler when the outlet gas cooler (VP4) 
temperature is 20 °C 

 The first case is when the system operates at 81 bar as a discharge pressure and the 

temperature at the exit of the gas cooler is 30 °C and the approach temperature at the exit of the 

second gas cooler is 11 °C and at the inlet of the first gas is around 4 °C. While the pinch point 

which is the closet temperature between the refrigerant, and the water is around 1 °C in the first 

heat exchanger, and the heating capacity ratio is 64% for the first gas cooler. The pinch point is 

tight to achieve the highest energy capacity in the first gas cooler. 

 The LMTD method is used to design the heat exchanger when the capacity of the heat 

exchangers is constant and is taken from the design specification of installed gas coolers where 

the capacities are 100 kW, 60 kW for (VP1) and (VP4) respectively. Moreover, the area of the 

heat exchanger is calculated based on the coefficient of heat transfer which is selected from Alfa 

lava website (AXP112 heat exchanger) (Laval, 2018) as it can be seen in Table 3 and Table 4 

T-GC-IN  T-GC-OUT T-W-IN T-W-OUT  ΔT APPROACH 

36 °C 30 °C 18 °C 29 °C 11 °C 
93.93 °C 36 °C 32 °C 60 °C 4 °C 

Table 3: Water and CO2 temperatures levels for each gas cooler 

LMTD (°C) U (W/M2.K) HEAT DUTY (KW) AREA (M2) 

14 2000 100 4.38 
 2500  3.51 
8.41 2000 60 4.17 
 2500  3.34 

Table 4: Heat exchanger dimensions at 30 °C as outlet gas cooler (VP4) temperature 

The LMTD shows that the area of the second gas cooler should have been based on the value of 

the coefficient of the heat transfer where the higher value of UA, the smaller area is needed. 
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 The second case is when the system operates at 81 bar as a discharge pressure, and the 

temperature at the exit of the gas cooler is 25 °C and the approach temperature at the exit of the 

second gas cooler is 5 °C, and at the inlet of the first gas is around 4 °C. While the pinch point is 

around 1 °C in the first heat exchanger, and the heating capacity ratio is 57% for the first gas 

cooler. The heat transfer area is larger than the first case, which signifies a bigger heat exchanger. 

Reducing the outlet temperature will increase the heating capacity, but the heat recovery ratio 

will be smaller in the first gas cooler. The same method is used to size the heat exchanger as the 

first case where the data is shown in Table 5 and Table 6. 

T-GC-IN  T-GC-OUT T-W-IN T-W-OUT  ΔT APPROACH 

36 °C 25 °C 18 °C 29 °C 6 °C 
89.94 °C 36 °C 32 °C 60 °C 4 °C 

Table 5: Water and CO2 temperatures levels for each gas cooler 

 

LMTD (°C) U (W/M2.K) HEAT DUTY (KW) AREA (M2) 

12.89 2000 100 4.33 
 2500  3.47 
5.94 2000 60 5.8 
 2500  4.64 

Table 6: Heat exchanger dimensions at 25 °C as outlet gas cooler (VP4) temperature 

 The third case is when the system operates at 81 bar as a discharge pressure and the 

temperature at the exit of the gas cooler is 22 °C and the approach temperature at the exit of the 

second gas cooler is 2 °C and at the inlet of the first gas is around 4 °C.  While the pinch point is 

around 1°C in the first heat exchanger and the heating capacity ratio is 55% for the first gas cooler. 

The heat transfer area is larger than the other cases, which means a bigger heat exchanger is 

being used. 

  The size of the first gas cooler does not change by much due to the high LMTD between 

the refrigerant and the water. Moreover, the area of the second heat exchanger is increased 

when the approach temperature becomes lower as it is shown in Table 7 and Table 8.  

T-GC-IN  T-GC-OUT T-W-IN T-W-OUT  ΔT APPROACH 

36 °C 20 °C 18 °C 29 °C 2 °C 
87.52 °C 36 °C 32 °C 60 °C 4 °C 

Table 7: Water and CO2 temperatures levels for each gas cooler 

 

LMTD (°C) U (W/M2.K) HEAT DUTY (KW) AREA (M2) 

12.2 2000 100 4.62 
 2500  3.7 
3.99 2000 60 9.07 
 2500  7.26 

Table 8: Heat exchanger dimensions at 22 °C as outlet gas cooler (VP4) temperature 
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 Figure 40 shows the calculated COP-1 of the system as a function of the high-side pressure 

in terms of the design conditions that were previously mentioned. It can also be observed that 

when the outlet temperature of the gas cooler becomes lower than 30 °C, there is no optimum 

high-side pressure because the pressure lines will be horizontal.  However, when the 

temperature is or above 30 °C, the COP-1 is increased when the discharge pressure is increased 

until reaching the peak where it is possible to determine the optimum high-side pressure before 

it starts to drop again. 

 

Figure 40: The relation between COP-1 and discharge pressure as a function of outlet gas cooler 
temperature 

 When the temperature and the pressure get closer to the critical point, the pressure lines 

(isobars) tend to be more horizontal. This change means that the temperature is almost constant 

during heat rejection and the temperature improvements will be close to the one in the sub-

critical process of the CO2 as shown in Figure 41 (Stene, 2005). 
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Figure 41: Trans-critical isobars for carbon dioxide 

 

3.4.2 Variation of evaporation temperature  

 Another parameter that could affect the system performance is the evaporation 

temperature where in this study, different evaporation temperatures were simulated with 

different discharge pressures to observe how the increase of evaporation temperature will 

influence the performance of the system. 

 Figure 42 shows the relationship between the COP-1, evaporation temperature, and 

discharge pressure where it can be seen that when the evaporation temperature increases the 

COP-1 of the system will increase in return. However, this relationship opposes the discharge 

pressure where the COP-1 drops when the discharge pressure increases because the 

temperature at the exit of the gas cooler is below 30 °C and the explanation is as mentioned 

before. Furthermore, the heat supplied by the heat pump increases when the evaporation 

temperature increases but the suction condition will become even higher due to the increase of 

the evaporation temperature and power consumption becomes higher due to maintaining of the 

pressure ratio in the cycle. 
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Figure 42: The relation between COP-1 and discharge pressure as a fi=unction of evaporation 
temperature 

 To verify the variation of evaporation temperature concerning the performance of the 

system, the average values are taken from the system, and then the different temperatures are 

simulated to check the influence on the system. Table 9 shows the operating conditions of the 

system. In this scenario, the highest evaporation temperature could be achieved by connecting 

to the district cooling network. 

PARAMETERS VALUE UNIT 

DISCHARGE PRESSURE  81 Bar 
T-W-IN 16 °C 
T-W-OUT 10 °C 
SUPERHEAT 5 K 
T-EVAP 8-0  
IHX EFFICIENCY  60°C % 

Table 9: Estimated boundary conditions of the heat pump to be simulated in EES 

 The variation of the evaporation temperature shows that the COP-1 of the system is 

increased from 4 to 5 (25%) when the temperature is increased from 0 °C to 8°C as it is shown in  

Figure 43 and the heat supplied by heat pump as well is increased from 76 kW to 91 kW (20%) as 

it can be seen in Figure 45. 
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Figure 43: Coefficient of performance as a function of evaporation temperature 

 The discharge temperature becomes lower due to higher suction pressure when the 

evaporation temperature increases as the cooling energy increases, which means a better 

operation for the overall system as it can be seen in Figure 44. 

 

Figure 44: Discharge temperature of the heat pump as a function of evaporation temperature 
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Figure 45: Heating supplied by the heat pump as a function of evaporation temperature 

 The discharge temperature becomes lower due to the higher suction pressure when the 

evaporation temperature increases as the cooling energy increases in return, which means a 

better operation for the overall system as it can be seen in Figure 46. The installed evaporators 

already have high capacities, which are 120 kW and 60 kW respectively, and the size of the 

evaporators can handle the increase in the evaporation. 

 

Figure 46: P-h Carbon dioxide diagram represents the process of the heat pump when 
evaporation temperature increases 
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3.4.3 Variation of both evaporation and outlet temperatures  

 Figure 47 shows the COP-1 of the system when the outlet temperature of the gas cooler 

(VP4), and evaporation temperature varies from 30 °C to 20 °C and 0 °C to 8 °C respectively. The 

COP-1 of the system always increases when the outlet temperature of the gas cooler is dropped, 

and the evaporation temperature is increased. Moreover, using 0 °C as the evaporation 

temperature and 30 °C for the exit temperature of the gas cooler the COP-1 is 3.9, the 

evaporation temperature is increased to 4.6 when the gas cooler outlet temperature is dropped 

to 20 °C. The maximum COP-1 is achieved when the evaporation temperature is 8, and the outlet 

temperature of the gas cooler is 20 °C where the COP-1 is 5.77. 

 

 

 

Figure 47: COP of the heat pump as a function of both evaporation temperature and outlet gas 
cooler (VP4) temperature 

3.4.4 Tripartite gas cooler configuration  

 Figure 48 shows the possible configuration of a serial connection of the three gas coolers 

that will be used to: (A) reheat domestic hot water, (B) low-temperature space heating and (C) 

preheat domestic hot water and the flow within these gas coolers is counter-flow. 

 The two gas coolers are used to reheat and preheat the water and have the same flow 

rate of refrigerant and water. The goal from having an integrated design of CO2 heat pump is 

glide during heat exclusion for trans-critical heat pump and to achieve a lower outlet gas cooler 

temperature. The gas coolers operate at the same temperature level, so the system should be 

equipped with a single shell storage water tank. The low-temperature space heating gas cooler 

uses a counterflow water-cooled heat exchanger, and it is connected to the hydronic heat 

distribution system with a separate storage tank. 
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 The other components of the system are the same as in Figure 48. However, a suction gas 

heat exchanger could be added, which is used to evaporate and prevent the CO2 liquid from 

entering the evaporator in order to prevent liquid slugs in the compressor.  Another add-on could 

be a low-pressure receiver installed at the outlet of the evaporator with a backup pressure valve 

to control the high side pressure and prevent the liquid drops of CO2 from entering the suction 

line. 

 This configuration is efficient because it produces a high temperature of domestic hot 

water and achieves a higher COP for the heat pump due to the serial connection. Additionally, 

this configuration is suitable for low-temperature space heating demand. The system uses a 

counter flow heat exchanger. Theoretically, the CO2 outlet temperature for each gas cooler will 

be affected and limited by the inlet water temperature. 

 

 

 

Figure 48: Schematic diagram of the Tripartite gas cooler heat pump configuration (Jorm Stene, 
2004) 

 The most important thing when it comes to design the CO2 heat pump system with three 

gas coolers is to have large enthalpy difference and in other words, have large temperature glide 

at the lowest discharge pressure in order to have less power consumption in the compressor. To 

design and optimize the CO2 heat pump, many interactions between the primary and secondary 

cycles would occur. For instance, the inlet temperatures to the second cycle with the heat 

transfer area of the heat exchangers and COP of the system with high-side pressure will provide 
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the required heating capacity that the system should produce. Figure 49 shows the design 

characteristics and the heat rejection of the tripartite gas cooler 

 

Figure 49: Concept of tripartite gas cooler heat pump and heat rejection process (Jorm Stene, 
2004) 

Main input parameters that have been used in the model are: 

• The operation mode which is for space heating, domestic hot water  

• The heating ratio for domestic hot water  

• The supply water temperature in space heating  

• The return temperature in space heating  

• The outlet temperature of domestic hot water  

• The supply water for domestic hot water (city water) 
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• The temperature approach at DHW-P 

The main variables are: 

• Discharge pressure  

• Discharge temperature  

• The mass flow of the refrigerant  

• The mass flow of water for space heating  

• The mass flow of water for domestic hot water  

• The outlet temperature from preheating of water  

 The model was developed after determining the suction conditions and the compressor 

configuration. The mass flow rate of the refrigerant was calculated from the volumetric 

efficiency, that was mentioned previously. Moreover, a very important parameter to design the  

CO2 heat pump in both modes for space heating and domestic hot water is the heating capacity 

ratio which is influenced by the temperature levels, mass flow rate for space heating and 

domestic hot water, the discharge pressure and temperature for compressor and finally the mass 

flow rate of the refrigerant. 

𝜉𝐷𝐻𝑊 =
𝑄𝐷𝐻𝑊−𝑃𝐻+𝑄𝐷𝐻𝑊−𝑅𝐻

𝑄𝐷𝐻𝑊−𝑃𝐻+𝑄𝐷𝐻𝑊−𝑅𝐻+𝑄𝑆𝐻
   Eq 32 

 The heating capacity ratio was found from measurements, and it is equal to 60%, and the 

temperature of supplying water is 8 °C, and the heat pump will heat it to 60 °C and deliver 

temperature levels of 30/35 °C for space heating. 

 Figure 50 shows the relationship between the COP-1 and the discharge pressure where 

the COP-1 decreases when the discharge pressure increases, and this is due to lower CO2 

temperatures at the exit of the DWH-P gas cooler. Moreover, to achieve 30/35 °C for space 

heating, the pressure should be higher than 78 bar; otherwise, the temperature levels will be 

28/30 °C based on the simulation. 
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Figure 50: COP of the tripartite gas cooler heat pump as a function of discharge pressure 

 

 Figure 51 shows the temperature after each gas cooler as a function of discharge 

pressure, and as it can be seen, the temperature becomes higher with an increase of discharge 

pressure. The outlet temperature of water preheating could be changed by varying the ratio of 

the heating capacity in the DHW-P gas cooler where for the modeling, the ratio between two gas 

coolers was fixed at 65%. Figure 52 shows the possible outlet temperature at a fixed heating 

ratio. 

 In order to achieve the required temperature levels for space heating, the system should 

operate at a pressure higher than 78 bar to achieve higher approach temperature between water 

and refrigerant because when the pressure was 78 bar, the approach temperature was too tight 

(0.7 °C). 
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Figure 51: CO2 temperatures after each gas cooler as a function of discharge pressure 

 

 

Figure 52: Outlet temperature of water preheating as a function of heating capacity ratio 

 

 Figure 53 shows the CO2 temperature profile with the temperature levels in the secondary 

circuit, where at 80 bar of high-side pressure, the heating capacity of space heating is low because 

of the lower temperature difference between CO2 and the water and the pinch point is inside the 

gas cooler. Furthermore, as the discharge pressure increases to 85 bar, the heating capacity of 

space heating is increased due to the larger temperature difference between CO2 and water, and 

it also led to a higher mass flow of water in the secondary circuit.  
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Figure 53: Heat rejection process for tripartite gas cooler heat pump at different discharge 
pressure 

 When the outlet temperature of the gas cooler for water preheating is above the critical 

point of CO2, and the approach temperature between the CO2 and water is too high (25 k). It is 

possible to determine the maximum COP of the system where it could estimate the maximum 

discharge pressure as well that the system will operate at maximum conditions where the highest 

COP-1 can be obtained as seen in Figure 54. 

 

Figure 54: Optimum discharge pressure and maximum COP of the heat pump with heat supplied 
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3.5 Economic assessment  

 An economic analysis is done in order to find the cost savings that the heat pump is 

providing during one year of measurements and to investigate the savings when the heat pump 

operates at a higher capacity. The monthly cost of the system is calculated using the electricity 

consumption in the compressors. Figure 55 shows the monthly cost of power consumotion of the 

system, where the highest cost of the system was during May 2017 and March 2018 due to higher 

heat supplied by the heat pump. 

 

 

Figure 55: Monthly cost of the heat pump based on electricity consumption in the compressor 

 Another factor which is curial to make an accurate analysis is to know the total heating 

demand and how much the system can provide with the available heat sources. The 

measurements show that the building needs around 5000 MWh of heating for one year (May 

2017-May 2018), which is divided between domestic hot water and space heating. The heat 

pump was able to provide 800 MWh of the total energy while the rest of the demand was covered 

by connecting to a district heating network as it is shown in Figure 56. 
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Figure 56: Annual heating demand and the share of the heat pump and district heating 
networks from total demand 

 After knowing the total energy demand and how much energy the system can provide 

due to the available resources, the heat pump is operated at a lower capacity than it could 

handle. However, it is possible to enhance and increase the capacity of the heat pump by applying 

the following suggested improvements in the scenarios. 

 In this analysis, the system will be simulated at different running capacities in order to 

find how much energy the system will provide at each running capacity as well as the cost of the 

power consumption and to investigate the savings that the heat pump is provided by reducing 

the energy purchased from district heating networks. 

 Figure 57 shows the running capacity of the heat pump from 0% to 100% and the 

predicted cost of each capacity as the heat supplied to the building. The system was running at 

an average of 54% during the period from May 2017 to May 2018 and energy provided to the 

building was 800 MWh with the cost of 232035.3 SEK as it can be seen in the graph. When the 

capacity of the system increases, the cost of power and energy production increase as well. 
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Figure 57: Estimated electricity cost of the heat pump with heat supplied at each running 
capacity 

When the system operates at a higher capacity, the heat supplied by the heat pump will be 

higher, which means the purchased energy from district heating networks will be lower, and the 

cost will be reduced as well. 

 

Figure 58: The reduction of purchased energy from district heating networks at each running 
capacity 
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 Figure 59 illustrates the share of the heat pump when it runs at an average capacity of 

54% during the measurements. Furthermore, after investigating the full potential and improving 

the control method of the heat pump, the capacity of the system will be increased to reach 70% 

which means a lower cost by 11% of total cost and less energy purchased from district heating 

network by 25%. 

 

Figure 59: Share of the heat pump of heat production at each running capacity 

 It is essential to determine the cost of purchasing energy from the district heating network 

when the heat pump system is not operating. However, even if the system operates at different 

capacities, the cost of purchasing energy must be determined in order to know the cost savings 

provided by the system for the building. 

 In order to analyze the data, two different scenarios have been developed based on prices 

from district heating networks, and this is due to the lack of the availability of real prices from 

district heating networks. 

 In the first scenario, the price of 1 kWh of thermal energy bought from district heating 

networks is equal to 0.5 SEK while the cost of the electricity was taken from the measurements 

and is equal to 1 SEK for 1 kWh. 

 Additionally, the first scenario simulated the real prices of energy bought from district 

heating networks. In Figure 60, the cost savings of energy amount to 54% of running capacity 

from the total cost, where the total cost is the cost of purchasing energy from district heating 
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0%

5%

10%

15%

20%

25%

30%

35%

40%

0% 10% 20% 30% 40% 50% 54% 60% 70% 80% 90% 100%

Sh
ar

e 
o

f 
th

e 
h

ea
t 

p
u

m
p

(%
)

Running capacity (%)



60 
 

 

 

 

Figure 60: Heat pump cost savings with the cost of energy bought from district heating networks 
and total cost 
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 In the second scenario, a relationship between electricity and heat prices is illustrated, 

and it can be represented as a ratio. This ratio is between electricity prices to heat prices. In this 

scenario, the savings could be predicted based on the ratio mentioned above. 

 The prices of energy from district heating networks and electricity price are varying all 

times due to many factors such as; outdoor temperature, and the fuel used to generate the 

electricity. For instance, during cold days, energy prices from district heating networks will be at 

their highest. As a result, the cost savings will reach their highest point due to the reduction of 

energy purchased from district heating networks. 

 Figure 61 illustrates the price ratio between electricity and heat, where it can be seen that 

when the ratio is equal to 2, which is the reference case. Firstly, when the heat pump works at 

54%, which is the average running capacity during the whole year, secondly at 70% of running 

capacity and thirdly at 100% of running capacity. However, when the ratio is decreased, and the 

cost saving is increased in the three cases to reach a maximum. Consequently, when the ratio is 

at 1.5 value, the savings are doubled  and become greater than in the first case. Additionally, it 

can be seen that after applying improvements to the heat pump by increasing the capacity to 

70%, the savings become even higher. 

 

Figure 61: Cost savings of the heat pump as a function of price ratio 
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4. Conclusion  

 The heat pump systems which use carbon dioxide as a refrigerant are considered efficient 

systems due to lower emissions, reduction in electricity consumption and the unique properties 

of carbon dioxide when it comes to the domestic hot water production. 

 After analyzing the data and performing the overall evaluation, the system operates at 

constant conditions that include temperatures and pressures, and this means that the efficiency 

of the system is almost constant. Moreover, the power consumption will vary a bit during the 

period the measurements were taken. Technically the system could not match the requested 

capacity of energy, and this is due to the lack of available heat sources. However, by performing 

the suggested improvements to the system, the capacity could be increased and higher energy 

extraction from the heat source at the same conditions can also be achieved. 

The improvements that could be done for such a system are: 

 Reduction of the outlet temperature of the second gas cooler (VP4) where the outlet 

temperature is relatively high (30 °C) and by reducing this temperature to 20 °C, it will have a 

higher heating capacity by 17% and the efficiency of the system will increase by 16%. By the same 

token, the temperature of water supply to the first gas cooler (VP1) will be higher, which leads 

to a lower discharge pressure and electrical power consumption. 

 The superheat in the system is higher that the reference point which is 5k and usually the 

value estimated at 10k, which leads to a lower evaporation temperature and if there is enough 

heat from the source, then the heat pump is able to have higher capacity. If there is not enough 

heat from the source and by increasing evaporation temperature, the improvement will be to 

increase the efficiency.The recommended solution is to control the superheat after the 

evaporator and the IHX or to increase the evaporation temperature by connecting to the return 

line from district cooling networks. The model shows that when the evaporation temperature is 

increased to 8 °C, the heating capacity and coefficient of performance are increased by 12% and 

16% respectively. 

 A new scenario is created to simulate possible future configurations where the heat pump 

will use three gas coolers, two of which will be utilized to heat up domestic hot water, and the 

other used for space heating. This scenario shows good results where the performance of the 

system is increased up to 35% in comparison to the reference conditions and produces a higher 

temperature level for domestic hot water, but the new configuration sould run at higher 

discharge pressure (85 bar) while in the reference case the pressure was (81 bar) to have the 

required temperature levels for space heating. Otherwise, the temperature levels will be lower 

(28-33 °C). 
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 From an economic perspective, the system running capacity during one year of 

measurements was 54% . The heat pump reduced energy purchased from district heating by 19% 

which means the heat pump save 168000 SEK/Y. The savings that the heat pump provide will be 

higher after applying the suggested improvements. By reducing the outlet temperature of the 

gas cooler to 20  and increasing the evaporation temperature  up to 8, there is a potential to 

increase the running capacity of the heat pump to 70% and the savings will be 21800 SEK/Y. 

The price of energy is varying all the time according to outdoor temperature and the price ratio 

between electricity and heat will change , when the heat price is increased by 20% the savings 

from the heat pump will be higher by 47%.   
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