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Abstract

Ice based Cool Thermal Energy Storage (CTES) systems have attracted
much attention during last few decades. The reasons are mainly of eco-
nomical and environmental nature. Compared to conventional refrigera-
tion and air-conditioning systems without cool thermal energy storage,
implementation of CTES will increase environmental standards and
overall efficiency of the energy systems as it contributes to the phase-out
of synthetic refrigerants and reduces peak loads in electricity grids.

For the application of a cool thermal energy storages in refrigeration in-
stallations and HVAC systems in industry and building sector, it is neces-
sary to have appropriate design tools in order to sufficiently accurate
predict their performance. In this thesis theoretical and experimental in-
vestigations of two ice based cool thermal energy storage systems,
namely static, indirect, external melt, ice-on-coil, i.e. ice bank system and
dynamic, ice slurry cool thermal energy storage system are carried out.

An ice bank storage technology for cooling purposes is known for a long
time. The main drawbacks which are hindering its wider use are the sys-
tem complexity, high first costs, system efficiency which is highly de-
pendant on design, control and monitoring of the system, etc. On the
other hand, ice slurry technology was not well studied until recently,
while in the current scientific literature there ate still differences between
results and conclusions reported by different investigators.

The aim of the present thesis is to extend the knowledge in the field of
ice based CTES systems, thereby contributing in the development and
wider utilization of those systems.

In the first part of the thesis a computer application, named
“Bankal.eda” is presented. It enables simulation of an ice bank system
performance. In order to verify developed simulation model an experi-
mental evaluation has been performed. Field measurements have been
conducted on a two module silo which was installed as a part of the re-
frigeration system in dairy and cheese factory “Antun Bohnec” in the city
of Ludbreg in Croatia. Experimental findings were compared to the
simulation model. The software ,,Bankal.eda® presents a strong optimi-
zation tool for designers and engineers in the field by providing a high
degree of freedom in defining particular system design and operating pa-
rameters. It offers a basis for assessment and testing of a new energy ef-
ficient system arrangements and measutes. Besides it will give decision-



makers the ability to test potential solutions in the process of CTES sys-
tem design.

In the second part of the thesis ice slurry pressure drop and heat transfer
in horizontal straight tubes have been experimentally investigated. In
particular a mixture of 10.3 % of ethanol and water with an initial freez-
ing point of -4.4 °C was considered. It was found that the behaviour of
ice slurry flow is changing with time and that ice slurry pressure drop is
generally higher than for single phase flow. However for ice concentra-
tions of 15 % and higher, for certain velocities ice slurry pressure drop is
found to be of a similar value as for single phase fluid. Moreover, if ice
slurry is to be used as a energy transport media it is recommended to
keep the ice mass fraction at a level of 20 %.

With tube geometry and thermophysical properties of a carrier fluid the
heat transfer of ice slurry is generally a function of ice mass fraction and
velocity. The imposed heat flux has no or has just minor influence on the
heat transfer coefficient. Up to ice mass fraction between 10-15 % the
mean heat transfer coefficient shows only slight (laminar flow) or no in-
crease (turbulent flow) in comparison to single phase flow. Beyond that
ice mass fraction the heat transfer coefficient is increasing significantly.

The test data for pressure drop and heat transfer in laminar and turbu-
lent regime was compared to several correlations from the literature. A
new correlations for ice slurry pressure drop and heat transfer in the
laminar flow regime, for 10.3 % ethanol and water mixture, were derived
based on the present experimental data. The correlation for pressure
drop predicts 82 % of the experimental data with £15 % accuracy, while
the correlation for heat transfer predicts 75 % of the data with the same
accuracy.

In order to investigate advantages and disadvantages of a dynamic, ice
slurry system over a static, indirect, external melt, ice-on-coil CTES sys-
tem and to assess their differences from economical aspects, a theoretical
simulation model of an ice slurry CTES have been developed. It was
found that the ice slurry based CTES systems posses higher economic
and energy saving potential than static type systems. In the best case sce-
nario the total energy consumption of dynamic CTES system was found
to be approximately 25 % lower than for a static CTES system.

Keywords: refrigeration systems, cool thermal energy storage system,
ice, modelling, simulation, field measurement, expetiment, indirect sys-
tem, ice-on-coil system, external melt, ice slurry, homogeneous storage,
heterogeneous storage.
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1 Introduction

Refrigeration, air conditioning and heat pump applications present one
of the most important energy usage sectors in present day society. It is
estimated that an average share in electricity use for the developed coun-
tries is between 10-20 % (UNEP, 2003). In the US one sixth of the elec-
tricity consumed goes to cool buildings (Lucas, 1998).

For different reasons, there is a steadily growing demand for air-
conditioning ot comfort cooling, mainly in commercial and institutional
buildings. In the United States and Japan, more than 80 % of buildings
in these categories have comfort cooling. Europe is responsible for only
6 % of the installed air conditioning equipment worldwide. However, the
air conditioning market in Europe is expanding quickly in recent years.
Although the intention of the EU is to decrease the need for cooling of
buildings by using passive technologies, improved insulation and energy
efficiency technologies, the air-conditioner world market is still expand-
ing. The sales have been estimated at about 39.7 millions of units in
2000, among which 29.9 millions are room air conditioners and 9.8 mil-
lions are central air conditioners (CENERG, 2005). Market research
shows that only 27 % of the European tertiary sector (schools, hospitals,
offices, hotels, restaurants, shops) and 5 % of the residential sector are
equipped with room air conditioners (CENERG, 2005). It is evident that
the EU market is far from saturated. With a saturation rate of 60 % for
the service sector and 40 % for the residential sector - “the European
saturation rate” will be reached by 2018, i.e. the cooling market will show
a four fold increase between 2000 and 2018, corresponding to cooling
demand of 500 TWhc with electricity demand of 200 TWh for the coun-
tries of EU (EcoHeatCool, 2000).

For Croatia the total potential cooling demand is estimated to 5 TWhe,
with an electricity demand of 1.8 TWh. The increase in electricity de-
mand is closely followed by a peak load demand. Between 1990 and
2002, the average peak load in EU has increased by 20 % while in some
Mediterranean countries the corresponding increase was more then 50 %
(e.g. 54 % in Greece). The average peak-load increase is expected to con-
tinue at least at the same rate. In Mediterranean countries the forecasted
increase is even higher.



According to Zanki (2000) the tourism market and with it related ac-
commodation quality on the Croatian Adriatic coast is increasing rapidly.
Currently, the majority of facilities have three stars while the four and
five star hotels are scarce (approximately 10 %). Before the new rules of
hotel classification, cooling systems were required only for four and five
star hotels. Now, cooling of rooms and common facilitates is mandatory
for three, four and five star hotels. This regulation forced the majority of
hotels to enter renovation and implementation of a new cooling and air-
conditioning systems. This has led to several electricity blackouts in re-
cent years in August on the Adriatic coast (Dubrovnik, Vodice, island
Murter).

To prevent exceeding the power system capacity limits and to avoid risks
of future outages, Croatia is forced to import the required electric energy
under adverse conditions. To cope with the problem a couple of key
measures (remedies) were suggested and adopted under the Croatian En-
ergy Strategy for the time period to 2030, namely building of new elec-
tricity generating capacity (2000 MW) and energy efficiency increase in
production, transformation and use of energy including energy storage
and transport (Croatian Parliament, 2002).

Instead of building new electricity generating installations to cover peak
demand it is more economically and environmentally reasonable to bring
the power system load curve into balance. Namely, Croatian power sys-
tem daily maximum peaks between 2700-2900 MW (20 p.m.) while the
minimum is at 1100-1500 MW (6 a.m.) depending on the period of the
year (HEP, 2008).

In order to hinder the negative impact of the electricity power demand in
the present day and with the forecasted increase in the future, that refrig-
eration and air conditioning equipment exerts on Croatian power system,
the implementation of a cool thermal energy storage systems (CTES) as
a part of refrigeration installations in industry and HVAC systems in
commercial and residential buildings is proposed.

1.1 Motivation

Refrigeration systems in industry and air conditioning in commercial and
residential buildings is the largest single contributor to electrical peak
demand especially during summer daytime. This requires the electric
suppliers to bring additional, more costly generating equipment on line
or to import the required energy to handle this increased demand.
Commercial users, whose large cooling loads greatly contribute to the
need for these seldom used generating stations, are charged more for this



on-peak energy, in the form of demand charge which is based on their
highest on-peak demand for electricity.

Implementation of a Cool Thermal Energy Storage (CTES) System en-
ables to shift electric load to off-peak hours which significantly lower en-
ergy charges and reduces peak loads in power system during the cooling
period. Besides, it can also lower total energy usage as well (Bahnfleth
and Joyce, 1994; Fiorino, 1994). Generally, the electric supplier’s generat-
ing capacity is under-utilized at night and, consequently, its rates are low-
est then. In Croatia, difference between on- and off-peak rates is two-
fold, i.e. during day time (7 am. — 9 p.m.) consumer is charged with
0.085 €/kWh while during night shift (9 p.m. — 7 a.m.) with 0.042
€/kWh (valid for commercial low voltage customer, tariff model: white).
Prices ate dependant on customer profile and tariff model (HEP, 2008).

Basically, only few applications are not suited for cool thermal storage.
Whenever the maximum cooling load is higher than the average load or
the electric billing schedule includes high demand charges with differ-
ence between on- and off-peak rates, application of the thermal storage
may be economically justified. The higher the load factor the more at-
tractive is CTES to the customer. Particularly well suited to thermal stor-
age are sports and entertainment facilities, convention centres, churches,
airports, schools and universities, military bases and office buildings as
well as various industrial applications (ASHRAE, 2007).

Office building cooling loads often peak at a level of two or more times
higher than the daily average load (Dorgan and Elleson, 1994). Likewise,
process cooling in various industrial applications such as food processing
in food industry (milk cooling, carcass spray cooling, fish processing,
beer and vine production) and drugs treatment in pharmaceutical indus-
try have load peaks that rise much higher than the average load. Dairies
are a good example where large short loads often are required. Typically
once a day, in the morning, for a limited duration, a large quantity of in-
coming fresh milk must be quickly cooled. Such a high cooling demand
requires either a large capacity refrigeration unit, which would be idle for
the most of the day, and would consume high (electrical) power when
busy, or a smaller refrigeration unit that would operate rather uniformly
during low-load periods and accumulate the cooling energy to meet the
peak load when needed.

Moreover, CTES not only can significantly cut operating costs but they
can also substantially reduce capital outlays by downsizing the cooling
equipment when systems are suitably designed for new commercial and
industrial application (Andrepont, 2005).



If implemented, CTES’s can increase environmental standards of the re-
frigeration system as it contributes to the phase-out of synthetic refriger-
ants. Today the ozone depletion potential (ODP) and global warming
potential (GWP) of the synthetic refrigerants used in the majority of air-
conditioning and refrigeration installations are the major environmental
concerns. On an annual basis 20-35 % of refrigerant charge was emitted
to the atmosphere in 1980 in developed countries (AEA, 2003). The
worldwide main regulation addressing ozone depleting substances (ODS)
is the Montreal Protocol adopted in 1987. On EU level that is European
Regulation on Ozone-Depleting Substances No. 2037/2000 of June
29th, 2000. (Billiard, 2005).

With respect to the process for Croatia to enter the European Union,
harmonization with the Montreal Protocol and the European community
regulations and standards within strongly defined fields of application re-
garding safety and environmental critetia is summarized under Croatian
bylaw on ozone depleting substances. According to the Bylaw, import of
CFCs 1s banned from January 1st, 2006 and HCFC’s were banned for
new installation from 20 October 2005 (MZOPU, 2005). Complete
phase out of HCFC’s refrigerants and transfer to chlorine free HFC’s in
Croatia is planed by 2016.

Even though the HFC refrigerants were expected to be an acceptable re-
placement for the phased out CFC’s and HCFC’s, they turned out to be
only a temporary solution due to their high global warming potential.
Therefore, one of the key objectives set by International Institute of Re-
frigeration for the next period of 20 years is to reduce the refrigerant
charge in refrigeration systems by 30 % to 50 % and to halve the refrig-
erant leakage (IIR, 2002). By implementation of the indirect cooling to
CTES, the refrigerant charge and related emissions could be reduced by
a factor of ten compared to a complete direct expansion installation (IIR,
2004). Besides, indirect systems are more suitable for use of environmen-
tally friendly, natural refrigerants such as ammonia (R717), carbon diox-
ide (R744) or propane (R290).

In the energy sector the largest share of emissions is that of the carbon
dioxide (COy). The largest contributors are energy production and trans-
formation facilities. At present, more than 40 % of the total installed
generating facilities in the Croatian electrical power system consists of
thermal power plants, mainly oil-fired with the possibility of burning
natural gas as an alternative fuel (HEP, 2008). As reported by MIN-
GORP (2007) the CO; emissions in Croatia is steadily increasing. In
2005-2006 period the CO, emissions increased by 1.7 %. According to
the Kyoto Protocol, which was signed and ratified by the Croatian Gov-
ernment in 2007, Croatia is obligated to cut greenhouse emissions by 5



% over the 2008-2012 period. It is reasonable to believe that the certain
benefits could be achieved by implementation of CTES systems and load
shifting, when it comes to reduction of carbon dioxide (CO3) emissions
in power plants, since the daily electric peaks are covered mainly by the
thermal power plants. Baseline electricity needs are met by hydro power
plants with total electricity production of approximately 58 %o.

For the time being CTES’s are being exclusively imported on Croatian
domestic market. At the moment as a part of HVAC systems CTES’s are
implemented only in five hotels on the Adriatic coast (Zanki, 2006) and
in not more than a few commercial buildings in Zagreb (concert hall Va-
troslav Lisinski, business tower “Hrvatske vode”, Zagreb “City Hall”,
sport facility “Handball hall Arena” Zagreb). Situation is slightly better in
industry sector. As a part of refrigeration installations few dozens of
CTES’s are installed in a food industry (dairy “Antun Bohnec”, “Dukat”,
“Vindija”, food factory “PIK Rijeka”, “Zvijezda”, “PIK Vrbovec”).

1.2 Background

In 2004 the Department of Thermodynamics, Thermal and Process En-
gineering of the Faculty of Mechanical Engineering and Naval Architec-
ture under University of Zagreb started a technology project in co-
operation with one major CTES producer in Croatia, Frigoterm d.o.o., a
company involved in refrigeration technology and the Ministry of sci-
ence, education and sport of the Republic of Croatia as a funder.

The overall aim of the technology project TP-03/0120-35, “Develop-
ment and Production of an Indirect Cool Thermal Enetrgy Storage Pro-
totype — Ice Bank — with an Accumulation Capacity of 400-7000 kWh*
was to develop and produce a prototype of a static, indirect, external
melt, ice-on-coil cool thermal energy storage system, i.e. an ice bank sys-
tem.

The project was divided in four stages. In the first stage development of
a simulation model of a static, indirect, external melt, ice-on-coil CTES,
i.e. ice bank, and building of a computer application which would allow
simulation of an ice bank system operation was carried out. The simula-
tion model was designed to account for numerous parameters that influ-
ence ice bank operation and to offer basis for an ice bank prototype de-
sign. On basis of the simulation results the design of a CTES compo-
nents were carried out in the second stage.

The third phase comprised of the ice bank prototype production and
commissioning. A two module silo was produced and installed in a dairy
and cheese factory “Antun Bohnec” in city of Ludbreg, Croatia. In the



final fourth phase on-site measurements of ice bank performance were
conducted in order to verify a validity of the simulation model.

In December 2006 I have joined the research project “A New machine
for producing ice-slurty at -35 °C for a completely environmentally
friendly refrigeration process, ICE-COOL” as a postgraduate PhD stu-
dent at Department of Energy Technology of the Royal Institute of
Technology, Sweden in order to broaden initiated investigation to more
advanced ice based CTES technologies, i.e. to conduct investigation on
ice slurries.

1.3 Aim of the study

This thesis are dedicated to ice based cool thermal energy storage sys-
tems, namely static, indirect, external melt, ice-on-coil system, i.e. ice
bank and dynamic, ice slurry cool thermal energy storage system.

The purpose of this thesis is to investigate and put into relation the afore
mentioned technologies and to provide a basis for decision makers who
are involved in the design and preinstallation planning of such systems.

The main tasks of this thesis are:

O The development of a simulation model of an indirect, exter-
nal melt, ice-on-coil cool thermal energy storage system,

O Verification of a developed simulation model by means of the
field measurements,

O Identification of a strengths and weakness points of an ice
bank storage and pointing out potential improvements,

O Investigation of the economic potential and benefits gained
by implementation of an ice bank systems in industry and air
conditioning systems in commercial and residential buildings,
in Croatia,

0 A comparison with more advanced ice based cool thermal en-
ergy storage systems, i.e. ice slurry systems,

O Experimental investigation of ice slurry flow behaviour, i.e.
pressure drop and heat transfer in horizontal tubes,



O Investigation of advantages and disadvantages of static, indi-
rect, external melt, ice-on-coil cool thermal energy storage
system over dynamic, ice slurry system,

0 Recommendations for future research work.

1.4 Methodology

In this thesis two ice based cool thermal energy storage technologies are
investigated. The investigation methods are of numerical (theoretical)
and experimental nature.

In order to evaluate the performance of a static, indirect, external melt,
ice-on-coil cool thermal energy storage system for different design at-
rangements and under various operating conditions a computer simula-
tion model have been developed. In the first phase development of a
mathematical model that includes components of an ice bank system and
their interconnections have been carried out. Due to the high complexity
of the system and numerous design and operating parameters that influ-
ence its performance a computer application “Bankal.eda” was designed.
Mathematical models of system components are integrated in a stand
alone computer program. Input of design and operating parameters is
enabled through drop down menus while the results are presented via
figures, diagrams and pictures. Programming was done in Fortran 95
language standard. (Chapter 3. Published in International Journal of Refrigera-
tion, Volume 32, Issue 6, September 2009, Pages 1323-1335 ).

In order to verify the developed simulation model an extensive experi-
mental evaluation has been performed. Field measurements have been
conducted on a two module silo which was installed as a part of the re-
frigeration system in dairy and cheese factory “Antun Bohnec” in the city
of Ludbreg, Croatia. Experimental findings were compared to the simu-
lation model. (Chapter 4. Presented and published in conference proceedings of the
3rd 1IR Conference on Thermophysical Properties and Transport Processes of Refrig-
eration, Boulder, Colorado, USA, 2009).

Two actual cases of ice bank application in process industry and building
sector are studied in order to investigate their economic potential on the
Croatian market. For both cases static, indirect, external melt, ice-on-coil
cool ice bank system was considered. In the first case ice bank applica-
tion within the dairy industry “PIK, Rijeka” is considered. In the second
case implementation of the ice bank system as a part of chilled water sys-
tem for the purpose of building cooling (Elderly Persons Home in Sisak)
is discussed. (Chapter 5. To be submitted for publication.).



Based on findings and observations of the experimental tests it was pos-
sible to identify the advantages and limitations of the ice bank system.
Suggestions for improvements and recommendations for future research
and further development of the simulation model and ice bank design
have been pointed out. (Chapter 6).

A transition to more advanced ice based CTES systems, i.e. dynamic ice
slurry systems have been undertaken. As a part of research on ice slur-
ries, experimental investigation of ice slurry pressure drop and heat
transfer in horizontally laid tubes have been conducted whereby existing
experimental rig, originally designed for freezing temperatures have been
modified for cooling applications. The research activities conducted on
ice slurries greatly contributed to better understanding of an ice slurry
technology which finally served as a base for subsequent investigations.
(Chapter 8. Published in Experimental Thermal and Fluid Science, V'olume 33, Is-
sue 2, January 2009, Pages 357-370; Chapter 9. Published in International Journal
of Refrigeration, Volume 32, Issue 6, September 2009, Pages 1310-1322).

In order to perform theoretical evaluation of the performance of a dy-
namic ice slurry storage system and to assess its possible economic and
energy saving potential over conventional ice-on-coil static type a theo-
retical simulation model of an ice slurry CTES have been developed. In
particular, heterogeneous storage with chilled secondary fluid extraction
and warm spray return was considered. (Chapter 10. Submitted for publica-
tion).



2 Ice based cool thermal
energy storage systems

2.1 Introduction

A thermal energy storage system remove heat from or add heat to a stor-
age medium to meet a system load at another time. Basically it separates
generation of heating or cooling from the use in time. This allows the
generation of heating or cooling to be moved to periods when condi-
tions are more favourable.

Thermal energy storage systems are primarily classified according to a
temperature level at which the stored energy is being used. If stored en-
ergy is used for heating purposes thermal storage is referred to as heat
thermal energy storage and if it is used for cooling, thermal storage is re-
ferred to as cool thermal energy storage.

Implementation of thermal energy storage in HVAC&R systems can of-
fer certain benefits (ASHRAE, 2007):

O cost savings in energy by reduction of total operating costs in
case when the electricity is primary energy source,

O reduced equipment size,

O capital cost savings from downsizing the heating or cooling
generation equipment,

O energy savings in case when the generation of cooling is per-
formed during the night resulting in higher efficiency of re-
frigeration equipment due to lower ambient and therefore
condensing temperatures,

O increased operating flexibility,

O extending existing systems capacity and

O back-up capacity.



Cool thermal energy storages involve a variety of applications and by it
related temperature levels. Basically they are grouped in three main appli-
cation fields. For air-conditioning purposes energy storage at tempera-
tures above 0 °C is desired. Energy storage for cooling applications is as-
sociated with temperature levels between 0 °C and -18 °C and for freez-
ing applications between -18 °C and -35 °C. Certain temperature level
depends on particular process requirements.

Moreover, cool thermal energy storages can be divided according to the
type of the storage medium and storage technology. If classified accord-
ing to the storage medium they can be of sensible or latent type.

Sensible type cool storage media include aqueous or nonaqueous fluids,
in most cases plain water, while latent type storage media include phase-
change materials, mostly water-ice.

In comparison to the sensible type, latent type storage offers higher en-
ergy storage density and temperature stability of the fluid being dis-
charged from the storage. Higher energy density allows compact system
design resulting in capital cost savings while temperature stability means
preserving the quality of the product.

Phase-change materials can be either pure substances or mixtures. In
comparison to single component pure substances, mixtures exhibit a
temperature glide, i.e. continuous transition, as in case with mixture of
water and freezing point depressant (alcohol, salts, etc.), micro-emulsions
or microencapsulated slurries.

2.2 Applications of cool thermal energy storages

For comfort cooling of buildings chilled water CTES systems have been
commonly accepted and widely applied. Bahnflet and Joice (1994),
Fiorino (1994) and Henze et al. (2008), report on sensible cold water
type storage systems as a measure to raise efficiency of air-conditioning
systems for cooling of university complex, electronic manufacturing fa-
cilities and pharmaceutical buildings. Although requires large storage
tanks and space for installation, chilled water storage technology offer
use of standard water chillers operating at high rates of efficiency. It is a
simple, low maintenance and reliable technology. Moreover, it becomes
most economical for applications with cooling loads requiring storage of
more than 7000 kWh (Dorgan and Elleson, 1994).

If phase-change material is considered as a storage media for comfort

cooling of buildings, appropriate material with phase change temperature
around +5 °C is desired (for standard temperature regime of chilled wa-
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ter +7/+12 °C used for air cooling). As a potential solution aqueous mi-
cro-emulsion or micro-encapsulated slurries based on paraffin are pro-
posed (He et al., 2004; Gschwander et al, 2005); in particular tetradecane
ot hexadecane paraffin with melting temperature of +6 °C and +18 °C.
Since these types of advanced secondary fluids have many problems yet
to overcome (coagulation, coalescence, Ostwald ripening, resistance to
shear stresses) they are still in a phase of development.

Nevertheless, today in most of the CTES installations water or water-ice
is used as a storage medium. The reasons are its good thermodynamical
and general properties, such as high density, specific heat, heat of fusion
and good heat transfer characteristics. Moreover it is available and of low
cost, environmentally benign, nontoxic, nonflammable, nonexplosive,
noncorrosive and inert.

If water-ice is considered as a CTES media for air-conditioning pur-
poses, temperature level of energy stored will be lower than usually re-
quited, namely fixed to 0 °C. However it will enable use of a cooler air
distribution temperature of +12 °C compared to +15 °C which is a
normal design practice. Reduction in air flow will at the end compensate
for reduced refrigeration unit efficiency due to lower operating tempera-
tures (Bellas and Tassou, 2005).

Today two ice based technologies for storage of cold are known, namely
static, where ice is built and stored on surfaces of a heat exchanger and
dynamic where ice is removed from a heat exchanger surface. In the lat-
ter case a mixture of liquid and ice particles is formed and it is referred to
as ice slurry.

Another interesting ice based technology suitable for colder climate is to
collect or make snow in the winter season and then use it for cooling of
buildings in spring or summer period (Skogsberg and Nordell, 2001).
This is known as a Seesonal Snow Storage technology and it will not be
further treated in this thesis. The systems studied in this thesis are mainly
short therm (Diurnal) ice storage systems for day to night load shifting.

Saito (2002) summarized examples where ice based or ice slurry CTES
systems have been applied as a part of air-conditioning installations with
success. Most of them are located in USA and Japan. In Chicago, USA,
two-third of the peak-load air-conditioning demands of the downtown
area is supplied by ice based CTES. In Osaka, Japan, for cooling of
CAPCOM and Herbis buildings an ice slurry system is used (Kutriyama
and Sawahata, 2001). A similar solution is applied for cooling of Kyoto
Station Building complex (Ise et al, 2001). Many other countries encour-
age implementation of CTES’s by electricity rates or by regulations. In
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Croatia the peak electricity rate is twice that of off-peak rate for com-
mercial users while in Korea for new or renewed buildings of more than
3000 m? it is an obligation to provide air-conditioning with CTES system
ot by an absorption chiller.

Beside air-conditioning, there are many industrial process where the
temperature of the products should be kept at a temperature slightly
above freezing point of water. Naturally for such applications, water-ice
as a phase change media is logical by itself. In food processing plants,
namely dairy and cheese factories, the temperature of products that is to
be reached in a relatively short period of time is approximately +3 °C. In
otder to provide it, low temperature watet from +0.5 to +1.5 °C is sup-
plied from the CTES system to the load. There are many examples of
successful operation of static, ice bank CTES systems for cooling of milk
in the wortld as well as in Croatia (dairy “Antun Bohnec”, “Dukat”,
“Vindija”, food factory “PIK Rijeka”, “Zvijezda”, “PIK Vrbovec”). Dy-
namic CTES systems are however scarce. As reported by Gladis (1997) a
dynamic type CTES sytem using ice slurry as a storage material and
chilled water as a distribution media was successfully installed in a cheese
plant in Hanford, California. As reported by Ralph and Breisch (1997)
dynamic ice harvesting CTES systems was successfully installed in a fac-
tory producing powdered eggs.

Water-ice as a phase change media is also applicable for rapid cooling of
fish, meat and vegetables. Fish lose quality because of bacterial or enzy-
matic activity or both. Reduction of storage temperature retards these ac-
tivities significantly, thus delaying spoilage and autolytic deterioration.
The shelf life of species such as haddock and cod is doubled for each 4
to 5.5 K decrease in storage temperature within the range of 16 to -1°C.
Therefore fresh fish should be cooled as quickly as possible to a tem-
perature of approximately +2 °C (ASHRAE, 2007). Usually flake ice or
ice slurry is sprayed over the fresh fish. The ice crystals melt by the direct
contact with the fish providing necessary cooling. As reported by (Bellas
and Tassou, 2005) ice slurry was showed to perform better ensuring

higher product quality.

For carcass chilling rapid temperature reduction is important in reducing
the growth rate of microorganisms that may exist on carcass surfaces.
Spraying cold water intermittently on beef carcasses for 3 to 8 h during
chilling is currently the normal procedure in commercial beef slaughter
plants. A final product temperature of +5 °C should be reached and it
should be maintained during storage, shipping and display. (Gigiel and
Badran, 1988) found that chilling of pig carcasses with low water tem-
perature from ice bank gave a savings in weight loss over 48 hours of
chilling and storing in comparison to conventional methods. Anyway,

12



most of the CTES installations in the world are designed especially for
the purpose of milk cooling or fish processing.

For cooling applications, at temperatures lower than 0 °C, such as for re-
tail food applications in supermarkets where temperature at which the
food is preserved in display cabinets is around -4 °C, aqueous-brine/ice
solutions, i.e. ice slurries or eutectic salts as a CTES media are of interest.
Ice slurries can be generally applied for a temperature range of 0 °C
down to approximately -35 °C. They are however most promising for
cooling applications, i.e. for temperatures above -10 °C (IIR, 2005a).
Typical applications of ice slurry for food preservation in supermarkets
are reported in (IIR 2005b).

Eutectic salts, as phase change materials are engineered to store energy at
certain temperature levels. Basically, the material is composed of inot-
ganic salts, water and a nucleating agent in a proportion which ensures
phase change at temperatures from +27 °C to -33 °C (Cristopia, 2008).
The material is confined within plastic spherical containers around which
secondary coolant circulates, allowing freezing and melting of eutectic
mixture in containers. This technology is widely applied, primarily for
air-conditioning of buildings (“Hrvatske vode” and “City Hall” in Za-
greb) and cultural and sport facilities (concert hall “Vatroslav Lisinski”
and “Handball hall Arena” Zagreb).

2.3 Solutions of ice based CTES’s

Design and performance of cool thermal energy storage depends on the
temperature level at which the cooling energy is being stored and the
technology used. The temperature level of storage depends on the appli-
cation. According to storage technology, ice based cool storage systems
can be divided to internal melt ice-on-coil, external melt ice-on-coil, en-
capsulated ice, ice harvesters and ice slurry systems (Dorgan and Elleson,

1994).

Internal melt ice-on-coil circulates a secondary coolant or refrigerant
through a tubular heat exchanger that is submersed in a tank of water.
The charging (ice making) and discharging (ice melting) are accom-
plished by circulating the secondary heat transfer fluid. Ice forms on the
heat exchanger tubes during charging, and melts from the inside out dur-
ing discharging. The tubular heat exchanger is typically constructed of
polyethylene or polypropylene plastic or steel or copper. Tube spacing is
closer than in external melt heat exchangers since there is no need to
maintain a liquid channel between individual tubes. An important charac-
teristic of the internal-melt design is the relationship between the charg-
ing and discharging process. During discharge, ice in contact with the
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heat exchanger is melted first. Initial discharge rates can be very high,
and initial available temperatures approach the phase change tempera-
ture. As ice melts an annulus of water develops between the heat ex-
changer and ice surfaces which results in variable performance. The
available discharge temperatures for internal melt and encapsulated ice
systems depend mainly on discharge rate. Due to the insulating effect of
water around tubes, internal melt ice storage tanks show a steadily falling
discharge rate if a constant discharge temperature is maintained or a
steadily rising temperature if a constant discharge rate is maintained. The
close tube spacing needed for good discharge performance provides ex-
cellent ice making performance, because the thermal conductivity of ice
is about 3.5 times greater that that of liquid water. The charge cycle be-
gins with coolant temperatutes of -3 °C enteting storage and 0 °C leav-
ing. As the ice making cycle advances an average supply temperature di-
minishes to approximately -4 °C. At the end of the ice making cycle the
average supply temperature decreases at a much faster rate with a mini-
mum at approximately -5 °C.

Encapsulated storage systems use a phase-change material, water or
eutectic salts, contained in relatively small polymeric vessels. In case of
eutectic salts, the temperature level at which phase change occurs is not
limited to 0 °C as in case of pure water, it can be in the range of +27 °C
down to -33 °C in dependence on the chosen PCM type (Cristopia,
2008). A large number of these plastic containers are immersed in a bath
of secondary coolant. As for the case with internal melt ice-on-coil sys-
tem charging (ice making) and discharging (ice melting) are accomplished
by circulating the secondary heat transfer fluid. To charge the storage
coolant at -3 to -6 °C is circulated through the tank causing the water to
freeze inside the container. In discharge mode, if a constant discharge
rate is maintained it has a steadily rising temperature, or if a constant
temperature is desired it has a steadily falling discharge rate. These char-
acteristics result from the decreasing area of ice in contact with the con-
tainer walls as the ice melts. Limiting factor is a heat transfer characteris-
tics of encapsulated ice container.

External melt ice-on-coil storage system builds ice on exterior surfaces of
a heat exchanger coil submerged in a water tank. The system is charged
by refrigerant of secondary coolant circulating through the coils, while
the discharging is accomplished by circulating the water surrounding the
heat exchanger where ice melts from outside in. The heat transfer fluid
and phase-change material is water. Charging and discharging circuits are
separated. Since the secondary coolant pipes are more distant than in the
case of internal ice-on-coil system, charging temperatures of secondary
coolant are lower in range of -4 to -9 °C. They depend on charging rate
and the amount of ice on the pipes at a given time. Discharge tempera-
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tures atre in range of 1 to 2 °C up to 80 % of the ice in the tank melted.
These temperatures are relatively stable during discharge mode with no
or just minor influence of the discharge rate.

An ice harvesting system separates the formation of ice from its storage.
Ice is built directly on the evaporator surfaces installed above the storage
tank and is removed mechanically or by hot-gas defrost cycles. Sheets or
flakes of ice are stored in a water tank below. The charging performance
remains the same throughout the charge cycle independent of the
amount of ice stored. Due to a high ratio of stored ice surface area to ice
volume ice harvesting system can release stored cooling very quickly with
discharging temperatures almost constant (in range of 1 to 2 °C) and
with minor or no effect of the discharge rate on the discharge tempera-
ture.

In comparison to large ice flakes produced by harvesting type generators
ice slurry is a mixture of liquid and small ice particles with sizes in the
range of 0.1 to 1 mm. Beside the ability to store the energy ice slurry is
very interesting as a secondary refrigerant from an energy transport point
of view. In relation to static ice based systems ice slurry offer higher
temperature stability, better heat transport capability, enhanced heat
transfer, higher ice packing factor and therefore smaller storage size.
Moteover, the temperature level of ice slurties is not limited to 0 °C if
the basic fluid is a mixture of water and a freezing point depressant addi-
tive. Different methods are used to produce ice slurry. Each method has
its particular advantages and weaknesses. The key problems which are
hindering wider use of the ice slurry technology are basically related to
production of ice slurry.

In Table 2.1 a summary of ice based storage technologies is given (Dozt-
gan and Elleson, 1994).
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3 Static CTES systems —
ice banks

Since the use of simple calculation methods in the process of ice bank
performance evaluation offers neither adequate flexibility nor accuracy,
the aim of this research was to provide a powerful tool for an industrial
design of an ice storage system allowing to account for the various de-
sign parameters and system arrangements over a wide range of time vary-
ing operating conditions. In this chapter development of a computer ap-
plication for the prediction of an ice bank system operation is presented.
Static, indirect, cool thermal storage systems with external ice-on-coil
building/melting were considered. The mathematical model was devel-
oped by means of energy and mass balance relations for each component
of the system and is basically divided into two parts, the model of an ice
storage system and the model of a refrigeration unit. Heat transfer proc-
esses in the ice silo were modelled by use of semi-empirical correlations
while the performance of a refrigeration unit components were based on
manufacturers data. Programming and application design were made in
Fortran 95 language standard. Input of data is enabled through drop
down menus and dialog boxes, while the results are presented via figures,
diagrams and data (ASCII) files. In addition, to further demonstrate the
necessity for development of a simulation program a case study was per-
formed. Simulation results clearly indicate that no simple engineering
methods or rule of thumb principles could be utilised in order to validate
performance of an ice bank system propetly.

3.1 Introduction

Dynamic, time-dependant operating conditions are rather common in
process industry. Many plants adjust their operation to the time-varying
input parameters. Dairies are very good examples of such time-varying
conditions: typically once a day, in the morning, for a limited duration, a
large quantity of incoming fresh milk must be quickly cooled. To cope
with such a task, a large capacity refrigeration unit might be installed, but
it would be idle for the most of the day, and would consume much (elec-
trical) power when busy. Switching such a large unit on or off would
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cause a great impact on the electrical distribution system, not to mention
that electric companies usually charge high costs for such awkward loads.
A much better solution is to build a smaller refrigeration unit that oper-
ates rather uniformly during the whole day (or when the electric energy is
cheaper, i.e. during night) and accumulate its cooling effect in a conven-
ient way that will make possible short bursts of greater cooling effect.
Such an accumulator is usually called an “ice bank” (Dorgan and Elleson,
1994). During operation of the refrigeration unit, its cooling effect is
used to freeze water so that ice is accumulated and melted when cooling
is needed.

Ice banks can be designed as various shapes — rectangular basins, cylin-
drical reservoirs (silos) etc. filled with water. Submerged pipe coils con-
taining a flow of refrigerating fluid are used to build ice on their outer
surface. As a refrigerating fluid either a primary refrigerant (ammonia,
HFC’s etc.) or a secondary cooling fluid (brine cooled by a primary re-
frigerant elsewhere) can be used. The periods of ice building and melting
can be either separated (first the refrigerating unit is switched on without
warm water inlet, so that ice is built-up, later ice is melted by warm in-
coming water, while refrigerating unit is switched off), or these periods
can be more or less overlapped.

In any case, due to the high process complexity and a large number of
influencing parameters no standard engineering procedures or rules of
thumb are adequate for design or rating the ice bank system perform-
ance. To be able to provide results with sufficient accuracy, a more com-
plex computer tool is needed.

In the past, several attempts were made to build dynamic mathematical
model of an ice bank systems. The most referenced static thermal stor-
age systems which can be found in an open literature are those classified
as direct, external ice-on-coil (Finer et al, 1993; Lopez and Lacarra,
1999) or indirect, internal ice-on-coil ice bank system (Chaichana et al.,
2001). Finer et al. (1993) and Lopez and Lacarra (1999) developed simple
mathematical models of a direct, ice-on-coil ice bank systems. Finer et al.
(1993) came to the conclusion that for cases when heat release by the re-
frigeration user changes relatively slowly with time, heat transfer can be
considered as the process limiting factor. This assumption allowed them
to neglect hydrodynamic aspects of a refrigeration unit performance and
to build the ice bank model solely by energy balance relations. This was
proven experimentally as a good approach except for periods immedi-
ately after startup. For all of these publications one feature is common,
all of the models are built for a specific case with limiting flexibility in
definition of design and operating conditions.
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In this project the objective was to develop a computer program for
simulation of an ice bank system operation with the intention to offer a
basis for industrial design of such systems over wide a range of time
varying operating conditions. Static, indirect, cool thermal storage system
with external ice-on-coil building/melting was considered.

The program was made as flexible as possible, allowing the user to define
and change numerous parameters in design and operating conditions.
This feature makes the application a strong optimization tool for particu-
lar system requirements.

The results presented in Part I of the current study focuses on the devel-
opment of a mathematical model and computer application for the pre-
diction of an ice bank system operation. In addition, identification of the
problems encountered while designing such systems is presented
through an actual case study.

In Part II validation of the mathematical model is discussed. The tested
system was designed and constructed on the basis of the developed
computer program after which it was installed as a part of a production
line in the dairy factory “Antun Bohnec™ in the city of Ludbreg, Croatia.

3.2 Ice bank model description

The considered ice bank system falls under the category of static, indirect
cool thermal storages with external ice-on-coil building/melting where
ice is built by circulating the brine solution cooled by refrigeration unit.

For the description of the ice bank operation, several limitations and as-
sumptions were made. A vertical cylindrical shape (vertical silo) was as-
sumed, consisting of one or more (stack up to ten) equal modules, Figure
3.1. The outer part of the silo (of annular cross-section) is used for the
ice build-up or melting during upwards flow of water, the central part is
used for the downward recirculation of water by means of the propeller
(agitator).

19



- -
top
module
L 2 ur s _L
[ORCNO) IGRONC]
3. module ®®® ® @G)@@@
Sl e
IONONO] N OJONOIN
® @@@ @@@@@
2. module ®®®®®i l i@@@@@
@@@@@ @@@@@
RIONONO] N OJONOIR
[ORCN] IORORO]
JORC) ® @
1. module ®®®®® i l i@@@@@
[ONOXO] @ @@
icecold @®®®@ ®@©@©
i S+ SRR
T
warm water o i
o Tr;] module

Figure 3.1 Vertical section of the ice bank silo

Within each module, in an outer annular part, pipes for the flow of re-
frigerant are spirally wound in a horizontal plane; each pipe has its own
plane, the two vertically adjacent spirals form a staggered or in line ar-
rangement for the upwards flow of water, Figure 3.2.

Figure 3.2 Staggered arrangement of the tubes in the silo

Only secondary cooling fluids (brines) are envisaged for the flow
through pipes of the modules. The heated brine is then cooled in an or-
dinary refrigeration unit. On the secondary coolant (brine) side, modules
are connected in parallel, so that a total flow of cold brine, coming from
a refrigerating unit, is distributed amongst modules and later collected to
be returned to the refrigerating unit, Figure 3.3.
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Within the above restrictions, the program was meant to be as flexible as
can be, making it possible:

0]

to define any reasonable value of all the dimensions of the
pipe, module, or a silo as a whole. The arbitrary choice of the
number of pipes in a module, number of modules in a silo
and, finally, a number of silos (up to five in parallel) is al-
lowed;

allow for various building materials for the hardware and
various brines to be taken into account;

allow for any mode of operation and arbitrary heat load on
the water side of the process to be taken into account by tak-
ing water flow rate and its inlet temperature as input parame-
ters. Any timing (automatic or manual) of switching on and
off of the refrigeration unit is possible;

to use a flexible description of the refrigeration unit, to allow
vatrious types of compressors, evaporators, condensets and
the regulation of the unit to be taken into account;

to assume that each module can be switched off separately

when the ice thickness within it reaches some prescribed limit.
The limit takes into account the average ice thickness along
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the tubes as well as the maximum one (at the brine entrance
region of the tubes).

3.3 Application description

The computer application is divided in two parts, the preprocessing part
where all necessary input variables are defined and the calculation proce-
dure where actual computation is taking place.

Mathematical models are integrated in form of a stand-alone program
with a standard visual interface. Input of data is enabled through drop-
down menus, while the results are presented via figures, diagrams and
data files (ASCII). All programming was done in Fortran 95 language
standard.

The preprocessing part includes definition of the ice bank system design
(module/silo geometry, secondary coolant loop and refrigeration unit),
system management and time schedule of a heat load. To be able to in-
put access and change parameters with ease windows based application
with graphical interface was built. The main application window is com-
posed of five menu groups, named “Design and Dimensions”, “Silo
Management”, ‘“Refrigeration Unit”, “Results” and “Calculation”. Each
of these menus contains several sublevels. The layout and brief descrip-
tion of drop down menus is as follows:

1. Design and Dimensions

O  DPipeline Network; dimensions of supply and return pipelines as
well as number of fittings and bends between refrigeration
unit and silos.

O  Silo Design; number of connected silos in parallel, number of
modules per silo, water agitator characteristics, dimensions of
brine distribution connections within silo.

O  Module Geometry; module design parameters; tube arrangement,
tube bundle characteristics (tube dimensions, tubes length,
transverse and longitudinal distance between adjacent tubes,
number of tubes in bundle etc), main module dimensions,
brine distribution method.

O  Materials; predefined tube materials and their related thermo-

physical properties (conductivity) and surface condition
(roughness),
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2. Silo Management

(0]

Initial State; state of the system variables at the beginning of
the calculation process, such as initial brine and water tem-
peratures at different locations in the system, initial ice thick-
ness, water level in a silo, refrigeration unit intermittence,

Heat I oad Histogram; time schedule of warm water heat load,

Refrigeration Unit Intermittence; operational time schedule of the
refrigeration unit,

Silo System Control; maximum ice thickness, manual or auto-
matic module regulation; it displays time passed since the be-
ginning of the calculation process; it enables any module to be
shut off or turned on manually or automatically,

Brine Pump Characteristics; pump characteristics and regulation
(pressure head-mass flow rate, i.e. pump curve),

3. Refrigeration Unit

0]

(0]

Refrigeration Unit Design; components of refrigeration unit and
related features, compressor, evaporator, condenser, expan-
sion control device, working fluid,

Secondary Fluid, choice of predefined secondary fluid (brine),

Refrigeration Unit Regulation; refrigeration unit performance
regulation; by defining either lowest temperature of brine at
evaporator outlet or/and brine temperature drop on evapora-
tor, or by setting temperatures at inlet and outlet of silos as
constant, which in turn determines brine mass flow rate, i.e.
brine pump must be selected in such a way to be able to de-
liver the required flow rate.

Evalnation/ Estimation of Input Parameters

4. Results and Print Out Options

0]

(0]

Project Name, enter or change the name of the project,
Print Onut Management, choice between various types of output

formats, options to print out calculated results for each com-
P p
ponent, to set printout time interval, e.g. print out of water
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and ice results, refrigeration unit performance and brine cir-
cuit variables in short or long format.

O  Write All Input Parameters, saves all parameters defined on in-
put in a file for later use,

O Load All Input Parameters, loads all parameters necessary to
start calculation procedure from a previously saved file,

O  Print Out Input Parameters, prints out ice bank design parame-
ters in formatted output with descriptions for engineers use,

5. Calculation
O  Run, starts the calculation procedure,
O  Pause, pause the calculation procedure,
0 Stp, terminates the calculation procedure,

O  Continue, continues the previously paused calculation proce-
dure.

3.4 Modelling approach

The mathematical model of the ice bank system was developed by means
of energy and mass balance relations for each component of the system
and it is basically divided into two parts, the model of an ice storage sys-
tem and the model of the refrigeration unit.

3.4.1 Ice storage mathematical formulation

During the operation of an ice bank, a very non-uniform distribution of
temperatures of both water to be cooled and the cooling brine within the
ice storage part of device takes place. Also the thickness of the ice varies
from one tube to another and along each tube from the brine entrance to
its exit. Such a process must be described by a set of differential equa-
tions.

Therefore, the whole volume is divided into smaller control volumes
containing a section of the tube (of the area AA<) and the accompanying

brine flow inside the tube (71, ) and water flow around the segment of

the tube (71 ). The original differential equations are written below in

the form of finite difference equations.
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The governing equations that describe the operation of the ice bank sys-
tem are written separately for the two cases:

O if there is no ice around the tube section, it acts as an ordinary
recuperative heat exchanger with known (predictable) convec-
tive heat transfer coefficients on the brine and water side and
the known thermal conductivity of the tube wall; the heat
flow exchanged between water and brine rises the brine tem-
perature and lowers the water temperature;

O if there is a layer of ice around the tube, the temperature of
the ice layer outer surface (in contact with water) is known
and fixed at 0 °C. This interface sutface receives the heat flow
by convection from warm water around it and gives away the
heat flow through the ice layer and tube wall to the cold brine
inside the tube; If more heat flow is received from water than
given away, ice on the outer surface is melted, otherwise the
water particles in contact with outer surface are frozen and ice
is accumulated. In any case, water is cooled by the released
heat flow and brine is heated by the received heat flow;

3.4.1.1 First case — no ice around the tubes
A mass balance of water (for each control volume, water outlet mass
flow rate equals water inlet mass flow rate):

my . = H 3.1.

w,out w,in
An energy balance of water; for each calculation time step and for every
segment in a silo, the change in water temperature is calculated by the re-
lation:

€ e AY, =k, A4y (3, - 8,) 3.2

where & and G are the (average) values of water and brine temperature
within the particular control volume, and

1 7 v r 1
k, na . n @,
and
AAT =2 r, mw ALY 3.4
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are the overall heat transfer resistance (reduced to the tube outer surface)
and an area of the segment of the tube outer surface contained within
the control volume, respectively.

In the same manner, the temperature change of the secondary fluid
(brine) is given by

ity Ay =k, A5 (9, - 9,) 3.5,

These are the finite difference equations governing the operation of an
ordinary recuperative heat exchanger of somewhat peculiar flow ar-
rangement (here similar to a cross flow type), but they do not represent
the typical operation mode of an ice bank system, because there is no ice
layer around the tubes!

3.4.1.2 Second case — a layer of ice around the tubes
(Emblik, 1951)

A mass balance of water (for each control volume, water outlet mass

flow rate equals water inlet mass flow rate minus the time-increase of the

mass of ice around the tube in the particular control volume):

cv
Am;

~ . CV . CV
Ar S My, — My oy 3.6.

When water just in the vicinity of outer tube surface reaches the solidifi-
cation point, it starts to deposit ice on tube bundles. Now, the heat is
transferred from bulk water to water/ice interface at temperature of 0
°C, Figure 3.4.

Again the energy relations for water and brine are set, this time at the
watet-ice interface

¢, s AS, =0, A4 (3, —0) 3.7
s A9, =k, A7 (0-9,) 3.8

where heat transfer resistance 1/4; consists of one convection term on
the fluid side, and two heat conduction terms, of the tube wall and the
ice layer:

1 7 7 7 7. 7
—=—"+-1In| = |+LIn| 3.9.
k, nea n 7,

1 t
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Figure 3.4 The control volume associated with the tube segment

The surface area of ice is calculated by
AY =21 ALY 3.10.

The mass rate of ice formation/melting around a tube segment is given
by the relation

Am;” _ ki A" (0 -5 )_ a; A7 (‘gw - 0)
At ¢, 8, +Ah —05¢, 9,

3.11.

Equation 3.11 is derived from an energy balance at ice-water interface.
The first term in the numerator at the right hand side of the equation
presents heat transferred from an ice-water interface to bulk brine while
the second term presents heat transferred from bulk water to ice-water
interface.

The denominator on the right-hand side of Equation 3.11 represents the
release of heat at the ice surface during water solidification. It consists of
the sensible part of water cooling from bulk to ice interface temperature

(€ ,,), the latent heat of freezing (Ahy) and the sensible term which
accounts for cooling of ice below freezing temperature. The last term
(=05¢ i &) assumes that ice layer will cool to temperature halfway be-

tween 0 °C and of the brine temperature. As it can be seen it is just an
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approximation of the energy needed to subcool the ice layer. It is based
on the assumption that the mean ice temperature is approximately the
arithmetic mean between 0 °C and the brine temperature, and that ap-
proximately half the ice mass is below the mean temperature and the
other half is above it. It is adopted primarily in order to avoid calculation
of the non-steady-state temperature field in the ice layer of a particular
element and finally to save computational time. The error induced by
adopting such an approximation where cooling of all the ice mass to the
same mean temperature, or cooling every ice particle to its real tempera-
ture is considered small at least in comparison to the latent heat of freez-

ing.

By assuming cylindrical shape of ice, the radius of the ice formed around
tube is given by

0.5
.= m;” it 3.12
i oV 2 Az,
7 p, AL

The radial growth rate of ice formation is expressed by

& - ki A (0 -4 )_ a; A7 (‘9w - 0)

1

= 3.13.
At~ 2rmp AL (c,, 8, +4hy —0.5¢, 8,)

The transition criterion between modes of calculation for pure water
cooling and solidification is for the relation on the right hand side of eq.
3.13 in the numerator to be positive

k 40— 8 )-a, 4,9, -0)>0 3.14
and ice thickness in previous calculation step to be equal to 0

0 =0 3.15

with k; and 4, setequalto k, and 4, .

The convective water side heat transfer coefficients are calculated ac-
cording to the proposed correlation for tube bundles by Zhukauskas (In-
cropera et al., 2006) while brine heat transfer coefficient inside tubes are
calculated in dependence on flow regime for helically wound tubes
(InZenjerski prirucnik, 1996).
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The brine mass flow rate inside the tube (71, ) passing through a par-

ticular control volume is obtained by the distribution of the total brine
mass flow rate over all the tubes according to the pressure drop within

cach tube. Brine total mass flow rate m, depends on the circulation

pump characteristics with associated control and flow resistance of the
brine circuit. It is determined by using iterative loop procedure in which
the pressure drop of components in the coolant circuit is calculated and
then brought to balance with the available head pressure. To find the
temperature of the brine at the inlet of ice bank silo, a coupling with the
refrigeration unit is necessary. Interaction between the brine circuit and
the refrigeration loop is closed on evaporatot/heat exchanger.

In the base module, recirculation cold water is mixed with incoming
warm water from the consumer. The resulting water temperature, just
before entering the first tube stack, is determined according to the first
law of thermodynamics for the two streams (mixing rule). On the other
hand, a heat load imposed on the ice silo by warm water inflow depends
on the consumer’s particular need. It is usually provided in form of chart
data diagram, which displays time dependence of either heat flow rate or
volume flow rate and water inlet temperatures.

Water mass flow rate around a tube segment 71, is obtained by distrib-

uting the total water flow rate 7, (it depends on the agitator perform-

ance) over all the control volumes along one whole spirally wound tube.
Temperature of the cold water at the exit from the last module is calcu-
lated as the average value over all control volumes along the last tube.

Within the program, equations from 3.1 to 3.15 (written for every con-
trol volume) along with procedures for determination of pressure drop
balance in coolant circuit, refrigeration unit performance, consumers
heat load and water temperatures in a base and top module are solved
for each calculation time step.

3.4.2 Refrigeration unit mathematical formulation
Modelling the refrigeration unit included building models of compressor,
condenser, and evaporator with flow control device.

All components were modelled according to the manufacturers’ data.
Various compressors, evaporators, condensers and refrigerants are con-
sidered as well as several types of control, i.e. compressor speed control,
on/off and temperatute control.
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The compressor behaviour was modelled through a set of algebraic func-
tions, obtained by curve fitting method from manufacturers data, de-
scribing compressor mass flow rate, effective power and cooling oil heat
load in dependence on evaporation and condensation temperature, com-
pressor speed, refrigerant type and way of compressor cool-
ing/lubricating with oil (thermosiphon, injection or water cooling type).

Higy = titgr (&, ,n, RT,OCT) 3.16
Py = Prop (9..9..n,RT,OCT) 3.17
o, =d,(9,,%,n,RT,0CT) 3.18

The refrigerant thermophysical properties were obtained from standard
reference database REFPROP v6.0 (1998) which subroutines were com-
piled and linked with the main program.

The condenser and evaporator were modelled by energy and mass bal-
ances around them. The overall heat transfer coefficient and heat ex-
changer area were obtained from manufacturers data for plate type heat
exchangers.

In addition, correlations for single phase pressure drop on the secondary
loop side were obtained by curve fitting method again from manufactur-
ers’ data. With respect to the heat exchanger model, type of plates and
flow regime, dependence between Fanning friction factor and Reynolds
number is found for each evaporator and expressed as

¢, = aRe’ 3.19

3.4.3 Computational procedure layont
A simplified program flow diagram of calculation procedure (without
preprocessing) is shown in Figure 3.5.

The program begins with initialization, under which all system variables
are set to their predefined initial values. The calculation is continued by
increasing computational time for a given interval and by calculating the
time dependant input variables; for a given time it checks if the refrigera-
tion unit is operational and calculates the mass flow rate and temperature
of warm water at silos inlet. It proceeds with evaluation of silos perform-
ance. In the first part of the procedure, the brine circuit is hydraulically
balanced. Calculation is carried out in an iterative loop until coolant cir-
cuit pressure drop is in balance with available pump head pressure. Un-
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der this loop the program performs calculations of all relevant variables
in the silo, but does not change the ice thickness from the previous step.
Once the brine flow is hydraulically balanced, the whole step is repeated,
now taking into account the change of the ice layer thickness.

v

| INCREASE OF TIME STEP |
* !

‘ APPLICATION INITIALIZATION ‘ | OPERATION CHECK |
T 1

‘ HISTOGRAM LOAD
CALCULATION PROCEDURE INPUT VARIABLES
] without

C
¥ ice building

m THERMAL BEHAVIOUR OF MODULES/ " eI R e
SILO I

CALCULATICN OF
] BRINE TEMPERATURE

)
PERFORMANCE OF REFRIGERATION CALCULATION OF
WATER TEMPERATURE

¥
HYDRAULIC BALANCE OF
MODULES/SILO
)
CALCULATICON OF
BRINE CIRCUIT PRESSURE DROP
¥

WATER MIXING, FIRST MODULE
CALCULATION OF WATER
TEMPERATURE AND MASS FLOW
RATES

Calculation with

¥ Yes 1 ice building
HEAT TRANSFER COEFFICIENTS EVALUATION OF SILO PERFORMANCE
FOR BRINE AND WATER FLOW [ FIEAT AND MASS TRANSFER 4'{
¥
Repeat for all modules in silo CALCULATION OF
TEMPERATURE AND MASS FLOW BRINE TEMPERATURE
ASSOCIATION 1

CALCULATION OF
WATER MIXING, LAST MODULE WATER TEMPERATURE
RESULTS |_. CALCULATION AND PRINT OF WATER | {| ¥
DISPLAY ROUTINES TEMPERATURE AND MASS FLOW ‘
RATES

ICE TICKNESS CONTROL }

L]

Figure 3.5 Flow diagram of calculation procedure

After new ice thickness is calculated for each tube segment, program
control is directed to evaluation of refrigeration unit necessary perform-
ance. Upon calculation of the evaporation and condensation tempera-
ture, compressor refrigeration capacity and power, as well as the brine
temperature drop in evaporator, program control is returned to the be-
ginning of the main program loop where calculation procedure is re-
peated for the next time step.

3.5 Results

To demonstrate the importance and necessity for development of a
simulation program for prediction of an ice bank system operation a case
study was performed. On the basis of a specific user supplied data for a
design day, acquired as an actual case, the task was to offer an ice bank
system which would meet (satisfy) requirements set by a user. The em-
phasis was on the determination of adequate ice silo size (number of
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modules), arrangement and operating conditions. As an input parameter
the existing module design and its related geometry was used. The ice
bank design procedure started by implementation of standard engineer-
ing methods while the verification of the first step solution and the sub-
sequent optimization was done with the developed software.

User supplied data are specified through the storage system load, supply
water temperature to the load and return water temperature from load
according to ARI Guideline T (2002). In addition to the high peak cool-
ing load during on-peak period to be covered, the user demands that wa-
ter temperature leaving the ice bank is always lower than 0.5 °C. Tem-
perature of return water to ice bank is set to constant value of 8.0 °C.

First step in design process of a cool storage system is to make decision
on operating and control strategies. This choice highly depends on the
shape of the system load curve. Out of the load schedule curve displayed
in Figure 3.6, one can observe a cooling peak load of 1933 kW at 10 a.m.
which is several times higher than the average load of roughly 500 kW.
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Figure 3.6 User specified data for a design day and initial storage system
sizing results

Due to the high ratio of peak to average load the choice for operating
and control strategy falls on partial storage (load levelling system) and
daily charging cycles. Such arrangement of a cool thermal storage system
should yield minimal required refrigeration and storage capacity (Dorgan
and Elleson, 1994).

The total cooling load required by a user is 12037 kWh with water tem-
perature available from the storage less or equal to 0.5 °C. Estimates of a
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chiller size and storage capacity are calculated based on the total system
load, number of hours in charging and discharging mode and chiller per-
formance. Results are presented in Figure 3.6.

It is assumed that the refrigeration unit is running at full capacity of 540
kW for the entire day. When the load is less than the chiller output, from
0 a.m. to 9 a.m. and from 5 p.m. to 12 p.m. of a design day, excess cool-
ing is stored. When the load exceeds the chiller capacity (period from 9
a.m. to 5 p.m.) the additional cooling load is discharged from storage.

As it can be seen from the net storage curve (Figure 3.6), 5631 kWh is
stored into the ice bank silo and 4708 kWh is discharged from it during
the day, while 923 kWh remains in storage at 5 p.m. According to the
manufacturers data the total nominal capacity of one module with ice
thickness of 30 mm is 940 kWh. Hence, to cover the daily system load
one silo with six modules stacked one on top of the other seems to be
sufficient.

To calculate and display charging and discharging characteristics of the
ice storage, the computer program developed for this purpose was used.
In total, fourteen cases were considered. The parameters that were held
constant during the calculation are summarized in Table 3.1. The operat-
ing conditions of the ice bank system being examined is given in Table
3.2.

In the first five cases only the number of modules for one-silo storage
system was varied. The lowest brine temperature at evaporator outlet
was set to -6 °C and held constant during the calculation, as well as the
brine temperature drop of 3 °C. For the cases six to nine, the brine tem-
perature drop through the evaporator was lowered to 2 °C.

Table 3.1 Design parameters

Menu group Submenu Parameter Value
. Pipeline network
nggn fmd Silo design water agitator characteristics 1500 m3/h
Dimensions
Module geometry
Materials thermo-physical properties PPE
brine temperature -6 °C
Initial state water temperature 0°C
ice thickness 30 mm

Silo Management

Heat load schedule

as indicated in Figure 3.6

Refrigeration unit operation time schedule 0to24h
maximum ice thickness 30 mm
Silo system control ice thickness hysteresis 0.5 mm

module regulation

automatic

Brine pump characteristics

regulation

frequency controlled

Refrigeration Unit

Refrigeration unit regulation

target refrigeration capacity

540 kW
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Table 3.2 Operating conditions for case 1-14

Variable

Minimal brine

Brine temperature

No. of silosin ~ Number of  Available system temperature at drop on
parallel modules  pressure drop [bar] evaporator outlet evaporator
[°C] [°C]
Case Value
no.
1 1 6 2.25 -6 3
2 1 7 2.25 -6 3
3 1 8 2.25 -6 3
4 1 9 2.25 -6 3
5 1 10 2.25 -6 3
6 1 6 5.0 -6 2
7 1 7 5.0 -6 2
8 1 8 5.0 -6 2
9 1 9 5.0 -6 2
10 2 4 2.15 -6 3
11 1 7 2.25 -9 3
12 1 8 2.25 -9 3
13 1 7 9.0 -6 1.5
14 1 8 9.0 -6 1.5

While in case ten, two parallel four-module silo system was examined, in
cases eleven and twelve again the number of modules for one-silo system
was varied but with minimum brine temperature on evaporator outlet as
-9 °C. In the last two cases, a one-silo arrangement with seven and eight
modules and the brine temperature drop of only 1.5 °C was considered.
In all cases the maximum refrigeration unit capacity was targeted to be

540 kW.

Calculation was conducted with a time increment of 1 minute up to five
days depending on case. Summary of results is presented in Table 3.3.

Table 3.3 Simulation results

Max.

Max. Fluid Max. Fluid

Ref. Storage Storage Min. Net Max. Net Max. Brine Brine

CaseroDayof  Equipment Charging Discharging Storage  Storage  svawr  Temp. - TeWP - Tpimping pumping

. . pply ntering eaving

Simulation Load Inventory  Inventory Temp. to Storage Storage Load Power
[kwh] [kKwh] [kKwh] [kWh] town O ra ra [kw] [KwWh]
1 3 10820,7 4281,5 4249,5 0,0 4200,0 4,0 -0,3 2,7 10,6 2392
2 3 11432,7 4790,9 47734 0,0 4710,0 3,1 -1,0 2,0 10,7 2448
3 4 11541,0 48242 4928,6 4,0 4883,0 13 24 0,6 10,7 2458
4 3 10866,7 4249,6 4926,8 2,0 4882,0 1,6 -2,0 1,0 10,6 237,0
5 3 10447,1 3899.5 5170.4 266,0 5396,0 0.8 -2,7 0.3 10,4 230,2
6 3 110488 4458,0 44383 0,0 43790 3,6 -0,1 1,9 354 798.9
7 3 11717,0 4935,0 49244 0,0 4887,0 1,5 -1.8 0,2 35,6 8232
8 3 11850,6 4989.3 5002,5 147,0 5120,0 0,6 2,5 -0,5 358 8307
9 3 11068,2 43712 51224 163,0 5257,0 0,7 2,1 -0,1 36,0 805,7
10 4 11784.8 4938,6 50228 128,0 5126,0 0,5 -3,5 -0,5 104 241,1
11 3 11469.4 4728,6 47373 0,0 4650,0 2,6 -1.4 1,6 10,7 2372
12 4 11559,9 47840 4904,1 10,0 4832,0 1,2 -2,5 0,5 10,7 237,5
13 4 11728,5 4894,7 5002,1 28,0 4996,0 0,7 -2.3 -0,8 86,5 1992,3
14 5 11727,7 4879,6 5049.4 181,0 5198.0 0.5 -2.3 -0,8 87,0 19958
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3.6 Discussion

In the first case, the dynamic behaviour of a one six module silo was ex-
amined, since this came as a result of an initial calculation procedure. Re-
sults are showed in Figure 3.7 for the third day of simulation.
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Figure 3.7 Dynamic behaviour of one silo with six modules, case 1, day 3

Figure 3.7 shows that the available cooling capacity of one silo with six
modules is not sufficient, i.e. the system is not capable to store enough
energy to compensate for the system load during one day. 12037 kWh in
total is required and only 10820.7 kWh is provided by the refrigeration
unit. During the day 4281.5 kWh of energy is stored and 4249.5 kWh is
discharged from the silo. Lack of capacity reflects on temperature of wa-
ter leaving the silo, which exceeds the imposed limit of 0.5 °C and rises
up to 4 °C at 2 p.m. At 1.30 p.m. one can notice that thete is no ice pre-
sent in the silo, see Figure 3.8. At that time silo is used purely as a recu-
perative heat exchanger.

In the next case, case 2, one module is added to the silo and studied as in
the previous example. Even though the total nominal capacity of the silo
(with 30 mm of ice thickness) is now increased to 6580 kWh, with this
new arrangement the situation is not proportionally changed for better.
Still the silo capacity is insufficient and temperature of water leaving silo
is too high (3.1 °C on “day 3”).

With eight modules in the silo, case 3, the system behaviour is slightly

improved. Figure 3.9 shows “day 3” scenario where total silo capacity is
high enough and on a critical hour some ice still exists on tube coils. Yet
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the supply water to the load reaches the highest temperature of almost
0.8 °C for day three what is higher than required.
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Figure 3.8 Accumulated ice capacity in the ice bank system

Having continued calculation on “day 4” an interesting feature might be
observed. The maximum stored capacity that day is less (4883 kWh) than
for the day before (5061 kWh) and water temperature has increased con-
siderably (from ~0.8 °C on “day 3” to 1.3 °C on “day 4”). The reason
for this occurrence is that the ice remaining at the end of the discharging
cycle is not evenly distributed on coils through the silo. The remaining
ice is primarily located in the last (top) module, most of it at the brine
entrance end of the tube. Due to the fact that the brine temperature is
lowest at the tube entry, ice is thicker at that location than at the brine
exit tube end. Therefore, when charging cycle begins again (at 5.00 p.m.
chiller cooling capacity exceeds the load), the maximum ice thickness in
the last, uppermost module is now easily reached. Consequently, auto-
matic regulation due to safety reasons switches off this module leaving it
without full capacity.

In the following cases, 4 and 5, extra modules were added. While the ca-
pacity and temperature fluctuations for the case 4 between simulation
days were more emphasized (maximum temperature reached on a “day
5” in hour 3 p.m. was 1.8 °C and 0.5 °C on “day 4” in hour 3 p.m.) than
in the previous example, case 5 with ten modules showed more stable
operation with respect to temperature and capacity, yet with highly non-
symmetric behaviour between first and last module. The highest tem-
perature of 0.8 °C for case 5 occutred on day three.
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Figure 3.9 Dynamic behaviour of one eight module silo, case 3, day 3

Since all examined cases up to now provided unsatisfying results, a dif-
ferent approach had to be taken. The reason why adding extra modules
in the first five cases provided no result is twofold: too high brine tem-
perature rise through the silo in conjunction with the lack of symmetry
when observing the behaviour of first to last module. A brine tempera-
ture tise of 3 °C results in the conical ice shape along the tube and the
loss in capacity in relation to nominal. Thus, the next four cases, from 6
to 9, were performed with brine temperature rise of 2 °C again with a
target refrigeration capacity of 540 kW.

In case 6 and case 7, again the silo capacity was insufficient and the water
temperature was too high. The situation was improved for case 8, where
the highest outlet water temperature reached 0.6 °C. In this case the sys-
tem showed stable operation for simulation days three to five with
minimum deviation in operating variables.

Case 9, as in previous cases 4 and 5, showed high instability and asym-
metry without gaining in desired result.

To solve the silo operation instability, a case with two parallel four mod-
ule silos was considered as case 10. Brine temperature rise across the silo
was set to 3 °C with the lowest possible temperature of -6 °C. The
maximum chiller capacity target was 540 kW. As showed in Figure 3.10
the desired results were reached, the capacity was sufficient and the wa-
ter temperature was below prescribed limit of 0.5 °C for all five simula-
tion days.
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Figure 3.10 Dynamic behaviour of two parallel four module silos, case
10, day 3

For cases 11 and 12, a single silo with seven and eight modules and low-
est possible brine temperature of -9 °C was envisaged. In both cases tat-
get result was not reached.

In the last two examples, case 13 and 14, to override the problem of
nonuniform ice thickness, temperature rise across silo was reduced to 1.5
°C. Both cases showed adequate silo capacity and stability in operation.
Yet for case 13 on the fourth day of simulation maximum water tem-
perature was found to be 0.7 °C. In case 14, the capacity, the system sta-
bility as well as the water temperature at storage outlet were found to be
satisfactory. Figure 3.11 shows system performance for case 14 on day
four.

While a lower brine temperature rise across the silo improved the storage
charge and discharge characteristics, higher operating capacity and better
overall system behaviour, it heavily reflected on the required pumping
power. In case 10, for two parallel four-module silo system, maximum
brine pumping power was only 10.4 kW with 241 kWh of energy con-
sumed during day, while in the latest case 14, for one eight-module silo,
maximum pumping load was increased to 87 kW with nearly ten times
more energy consumed, 1996 kWh.
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Figure 3.11 Dynamic behaviour of one eight module silos, case 14, day 4

3.7 Conclusion

Due to the high process complexity and nonuniformity throughout the
ice bank system (situation can drastically differ between pipe segments,
pipes and modules in a same silo) it is impossible to find rather simple,
fast, yet sufficiently accurate method to describe the performance of
such systems over time. A complex computer model is thus needed.

Simulation results clearly show that in order to propose adequate ice
bank system design, no simple engineering methods or rule-of-thumb
principles could be utilised. As indicated, results of an initial sizing pro-
cedure are far from the “real” behaviour of an ice bank system. While a
quick storage size estimate suggested use of one six-module silo as suffi-
cient, simulation results showed that only two ice bank system arrange-
ments offer satisfactory operation behaviour, i.e. the case 10, two parallel
four module silos and the case 14, single eight module silo with tempera-
ture rise across silo of 1.5 °C.
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4 Static CTES system — ice
bank — verification

In order to verify the mathematical model of an ice bank system devel-
oped for the purpose of predicting the system performance, experimen-
tal measurements on the ice bank thermal storage system were per-
formed. Static, indirect, cool thermal storage system, with an external ice-
on-coil building/melting was considered. The tested system was installed
as a part of a production line in the dairy “Antun Bohnec” in the city of
Ludbreg, Croatia. Cooling energy stored in a form of ice during night is
used for rapid cooling of milk after the process of pasteurization during
day time.

The ice bank system was tested under real operating conditions to de-
termine parameters such as time varying heat load imposed by a con-
sumer, refrigeration unit load, storage capacity, supply water temperature
to the load and to find storage charging and discharging characteristics,
i.e. ice building and melting rate. Experimentally obtained results were
then compared to the computed ones. It was found that calculated and
experimentally obtained results are in a good agreement as long as there
is ice present in the silo.

4.1 Introduction

In the past several attempts were made to build and test dynamic
mathematical models of an ice bank system. The most referenced static
thermal storage systems which can be found in an open literature are
those classified as direct, external ice-on-coil (Finer et al., 1993; Lopez
and Lacatra, 1999; Lee and Jones, 1996) or internal ice-on-coil ice bank
system (Chaichana et al., 2001). Finer et al. (1993) and Lopez and Lacarra
(1999) developed simple mathematical models of a direct, ice-on-coil ice
bank systems. Finer et al. (1993) came to the conclusion that for cases
when heat release by the user changes relatively slowly with time, heat
transfer can be considered as the process limiting factor. This assump-
tion allowed them to neglect hydrodynamic aspects of a refrigeration unit
performance and to build the ice bank model solely by enetrgy balance re-
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lations. This was proven experimentally as correct except for period im-
mediately after start-up. Likewise, Lee and Jones (1996a) developed ana-
Iytical models for an indirect, ice-on-coil thermal energy storage system
for both charging and discharging modes. As such, the models were
simplified to a large extent. Nevertheless, error analysis indicated that the
model predictions were within 5 and 12 % of the experimental values.
Moreover, they (Lee and Jones, 1996b) conducted laboratory testing’s of
a direct, ice-on-coil thermal energy storage system for air-conditioning
applications and offered a basis for performance rating procedures for
the residential and light commercial CTES systems.

For all of these publications one feature is common, all of the models
were built for specific case with limited flexibility in definition of design
parameters and operating conditions. In order to allow the definition of
numerous design parameters and operating conditions and still provide
results with sufficient accuracy, a more complex computer model of a
static, indirect, cool thermal storage system with external ice-on-coil
building/melting was developed (Halasz et al. 2009).

In the first part of this study the performance testing of an indirect ice-
on-coil ice bank system is outlined, while in the second part a validation
of the developed mathematical model is discussed.

4.2 Experimental details

4.2.1 Experimental apparatus and instrumentation
Ice bank system under consideration, designed and manufactured by
company Frigoterm, was installed in a dairy “Antun Bohnec” in the city
of Ludbreg, Republic of Croatia, as a part of a production line. It is a
static, indirect cool thermal storage with external ice-on-coil build-
ing/melting, where ice is built around the tubes by the brine solution
which is cooled by the refrigeration unit circulating through the tubes.
Ice bank system consists of the refrigeration unit cycle, storage unit, i.e.
ice silo and consumer cycle, Figure 4.1.

Storage unit is a vertical cylindrical silo built as a stack of two equal
modules. The outer part of the silo (of annular cross-section) is used for
the ice build-up or melting during upwards flow of water, the central part
is used for the downward recirculation of water by means of the propel-
ler (agitator). The agitator (nominal capacity 300 m3/h) was in operation
only in a discharge mode while during the charging time it was idle.

Within each module, in an outer annular part, pipes for the flow of brine
are spirally wound in a horizontal plane. Each pipe has its own plane.
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The two vertically adjacent spirals form a staggered arrangement for the
upwards flow of water. Submerged pipe coils containing a flow of sec-
ondary fluid are used to build ice on their outer surface. Pipes are made
of polypropylene.
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Figure 4.1 Ice bank system

On the secondary coolant side, modules are connected in parallel, so that
a total flow of cold brine coming from the refrigerating unit is distrib-
uted amongst modules and later collected to be returned to the refriger-
ating unit. Secondary fluid (brine), 30 % mixture of ethylene glycol and
water was used.

In the consumers loop, chilled water is circulated from the ice silo to a
plate heat exchanger in production line to provide milk cooling. Heated
return water from the consumer is returned to the base module of the
silo to be mixed with chilled silo recirculation water.

Process variables, i.e. temperatures, flow rates and pressures are meas-
ured at several locations in the system, as indicated in Figure 4.1. In the
secondary fluid loop, two temperatures and one flow rate have been
measured, L.e. brine temperatures at the silo inlet and outlet and the total
brine flow rate through the silo. Four thermocouples were used for this
purpose. Two of them were bonded on an outer pipe wall (steel pipe
with dimensions O.D. 89.7 x 2.9 mm) just after the mass flow meter and
before brine distribution joint to all modules. The other two thermocou-
ples were placed in the same manner as previous ones at distance of 20
outer pipe diameters after brine collector joint of the modules. The pipe
section with attached thermocouples was heavily insulated outside to
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prevent the influence of the environment and to make sure that the
measured temperature was close enough to the temperature of the fluid
flowing through the pipe. Measurement of the brine flow rate was car-
ried out with the vortex type flow meter. It was installed in the brine dis-
tribution line at the safe distance from the brine pump and bends.

In the chilled water cycle (consumer loop), two temperatures and one
flow rate have been measured, chilled water temperature at the silo outlet
and warm return water temperature at silo inlet as well as total chilled
water flow rate. Again four thermocouples were used, two for measure-
ment of chilled water temperature at silo outlet and two for the warm re-
turn water from the consumer. Thermocouples were placed on the tube
wall (stainless steel pipe O.D. 51 mm with wall thickness of 1.5 mm) and
have been heavily insulated. Chilled water flow rate was measured by a
clamp-on ultrasonic type flow meter.

Since the ice silo was physically closed, detailed ice thickness measure-
ments inside the silo could not be conducted even though some visual
inspection was possible through the hatch on the top of the silo and
through the two inspection glasses mounted on the side of each module.

Inside the ice silo, three water temperatures were recorded during testing
as indicated in Figure 4.1.

Ice level inside silo was measured by monitoring the change of a water
level. In order to make level monitoring more sensitive, beside the ice
silo a compensation tank with a pump and flexible pipes was added. Any
increase of water level inside ice silo would cause overflowing of surplus
water to the compensation tank. In this way, water level inside ice silo
was kept artificially constant at all times, on maximum, and any differ-
ence in water level change caused by the ice building or melting inside
the silo would return as a water level difference in the compensation
tank. Water level inside the compensation tank was measured by sensi-
tive differential pressure transducer with range from 0 to 350 mbar.

To minimize the influence of the ambient, outer surface of the ice silo
was covered with 100 mm thick polystyrene insulation. The heat gain
through the ice silo walls was estimated to be around 250 W (heat flux of
40 W/m?) at the ambient temperature of 20 °C. The compensation tank
was insulated as well, but the tubes connecting the ice silo and compen-
sation tank were not. The heat gained through the compensation tank
loop was found to be approximately 1.5 kW during day time (discharging
mode), while during night (charging mode) it was less than 1 kW.
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The data acquisition system used consisted of personal computer and a
Data acquisition/Switch unit Agilent 34970 A. All the data were scanned
and recorded at 5 second intervals.

Table 4.1 List of measuring instrumentation

Instrument Type Calibrated Range Accuracy
Differential pressure transducer Omega, PX750 0 — 350 mbar +0.1%
Temperature sensors Pt100, Hart engineering 5°C-+5°C +0.015°C

K-type thermocouples -15°C-+5°C +0.1°C
Vortex flow meter Yokogava, DY80 0—100 m3/h +0.75 %
Ultrasonic flow meter Sitrans FUE clamp on 0-50 m3/h +1%
Data acquisition unit Agilent 34970 A - -

Calibration of measuring instruments and uncertainty analysis is outlined

in Appendix A and Appendix B of this thesis.

4.2.2 Experimental procedure

To determine ice bank charging and discharging characteristics series of
16 tests has been conducted. The system was tested under real operating
conditions in both chatging and discharging modes.

Operation of the considered system can be characterized as a full storage
(load shifting operation mode (Dorgan and Elleson, 1994)). Charging of
the ice silo was carried during the night time (from 9 p.m. to 7 a.m.), lim-
ited by a period of cheap electricity and was finished either manually or
automatically at any time by the ice thickness sensors. Cool energy stored
in the silo is then used during day time. Chilled water consumption usu-
ally starts at 7.30 a.m. and ends at 3 p.m.

Ice bank system performance was continuously measured for the period
of one week. Discharging and charging test were taken consecutively.
First experiment was carried out in a discharge mode. In this case the
test was started with unknown quantity of ice stored in the silo and was
continued until all ice was melted and the temperature of water in the
storage has reached approximately 4 °C. Second testing was continued in
a charging mode. Except of the first test all other discharge experiments
have been finished with some ice still remaining in the silo. Since the ice
bank system was operated in real conditions, and the real production
process depended on the supply of the chilled water from the storage, no
special discharging and charging scenarios were allowed.
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4.3 Results and Discussion

4.3.1 Charging process

First charging process (experiment no. 2) started at fully depleted tank
condition at 9.53 p.m. and lasted to 7.43 a.m. the next day. Figure 4.2
shows water temperature and ice mass build up inside the silo.

1,5 3000
—— Yw, PT100
-o- 9w, TC2 L 2500
g’ -4- 9w, TC3
14 35
—_— g —0—|ce mass g
o 2 S 42000
s E g g
_ Y— (]
Zo5] 2 c 5 | 15008
c Y gj IS o] ©
0] 2 @ < 1S
o g @ 0]
e C
§ B L 1000 ©
oy ¥
- 500
-0,5 + T T . T T 0

21 22 23 24 25 26 27 28 29 30 31 32
Time of Day [h]

Figure 4.2 Water temperature and ice mass in the silo

At the beginning of the process the temperature of the uppermost water
layer was between 1.3 and 1.5 °C. As the cold brine entered the tube
bundles the temperature of the water started to decrease. In the period
from the start to 11.30 p.m. water temperature followed a linear trend
indicating that only water was present inside the silo. At 11.10 p.m. water
reached freezing point but its temperature continued to decrease until
the 11.30 p.m. when it reached the lowest value of approximately -0.4
°C. At that moment freezing of water inside the tank commenced. With
instantaneous release of supercooling large size ice particles were formed
(around 5 mm). This was observed through the hatch at the top of the
silo. Creation of the ice crystals in the bulk water away from the tube
bundles is accompanied with a sudden water temperature rise after which
it was stabilized for the rest of the process at £0.1 °C. Occurrence of the
water supercooling and the forming of ice crystals is attributed to the
fact that there is no water agitation during the charging process. As seen
in Figure 4.2 in the moment when the water temperature reached mini-
mum and crystallisation was observed the building of ice is recorded as
well. The trend of the ice growth appears to be linear even though it
should be decreasing with time due to the decrease in cooling charge
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rate. The same trend can be observed for the rest of the charging tests as
shown in Figure 4.3.

4000

3500 -

3000 -

—O— Experiment no.
—<—-Experiment no.
--A-- Experiment no.
—X-- Experiment no.
—O- Experiment no. 10
—X— Experiment no. 12
--©-- Experiment no. 14
- #--Experiment no. 16

0 T T T = T T T ‘\
0 1 2 3 4 5 6 7 8 9 10 11
Charging time [h]

Ice mass [kg]

0o AN

Figure 4.3 Ice mass in the silo for all charging processes

As it may be seen the charging rate depends on the ice inventory in the
silo, i.e. the ice thickness around the tubes. Second and fourth experi-
ments show highest charging rates while for all the other cases charging
rates are lower. This is logical since for the second experiment the tubes
were bare without ice while for the fourth experiment ice was observed
only in the second module on the uppermost tubes. For all other cases a
charging mode started with a significant amount of ice already present in
the silo.

A plot of charging rate versus ice content is shown in Figure 4.4. Con-
tent of ice present in the silo is calculated as a ratio of the measured ice
mass over ice mass calculated for uniform ice thickness of 25 mm. As al-
ready anticipated the highest charging rates, around 37 kW, are observed
for the first two charging experiments, no. 2 and 4, while the rest of the
experiments show much lower charging rates of approximately 25 kW.
Only for few experiments with initially high mass of ice inside the silo,
no. 6, 12 and 14, charging rates are high but only up to some point in the
charging process.
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Figure 4.4 Charging rate versus ice content for all charging experiments

The reason for high charging rate at the first part of the cycle 12 is the
high performance of the refrigeration unit. In this case, due to unknown
reasons refrigeration unit was performing more efficiently than in rest of
the cases. Nevertheless, different phenomenon was observed in case of
cycles 6 and 14. It is believed that the reason for such behaviour lays in
the uneven distribution of ice inside the silo which is a result of the pre-
ceding discharging process. During discharging process the first, lower
module is the most affected one where depending on a discharging rate
and warm water temperature, the ice is melted rapidly. Another factor
which influences the variation of ice thickness regarding the position in-
side the silo is uneven distribution of the recirculation water across the
annular cross-section of the silo. Uneven distribution of the recirculation
water in the silo is the result of an ice thickness variation along the tubes.

Both charging rate levels are fairly constant over the period of ice build-
ing, i.e. they are not decreasing as it might have been expected. The rea-
son is only a slight decrease of the brine inlet temperature over the
charging process (around 0.5 °C) due to which the cooling capacity of
the refrigeration unit is not decreasing notably as well.

In the Figure 4.5, the product of overall heat transfer coefficient and
heat transfer area, calculated as a ratio of the charging rate and logarith-
mic mean temperature between brine and a water temperature inside silo,
is plotted versus ice content for all charging experiments. Generally the
more ice stored inside the silo the lower the &4 product. The significant
drop in &4 product can be observed with the ice content higher than
0.2. The deviations between results of the individual experiments are
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small. Only experiments 6 and 14 are showing approximately 20 %
higher £4 product in comparison to the other experiments.
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Figure 4.5 Product of overall heat transfer coefficient and heat transfer
area versus ice content

4.3.2 Modelling results, charging mode

Figure 4.6 and Figure 4.7 are showing the comparison of the experimen-
tal and calculated results for cycle 2.

Experiment no. 2
3500

3000 - —_—

Measured Ve

2500 - — — Calculated ~

2000 +

1500 -

Ice mass [kg]

1000 -

500 +

0 1 2 3 4 5 6 7 8 9 10 11
Time [h]

Figure 4.6 Experimental and calculated ice mass building versus charging
time, experiment no. 2
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It can be seen that calculated results deviate from the experimental ones.
According to the calculated results ice started to build just after the water
temperature reached the freezing point. According to the measurements
the ice building commenced approximately one and half hour later after
the water reached the freezing point.

If Figure 4.7 is obsetrved it can be seen that calculated outlet brine tem-
perature is always lower than the measured one. The reasons are at least
twofold. First, in the mathematical model thermal capacity of the tubes,
construction material and water inside the silo was not taken into ac-
count. Secondly, mathematical model does not support low, near zero
flow rates of the recirculation water.
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Figure 4.7 Experimental and calculated brine inlet/outlet temperatures
versus charging time, experiment no. 2

Much better results are obtained for cycle 4. As it is shown on Figure 4.8
the difference between calculated and experimental results of ice building
is negligible. Slight deviation is notable at the beginning of the ice build-
ing period and at the end of the process. Again, before the new ice layer
has started to build, a certain supercooling of the water is observed, even
though some ice was already present in the silo. Consequently a slower
ice growth rate is measured than calculated in the initial stage. The occur-
rence of the water supercooling might have been expected since most of
the tube coils were without ice.
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Figure 4.8 Experimental and calculated ice mass building versus charging
time, experiment no. 4

In Figure 4.9 plot of brine inlet and outlet temperatures versus charging
time is shown. The deviation between measured and calculated results is
notable only at the beginning and the end of the process. The fluctuation
of the brine temperatures in the last stage of the process is caused by the

periodical closing and opening of the brine solenoid valve at the second
module.

Experiment no. 4
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Figure 4.9 Expetimental and calculated brine inlet/outlet temperatures
versus charging time, experiment no. 4
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Solenoid valve is regulated by the ice thickness sensor which acts when
the measured ice thickness is greater than preset as maximum allowed
value. Since it wasn’t possible to close the imaginary solenoid valve of
the second module during the simulation procedure now lower brine
flow rate to the silo was equally distributed to the both modules resulting
in a lower average brine velocity and thereby higher brine temperature
rise through the silo which finally led to the higher ice growth rate than
actually measured. Since the temperature of the water inside the silo was
already at the freezing point the experimental results in this case were
predicted with a high accuracy. Even better conformity between calcu-
lated and experimental results is found for the rest of the charging ex-
periments, i.e. for cases 6, 8, 12, 14 and 16.

4.3.3 Discharging process

In following figures experimental results for cycle 3 are shown.
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Figure 4.10 Heat rates versus discharging time, experiment no. 3
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Figure 4.11 Water temperature at silo outlet, experiment no. 3
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As it may be observed, the discharge rate imposed on the ice silo is
highly dynamic with the maximum cooling load (150 kW) of more than
two times higher than the average load (65 kW). Discharging period of
the ice bank is separated in three stages. The discharging sequence is de-
pendant on the fresh milk departure and pasteurisation process. Tem-
perature of the water coming from the consumer varies from 4 to 13.5
°C depending on the cooling load requirements. In the period when the
cooling load is not needed chilled water pump is idle. Figure 4.10 shows
different heat rates and energy terms versus discharging time.

@, presents the heat rate input to the silo by the consumer:

@, =, (9n — o) 41.

D, g1s the sensible heat rate due to change in bulk water temperature:

D, ,=M,c 5, 4.2.

@D,,\ 1s the sensible heat rate due to change in mass of water in the tank:

M,
dt

4.3.

¢W,M = cpw (ng - Lgice)

Heat transfer rate from the water in the tank to the ice, @y jcc is described
by the relation:

¢w,ice = aA‘ice (‘9w - l91'(:6:) 4.4.

On the other hand @y .. can be calculated from the energy conservation
equation as:

D, =D, ,+D,\,+D 4.5.

w,ice

In the first discharging period basically all required cooling heat rate was
provided by melting of ice without significant temperature rise. In order
to cover the peak load neither the heat transfer coefficient water to ice
nor the area of the ice surface were sufficient to transfer the necessary
heat at the present water temperature level of approximately 0.3 °C.
Therefore at the period of the highest cooling load water temperature
has risen to 0.6 °C where it remained to the end of the first discharging
stage, see Figure 4.11.
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After the first discharging stage, and at the beginning of the standstill pe-
riod the temperature of water is still high enough for ice to melt which in
turn causes water temperature to decrease. This process would continue
until thermal equilibrium of the water and ice inside the tank is reached
or the other charging period commences. During the second discharging
period input heat rate was approximately at the same level as at the end
of the first stage, but now the water temperature increased to above 0.8
°C. The reason could be found in Figure 4.12 where the product of wa-
ter to ice heat transfer coefficient and ice interface area as well as ice per-
centage are plotted versus discharging time.
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Figure 4.12 a4 and ice content versus discharging time, experiment no 3

As seen in Figure 4.12 during the first period product of heat transfer
coefficient and ice interface area was at high level (more than 200
kW/K), after which it gradually decreased with time and ice quantity in-
side the silo. At the beginning of the second stage only 22 % of ice still
remained inside the silo. Due to the reduced ice-water interface area and
the heat transfer coefficient between water and ice as well (due to lower
flow velocity caused by increased water flow cross sectional area which is
caused by increase of spanwise clearance between ice layers) water had to
take over the part of a imposed heat rate which finally resulted with wa-
ter temperature rise.

The third stage is characterized with lower heat rate load (60 kW) for
which the product of ice-water interface area and the heat transfer coef-
ficient is high enough to provide water temperature of only 0.7 °C. Hav-
ing examined Figure 4.10 to Figure 4.12, the following conclusion could
be made; the greater the ice-water interface area and heat transfer coeffi-
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cient between water and ice, the higher the ice melting rate and lower the
final water temperature.

4.3.4 Modelling results, discharging mode

In order to asses the ability of the mathematical model to simulate the
processes inside the ice bank silo during discharging, computer program
was put to the test.

In Figure 4.13 to Figure 4.15 comparisons of calculated and experimental
results for the experiment 3 is shown. As it can be seen the calculated
and measured results are in good agreement. Still there is a slight devia-
tion between calculated and measured results.

Experiment no. 3
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Figure 4.13 Experimental and calculated ice mass versus discharging time
for experiment no. 3

As seen in Figure 4.13 during the first discharging period curves of the
calculated and measured quantity of ice are falling together with one ex-
ception, at the end of the cycle according to the calculations more ice
have been melted than measured. The similar but less emphasized can be
observed for the second and the third discharging period. The back-
ground could be found if Figure 4.14 and Figure 4.15 are examined more
closely.

It can be seen that almost during the entire cycle calculated heat transfer
from water to ice is more intense than the measured one. This causes
water temperature to be lower than measured (as indicated in Figure
4.15) and finally the calculated amount of ice melted to be higher than
actually recorded.
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Figure 4.14 Experimental and calculated a4 versus discharging time for
experiment no. 3

The reasons for such behaviour could be at least twofold. First is the et-
ror in calculation of the water-ice surface area. Namely, in the calculation
procedure circularity of the ice layer at any instant is assumed while in
the reality conditions are much different. During the discharging experi-
ments high noncircularity of ice layer was observed, i.e. the ice that is
under direct influence of the incoming warm water will be melting faster
while the ice in a shadow of the water flow (caused by the tube) will be
melting with a slower rate. Respectively, it happens that there is no ice at
the bottom of the tube while on top of the tube very thick ice layer is
still present. In this case ice-water interface area is lower than anticipated
by assuming circularity.

The second factor which influences the heat transfer behaviour at the
water-ice interface relates to the uneven water flow distribution over the
annular cross-section of the silo due to ice thickness variation along the
tubes. In the mathematical model a uniform water flow distribution over
the silo cross section was assumed. This assumption was adopted in or-
der to make calculation procedure less time-consuming and is supported
by the fact that the heat transfer can be considered as the process limit-
ing factor (Finer et al.,, 1993). One more feature could be noticed in
Figure 4.15. At the beginning of the standstill period when there is no
heat load, calculated temperature of the water in the silo is decreasing
rapidly while the measured temperature is decreasing more slowly. One
of the reasons is the capacity of the agitator which could not be changed
in the calculation procedure, i.e. it had the same value for both discharg-
ing and standstill petiod (300 m3/h) while in reality during the standstill
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period the chilled water pump and silo agitator were idle. Consequently,
the calculated heat transfer at water-ice interface was more intense and
temperature drop was faster. Another reason is neglected thermal capac-
ity of mass of the water present in the silo in the mathematical model.
Nevertheless, the differences between calculated and experimental re-
sults in discharge mode are acceptably small.

Experiment no. 3

1
0,9 - — Jw,out Measured
0,8 + — = Jw,out Calculated

4
Time [h]

Figure 4.15 Experimental and calculated outlet water temperatures for
experiment no. 3

4.4 Conclusion

Experimental investigation on the ice bank thermal storage system was
performed. Static, indirect, cool thermal storage system, with an external
ice-on-coil building/melting was considered. The tested system was in-
stalled as a part of the production line in the dairy “Antun Bohnec” in
the city of Ludbreg, Croatia.

In charging mode, the ice building rate followed a linear trend although
in theory it should be decreasing with time. Due to just slight change in
brine temperature, charging rate was faitly constant during the charging
process. Unlike in some other investigations formation of ice was ob-
served when the bulk water temperature reached certain degree of the
supetrcooling (-0.4 °C). With increasing quantity of ice inside the silo,
thermal resistance of the ice layer increased, deteriorating the overall heat
transfer characteristics of the ice bank which negatively reflected on the
heat transfer curve. Namely, the product of the overall heat transfer co-
efficient and heat transfer area decreases with increasing ice quantity in
silo.

57



Consumer cooling load curve is found to be extremely dynamic with a
peak load of 150 kW and an average load of around 60 kW. The higher
the cooling load required the more rapid the ice melting. For all discharg-
ing experiments outlet water temperature from the ice bank was below
0.8 °C indicating that even in very different heat load conditions, the
output of the ice bank is spontancously adjusted to deliver water at al-
most constant near zero temperature. The ability to provide low water
outlet temperatures regardless of the heat load conditions could be quan-
tified by the product of the water to ice heat transfer coefficient and ice
surface area. The higher the water to ice heat transfer coefficient and
higher the area of the water-ice interface the lower the water tempera-

tures can be reached. At the 80 % of the silo capacity the a4 is found to
be 250 kW/K, at 40 % a4 is 150 kW /K and at 20 % aA is 100 kW/K.

In the second part of the study experimental results are compared to the
calculated result obtained by use of a computer model. In the charging
mode calculated results are in very good agreement with experimental
data as long as there is ice present inside the silo. In the initial period
when the simple water cooling is considered, results do not match satis-
factorily. In the discharging mode calculated results are closely following
the experimental data, although, slight deviation could be observed. The
possible reasons are simplifications introduced to the mathematical
model. Namely, circularity of the ice layer and uniform water flow distri-
bution over the annular cross-section of the silo is assumed, while the
thermal capacity of the water present in the silo is neglected.
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5 The economic
justification ot ice
storage application in
cooling systems within
the process industry and
the building sector

In general, implementation of the CTES systems may be of interest
when one or more of the following conditions apply (Dorgan and Elle-
son, 1994; ASHRAE, 2007):

(0]

0]

the peak cooling load is higher than the average load,

difference between on- and off-peak electric billing rates ex-
ists,

charges for peak power demand are high,

the cooling load profile is too dynamic to be handled with
non-storage system,

loads are of short duration and/or they occur infrequently,
loads are not coincident with energy source availability,

energy supply is limited,

an existing facility expansion is planned, and the cooling
equipment is insufficient to meet the new peak load but has

spare nonpeak capacity,

backup capacity is desirable.
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Whether the CTES system will be economically justifiable or not de-
pends on the parameters that will influence the investment and operating
costs of cooling system, which are:

o

shape of the cooling load cutve (cooling load profile),
O operating and control strategy (full or partial storage),
O optimized operation, i.e. chiller or storage priority,

O maximum refrigeration load, i.e. the size of the refrigeration
unit, connection to the electrical grid,

O size of the ice bank, the higher the quantity of ice stored the
larger the storage is required.

In order to investigate economic potential of an ice storage application in
cooling systems within the process industry and the building sector two
actual cases are studied. For both cases the static, indirect, external melt,
ice-on-coil cool ice bank system was considered. In the first case, ice
bank application within the dairy industry “PIK, Rijeka” is considered. In
the second case implementation of the ice bank system as a part of
chilled water system for the purpose of building cooling (Elderly Persons
Home in Sisak) is discussed.

The economic evaluation of a CTES system implementation is based on
the design load profile and the electricity billing rates. According to the
adopted operating and control strategies (full or partial storage) required
refrigeration unit capacity and storage capacity can be calculated. These
estimates are used to determine operating and first costs.

Investment costs to be considered:

O purchase and commissioning of the equipment, i.e. refrigera-
tion unit, CTES, heat exchangers, pumps, pipelines, regula-
tion, instrumentation etc. In this study only the cost of refrig-
eration unit, storage silo, heat exchangers and pumps as a
capital components are taken into account,

O connection to the Croatian power grid.

Operating costs consist of:

O electrical energy cost,

0 power demand charge.
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The design load profile for the dairy “PIK, Rijeka” was determined from
the current load data acquired for the period of one year (2008), while
the design load profile of Elderly Persons Home in Sisak was calculated.
It was based on cooling load calculations previously made for a design of
a non-storage cooling system according to the German standard VDI
2078 (1996). The adopted load profile referees to the hottest day of the
year (July 23).

In the first case the cooling load profile is highly dynamic with infre-
quent loads of short duration and with a maximum peak load which is
6.5 higher than the average load. In the second case the maximum cool-
ing load is only 2.5 times higher than the daily average load.

The fact that in both cases the cooling load profile peaks at a level of
more than twice the average load and the fact that in Republic of Croatia
difference between on- and off-peak electricity rates exists makes these
cases potentially interesting for application of CTES system.

5.1 System configurations

A non-storage cooling system configuration is shown in Figure 5.1. It
consists of a refrigeration unit loop, a secondary fluid loop and a con-
sumer loop. Capital components of the system are refrigeration unit,
secondary fluid circulation pump and a heat exchanger. Any cooling de-
mand required by the consumer must be covered directly by the refrig-
eration unit which has to have ability of capacity control.

Refrigeration
______ unit — Circulation
| | PUMP  Cold brine
I E—

Consumer
loop

—
Warm brine

Figure 5.1 Non-storage cooling system

A configuration of a cooling system with an ice storage is shown in
Figure 5.2. In contrast to non-storage system, cooling system with ice
storage has one additional heat transfer level (water loop). Capital com-
ponents of the cooling system with storage are: refrigeration unit, ice
storage, intermediate heat exchanger, brine and water circulation pumps
and a heat exchanger in a consumer loop.
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Figure 5.2 Storage cooling system

Due to additional temperature level between primary refrigerant and a
consumer loop, a cooling system with storage will always have lower re-
frigeration unit COP than the non-storage system. This implies larger
electricity power demands. However, in addition of storage it allows
downsizing of the system components which at the end can lead to sav-
ings in both first cost and operating costs since inefficient part load op-
eration may be avoided.

5.2 Investment costs

Investment costs of the components which the ice bank system consists
of are partially acquired from the companies present at the local Croatian
market and partially deduced from the literature.

Investment cost of the CTES generally depends on the storage technol-
ogy, capacity and application. For external melt, ice-on-coil, ice bank
storage for industrial application investment costs can be expressed by
the following relation:

I =1020-0,% [EUR] valid for Qs > 250 5.1

ice silo

where QO presents storage capacity in kWh. The price includes all the
hardware (silo, agitator, insulation, control, instrumentation) and work
necessary to implement the silo into the refrigeration system. It has to be
noted that these prices are acquired from the one single producer on
Croatian domestic market.
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Investment costs of the chillers generally depend on the nominal refrig-
eration capacity and its application. Investment cost of water and glycol
using chillers for high temperature application (-10 °C to 5 °C) can be
approximated by the following expression:

Iy =745.4-@,"" [EUR] 5.2

chiller

where @, presents nominal chiller’s refrigeration capacity in kW

(source: Carrier, Daikin).

The price of plate type heat exchangers for the purpose of fluid cooling
in food industry (acquired from company Alfallaval) can be approxi-
mated by relation:

I, =5878-®,"" [EUR] valid for 100 < &, < 600 5.3,

pthx

According to Pronk (2000), the costs of 304 grade stainless steel shell-
and-tube heat exchangers can be approximated by:

Lo, =1500- 4, [EUR] 5.4

where Ahe is heat transfer surface of the heat exchanger in m?2.

The last capital components of the system are circulation glycol and wa-
ter pumps. According to Nikoli¢ et al. (2009) initial cost of the pumps is
in range of 4-7 % of the total investment cost of the ice bank system.
Furthermore the electricity consumption for pumping is in range of 5-10
% of the total electricity consumption. Investment pump price is esti-
mated as 5 % of the initial cost of the chiller, storage and heat exchang-
ers. Furthermore energy consumed by the glycol and water pumps in ice
bank systems is estimated as 5 % of energy consumed by chiller.

Significant part of one time investment costs is the initial connection to
the Croatian power grid (power lease) which can be expressed with the
relation:

I, =240- P, [EUR] with Py in kW 5.5,

conn

5.3 Operating costs

In the Republic of Croatia, electric energy charge is time dependant.
Electricity prices are thus dependant on customer profile and chosen tar-
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iff model (HEP, 2008). During day time, from 7 a.m. to 9 p.m. consumer
is charged with 0.085 €/kWh. During night shift from 9 p.m. to 7 am.
the electricity price is 0.042 €/kWh. Besides, power demand charge is
11.54 €/kW per month. VAT is included. These prices are valid for
commercial low voltage customer (0.4 kV) and the tariff model “red”,

which is the most suitable for power demands up to approximately 750
kW.

For electricity power demands higher than 750 kW transfer to medium
voltage system (10 or 20 kV) would be economically more reasonable.
On-peak electricity price under this model is 0.073 €/kWh, off-peak is
0.037 €/kWh while the power demand charge is 9.5 €/kW per month
(VAT is included). In this case investor is obligated to build the power
system substation with approximate price of 165 €/kW. Nevertheless
these expenses are compensated through lower price of the electrical en-
ergy in period of 3 to 5 years dependant on consumption.

Since in the above mentioned examples required chiller electric power
doesn’t exceeds 750 kW, investment and operating costs are calculated
for low voltage customer and tariff model “red”.

5.4 TIce based CTES application in dairy industry
“PIK Rijeka”

In this chapter an economic comparison of ice based CTES storage sys-
tem and non-storage system for the purpose of milk cooling in dairy fac-
tory is conducted. In order to investigate the influence of operating strat-
egy on system economy ten scenarios are considered; in particular one
non-storage system and nine storage system scenarios. In all storage sce-
narios daily chatging cycles are assumed.

In Figure 5.3 and Figure 5.4, refrigeration unit load and storage inventory
versus time and operating strategy is shown. Two groups of scenarios
could be distinguished. In the first group (scenario: partial 4, 1, 3, 2, 7)
upper chiller capacity is limited, i.e. cooling load profile is “shaved” at
certain levels determined by the maximum chiller capacity. The rest of
the required capacity to meet the current cooling load is recovered from
the storage. Whenever the cooling demand is lower than the full capacity
of the chiller a refrigeration unit is unloaded in order to reduce the oper-
ating costs during on-peak period. During off-peak period the chiller is
operated at maximum capacity until the storage is completely charged.

The second group consists of four scenarios, partial 5, partial 6, full stor-

age and load levelling. For partial 5, partial 6 and full storage strategies
refrigeration unit is operated at a reduced capacity during the on-peak
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period. The part of the cooling load which is not covered by the refrig-
eration equipment is met from the storage. Whenever the cooling load is
lower than the actual chiller capacity the storage is charged.
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Figure 5.3 Refrigeration unit load versus time and operating strategy

As seen in Figure 5.3 the largest chiller size (besides non-storage system)
is required for the partial 4 scenatio and the smallest for the load level-
ling strategy. In the other hand the largest silo size is required for the full
storage while the smallest is for the partial 4 scenario (Figure 5.4).
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Figure 5.4 Storage inventory load versus time and operating strategy
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On basis of refrigeration unit capacity, storage capacity and scheduling of
the chiller operation the first cost and operating cost are calculated. For a
non-storage system refrigeration unit a COP of 4.5 is assumed (Dorgan
and Elleson, 1994). In case of storage system COP of 3.5 is assumed for
all options. Calculation of the operating costs was based on system op-
eration of 330 days per year. Results are shown in Figure 5.5.
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Figure 5.5 Investment and annual operating costs vs. operating strategy

As shown investment cost of storage systems for all options is greater
than that of a non-storage system. In contrary, operating costs for stor-
age systems are lower than those for a non-storage system. The highest
first cost shows full storage (load shifting) strategy while the lowest op-
erating cost is offered by a load levelling strategy. The second lowest op-
erating costs shows partial system strategy 5, then 6 and then full storage.

On basis of first cost as well as operating costs the simple payback pe-
riod in relation to the non-storage system is calculated. The results atre
shown in Figure 5.6. As it may be seen in the application of the ice stor-
age system for process cooling in dairy industry is favoured in almost all
cases with investment payback period below five years. Only system sce-
nario partial 4 is not economically feasible due to operating costs which
are higher than in the case of non-storage system. The most economi-
cally viable option is offered by the load levelling strategy. The closer the
strategy to the load levelling the shorter the payback period.
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Figure 5.6 Simple payback period versus operating strategy

Due to large the size of the storage silo and the relatively large refrigera-
tion unit (see Figure 5.3 and Figure 5.4) the full storage strategy seams
unfavourable when compared to the other options. However if addi-
tional operating safety and back up capacity is desirable or a system ex-
pansion is planned in the near future its application can be justified as
well.

In Figure 5.7 annual savings in operating costs for storage systems are
extrapolated to the period of system life time expectancy. Expected life
time of the CTES system is more than 20 years.
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Figure 5.7 Operating cost savings versus operating strategy
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Figure 5.7 shows that the most economically justified operating strategy
is load levelling strategy. For longer system life time expectancies strate-
gies with larger storage capacities are favoured, i.e. for a period over 20
years the second best option is partial storage, strategy 5 (demand-
limiting).

5.5 Ice based CTES application for building
cooling “Elderly Persons Home in Sisak”

In Figure 5.8 and Figure 5.9 refrigeration unit load and storage inventory
is shown versus time and two operating strategies. In particular load lev-
elling and full storage options are considered.
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Figure 5.8 Refrigeration unit load versus time and operating strategy

The need for cooling starts at 6 a.m. and rises to a maximum of ap-
proximately 250 kW at 4 p.m. which is 2.5 higher than the average daily
load. As it may be observed the required chiller refrigeration load for
non-storage and full storage system is approximately the same. In this
example the full storage strategy offers no benefits in first cost in terms
of refrigeration equipment downsizing. On the contrary, with a refrigera-
tion unit COP of 5 (Dorgan and Elleson, 1994) for non storage system
and with COP of 3.5! for ice storage system the electrical power demand
for storage system is approximately 25 % higher than for a non-storage

1 The COP of 3.5 is based on the assumption that the evaporation temperature is around
-10 °C. For the non-storage system an evaporation temperature at +2 °C may be kept!
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system. Moreover, the required size of the storage is 2.3 times higher
than for load levelling operation (Figure 5.9).
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Figure 5.9 Storage inventory versus time and operating strategy
In Figure 5.10 first and operating costs versus operating strategy are

shown. Calculations of the operating costs are based on a required an-
nual energy for building cooling which was estimated to 200 MWh.
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Figure 5.10 Investment and annual operating costs versus operating
strategy

The investment cost of the load levelling storage system is two times
higher than that of a non-storage system. It is even higher for a full stor-
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age system (more than three times higher). In both cases the reason is
high cost of ice storage which couldn’t be compensated by the lower
chiller price. The annual operating costs of a load levelling system are
approximately 20 % lower than for a non-storage system. This reduction
is a direct consequence of the monthly power charge cost which is in this
case 40 % lower.

Opposite of what might have been expected is a 15 % higher annual
electricity energy cost for the storage system in comparison to a non-
storage system. The reason is large difference in refrigeration unit COP
of storage to non-storage system and energy consumption of additional
pumps. Due to large difference in first cost of load levelling to a non-
storage system the simple period of investment payback is 26.5 years.

The annual operating cost of the full storage exceeds operating costs of a
non-storage system (Figure 5.10). In spite of low expense for electrical
energy in case of full storage system, due to low chiller COP, annual
charge for electrical power demand brings total operational cost to the
level higher than in case of a non-storage system. Therefore, this type of
system is not profitable.

From the foregoing analysis it can be concluded that the implementation
of an ice type CTES systems in industry is economically well justified
with generally short payback period. On the other hand it is not viable
for cooling applications in building sector in the continental region of
Croatia under current equipment prices. The application of an ice type
CTES system for the purpose of cooling of buildings could become eco-
nomically interesting if:

0 the ice based CTES equipment price decreases and/or

O ice storage system design allow higher COP for the refrigera-
tion unit in the charging mode.

The price of the ice based CTES equipment depends on many factors on
which is not possible to influence directly. However by careful develop-
ment and optimization of the storage design one can not only to de-
crease the price of the storage but at the same time to increase the stor-
age charging and discharging efficiency.

By increasing the chiller COP to a level of 4 - 4.4 the payback period

would shorten to 17.5 - 14.5 years. By decreasing the storage price by 40
% the payback period would shorten to 10.5 years.
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6 Conclusions and
suggestions for future
work

6.1 Conclusions

The application of static, external melt, ice-on-coil CTES system has
been theoretically investigated and a thorough experimental study has
been performed in a dairy industry. The following conclusions can be
drawn with relevance to the both theoretical analysis and experimental
work.

6.2 Theoretical analysis

A detailed mathematical model and a computer application have been
developed to simulate the performance of a static, indirect cool thermal
storage system with external ice-on-coil building/melting. The mathe-
matical model has been compared to experimental results and these
showed reasonable agreement.

The results from the computer simulations showed that the development
of more complex mathematical model was justifiable. A very large num-
ber of parameters determine the operation of such a complex device as
the ice bank. In the first place the design data, such as dimensions and
the number of the pipes, modules, and a silo. Then the characteristics of
the equipment used, such as refrigeration unit, the brine circulation
pump and water agitator and their control equipment, determine the be-
haviour of the device as a whole. And finally the conditions which pre-
vail when the plant is operated, such as the warm water incoming flow
and temperature, the chosen mode of operation, the ambient data con-
tribute to the complexity of the process. Due to the complexity it is im-
possible to find simple and sufficiently accurate method to describe the
performance of such systems over time. The developed program allows
for high flexibility in definition of design and operating parameters. The
computer model presents strong optimization tool for particular system
requirements and offers a basis for fast and simple system design.
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The simulation results showed that an ice bank can be used as an effec-
tive means for fast chilling of large amount of water, for a relatively small
installed power of a compressor. By properly choosing the operating pa-
rameters one can achieve water outlet temperatures that are practically
constant and almost equal to 0 °C regardless of the water inlet tempera-
ture and its flow rate. Furthermore, using the ice melting and building as
a buffer, the variation of required compressor power is smaller than the
variation of the heat load usually imposed by the incoming water.

6.3 Experimental analysis

An experimental investigation of a static, indirect CTES system with ex-
ternal ice-on-coil building/melting was conducted on site. A two module
ice bank system was installed in a dairy plant as a part of a production
line. A series of testing’s under real operating conditions have been con-
ducted to determine ice bank charging and discharging characteristics.

The measurements confirmed theoretical predictions reasonably well. By
using ice as a buffer with relatively small refrigeration capacity of the
compressor it is possible to satisfy much higher cooling load require-
ments. The ratio of peak cooling load to installed capacity of the refrig-
eration unit was in the range of 4 to 6. Moreover, the shape of the cool-
ing load curve has only small influence on the outlet water temperature.
Regardless of imposed inlet water temperature (3 to 15 °C), flow rate (9
to 13 m3/h) and their fluctuation frequency, the water outlet temperature
remained low within the range of 0.3 to 0.8 °C.

A comparison of the simulation results and measured data confirm that
the developed computer program can be used for performance predic-
tion of the ice bank systems with acceptable accuracy. As long as there is
ice present inside the silo the results are in good agreement in both
charging and discharging mode. Nevertheless, certain deviations are ob-
served. They can be attributed mainly to the simplifications introduced
to the mathematical model; the neglected water thermal capacity, the
presumption of circular ice around the tubes and uniform water flow dis-
tribution across the tube bundles which is dependant on distribution of
ice thickness in the silo. Moreover, the circulation capacity of the agitator
in the model is considered constant while in realty it depends on the ac-
cumulated mass of ice in the silo.

During the experimental investigation the following operative character-
istics of the ice bank are observed.

It is difficult to determine and to control the termination of the process
of ice building. If the process is stopped earlier than foreseen the ice in-
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ventory will be lower than expected. If it is stopped to late overcharging
may occur. The overcharging of the ice silo and bonding of two adjacent
tubes into an ice block should by all means be avoided. Extensive forma-
tion of bridging can prevent water flow and ice melting, resulting in in-
creased outlet water temperatures or even in complete silo dysfunction.
There are two known methods to determine when the process of ice
building should end: by measurement of water level difference and by
measurement of the ice thickness at certain locations within the tank.
Both methods have weaknesses. In a first place the water level measure-
ments within the tank are not sufficiently accurate due to large silo di-
ameter resulting in low water level change. Secondly if there is a con-
sumption or leakage of cold water somewhere in the process, which is
usually the case, the information on water level is irrelevant. Moreover,
the water level measurement gives an integral state of the silo inventory,
with no information on local ice thickness and indication on possible ice
bridging whatsoever.

The problem which may arise by measurement of local ice thickness is
uneven ice growth. Thus placement of more than a few sensors on dif-
ferent locations within the tank recognized as critical is necessary to en-
sure proper silo operation. To promote even ice building it is recom-
mended to leave the agitator in operation during charging process. With-
out active agitator, formation of long ice crystals (ice web between tubes)
has been observed. It affected the thickness sensors which signalled the
end of ice making too eatly.

Since circulation of the secondary working fluid is used for ice building,
formation of a conical shape of ice along a tube axis is unavoidable. Ice
is thicker at brine tube inlet and thinner at brine tube outlet. Difference
in ice thickness causes non-symmetrical flow of water inside silo. Conse-
quently some regions are melting faster resulting in water shortcuts and
increased outlet water temperatures. In order to diminish an influence of
conical ice shape high secondary working fluid flow rate is required
which is energy demanding.

6.4 General

According to the studies reported in this thesis from a technical point of
view, the static, indirect, external ice-on-coil CTES system present an ef-
ficient solution for load shifting and storage of cold in refrigeration in-
stallations and HVAC systems in industry and building sector.

From the economical aspects application of ice type CTES systems for

milk cooling within the process industry is well justified with generally
short payback period. However, this is not the case for cooling applica-
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tions in the building sector in the continental region of Croatia. In order
to ensure a wider utilization of such systems in the building sector they
must become more economically attractable and more energy efficient.
With the total price of the storage installed cost (including tank, heat
transfer surface, insulation, agitator, foundation, instrumentation and
commissioning) within 40 to 50 EUR/kWh for systems with required
storage capacity of 500 to 1000 kWh they would yield the acceptable pay
back period under 8 years. Therefore simpler and more efficient storage
designs adapted for building sector application are needed.

6.5 Suggestions for future work

The computer simulation model used to evaluate the performance of the
ice bank systems can be refined by expanding the mathematical model to
account for thermal capacity of the water. Moreover it could be im-
proved by taking into account a variable operation of the propeller (agi-
tator) used for recirculation of water within the silo since ice thickness
has significant influence on the water flow resistance and performance of
the agitator respectively.

To develop a mathematical model of the water flow within the silo and
to couple it with existing software. The flow of water affects the ther-
modynamic performance of the ice bank to a certain degree. Solidifica-
tion of water around tubes and melting of ice causes water velocity and
flow patterns to change resulting in varying heat transfer. In this way
poor designs with high probability of ice bridging and improper water
distribution across ice tank could be recognized and avoided.

Optimization of the module geometry and ice silo design in general in
order to maximize charging and discharging efficiency of the ice bank
system. Optimized solutions would cause investment costs as well as the
operating costs of the ice bank systems to decrease.

Design of the particular ice bank systems designated for air cooling ap-
plications would stimulate the wider spread of such systems beyond the
boundaries of an industrial sector.

Monitoring and control of the ice bank system performance seems to be
an important issue in the application of this system solution. A satisfac-
tory solution of this problem would make it possible to exploit the ice
bank characteristics to a full extent.
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7 Dynamic CTES system —
ice slurry

Ice slurry as an advanced two-phase secondary working fluid presents a
promising substitute for cold energy transport and storage compared to
single phase fluids mainly due to the benefit from the latent heat of the
ice phase change. If ice slurry is used for cold energy storage it is possible
to shift electric load to off-peak hours which significantly lower energy
and demand charges and leads to reduction in total energy usage. Beside
lower operating costs it can substantially cut capital investment through
reduced installed refrigeration (and electrical) power. Furthermore, with
single phase secondary fluid in the traditional indirect system the refrig-
erant charge (HFC) and related emissions are greatly reduced compared
to a complete direct expansion system.

Today, cold energy storages installed as a part of refrigeration and air
conditioning systems in industry and commercial buildings are mainly
designed as ice bank systems with ice formed around tube bundles. Only
a small percentage of CTES systems in the wortld are built on ice slurry
technology despite their numerous advantages over static types such as
higher temperature stability, highly improved heat transport capability in
comparison to single-phase fluids, enhanced heat transfer, higher ice
packing factor and smaller storage size of simpler design (IIR, 2005a).
Moteover, temperature level is not limited to 0 °C if the ice slutry fluids
are mixtures of water and freezing point depressant additives. Neverthe-
less, the key problem which is prohibiting wider spread of the ice slurry
technology is the high cost of ice slurry production.

For optimum design of cold energy storage systems with an ice slurry
knowledge of flow and heat transfer behaviour of two phase slurry is of
high importance.

Ice slurry is a mixture of liquid and fine ice crystals with size in range of
0.1 to 1 mm (IIR, 20052a). In most cases the liquid is plain water or a
blend of water and freezing point depressants, the same that are used for
single-phase secondary working fluids; glycols, alcohols and salts. For
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instance, ethylene and propylene glycol, ethyl and methyl alcohol, potas-
sium formate, acetate and carbonate, sodium chloride, ammonia etc.

Opposite to the single phase fluids the working temperature of ice slur-
ries is below the freezing point of the mixture. The decision on the level
of freezing point temperature depends on the system application. Gener-
ally, water based ice slurries can be applied for temperature range of 0 °C
down to approximately -35 °C depending on type of additive and addi-
tive concentration (Hagg, 2005)2. Decision on operating point tempera-
ture is a system design issue. The greater the temperature difference be-
tween the freezing point and the operating temperature the greater the
ice content. Dependant of application ice mass fractions may vary from
0 up to 60 %. If ice slurry is used for transport of energy ice mass frac-
tions may vary from 0 up to 30 %. In this range ice slurry is still pump-
able. If used for purpose of storage of energy, ice mass fractions may be
as high as 60 %. Except for pure water ice slurry, higher design ice mass
fractions require lower design operating temperatures. Ice slurries with
higher ice mass fractions have higher energy density. They offer higher
energy storage, heat transport, heat transfer capabilities. Therefore
smaller piping system, storage tanks and heat exchangers can be used.
On the contrary, a lower operating temperatures give lower COP of the
refrigeration unit and a higher viscosity of the remaining liquid which in
turn, with higher ice mass fractions, increases the pressure drop and re-
quired pumping power.

7.1 Ice slurry properties

The thermo-physical properties of working fluid depend on the choice
of carrier fluid and a freezing point depressant. Since water has excellent
thermo-physical properties it is mostly used as a carrier fluid. The addi-
tives used to lower the freezing point affects the thermo-physical proper-
ties of a mixture in an unfavourable way. The decision on appropriate
type and concentration of the freezing point depressant depends on de-
sired ice slurry application. The chosen fluid should have good heat
transport and heat transfer properties. Moreover it should have low vis-
cosity to facilitate small pumping power (Melinder, 2003; Guilpart et al.,
2006).

The selection of most appropriate secondary refrigerant for the efficient
ice slurry generation should take into account many properties such as

2 Although the low temperatures are difficult to achieve. It is also hard to reach a high
ice mass fraction at these low temperatures.

76



freezing point, ice concentration, density, enthalpy, apparent heat capac-
ity, thermal conductivity and viscosity.

7.1.1 Freezing point and ice concentration

Figure 7.1 shows freezing point curves of some aqueous solutions. The
initial freezing temperature depends on the type and concentration of
additive used. The higher the additive concentration the lower the freez-
ing point temperature of the mixture. When the temperature drops be-
low the freezing temperature, ice crystals are starting to form. Since ice
crystals during freezing contain only water, the concentration of the ad-
ditive in the remaining liquid increases. Consequently, the freezing point
temperature of remaining liquid decreases. Therefore by increasing the
mass fraction of ice the equilibrium temperature of ice slurry decreases.

The ice mass fraction is calculated from
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where ¢, (J,) is the initial additive concentration giving the solution

freezing point and ¢ (&) is the additive concentration of the cartier
fluid.
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Figure 7.1 Freezing point temperature vs. additive concentration (Melin-
der, 1997)

77



Equation 7.1 shows that the ice concentration is closely linked to the
slope of the freezing point curve between considered temperatures.
Therefore a fluid with flatter freezing point curve will give higher ice
mass fractions for a given temperature difference in comparison to the
fluid with a steeper curve. Moreover ice slurries with lower additive con-
centration will be more “efficient” since the additives affect the thermo-
physical properties of the fluid unfavourably.

7.1.2 Density

The density of ice slurries can be estimated with following equation

1

= 7.2
plS cl+1_cl

pi pcf

where p; isice density and P, is density of the remaining liquid.

Generally, density of ice slurry is lower than the density of the single
phase fluid due to the low density of ice. The difference between ice and
liquid densities result in buoyancy forces to the ice particles which causes
stratification of the fluid in pipes and storage tank. The problem is more
emphasized for salts and low temperature applications than for alcohols
and medium temperature applications. In the other hand ice slurries with
higher density have better transport and transfer properties.

7.1.3 Enthalpy, apparent heat capacity and
volumetric enthalpy change
The enthalpy of ice slurry can be expressed as follows

hg=h (‘9) ¢ +hy (ccf’ ‘9) ) (1 - Ci) 7.3

where £, is enthalpy of ice. The enthalpy of the carrier fluid is given by

Sr
hg (Copr 9) = g + Ay (¢, 9)+ [, -d 9 74
IR

where ¢, is concentration of the carrier fluid, is A, the enthalpy of

water at reference temperature (at 0 °C the enthalpy is 0 kJ/kg) and
AhM is heat of mixing (IIR, 2005a).
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The enthalpy of ice is expressed by equation
h, =-332.4+9-(2.12+0.008 - 9) 7.5.

Since heat capacity of ice slurry includes both sensible and latent heat it
is referred to as an apparent heat capacity. It is calculated as

8his
Cpis = 7.6.
a 19 p=const

Since apparent heat capacity is directly proportional to the slope of the
freezing curve a flatter freezing curve would yield higher apparent heat
capacity. Available latent heat has its maximum at low additive concen-
trations and at temperatures just below the freezing point where a certain
concentration of ice can be produced or melted with a small temperature
change. Thereby ice slurries with low additive concentrations and initial
freezing temperature close to 0 °C would show higher apparent heat ca-
pacities than ice slurries with higher solute concentrations.

Change of ice slurry density and apparent heat capacity with ice mass
fraction for ethyl-alcohol and sodium chloride water mixture for initial
freezing temperature of -4.4 °C is shown in Figure 7.2.

The volumetric heat transport capability of a fluid is equal to the volu-
metric enthalpy change for a certain temperature change between the
fluid inlet and outlet of the cooling object and is calculated as

()]
7 = Pis Ahis 7.7

where @ is cooling capacity and V' volume flow rate of ice slurry.

The higher the volumetric enthalpy change the more reduced size of the
piping system. For cooling, i.e. medium temperature applications, the
volumetric enthalpy change can be 7 to 10 times higher for ice slurries
than for single phase fluid. For freezing applications this ratio is between
2 and 2.5. As reported by Melinder (2003) calcium chloride, potassium
formate and ethyl alcohol show the highest values.
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Figure 7.2 Density and apparent heat capacity versus ice mass fraction of
ethyl-alcohol and sodium chloride water mixture for initial freezing tem-
perature of -4.4 °C

7.1.4 Thermal conductivity

Thermal conductivity of the fluid affects the heat transfer in heat ex-
changers. There are several models to calculate thermal conductivity of
the ice slurry. In the thesis the Maxwell-Eucken model was used,

l_ﬂ’cf
1+2-¢ ., - .
Ay = Ay G L y=—ﬂ“ 7.8
1_Ci,vol'y 2&4_1
A

where A and A, are thermal conductivities of the carrier fluid and ice,

and ¢, is the volume fraction of ice calculated as

C.

1

Civol = 7.9.
c, + (1 —-c, ) Pi
pcf

Due to the high thermal conductivity of ice the thermal conductivity of
ice slurry increases with increase of ice content (Figure 7.3). For cooling
applications and for temperature change of 3 to 5 °C the thermal con-
ductivity of ice slurry is 1.5 to 2 times higher than for single phase fluid.
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According to Melinder (2003) salts (sodium chloride and potassium for-
mate) show highest values for both cooling and freezing applications.

7.1.5 Dynamic viscosity

Dynamic viscosity of the fluid affects the pressure drop of the system
and its required pumping power. There are many models to estimate the
viscosity of ice slurries. In the thesis the Thomas model was used,

16.6-c;

Mo = (142,50, +10.05- ;7 +0.00273-¢"°% ) 710,

It is an empirical model for calculating the dynamic viscosity of a New-
tonian suspension which takes both concentration of the solid phase and
the interaction between the particles (spherical) into consideration. The
model is valid for particle concentration up to 62.5 %.

The dynamic viscosity of ice slurry increases rapidly with increase of ice
concentration. For cooling applications and for ice concentration of 30-
34 %, dynamic viscosity of ice slurry become 1.5 to 3 times higher than
for single phase fluid. According to Melinder (2003) the fluid with the
highest viscosity is ethyl-alcohol followed by propylene and ethylene gly-
col. Viscosity of salts is typically half the viscosity of ethyl alcohol.
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Figure 7.3 Thermal conductivity and dynamic viscosity versus ice mass
fraction of ethyl-alcohol and sodium chloride water mixture for initial
freezing temperature of -4.4 °C

For freezer applications the ice slurry viscosity of salts are the lowest.
The viscosity of propylene glycol is by far the highest and generally not
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acceptable. The viscosity of ethyl alcohol is also rather high but maybe
acceptable.

The relative property change of ethyl-alcohol water mixture, with initial
freezing temperature of -4.4 °C, versus ice mass fraction is shown in
Figure 7.4. As may be seen the dynamic viscosity shows highest relative
increase, more than 4.5 times higher than for single phase fluid for an ice
mass fraction of 30 %. In the same range of ice mass fraction thermal
conductivity increased approximately 50 % while apparent heat capacity
decreased 50 %. Density showed only slight relative change.
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Figure 7.4 Relative property change versus ice mass fraction for ethyl-
alcohol water mixture with initial freezing temperature of -4.4 °C
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8 Experimental
investigation ot ice
slurry flow pressure drop
in horizontal tubes

Pressure drop behaviour of ice slurry based on ethanol-water mixture in
circular horizontal tubes has been experimentally investigated. The sec-
ondary fluid was prepared by mixing ethyl alcohol and water to obtain
initial alcohol concentration of 10.3 % (initial freezing temperature -4.4
°C). The pressure drop tests were conducted to cover laminar and
slightly turbulent flow with ice mass fraction varying from 0 % to 30 %
depending on test conditions. Results from flow tests reveal much higher
pressure drop for higher ice concentrations and higher velocities in
comparison to the single phase flow. However for ice concentrations of
15 % and higher, certain velocity exists at which ice slurry pressure drop
is same or even lower than for single phase flow. It seems that higher ice
concentration delay flow pattern transition moment (from laminar to
turbulent) toward higher velocities. In addition experimental results for
pressure drop were compared to the analytical results, based on Poiseulle
and Buckingham-Reiner models for laminar flow, Blasius, Darby and
Melson, Dodge and Metzner, Steffe and Tomita for turbulent region and
general correlation of Kitanovski which is valid for both flow regimes.
For laminar flow and low buoyancy numbers Buckingham-Reiner
method gives good agreement with experimental results while for turbu-
lent flow best fit is provided with Dodge-Metzner and Tomita methods.

Furthermore, for transport purposes it has been shown that ice mass
fraction of 20 % offers best ratio of ice slurry transport capability and
required pumping power.

8.1 Introduction

During the last ten years a lot of research has been done in field of ice
slurry technology but with varying outputs and different conclusions.
Many researchers reported investigation on ice slurry pressure drop and
rheology (Hansen and Kauffeld, 2000; Zelasko and Zalewski, 20006; Jen-
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sen et al., 2000; Frei and Egolf, 2000; Guilpart et al., 1999; Kauffeld et
al., 1999; Knodel et al., 2000; Kitanovski and Poredos, 2002; Doetsch,
2001; Stutz and Reghem, 2001). Regarding ice slurry rheology they basi-
cally agree that ice slurry shows non-Newtonian behaviour for ice con-
tent higher than 10 %, where the viscosity is a function of shear rate.
Several models of viscosity have been proposed among which the Tho-
mas relation is the most stressed out. According to Hansen and Kauffeld
(2000) and Zelasko and Zalewski (2006) Thomas equation overpredicts
the viscosity at ice content higher than 15 %.

Reports on ice slurry pressure drop by Jensen et al. (2000), Frei and
Egolf (2000), Kauffeld et al. (1999) indicate increase in pressure drop
with increasing ice mass fraction what is generally supported by other re-
searchers (IIR, 20052; Doetsch, 2001). In contrary, Knodel et al. (2000)
reported decrease in pressure drop up to the ice mass fraction of 15 %.
They have experimented with large size of ice particles; 5 mm in average.
Liu et al. (1997) came to similar conclusions, i.e. pressure drop increases
with increasing velocity but decreases with increasing ice mass fraction.
Recently Zelasko and Zalewski (2006) conducted extensive research on
ice slurry flows. For the same ice slurry velocity and at the certain ice
concentration threshold they observed rapid decrease in pressure drop as
an ice mass fraction increased. This phenomenon was attributed to
changes in flow behaviour, i.e. shift from turbulent to laminar. Once the
flow became laminar an increase in ice concentration resulted in pressure
drop to start rise again.

In order to investigate pressure drop behaviour of ice slurry in horizontal
tubes and to contribute to clarification of these contradicting results
published to this date series of experimental pressure drop experiments
have been conducted.

8.2 Experimental setup

8.2.1 Experimental apparatus

The experimental set-up designed and built at the Division of Applied
Thermodynamics and Refrigeration, Royal Institute of Technology con-
sists of an ice generator, a measurement loop and a data acquisition sys-
tem, Figure 8.1. An ice slurry storage tank of 60 litres separates the ice
generator and measurements cycles. The main components of the meas-
urement loop are: the volumetric pump of lobe type, the Coriolis mass
flow meter, and four measurement loops. Three of the measurement
loops serves for pressure drop investigation under isothermal conditions.
They are stainless steel circular horizontal tubes with inner dimensions of
9, 15 and 25 mm in diameter. Each tube is equipped with two pressure
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taps with a distance of 1.2 m connected to three parallel Druck pressure
transducers (range of 0.35, 1 and 3.5 bar). For the purpose of this inves-
tigation the pressure transducer with the smallest range, 0.35 bar, was
used. The fourth pipe is 21 mm in diameter and is intended to serve for
heat transfer measurements. The pipe consists of two measuring sections
of stainless steel as inlet and outlet of the pipe and the pipe section in be-
tween the measuring sections are made of transparent plastic. Both
measuring sections are equipped with 20 thermocouples to measure the
wall temperature. The thermocouples are soldered to the wall in grooves
that are 1 mm deep, i.e. approximately 3 mm from inner tube surface.
The wall temperature is measured at five positions along each measuring
section and at each position the temperature is measured on top, below
and on each side of the pipe. On top of each measuring section with
their 20 thermocouples a resistance thread is twisted. By means of a vari-
able voltage transformer one can control the supplied voltage to the re-
sistance thread.

All four loops are equipped with two PT-100 temperature sensors at
inlet and outlet which has been calibrated with an accuracy of 0.015 °C
(Table 8.1). The velocity in the loops is regulated by means of the fre-
quency controlled pump. A Coriolis mass flow meter is used to measure
mass flow rate and density of the ice slurry prior inlet to the test section.
The ice mass fraction was measured continuously, i.e. simultaneously de-
termined based on two parameters, temperature and density.

Table 8.1 List of measuring instrumentation

Instrument Type Range Accuracy
Differential pressure Druck PCDR 2100 0-035bar  +0.1%
transducers

Pt100 Omega engineering -100°C —400°C  £0.015 °C
Temperature sensors
T-type thermocouples -100°C -350°C +0.1°C
. . . densit +0.
Mass (density) flow meter Micro Motion sty 0.5 ke/m3
mass flow +0.1%
Power meter Hameg HM8115 0-8 kW +0.5%

Data acquisition unit Agilent 34970A - -

The ice generator is of brush type where the ice is formed on the bottom
disc in the storage tank. The ice is then removed by means of the brush
that rotates in the middle of the tank. On the shaft in the middle of the
tank two agitators are placed, one “boat propeller” and one Visco-jet.
Both the brush and the agitators are frequency controlled. The agitators
are rotating in the opposite direction to the brush. The brush, the agita-
tors and the pump guarantee a homogenous suspension in the tank. The
refrigerant in the vapour compression cooling machine is R404A. The
evaporator of the cooling machine is placed in the bottom of the tank
and forms the bottom disc of the tank on which the ice is formed.
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Figure 8.1 Layout of the simplified flow chart of the experimental setup

8.2.2 Experimental procedure

The experimental investigation of the ice slurry flow behaviour was con-
ducted on the aqueous solution of ethyl alcohol with initial concentration
of 10.3 % by weight (freezing point -4.4 °C).

For pressure drop measurements the ice slurry was produced continu-
ously until desired ice concentration level was reached. During ice pro-
duction the ice generator as well as pump was running continuously to
ensure a homogeneous fluid in the tank. Since the quality of ice slurry
mixtures are time dependant, pressure drop tests were carried out ap-
proximately seven hours after the liquid reached the freezing point. Tests
were designed to cover laminar and slightly turbulent flow.

Each series contained pressure drop measurements at thermodynamic
equilibrium at one temperature level and for a range of different veloci-
ties. Bulk temperatures of ice slurry were measured at inlet and outlet of
the measuring section by Pt100 temperature sensors. During tests no
heat flux was applied. One batch of ice slurry was used for measure-
ments in all three tubes. Each point in a series was measured during 8
minutes and included approximately 70 readings. To minimize the influ-
ence of the ambient all test sections were heavily insulated.

Ice mass fraction of flowing slurry was calculated as an arithmetic aver-
age of ice concentrations determined by density measurements
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where ¢, (9,) is the initial additive concentration giving the solution

freezing point and ¢, ($) is the additive concentration of the cartier

fluid, i.e. remaining liquid obtained according to Melinder (1997). Ac-
cording to Hansen et al. (2002) estimation of ice concentration by com-
bining both methods leads to more accurate results than by using solely
temperature or density measurements.

The maximal uncertainty of the determination of the ice concentration
based on combination of temperature and ice slurry density measure-

ments was calculated as #4=%0.26 % where the individual methods were
weighted with #? (Hansen et al., 2002).

8.3 Results and Discussion

An overview of the operating conditions for performed experiments are
presented in Table 8.2.

Table 8.2 Operating conditions

Pipe Mean velocit
Exp. . diameter  lce mass  Heat flux y
! Experiment . - 2 range
series (inner) fraction  [KW/m?]
[m/s]
[mm]
1 Pressure 9 5-30 % 0 02-2
2 dro 15 5-30 % 0 02-2
3 P 25 5-30 % 0 02-12

8.3.1 The behaviour of ice slurries over time

Since ice slurries are time dependant, i.e. ice crystal size and shape are
changing with time due to processes of attrition, agglomeration and
Ostwald ripening (IIR, 2005a) a temporal pressure drop variation during
stable operating condition is expected. In order to investigate the effect
of this phenomenon pressure drop was monitored during period of 8
hours for which the solution was subjected to cooling. Figure 8.2 shows
pressure drop and ice mass fraction versus time for 15 mm tube. Varia-

87



tion in temperature and density during test is displayed on Figure 8.3
From the point where the temperature reached its target value of -5.25
°C which corresponds to ice concentration of approximately 15 %, mass

flow rate, i.e. velocity of ice slurry was held constant as shown on Figure
8.4.
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Figure 8.2 Ice slurry pressure drop and ice mass fraction versus time for
4=15 mm

In this process four different zones could be clearly distinguished as pre-
sented from Figure 8.2 to Figure 8.4. The first zone corresponds to a pe-
riod from the experiment start up to 40th minute where the point of
freezing is reached. During this period the mixture is in liquid phase and
shows constant pressure drop of 600 Pa/m while the temperature is
linearly decreasing from -3.7 °C to -4.3 °C. Due to the small temperature
change density of solution decreases slightly from 981.8 kg/m3 to 981.6
kg/m3. During this first petiod of experiment the temperature of the so-
lution was above freezing point indicating that only liquid was present
inside the test section. Velocity was constant, Figure 8.4, and only the
temperature of the solution was decreasing due to cooling, causing only a
small change in density and viscosity and consequently Reynolds num-
ber. Due to the small change in Reynolds number, and the fact that the
solution is in liquid state (common Blasius correlation for friction factor
applies) it is obvious to expect pressure drop to be faitly constant during
the observed period.

The second period lasts from 40th minute where the first ice particle is
formed up to one hour and 40 minutes where the desired ice slurry con-
centration is reached. In that period temperature is decreasing as well as
ice slurry density indicating that more ice particles have been produced,
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see Figure 8.4. Due to the rise of ice concentration during that period
viscosity of ice slurry increases respectively. At the same time velocity
has increased slightly, 0.1 m/s on the average, which is directly con-
nected to the characteristics of the lobe pump used to transport the ice
slurry from ice generator to the test section. During the course of ex-
periment the rotational speed of the pump was held constant. The vis-
cosity increase and density decrease during this period is more empha-
sized than the influence of velocity, yielding the Reynolds number to de-
crease from 2500 to 1500. As it can be seen from Figure 8.2 in that pe-
riod the pressure drop increases from 600 Pa/m up to 1400 Pa/m. At
the second hour ice concentration of approximately 15 % is reached and
the corresponding pressure drop is the maximal 1400 Pa/m. For that
time ice slurry is fresh and ice crystals have just been created in the ice
generator.
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Figure 8.3 Ice slurry temperature and density versus time for =15 mm

The third section (starts at one hour and 40th minutes and lasts to four
hours and 30th minutes) is characterized with a decrease in pressure
drop from 1400 Pa/m to 1050 Pa/m and by larger scattering of data
than for other periods. During that time operating conditions are held
constant yielding a constant Reynolds number and ice concentration. It
is believed that the change in size and shape of ice particle due to high
shear stresses to which ice slurry is subjected in pump and during mixing
inside ice generator tank can explain pressure drop behaviour. Also it is
believed that higher fluctuations in pressure drop in this region is con-
nected with pump behaviour since it is transporting the fluid in pulses.
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The fourth region lasts from 4:30 to 8:00 and shows almost constant
pressure drop over time. During that period velocity, temperature, ice
slurry density and corresponding ice fraction are constant.

In the third and fourth period one can notice certain variations in den-
sity. It is believed that these variations are not connected to the accuracy
of the mass flow meter. They are probably the result of small air bubbles
which are incorporated in slurry flow during vigorous mixing in ice gen-
erator tank. This was observed by taking ice slurry samples from genera-
tor tank during the course of experiment. Due to influence of air bubbles
on overall density of ice slurry, the ice mass content was determined as
an average of density or temperature method.
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Figure 8.4 Ice slurry velocity and Reynolds number versus time for
4=15 mm

This test revealed the time dependency of an ice slurry mixture and that
it is necessary to run each pressure drop test after certain period of time
allowing for mixture to reach the point where the time variation of pres-
sure drop is reasonable small. Although the process of ice ripening
doesn’t stop at that time, it is a rather slow process; the pressure drop
decrease after seventh hour is small enough to allow for the testing proc-
ess to commence.

8.3.2 Pressure drop

Generally the pressure drop for single phase incompressible, adiabatic
flows inside circular tubes is dependant on solution velocity, density, vis-
cosity, tube length, and diameter and wall roughness
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Ap = Ap(wm,p,n,L,d,g) 8.3.

If dimension analysis is performed pressure drop can be expressed with
relation

T ap-d :F(—p-wm-d,gj 8.4
*'p'WmZ'L n

2

where pressure drop term is function of two dimensionless numbers,
first representing Reynolds number and second the surface roughness
term. For ice slurry flow three variables which influence pressure drop
could be added, ice mass fraction, diameter and density of ice particles.

s sLio

Ap-d g pw d e d, g-Ap-d 0
- d>"d’ 2 '
L n P W

LIS
5P W

. . ip . . .
where ¢; stands for ice mass fraction, 7 ice particle diameter term and

g-Ap-d

2
P W
sponsible for stratification processes during flow. Influence of the buoy-
ancy term becomes important for low flow velocity, large tube diameters
and high density differences between ice particles and carrier fluid. These
three variables, ice mass fraction, diameter and density of ice particles are
directly related to the thermophysical properties of ice slurry, i.e. they de-
termine its density and viscosity. Therefore it is physically correct to
make correlation with non-dimensional numbers dependant on ice slurry
properties. In this way ice concentration is not any more a parameter
that is directly connected to friction factor, it is rather incorporated
through ice slurry thermophysical properties. In the case of ice slurry
flow eq. 8.5 is still valid, but thermophysical properties are now related
to the ice slurry instead of carrier fluid

the last term is a ratio of buoyancy and inertial forces re-

LI
2 pis m

Ap d :F plS Wm d)i,i’g Ap f 8.6.
2 L 7715 d d pcf "W

m

According to the eq. 8.6 the pressure drop is function of ice slurry mean
velocity, tube diameter, length and wall roughness, diameter and density
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of ice particles, density of the carrier fluid and density and viscosity of ice
slurry. The latest two properties are function of ice mass fraction, density
and diameter of ice particles and the thermophysical properties of the
carrier fluid, i.e. density and viscosity which are dependant on solution
temperature and initial additive concentration.

Size of ice particles were not experimentally determined, instead it is be-
lieved that the average size of ice particles is 0.3 mm (IIR, 20052). More-
over surface roughness was not considered in this analysis; it is assumed
that the pipes are hydraulically smooth.

In order to explain pressure drop of ice slurry flow inside horizontal
tubes and to find proper correlations to describe it, series of experimen-
tal tests were carried out as indicated in Table 8.2. Three main variables
were varied during the test, ice mass fraction, and tube diameter and ice
slurry velocity. In Figure 8.5 to Figure 8.7 measured pressure drop as a
function of a mean velocity for 9 mm, 15 mm and 25 mm tube is shown.
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Figure 8.5 Pressure drop versus ice slurry velocity for 4=9mm

Basically one can notice increase in pressure drop with increasing veloc-
ity, higher ice fraction (i.e. lower operating temperature) and reduced
pipe dimension. In addition to the measured pressure drop of ice slurry,
pressure drop for single phase flow (0 %) is plotted on figures as well. As
it can be seen from Figure 8.8 and Figure 8.11 the measured pressure
drop of a single phase flow is in a good agreement with the Poiseuille
correlation for laminar flow and the Blasisus correlation for turbulent
flow regime for 9 mm and 15 mm tube. Somewhat higher pressure drop
and corresponding friction factor is observed for 25 mm tube in both
flow regimes.
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Ethanol-water, 15 mm
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Figure 8.6 Pressure drop versus ice slurry velocity for =15 mm
For 9 mm tube one can see that in laminar region pressure drop of ice
slurry is always higher than for single phase flow. In turbulent region for

velocities greater than 1.5 m/s pressure drop of ice slutry up to 15 % of
ice mass fraction is the same as for single phase fluid.
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Figure 8.7 Pressure drop versus ice slurry velocity for =25 mm

As can be seen in Figure 8.6 for the 15 mm tube pressure drop increases
with increasing ice mass fraction and velocity. Yet for flow with ice con-
centrations of 15 % and more one can notice several experimental points
with lower pressure drop of ice slurry flow than for single phase fluid.
Higher ice concentrations seem to delay flow pattern transition moment
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(from laminar to turbulent) toward higher velocities. After turbulent flow
is established pressure drop starts to rise again and shows larger pressure
drops than single phase flow.

The 25 mm tube shows that even for low ice concentrations the pressure
drop of ice slurry is higher than for liquid only flow. Still, the same phe-
nomenon as for 9 mm and 15 mm tubes can be observed; with increas-
ing ice concentration the flow pattern transition moment is shifting to
higher velocities.

To investigate the influence of non dimensional parameters to pressure
drop, friction factor:

Ap-d 8.7

f=7
e p w2 L
2p15 m

is plotted against ice slurry Reynolds number for fixed ice concentration
and tube diameter on Figure 8.8 Reynolds number was calculated ac-
cording to mean velocity, tube diameter, density and viscosity of ice
slurry

_d-wypy
7715

Re 8.8

whereas density and flow velocity were measured while viscosity of ice
slurry was determined according to Thomas relation

Mo =1 (14 2.5,y +10.05- ;> +0.00273-exp'** ) 8.9

i,vol

where ¢, stands for volume fraction of ice in the ice slurry mixture

C.
! 8.10.

c, +(l—ci)-&
pcf

ci,vol =

In addition to the measured results, the Poiseulle correlation for laminar
and the Blasius correlation for turbulent single phase flow are drawn in
Figure 8.8 as well.

It is possible to observe three groups of experimental data formed, each
corresponding to a different tube diameter. As the tube diameter in-
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creases friction factor increases as well. The highest deviation from theo-
retical friction factor based on Poiseulle correlation is observed for the
largest tube. Difference in friction factor between each tube is increasing
as Reynolds number decreases, i.e. inclination angle of experimental data
group to Reynolds axis is getting higher with increasing ice concentration
and with increasing tube diameter. Furthermore, it is shown that in lami-
nar flow regime the friction factors based on experimental measurements
are always higher than analytically determined according to Poiseulle cor-
relation. For certain tube diameter, with increasing ice concentration, for
the most cases the friction factor rises as well. This effect is hardly nota-
ble for ice concentrations of 5, 10 and 15 %, but even for this ice frac-
tions the deflection from theoretical friction factor is observed and it is
more emphasised with decreasing Reynolds number. For ice concentra-
tions ranging from 20 % to 30 % significant increase in friction factor is
observed compared to lower ice concentrations.

9 mm, 0%
S mm, 5%
Smm, 10%
Smm, 15%
S mm, 20%
9 mm, 25%
@ mm, 30%
—+— 15 mm, 0%
—— 15 mm, 5%
—e=-15mm, 10%
<0+ 15 mm, 15%
=B - 15 mm, 20%
—w— 15 mm, 25%
- 15 mm, 30%
25 mm, 0%
25 mm, 5%
25 mm, 10%
25 mm, 15%
25 mm, 20%
éﬂ mm, 30%
< 'oiseuille
~ | = = —Blasius

MOoxo#bO|

Poiseuille correlation

O+ b X DOMM

Blasius correlation

0.0

100 1000 10000
Res

Figure 8.8 Friction factor versus ice slurry Reynolds number

Flow pattern transition, from laminar to turbulent is observed within
range of Reynolds number from 1700 to 2500, depending on tube di-
ameter and ice concentration. As the ice concentration increases critical
Reynolds number where transition occurs increases as well and can reach
higher values than for single phase flow, Re.=2300. This phenomenon al-
lows for pressure drop of concentrated ice slurry flow to be lower than
pressure drop for single phase fluid, see Figure 8.5, Figure 8.6 and Figure
8.8. This is in consent with findings of other researchers (IIR, 2005a; Ze-
lasko and Zalewski, 2006), since higher ice concentrations tend to ho-
mogenize the flow making it more resilient to higher kinetic turbulence
energies.
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As it is shown in Figure 8.8 classical model for prediction of laminar fric-
tion factor for single phase flow based on Poiseulle flow in tubes,

_ 64

= 8.11
Reis

/

for Reynolds numbers up to 2300, pootly predicts experimental results.
As it can be seen discrepancies between measured and calculated friction
factor is increasing with decreasing Reynolds number.

Only for the smallest tube (9 mm), for very limited span of Reynolds
numbers (from 700 to 1700) and ice concentrations below 20 % the dis-
crepancy between calculated and measured pressure drop is below 10 %.
This is not the case for tubes of 15 and 25 mm which basically show
much higher pressure drop even for low ice mass fractions than calcu-
lated with eq. 8.11.

The reason for such behaviour is that larger mean velocities (but still
laminar flow regime) in smaller tubes tend to make the flow more ho-
mogeneous, with more uniform distribution of ice particles across the
tube cross section, while for low mean velocities and large tube diame-
ters, a heterogeneous flow occurs with higher ice concentration at the
pipe top and lower at the bottom. In turn this affects local ice slurry vis-
cosity (which is higher at pipe top and lower at pipe bottom) and as a re-
sult distorted velocity profile, with lower velocities at pipe top and higher
at pipe bottom which consequently lead to higher mean friction factor.

The most referred correlation for friction factor prediction of a non
Newtonian fluids in laminar flow regime which is found in literature is
given by Buckingham-Reiner (IIR, 2005a):

64 He He*
f=—:1+ — - 8.12
Reis 6 : Reis 3 ' f3 ' Reis
where Hedstrom number is defined as:
d*-z,-p.
He=%"T0 P 8.13
nis

The correlation was derived for fluids which can be classified as Bing-
ham type.
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Comparison between experimental and calculated pressure drop results
based on Buckingham-Reiner method is shown on Figure 8.9. As it can
be seen from Figure 8.9 experimental and calculated pressure drop are
fitted with an accuracy of 15 % for only 60 % of all experimental re-
sults in laminar region. Measurements that didn’t fit the proposed corre-
lation are mostly those for 25 mm tube. For 15 mm and 9 mm tubes the
measurements that didn’t fit have high ice mass concentration and low
average velocities, more precisely those with high values of buoyancy
term. For these conditions correlation is underestimating measured pres-
sure drop. The lower the buoyancy term is the more accurate prediction
is. The reason for such poor accuracy lays in fact that the correlation was
not derived for suspensions with density difference between solid parti-
cles and liquid which is the case for ice slurry flow. The correlation was
developed for fluids which exhibit symmetrical plug type velocity profile
during flow. On contrary, velocity profile during laminar flow of ice
slurry in horizontal tubes is never symmetric (Kitanovski and Poredos;
2002) due to buoyancy forces that act on ice particles causing uneven
concentration distribution across tube cross section. Only for higher av-
erage velocities and lower ice mass concentrations, concentration profile
and therefore velocity profile tends to get more symmetrical shape.
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Figure 8.9 Comparison between measured and calculated pressure drop
according to Buckingham-Reiner method for laminar flow

Thus, on basis of experimental results Buckingham-Reiner correlation
can be used for prediction of laminar friction factor for ice slurry flow in
horizontal tubes for buoyancy term less than 0.065 which is in consent
to Kitanovski and Poredos (2002).
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To account for stratification effect in laminar flow regime next correla-
tion for friction factor is derived

64 e, (d,)" (g-ap-d)’
=——-|1+C/-Re, " | 2| | =—— 8.14

S
eiS d pcf : Wm

with coefficients C1= 0.022, (3= -1.480, (5=-3.110, C4= -0.315. It pre-

dicts 82 % of all experimental data in laminar region, up to Reynolds

number of 2300 with accuracy of 15 %. Comparison between experi-

mentally obtained and calculated pressure drop is presented on Figure
8.10.
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Figure 8.10 Comparison between measured and calculated pressure drop
for laminar flow according to eq. 8.14

Laminar to turbulent flow transition is observed within the range of 1700
< Reas < 2500. With increasing ice concentration transition moment is
shifted towards higher Reynolds numbers. For turbulent flow regime,
friction factor is in a good accord with Blasius correlation,

f=0316-Re """ 8.15

for 9 mm and 15 mm tube and up to 15 % ice mass concentration, for
which the accuracy is better than 10 %, while relatively large discrepancy
was found for 25 mm tube and higher ice concentrations. 81 % of ex-
perimental data from Res > 2300 are found to satisfy Blasius equation

within £15 % margin. Points that didn’t fit the correlation are those with
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high ice concentration and tubes with larger diameter. Since the maxi-
mum test velocity for 25 mm tube was only 1.25 m/s due to lack in
pump capacity, turbulent region was not reached for tests with ice mass
concentration above 20 %.

0.1

9 mm, 0%
9 mm, 5%
9 mm, 10%
9mm, 15%
9 mm, 20%
9 mm, 25%
9 mm, 30%
| —+—15 mm. 0%
—a— 15 mm, 5%

MOoxo#p0

=o= 15 mm, 10%
|-+ 15 mm, 15%
=@ - 15 mm, 20%
—»— 15 mm, 25%
- =%+ 15 mm, 30%
25 mm, 0%
25 mm, 5%
25 mm, 10%
25 mm, 15%
25 mm, 20%
25 mm, 30%
Poiseuille
— - —Blasius

Poiseuille correlation

Elasius correlation

0D+ bx0OMx

0.0

1000 10000
Reux

Figure 8.11 Friction factor versus ice slurry Reynolds number; turbulent
region

To account for the influence of large diameter tubes and higher ice con-
centrations a modified Blasius correlation is proposed by Darby and
Melson based on Hanks and Dadias theory for Bingham type fluids (IIR,
2005a):

f= (f{" +ftm)1/m 8.16

where

fi=4-10"-Re, " 8.17

a=-1378- [1 +0.14 - exp 210 R ] 8.18

m=17+20%0 .19
He

and laminar friction factor f; which is calculated by eq. 8.12.
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As it is shown on next figure proposed correlation under-predicts meas-
ured pressure drop for approximately 29 % for entire range. If adapted it
would give almost 100 % fit.
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Figure 8.12 Comparison between measured and calculated pressure drop
according to Darby and Melson correlation

Dodge and Metzner (IIR, 20052) proposed correlation for turbulent fric-
tion factor of power law fluids:

2-n
1 2 fY2
F = W . IOglo Reis . (Zj — F 8.20

where 7 is fluid behaviour index. If it is assumed that ice slurry is behav-
ing according to Bingham fluid (n = 1) then correlation predicts meas-
ured pressure drop very good, with accuracy of £15 % for 78 % of all
experimental data above Reynolds number of 2300. Points that didn’t fit
the correlation are those of low Hedstrom number and are still in lami-
nar region (see Figure 8.13, points: 9 mm tube and 10 % ice fraction; 15
mm 20 % ice fraction, one point; 15 mm 25 % ice fraction; 25 mm and 5
% ice fraction) even though the Reynolds number is quite high.

As reported by Steffe (Ayel et al., 2003) turbulent friction factor for
Bingham fluid can be determined according to:

L _526s. logm(l - TO] +2.265log,(Re, /7 )-1.832 821
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Only 47 % of experimental data are fitted with accuracy of £15 % with
this correlation as it tends to over predict the measured pressure drop.

Dodge and Metzner
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Figure 8.13 Comparison between measured and calculated pressure drop
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Figure 8.14 Comparison between measured and calculated pressure drop

according to Steffe

Tomita (Zelasko and Zalewski, 2006) proposed a more accurate method
for pressure drop calculation of ice slurry flow in turbulent region
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More than 68 % of experimental results are predicted in the range of £15
%, Figure 8.15. However, it seems that correlation slightly tends to over
predict the experimental results for the most values.
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Figure 8.15 Comparison between measured pressure drop and calculated
according to Tomita

Furthermore, experimental results were compared to correlation pro-
posed by Kitanovski (IIR, 2005a) for both laminar and turbulent ice
slurry flow with friction factor of a single phase flow f determined ac-
cording to eq. 8.15
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Coefficients b1 5 are taken for 10 % initial concentration of the additive
ethanol as, 51=650.1835; £=1.147015; £3=3.8707498; h4=1.089962; bs=-
0.649095. As it can be seen from Figure 8.16 only 40 % of all experimen-
tal data is predicted within 15 %. With this correlation experimental re-
sults are under predicted for the most of the values. Only experimental
points with high velocity are predicted within the range.
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Figure 8.16 Comparison between measured pressure drop and calculated
according to Kitanovski for laminar and turbulent flow

8.3.3 Transport characteristics of ice slurry

In order to evaluate transport characteristics of ice slurry flow in hori-
zontal tubes transport capacity and required pumping power was deter-
mined on basis of experimental results. In Figure 8.17 transport capabil-
ity and required pumping power of ice slurry is shown for different ve-
locities and ice concentrations for 15 mm tube. Transport capability is
calculated as cooling energy that could be provided at “full melt off” to
the initial freezing temperature given by the initial ethyl alcohol concen-
tration, i.e. -4.4 °C, while the required pumping power is determined ac-
cording to pressure drop and volume flow and is expressed per meter of
tube length. One can observe linear dependence of transport capacity
with ice concentration, i.e. with ice fraction increase the capacity in-
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creases as well. On the other hand one can clearly observe that required
pumping power is fairly constant up to ice concentrations of 20 to 25 %
when it starts to increase rapidly.
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Figure 8.17 Ice slurry transport capability and required pumping power
for 15 mm tube

This was to expect and is in concord with previous analysis. This sug-

y g
gests existence of local maximum for transport capacity and pumping
power ratio at certain velocity and tube diameter as shown in Figure
8.18.
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Figure 8.18 Ratio of ice slurry transport capability and required pumping
power versus ice fraction for 15 mm tube
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If transport capacity and required pumping power ratio is plotted versus
ice concentration for constant velocity and tube diameter, one can clearly
observe that maximum values of this ratio are found for ice mass frac-
tion of 20 %. The same trend is found for other tubes and velocities. Al-
though low flow velocities offer high ratio of transport capacity to
pumping power, too low velocities are not desired from operational
point of view, as flow is no longer homogeneous and can lead to system

blockage.

In Figure 8.19 transport capacity to pumping power ratio is displayed
versus velocity for constant ice concentration. Up to velocity of 1.5 m/s,
20 % ice mass fraction yields the best result. For higher velocities higher
ice fractions, 25 % and 30 % offer better or at least the same result as 20
%. Lowest ratio in almost entire velocity range is given for ice concentra-
tion of 5 %. With velocity being increased higher ice concentrations are
in favour.
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Figure 8.19 Ratio of ice slurry transport capability and required pumping
power versus average velocity for 15 mm tube

Therefore, in order to exploit advantages of ice slurries over conven-
tional fluids to full extent it is recommended to keep the concentration
of ice particles at 20 % while the flow velocity should be generally in the
range of laminar flow regime. Basically, when designing the piping sys-
tem the choice of ice slurry velocity is a matter of operating strategy. If
the benefit of small tube diameters, in terms of lower initial costs for
piping system, are favoured over operating costs, the velocity should be
kept as high as possible but still in laminar flow regime to avoid exces-
sive pump work. For an ice concentration of 20 % and tube diameter of
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9 mm this means velocity up to 2 m/s, for 15 mm around 1.4 m/s and
for 25 mm tube approximately 1 m/s.

On the other hand if minimum consumption of pumping is put as a pri-
ority over initial costs, the flow velocity should be kept as low as possible
but still high enough to meet cooling requirements and more than mini-
mum velocity to prevent phase separation and system blockages. During
the course of experiments no problem or blockages occurred as long as
velocity was higher than 0.2 m/s for all tested tubes. According to Guil-
part et al. (1999) minimum recommended velocity can be calculated
from

w =28 |g-d-|1-L0 8.26
pcf

which means 0.2 m/s for 9 mm tube, 0.25 m/s for 15 mm and 0.35 m/s
for 25 mm tube.

8.4 Conclusion

Experimental investigation of flow behaviour in straight tubes of an ice
slurry based on 10.3 % of ethanol water-mixture for cooling applications
was conducted with aim to provide and/or confirm existing analytical
methods for prediction of ice slurry pressure drop.

According to the foregoing investigation it was found that the behaviour
of the ice slurry flow is time dependant, i.c. ice slurry pressure drop for
certain temperature and ice concentration changes with time. Decrease in
pressure drop is observed immediately after ice production, i.e. from the
point where the desired ice concentration was reached and for the next
three hours. This was attributed to change in size and shape of ice crys-
tals. After approximately seven hours of having ice slurry stirred and cir-
culated through the test section no further significant pressure drop
change was observed.

Results from the pressure drop tests reveals higher pressure drops for
higher ice concentrations and velocities in comparison to the single
phase flow, which is in agreement with most of other reported work.
However for ice concentrations of 15 % and higher certain velocity ex-
ists at which ice slurry pressure drop is same or even lower than for sin-
gle phase flow. It seems that higher ice concentrations delay flow pattern
transition moment (from laminar to turbulent) toward higher velocities,
i.e. for the same velocity ice slurry flow is still in laminar regime while the
flow of single phase fluid would be in turbulent regime.
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For the ice mass fractions up to 10 % to 15 % the ice slurry can be
treated as a purely Newtonian fluid. Above ice mass concentration of 15
%, ice slurry can no longer be regarded as Newtonian fluid.

In addition experimental results for pressure drop were compared to the
analytical results, based on Poiseulle and Buckingham-Reiner models for
laminar flow and Blasius, Darby-Melson, Dodge-Metzner, Steffe and
Tomita for turbulent flow and also general correlation of Kitanovski
which is valid for both flow regimes. The evaluated model based on
Poiseulle shows good agreement with the experimental results only for
smallest tube and for low ice concentrations up to 15 %. The Bucking-
ham-Reiner method gives good prediction only for data with low value
of buoyancy term. In addition, based on experimental data empirical cor-
relation is presented which takes buoyancy effect into account. The pro-
posed correlation predicts 82 % of all experimental data in laminar re-
gion with an average accuracy of £15 %. In turbulent region the methods
of Dodge-Metzner and Tomita give good agreement with the experimen-
tal data. Calculated and experimental results are fitted with accuracy bet-
ter than £15 % for both methods. Correlation of Darby and Melson un-
der-predicts measured pressure drop for approximately 35% for entire
range.

From transport point of view in order to exploit advantages of ice slur-
ries over conventional fluids it is recommended to keep the concentra-
tion of ice particles at 20 % while for velocity it is concluded that:

O if the benefit of small tube diameters are desired the velocity
should be kept as high as possible but still in laminar regime;
which means velocity up to 2 m/s for 9 mm tube, around 1.4
m/s for 15 mm and approximately 1 m/s for 25 mm tube.

O If minimum pumping power is desired, the flow velocity
should be kept as low as possible but still high enough to
meet cooling requirements and more than minimum velocity
to prevent system blockages. For velocity higher than 0.2 m/s
no problem or blockages occurred during the course of ex-
periment.
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9 Experimental
investigation ot ice
slurry heat transfer in
horizontal tube

Heat transfer of ice slurry flow based on ethanol-water mixture in a cir-
cular horizontal tube has been experimentally investigated. The secon-
dary fluid was prepared by mixing ethanol and water to obtain initial al-
cohol concentration of 10.3 % (initial freezing temperature -4.4 °C). The
heat transfer tests were conducted to cover laminar and slightly turbulent
flow with ice mass fraction varying from 0 % to 22 % depending on test
performed.

Measured heat transfer coefficients of ice slurry are found to be higher
than those for single phase fluid, especially for laminar flow conditions
and high ice mass fractions where the heat transfer is increased with a
factor 2 in comparison to the single phase flow.

In addition, experimentally determined heat transfer coefficients of ice
slurry flow were compared to the analytical results, based on the correla-
tion by Sieder and Tate for laminar single phase regime, by Dittus-
Boelter for turbulent single phase regime and empirical cortrelation by
Christensen and Kauffeld derived for laminar/turbulent ice slutry flow
in circular horizontal tubes. It was found that the classical correlation
proposed by Sieder and Tate for laminar forced convection in smooth
straight circular ducts cannot be used for heat transfer prediction of ice
slurry flow since it strongly underestimates measured values, while, for
the turbulent flow regime the simple Dittus-Boelter relation predicts the
heat transfer coefficient of ice slurry flow with high accuracy but only up
to an ice mass fraction of 10 % and Res > 2300 regardless of imposed
heat flux. For higher ice mass fractions and regardless of the flow re-
gime, the correlation proposed by Christensen and Kauffeld gives good
agreement with experimental results.
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9.1 Introduction

This paper reports on an experimental investigation of heat transfer be-
havior of ice slurry based on ethanol water-mixture in straight tubes for
cooling applications. In the last ten years much research has been made
in the field of ice slurry technology but with varying outputs and conclu-
sions. Heat transfer measurements performed on ice slurries inside hori-
zontal circular pipes were reported by many (Ayel et al., 2003; Egolf et
al., 2005; IIR, 2005a).

Christiansen and Kauffeld (1997), Guilpart et al. (1999), Kauffeld et al.
(1999), Jensen et. al (2000), Sari et al. (2000), Hige (2005) and Zelasko
(2006) reported increase of the heat transfer coefficient with increasing
ice fraction and velocity but rather small or no influence on the heat
transfer coefficient with increasing heat flux. Knodel et al. (2000), re-
ported decreased heat transfer coefficients with increased ice fraction up
to a fraction of about 4 %. At higher ice fractions, the Nusselt number
was more or less constant. The experiments were done with ice water
slurry in 24 mm horizontal pipe and velocity between 2.8 to 5 m/s.

Only Snoek and Bellamy (1997) observed decrease in Nusselt number
with increasing ice fraction. In their experiments they used ethylene gly-
col with initial concentration of 8-10 %, with ice concentration, i.e. ice
mass fraction up to 33 %.

A number of experiments have thus been performed to investigate local
and average heat transfer coefficients but the results differ from one re-
port to another. The most possible reason for differences in the reported
heat transfer behaviour is the size and shape of the ice slurry particles. In
the early age of ice slurry research the ice particles were large. The influ-
ence of the ice generation method and the time influence on the geomet-
rical characteristics of the ice crystals were not known. Consequently,
large ice particles lead to superheating phenomena which may signifi-
cantly influence the heat transfer results. Hansen et al. (2002) reported
on an investigation on ice agglomeration during storage, i.e. on ice crystal
growth mechanisms during ice generation and its dependency on time
during storage, while Pronk et al. (2004) reported on the influence of the
ice crystal size on ice slurry heat transfer and superheating phenomenon.
With present day ice generation methods, the ice particles have much
finer crystalline form which, it seems, has an impact on the thermal
boundary and in turn on heat transfer.

In this study, a series of heat transfer experiments have been conducted
in order to investigate heat transfer of ice slurry in horizontal tubes with
the intention to contribute to the clatification of the contradicting results

published to this date.
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9.2 Experimental details

9.2.1 Experimental apparatus

The experimental set-up designed and manufactured at the Division of
Applied Thermodynamics and Refrigeration of the Royal Institute of
Technology consists of an ice generator/storage tank, the test loop and
the data acquisition system, see Figure 9.1, Higg (2005).

Heat transfer test section
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Figure 9.1 Simplified flow chart of the experimental setup

An ice slurry storage tank of 60 liters is built together with the ice gen-
erator and is connected to the test circuit. The main components of the
test circuit are: the volumetric pump of lobe type, the Coriolis mass flow
meter, and four measurement sections. Three of the measurement sec-
tions serve for pressure drop investigation under isothermal conditions.
They consist of stainless steel circular horizontal tubes with inner diame-
ters of 9, 15 and 25 mm. Each tube is equipped with two pressure taps
with a distance of 1.2 m connected to three parallel Druck pressure
transducers (range of 0.35, 1 and 3.5 bar). The fourth tube has an inner
diameter of 21 mm and is intended to serve for heat transfer measure-
ments. The tube consists of two measuring sections of stainless steel
while the inlet and outlet of the tube, as well as the tube section in be-
tween the measuring sections are made of transparent plastic. The length
of one heated test section is 940 mm with a total internal heat transfer
surface of 0.062 m? Each measuring section is equipped with 20 ther-
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mocouples to measure the wall temperature. The thermocouples are sol-
dered to the wall in grooves that are 1 mm deep, i.e. approximately 1 mm
from inner tube surface. The wall temperature is measured at five posi-
tions along each measuring section and at each position the temperature
is measured on top, below and on each side of the tube. Around each
measuring section with their 20 thermocouples a resistance wire is
wound, Figure 9.2. By means of a variable voltage transformer it is pos-
sible to control the supplied voltage to the resistance wire.

3 #1-4 #5-8 #9-12  #13-16 #17-20
Figure 9.2 Heat transfer measuring section

All four loops ate equipped with Pt-100 temperature sensors at inlet and
outlet to measure the bulk temperatures of the ice slurry. All Pt-100 sen-
sors have been calibrated to an accuracy of * 0.015 °C, while the ther-
mocouples have been calibrated to an accuracy of £ 0.1 °C at 0 °C
(Table 9.1). The velocity in the test sections is regulated by means of the
frequency controlled pump. A Coriolis mass flow meter is used to meas-
ure mass flow rate and density of the ice slurry prior to the inlet of the
test section. The ice mass fraction was measured continuously, i.e. simul-
taneously determined based on two parameters, temperature and density.

Table 9.1 List of measuring instrumentation

Instrument Type Range Accuracy
Differential pressure Druck PCDR 2100 0-035bar  +0.1%
transducers

Pt100 Omega engineering -100°C —400°C  £0.015 °C
Temperature sensors
T-type thermocouples -100°C -350°C +0.1°C
. . . densit +0.
Mass (density) flow meter Micro Motion sty 0.5 ke/m3
mass flow +0.1%
Power meter Hameg HM8115 0-8 kW +0.5%

Data acquisition unit Agilent 34970A - -

The evaporator of the cooling machine is placed in the bottom of the
tank and forms the bottom disc of the tank on which the ice is formed.
The refrigerant in the cooling machine of the ice generator is R404A.
The ice is removed by means of the brush connected to a shaft that ro-
tates in the center of the tank. On the shaft, in the middle of the tank,
two agitators are placed, one boat propeller and one visco jet. Both the
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brush and the agitators are frequency controlled. The agitators are rotat-
ing in the opposite direction to the brush. The brush, the agitators and
the pump contribute to a homogenous suspension in the tank.

9.2.2 Experimental procedure

Experimental investigations of ice slurry heat transfer behaviour were
conducted on the aqueous solution of ethyl alcohol with initial concen-
tration of 10.3 % by weight (freezing point -4.4 °C).

Ice slurry was produced until desired ice concentration or ice mass frac-
tion level in the tank was reached. The ice generator and the pump were
running continuously during ice production to ensure uniform dispersion
of the ice particles in the tank. Since the particle size and shape of ice
slurry mixtures are time dependant, heat transfer tests were carried out
approximately seven hours after the liquid reached the freezing point.

When a desired ice mass fraction of 22 % was reached in the tank (which
was the upper limit that could be reached considering the pump capacity
and test conditions), and retention conditions were satisfied, ice genera-
tion was stopped and heat was applied to the test section by an AC

power supply.

The power supply consisted of a 2 kW manually controlled power trans-
former and power meter. The heating rate to the test section was con-
trolled by the power transformer and measured by the power meter and
was set to 4, 8, 12 and 16 kW/m2 During the experiments, the velocity
of the ice slurry was maintained constant by means of the frequency con-
trolled pump. A certain portion of the ice was melted in each pass
through the test section. The highest ice mass concentration reduction
recorded per pass was 3.3 % for the lowest ice slurry velocity of 0.5 m/s
and the highest heat flux of 16 kW/m2. The melting process was con-
tinued until all ice was melted and the tank contained only liquid.

To minimize the influence of the ambient the test section was heavily in-
sulated resulting in heat balance errors within + 5 %, and for the majority
of the data the error is less than + 3 %.

Based on the measured temperature and density of the flowing ice slurry,
the ice mass fraction at the test section inlet was determined as an arith-
metic average of the ice concentrations determined by density measure-
ments and temperature measurements,

. PO [pe (9 py]
" p e 9= ()]

9.1
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where ¢, ($,) is the initial additive concentration giving the solution

freezing point and ¢ (&) is the additive concentration of the cartier

fluid, i.e. remaining liquid, obtained from Melinder (1997). According to
Hansen et al. (2002) estimation of ice concentration by combining both
methods leads to more accurate results than using solely temperature or
density measurements.

However, the ice concentration at the outlet of the test section was de-
termined solely on temperature according to eq. 9.2 since the density of
the ice slurry was not measured after the test section.

For high ice mass fractions, i.e. 4=15-20 %, the difference in ice concen-
tration obtained by using both methods separately was not large, less
than 1 %, while for the ice content of 10 % and lower combining the
methods was beneficial since that difference was around 2 %.

9.3 Results and Discussion

The objective of the heat transfer tests was to determine heat transfer
coefficients as function of ice concentration and mean velocity for ice
slurry flows in horizontal circular tubes. An overview of the experimental
conditions is presented in Table 9.2.

Table 9.2 Operating conditions

Tube Mass Ice Heat
Exp. - diameter concentration  mass Mean velocity
T Experiment . -
Series (inner) of ethanol fraction [kW/m?] [m/s]
[mm] [%0] [%6]
0.06;0.1;0.15;0.35;
1 21 3 0 4 0.5;0.75
0.06;0.1;0.2;0.35;
2 21 3 0 16 0.5;0.75;1;1.25
3 21 10 0 4 0.5;0.75;1.25
4 21 10 0 8 0.5;1;1.25
5 Heattransfer ——; 10 0 12 1.1.25
6 21 10 0 16 0.5;0.75; 1
7 21 10 0-22 4 0.5;1; 1.25
8 21 10 0-22 8 0.5;1; 1.25
9 21 10 0-22 12 1; 1.25
10 21 10 0-22 16 0.5;0.75; 1

Local wall temperatures were measured by means of thermocouples at
twenty locations placed at five positions as described in previous section.
The ice slurry bulk temperature was measured at the inlet and outlet of
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the test section. Local heat transfer coefficients between the inner tube
wall surface and the ice slurry flow is defined as

a =—31 9.3.
9

wall, x is,x

The local ice slurry bulk temperature &, was calculated assuming a

linear temperature dependency along the test section and on the ice
slurry inlet and outlet temperatures.

The mean heat transfer coefficient for a certain tube cross section was
calculated as

1 n
ais,cs = ; ' (ais,x )i 9.4
i=l1

where # is the number of measurement points around the tube perime-
ter, i.e. n=4.

The average heat transfer coefficient for the entire test section was de-
termined as

Uism = l ) i (ais,x )i 9.5

n o

where 7 represents the total number of locations where measurements
were taken, i.e. #=20.

The local Nusselt number was calculated according to
Nu, =—sx " 9.6

and the average Nusselt number for the entire heat exchanger (test tube)
was calculated as

Ny, = Zsm @ 9.7.

Reynolds and Prandtl numbers are determined on the basis of average
ice slurry properties between inlet and outlet conditions.
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The thermal conductivity of ice slurry was determined according to
Maxwell-Eucken model (Hansen et al., 2002) and the dynamic viscosity
according to Thomas relation (IIR, 2005a).

Each heat transfer test was performed under constant heat flux and ve-
locity. Experimental uncertainties of the measured data are determined
with respect to the accuracy of the measuring equipment. The maximum
relative error of the heat transfer coefficients is between + 1.5 % and =+
6.4 %. The lower margin corresponds to high heat fluxes and low veloci-
ties while the higher limit to low heat fluxes and high velocities.

Heat applied to the flowing ice slurry results in heating up of the liquid
and in melting of ice crystals. According to Hansen et al. (2002) and
Pronk et. al (2004) superheating of the carrier liquid is likely to occur
while melting ice in an ice slurry mixture, especially when the ice crystals
are relatively large or a large percentage of the ice is being melted. This
superheating phenomenon may negatively affect the heat transfer and
can lead to a decrease in the heat exchanger capacity. Therefore, the su-
perheating of the ice slurry at the test section end was calculated from
the heat balance. The maximum superheating of the ice slurry was found
to be around 2 °C (at ice mass fraction of 2 %) for the case with the
highest heat flux (16 kW/m?) and lowest velocity (0.5 m/s). For the
same case the maximum ice mass fraction reduction recorded during the
tests was found and was found to be 3.3 %. For all other cases, i.e. for
higher velocities and lower heat fluxes, the superheating and reduction of
the ice mass fraction per one pass were much lower. Since the degree of
liquid superheating was relatively small in almost the entire range of ice
mass fractions its influence on heat transfer was neglected.

Experimentally obtained results in terms of mean Nusselt versus ice
slurry Reynolds number are shown in Figure 9.3 for the entire range of
operating conditions, i.e. single phase and ice slurry flow. The diagram is
divided in three parts, laminar, transitional and turbulent region. The re-
gion of transition occurs in the range 1700 < Re; < 2500. In addition
theoretical values for single phase laminar and turbulent heat transfer are
plotted in the diagram. The latter values are obtained by use of Dittus-
Boelter correlation assuming a Prandtl number of 36 derived for the
fluid in liquid state at the initial freezing temperature.

As seen in Figure 9.3 heat transfer of ice slurry is generally increasing

with increasing ice mass fraction and flow velocity but is not changing
considerably with imposed heat flux.
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Figure 9.3 Experimental results in terms of average Nusselt versus Rey-
nolds number

9.3.1 Single phase heat transfer

To be able to compare ice slurry heat transfer coefficients with single
phase, separate tests with 0 % ice concentration were performed for
similar operating conditions as for ice slurry flow. The experimental
conditions for the single phase heat transfer measurements are summa-
rized in the first six rows in Table 9.2 and the results are also shown in
Figure 9.3.

9.3.2 Laminar single phase flow

According to the theoretical analysis in Kakac and Yener (1995) Nusselt
number for fully developed laminar flow and constant heat flux in circu-
lar tubes is 4.36. As can be observed from Figure 9.3 single phase flow of
5 % ethanol-water mixture and heat flux of 4 and 16 kW /m? yields much
higher average Nusselt numbers than theoretically derived.

The reason for the higher heat transfer coefficients is the influence of
the entry region, i.e. the flow is still not fully developed thermally and

hydraulically on locations where the measurements were taken.

The thermal entrance length after which the temperature distribution be-
comes fully developed can be estimated by

L,/d=0.05-Re, -Pr, 9.8
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while the hydrodynamic entrance length required for the velocity distri-
bution to develop varies with the Reynolds number as

L,/d=0.056-Re, 9.9,

For the experimental conditions, the minimum thermal entrance length
is calculated as 10 m while the hydrodynamic is 30 m. Therefore, for sin-
gle phase heat transfer measurements in the laminar region neither the
temperature nor the velocity profile could be considered as fully devel-
oped.

Furthermore, due to test section design, thermal and hydraulic boundary
layers are not developing simultaneously. Development of velocity pro-
file starts much earlier. Figure 9.4 shows experimentally obtained results
for single phase laminar flow heat transfer in the entrance region.

Laminar single phase heat transfer
80 -

5% ethanol, 0.06m/s, 4kW/m2
5% ethanol, 0.1m/s, 4kW/m2

5% ethanol, 0.15mv's, 4kW/m2
5% ethanol, 0.06 m/s, 16k\W/m2
5% ethanol, 0.1 m/s, 16kW/m2
5% ethanol, 0.2 m/s, 16kW/m2
—— Simultaneously developing region
— — Thermal developing region

60

oMXP o0
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0 0,0005 0,001 0,0015 0,002 0,0025 0,003 0,0035 0,004 0,0045
1/Gz

Figure 9.4 Experimental results of laminar single phase heat transfer in
terms of Nusselt versus inverse Graetz number

Experimental results are plotted for initial ethanol concentration, velocity
and heat flux against inverse Graetz number which is defined as

GZ(Z)= £~Re-Pr 9.10
z

where z stands for axial downstream location from the entrance, i.ec.

where heating starts. All thermophysical properties are evaluated at the
average value of the inlet and outlet temperatures.
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Beside experimentally obtained results, proposed correlations according
to Shah and London (1978) for thermal entry region and by Hausen
(Kakac and Yener, 1995) for simultaneously developing region (thermal
and hydraulic) are plotted in Figure 9.4 as well.

The empirical correlation for local Nusselt number and combined entry
region under constant wall heat flux, proposed by Hausen (Kakac and
Yener, 1995) is as follows:

0.023-(Gz)

Nu =436
! T 1+0.0012. (Gz2)**

9.11.

For uniform heat flux thermal entry region, the correlation suggested by
Shah and London (1978) is

1 _% 0.14
Nu = 1.302-(—) ~05 (i] for
GZ nwall

0.00005 < Gz~ <0.0015 9.12
and
1 -0.506 _4].L 0.14
Nu=|436+ 8.68-(103 -—j e G [ij for
GZ nwall
Gz™' >0.0015 9.13.

As seen in Figure 9.4 the experimental results are falling between the
theoretically obtained results for simultaneously and thermal developing
region, i.e. experimental results show slightly higher values than for uni-
form heat flux thermal entry region. For 5 % ethanol water mixture, 4
kW/m?, calculated and experimental results are in good agteement. Re-
sults for 16 kW/m? and Gz/>0.0005 show much higher heat transfer
than expected from the correlations. It is believed that in this case heat
transfer augmentation is a result of combined free and forced convec-
tion. In this case the fluid velocity and temperature profile are not sym-
metrical as buoyancy effects will induce a rotationally asymmetric flow
which can lead to increase in heat transfer. To support the suggested
mechanism, Figure 9.5 shows the tube wall temperature distribution ver-
sus normalized tube length I./Is (ratio of length where the temperature
measurement is taken over total test section length), for 5 % ethanol wa-
ter mixture, velocity of 0.06 m/s and heat flux of 16 kW/m?2 The wall
temperature on the pipe top for these conditions is much higher than on
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the bottom which indicates presence of free convection superimposed
on stream-wise main flow.

5% ethanol-water, 0.06 m/s, 16 kW/m2

Temperature [°C]

0 T T T T

0 0,1 0,2 0,3 0,4 0,5 0,6 0,7 0,8 0,9 1
L/Lo

Figure 9.5 Pipe wall temperature distribution for laminar single phase
flow against normalized tube length, 5% ethanol water, 0.06 m/s, 16
kW /m?

Similar results can be observed for 5 % ethanol water mixture, velocity
of 0.06 m/s and heat flux of 4 kW /m2. In this case the temperature dif-
ferences between top and bottom are by far lower with consequently less
emphasized free convection.

A more practical correlation for estimation of the mean heat transfer co-
efficient for laminar forced convection in smooth straight circular ducts,
for thermal entrance region is proposed by Sieder and Tate (Kakac and
Yener, 1995):

0.33 0.14
Nu = 1.86-(Re~Pr~%j ( i J valid for 0.48<Pr<16700,
nwall

0.33 0.14
d
0.0044< 1, /77wa11 <9.75 and (Re - Pr- Z) . (U—b] >2 9.14
nwall

where fluid properties are evaluated at bulk mean fluid temperature.

For heat flux of 4 kW/m?, this correlation predicts the measured values
with relative error less than = 5 % while for a heat flux of 16 kW /m?
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only one point, i.e. for 0.2 m/s, falls inside an error margin of + 15 %
(Figure 9.6).

Laminar single phase heat transfer
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0 5% ethanol, 0.06 m/s, 16 kW/m2 +15% /
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=
3 0// o
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0 5 10 15 20 25

Nu measured

Figure 9.6 Comparison between measured and calculated laminar heat
transfer according to Sieder-Tate correlation for single phase developing
flow

9.3.3 Turbulent single phase flow
For turbulent flow in circular ducts, the hydrodynamic entrance length
may be estimated according to Kakac and Yener (1995) as

L, /d=1359-Re"* 9.15

while the thermal entrance length over which the temperature distribu-
tion becomes fully developed in general is given by

L,/d <30 9.16.

The calculated hydrodynamic entrance length for the given experimental
conditions is approximately 0.25 m while the thermal entrance length is
around 0.6 m. Therefore, the velocity profile for single phase heat trans-
fer measurements in turbulent region is fully developed but the tempera-
ture profile can be considered fully developed only in the last section (af-
ter two thirds of the total tube length).

In case of turbulent flow, i.e. Re > 2300, one of the most widely used

correlations for prediction of single phase heat transfer coefficient is the
one recommended by Dittus-Boelter (Kakac and Yener, 1995):
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Nu, =0.023- ReCfO-S _Prcfo,33 .

The comparison between the experimental and calculated values is pre-
sented in Figure 9.7.

Turbulent single phase heat transfer
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Figure 9.7 Comparison between measured and calculated turbulent heat
transfer according to Dittus-Boelter correlation for single phase flow

The relative discrepancy between calculated and measured single phase
heat transfer is in range = 15 % for 90 % of the experimental results. In
the analysis that follows, the ice slurry mean heat transfer coefficient will
be compared to the values calculated by Dittus-Boelter correlation.

9.3.4 Ice slurry heat transfer

The mean heat transfer coefficient for the tube is plotted in Figure 9.8
versus inlet ice slurry concentration for constant velocity and heat flux.
Generally the higher the ice concentration and the velocity the higher is
the heat transfer coefficient. Again we see that the imposed heat flux has
no or just minor influence on the heat transfer coefficient, e.g. for the
velocity of 0.5 m/s and heat flux of 4, 8 and 16 kW/m2 Furthermore,
after a certain ice concentration threshold for each velocity one can no-
tice a drastic increase in heat transfer. This concentration at which there
is a sudden increase depends mainly on the flow velocity. It is specially
emphasized for the lowest ice slutry velocity, namely 0.5 m/s. Generally,
up to ice concentrations between 10-15 %, the mean heat transfer coeffi-
cient shows only slight or no increase in comparison to the single phase.
From that point, the heat transfer coefficient increases steadily, with the
maximum value reached for the highest ice concentration. In compari-
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son to the single phase flow, for some cases the measured ice slurry heat
transfer coefficient shows increase with a factor 2 at the highest ice mass
fractions.
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Figure 9.8 Mean heat transfer coefficient vs. inlet ice slurry concentration
for constant velocity and heat flux

It is believed that this high relative increase in heat transfer coefficient is
a result of the flow pattern change, from homogeneous to heterogeneous
flow. With rising content of ice crystals buoyancy and friction forces act-
ing on ice crystals make stratification process more intense (IIR, 2005a).

Figure 9.9 to Figure 9.12 show the ice slurry heat transfer coefficients as
a function of inlet ice concentration and tube circumferential position
(top, side and bottom of the tube) for constant velocity and heat flux. In
addition, the ice slurry (approximate) Reynolds number, Re;, for the inlet
conditions is plotted. The figures show that heat transfer coefficient in-
creases with higher ice concentrations and velocities while higher im-
posed heat flux gives no or just slight increase.

As seen in Figure 9.9 and Figure 9.10 for ice mass fraction from 0 % to
~ 8 % the heat transfer coefficient is slightly increasing with just small
differences between the top, side and bottom of the tube. The ice con-
centration is too low to give a substantial influence on heat transfer.
Above = 8 % ice mass fraction flow separation occurs. The heat transfer
coefficient on top of the tube shows the highest value while at tube bot-
tom very low heat transfer is observed (minimum for ice fraction of 8-10
%). It is reasonable to suspect that this decrease in a heat transfer is at
least partially a result of conduction in the tube wall, i.c. that the heat flux
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is not completely homogeneous around the tube perimeter. As more ice
crystals are added heat transfer coefficient at the bottom starts to in-
crease again and with 20 % ice it reaches almost the same value as for
other locations.
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Figure 9.9 Ice slurry heat transfer coefficient versus initial ice concentra-
tion for 0.5 m/s and 4 kW /m?

A reason for flow separation to occur is the change in flow pattern. Up
to ice fraction of 8 % ice particles have little influence on the flow result-
ing in a small variation of the ice concentration profile across tube sec-
tion. Adding more ice particles causes increase in ice slurry viscosity (and
consequently decrease in Reynolds number) making flow to shift from
turbulent to laminar flow pattern. As long as the flow is turbulent there
is enough mixing due to the turbulence to keep the flow homogeneous,
while when the flow turns laminar the stratification process will begin
due to the lack of mixing. Transition for cases shown in Figure 9.9 and
Figure 9.10 is induced for Re=1800-2000.

For the case with a velocity of 0.75 m/s and the heat flux 16 kW/m?
turbulent conditions are present up to an ice mass fraction of 13 %. Up
to that concentration, heat transfer coefficients were constant at a value
of around 1700 W/m?K. At higher ice concentrations, the flow is het-
erogeneous, with distorted ice concentration profile where most of the
ice crystals are at the tube top and less or none are at the tube bottom.
This assumption is supported by the observed increase in the heat trans-
fer coefficient at the tube top, as ice particles driven by buoyancy force
tend to break the thermal boundary layer and get into direct contact with
the tube wall. A different situation takes place at the bottom part of the
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tube where the heat transfer coefficient is significantly lower as there is
no latent heat to stabilize the temperature.
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Figure 9.10 Ice slurry heat transfer coefficient versus initial ice concen-
tration for 0.5 m/s and 16 kW/m?2
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Figure 9.11 Ice slurry heat transfer coefficient versus initial ice mass frac-
tion for 0.75 m/s and 16 kW/m?

As the average ice concentration is increasing the ice front is moving to-

ward the bottom of the tube, which in turn increases heat transfer at the
side and bottom of the tube faster than at the tube top. Eventually for an
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ice concentration of = 20% differences in heat transfer around the pe-
riphery of the tube become small again.

If the velocity of ice slurry is high enough, i.e. Reynolds number is higher
than the critical (1700-2300) homogeneous flow should be observed
without a distinct flow separation threshold. In Figure 9.12, the heat
transfer coefficient is plotted against ice concentration for the different
tube circumferential locations for the velocity 1.25 m/s and the heat flux
of 8 kW/m2 As expected, higher velocity generally yields higher heat
transfer coefficients. As can be seen there is no notable difference be-
tween heat transfer coefficients from one location to another as the flow
is turbulent for all ice fractions and more homogeneous with more equal
ice concentration distribution across tube cross section than in the pre-
vious figures.
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Figure 9.12 Ice slurry heat transfer coefficient versus initial ice mass frac-
tion for 1.25 m/s and 8 kW /m?

For higher velocities the relative heat transfer enhancement (ice slurry to
single phase heat transfer for the same velocity and heat flux conditions)
is not as large as for cases with lower velocities.

9.3.5 Laminar ice slurry flow

As in the case with single phase flow, the thermal and hydrodynamic en-
trance length is much larger than the length of the test section for lami-
nar ice slurry flow. Consequently neither the temperature nor the veloc-
ity profile could be considered as fully developed in this case. Again, due
to test section design, thermal and hydraulic boundary layers are not de-
veloping simultaneously.
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As seen in Figure 9.3, the ice slurry heat transfer coefficient in the lami-
nar region is significantly higher than for single phase flow. In particular,
for ice concentration of 20 % the heat transfer coefficient is enhanced at
least by a factor of two.

The correlation proposed by Sieder and Tate (Kakac and Yener, 1995),
for laminar forced convection in smooth straight circular ducts, cannot
be used for heat transfer prediction of ice slurry laminar flow. It strongly
underestimates the measured values. None of the experimental values is
predicted by this correlation.

Experimental results for laminar ice slurry heat transfer in terms of Nus-
selt versus inverse Graetz number for constant ice concentration, heat
flux and a velocity of 0.5 m/s is shown in Figure 9.13. Beside expetrimen-
tally obtained results, correlations for single phase flow according to
Shah and London (1978) for thermal entry region (eq. 9.12 and 9.13) and
by Hausen (Kakac and Yener, 1995) for simultaneously developing re-
gion (thermal and hydraulic, eq. 9.11) are plotted in Figure 9.13 as well.

Laminar two phase heat transfer
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Figure 9.13 Experimental results of laminar ice slurry heat transfer in
terms of Nusselt versus inverse Graetz number

As may be observed, the higher the ice fraction the higher the Nusselt
number. Heat transfer is more intense at the test section entrance than at
the exit, i.e. the value of the Nusselt number strongly decreases along the
test tube length. From the entrance to the third measurement location of
the test tube, heat transfer is decreasing rapidly followed by an approxi-
mately constant value. However, the values stabilize much earlier than
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expected, around Gz1=0.0005 which is one hundred times less than for
single phase laminar flow.

Based on the experimental results the following correlation for calculat-
ing local Nusselt numbers has been derived:
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Figure 9.14 Comparison between measured and calculated Nusselt num-
ber according to the correlation proposed by eq. 9.18.

With this correlation 75 % of the experimental data points are predicted
with relative error less than £15 % as seen in Figure 9.14. If the error
margin is increased to +20 %, more than 91 % of the experimental data
points will be predicted by the proposed correlation.

9.3.6 Turbulent ice slurry flow

Using the simple Dittus-Boelter equation based on thermophysical prop-
erties of the carrier fluid, approximately 50 % of the experimental data
points are predicted with relative error less than = 15 % as can be seen
Figure 9.15. This correlation serves well for prediction of ice slurry heat
transfer coefficient for ice concentration up to approximately 10 % and
Reer > 2300 regardless of imposed heat flux. Severe discrepancies occur
at higher ice concentrations and this relation is not appropriate anymore.
Measured heat transfer coefficients are up to 100 % higher than calcu-
lated with this correlation. If Dittus-Boelter equation based on the ther-
mophysical properties of ice slurry is used for prediction of the Nusselt
number, the situation is not changed for better. The error is still large.
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Figure 9.15 Comparison between measured and calculated Nusselt num-
ber according to Dittus-Boelter correlation

Christensen and Kauffeld (1997) suggested an empirical correlation
based on data for horizontal circular tubes and ice slurry produced from
an ethanol solution. The average Nusselt number for an ice concentra-
tion above 5 % is described by the relation:

30—¢c;  0.339-Rey

Nu, =1+0.103-¢, —2.003-Re,, “ 50 -¢, 10 9.19

Nu

and for an ice concentration below 5 %:

s —1 9.20
Nu

Using the correlation proposed by Christensen and Kauffeld (1997) 80
% of the experimental data points were predicted with relative error less
than 15 % for the entire range of operating conditions while 95 % of the
experimental data points were predicted with relative error less than 25

%.

It should be noted that the experimental results, conclusions and the cor-
relations in this paper are fluid specific, i.e. they are not to be applied for
other mixtures e.g. water-salts mixtures with higher density difference
between ice and remaining liquid than is the case with alcohol solutions.
In horizontal tubes this would affect the behaviour of ice slurry flow, i.e.
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flow pattern, critical Reynolds numbers between the laminar and turbu-
lent regimes and finally the heat transfer.

Christensen-Kauffeld
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Figure 9.16 Comparison between measured and calculated Nusselt num-
ber according to Christensen and Kauffeld correlation

9.4 Conclusion

In order to investigate heat transfer of ice slurry in horizontal tubes and
to contribute to clarification of contradicting results published to this
date, an experimental investigation of heat transfer behaviour of ice
slurry based on ethanol-water mixture in straight horizontal tubes for
cooling applications was conducted.

Generally, with higher ice mass fraction and velocity the heat transfer is
enhanced. The imposed heat flux has no or just minor influence on the
heat transfer coefficient.

Up to ice mass fraction between 10-15 % the mean heat transfer coeffi-
cient shows only slight (laminar regime) or no increase (turbulent regime)
in comparison to single phase flow. Beyond that ice mass fraction the
heat transfer coefficient is increased significantly.

It is believed that this heat transfer enhancement in laminar flow is
caused by a heterogeneous flow pattern, where most of the ice crystals
float to the top of the tube where they disturb the thermal boundary
layer and get into direct contact with the tube wall.
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It seems that the ice mass fraction have a greater impact on the heat
transfer coefficient than the velocity. The average heat transfer coeffi-
cient increases with increased ice fraction, but at higher flow rates in-
creased ice fraction has a reduced effect. The largest relative heat transfer
enhancement is found for low flow velocities, namely for laminar flow
where the heat transfer is increased by a factor 2 in comparison to single
phase flow.

The classical correlation proposed by Sieder and Tate for laminar forced
convection in smooth straight circular ducts cannot be used for heat
transfer prediction of ice slurry flow. It heavily underestimates measured
values.

For turbulent flow the simple Dittus-Boelter equation based on thermo-
physical properties of the carrier fluid serves well for prediction of mean
ice slurry heat transfer coefficient for ice mass fractions up to approxi-
mately 10 % and Rece > 2300 regardless of imposed heat flux.

For higher ice mass fractions the correlation proposed by Christensen

and Kauffeld gives a good prediction of the experimental mean ice slurry
heat transfer coefficients.
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10 Performance
Comparison of a Static
Ice Bank and Dynamic
Ice Slurry Cool Thermal
Energy Storage Systems

In this study theoretical evaluation of performance of a three ice based
cool thermal energy storage systems is conducted, namely static, indirect,
external melt ice-on-coil and dynamic ice slurry type storage with a water
and ice slurry distribution system. In order to investigate and assess pos-
sible economic and energy saving potential of an ice slurry storage sys-
tem over conventional static type a computer simulation models were
used. The systems were compared for high temperature application, for
the purpose of milk cooling in the dairy industry. The product tempera-
ture that has to be achieved is +3 °C which requires a secondary coolant
temperature to be less than +1 °C. Calculations have been performed on
basis of specific user supplied load data for a design day, acquired as an
actual case for dairy plant “PIK” in the city of Rijeka, Croatia, and local
electricity billing rate structure.

The comparison shows that the dynamic CTES system is favourable as
to energy consumption in all studied cases.

10.1 Introduction

Several ice making types of cool thermal energy storage (CTES) systems
exists on the open matket. Most of the CTES systems in food industry
are of conventional, static, ice-on-coil type. Only a small percentage of
ice based CTES systems in the world are built on ice slurry technology.

A lot of research has in the past been done in the field of static and dy-
namic CTES technology. Several attempts were made to build and verify
dynamic mathematical models of ice bank systems. The types of static
CTES systems which are most often referred to in open literature are
those classified as direct, external ice-on-coil (Finer et al., 1993; Lopez
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and Lacarra, 1999; Lee and Jones, 1996) or internal ice-on-coil ice bank
system (Chaichana et al., 2001). Finer et al. (1993) and Lopez and Lacarra
(1999) developed simple mathematical models of a direct, ice-on-coil ice
bank system. Likewise, Lee and Jones (1996) developed analytical models
for an indirect, ice-on-coil thermal energy storage system for both charg-
ing and discharging modes. As such, the models were simplified to a
large extent. Recently Halasz et al. 2009 developed a more complex
computer model of a static, indirect, cool thermal storage system with
external ice-on-coil building/melting in order to allow the definition of
numerous design parameters and operating conditions. The model was
experimentally verified by Grozdek et al. (2009).

During the last ten years a great effort has been invested in the field of
ice slurry technology. Various phenomena and behaviour of the particu-
lar components with ice slurries are investigated (IIR, 2005a; Grozdek et
al., 2009). The key problem which is prohibiting wider spread of the ice
slurry technology is the high cost of ice slurry production. There are
many methods of ice slurry production, yet no single type of ice slurry
generator is suitable for all applications. Scraped surface, fluidized bed
crystallizer and supercooling are methods for ice slurry production that
are commercially applied at present while many others systems such as,
vacuum ice, direct contact with immiscible fluid, hydro-scraped and re-
cuperative methods are still under development. Limitations of both the
fluidized bed crystallizers and scraped surface ice generators is the mini-
mum concentration of the freezing point depressant that must be used
on the ice slurry side. Existing systems operate with minimum concen-
tration of corresponding to the freezing point temperature of -2 °C.
Comparison between scraped surface and fluidized bed crystallizer was
conducted by Pronk (2000). He came to the conclusion that fluidized
bed crystallizers in comparison to the scraped sutrface systems is an at-
tractive method of ice slurry production concerning investment costs
and energy consumption.

The aim of this study is to evaluate the performance of a two ice based
cool thermal energy storage systems in order to assess possible economic
and energy saving potential of dynamic over conventional static CTES
type. Moreover this investigation may contribute as a guideline for future
research activities.

Evaluation of the CTES system performance was conducted by com-
parison of three potential cases by using computer simulation models,
i.e. the static CTES system with chilled water as a transport fluid and the
dynamic heterogeneous CTES system with chilled water and ice slurry
distribution. Calculations have been performed on the basis of a given
cooling load for a day as an actual case for dairy plant “PIK” in the city
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of Rijeka, Croatia, with a given local electricity billing rate. Simulation
program for static CTES system is verified with experimental results
while the heterogeneous ice slurry storage model is not.

10.2 Simulation model

For the purpose of cheese production in the dairy factory “PIK” in the
city of Rijeka, Croatia large quantities of milk are processed on a daily
basis. Milk has to be cooled down from +8 °C to the final temperature
of +3 °C as quickly as possible. Basically this would require a secondary
working fluid (brine) temperature less than +1 °C. The specific user
supplied load data for a design day is shown in Figure 10.1. As it may be
seen, the consumer heat rate imposed on the cooling system is highly
dynamic with the maximum cooling load (800 kW) more than two times
higher than the average load (275 kW). The cooling load demand is sepa-
rated in three stages, whereas the sequence of imposed heat rate is de-
pendant on the fresh milk arrival and pasteutization process.
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Figure 10.1 User load profile

Three potential cases, where two types of ice storage systems with two
types of cooling energy distribution systems are compared and discussed.
In a first case static, indirect, external melt ice-on-coil storage system
with chilled water as a transport fluid is considered as it is shown in
Figure 10.2. In the second case heterogeneous ice slurry storage system
with chilled water (Figure 10.3) is examined while as a third case hetero-
geneous ice slurry storage system with ice slurry distribution is investi-
gated (Figure 10.4). In the two last cases ice is produced by the super-
cooling type of ice generator.
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For all three cases plain water is used as an energy storage material, with
phase change temperature of 0 °C. All three systems can be found in the
open market whereas the second and the third cooling systems are less

usual.
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Figure 10.2 External melt ice-on-coil storage system
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transport fluid

The melting and charging process for all cases were considered as a sepa-
rate processes, i.e. full storage system was modelled (Dorgan and Elle-
son, 1994) where charging of the ice storage was carried during the night
time (from 9 p.m. to 7 a.m.) which was limited by the period of cheap
electricity. The cool energy stored in the silo is used during day time.

Electricity consumption during off-peak periods in Republic of Croatia is
preferred by the local billing rate structure. During on-peak periods
(from 7 am. to 9 p.m.) the price of electrical energy is 0.085 Eur/kWh
while during off-peak period the price is 0.042 Eur/kWh.

10.2.1 Cool thermal energy storage

10.2.1.1 Static CTES, ice bank

In a static, indirect cool thermal storage with external ice-on-coil build-
ing/melting, ice is built around the tubes by the brine which is cooled by
the refrigeration unit circulating through the tubes. Ice bank system con-
sists of the refrigeration unit cycle, storage unit, i.e. ice silo and consumer
cycle, Figure 10.2.

The storage unit is a vertical cylindrical silo built as a stack of up to ten
equal modules. The outer part of the silo (of annular cross-section) is
used for the ice build-up or melting during upwards flow of water, the
central part is used for the downward recirculation of water by means of
the propeller (agitator).

Within each module, in an outer annular part, pipes for the flow of brine
are spirally wound in a horizontal plane. Each pipe has its own plane.
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The two vertically adjacent spirals form a staggered arrangement for the
upwards flow of water. Submerged pipe coils containing a flow of sec-
ondary working fluid are used to build ice on their outer surface. Pipes
are made of polypropylene.

On the secondary working fluid side, modules are connected in parallel,
so that a total flow of cold brine coming from the refrigerating unit is
distributed amongst modules and later collected to be returned to the re-
frigerating unit. Mixture of water solutions of alcohols or salts are usually
used as secondary working fluid.

In the consumers loop, chilled water is circulated from the ice silo to a
heat exchanger in product line to provide milk cooling. Heated return
water from the consumer is returned to the base module of the silo to be
mixed with chilled silo recirculation water.

The detailed description of the simulation model of static, indirect, ex-
ternal melt ice-on-coil storage system can be found in Halasz et al

(2009).

10.2.1.2 Dynamic CTES, water spray method

In order to be able to compare the static and dynamic type storage sys-
tems mathematical model of the heterogeneous ice slurry storage system
was built. The model considers the melting and charging process. The
melting process is based on dynamic model of Tanino and Kozawa
(2001) with additional simplifications. The melting process is based on a
dynamic model shown in Figure 10.5.
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Figure 10.5 Melting model of heterogeneous ice slurry storage
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The melting process in a rectangular tank was treated as a one-
dimensional problem with uniform temperature distribution in the radial
direction. The model consists of water and ice region and only water re-
gion placed below ice bed. The warm water is sprayed through the noz-
zle over the ice bed. Uniform warm water distribution by the nozzle over
the tank cross sectional area is assumed. Penetrating through the ice layer
the water is cooled while the ice is melted. The water generated by the
melting permeates through the ice bed and is mixed with the water in the
water region. As a result the height of the ice bed decreases and the wa-
ter region increases. Other assumptions adopted by the model are as fol-
lows:

O allice particles are spherical,

O the number of ice particles during melting doesn’t change,

O ice particles are positioned in the inline arrangement,

O the water is mixed in only water region,

O there is no heat transfer to/from environment.
The calculation procedure starts with definition of initial conditions,
such as silo size, the inlet water temperature, the particle diameter, mass
of the ice in the ice layer, temperature of ice and water in the tank. The
calculation procedute is continued by solving the governing equations
derived from energy and mass balance in the ice layer and only water re-
gion. As a result the water temperature at the tank outlet is obtained.

Energy and mass balance of permeating water in the ice rich layer:

dg
M ¢ - = mw,incpw ('gw,in - "gw )_ mw,meltingc 19 - (pw i 10.1

W pw dt pw W i

M., . .
dt = mw,in + mw,melting - mw,out 10.2.
M,
Ice mass balance: = 10.3.

_mw, melting

Energy balance of water in the only water region:

w,out ~pw ~ out

09
M c w,out — (”‘/lw’in _ aH

LAt P E . Atank Py jchIQW —m c 9  104.
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, . , 4 3
Mass of ice (for spherical ice particles): M, = gﬂrl np, 10.5.

. . . a. A9,
Mass of ice melting: M, . jins = 10.6.
: Ah,
Heat transfer from water to ice surface: CDW i = aiAilgw 10.7.
Heat transfer area: 4, = 4m’n 10.8.

Heat transfer coefficient on water ice interface is calculated according to
correlation by Kang et al. (2001) for Nusselt number:

Nu =0.538- Re*™

10.2.17.3 Dynamic CTES, ice slurry

In this case (Figure 10.4) no special model is used to calculate the tem-
perature of ice slurry at the outlet of the tank. Existence of thermody-
namic equilibrium between water and ice crystals in the tank is assumed
at all time, 1.e. the superheating phenomenon which might occur in real-
ity when ice slurry is imposed to the large heat fluxes and/or high pet-
centage of ice is melted in heat exchangers, is neglected. Even if a super-
heating of the fluid occurs in the heat exchanger there would be enough
time for the ice slurry to reach thermodynamic equilibrium before reach-
ing the storage tank due to the length of the pipeline. Therefore it is as-
sumed that ice slurty of the 0 °C is extracted from the tank.

10.2.2 Ice generator cycle

Two different cases are discussed, building of ice on coils by circulation
of brine solution in case of a static ice bank system and production of ice
slurry by supercooling of plain water in case of dynamic CTES. In both
cases the ice generator cycle consists of pipeline, circulation pump,
evaporator and a refrigeration unit.

10.2.2.1 Static CTES system, ice bank system

For a static, indirect CTES system with an external ice-on-coil, ice is
built around the tubes by the brine solution which is circulating through
the tubes which is cooled by an ordinary refrigeration unit. Brine with a
commercial name TEMPER20 with an initial freezing temperature of -20
°C is used as a secondary working fluid.
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10.2.2.2 Dynamic CTES system, water spray and
ice slurry system

In case of ice slurry storage system supercooling-type ice generator is
considered. The main difference in relation to static ice bank system is
that the ice is produced directly by cooling of water below the tempera-
ture of the phase change. Namely, the water taken from the bottom of
the storage is cooled in the evaporator to be brought into the super-
cooled state. Ice particles are produced after the evaporator by physically
disturbing the flow. According to the research activities carried out up to
now, a supercooling of 2 K can be achieved with commercially available
systems. Nevertheless the operation of such systems is very sensitive and
in order to have continuous production of ice slurry it is necessary to
prevent breakdown of supercooling and instantaneous freezing of water
inside the evaporator. According to the research of Bedecarrats et al.
(2007) to reach the supercooling of 2 K, the water flow inside the evapo-
rator should be laminar and the logarithmic mean temperature difference
between water and refrigerant should be kept as small as possible (< 2.5
°C). Moreover, a precise control of refrigeration temperature is impor-
tant. In order to avoid the sudden breakdown of supercooling inside the
heat exchanger and at the same time to maximize the production of ice
in given time Bedecarrats et al. (2007) suggested to have supercooling of
1.6 K (corresponds to ice mass fraction of 2 %) with Reynolds number
of 3400 and refrigerant temperature of -3.5 °C (these results are valid for
tube with inner diameter of 11 mm). The adopted temperature profile in
the evaporator/supercooling heat exchanger is shown in Figure 10.6.

9[°C]

water

refrigerant

Lenght [m]

Figure 10.6 Temperature profile in supercooling heat exchanger

10.2.2.3 Refrigeration unit

An ammonia refrigeration unit with a screw compressor is considered
for both types of CTES systems. Control of the refrigeration unit capac-
ity and volume ratio is allowed, i.e. compressor performance under full
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and part load is modelled according to the manufacturer’s data. This al-
lows precise control of the evaporation temperature. The condensation
temperature is assumed to be constant at 35 °C.

10.2.2.4 Evaporator

For both types of CTES systems, a shell and tube type of heat exchanger
with horizontal circular tubes is considered. In order to simplify the
analysis the heat transfer on the ammonia side was considered constant
unaffected by the design of the heat exchanger with value of 2000
W/m?K and heat conduction through the pipe wall was considered neg-
ligible. Therefore only heat transfer coefficient on brine and water side
was modelled.

10.2.2.5 Pipeline

The total pipe length (incoming and outgoing) between cool storages and
an refrigeration unit is assumed to be 100 m. The pipeline is sized ac-
cotding to the recommended velocity of approximately 1 m/s.

10.2.2.6 Pump
In both cases the efficiency of the pump is assumed to be 50 %.

10.2.3 Consumer cycle

In the consumer cycle two potential cases are discussed as already men-
tioned. In a first case chilled water is distributed to the consumer while
in the second case ice slurry is used for the transportation of cold.

10.2.3.1 Chilled water as a transport fluid

Chilled water pump is running with continuous water mass flow rate of
38 kg/s which is calculated for the maximum cooling load and the water
temperature rise of 5 °C. Regulation of the milk temperature at the heat
exchanger outlet is achieved by a three-way regulating valve and a tem-
perature sensor installed in the product circuit. Depending on water
temperature at the outlet of the CTES and the consumer load, the cold
water flow through the heat exchanger is regulated. The profile of the
product temperature and chilled water is shown in Figure 10.7.
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Figure 10.7 Temperature profile in consumer heat exchanger for two
cases, with chilled water and ice slurry as transport fluids

10.2.3.2 Ice slurry as a transport fluid

In order to exploit benefits offered by use of ice slurries, instead of
chilled water the ice slurry is suggested as a transport fluid to the con-
sumer. The problems related to the heterogeneous ice slurry storage with
high ice mass concentrations are connected with ice extraction, i.e. it is
impossible to extract the ice particles from the tank without use of auxil-
iary harvesters and fluidizers. In order to overcome the problem, Egolf
et al. (2001) proposed a heterogeneous storage system with screw pump
by which the ice slurry with a high ice fraction is pumped from the top
of the tank and mixed with liquid from the bottom. By using this
method a desired ice fraction can be achieved.

Cooling energy that can be transferred with ice slurries and required
pumping power is dependant on the ice mass fraction of the ice slurry.
Grozdek et al. (2009) showed that ice slurry with ice mass fraction of 20
% offers maximum values of cooling energy transfer to pumping power
ratio. Therefore, in the case when ice slurry is used as a secondary work-
ing fluid, an ice mass fraction of 20 % is assumed.

As in the case with plain water flow the ice slurry flow rate is considered
constant. The maximum flow rate of ice slurry is calculated as 12 kg/s
according to the highest cooling demand by consumer assuming “full
melt off” of ice. The regulation of the milk temperature at the heat ex-
changer outlet is achieved in the same manner as for chilled water.

10.2.3.3 Pipeline
The total pipe length (incoming and outgoing) between cool storage and
a consumer heat exchanger is 100 m. The size of the pipeline was chosen
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due to a reasonable pressure drop and to have safe operation of ice
slurry system.

For cold water distribution systems Recknagel et al. (2006) recommend
water velocity to be around 1 m/s. Velocity at this level is assumed to be
a good trade-off between pipeline size and induced operating costs.

For ice slurry flow, it is recommended to choose the velocity low enough
to be in the region of laminar regime but still high enough to prevent
flow separation and system blockage. According to Guilpart et al. (1999)
minimum recommended velocity can be calculated from

w o =28 g-d-(l—&J 109
pcf

Therefore the velocity of ice slurry in pipes was determined with respect
to minimum recommended velocity. The pipes were assumed to be well
insulated and no heat transfer with the surrounding was accounted for.

10.2.3.4 Pump
The efficiency of the pump is assumed to be 50 % for chilled water flow
while for ice slurry flow it is assumed to be 30 % (Norgaard et al., 2001).

10.2.3.5 Consumer heat exchanger

In order to determine the required size of the heat exchanger for milk
cooling in cases when water and ice slurry were used as a secondary
coolant, the heat transfer between the secondary coolant and the milk
was modelled. In both cases the shell and tube type of heat exchanger
with horizontal circular tubes was considered. In order to simplify the
analysis, the heat transfer on product side was considered constant at
2000 W/m?2K, unaffected by the design of the heat exchanger. Heat
conduction through the pipe wall was considered negligible.

The size, i.e. the area of the heat exchanger is directly dependant on the
heat transfer coefficient between the tube and the secondary coolant,
which is generally dependant on the flow regime and the thermophysical
properties of the fluid.

In case of water flow the heat transfer coefficient is calculated according
to the following correlations:
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1/3
0[=§-1.86~(R€-P1”-%j for Re < 2300

and

(f/8)-(Re—-1000)- Pr
1+12.7-(£/8) - (Pr” -1

A
_2. for Re>2300  10.10
d )

where fis determined by the Petukhov (Incropera et al., 2006) correla-
tion

£=(0.79-InRe—1.64) for Re > 3000 10.11.

Friction factor for circular tubes in laminar regime can be calculated
from

64
f=— 10.12.
Re
The pressure drop in the heat exchanger is calculated from
L w
Ap=f-p—— 10.13.
d 2

In case of ice slurry flow, the following correlations are used for deter-
mination of the friction factor (IIR, 2005a):

64 He He*
f = — 1 + —
Reis 6 ' Reis 3 : f3 ' Reis

- | for Res <2300 10.14

where the Hedstrom number is defined as:

d* .- p.
He:—ﬂzpls 10.15
77is

and
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S Reis-(f) 21202 0 Ra > 2300 10.16

\/7 - 007 4 1.2

n

where 7 is a fluid behaviour index and is 1 for a Bingham fluid.

Correlations for calculation of heat transfer coefficients of water ice
slurry in horizontal circular tubes were not found in an open literature.
Instead they are estimated by use of correlations for 10.3 % ethanol wa-
ter mixture described by following relations. The average Nusselt num-
ber for an ice concentration above 5 % is described by the relation
(Kauffeld et al., 1999):

Nu.. 10,30 0.339-Rey
( “J =1+0.103 ¢, —2.003-Re, ™50 ¢, w1017
Nqu ethanol—water

and for an ice concentration below 5 %:

Nuis
=1 10.18.
NM cf / ethanol-water

These correlations have been confirmed by an experimental work on an
ice slurry system described in Grozdek et al. (2009). Since in this case
water without freezing depressant is used, the heat transfer coefficient on
ice slurry side is calculated as:

(Nuisj _[NuiS] 1019
Nqu water Nqu ethanol—water

10.3 Results and discussion

10.3.1 Static CTES system, ice bank system
The performance of the static, ice bank storage system is evaluated by
use of simulation software developed by Halasz et al, 2009. On the basis
of a specific user supplied data for a design day, acquired as an actual
case (Figure 10.1), the task was to offer an ice bank system which would
meet requirements set by a user, i.e. to provide an outlet water tempera-
ture to the consumer below 1 °C. As an input patameter the existing
module design and its related geometry acquired from the producer was
used.
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When designing the ice bank systems one has to decide on the number
of modules stacked in the silo. According to the manufacturers data the
total nominal capacity of one module with average ice thickness of
35 mm is approximately 580 kWh, for 30 mm it is 455 kWh, for 25 mm
it is 345 kWh and for 20 mm it is 248 kWh. With a total consumer load
of 2750 kWh during a 24 hour period (see Figure 10.1), one silo with five
modules and ice thickness of 35 mm should be sufficient or with six
modules with ice thickness of 30 mm or with eight modules with ice
thickness of 25 mm. The higher the number of stacked modules the
lower the ice thickness is required. Consequently, the higher brine tem-
perature at silo inlet is required with higher COP of the refrigeration
unit. On the other hand, the higher the number of modules the higher
initial cost of the system.

Another decision that has to be made is the choice of the operating pa-
rameters, i.e. refrigeration capacity and the brine mass flow rate. The
higher the refrigeration capacity the less time is needed to reach the de-
sired ice accumulation but the consequence is higher size and price of
the refrigeration equipment. Since the total amount of energy that has to
be stored during the night time is 2750 kWh and the charging period is
limited to 10 hours the minimum required mean chillers capacity is ap-
proximately 275 kW.

The choice of the ice thickness and the choice of the brine mass flow
rate has a significant effect on the refrigeration unit COP. Generally, the
lower the brine mass flow rate the lower the overall heat transfer coeffi-
cient between the water in the silo and the brine. Consequently to
achieve desired cooling demand the temperature difference between wa-
ter and the brine should be higher. Moreover, brine temperature differ-
ence between inlet and outlet of the silo should be higher as well. As an
effect the nonuniform ice thickness distribution along the tubes occurs
which can lead to poor discharge characteristics in a melting mode and
difficulties in silo operation. On other hand, the higher the brine mass
flow rate the higher the required circulation pump power resulting with
higher operating costs of the system.

The product of overall heat transfer coefficient and ice interface area
(#A) charging for three different brine velocities (in tube) and 5 module silo
is shown in Figure 10.8 for the case of the ice bank system. The figure
also shows brine inlet temperatures to the ice silo and brine temperature
rise from the tube inlet to the tube outlet, A&, As it may be noticed the
lowest (£A4)charging product is found for velocity of 0.5 m/s. In order to
compensate low overall heat transfer coefficient and still to reach the de-
sired ice quantity during the charging period, the brine inlet temperature
to the silo has to be low. The reason for such poor heat transfer is that
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the brine flow with the velocity of 0.5 m/s is in laminar regime. For the
other two velocities 1 and 1.5 m/s, the flow is turbulent and the limiting
heat transfer occurs on the water side. Therefore the deviation in
() charging and inlet brine temperature between these two cases are small.
Further increase in the brine velocity would not give much higher in-
crease in (£A4)charging but the pressure drop would significantly increase.
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Figure 10.8 (£A) charging and brine inlet temperature versus charging time
for 5 module silo

Moreover, the highest deviation of ice thickness between inlet and outlet
of the tubes in the ice silo is found for the lowest velocity (7 mm), while
for the other two velocities this difference is much lower (3-4 mm). The
total brine mass flow rate for the case with a velocity of 0.5 m/s is 22.7
kg/s, for 1 m/s it is 45.5 kg/s while for 1.5 m/s it is 68 kg/s. The brine
loop pressure drop for case with velocity of 0.5 m/s is 0.07 bar, for 1
m/s it is 0.47 bar and for 1.5 m/s it is 0.95 bar.

Since the power of the refrigeration unit is usually more than ten times
higher than the power of the circulation pump it is more reasonable to
design the system which will offer refrigeration unit COP as high as pos-
sible (Figure 10.9). It can be concluded that the brine mass flow rate
should be chosen high enough to ensure higher heat transfer coefficient
than on the water side with bearing in mind increasing circulation pump
consumption. For the following analysis brine mass flow rate is chosen
to provide velocity in the tube of 1 m/s.
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Figure 10.9 COP vs. charging time and brine velocity for 5 module silo

In Figure 10.10 product of overall heat transfer coefficient and ice inter-
face area for ice silo with 5, 6, 7 and 10 modules is shown. Besides, brine
inlet temperatures to the ice silo are shown as well. Calculations are made
for brine velocity inside tubes of 1 m/s.
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Figure 10.10 (£A4)charging and brine inlet temperature versus charging time
for 5, 6, 7 and 10 modules in silo

The desired ice quantity (around 2750 kWh) at the end of the charging
period is reached in all cases. As shown, the higher the number of mod-
ules the higher the (£A4)charging product and higher the inlet brine tem-
perature. By increasing the number of modules the area of the heat
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transfer rises while the final ice thickness around the tubes is lower. For
a silo with 5 modules, average ice thickness at the end of the charging is
around 33 mm, for 6 modules is 29 mm, for 7 modules is 26 mm and for
10 modules is 21 mm. Since the resistance to the heat transfer through
the ice layer decreases with decreasing ice thickness the required tem-
perature difference between the ice and the brine decreases as well while
the refrigeration unit COP rises. In Figure 10.11 it may be noticed that
the refrigeration unit COP is raising with added modules but this trend is
progressively decreasing. The highest relative increase in COP can be
observed for transition from 5 to 6 module silo.
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— 7 modules
4,5 1 — 6 modules

\\— 5 modules
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Figure 10.11 COP versus charging time for 5, 6, 7 and 10 modules in silo

Moreover, by increasing the number of modules (and with the condition
on brine velocity of 1 m/s) the total brine mass flow rate in circulation
increases. The total brine mass flow rate for a case with 5 module silo is
45.5 kg/s, for 6 modules it is 54.5 kg/s, for 7 modules it is 63.5 kg/s,
while for 10 modules it is 91 kg/s. By increase of the brine mass flow
rate the brine pump power and the pipeline size increases. Since the
brine velocity inside the silo was unchanged the silo pressure drop is
equal for all cases. In addition, the more modules in silo the higher the
initial costs of the system. Therefore for analysis that follows ice silo
with 5 modules is considered.

In Figure 10.12 to Figure 10.15 performance and behaviour of the 5
module ice silo versus computational time are presented. Calculation has
started at 21 h with no ice on the tubes and with initial temperature of
the water, tubes and brine in the silo of 0 °C. In Figure 10.12 storage
charging and discharging rates, consumer load and storage inventory is
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shown. For the first ten hours ice is built on the tubes with rather con-
stant charging rate. At the end of the charging cycle approximately 2750
kWh of energy is stored in form of ice. The discharging cycle starts at 8
a.m. (11th hour of calculation) and lasts up to 7 p.m. In a first discharg-
ing period a heat rate of approximately 150 kW is introduced to the ice
bank. Since at that moment the ice silo is full, outlet water temperature
rises just slightly above 0 °C (Figure 10.13). Therefore the storage dis-
charging rate and the consumer load are almost equal. At 12 h (15th
hour of calculation) the ice bank is imposed to the peak cooling load.
Due to still high ice content the outlet water temperature rises only to 0.2
°C. In the next four hours (up to 21 h) the outlet water temperature
doesn’t change much. The highest water temperature rise is observed for
the time period between 21 hour and 22 hour. Since at that time only 7
% of ice is still present in the silo due to insufficient ice-water interface
area and heat transfer coefficient the water temperature rises to 1 °C.
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Figure 10.12 Storage charging and discharging rates, consumer load and
storage inventory versus computational time

The higher the heat transfer coefficient between water and ice and the
higher the water-ice interface area the higher ice bank capability to en-
sure the cooling load demands without high outlet water temperature
rise.

The water to ice heat transfer coefficient is basically dependant on water
velocity around the ice tubes. The water velocity is dependant on agitator
capacity and water flow cross sectional area which is a function of span-
wise clearance between ice layers. When the ice bank is full the ice inter-
facial area is high and the water velocity is high as well due to the low
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cross sectional area between ice layers. Therefore with high a4 product
storage, the discharging rate is high with consequently low outlet water
temperature.

As ice is melted the ice thickness decreases causing the ice interfacial area
to decrease. The water to ice heat transfer coefficient decreases as well
due to the increased cross sectional area between ice layers. Therefore
storage discharging rate capability decreases and consequently the outlet

water temperature rises.
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Figure 10.13 Water outlet temperature, £4 charging and a4 discharging
product versus computational time

Silo discharging efficiency can be defined as an ability of an ice bank to
reduce the incoming water temperature to the temperature of phase
change, 0 °C, which would be the case for an infinitely large ice to water
surface area. It is calculated as:

w,in w,out

G, -9

1 gis= 10.20

The discharging efficiency and the refrigeration unit COP for a five
module silo is shown in Figure 10.14. As expected, the discharging effi-
ciency decreases with increasing consumer load and decreasing ice quan-
tity remaining in silo.
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Figure 10.14 Refrigeration unit COP and silo discharging efficiency ver-
sus computational time

In Figure 10.15 the evaporation temperature and the brine outlet tem-
perature from evaporator is shown. Evaporator temperature was calcu-
lated with condition £&A4ep=100 kW /K. The refrigeration unit COP is
calculated on the basis of evaporation and condensation temperature,
charging rate and a manufacturer’s data for ammonia type screw com-
pressor (Figure 10.14).
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Figure 10.15 Evaporation temperature, water temperature in and out of
the silo and brine temperature at silo inlet
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Energy consumption of the refrigeration unit in a charging mode is cal-
culated as 772.4 kWh. To calculate the energy consumption of the brine
circulation pump the pressure drop in brine pipeline and evaporator are
calculated as well.

10.3.2 Dynamic CTES, water spray system

In Figure 10.16 to Figure 10.18 performance of the ice slurry system is
shown. Figure 10.16 shows storage charging and discharging heat rates
and the storage inventory versus computational time.
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Figure 10.16 Storage charging and discharging rates, consumer load and
storage inventory versus computational time

Calculation has started at 21 h with no ice in the tank and with initial
temperature of the water of 0 °C. It is assumed that during charging cy-
cle ice particles of spherical form with diameter of 0.4 mm are produced.
During the charging period the cooling heat rate is kept constant as it
was the case in example of static ice bank system. As it may be observed
from the Figure 10.17 unlike static, ice-on-coil CTES systems, the prod-
uct of heat transfer coefficient and heat transfer area of charging is con-
stant during the period of ice production. This was to be expected since
the ice slurry is produced directly by cooling of water from 0 °C to -1.6
°C without ice building on cold evaporator surface. In this case
(AA)charging product is related to the heat transfer among water and
evaporator surface, i.e. primary refrigerant, while in case of ice bank sys-
tem (£A4)charging Was related to the heat transfer among the water and the
brine. Therefore the (0A)charging and (£A4)charging products should not be
compared directly. The £4 values in case of ice bank provides informa-
tion on performance of a heat exchanger (spirally wound tubes as an ex-
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tra component of the ice silo), but a.4 in case of the ice slurry system
gives information on the performance of the evaporator. The perform-
ance of both systems during charging should be evaluated at the level of
the refrigeration unit by comparison of their COP. As seen in Figure
10.18 the COP of the ice slurry system is at a constant level of 4.4, while
in the case of the ice bank system it is decreasing with time as more ice is
deposited on the tubes and has an average value of 3.6. In both cases the
characteristics of the same refrigeration unit is used for the COP evalua-
tion.
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Figure 10.17 Water outlet temperature, .4 charging and discharging
product versus computational time

During the discharging cycle same heat load is imposed to the ice slurry
tank as in case of the ice bank system. During almost the entire cycle the
outlet water temperature from the ice tank was slightly higher than 0 °C
(Figure 10.17). Only at the end of the cycle a water temperature rise to
0.2 °C is recorded. The reason for such stable outlet temperature is high
water-ice interface area, due to the size of ice particles. As shown in
Figure 10.17 in the first and second discharging period the (0A4)discharging
product is at the level of 650 kW/K, while in the last petriod it progres-
sively decreases as ice is being melted. In comparison to the static sys-
tem, the ice slurry system shows at least 30 % higher (0A4)discharging prod-
uct. The discharging efficiency curve shows higher values as well.
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Figure 10.18 Refrigeration unit COP and silo discharging efficiency ver-

sus computational time

Energy consumption of the refrigeration unit in a charging mode is cal-

culated as 625.4 kWh.

10.3.3 Pipeline

The sizing of the generator and consumer loop pipelines are carried out
according to the maximum cooling demand that occurs during the dis-
charging period (800 kW) and maximum refrigeration load during the
charging period (275 kW). The design and operating characteristics of

1222324

pipelines in consumer and generator loop are shown in Table 10.1.

Table 10.1 Pipeline design and operating characteristics

Mass
. flow d w L Ap/L Ap

Loop Fluid rate [m] [m/s] [m] [Pa/m] [Pa]

[kg/s]
ag Ice slurry 12 0.125 1 100 90 9000
=3
g
S Water 38 02 12 100 6042 6420
g Supercooled 02 13 100 69 6900
S water
g
& Brine 45.6 02 125 100 92 9200
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10.3.3.1 Chilled water as a transport fluid,
consumer loop

The temperature profiles in the consumer loop heat exchanger is shown

in Figure 10.7. With a water temperature change in the heat exchanger of

5 °C, the requitred chilled water mass flow rate is 38 kg/s. For a velocity

of 1 m/s the needed diameter of pipeline is 200 mm with specific pres-

sure drop 60.4 Pa/m.

10.3.3.2 Ice siurry as a transport fluid, consumer
loop

In Figure 10.19 and Figure 10.20 the transport capability (heat rate trans-
terred by fluid) versus velocity and specific pressure drop respectively of
ice slurry for ice mass fraction of 20 % are shown. The line of minimum
velocity (w min) below which the ice slurry flow is unstable and may lead
to system blockage is plotted as well. By using pipeline DN125 with ve-
locity of 1 m/s (Figure 10.19) the cotresponding pressure drop is 90
Pa/m (Figure 10.20) which is twice compared to flow of water. More-
over, required ice slurry mass flow rate considering ,,full melt off* of ice
at highest cooling demand is 12 kg/s (Table 10.1).
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Figure 10.19 and Figure 10.20 Transport capability and specific pressure
drop of ice slurry for ice mass fraction of 20 %

Pipeline in the generator loop for supercooled water and secondary
working fluid is treated in the similar way. Since the ice mass fraction of
ice slurry flow after the supercooler is only 2 %, the pressure drop is cal-
culated as if it is a flow of water. The pipeline diameter for ice slurry flow
is almost half the size of when water is used for transport of cold. How-
ever pressure drop of the water flow is 30 % lower than for ice slurry
flow. In the generator loop the pipelines are of the same size (200 mm)
but water flow has approximately 30 % lower pressure drop than the
brine flow.
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10.3.4 Heat exchangers

10.3.4.1 Consumer loop

Sizing of the consumer loop heat exchangers is carried out for the high-
est cooling demand of 800 kW (at 12 p.m.) and the outlet water tempera-
ture from the ice bank feed to the heat exchanger of 0.2 °C. In case of
the dynamic CTES system with water spray method the temperature of
the water was less than 0.1 °C. When the ice slurry is used as a secondary
fluid it is assumed that the temperature of ice slurry during melting time
remains constant at 0 °C. In reality due to limited ice particles surface
area and heat transfer coefficient between carrier fluid and ice crystals
superheating of ice slurry occurs. As a consequence temperature of ice
slurry is higher than 0 °C, as the water is not in thermodynamic equilib-
rium with ice crystals. Thermodynamic equilibrium is reached further
downstream of the heat exchanger, in the pipeline, where ice crystals
melt and water temperature decreases reaching the initial freezing tem-
perature. Since the degree of superheating is difficult to asses, its influ-
ence is not considered in the process of heat exchanger sizing. For both
cases whether the water or ice slurry is used as a transport fluid the heat
transfer coefficient on the milk side was considered constant at 2000
W/m?K. In Figure 10.21 heat transfer coefficient (¢) and overall heat
transfer coefficients (&) and also the specific pressure drop of water and
ice slurry flow are shown for tube diameter of 21 mm.
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Figure 10.21 Heat transfer coefficient, overall heat transfer coefficient
and specific pressure drop of water and ice slurry versus flow velocity for
tube diameter of 21 mm
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Since the pressure drop of ice slurry flow during melting is exponentially
decreasing (Egolf et al., 2001) the logarithmic mean pressure difference
method is used to calculate average pressure drop of ice slurry flow in
the heat exchangers. The same method is used to calculate the average
heat transfer coefficient of ice slurry flow during melting.

From Figure 10.21 it is evident that with increasing velocity the overall
heat transfer coefficient is increasing as well. The highest increase is ob-
served in velocity range from 0.5 to 1 m/s since the heat transfer coeffi-
cients of water and ice slurry are similar to the heat transfer coefficient
on the milk side (2000 W/m?2K). With increasing velocity above 1 m/s,
due to unchanged heat transfer coefficient on the milk side only a slight
increase of overall heat transfer coefficient is observed. Consequently,
the area needed of the heat exchanger is decreasing with the same trend
(Figure 10.22).
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Figure 10.22 Heat exchanger area for water and ice slurry flow for tube
diameter of 21 mm

On the other hand with increasing velocity the specific pressure drop in
the single tube of the heat exchanger is increasing as well. To avoid the
increase length of the tube and to keep lower pressure drop, more paral-
lel tube is suggested with a given heat exchanger area. Specific pressure
drop of water and ice slurry flow versus flow velocity for different tube
diameters is shown in Figure 10.23.
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Figure 10.23 Specific pressure drop of water and ice slurry flow versus
flow velocity for different tube diameters

In Table 10.2 summary of heat exchangers design and operating charac-
teristics is shown.

Table 10.2 Heat exchangers design and operating characteristics

. n d w k AGn A N L Ap/L Ap
Loo; Fluid
P [kg/s] [m] [m/s] [W/m?K] [°C] [m] [ [m]  [Pa/m]  [Pa]
by [ce 12 0.01 1 1420 5.1 111 156 22 2040 44880
g slurry
2
g
o Water 38 0.01 1 1230 3 217 492 14 1865 26110
Superc
b ooled 41 0.012 0.5 1073 2.6 98 738 35 457 1600
g water
5
S
Qo Brine 456  0.012 1 700 2.75 143 396 9.6 2168 20813

As it may be observed from Table 10.2 in the consumer loop the ice
slurry heat exchanger is half the area of the water type heat exchanger.
Vice versa the pressure drop of ice slurry heat exchanger is almost twice
that of the water type.

10.3.4.2 Generator loop

Dimensioning of the heat exchangers in the generator loop is treated in
the similar way as in case of consumer loop. With 275 kW of required
cooling capacity for ice production and water supercooled to -1.6 °C the
required supercooled water mass flow rate is 41 kg/s. It is calculated that
the area of the ice slurry heat exchanger in the generator loop is 30 %
lower than of the brine type, but in order to satisfy the condition of
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Re=3400 (0.5 m/s as a maximum water velocity for 12 mm tube) the
number of parallel tubes is much higher with consequently lower pres-
sure drop.

10.3.5 Pumping power
In Table 10.3 the required pumping power and consumed energy in the
consumer and generator loop is shown.

Table 10.3 Pumping power and consumed energy for a design day

. v Ap P B
Loo Fluid
P [m/s] [Pa]  [W]  [kWh]
8 leesmy 00122 53880 2191 19.72
=3
&
S Water 0.038 32530 2472 2225
g Supercooled o500 gs00 697 6.97
< water
2
& Brine 00397 77013 6115 6115

It can be seen that in the consumer loop the difference in pumping
power and consumed energy between ice slurry and water system is low.
Even though the pressure drop in the ice slurry circuit is almost double
the pressure drop of the water system, due to the much lower volume
rate of ice slurry in comparison to the water volume rate, the final pump-
ing power is almost similar. In the generator loop the required pumping
power and consumed energy of the brine circuit is almost ten times
higher than in the case of supercooled water.

Finally in Table 10.4 the results for different systems solution consump-
tion for a design day are shown. It can be seen that dynamic CTES sys-
tem consumes approximately 25 % less energy than the static CTES ice
bank system. Difference in consumed energy between ice slurry trans-
portation and water system is negligible.

Table 10.4 System consumption

Refrigeration unit Pump Total system
System type consumption consumption consumption
[kWh] [kWh] [kWh]
Static icc bank 7724 83.4 855.8
system
. Ice
Dynamic 625.4 26.7 652.1
. slurry
ice slurry
system  Water 625.4 19.72 647.6
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10.4 Conclusion

In the present study results from simulation on performance of a two ice
based cool thermal energy storage systems are presented. In particular
three cases with two system solutions are examined, static CTES system
with chilled water as a transport fluid, dynamic heterogeneous CTES sys-
tem with chilled water and ice slurry distribution. In the last two cases
the ice is produced by a supercooling type of ice generator. In order to
investigate and assess possible economic and energy saving potential of
an ice slurry storage system over conventional static type a computer
simulation models were used.

It is shown that dynamic heterogeneous ice slurry storage system shows
better characteristics in both charging and discharging mode in compari-
son to the static external melt ice-on-coil system. Since the ice slurry is
produced directly without ice building on evaporator surface the refrig-
eration unit COP remains at the same level of 4.4 during charging. On
the other hand for the static CTES system the refrigeration unit COP
will decrease with building of ice to the average of 3.6. During the entire
discharging cycle the dynamic CTES with water spray system show more
stable and lower outlet water temperatures than the static CTES system.
In case of the dynamic CTES with ice slurry system the temperature of

ice slurry in the tank remains at all times at the phase change temperature
of 0 °C.

In generator and consumer loops, the dynamic CTES system show ad-
vantages to the static CTES system as well. The size of the supercooler
heat exchanger is smaller than the heat exchanger for cooling of brine.
Morteover, the pressure drop and the pump energy consumption for ice
slurry production is much lower than for the brine cooling. In the con-
sumer loop the benefit of using ice slurry as a secondary working fluid is
shown through the reduced size of heat exchanger and the pipeline. Re-
quired area of the water type heat exchanger is almost twice the area of
the ice slurry heat exchanger. Same results can be found for the pipe-
lines.

Finally total energy consumption of dynamic CTES system for a design
day is approximately 25 % lower than for the static CTES system. Ac-
cording to the conducted analysis dynamic CTES system with ice slurry
distribution show highest economic and energy saving potential.

However, it should be noted that results presented here for CTES sys-
tem with ice slurry are purely theoretical and should be verified by an ex-
periment. There are many problems of technical nature with operation of
ice slurry components and systems in whole which needs yet to be over-
come.
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11 Conclusions and
Suggestions for future
work

11.1 Conclusions

The expetimental investigation of ice slurry pressure drop and heat
transfer in horizontal straight tubes for cooling applications have been
investigated. In particular mixture of 10.3 % of ethanol water mixture
with initial freezing point is considered. Moreover, theoretical evaluation
of the performance comparison of a static ice bank and dynamic ice
slurry CTES systems has been conducted. The following conclusions can
be drawn with relevance to the experimental work and theoretical analy-
sis.

Due to change in size and shape of ice crystals with time the flow behav-
iour of the ice slurry is time dependant. The pressure drop of ice slurry is
generally higher in comparison to the single phase flow in laminar and in
turbulent flow regime. However for ice concentrations of 15 % and
higher, transition moment from laminar to turbulent flow regime is de-
layed than in case of single phase fluid. This results in same or even
lower ice slurry pressure drop than for single phase flow.

If ice slurry is used for transport of energy it is recommended to keep
the concentration of ice particles at level of 20 % while the velocity
should be generally at the upper boundary of laminar flow regime. At
this concentration ratio of transport capacity to pumping power is found
to be at its maximum while the velocity was high enough for proper op-
eration of the system without blockages.

To predict an ice slurry pressute drop in hotizontal tubes in laminar re-
gime one can exploit Buckingham-Reiner method which gives good re-
sult as long as the buoyancy term is low, i.e. density difference between
ice and liquid solution is small or ratio of ice slurry velocity to tube di-
ameter is large.
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In order to account for stratification effect, the empirical correlation for
ice slurry friction factor in laminar flow regime is derived. It is based on
the present experimental data for 10.3 % of ethanol-water mixture. It

predicts 82 % of experimental data within accuracy of 15 %.

In turbulent regime methods of Dodge-Metzner and Tomita show good
and relatively accurate prediction capability. In comparison to Tomita
method, Dodge and Metzner correlation is less demanding to use.

Beside geometrical characteristics of the straight tubes and thermophysi-
cal properties of the carrier fluid the heat transfer of ice slurry is gener-
ally a function of ice mass fraction and velocity. The imposed heat flux
has no or just minor influence on the heat transfer coefficient.

Up to ice mass fraction between 10-15 % the mean heat transfer coeffi-
cient shows only slight (laminar regime) or no increase (turbulent regime)
in comparison to single phase flow. Beyond that ice mass fraction the
heat transfer coefficient is increased significantly especially in laminar
flow regime (by factor 2) since most of the ice crystals float to the top of
the tube where they disturb the thermal boundary layer. Moreover, it
seems that the ice mass fraction have a greater impact on the heat trans-
fer coefficient than the velocity.

Based on the experimental results, correlation for calculation of local
Nusselt number, for laminar ice slurry flow regime and 10.3 % of etha-
nol-water mixture has been derived. It predicts 75 % of experimental

data within accuracy of £15 %.

For prediction of ice slurry heat transfer in horizontal straight tubes in
turbulent regime for ice mass fractions up to 10 % and for Reynolds
number greater than 2300 the simple Dittus-Boelter correlation based on
thermophysical properties of the carrier fluid can be used with accept-
able accuracy. For higher ice mass fractions specially derived correlations
should be used such as correlation from Christensen and Kauffeld in
case of 10 % ethanol water mixture.

According to the theoretical evaluation it can be concluded that dynamic,
ice slurry based CTES systems posses higher economic and energy sav-
ing potential than static CTES systems. Regarding production and stor-
age of cold, they show higher and inalterable heat transfer coefficient
during charging, higher refrigeration unit COP, higher discharging rates
and thereby more stable and lower outlet water temperatures and simpler
storage design. Regarding consumption of cold, the benefit of using ice
slurry as a transport media is shown through reduced size of heat ex-
changers and pipelines. In the best case scenario the total energy con-
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sumption of dynamic CTES system was found to be approximately 25 %
lower than for the static CTES system.

However there are many problems of technical nature with operation of
ice slurry components and systems in whole which needs yet to be over-
come. Moreover, the cost of ice slurry production components (genera-
tors) at present is relatively high in comparison to the static ice building
method.

11.2 Suggestions for future work

The experimental investigation of ice slurry pressure drop and heat
transfer should be broaden to other secondary fluid pairs and tempera-
ture levels potentially interesting for application in industry and building
sector. Generally, there is lack of pressure drop and heat transfer infor-
mation regarding pure water ice slurry in the literature. Knowledge of
such correlations is crucial for efficient ice slurry system design near zero
temperatures.

Ice slurry production near zero temperature seems to be a major concern
in the application of this system solution. Commercially available ice
slurry generators (scraped surface, fluidized bed) currently present at the
market are not adapted for ice slurry production at temperature levels
near zero. There are only few types of ice slurry generators which can
operate without freezing point depressants. Still this technology is far
from being flawless and universally accepted. A satisfactory solution of
this problem would make it possible to compete with static CTES sys-
tems.

In order to exploit advantages of heterogeneous storages over homoge-

neous and to avoid problems related with ice extraction specially de-
signed ice slurry mixing device is needed.
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12 Appendix A: Measuring

instruments

In this section measuring sensors and instrumentation used in the ex-
periments performed on a static CTES system (ice bank) is discussed.
The measuring system consisted of sensors to measure temperature,
pressute and flow rates, electronic data acquisition/switch unit and a
personal computer. All of the sensors were gathered at a junction box
that allowed connection of ten thermocouples, one resistance thermome-
ter, one differential pressure transducer and two flow meters (one vortex
type and ultrasonic clamp on type). The analog signals (voltage and cur-
rent outputs) from the measuring sensors were read by a data logger
Agilent 34970A which was connected to a personal computer. The
Agilent BenchLink Data Logger 3 software was configured to automate
the measuring procedure. The acquisition unit handled 16 channels
where 15 were addressed to actual measurement and the last channel
corresponded to the thermocouple reference junction. All the data were
scanned and recorded in intervals of 5 seconds.

In order to minimize systematic errors all measuring sensors and instru-
mentations were calibrated and tested against known values prior to ex-
periments.

121 Temperature measurements

Temperature measurements at the test facility were conducted by using
ten K type thermocouples and one Pt100 temperature sensor. K type
thermocouples have a positive chromel wire and a negative alumel wire.
A tolerance for a first class K type thermocouple wire is 1.5 °C be-
tween -40 °C and 375 °C. Due to large distance between measurement
locations and acquisition unit connection between thermocouples and
junction box was accomplished by an extension wire. Resistance ther-
mometers exploit the predictable change in electrical resistance of mate-
rial with changing temperature. Due to high accuracy and repeatability
resistance thermometers are primary choice for measurements below 600
°C. The most common resistance thermometer used in industry is Pt100

sensor. It is made of platinum and has nominal resistance of 100 ohms at
0 °C.
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12.1.1 Temperature calibration

12.1.1.1 Thermocouple calibration

Even though all of the thermocouples were of the same type and were
cut from the same lot control calibration was carried out in order to de-
termine temperature deviation between them. Calibration itself was con-
ducted in a glycol thermostatic bath at temperature levels of -15 °C, -7
°C, 0 °C and 23 °C in the national laboratory accredited for measure-
ments of temperature, pressure, flow and humidity at the Faculty of Me-
chanical Engineering and Naval Architecture (FMENA). The ten ther-
mocouples were compared against standard temperature sensor Pt25.5,
Hart, with accuracy of £0.01 °C. In order to presetve consistency the
same measuring system and instrumentation arrangement was used dur-
ing the laboratory testing’s and on-site measurements as well.

Since all of the thermocouple joints were of the same size, equal re-
sponse rate is assumed. In Table 12.1 results of temperature calibration

are shown.

Table 12.1 Thermocouple calibration

Thermocouple No. Temperature

Standard temperature 4515 749 003 517 2368
sensor Pt25.5

TC1 151 75 0,1 51 236
TC2 151 75 00 50 2306
TC3 151 75 00 50 2306
TC4 150 74 00 51 237
TC5 150 75 00 51 236
TC6 151 75 01 50 236
TC7 150 74 00 52 237
TCS 150 74 01 51 236
TC9 152 77 02 49 235
TC10 153 78 02 48 234

The average temperature deviation of each thermocouple in relation to
the standard temperature sensor was calculated and entered in the acqui-
sition system as a correction value of the temperature reading.

Uncertainty of the calibrated thermocouple is determined from the fol-
lowing components: uncertainty of the temperature standard, uncertainty
of the bridge, uncertainty of gradients and stability of the calibration bath
and the resolution of the device under test (DUT):
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2 2 2 2 2
u = i\/l/l sensor + U bridge + U~ gradient + U stability + U resolution

calib rig

where:

U, - measuring uncertainty of the standard temperature sensor,

+0.01 °C

Uy, 40 - Measuring uncertainty of the bridge, +0.004 °C

u - measuring uncertainty due to temperature gradient between

gradient
measurement locations within the bath, £0.05 °C

u - measuring uncertainty of the bath stability, £0.05 °C

stability

u - measuring uncertainty of the resolution, + 0.1/ NE®

resolution

Therefore the uncertainty of the measuring rig is +0.1 °C.

12.1.1.2 Resistance thermometer calibration
Calibration of the Pt100 resistance thermometer was conducted in a gly-
col thermostatic bath between 0 °C and 5 °C at temperature levels of 0
°C, 0.4 °C, 0.6 °C, 1 °C, 3 °C and 5 °C. Again Pt100 temperature sensor
was compared against standard temperature sensor SPRT, with accuracy
of £0.005 ° C. Table 12.2 shows results of Pt100 temperature calibra-
tion.

Table 12.2 Resistance thermometer (Pt100) calibration

Temperature sensor Temperature
Standard temperature )0 (367 638 1041 3034 5035
sensor SPRT
Pt100 033 075 100 139 339 539

The uncertainty of the measuring rig is £0.015 °C.

12.2 Pressure measurements

Omega PX 750 series high performance output differential pressure
transducer was used for pressure measurements. Performance data given
by the producer are shown in Table 12.3.
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Table 12.3 Differential transducer performance data

Type Range [mbat]| | Current [mA] | Accuracy MV* [%]

Omega PX 750 0-350 4-20 +0.25

* MV — measured value

12.2.1 Pressure calibration

Differential pressure transducer was calibrated before experiments
against the pressure calibrator DRUCK 615 with the uncertainty of 0.025
% within the range of 0-1 bar. The pressure calibrator DRUCK 615 was
calibrated in the Laboratory for process measurement (LPM) at the Fac-
ulty of Mechanical Engineering and Naval Architecture. LPM is accred-
ited DKD (Deutscher Kalibrierdienst - German Calibration Service)
laboratory accredited by PTB (Physikalish-Techniche Bundesanstalt -
Physical-Technical Federal Bureau) of Republic of Germany according
to the EN ISO/IEC 17025 for temperatutre and pressure calibrations
under the DAR (Deutscher Akkreditieruns Rat - German Accreditation
Council) registration number DKID-K-35601. Overall uncertainty of the
calibration of the Omega PX 750 which includes uncertainty of the pres-
sure generation, electrical measurements of the Omega 4-20 mA output
and hysteresis is 0.1 % of the reading.

When calibrating the differential pressure transducers, the negative pres-
sure port of the differential pressure transducer was opened to the at-
mosphere and the positive port was connected to the calibration rig.
Calibration line is shown in Figure 12.1.
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Figure 12.1 Calibration line for the pressure transducer PX 750
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12.3 Flow measurements

Secondary refrigerant (mixture of ethylene glycol and water) flow meas-
urements were conducted by Yokogawa digital YEWFLO vortex type
flowmeter (Yokogawa DY 80). According to the manufacturer, flow me-
ter is suitable for measuring flow of liquids, gas and steam. Multiphase
and sticky fluids should be avoided. A prerequisite is a minimum Rey-
nolds number of 5000. A special care was taken to ensure proper instal-
lation of the flow meter to the test facility. To work propetly fully devel-
oped flow is required. Therefore it was installed at a safe distance from
bends, valves and centrifugal pumps. The flow meter was factory-
calibrated for a flow between 0 and maximum flow rate of 100 m3/h.
The analog output signal range of the unit is 4 to 20 mA. The declared
accuracy of the flow meter is £ 0.75 % of the measured value between
0.3 m/s and 10 m/s.

Measurements of the chilled water flow rate were carried out by Sitrans
FUE clamp-on ultrasonic type flow meter. The measuring range of the
flow meter is from 0 to 12 m/s. For best accuracy operation inside the
Reynolds transition region, between 1000 < Re < 5000 should be
avoided. The declared accuracy of the flow meter is between = 1 and 2
% of the measured value for given pipe diameter and flow velocity. The
accuracy of the flow meter was checked for a flow between 0 and 50
m3/h via volume tank method in the Power Engineering Laboratory at
the FMENA. The analog output signal range of the transmitter was 0 -
10 V for a flow between 0 and the adjusted maximum flow rate of 50
m3/h. In Table 12.4 and Figure 12.2 results of the ultrasonic flow meter
calibration is shown. The highest deviation from the declared accuracy
can be noticed for the lowest flow rate. For the rest of the control points
the accuracy is in rage of = 1 %.

Table 12.4 Ultrasonic flow meter calibration

Measgr(j:ment Referent flow [m3/h] Measured flow [m3/h]
1 3.13 3.42
2 9.42 9.32
3 19.12 19.01
4 23.28 23.12
5 33.75 34.02
6 42.02 42.06
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Measured flow rate [m3/h]
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Figure 12.2 Accuracy of the ultrasonic flow meter
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13 Appendix B:

Uncertainty analysis

Measurement uncertainty is a numerical expression of quality of the
measurement result. Any result of measurement is more or less uncer-
tain. There is no doubt that actual value of the physical quantity exists,
but it cannot be found out by measurement. In the best case one can es-
timate the uncertainty of the measurement and determine the range of
values for which can be said: there is a high probability that the actual
value of the measured quantity is in this range.

The source of errors that occur when performing measurements can be
categorized as rough errors, systematic and random errors. Rough errors
arise due to insufficient attention and care of the person conducting
measurements, negligence, lack of knowledge and selection of an inap-
propriate measurement procedure. By repetition of the measurements in-
fluence of rough errors is reducing.

Systematic errors arise due to imperfection of the measuring procedure
and instruments, due to influence of external disturbances on a measured
value and the personal influence of the operator. Most of the systematic
errors have permanent value and displace measurements in a single di-
rection. This, they can be quantified and taken into account during analy-
sis of the measurement results. Systematic errors of the measuring in-
strtuments can be eliminated or minimized by calibration of the meas-
urement equipment.

Random errors are harder to eliminate. They arise due to changes when
performing experiments in measurement equipment, object and physical
quantity that is being measured, ambient and the measurer. Random er-
rors can be recognized by repetition of the measurements carried out
under same conditions. Consequence of the random errors is uncertainty
of the measurement result.

Uncertainty of the measurement is expressed by standard deviation. Un-
certainty of “type A” (Ua) is determined on basis of frequency distribu-
tion of the individual readings gathered by repetition of the measure-
ments. Uncertainty of “type B” (Us) is usually estimated on basis of as-
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sumed frequency distribution of the readings. According to the
BIPM/ISO standard, combined uncertainty U is geometrical sum of the
individual components,

U=+U?*A»+U" 13.1.

It is recommended to express the quality of the measurement result by
the combined uncertainty. The expression 1 provides a combined uncer-
tainty at a confidence level corresponding to 1o (68 %). However, this
confidence level is usually not satisfactory and 95 % confidence level is
considered. Therefore factor £ is introduced. The overall uncertainty is
calculated as,

U=k-JU*A+U% 13.2

where, £ is a is normally assigned a value in the range between 2 and 3

which corresponds to the confidence level of 20 (95 %) and 30 (99 %)
(Nichols and White, 1994).

13.1 Measurement uncertainty “type A”

Random errors are normally stated as “type A” uncertainties. Type A
uncertainty is determined by a statistical analysis, repetition of measure-
ments and by calculation of the standard deviation of measured results.

The best estimation of expected value X is obtained as a result of N in-
dependent measurements under same conditions. Actually it is a mean
value and is calculated by

1 N
X=—-) X 13.3.
N

The statistical dispersion of the variable X around the arithmetic average
is determined by standard deviation. Standard deviation measures how
spread out the values in a data set are. More precisely, it is a measure of
the average difference between the values of the data in the set. If data
points are all similar, then the standard deviation will be low (close to
zero). The standard deviation computed from a sample of the observa-
tions is given by,

o, = ;-i(x.—f)z 13.4.
X N—1 4 i

i=l1

174



The standard deviation of the mean value, i.e. the uncertainty of the
mean value (standard error of the mean) is defined as a ratio of a stan-
dard deviation and the root of observation number.

o =T = ! -i(x.—)_c)z 13.5.
N-(N-1) &

If the measurements of the variable X were repeated there is a 68 %

probability that each new value would lie withinX * o~ .

Measurement uncertainty of type A is expressed by the standard devia-
tion of the mean value,

U, =0, 13.6.

Most frequently distribution of the measured results follows normal
probability density function.

3o

X-3o X

Figure 13.1 Plot of the normal distribution with mean value X and stan-
dard deviation o,

13.2 Measurement uncertainty “type B”

Systematic errors are normally stated as “type B” uncertainties.

Since the measurement error is only seldom determined by the statistical
approach, different sources of information which describe measuring

uncertainty are used. Due to limited resources, measured value is often a
result of only one measurement. In this case measurement uncertainty is
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estimated on basis of information which are on disposal, such as previ-
ous results of measurement, information acquired from instructions on
measuring instrumentation and sensors, calibration certificates etc.

Measurement uncertainty U(x) needs to be significantly smaller then the
maximum etror 2 of a measuring instrument U << a . For example, as-
sume that the producer stated maximum error of the measuring instru-
ment as —z and +a4. Unless there is no detailed information on distribu-
tion of the measuring values within reliable limits, equal probability of a
measured value occurrence within the interval *z can be assumed. Such
distribution is referred to as rectangle distribution.
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Figure 13.2 Plot of the rectangle distribution with mean value X and

standard deviation O,

Measurement uncertainty of the measured value is equal to the standard

deviation of the measured quantity o, and for rectangle distribution is

Uy,=0,=—F 13.7.

13.3 Combined measurement uncertainty

In most cases it is not possible to measure the desired physical quantity
directly, but it can be determined indirectly by means of some physical
relationship. Generally, indirectly measured physical quantity y is a func-

tion of number of independent variables (x,, .... x,) which are measured
directly:
y=fx,%00x,) 13.8.

176



Each of the variables x; has its own measurement uncertainty. Absolute
uncertainty of the measurement result U(y) is estimated by relation which
is based on approximation with the first term of the Taylor series:

U= z[a_y} ) 139,

i=1 axi

Partial derivations of the physical quantity by input variables are also
called sensitivity coefficients. They indicate how much is measurement
result changing with change of the certain input variable x;.

13.4 Uncertainty of the measurements

13.4.1 Uncertainty of the ice mass
measurements

Ice level inside silo was determined by monitoring the change of a water

level in a compensation tank. Water level was measured by differential

pressure transducer. Ice mass change inside silo during charging or melt-

ing process is calculated as

AM, =AY, LBy gy PP

pw_pi pw_pi

2 )
=d . -7 /4 ice mass

With Ap=p,-g-Ah, and A4

change is

tank

AM- _ dtank2 ﬂ-p1 Ap

ag(p,-p)

The corresponding partial derivatives are

aAMi — dtank2 ”pl and aAMl — dtank .pi Ap )
orp  4-g-(p,—p)  dd 2-g(p,-p)

Density of water and ice is dependant on temperature. Since the tem-
perature of water and ice is changing only slightly during measurement
procedure influence of water and ice density on uncertainty of the ice
mass determination is neglected.
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The uncertainty of ice mass may be written

UM )=+ {%.U(AP)T{‘%M U(dmk)}z.

0Ap od_

tank

The uncertainty of the pressure measurements is calculated according to
the measured pressure and assumed rectangular distribution

Ap=p, —p,
0.1%- p
U(p)=—LX

(p) 100

U(ap)=+U*(p,)+U*(p,)

The uncertainty in determination of the compensation tank diameter is
assumed as a 2 % of the given value

U(d,,)=2%-d,, /100.

tank tank
The uncertainty of the calculated mass of ice was found to be approxi-

mately 2.9 % of the calculated ice mass at a 95 % confidence level.

13.4.2 Uncertainty of the charging rate
Charging rate of the ice bank is calculated as

b,in)'

¢ch = Vb .pb .cpb .(lgb,out _'9
Neglecting the uncertainty in the density and specific capacity of the sec-
ondary working fluid (brine), an expression for the uncertainty in the

measured charging rate can be written as,

U@, )=+ F% -U(Vb)T J{a% -U(Al9b)}2

ov, OAS,

The corresponding partial derivatives are

0D,
aVbh =Py Cpp '(‘Qb,out - ‘9b,in) and

oD,
oA S,

:Vb'pb'cpb-
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The uncertainty of the measured brine volume flow rate is calculated ac-
cording to the measured flow rate and assumed rectangular distribution

o 075%F,
UO@):“OQ)— 100

NG

The uncertainty of the measured temperature difference is calculated as

AG, =8, .. -9

U(AY,)= U (Y0 )+ U (Y, ) = £0.14°C

=~ s U(8)=20.1°C

The uncertainty of the calculated charging rate was found to be ap-
proximately 14 % at a 95 % of confidence level.

13.4.3 Uncertainty of the discharging rate

Discharging rate of the ice bank is calculated as
CDdis = Vw ’ pw ’ pr ’ (lgw,in - lgw,out )
Neglecting the uncertainty in the density and specific capacity of the wa-

ter, an expression for the uncertainty in the measured discharging rate
can be written as,

U@, )=1 {@gﬁ~UGgﬂz+{§§%L1dAgwﬂz.

ov,

w

The corresponding partial derivatives are

oD, oD,
——dis _ c 9. -9 d—ds _p . c. .
an pw pw ( w,in w,out) an 8A19W w pW pw

The uncertainty of the measured brine volume flow rate is calculated ac-
cording to the measured flow rate and assumed rectangular distribution

1%V,
1]0})::003 _ 100

NE]
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The uncertainty of the measured temperature difference is calculated as

Al9W = l9W,in - l9

w,out >

U(9,,)=20.1°C; U(8, . )=+0.015°C

U(A8,)=+JU*(9,,,)+U*(8, ) = £0.101°C

The uncertainty of the calculated discharging rate was found to be ap-
proximately from 1.9 to 5.9 % at a 95 % confidence level.

13.4.4 Uncertainty of the product of overall

heat transfer coefficient and heat transfer area
Product of overall heat transfer coefficient and heat transfer area during
process of charging is calculated as

? Ry

kAch =—N  Where A i = —bout  Tbin
Al9LMTD 1 Toin
l9b,out

Hence, the uncertainty is

2 2
okA okA
UlkA, )=+ . U(D —— . U(AZ .
( ch) |: a @Ch ( ch ):| + |: 6 A LQLMTD ( LMTD ):|

The corresponding partial derivatives are

okd, _ 1 Ok, @,

aqjch A I9LMTD aA '9LMTD A l9LMTD2 .

The uncertainty of the charging rate is already estimated. The uncertainty
of the logarithmic mean temperature difference between brine and water
is calculated as

2 2
OA Y O0A S
U(A'gLMTD):i { a)L(I:/[TD 'U(Xl)} "{ a)?\;m 'U(Xz)}

9. .
and X, =In bin

b,out

9

b,in

where X, =&

,out

Partial derivatives are
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aAlgLMTD — 1 an d aA"9LMTD — ]9
ox,

-9
lgb’in 6 X2 b,out

b,in *

In

b,out

The uncertainties of X; and X are

U(Xl) = i\/Uz('gb,in) + UZ(,gb’ ) =10.14°C and

out

U(x,)=4+ {axz U(sb,in)}z{ ox, U(lgbm)}z‘

81gb,in algb,out
oX 1 oX
With 2 — and 2 _—_ the uncertainty of the vari-
8lgb,in lgb,in al9b,0ut b,out

able X is estimated as U(X2 ) =10.1°C.

The uncertainty of the LMTD between secondary fluid and water is
found to be approximately U (A SLMTD) =40.23°C.

Finally, the uncertainty of the product of overall heat transfer coefficient
and heat transfer area was found to be approximately 28.9 % at 95 %
confidence level.

13.4.5 Uncertainty of the product of heat
transfer coefficient and heat transfer area at
water-ice interface

Product of water to ice heat transfer coefficient and heat transfer area

during process of charging is calculated as

i

9

1

aAj,:

D,
4, -

Heat rate from water to ice is calculated from

st-i = ¢in - ¢w,.9 - QSW,M

. a9 am It
Qw—i = prw pr (lgw,in - l9W,out )_ chpw dfw - pr (lgw - l91) dtw

the sensible heat rate due to change in mass of water in the tank, D

is neglected the water to ice heat rate is
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Qﬁw_i:prwcpw(S 9 )—M c Alg‘”.

w,in  Yw,out W pw A
t

If the uncertainty of thermophysical properties of water and time meas-

urements are neglected and & = 0°C the uncertainty of a4, is

B‘;ji ulp, )T +[§;‘i.u(swym )T {:9“"‘*,(](3“,#“‘ )T .\

oM, oA,

Ulad,)==

The corresponding partial derivatives are

aa.A‘ _ pwcpw(lgw,in _'9w,0ut). aaAl _ prwcpw
v, 9 " 09, 3

w w,in w

dad, _ —V.P.Cp Oad ¢ A8, dad  M,c,

>

08, ou 4, oM, S At T OAY, I At
. A8,
50&1 _ prwcpw (lgw,in - ‘9w,out ) - chpw At
08, P
The corresponding uncertainties are
1%,
U(Vw): CI(VW): 100 : U(‘QW,in): io_loc;

B

U(9, o )= +0.1°C; U(AS, )=+0.101°C .

w,out

The uncertainty of the mass of water is calculated as

Uum,)= i\/{gﬁé : : U(VwO)T + Bjj‘é W UM, )T .

Mass of water is calculated according to
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M.
M, :(Vwo ——IJ- P, where V , is volume of water inside silo

without ice.

It is estimated that the initial water volume can be determined with un-
certainty of 7 %. The uncertainty of the ice mass measurements is al-
ready estimated as 1.9 % of the given value. Therefore, the uncertainty of
the mass of water is £ 7.1 %.

Finally, the uncertainty of the product of a4, was found to be approxi-
mately from 6 to 14.5 % of the calculated value.
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14

Nomenclature

14.1 Chapters 3, 4 and 5

14.1.1 Latin letters

surface area [m?]

coefficients in the friction factor correlation, eq. 3.19
friction factor [-]

specific heat capacity [Jkg 1K1

diameter [m)]

specific enthalpy [Jkg]

investment cost [EUR]

overall heat transfer coefficient [Wm2 K], as defined in eq. 3.3,
3.9 and Figure 4.5

length [m]

mass [kg]

mass [kg]

mass flow rate [kgs]

compressor speed [s7]]

Nusselt number

type of oil cooling

power [W]

Prandt number for water at temperature 0 °C
radius [m]

Reynolds number [-]

refrigerant

time [s]

14.1.2 Greek Symbols

(9

S eI b

heat transfer coefficient [Wm2K-], eq. 3.3, eq. 4.4, Figure 4.12
and Figure 4.14

thickness [m]

difference

dynamic viscosity [Pas]

temperature [°C]

thermal conductivity [Wm K]
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P density [kgm-3]
D heat rate [W]

14.1.3 Subscripts
b brine
c cooling, condensation

comp compressor
conn electrical connection

e evaporation

el electrical

he heat exchanger
i ice

in inlet

M mass

ol oil load

out outlet

pthx  plate type heat exchanger
RT refrigerant

s spiral

s&thx shell and tube heat exchanger
sl solid-liquid

t tube

temp temper ature

tot total (liquid and solid)
w water

wWwW warm water

1 tube inner surface

2 tube outer surface

14.1.4 Superscripts

cv control volume

14.2 Chapters 7, 8, 9, 10 and 13

14.2.1 Latin letters

A additive

a coefficient |-], eq. 8.17, 8.18

b constants [-], eq. 8.25

¢ concentration [-]

Cia constants [-], eq. 8.14

A initial additive concentration [-]
6 specific heat capacity [Jkg K]
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COP  coefficient of performance [-]

pipe inner diameter [m)]

ice particle diameter [m)]

energy consumed by pump [kWh]
Darcy friction factor

functional relationship

gravity constant [ms-2]

Graetz number [-]

enthalpy [Jkg!]

height [m]

Hedstrém number -]

overall heat transfer coefficient [Wm-2K-1]
tube length [m)]

mass flow rate [kgs]

coefficient [-], eq. 8.16, 8.19

mass [kg]

number of ice particles [-], eq. 10.5, 10.8
fluid behaviour index [-], eq. 8.20, 10.16
number of parallel tubes [-]

pressure [Pa]

QO T s A

A

pressure drop [Pa]

pumping power ratio [Wm-], Chapter 8
pumping power [W], Table 10.3
Prandtl number [-]

heat flux [Wm-2]
Transport capacity [W]
radius [m)]

Reynolds number [-]
time [s]

uncertainty [%o]
volume [m?]

wg“&za&gQ §-h?‘”$m®

X

volume flow rate [m3s]
velocity [ms]
axial tube distance [m]

MY TNETRETRR T

14.2.2 Greek Symbols

a heat transfer coefficient [Wm=2K-1]

A8,  logarithmic mean temperature difference [°C]

Ap = p, — p,, density difference [kgm]

& roughness [-], eq. 8.3 to 8.6, shear stress factor [-], eq. 8.24
n dynamic viscosity [Pas]

Nais discharging efficiency [-], eq. 10.20

9 temperature [°C]
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A thermal conductivity [Wm'K-]
Yo, density [kgm-]

T yvield stress [Pa]

D heat rate [W]

14.2.3 Subscripts
b bulk

b brine, Chapter 13

c critical

cf carrier fluid

ch charging

cs cross section

dis discharging
evap  evaporator

f liquid

h hydraulic

i ice

in inlet

ip ice particle
is ice slurry

1 laminar

LMTD logarithmic mean temperature difference
m mean

min minimum

M mixture

n fluid behaviour index
out outlet

R reference

t turbulent

th thermal

vol volume

w water

wall tube wall

0 initial

X axial distance
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