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ABSTRACT
Plans to shut down nuclear power plants in some European countries as well as
increased electricity production by wind and solar power will increase the work load on
hydroelectric power plants in the future. Also, due to the power grid regulations,
hydroelectric power plants undergo more frequent start-ups and shut-downs. During
such transient periods, a large amplitude shaft motion can occur, especially in the
power plants with vertical shafts. Large shaft motion is not desirable because it can lead
to a machine failure. Furthermore, performance limitations of conventional white metal
or babbitted bearings call for the development of new bearing designs. An outstanding
tribological performance can be achieved by introducing compliant polymer liners. At
the same time, bearings with compliant liners may alter rotor-bearing system dynamic
behaviour compared to the systems with conventional white metal bearings. The
research approach of this thesis is to employ nonlinear analysis to provide further
understanding of the compliant bearing dynamic response to synchronous shaft
excitation.
Plain cylindrical journal bearings with different compliant liner thicknesses were
analysed using a nonlinear approach. The numerical model was verified with an inhouse developed code at steady state conditions. Results obtained by the numerical
models showed good agreement. After verification of the numerical model for fixed
geometry journal bearings, models for tilting pad journal bearings were developed.
Results for the tilting pad journal bearing with three pads with line pivot geometry were
compared with published data in dynamic conditions. A good agreement was obtained
between the two numerical models. The effect of pad pivot geometry on bearing
dynamic response was investigated. Vertical and horizontal shaft configurations were
compared in terms of the effect of preload factor, pivot offset, tapers and pad
inclination angles. Influence of the viscoelastic properties of compliant liners was also
studied. All these factors significantly affect bearing dynamic response. It is shown
how these factors should be selected to control the journal orbit sizes. It was also shown
that the compliant liner provides lower maximum oil film pressure and thicker
minimum oil film thickness in the bearing mid-plane in both static and dynamic
operating conditions.
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INTRODUCTION

Today, approximately 50% of the total electricity produced in Sweden is
generated by hydroelectric power plants [1]. In Norway, this share approaches 100%. A
question which can be asked is “why should we use hydroelectric power plants to
produce electricity?” The answer is simple. Hydroelectric power plants use a renewable
energy source, water, to produce electricity. Compared to nuclear power plants which
use radioactive materials or fossil fuel power plants which produce enormous amount
of carbon dioxide, hydroelectric power plants are environmentally friendly.
Hydroelectric power plants nowadays undergo frequent transient periods during startups and shut-downs due to the power grid regulations. For example, wind power is
produced on a windy day, solar power on a sunny day while hydropower is available
any time. These transient periods could damage the machine components in the power
plants due to excessive vibrations during start-ups and shut-downs. Therefore, the
development of more reliable and efficient machine components for hydroelectric
power plants is needed.
1.1

HYDROELECTRIC POWER PLANTS

Most hydroelectric power plants in Sweden are configured with vertical shafts.
However, there are still hydroelectric power plants with a horizontal shaft
configuration. Figure 1.1 presents the schematic of the hydroelectric power plant.

Figure 1.1: Hydroelectric power plant [2]
As water travels from upstream to downstream through the penstock, the hydraulic
thrust of the water acting on the turbine runner rotates the shaft: potential energy of
falling water is converted into the rotational energy. The generator converts this energy
into electricity which is then delivered to the end user. A larger height difference
between the upstream and downstream, or/and higher water flow rates allow more
power to be produced.
1

Figure 1.2 presents the schematic of a vertical shaft configuration typical for many
hydroelectric power plants (Figure 1.1). The vertical shaft is constrained by the thrust
and journal bearings. Journal bearings are usually lightly loaded and control machine
dynamic behaviour. The thrust bearing supports the weight of the vertical shaft and the
force of the water acting on the turbine runner. It is usually heavily loaded.

Figure 1.2: Schematic of a vertical hydroelectric power unit [3]
Typically, a vertical shaft has three guide bearings and one thrust bearing. The journal
bearing located close to the turbine is called the turbine guide bearing (#1). The journal
bearing located under the generator is called the lower guide bearing (#2). The journal
bearing located above the generator is called the upper guide bearing (#3). The thrust
bearing (#4) can be located above the generator or below.
These bearings are designed to operate in the full film lubrication regime. However,
during transient periods, they operate in the boundary and mixed lubrication regimes. A
solution for the heavily loaded thrust bearing is to lift up the shaft using high pressure
oil (hydrostatic system) during start-ups and shut-downs. Use of a hydrostatic system
increases manufacturing and maintenance costs.
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1.2

HYDRODYNAMIC BEARINGS

Figure 1.3 presents the Stribeck curve indicating three different lubrication
regimes. As previously mentioned, journal bearings in a vertical hydroelectric power
plant operate in the full film lubrication regime, also known as the hydrodynamic
lubrication regime. During start-ups and shut-downs, bearings operate in the boundary
and mixed lubrication regimes. As the rotational speed increases, the lubricant is
dragged in between the shaft and the bearings. The lubricant spreads out on the
contacting surfaces and finally the shaft is fully lifted up and enters into the
hydrodynamic regime.

Figure 1.3: Stribeck curve representing different lubrication regimes
•

Boundary lubrication: Two surfaces are in contact, load is carried by the surface
asperities rather than by the lubricant.

•

Mixed lubrication: Some areas of the contacting surfaces are in contact while
other are separated by a lubricant film. Load is carried by both lubricant film
and the surface asperities.

•

Hydrodynamic lubrication: The surfaces are fully separated by the lubricant.
The load is completely carried by the lubricant film.

In the thesis, only full film lubrication regime of bearing operation is considered.
1.2.1 Theory of Operation
Fluid film lubrication problems can be solved using the Reynolds equation. The
Reynolds equation was first derived in 1886 by Osborne Reynolds. In this section, the
Reynolds equation is derived from the Navier-Stokes and continuity equations. The
Navier-Stokes equation considers the dynamic equilibrium of a fluid element which
includes surface forces, body forces and inertia forces. The derivation of the NavierStokes equation, continuity equation and the Reynolds equation is from [4]. Figure 1.4
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shows the surface stresses of an infinitesimal fluid element in a viscous fluid. The fluid
is assumed to be Newtonian and flow is laminar.

Figure 1.4: Stresses on the surfaces of a fluid element
where σ is the normal stress and τ is the shear stress. The first subscript on the shear
stresses refers the coordinate direction perpendicular to the pane in which the stress acts,
and the second subscript refers the coordinate direction in which the stress acts.
Surface forces
The following relations should be noted in relation to the surface forces:
1) For equilibrium of moments on the fluid element, the stress must be symmetric:

τ xy = τ yx , τ xz = τ zx ,

τ yz = τ zy

Eq. (1.1)

2) The hydrostatic pressure, p in the fluid is the average of the three normal stress
components. The minus sign indicates the hydrostatic pressures are
compressive.

σ x + σ y + σ z = −3 p

Eq. (1.2)

3) The magnitude of the shear stresses depends on the rate at which the fluid is
being distorted.
 ∂u

∂u 

τ ij = η  i + j 
 ∂x j ∂xi 

Eq. (1.3)

where η is the absolute viscosity, u i is the components of velocity vector, and
xi is the components of coordinate vector.
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4) The magnitude of the normal stresses can be written as

σ i = − p + λ a ς a + 2η

ςa =

∂u i
∂xi

Eq. (1.4)

∂u ∂v ∂w
+
+
∂x ∂y ∂z

where λ a is a second viscosity coefficient and ς a is the dilatation which
measures the expansion of the fluid.
Substituting Eq. (1.4) into Eq. (1.2) gives
 ∂u ∂v ∂w 
 = −3 p
− 3 p + 3λ a ς a + 2η  +
+
 ∂x ∂y ∂z 

or

Eq. (1.5)

3λ a ς a + 2ης a = 0
2
∴ λa = − η
3

Body forces
The forces needed to accelerate a fluid element may be supplied in part by an external
force field associated with the whole body of the element. If the components of the
external force field per unit mass are X a , Ya and Z a , these forces acting on an element
are
X a ρdxdydz

Ya ρdxdydz

Z a ρdxdydz

Eq. (1.6)

Inertia forces
The three components of fluid acceleration are the three total derivatives as shown. The
change in components of velocity occurs in time, dt .
Du =

∂u
∂u
∂u
∂u
dt +
dx +
dy +
dz
∂t
∂x
∂y
∂z

Eq. (1.7)

In the limit as dt → 0 , dx / dt = u , dy / dt = v , and dz / dt = w . Therefore, if Eq. (1.7)
is divided throughout by dt , the total derivative for the u , v , and w components of
velocity can be written as
Du ∂u
∂u
∂u
∂u
=
+u
+v
+w
Dt ∂t
∂x
∂y
∂z
Dv ∂v
∂v
∂v
∂v
=
+u +v +w
Dt ∂t
∂x
∂y
∂z

Eq. (1.8)

Dw ∂w
∂w
∂w
∂w
=
+u
+v
+w
Dt
∂t
∂x
∂y
∂z

The total derivative measures the change in velocity of one fluid element as it moves in
space. The term ∂ / ∂t gives the variation of velocity with time at a fixed point. The last
three terms are known as convective differential. The resultant forces required to
accelerate the element are
5

ρ

Du
dxdydz
Dt

ρ

Dv
dxdydz
Dt

ρ

Dw
dxdydz
Dt

Eq. (1.9)

Equilibrium
The resultant inertia force is set equal to the sum of the body and surface forces. The
common factor dxdydz is eliminated from each term.
∂σ x ∂τ xy ∂τ xz
Du
= ρX a +
+
+
∂x
∂y
∂z
Dt
∂τ yx ∂σ y ∂τ yz
Dv
= ρYa +
+
+
ρ
∂x
∂y
∂z
Dt

ρ

ρ

Eq. (1.10)

∂τ zy ∂σ z
∂τ
Dw
= ρZ a + zx +
+
Dt
∂x
∂y
∂z

Making use of Eq. (1.1), Eq. (1.3) and Eq. (1.4), the Navier-Stokes equations in the
Cartesian coordinates are

ρ

∂p 2 ∂
Du
(ης a ) + 2 ∂ η ∂u 
= ρX a −
−
Dt
∂x 3 ∂x
∂x  ∂x 
+

ρ


∂p 2 ∂
Dv
(ης a ) + 2 ∂ η ∂v 
= ρYa −
−
Dt
∂y 3 ∂y
∂y  ∂y 
+

ρ

∂   ∂u ∂v  ∂   ∂u ∂w 
η + 
η  +  +
∂y   ∂y ∂x  ∂z   ∂z ∂x 

∂   ∂u ∂v  ∂   ∂v ∂w 

η  +  + η  +
∂x   ∂y ∂x  ∂z   ∂z ∂y 

Eq. (1.11)

∂p 2 ∂
Dw
(ης a ) + 2 ∂ η ∂w 
= ρZ a −
−
∂z  ∂z 
Dt
∂z 3 ∂z
+

∂   ∂u ∂w  ∂   ∂v ∂w 
η  +  + η  + 
∂x   ∂z ∂x  ∂y   ∂z ∂y 

The left side of the above equation represents inertia effects, and those on the right side
are the body forces, pressure gradient and viscous terms.
Continuity equation
The Navier-Stokes equation contain three equations and four unknowns: u , v , w and
p . A fourth equation is supplied by the continuity equation. The principle of mass
conservation requires that the net outflow of mass from a volume of fluid must be equal
to the decrease of mass within the volume. Figure 1.5 shows the mass flow balance
through a fixed volume element in two dimensions.
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Figure 1.5: Mass flow balance through a fixed volume element
The net outflow of mass per unit time is
1 ∂ (ρu ) 
1 ∂ (ρw) 


 ρu + 2 ∂x dx  dz +  ρw + 2 ∂z dz  dx




1 ∂ (ρu ) 
1 ∂ (ρw) 


−  ρu −
dx  dz −  ρw −
dz  dx
2 ∂x
2 ∂z





and this must be equal to the rate of mass decrease within the element
−

∂ρ
dxdz
∂t

Upon simplification this becomes
∂ρ ∂
∂
+ ( ρu ) + ( ρw ) = 0
∂t ∂x
∂z

When the y-direction is included, the continuity equation results
∂ρ ∂
∂
∂
+ (ρu ) + (ρv ) + (ρw) = 0
∂t ∂x
∂y
∂z

Eq. (1.12)

Reynolds equation
The Navier-Stokes equation, Eq. (1.11), can be simplified if the viscosity is assumed to
be constant (η = η 0 ).

ρ

 ∂ 2 u ∂ 2 u ∂ 2 u  η ∂ς
∂p
Du
= ρX a −
+ η 0  2 + 2 + 2  + 0 a
Dt
∂x
∂z  3 ∂x
∂y
 ∂x

ρ

 ∂ 2 v ∂ 2 v ∂ 2 v  η ∂ς
∂p
Dv
= ρYa −
+ η 0  2 + 2 + 2  + 0 a
Dt
∂y
∂z  3 ∂y
∂y
 ∂x

ρ

 ∂ 2 w ∂ 2 w ∂ 2 w  η ∂ς
∂p
Dw
= ρZ a −
+ η 0  2 + 2 + 2  + 0 a
Dt
∂z
∂z  3 ∂z
∂y
 ∂x

Eq. (1.13)
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Also, assuming the inertia effect is small, body force can be neglected and force density
is constant ( ρ = ρ 0 ), Eq. (1.13) simplifies to
∂p ∂  ∂u 
= η 0

∂x ∂z  ∂z 

Eq. (1.14)

∂p ∂  ∂v 
= η 0 
∂y ∂z  ∂z 

The pressure gradient across the film thickness is zero. Therefore, dp / dz = 0 . The
viscosity does not vary in x and y directions and by taking the average value of the
viscosity across the film, integration of Eq. (1.14) gives the velocity components as
1 dp
η dx
1 dp
v=
η dy

u=

z2
+ Az + B
2
z2
+ Cz + D
2

Eq. (1.15)

where A , B , C , and D are the integration constants. Imposing zero slip conditions
where z = 0  u = 0 and z = h  u = u . Then the first boundary condition gives
B = D = 0 and second boundary condition gives,
A=

u h dp
−
h 2η dx

C=

v h dp
−
h 2η dy

Eq. (1.16)

Therefore, substituting integration constants into Eq. (1.15) gives,
1
2η
1
v=
2η

u=

dp 2
uz
z − zh +
dx
h
dp 2
vz
z − zh +
dy
h

(

)

(

)

Eq. (1.17)

The volume flow rate per unit width in the x and y directions are defined as
h

q ′x = ∫ udz
0

h

Eq. (1.18)

q ′y = ∫ vdz
0

Substituting Eq. (1.17) into Eq. (1.18) gives
q ′x = −

h 3 dp uh
+
12η dx 2

h 3 dp vh
q ′y = −
+
12η dy 2
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Eq. (1.19)

Thus, to satisfy the Continuity equation, substituting Eq. (1.17) into the Continuity
equation, Eq. (1.12) and integrating across the film gives
h

 ∂ρ

∫  ∂t
0

h

+

∂
(ρu ) + ∂ (ρv ) + ∂ (ρw) dz = 0
∂x
∂y
∂z


h
h


∂ρ
∂h ∂ 
∂h ∂ 
− ρu +  ρ ∫ udz  − ρv +  ρ ∫ vdz  = 0
∂t
∂x ∂x  0
∂y ∂y  0



Since there is no velocity component across the film, w term can be neglected. By
rearranging the above expression gives
∂ρ
∂h
∂h
∂  ρh 3 ∂p  ∂  ρh 3 ∂p  ∂  ρhu  ∂  ρhv 

 + 
 = 
 − ρu − ρv + h
+ 
∂x
∂y
∂t
∂x  12η ∂x  ∂y  12η ∂y  ∂x  2  ∂y  2 

The Poiseuille terms on the left hand side describe the net flow rates due to pressure
gradients within the lubricated area. The first and second terms on the right hand side
are the Couette terms which describe the net entraining flow rates due to surface
velocities. The third and fourth terms on the right hand side are the squeeze terms. Last
term on the right hand side is the local expansion term which describes the net flow rate
due to the local expansion. The last three terms on the right hand side can be
represented as the following from the principle of mass of conservation:
∂
(ρh ) = − ρu ∂h − ρv ∂h + h ∂ρ
∂
∂x
∂y
∂t

Eq. (1.20)

The final form of the Reynolds equation is then given as the following in the Cartesian
coordinate.
∂  ρh 3 ∂p  ∂  ρh 3 ∂p  ∂  ρhu  ∂  ρhv  ∂

+ 
= 
 + (ρh )
+ 
∂x  12η ∂x  ∂y  12η ∂y  ∂x  2  ∂y  2  ∂t

Eq. (1.21)

1.2.2 Plain Journal Bearings
Plain cylindrical journal bearings (Figure 1.6a) are found in various rotating
machinery from small electrical motors to large generators, turbines and pumps. They
are widely used because of their long-term performance, low cost, quiet operation, high
damping properties, split design, and smaller outside diameter compared to rolling
element bearings. Figure 1.6b presents the hydrodynamic pressure build-up in the plain
cylindrical journal bearing and Figure 1.6c shows the cross-section of the plain
cylindrical journal bearing
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a)

b)
c)
Figure 1.6: Plain cylindrical journal bearing [5] (a),
hydrodynamic pressure build-up [6] (b) and cross-sectional view (c)
where OB is the bearing centre, O J is the journal centre, e is the journal eccentricity
measured between the bearing and journal centre, h is the oil film thickness in the
bearing, W is the static load, ω is the rotational speed, φ is the attitude angle, θ is
the angle measured from line of centre and X , Y are the bearing coordinates.
Generally, three basic requirements should be fulfilled to allow bearings to operate in
the hydrodynamic regime: converging geometry, relative surface motion and viscous
fluid. As the shaft spins in the counter-clockwise direction (Figure 1.6b), the
converging geometry between the bearing and shaft surfaces is formed due to the static
load (weight of the shaft) that forces the shaft off the bearing centre. The viscous
lubricant is dragged into the converging gap and the hydrodynamic pressure is created.
Due to the eccentricity of the shaft, a diverging gap is also formed. Hydrodynamic
pressure in the diverging gap falls to the cavitation level, and as a result, the shaft is
shifted in the direction of sliding. Furthermore, when the shaft centre of gravity does
not coincide with its geometrical centre, a shaft unbalance is created. This generates
10

synchronous vibration in the rotor-bearing system. The shaft unbalance is an inevitable
element of a rotor-bearing system due to manufacturing and assembly tolerances. Other
bearing geometries like offset halves, elliptical, pressure dam or tilting pads are used to
decrease the oil film temperature and enhance the stability of the rotor-bearing system,
which highly depends on the operating characteristics.
Dynamic characteristics of a fixed geometry bearing are represented by four stiffness
and four damping coefficients, which are calculated at the journal equilibrium position
using a linearized approach. A detailed explanation is given in [7]. One of the problems
with fixed geometry bearings is instability due to the cross-coupling terms. Depending
on the load and rotational speed, subsynchronous, unwanted vibration may occur due to
the destabilizing cross-coupling forces. This phenomenon is also known as ‘oil whirl’
which occurs at half of the rotational frequency. The amplitude of the oil whirl
increases as the rotational speed increases and at a certain point, the amplitude of the oil
whirl increases dramatically. This is called an ‘oil whip’ which does not depend on the
rotational frequency but it locks itself at the rotational frequency at which the first oil
whip has occurred.
1.2.3 Tilting Pad Journal Bearings
The use of tilting pad journal bearings increases due to their superior dynamic
performance compared to other types of journal bearings. There are tilting pad journal
bearings with different numbers of pads, Figure 1.7a (ranging from three pads and up)
[8] depending on the operating characteristics. Figure 1.7b presents the cross-sectional
view of the tilting pad journal bearing with three pads which is used in this thesis.

a)
b)
Figure 1.7: Waukesha tilting pad journal bearing [9] (a) and cross-sectional view of
journal bearing with 3 tilt pads
W is the static load, ω is the rotational speed, θ is the angle measured from centre of
line and X , Y are the bearing coordinates.
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Hydrodynamic pressure causes the pad to tilt and creates a converging geometry
between the pad and the shaft. The tilt follows changes in bearing load and speed. The
tilting motion of the pads helps to minimize the cross-coupling effects. Since the crosscoupling stiffness coefficients are small, they are usually assumed to be zero. There is
an exception. If the tilting pad journal bearing has an anisotropic configuration (5 pads,
with load on pivot), then the cross-coupling coefficients are not equal to zero and an oil
whip can occur at certain operating conditions [10]. Tilting pad bearings have lower
damping and stiffness than fixed geometry bearings [11]. Since there are moving parts
in tilting pad bearings (mechanically more complex compared to plain cylindrical
journal bearings) there might be a higher chance of component failure like pivot
fatigue. Furthermore, they are more complex to analyse. When it comes to dynamic
analysis of tilting pad journal bearings, the complexity of linearized approach increases
due to the moving parts. The tilting pads provide extra degrees of freedom that result in
(5N+4) stiffness and (5N+4) damping coefficients, where N is the number of pads in
the bearing [12-14]. These coefficients can then be reduced to eight equivalent stiffness
and damping coefficients resulting in a possible loss of information in the process. In
addition, the reduced coefficients are only valid for synchronous shaft vibration [12].
1.2.4 Bearing Liners
In the early days, bearings were fabricated with hard wood called ‘lignum vitae’.
Lignum vitae was used for water lubricated bearings in ships and hydroelectric power
plants due to its self-lubricating qualities. Then, babbitt metal (also known as white
metal) was patented in 1839 by Isaac Babbitt. Typical compositions of the white metal
are tin-lead and tin-copper alloys. The purpose of having white metal as the bearing
liner is to avoid shaft damage. Since the bearings are cheaper to replace than the shaft,
it is a good solution. Also, contaminating particles in the oil are embedded into the
white metal preventing shaft damage in the thin oil film regions. There is an operating
temperature limitation for white metal bearings. If bearings are subjected to higher
loads and rotational speeds, operating temperature may dramatically increase which
softens the white metal. Furthermore, deformation of the pads due to thermal effects
becomes more pronounced with an increase in the size of the bearings, for example, in
large rotating machinery like hydroelectric power turbines. Some compliant liners have
a much lower thermal conductivity and act like a thermal insulator for the bearing.
Therefore, thermal deformation of the pads can be considerably reduced compared to
the white metal bearings. Compliant liner on the load carrying side of the bearing does
not only improve bearing tribological performance but also increases its load carrying
capacity [3, 15]. Figure 1.8 shows plain bearings with compliant liners.
Compliant materials like polytetrafluoroethylene (PTFE) provide low start-up and
break-away friction [15]. A compliant liner can reduce wear and friction while
increasing the operating temperature range with excellent anti-seizure properties [3,
15]. Figure 1.9 shows breakaway friction at 25oC for different bearing liner materials
sliding against carbon steel plate [15].
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Figure 1.8: Plain bearings with compliant liners [16]
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Figure 1.9: Break-away friction vs. contact pressure at 25oC (a) and
block on test arrangement (b)
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A dramatic decrease in friction from white metal to pure PTFE can be seen. The
friction coefficient for pure PTFE is more or less constant at different contact pressures.
This shows that PTFE applied to the load carrying side of the bearings reduces friction
in the bearings during start-ups and shut-downs and a complex hydrostatic system can
be avoided.
Furthermore, it was shown using a thermohydrodynamic analysis of a plain cylindrical
journal bearing that oil film thickness and load carrying capacity can be improved and
maximum oil film pressure can be reduced by up to 40% by using the compliant liner
of 1mm thickness [17]. However, introduction of the compliant liner may affect
bearing dynamic characteristics [16, 18]. This issue requires further investigation.
1.2.5 Summary of The Literature Review
Nonlinear analysis is usually used when the journal amplitude motion is greater
than 40% of the bearing diametrical clearance [7]. The time dependent Reynolds
equation and equations of motion should be solved to obtain the final journal
trajectories. There are limited publications on the topic of nonlinear analysis of fixed
geometry and tilting pad journal bearings. An isothermal nonlinear analysis was used in
[19] to investigate journal motion trajectories for compliant shell bearings. It was
concluded that deformation of the compliant liner influences bearing dynamic
performance to such an extent that the linear analysis could not be used even for small
shaft displacements. Damping was improved when a compliant liner was considered.
Van de Vrande [20] investigated short and long compliant journal bearings using a
nonlinear isothermal analysis. Critical journal speed was shown to decrease for short
bearings and increase for long bearings with more compliant liners. The influence of
two-dimensional pad deformations on the shaft trajectory was investigated by [21] for a
tilting pad journal bearing. It was shown that due to the pad deformations at a large
shaft unbalance, the journal orbit amplitude increased by 20% compared to the rigid
pad configuration. The importance of three-dimensional analysis to account for changes
in the bearing dynamic response due to pad deformations in the radial and axial
directions was demonstrated in [22]. A tilting pad journal bearing with rigid and elastic
pads subjected to a synchronous unbalance load was analysed in [23]. It was concluded
that pad flexibility must be taken into account. The same authors [24] investigated an
elastic tilting pad journal bearing operated in a misaligned condition. It was shown that
at low values of shaft misalignment, the elastic and thermal distortions of the pads
compensated for a decrease in the oil film thickness. The preload effects of a guide
bearing were investigated by [25]. The author had performed in-situ measurements in a
Francis type hydraulic pump-turbine to compare the results with theoretical analysis. It
was concluded that without preload, the vibration level and bearing metal temperature
were very high. The rotor dynamics of a hydro-generator unit was analysed by [26].
The finite volume method and the successive over relaxation iteration method were
used to analyse the rotor dynamics of the hydro-generator unit. It was shown that a
squeeze effect cannot be neglected when solving the Reynolds equation. It was
concluded in [27] that an unbalance in a vertical rotor-bearing system forced the shaft
to have a precession motion at the rotational frequency. Thus, the unbalance had a
stabilizing effect preventing unstable whirl from occurring in the system.

14

None of the publications dealing with nonlinear analysis considers either steady state or
dynamic performance of compliant tilting pad journal bearings. Furthermore, tilting
pad journal bearings have been investigated with line pivot pads only. The
implementation of the compliant liner on the load carrying side of the tilting pads may
further increase the compliance of the bearing. Also, oil film pressure distribution in the
compliant tilting pad journal bearings in dynamic conditions may be different
compared to the white metal bearings.
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2 OBJECTIVES
The objective of this research is to study the dynamic response of compliant
hydrodynamic journal bearings to synchronous shaft excitation. In order to accomplish
this goal, the research was carried out in several consecutive steps with a gradual
increase in model complexity using a commercial finite element software package.
At the first stage:
• Develop a model and investigate the dynamic response of plain cylindrical
journal bearings with and without compliant liners
• Investigate the dynamic response of the plain cylindrical journal bearings with
viscoelastic properties of the compliant liner
At the second stage:
• Increase the complexity of the numerical model to simulate tilting pad journal
bearings with different pad design parameters
• Compare the nonlinear dynamic response of compliant bearings in vertical and
horizontal shaft configurations
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3 NUMERICAL MODEL
3.1

GOVERNING EQUATIONS

The time dependent Reynolds equation in a cylindrical coordinate system is
written as follows:
1 ∂  ρh 3 ∂p  ∂  ρh 3 ∂p 
∂
∂h

 + 
 = 6ωρ
+ 12 (ρh )
2
∂θ
∂t
R ∂θ  η ∂θ  ∂z  η ∂z 

Eq. (3.1)

where R is the radius of the bearing, h is the oil film thickness, η is the dynamic
viscosity of lubricant, ω is the rotational speed, z is the axial coordinate of the bearing,
p is the oil film pressure, ρ is the density of lubricant, θ is the angle measure from
the line of centre and t is time.
Motion of the journal mass centre in the Cartesian coordinate system is expressed as
follows (Figure 1.6c):
Mx = Fx + Mξω 2 sin (ωt )

Eq. (3.2)

My = Fy + Mξω 2 cos(ωt ) − W

where M is the mass of the shaft, ξ is the shaft unbalance eccentricity, Fx , Fy are the
oil film reaction forces, W is the static load, and x, y are accelerations of the journal.
The second term on the right hand side of Eq. (3.2) is the unbalance force.
Journal bearings, especially plain cylindrical, are highly influenced by the low pressure
zone where ‘cavitation’ occurs. The diverging gap is always present in journal bearings.
Therefore, in order to satisfy the flow continuity condition, a density-pressure
cavitation model was introduced. This cavitation model was used in [28, 29]. The
density of lubricant is kept constant when the pressure is above saturation pressure but
when the pressure is below the saturation pressure, then the lubricant density, ρ , is
governed by the following mathematical expression.

ρ0

if
2
3
 
 p  
ρ =   p 
 − 2

if
ρ 3
 0   p sat 
p sat  




 

p > p sat
p ≤ p sat

Eq. (3.3)

where ρ 0 is the initial density of the lubricant, p sat is the saturation pressure and p is
the pressure in the lubricant. The flow continuity is satisfied in the cavitation region by
the above expression.
For the plain cylindrical journal bearings, oil film thickness can be represented as the
sum of two terms: journal displacement and bearing deformation.
h(θ ) = C b (1 + e cos θ ) + δ r

Eq. (3.4)
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where C b is the bearing radial clearance, and e is the journal eccentricity (Figure 1.6).
Since bearing housing is assumed to be rigid, bearing deformation, δ r , only represents
compliant liner deformation. It is a function of pressure and compliant liner properties.
Liner deformation increases film thickness in the mid-plane of the bearing and affects
its dynamic response [28].
The oil film thickness expression for tilting pad journal bearings is written as follows:
h(θ ) = C P − (C P − C b ) cos(θ − ψ i ) − (R + d )δ i sin (θ − ψ i ) + x cos θ + y sin θ + δ r Eq. (3.5)

where C P is the pad radial clearance, ψ i is the pivot position of pad i, d is the pad
thickness, x, y are the journal displacements, and δ i is the initial tilt angle of pad i
(Figure 1.7b). The term δ r describes pad liner and pad backing deformation. In tilting
pad journal bearings, there is a parameter which helps bearings to perform with higher
stability. It is the preload factor. Figure 3.1 shows the definition of the preload.

Figure 3.1: Preload in the tilting pad journal bearing
The preload in tilting pad journal bearings is defined as follows:
m =1−

( Rb − R S )
C
=1− b
(R P − R S )
CP

Eq. (3.6)

where RS is the radius of the shaft, Rb is the radius of the bearing, and RP is the radius
of the pad. Usually, lightly loaded bearings are purposely preloaded to stiffen the rotorbearing system.
Deformation of the compliant liner and pad backing are calculated using a 6 by 6
elasticity matrix, which takes stress and strain into account in x , y and z directions
[30].
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3.2

BEARING GEOMETRY

Plain cylindrical journal bearings with and without compliant liners are modelled
as a starting point. Plain cylindrical journal bearings are much simpler to model
compared to other bearing geometries and there are many available publications to
verify the numerical model. The numerical models developed using a commercial
software package [30] is compared with the in-house numerical code. Then, a gradual
increase in complexity of the numerical model is carried out. Tilting pad journal
bearings with different pad design parameters are investigated.
3.2.1 Plain Cylindrical Journal Bearings
Figure 3.2 presents the 3D view of the plain cylindrical journal bearing. A
reference case with a white metal bearing is compared to compliant bearings with
different liner thicknesses to investigate dynamic response under synchronous
excitation.

Figure 3.2: Oil film pressure distribution (in Pascal) in the
plain cylindrical journal bearing
3.2.2 Tilting Pad Journal Bearings
Figure 3.3 presents the 3D view of tilting pad journal bearings. The oil film
pressure distributions in the tilting pad journal bearing are shown. Three and four shoe
tilting pad journal bearings are modelled. A reference case with a white metal bearing
is compared with compliant bearings with different liner thicknesses.
The verification of the tilting pad journal bearing is carried out by comparison with
three shoe tilt pads in the horizontal shaft configuration. The dynamic behaviour of
tilting pad journal bearings with different pad support geometries is investigated. Then,
four shoe tilt pads are used to investigate the bearing dynamic behaviour in the vertical
shaft configuration.
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Figure 3.3: Pressure distribution (in Pascal) in the tilting pad journal bearings
3.3

BEARING LINER

There are no available publications on PTFE viscoelastic properties. Therefore,
measurements of the viscoelastic properties of PTFE were carried out in-house.
3.3.1 Viscoelastic Model
A deformation model of polymer materials can be represented as a combination
of Hooke’s law (elastic component) and Newton’s law (viscous component). The
Maxwell model is used to combine these two components, which is a common
approach to describe solid body viscoelastic properties [31]. It is represented by an
elastic spring at one end and a series of elastic springs and viscous dashpots connected
as shown in Figure 3.4 [31]. This model is also known as the generalized Maxwell
model.

Figure 3.4: Generalized Maxwell model

η i is the relative damping coefficients, τ i is the relaxation time constants, and Gi is

the relative stiffness coefficients. In the generalized Maxwell model, relaxation time
constants and relative stiffness determine how a compliant liner would behave. PTFE
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and polyetheretherketone (PEEK) like materials are used in this thesis. Table 3.1
presents the polymer liner material properties and Table 3.2 gives viscoelastic
properties, which were obtained from our measurements. Viscoelastic properties of
PEEK like material were obtained by multiplying relative stiffness in Table 3.2 by 50.
Table 3.1: Polymer liner properties
Young’s modulus, E
0.11 × 10 9 [ Pa ]
Poisson’s ratio, ν
0.46 [--]
Density, ρ
2200 [ kg / m 3 ]
Compliant thickness, d
1 , 2 , 3, 4 [ mm ]
Table 3.2: Measured viscoelastic properties
Branch Relaxation time Relative
constant (s)
stiffness
1
1
0.1272
2
6
0.1109
3
40
0.0033
4
251
0.0408
5
1585
0.0233
6
10000
0.0270
3.3.2 Measurements of Viscoelastic Properties
A tensile strength machine was used to measure PTFE viscoelastic properties,
Figure 3.5. A 40mm x 40mm x 4mm PTFE square blocks were used as samples. From
the measurements, viscoelastic properties are found using a Prony series.

Figure 3.5: Tensile strength machine
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To verify the viscoelastic properties, a simple simulation is carried out. A load is
applied on top of the rectangular block which has the material properties of PTFE.
After loading the block (at 3s), the load is released and kept then constant. Figure 3.6
shows the results obtained from this simple simulation.

Figure 3.6: Verification of viscoelastic properties
In the purely elastic case, the material finds its equilibrium state instantaneously when
the load is released (at 5s) and kept constant (at 8s). In the viscoelastic case, it takes
much longer time for the material to find its equilibrium state after releasing the load.
Since there is no damping in the elastic case, the deformation of the block is larger
compared to the viscoelastic case.
3.4

NOTES ON THE NUMERICAL PROCEDURE

A finite element simulation tool [30] is used to model and analyse nonlinear
dynamic behaviour of journal bearings. Starting with an initial guess of oil film
thickness, the Reynolds equation, equations of motion and the structural deformation
equation are simultaneously solved until the final equilibrium journal orbits are
obtained [30]. The analysis is performed for incompressible, isoviscous and laminar
flow of a Newtonian lubricant.
Convergence criteria are chosen in a way that a smaller value results in no visible
discrepancies in the results, while a larger value produces considerably higher deviation
in the results. A comparison of different convergence criteria for the viscoelastic
simulations is done. Large differences are found between 10-3, 10-5 and 10-7. At the
same time, 10-8 shows no visible discrepancy when compared to 10-7. Therefore a
convergence criterion of 10-7 is used for pressure and displacements.
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4 RESULTS AND DISCUSSION
The numerical models developed using the software package are verified with
published data. Plain cylindrical journal bearings are studied using both linear and
nonlinear analyses as a starting point to verify our numerical models. A comparative
analysis of plain cylindrical journal bearings is carried out to investigate applicability of
the following aspects used in the journal bearing analysis: linear approach vs. nonlinear
method; plain strain hypothesis vs. full liner deformation model; and liner elastic strain
vs. viscoelastic deformation.
After the verification of the plain bearing models, tilting pad journal bearings are
modelled to investigate the effects of pad compliance (pad backing and liner materials,
pad support design) and shaft configuration (vertical and horizontal). Nonlinear
analysis is used due to the expected large amplitudes of shaft vibration typical for
hydroelectric power plants with vertical shafts in some operating conditions.
4.1

LINEAR VS. NONLINEAR MODEL

Plain cylindrical journal bearings are considered to compare linear and nonlinear
dynamic models. A complex linear model is developed in-house for the fixed geometry
journal bearings [17]. Thus, as a starting point in developing a nonlinear model, it is a
good approach to compare it with the in-house linear model.

Figure 4.1: Large amplitude journal motion in compliant bearings with 2mm liner
thickness. Solid line - linear analysis and dotted line - nonlinear analysis
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For large journal amplitudes, the unbalance, Mξω 2 = W / 2 , as in [7] is used. 20% of
the calculated large unbalance eccentricity is used for small journal amplitudes. Figure
4.1 presents large journal motions in compliant bearings with 2mm thickness. The solid
line is obtained using linearized coefficients whereas the dotted line is calculated using
nonlinear analysis. It is clear that the results from the linear analysis do not agree well
with the results obtained by the nonlinear analysis. This discrepancy increases as the
compliant liner deformation increases.
The results obtained by the linear analysis are commonly used in practice to predict
bearing behaviour. However, this may be only valid with an assumption that the
machine is operating with no large vibrations. In real rotating machineries, due to
assembling and manufacturing tolerances, a large unbalance may be present.
4.2

COMPLIANT LINER

Modelling of a compliant liner is carried out in two phases: first, considering only
purely elastic liner and second, accounting for the viscoelastic properties of the liner.

Figure 4:2: Pressure profiles obtained using plane strain (PS) and full deformation (3D)
models
4.2.1 Plane Strain vs. Full Deformation
A plane strain hypothesis can be used in both linear and nonlinear models when a
complaint liner is relatively thin, 2mm or less (in our case). A full deformation model
must be used for a relatively thick compliant liner, more than 2mm thick. Thickness
criterion will be different if geometry, load or material properties are changed. Figure
4.2 shows pressure distributions obtained using a plain strain hypothesis (PS – solid
line) and full deformation (3D – dot) for a compliant bearing with liner thickness of
4mm. Different rotational speeds are considered. At 1000rpm, the pressure is not so
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high. Therefore, the deformation of the compliant liner is small and both plain strain
hypothesis and full deformation models give reasonably good agreement. This
discrepancy increases with an increase in rotational speed. At 3000rpm, full
deformation model results in 10 percent lower maximum oil film pressure compared to
the plain strain hypothesis model. This is due to the material deformation in the radial
and the axial directions. The plane strain deformation model can be safely used instead
of the full deformation model to reduce the computation time for compliant liner
thickness of 2mm or less (in our case).
4.2.2 Elastic vs. Viscoelastic
Viscoelasticity was found to decrease the journal orbit amplitude by reducing the
amount of deformation compared to the pure elastic case. Thus, it results in a smaller
final journal orbit as shown in Figure 4.3 for the plain cylindrical journal bearings. The
compliant liner thickness of 4mm is considered and compared to the white metal
bearing at a rotational speed of 500rpm.
Even though the implementation of the compliant liner results in higher journal
eccentricity compared to the white metal bearing, the journal amplitude motion is
indeed smaller for the compliant bearing with viscoelastic properties (both in the radial
and circumferential directions). In the viscoelastic case, the journal amplitude is the
smallest in the radial direction whereas in the purely elastic case, it is the largest. White
metal bearing gives a journal orbit with an amplitude size between the two cases (in the
radial direction, white metal and purely elastic cases result in 4 percent and 2 percent
larger journal amplitude compared to the viscoelastic case. In the circumferential
direction, white metal and viscoelastic cases result in 13 percent and 3 percent larger
journal amplitude compared to the purely elastic case).

Figure 4.3: Journal orbit comparison: white metal, elastic and viscoelastic
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Liners with viscoelastic properties are also considered in a tilting pad journal bearing
with vertical (Figure 4.4a) and horizontal (Figure 4.4b) shaft configurations. The
properties of VISCO1 and VISCO2 are shown in Table 3.2.

a)
90

270
0.2
0.4
0.6

White metal
VISCO1
VISCO2
ELASTIC

0

b)
Figure 4.4: Comparison of the viscoelastic and elastic liner responses, 3mm thickness,
vertical shaft (a) and horizontal shaft (b)
Viscoelasticity always results in the final equilibrium journal orbit positioned between
those for the white metal and purely elastic compliant bearings. If a stiffer viscoelastic
material is used, the journal orbit is expected to approach a journal orbit of the white
metal bearing as shown in Figure 4.4 (VISCO2).
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4.3

INFLUENCE OF PAD COMPLIANCE

A journal bearing with 3 tilt pads is used to investigate the effect of pad
compliance on shaft behaviour. The compliance in the bearing is varied by changing
stiffness of the pad backing, introducing a compliant liner and considering different pad
support geometries. It is shown that these factors can either increase or decrease shaft
vibration. Dynamic behaviour of journal bearings with line pivot pads and ball-socket
pivot pads is compared. White metal bearings are compared to compliant bearings with
a compliant liner thickness of 1mm.
4.3.1 Compliant Liner
Implementation of a compliant liner with 1 mm thickness on the load carrying
side of the tilting pads increases pad compliance. The trend is the same for pads with
line and ball-socket pivots. A compliant liner with properties shown in Table 3.1 is
used in the simulations.
When the dynamic load is small (unbalance eccentricity ξ = 100 µm , 33% W where
W = 30kN ), the shapes of the journal orbits are similar but the size of the orbit is
slightly larger for the compliant bearing, Figure 4.5. The compliant liner increases
journal eccentricity as expected. For a large dynamic load ( ξ = 300µm , 100% W ), the
journal transient motion is extremely large in the compliant bearing compared to the
white metal bearing. Two small peaks observed at the bottom corner of the journal orbit
in the white metal bearing are significantly amplified in the compliant bearing case.

Figure 4.5: Journal orbits, line pivot pads
We could now investigate a combined effect of pad backing elasticity and compliant
liner on the journal orbits. Young’s modulus of the pad backing is set to E = 10E 0 ,
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where E0 is the Young’s modulus of steel. Figure 4.6 presents the journal orbits at
different unbalance eccentricities, 100µm and 300 µm .

Figure 4.6: Journal orbit, line pivot pads, 10E 0
As expected, even though the compliance of the pad backing is decreased by one order
of magnitude, the final orbit is still larger for the bearings with compliant liners.
However, lower pad backing compliance provides slightly lower journal eccentricity
and decreases journal amplitude at the bottom corner of the orbit for both 100µm and
300µm unbalance eccentricities.
4.3.2 Pad Support Configuration
Another degree of freedom for the tilt motion can be added to study the influence
of pad support configuration. Figure 4.7a shows journal orbits for line and ball-socket
pad support configurations. A significant change in dynamic behaviour can be
observed. First of all, the size of the journal orbit is much larger for the pads with a
ball-socket pivot. The ball-socket pivot pads provide higher eccentricity due to the
additional pad bending in the axial direction. The pad support area for the line pivot is
larger and the pads are supported in the axial direction. Thus, pad deformations are
much smaller in the axial direction. Ball-socket pivot pads are deformed in the axial
direction, which leads to an increase in lubricant side leakage, reducing load carrying
capacity.
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a)

b)
Figure 4.7: Journal orbits, steel backing (a) and E = 10E 0 (b)
When the pad backing compliance is decreased ( 10E 0 ), the journal orbits for the line
and ball-socket pivot pads have about the same size and shape (Figure 4.7b) at an
unbalance eccentricity of 500 µm (166% W ). With the ball-socket pivot pads journal
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orbit is slightly larger but comparable to the line pivot pads. If the pad backing
compliance is even further decreased ( 100E 0 ), orbits for both pad supports match
perfectly.

Figure 4.8: Evolution of maximum oil film pressure, ball-socket pivot pads, 166% W
Figure 10 presents the variation of maximum oil film pressure for all pads as a function
of time during one revolution. There are two loops in the journal orbit (Figure 9): at the
right and bottom corners. At 0.046s, pad 1 is highly loaded (Figure 10) compared to
other pads. The resultant pressure force from pad 1 pushed the journal upwards creating
a loop. In the vicinity of the bottom corner at 0.0515s, both pads 1 and 2 are loaded.
The journal approaches pad 2 increasing the load faster than on pad 1. The resultant
pressure force from pad 2 finally pushes the journal to the left, forcing the journal to
change direction of movement and make a loop. As the journal moves up, pressure on
pads 1 and 2 reduces to 0 at 0.053s. So the journal falls back on pad 2, causes pressure
to rise again. Increased pressure on pad 2 forces the journal to move upwards again at
0.0555s. The oil film pressure then falls again and the bouncing movement is repeated.
4.4

INFLUENCE OF SHAFT CONFIGURATION

The nonlinear dynamic behaviour of vertical and horizontal shafts in compliant
tilting pad journal bearings is studied. Different preload factors and adjustability of the
pads are considered. By adjusting the inclination angle of each pad, it is possible to
stiffen the bearings and decrease the size of the journal orbits.
Figure 4.9 presents the effect of compliant liner thickness on the size and shape of a
vertical shaft orbit. Dynamic load of 5kN (100% W ) is considered and the sliding
direction is counter-clockwise. When the dynamic load is small (< 50% W ), the
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journal orbit is a circle. As the dynamic load increases, the journal orbit becomes less
circular. This is because the journal moves in between the pads.
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Figure 4.9: Effect of compliant liner thickness on the orbit size and shape
for a vertical shaft
Since there are four pads in the bearing, four distinguishable corners are present. As the
compliant liner thickness increases, the journal orbit rotates in the sliding direction.
This is due to the compliant liner deformation.
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Figure 4.10: Effect of compliant liner thickness on the orbit size and shape
for a horizontal shaft
Figure 4.10 presents the effect of compliant liner thickness on the size and shape for a
horizontal shaft orbit. Dynamic load of 2.5kN (50% W ) is considered. Due to the
numerical instability, a smaller dynamic load is chosen in the horizontal shaft case. The
orbits are all lined up in the loading direction. This is due to the pad tilt.
The white metal bearing has a maximum journal eccentricity of 0.42. For the compliant
liner thickness of 1mm, the maximum journal eccentricity is 0.48 and the orbit size is
slightly larger than in the white metal bearing. For the compliant liner thickness of
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3mm, the maximum journal eccentricity is 0.6 and the orbit shape is changed slightly
compared to the other two cases (white metal and liner thickness of 1mm). The bottom
corner is stretched out in the sliding direction which is due to the deformation of the
compliant liner.
4.4.1 Preload Effect
Different preload factors for the vertical shaft configuration are investigated.
Figure 4.11 shows results for the case of unbalance eccentricity of 100 µm (100% W )
and compliant liner thickness of 3mm. Preload is changed by altering pad clearance. As
pad clearance increases (preload factor also increases), the size of the journal orbit
decreases. This is due to the increase of the tilt angle of the pads resulting in higher
bearing stiffness [25].
It can be concluded that compliant bearings require higher preloads compared to white
metal bearings to achieve a similar orbit size. For example, orbit size in a white metal
bearing with a preload factor of 0.5 is comparable with that in a complaint bearing
(liner thickness of 3mm) with a preload factor of 0.7.

Figure 4.11: Journal orbits for pads with different preload factors, vertical shaft case
Influence of preload for a horizontal shaft configuration is investigated for an
unbalance eccentricity of 50 µm (50% W ) and a compliant liner thickness of 3mm,
Figure 4.12.
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Figure 4.12: Effect of preload on the orbits in the horizontal shaft case
The conclusion for the horizontal shaft case is the same as for the vertical one. The
compliant bearings need to be preloaded more in order to stiffen the bearing pads and
provide higher pad inclination.
4.4.2 Adjustable Pad Inclination
A trend in hydrodynamic lubrication is towards smart, controllable and adjustable
fluid film bearings. Such fluid film bearings can reduce vibrations and instabilities
(avoiding cross-coupling destabilizing effects), modify bearing dynamic characteristics
(stiffness and damping), and improve damping [32, 33]. The principle of an adjustable
fluid film bearing is to change the hydrodynamic conditions during operation by
continuously controlling and adjusting the pads [32]. Thus, different pad inclination
angles are simulated which mimics the adjustable pads. Figure 4.12 presents journal
orbits at different pad inclination angles for vertical and horizontal shafts, compliant
liner thickness is 3mm. Setting the pad inclination angle to 0.05 degrees gives a good
agreement, in terms of the orbit size and shape, with tilting pad compliant bearings for
a vertical shaft configuration (Figure 4.13a). An inclination angle lower than 0.05
degrees results in a larger journal orbit. Larger pad inclination angles provide smaller
journal orbits. Similar trends can be observed for the horizontal shaft (Figure 4.13b). At
low inclination angles (less than 0.1 degrees), the final journal orbit is shifted in the
sliding direction. Furthermore, an inclination angle greater than 0.1 degrees results in
lower journal eccentricity.

33

a)

b)
Figure 4.13: Adjustable pads, unbalance eccentricity of 30 µm (60% W ) for
vertical shaft (a) and horizontal shaft (b)
By adjusting the pad tilt angles, it was shown that the journal orbits can be decreased
for both vertical and horizontal shafts. In some cases, controlling the pad inclination
angles can result in smaller orbit size than tilting pad journal bearings. This shows the
potential of active bearing technology which can make the bearings operate with higher
efficiency and reliability.
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5 CONCLUSIONS
Plain cylindrical and tilting pad journal bearings are modeled to simulate the
dynamic response in the compliant liner subjected to synchronous excitation. A
polymer liner in the hydrodynamic bearings is shown to increase oil film thickness and
decrease maximum oil film pressure in the bearing mid-plane. This results in higher
load carrying capacity for the compliant bearings at static equilibrium. At dynamic
equilibrium, the journal transient motion of the compliant bearing is larger compared to
that of the white metal bearing. The following conclusions can be drawn from this
research:
•

When the journal amplitude is small (motion less than 37% of bearing diametral
clearance), linearized coefficients can be used to predict the final journal
equilibrium orbits for both white metal and compliant bearings. However, for
larger journal amplitudes, nonlinear analysis should be used to accurately
predict the bearing behaviour.

•

If a compliant liner is relatively thin (less than 2mm thick in our case), the plane
strain hypothesis can be used instead of the full deformation model to predict
the deformation of the liner. The liner thickness criterion depends on the
operating conditions, material properties and bearing geometry.

•

Compliant liner increases oil film thickness in the bearing mid-plane by
forming a pocket shape oil film distribution. The global minimum oil film
thickness is located at the trailing and pad side edges. The tapers are
recommended to increase oil film thickness.

•

Viscoelasticity of the compliant liner reduces the journal amplitudes when
compared to a purely elastic case. If too stiff material (for example, PEEK) is
used instead of PTFE to reduce the journal orbit size, pocket shape oil film
geometry is not formed. The compliant liner should be designed in such a way
that it provides optimum bearing performance in both steady state and dynamic
conditions.

•

Under large dynamic load (over 100% W ), deformation of the white metal pads
with ball-socket pivots increases dramatically compared to the line pivot pads.
A compliant liner should be applied to the line pivot pads to avoid excessive
deformation and improve aligning properties.

•

Design parameters such as preload, liner geometry, pivot offset, bearing
clearance, variable Young’s modulus, and controllable pad inclination should
be carefully selected to achieve optimum dynamic response of compliant tilting
pad journal bearings.
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7 FUTURE WORK
work.

Further developments and additional investigations are suggested for the future

•

Investigation of misalignment in compliant tilting pad journal bearings should
be studied for different loading conditions (load between pivot and load on
pivot). Misalignment is always present in real rotor-bearing systems due to
manufacturing and assembly tolerances.

•

More studies should be carried out with actively controlling the pads in the
bearings.

•

Thermal effects should be considered since thermal deformation of the pads and
thermal expansion of the shaft can significantly change the dynamic behavior of
compliant bearings.

•

Investigate the effect of lubricant temperature viscosity characteristic on
dynamic behaviour of compliant journal bearings.

•

A complete numerical model should be validated against bearing data obtained
in a full-scale hydropower unit.
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