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“You can't connect the dots looking forward; you can only connect them looking
backwards. So you have to trust that the dots will somehow connect in your future.
You have to trust in something – your gut, destiny, life, karma, whatever. This
approach has never let me down, and it has made all the difference in my life.”
Steve Jobs (1955-2011)
Stanford commencement address, June 2005

Abstract
With advances in material technology, allowing, for instance, engines to withstand
higher combustion pressure and consequently improving performance, comes
challenges to productivity. These materials are, in fact, more difficult to machine
with regards to tool wear and especially machine tool stability. Machining vibrations
have historically been one of the major limitations to productivity and product
quality and the cost of machining vibration for cylinder head manufacturing has
been estimated at 0.35 euro per part.
The literature review shows that most of the research on cutting stability has been
concentrating on the use of the stability limits diagram (SLD), addressing the
limitations of this approach. On the other hand, research dedicated to development
of machine tool components designed for chatter avoidance has been concentrating
solely on one component at the time.
This thesis proposes therefore to extend the stability limits of the machining system
by enhancing the structure’s damping capability via a unified concept based on the
distribution of damping within the machining system exploiting the joints composing
the machine tool structure. The design solution proposed is based on the
enhancement of damping of joint through the exploitation of viscoelastic polymers’
damping properties consciously designed as High Damping Interfaces (HDI).
The tool-turret joint and the turret-lathe joint have been analysed. The
computational models for dimensioning the HDI’s within these joints are presented
in the thesis and validated by the experiments. The models offer the possibility of
consciously design damping in the machining system structure and balance it with
regards to the needed stiffness.
These models and the experimental results demonstrate that the approach of
enhancing joint damping is viable and effective. The unified concept of the full chain
of redesigned components enables the generation of the lowest surface roughness
over the whole range of tested cutting parameters. The improved machining system
is not affected by instability at any of the tested cutting parameters and offers an
outstanding surface quality.
The major scientific contribution of this thesis is therefore represented by the
proposed unified concept for designing damping in a machining system alongside
the models for computation and optimisation of the HDIs.
From the industrial application point of view, the presented approach allows the end
user to select the most suitable parameters in terms of productivity as the enhanced
machine tool system becomes less sensitive to stability issues provoked by difficultto-machine materials or fluctuations of the work material properties that may occur
in ordinary production processes.
Keywords: Machining performance, Cutting stability, Passive damping,
High Damping Interface, Boring bar, Turret.
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Chapter 1: Introduction

1.1 Background
Globalization and sustainability are the two major driving forces of today’s market.
The globalization process has opened the possibility of generating products and
services all over the world, but, at the same time, it has caused a much harder
competition between companies. Within the manufacturing branch the trend has
been to open or move productive plants to countries with lower labour cost in order
to expand the market and lower the production cost at the same time. This plan of
action is, however, not always for the best. The goods have to be transported back
and forth around the world and the closed or downsized production plants have
caused social instability. In this manner, the globalization process has been
conflicting with at least two out of three aspects of sustainability [1, 2].
For this reason the Swedish manufacturing industries together with the Swedish
Government have been looking for solutions that would allow for high
competitiveness in the global market in a sustainable way. This effort has been
translated into a multimillion Swedish kronor investment in various research
projects. Among these is the FFI-Robust Machining, whose scope is to support
industry with practical, fast and reliable methods and tools to evaluate and control
the capability for robust machining with respect to product properties and with
competitive manufacturing cost. A machining system can be defined as robust when
the processes carried out within it are not affected by external or internal
disturbances, such as material variations or time factors. Robustness in this case
could be specifically described by the ability of the machining system to produce
parts with quality (for instance surface roughness) within given tolerances even if,
e.g., a tougher material is suddenly introduced.
One way of achieving this is to implement solutions with machine tool components
that can enable higher removal rates with unchanged or even improved machining
performance, reducing energy and material waste at the same time.

1.2 Thesis scope and aim
Machining system vibration has historically been one of the major limitations to
productivity and product quality. A quantification of this problem is shown in a
recent study made on cylinder head production within the Renault group. The yearly
production is three million parts and the cost for machining vibration has been
estimated at 0.35 euro per cylinder head [3].
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The literature review presented in chapter 2 shows that most of the research on
cutting stability has been concentrating on the use of the stability limits diagram
(SLD), and addressing the limitations that this approach has been demonstrating.
From a scientific point of view, the SLD approach is definitely interesting because of
the challenges it still poses to the researchers. Its industrial application is though
very limited due to these challenges still left for researchers to address. On the other
hand, research dedicated to the development of machine tool components designed
for chatter avoidance has been concentrating solely on one component at the time.
This thesis would like to cover the lack of research work on the effects of a chain of
machine tool components appositively designed to improve the machine tool’s
ability to withstand cutting instability. The aim of this thesis is therefore to propose
a unified concept that takes into consideration a larger part of the machine tool
elastic structure and to prove its effectiveness, in order to respond to the industrial
need for such a solution.
The scope of this thesis is limited to the analysis and development of components
for turning operations.

1.3 Research questions
The fundamental research questions addressed in this thesis concern the following
two issues:
1.

The theoretical treatment and experimental methodology for exploiting the
dynamic properties of existing joints in the machine tool structure to control
the overall damping capability of the machining system, possibilities and
limitations.

2.

The theoretical modelling and design approach for improving machining
system performance by using single-HDI configuration and further by using
multi-HDI configuration (i.e. distributing damping).

1.4 Summary of the appended papers and
personal contribution
Paper I introduces the concept followed in the design of the boring bar,
implementing the high damping interface (HDI) making use of VE polymer
composites. Moreover the tool performance is compared to a geometrically
equivalent conventional tool. The comparison is carried out in two stages: first the
experimental modal analysis (EMA) comparing the tools and the clamping technique
(screw and hydrostatic clamp) is illustrated and then machining tests at different
cutting parameters are presented. The machining test results have been analysed
utilizing autoregressive moving average (ARMA) models to capture the operational
dynamic parameters. The personal contribution to this paper is the concept
development, the design work, the experimental part and its analysis.
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Paper II introduces the same concept for a different typology of tool. The tool is
employed for an industrial case study, grooving of camshaft, where very
conservative cutting parameters are currently employed due to excessive instability.
Similarly to the previous paper ARMA modelling has been employed in the
evaluation of the machining test results. As with paper I, the personal contribution
to this paper is the design work, the experimental part and its analysis.
Paper III deals with the Influence of the join system turret-boring bar on machining
performance of the cutting process by introducing the computational model
employed to evaluate the effect of multilayer VE polymer composite treatment and
the design concept of a turret with enhanced damping capability. EMA and
comparative machining tests have been used to evaluate the turret and the effect of
combining the damped tool and the damped turret. The personal contribution to
this paper extends to the whole content.
Paper IV deals with the estimation of structural dynamic properties of the machine
tool. Currently, the conventional methodology to extract such properties does not
take in consideration that these are dependent on the operational speed of the
spindle. This paper introduces a contact-less test methodology (CERS) and a
recursive algorithm for the extraction of structural dynamic properties during
operation. These two methods are compared to conventional EMA. The personal
contribution to this paper is limited to the experimental work and the analysis of the
obtained data.
Paper V introduces the implementation of HDI in the active alignment designed for
ultra-precision machining. The chuck functionality is briefly described as well as its
thought application within the newly designed production process for optical
components. The evaluation of the dynamic properties of the chuck is carried out by
EMA and machining tests (fly cutting). The EMA illustrates the functionality of the
HDI and the machining tests confirm this in operational conditions. The personal
contribution to this paper covers the implementation of the HDI, the experimental
work and the analysis of the obtained data.
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1.5 Thesis structure
This thesis deals with the research work around the development of machine tool
components with enhanced damping capability and it is based on the appended
published papers. This thesis also integrates the papers with an extensive review of
state of the art within the specific research area and more thorough presentation of
the modelling approach.
The literature review on the subject of control of machining vibration is presented in
Chapter 2. Chapter 3 introduces the subject of passive control of vibration using
viscoelastic polymer metal composites, and discusses the analytical model employed
to compute the effect on damping and stiffness of several design parameters in the
design of a sandwich plate where multiple layers of VE polymer metal composite
material are applied. Chapter 4 describes the principles followed in the design of the
different components and thoroughly describes the computational model employed
for the design of the damped boring bar (DBB). Chapter 5 will shortly illustrate the
methodology used for the performance evaluation of the components and presents
the result. The final discussion and the conclusions are presented in chapter 6.
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gl’ingegni elevati, talor che manco lavorano, più adoperano, cercando con la mente
l’invenzioni, e formandosi quelle perfette idee, che poi esprimono e ritraggono le
mani da quelle già concepute ne l’intelletto.
Giorgio Vasari

Chapter 2: Control of machining vibration
– State of the art

Machine tools are notoriously subject to three types of vibration: free, forced, and
self-excited [4]. Free vibrations take place when the stable system is displaced from
its equilibrium by an impulse-like excitation; the system vibrates and eventually
returns to the starting position according to its structural properties.
Forced vibrations are all those occurring due to dynamic forces applied to a stable
system. Generally there are four types of sources that might generate such forces:
1.

Alternating cutting forces, such as those induced by inhomogeneities in the
workpiece material, break-off of built-up edge or changes in the chip cross
section.

2.

Interrupted cutting processes, such as milling.

3.

Internal sources, such as unbalances in the rotating units.

4.

External disturbances transmitted through the machine tool foundation.

Self-excited vibration or chatter is a complex phenomenon and is commonly the
least desirable type of vibration as the machine tool structure enters an unstable
state. Chatter depends on the design of the machine tool as a whole, on the
workpiece material and geometry and on machining regimes; its occurrence is due
to insufficient damping in the machine tool structure [4].
The phenomenon of machining vibration, and especially chatter, has been
thoroughly studied by many researchers throughout the past and the current
century, for instance Lindström [5, 6], Tlusty [7], Tobias [8], Nicolescu [9] and
Altintaş [10].
The research around machining vibration control has mostly concentrated on
chatter and possible ways to avoid it. This review is divided in four clusters [11]:
1. Research on the computation of the stability limit diagram (SLD) to select
chatter-free cutting parameters.
2. Research on In-process strategies for chatter recognition and avoidance.
3. Research on changing the machining system structural behaviour by active
means.
4. Research on changing the machining system structural behaviour by passive
means.
The following sections will give an overview of these four research areas.
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2.1 SLD for out-of-process selection of cutting
parameters

Axial depth of cut limit

This group comprises all those methods that allow stable machining processes by a
priori selecting cutting parameter combinations in the stable zone of the SLD
exploiting the lobbing effect (see Figure 1). The computation of the SLD implies,
however, both in- and out-of-process investigation.

Stable machining
Unstable machining

Spindle speed
Figure 1; Stability limit diagram (SLD). Example of exploitation of lobbing effect.

The out-of-process approach to use the SLD aims to avoid machining vibration by
selecting the most appropriate cutting parameters. In order to do this the SLD has to
be computed in advance. This approach is based on the work that Tlusty [7] and
Tobias [8] have carried out since the early second half of the last century. In order to
identify the SLD, the system behaviour has to be modelled either by characterizing
or simulating the response of the machine tool elastic structure (machine tool, tool
holder, spindle, workholding and all the other structural components of the machine
tool) [11]. The transfer function of a multi-degree-of-freedom system can be
identified by structural dynamic tests, such as experimental modal analysis (EMA),
by exciting the structure with an impact hammer equipped with a force transducer
and measuring the response with displacement, velocity or acceleration sensors
[12].
The use of accelerometers for carrying out EMA on the machine tool structure is
rather common and well accepted within the scientific community. However,
Özşahin et al [13] have found that the sensor’s mass can be an important source of
error when identifying the SLD (see Figure 2). The authors also present a method to
compensate for the accelerometers mass using a laser vibrometer to appreciate the
influence of the accelerometers mass.
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Figure 2; Stability diagrams for the tool point FRF with and without accelerometer mass for the 12 mm
diameter tool with 80 mm gauge length [13].

Rasper et al [14] analysed several possible sources of uncertainty in stability
prediction through SLD and came to the conclusion that the major source of
uncertainty occurs at the structural analysis stage. The authors concluded that using
different excitation equipment (impact hammer or shaker) could result in important
differences in the SLD. They also pointed out that, since the structural analysis has to
be carried out in an idle machine tool state, neither the effect of the tool position
nor the effect of the rotating spindle are taken into account in the SLD. Budak et al
[15, 16] have been dealing with the effect of lead and tilt angle on the milling
process. The authors found that lead and tilt angles change the chatter behaviour
and stability limits and may provide, for the specific case studied in the article, four
times increase in absolute stability limit [16]. In [15] the authors took into account
tilt and lead angles in the stability prediction, but observed that the measured
chatter frequencies were generally lower than the predicted ones and attributed
this behaviour to the fact that the structural analysis had been carried out in static
condition and the modal frequencies may shift during cutting. It was only after
adjusting the modal data that the simulated stability diagrams agreed better with
the experimental results.
The influence of the spindle rotational speed on the SLD has also been addressed by
several other researchers. Movahhedy et al [17] found that gyroscopic effects lower
the critical depth of cut in high speed milling, see Figure 3, and therefore the
stability predictions based on stationary FRFs are not conservative when machining
is executed at high speed (above 10000 rpm).
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Figure 3; The iterated stability lobe diagram for the spindle system with gyroscopic effects based on
updated FRFs, according to Movahhedy [17].
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Figure 4; Predicted and measured chatter stability results in slot milling of aluminum7050 with a two-flute
cutter [18].

Gagnol et al [19] proposed a method for identifying the SLD in a manner that takes
into account the effect of spindle speed on the dynamic behaviour of the spindle.
However, the authors themselves concluded that the obtained SLD would need
further adjustment to better fit experimental results. Cao et al [18] also studied high
speed milling stability and obtained the speed-dependent FRFs at the tool tip and
used those to identify the SLD. The authors found a significant shift of the lobes
towards lower spindle speed (see Figure 4).
Abele et al [20] and Rantatalo [21] found that there is a loss of stiffness in the
spindle bearings due to the centrifugal forces acting on each ball of the bearings; see
Figure 5(a).
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(a)

(b)

Figure 5;(a) Bearing stiffness depending on spindle speed [20]. (b)Experimental and calculated SLD [20].
The SLD is calculated with structural dynamics carried out at idle state.

This behaviour obviously affects the calculation of the stability limits [20] causing a
mismatch between calculated and experimental limits (see Figure 5(b)), since the
structural analysis is carried out at idle state. Abele [20] introduced a modelling
methodology for taking this in account, thus obtaining a better match between the
experimental and the calculated stability limits. Archenti [22] proposed a solution
for carrying out structural analysis on a rotating spindle, in order to overcome this
limitation.
A common way to improve chatter avoidance is to use milling cutters with unequal
tooth pitch. The idea is to disrupt the regenerative effect. Nevertheless, these tools
are not free from chatter and their behaviour is highly non-linear. Sellmeier and
Denkena [23] have made an attempt to calculate the stability limits for such a case.
They proposed two methodologies for taking into account the non-linear behaviour
of such type of tool and they demonstrated that in this case the stability limits
appear more as “islands” than lobes (see Figure 6).
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Figure 6; Stability charts for milling cutter with unequal tooth pitch, number of teeth z=4,
tooth pitch p= [70 110 70 110]° [23].

Altintaş and Weck [24] have recently reviewed fundamental modelling of chatter in
metal cutting and grinding processes, and came to the conclusion that the limitation
and therefore the challenge for such an approach is that the “chatter stability is still
not solved when the process is highly nonlinear due to time varying and nonlinear
cutting coefficients including the process damping at low speeds, and when the
structural dynamics of the parts and machines vary along the tool path”. This
statement gives a further reason why this approach has not yet been widely
implemented in industry. In fact, one may observe that structural dynamics do
change along the tool path due to the very nature of the cutting process, as the
conditions of the tool-workpiece interface continuously vary either because the
workpiece changes shape during machining (although in some cases this might be
negligible) or the tool changes its position (such as in 5-axis machining) but also
because the workpiece material is not homogeneous in its microstructure and the
cutting force drastically changes along the tool path [25]. In most industrial cases all
these occurrences take place simultaneously, making this approach inadequate
since the SLD is only valid for one specific configuration of tool, tool-holder, spindle
and workpiece [11]. Another major issue with this approach is given by the lack of an
absolute criterion for distinguishing between forced and self-excited vibration [22].
Nevertheless, this methodology is an invaluable tool for predicting the effect of a
change in the machine tool structural design.
Figure 7 summarises the advantages and disadvantages of this approach.
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Advantages

Disadvantages

•Allows for the choice of right cutting
parameters in advance

•Strongly sensitive to structural analysis
accuracy
•Only applies to one given toolworkpiece configuration
•Non-linear behaviour difficult to take
into account
•Lack of absolute criterion for stability
•End-users need deep knowledge on
structural and machining dynamics
•Changing cutting parameters might
compromise tool life and therefore
productivity

Figure 7; Summary of advantages and disadvantages of using the stability lobe diagram (SLD) to select
chatter-free cutting parameters.

2.2 In-process strategies for chatter recognition and
avoidance
In-process strategies aim to avoid machining instability by adaptation of cutting
parameters during the machining operation. In this case chatter is recognized by
analysing signals acquired during machining by sensors like dynamometers [26] or
accelerometers [27]. A first strategy for automatic chatter recognition and online
modification of the cutting speed to a stable area was proposed by Weck et al [28].
This idea has been further developed by Tlusty et al. [29, 30], where the signal
emitted by the cutting process is sensed and used to recognize chatter, and the
cutting speed is modified thereafter. Tangjitsitcharoen [31, 32] suggested an inprocess strategy for the identification of cutting states based on the power spectral
density (PSD) of the dynamic cutting force measured during cutting. Kuljanic et al
[33] proposed a multi-sensor chatter detection system that makes use of neural
network based classification system. The authors found that different types of
sensors were needed depending on the machining operation in order to be suitable
for a wider range of applications. Yao et al [34] proposed a methodology based on
wavelet and support vector machines, allowing chatter identification before it is
fully developed. Nicolescu et al [9, 35, 36] suggested an approach for chatter
identification in turning based on auto regressive moving average (ARMA) models,
Nicolescu’s ideas have been further developed by Archenti [22, 37, 38, 39, 40], and
applied to milling operations. This methodology differs from the previously
mentioned ones as the authors established that the operational damping ratio
(ODR) might be employed as absolute criterion for distinguishing between forced
and self-excited vibration enabling instability identification. In this manner the
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approach can also be employed for the evaluation of a structural modification of the
machine tool elastic structure (as later in this thesis).
Figure 8 summarises the advantages and disadvantages of the in-process way of
action.

Advantages

Disadvantages

•Paramters are
optimized/adapted during
process
•No need of structural analysis
•Can be integrated in the
machine tool control system

•Chatter recognition might take
place when chatter has already
occurred
•Requires high computational
power
•Research mostly covers the
identification part, not many
solutions for vibration
avoidance

Figure 8; Summary of advantages and disadvantages of In-process strategies
for chatter recognition and avoidance

2.3 Changing the machining system structural behaviour
by active means
This group includes those methods that avoid cutting instability by altering the
system behaviour and modifying the stability limit by active means. The working
principle of the active strategies is to monitor the dynamic state of the machine tool
system, diagnose an incidence and actively implement an action that would change
the system to a more adequate situation. The compensation for the arising dynamic
forces is suggested by Harms et al. [41] who designed a tool equipped with
piezoelectric actuators and force sensors with interchangeable tool head (see Figure
9). Browning et al [42] also suggested a solution in this direction for boring bars.
Rashid et al [43] proposed a similar approach for milling operations, where force
sensors and piezoelectric actuators were embedded in the workholding system,
decreasing the amplitude of the dynamic force by 70% (see Figure 10).

12

Control of machining vibration – state of the art

VDI
interface
Interchangeable tool head
Force sensor
Piezoactuator
Sensor electronics
Figure 9; Active tool holder as proposed by Harms et al [41].

Figure 10; Dynamic force versus time, measured with control OFF, ON and OFF sequence comparing the
control performance in up- and down-milling [43].

Albizuri et al [45] explored the possibility of embedding sensoring and acting
equipment in the screw nut of a centerless grinding machine, attaining a significant
reduction of vibration and consequently improving the accuracy of the part
produced. In the same fashion, Dohner et al [44] proposed an active vibration
cancellation for milling applications by implementing the sensoring and actuating
equipment in the spindle (see Figure 11). Olgac and Hosek [46] presented a novel
methodology for chatter elimination by applying a delayed resonator, i.e. a tuneable
frequency vibration absorber formed using a feedback control law on a passive
spring-mass damper. However, this technique has only been treated in a theoretical
way and has not been tested in practice.
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Figure 11; Schematic view of active cancelation device for milling applications [44].

Ganguli et al [47] proposed active damping as a strategy to enhance the stability
limits of the system and presented a study of its effect showing the ability of such an
approach to enhance the stability limits especially in the low stability regions of the
SLD.
The major advantage of the active approach is its adaptability. The major drawbacks
are that recognition of instability can only happen when instability has already
occurred and that it relies upon the presence of sophisticated sensors, actuators and
signal processing units; hence this approach can become very expensive. However,
this sort of equipment becomes more and more inexpensive with the technological
advances, thus the increasing popularity of the active approach. Figure 12
summarises the advantages and disadvantages of this approach.
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Advantages

Disadvantages

•No need for structural
•Chatter recognition might
analysis
take place when chatter has
already occurred
•Can be integrated in the
machine tool control system •Requires high computational
power
•Requires sensoring
equipment and actuators for
every component
Figure 12; Summary of advantages and disadvantages of changing the system behaviour by active means.
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2.4 Changing the machining system structural behaviour
by passive means
Passive strategies are based on the enhancement of the machine tool structure
design in order to improve its performance against vibration. The objective of this
approach is basically to extend the stable region of machining; Figure 13 illustrates,
for instance, the effect of increasing the damping ratio from 0.02 to 0.2 on the SLD
for a lathe having a natural frequency of 60 Hz [4].

Figure 13; Effect of the damping ratio on the SLD for a typical single degree of freedom structure
with a natural frequency of 60Hz [4].

There are two major approaches for achieving this:
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1.

By implementation of dynamic vibration absorbers (DVA). The basic
principle of this technique is to add a mass residing on a spring and a
viscous damper at the point of maximum displacement. This additional
single degree of freedom (SDOF) system must have approximately the same
natural frequency as the component in order to obtain large relative
displacements, and if the viscous damper is properly designed it will
dissipate the mechanical energy [48].

2.

By introduction of damping. Damping can be introduced either by
implementation of layered treatment or by enhancing frictional damping.
For these methods to be effective they should be designed to reside where
the strain energy is maximal [48].

Control of machining vibration – state of the art

Rivin et al. [49] suggested a design based on the first approach where the inertia
weight was integrated in the tool, hanging on rubber rings. The absorber was tuned
by changing the stiffness of the additional system. Another example of application of
DVA principle is proposed by Lee et al. [50], the DVA was, in this work, tuned by
changing the inertia mass. Rashid [51] has been studying the use of tuned viscous
dampers (TVD; a special class of DVA) applied to workholding systems for milling
operations. This resulted in decreased average vibration amplitude during machining
(see Figure 14).

Figure 14; Time history of vibration amplitudes as measured in X coordinate during milling of the steel
workpiece: response of the system without (upper) and with (lower) TVDs.
With TVDs, the steady-state maximum reduces from 160 to 110 m/s2 [51].

Wang and Lee [52] have been studying a certain milling process and identified the
weakest component as being the spindle. In their publication the authors redesigned
the spindle introducing a DVA device appositely tuned for the application.
The second approach has been adopted by Rashid, who has been working on
implementing integrated damping interfaces for workholding systems for milling
operations [53] exploiting the damping properties of viscoelastic polymers. Marui et
al [54] proposed to introduce a friction plate within the overhanging part of the tool
shank in order to improve the damping capacity of the system by friction during
vibration acting between the inner wall of the hole and the inserted plate surface.
Ziegert et al [55] proposed to place a multi-fingered insert into a slender end mill.
The idea was (similarly to Marui) to increase damping capability exploiting the
friction these fingers develop during high speed machining.
Whereas DVA type approach still requires tuning depending on tool overhang, other
approaches such as integrated damping interfaces, are free from such preparation
work.
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Figure 15 summarises the advantages and disadvantages of the passive approach.

Advantages

Disadvantages

•Enhances resistance to chatter
for given process
•No need for structural analysis
•No need for sensoring and/or
actuating equipment
•End-user can adopt solution
with no need for complicated
training

•Depending on the design may
need tuning
•In case of tuning, need for
further training of end-user
•Cannot enhance damping as
desired without compromising
stiffness
•Only applied to one
component/process

Figure 15; Summary of advantages and disadvantages of changing the system behaviour by passive
means.

2.5 Chapter conclusions
The literature review presented here shows that most of the research on cutting
stability has been focusing on the use of the stability limits diagram (SLD),
addressing the limitations that this approach has been showing for specific
applications. This approach still lacks of an absolute stability criterion, in addition to
this, SLD’s are sensitive on the accuracy of the structural analysis; therefore, in order
to attain accurate and reliable results, the analysis ought to be carried out by
personnel with experience in the field. Further, once the SLD is computed, it only
applies for the specific configuration of workpiece (material and geometry) and tool.
Finally, neither non-linear behaviours nor structural dynamics variations of the parts
and machines along the tool path can be taken into account by this approach, these
being the most common occurrences in manufacturing of advanced products.
On the other hand, most effort in improving machining performance by changing
the machining system structural behaviour (either by active or passive means) has
been solely concentrating on one specific component at the time.
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If we knew what it was we were doing, it would not be called research, would it?
Albert Einstein

Chapter 3: Vibration damping through multilayer VEpolymer-metal composite treatment

Common to all the appended papers is the application of viscoelastic (VE) polymer
damping in the form of high damping interfaces (HDI).
The aim of this chapter is to present a computational model for selecting the right
design parameters in order to optimise towards high loss factor maintaining high
rigidity.
The concept of passive control of vibration through VE polymers is introduced. In
addition to this, the analytical model used in Paper III for computing the effect of
multiple layers of VE polymer, of base material type and thickness is described and
used to illustrate how different design parameters can affect the damping
treatment.

3.1 Passive control of vibration through VE polymers.
The response of a structure to a time-varying input depends on the stiffness,
damping, and mass of the structure. Therefore the reduction of the response might
be realized by adopting one or several of the following solutions: reducing input,
increasing stiffness and mass or increasing damping. In machining the input energy
is difficult to control since it depends on the operational conditions. A reduction of
the input energy will affect, in most cases, the productivity of that particular
machining operation. High stiffness and damping are each necessary, but not
individually sufficient requirements for a precision machine [56].
In later years it could be observed that the trend in machine tool design is going
towards lightweight structures. This means that vibrations are transmitted with
higher intensity. However, low mass can help to increase the controllable
bandwidth, but, on the other hand, high mass does attenuate high-frequency
vibration [57]. Increasing stiffness would cause a mode to shift upwards in
frequency, however, given the random excitation of machine tool structures due to
the dynamic cutting force, this solution would not secure a vibration-free machining.
The major restrictions on the implementation of the damping treatment are (i)
weight and (ii) the treatment has to be applied without disassembly of the
components.
The benefits of passive damping for vibration suppression are well established in
various fields in mechanical and civil engineering respectively. Although not always
consciously designed in. Machine tool structures, for instance, benefit from passive
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damping that comes from friction in fixed and movable joints [4, 58]. As these
structures are overdimensioned in terms of strength [22], the main part of elastic
deformation occurs in joints. This deformation mechanism can be employed in
design for improving the dynamic performance of the machine tool structures
through the damping treatment of the joints. A significant increase in damping may
be achieved by placing damping material in joints. The advantage of this type of
damping is that it requires very little added weight. As far as the accuracy of the
machine is concerned, it would be best to find a trade-off between high stiffness and
high damping [56].
Engineered passive damping for structures is usually based on one of four damping
technologies: viscoelastic polymers, viscous fluids, magnetics, or passive
piezoelectrics. Each of these damping mechanisms must be understood in order to
select the most appropriate type of damping treatment. All passive damping
treatments work by absorbing significant amounts of strain energy from the
vibration modes of interest and dissipating this energy through some type of energy
dissipation mechanism [59, 60].
Viscoelastic polymers provide high energy dissipation. Viscoelastically damped
structures have been successfully applied in many engineering fields, particularly in
the aerospace industry [61] generally employing the VE polymer in three different
ways: as free-layer dampers (FLD), as constrained-layer dampers (CLD), in tuned
viscoelastic dampers (TVD) [62].
FLDs are defined as those dampers composed by a single layer of damping material
positioned on top of the base material by gluing or other bonding techniques [62]
(Figure 16(a)). The system loss factor of the FLD increases with the thickness, storage
modulus and loss factor of the damping layer as computed by Kerwin et al [63, 64].
CLDs consist of a sandwich structure where the damping material is constrained
between two layers of elastic material (Figure 16(b)) [62]. Kerwin et al have also
studied this configuration and come also to the conclusion that this is far more
effective than the FLDs [63]. CLDs have also been studied in patched applications in
order to optimize the usage of damping material and enhance damping only for
particular vibration modes [65]. TVDs consist of a mass residing on a damping layer
bonded to the base material (Figure 16(c)) [62].

VE material

Base material

(a)

Constraining layer
VE material

Mass
VE

Base material

Base material

(b)

(c)

Figure 16; (a) Free layer damper, FLD. (b) Constrained-layer damper, CLD.
(c) Tuned viscoelastic damper, TVD.
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This damper is a sort of dynamic vibration absorber (DVA) were the VE polymer
works as both spring and damper. In order to achieve the desired result the TVDs
must be accurately designed, since they only act on one natural frequency.
Design of structures using VE polymers requires proper methods to predict the
overall damping values expected from various structural configurations. The loss
factor and the response of the damped structure to the dynamic load are critical
parameters that describe the effectiveness of the damping treatment. The loss
factor is a measure of the inherent damping in a material when it is dynamically
loaded. It is typically defined as the ratio of energy dissipated in unit volume per
radian of oscillation to the maximum strain energy per unit volume. Loss factor
damping is sometimes referred to as material or structural damping.
Viscoelastic polymers are polymeric materials whose long-chain molecules cause
them to convert mechanical energy into heat when they are deformed, as
schematically illustrated in Figure 17.

Figure 17; Typical polymeric structure [48].

The most important advantage of VE polymers is their high loss factor and low
storage modulus. As mentioned above, the loss factor is a measure of the energy
dissipation capacity of the material while the storage modulus is a measure of the
stiffness of the material. The storage modulus (shear modulus) is important in
determining how much energy gets into the viscoelastic, and the loss factor
determines how much energy is dissipated.
Both the shear modulus and loss factor of VE polymers are temperature and
frequency dependent, though temperature has a greater effect on damping
performance (see Figure 18).

21

Figure 18; Shear modulus and loss factor for 3M damping tape type 830 [66].

Passive damping treatments for complex structures might be designed using, for
instance, finite element techniques, taking in consideration both frequency and
temperature dependencies of passive damping mechanisms. Damping design is not
just the selection of a high loss mechanism (material, device) for the temperature
range of interest; it is also an integrated structural and materials design process. To
achieve damping, two conditions must be met [59] :
1.

significant strain energy must be directed into the high loss mechanism for
all modes of interest and

2.

the energy in the mechanism must be dissipated.

The first condition requires most of the design effort and is dependent on structural
properties, location, mode shapes, stiffness, wave lengths, thickness of material, etc.
The second condition is met by selecting the mechanism with the proper loss factor
that matches the designed stiffness.
Machine tools are continuously changing their structural configuration to adapt to
the process condition. The consequence is the variation of dynamic characteristics in
a relatively wide range. Adding to this problem the large variation of excitation
energy during the process, it is easy to understand the importance of finding
efficient solutions for vibration control.
VE polymers are suited for their employment in passive damping of machining
systems. Unfortunately the lack of rigidity and excessive long term creep prohibits
the fabrication of a structure entirely from such high damping polymers and one has
to resort to a composite construction of metal with damping layers bonded to it.
The following section will introduce the computational model employed to design a
multilayer application of VE polymer in sandwich plate configuration.
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3.2 Computational model for estimation of rigidity and
damping in a multi-layer treatment.
To estimate how the flexural rigidity and the damping ratio are influenced by the
choice of plate material and the number of layers of VE polymer composite applied
the analytical solution obtained from RKU equation [63] can be employed.
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Figure 19; Dimensions used in analysis of three-layer plate in flexural vibration.
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Figure 20; Element of a three-layer plate in flexural vibration. Primary plate (1), VE layer (2)
and constraining layer (3).

Equation (1) computes the flexural rigidity of a composite plate formed by a primary
plate, a VE polymer layer and a constraining layer (see Figure 19)
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where Hi is the thickness of the i layer, Hi1 is the distance from the centre of the i
layer to the neutral plane of the primary plate (see Figure 19). Ki is the extensional
th
stiffness of a unit length of the i layer (Ki= EiHi). is the flexural angle of the
primary plate and is the shear strain angle of the middle layer (see Figure 20).
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D is the distance between the neutral plane of the primary plate and the neutral
plane of the complete composite plate (see Figure 20). The general expression for D
is given by the following equation:

H 

K 2  H21  31  + (K 2H21 + K 3H31 g
2 
D 
K2
K1 +
+ (K 1 + K 2 + K 3 g
2

(3)

where g is defined as the “shear parameter” and its expression is
g

G2
K 3 H2 p 2

(4)

where G2 is the shear modulus of the VE layer and p is the wave number. The loss
factor of the composite plate can be extracted from (1) as the imaginary part of the
flexural rigidity if all the Young moduli are expressed in their complex form.
The approach suggested by Jones [67] has been employed in order to evaluate the
flexural rigidity in case of multiple VE composite layers (see Figure 21). The RKU
equation is employed to compute the complex flexural rigidity for the first three
layers. These three layers are considered as one layer characterized by the complex
flexural rigidity computed in step 1. Step 1 and 2 are repeated until the structure can
be treated as a three-layer plate and the RKU equation can be employed for one last
time.
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Step 1

Step 2

Step 3

Constraining layer
VE material

Composite layer

Constraining layer

Composite layer

VE material

VE material

Constraining layer

Constraining layer

VE material

VE material

VE material

Primary plate

Primary plate

Primary plate

Figure 21; Computation of flexural rigidity in a multi-layer plate according to Jones.

Table 1 summarizes the material data used for the computation of the complex
flexural rigidity. The VE polymer properties are frequency and temperature
dependent, the data relative to 25°C has been extracted from the datasheet
provided by the supplier and fitted to a curve. The choice of temperature was made
considering that the damping treatment is positioned far enough from the cutting
zone to not be affected by the heat arising during machining. Equations (5) and (6)
are the obtained expressions for Young modulus and loss factor as functions of
frequency.
Table 1; Material properties.

Material

Young modulus [Pa]

Loss factor

Wave
propagation
speed [m/s]

Aluminium

70  1011

5  10 4

4700

Steel

210 10 11

5  10 4

6100

VE polymer

Frequency dependent according to equations (5) and (6)
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In this analytical model the materials in Table 1 are characterized by the Youngmodulus in its complex form, i.e.:

E *  E  (1 + i 

(7)

where represents the loss factor.
The following section will illustrate how different design parameters affect the result
of the damping treatment.
Effect of design parameters on the complex flexural rigidity

Back plate
Design parameter:
• Material (aluminium, steel)

10 mm

The computational model has been employed primarily for the design of the HDI on
the turret-lathe joint . In order to run the model, the structure has been simplified as
consisting of three substructures: primary plate, VE polymer composite and back
plate (see Figure 22). The design parameters of interest for this study are, as shown
in Figure 22, the plates’ material, the primary plate thickness and the number of
applied VE polymer composite layers.

VE ploymer composite
Design parameter:
• Number of layers

Primary plate
Design parameters:
 Material (aluminium, steel)
 Thickness (H = 1 to 100 mm)

H

Figure 22; Simplified structure of the HDI.
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(a)

(b)

Figure 23; Computed loss factor at 1200Hz as a function of the number of VE polymer layers and primary
plate thickness. a) Steel. b) Aluminium.

All these parameters influence the complex flexural rigidity of the structure, as it
may occur by observing equation (1) and all of its elements; however it is difficult to
instinctively understand how the design parameters affect the complex flexural
rigidity due to the complexity of the analytical model where the layers of VE polymer
composite also vary. In addition to this, as the VE polymer properties and the wave
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number (p, in equation (4)) are frequency dependent, the complex flexural rigidity
also results in being a function of the excitation frequency. This makes the graphical
exemplification of the model somewhat complicated. To facilitate the analysis of the
computational model one may chose the frequency one is interested in and observe
the influence of the design parameters for a specific primary and back plate
material. This approach has been employed to generate the results presented in this
section.
Figure 23 displays the loss factor as a function of the number of VE polymer
composite layers and primary plate thickness for steel (a) and aluminium (b)
computed for a frequency of 1200 Hz. At a first glance the aluminium primary plate
appears to provide a larger loss factor than the steel one, as the absolute maximum
(in the domain studied here) is greater than the one provided by a steel primary
plate. However this maximum is only attainable by applying a large amount of VE
polymer layers and for primary plates thicker than 40 mm. If steel is employed as
primary plate material, the absolute maximum for loss factor is attained at a slightly
lower thickness.
0.022
0.02

Steel primary plate
Aluminium primary plate

0.018

Loss factor

0.016
0.014
0.012
0.01
0.008
0.006
0.004
0

20

40

60

80

100

number of layers
Figure 24; Computed loss factor (at 1200Hz) as a function of the number of VE polymer layers for a 50mm
thick plate. Comparison between steel (blue) and aluminium (red).

The computed loss factor for the steel primary plate displays an interesting
behaviour: the loss factor has a local maximum at low number of VE polymer
composite layers (see Figure 23 and Figure 24). This behaviour has to be attributed
to the back plate properties. As it may be observed in equations (1) to (4), the
complex flexural rigidity is dependent on the complex extensional stiffness of the
back plate (K3). As illustrated in Figure 25, where the computed loss factor as a
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function of the number of applied layers of VE polymer composite to a 50 mm thick
steel primary plate varying the Young modulus of the back plate is represented, the
back plate strongly affects the loss factor for lower amounts of applied VE polymer
composite layers.
The reason for this behaviour has to be searched in the shear parameter (g) as this
governs both the distance between the neutral plane of the primary plate and the
neutral plane of the complete composite plate (equation (3)) and the strain ratio
(equation (2)) which in turn are important parts of the complex flexural rigidity
(equation (1)). Equation (4) provides an explanation of the dependency of g on the
extensional stiffness of the back plate (K3). As Figure 26 illustrates, the alteration of
the back plate Young modulus only affects the shear parameter for the number of
VE polymer layers below 40. After that the curves converge to a common trend as
for the loss factor. This can be physically explicated by the fact that as the number of
VE polymer composite layers increases, the contribution of the back plate
mechanical properties on the shear parameter becomes negligible.

0.018
0.016

Loss factor

0.014
0.012
0.01
0.008
0.006
Back plate E=210 GPa
Back plate E=350 GPa
Back plate E=70 GPa

0.004
0.002
0

20

40

60

80

100

number of layers
Figure 25; Loss factor as a function of the number of applied layers of VE polymer composite for a 50 mm
thick steel primary plate at 1200 Hz. Effect of the Young-modulus of the back plate on the loss factor.
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Back plate E=350 GPa
Back plate E=210 GPa
Back plate E=70 GPa

Shear parameter, (g), Apmplitude
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60
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80
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Figure 26; Amplitude of the shear parameter (g) as a function of the number of applied VE polymer
composite layers computed for 1200 Hz excitation frequency and 50 mm thick steel primary plate.
Effect of the Young-modulus of the back plate.

As pertaining to the comparison of the computed flexural rigidity, the employment
of steel as material for the primary plate ensures an overall greater rigidity than
aluminium (see Figure 27), the difference between the two materials becomes
greater with increasing of primary plate thickness.
Studying Figure 27(a) it can be noticed that, as expected, even the flexural rigidity
has a local maximum at a low number of VE polymer composite layers. Figure 28
demonstrates that the overall flexural rigidity is governed by the primary plate
properties, while the effect of the back plate properties is appreciable only when the
number of VE polymer composite layers is below 40 although not as extensively as
for the loss factor.
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(a)

(b)

Figure 27; Computed flexural rigidity at 1200Hz as a function of the number of VE polymer layers and
primary plate thickness. a) Steel. b) Aluminium.
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Figure 28; Flexural rigidity as a function of the number of applied layers of VE polymer composite for 50
mm thick steel (solid line)and aluminium (dotted line) primary plates.
Effect of the Young-modulus of the back plate on the flexural rigidity.

A further observation on the behaviour of the flexural rigidity has to be made. The
model presented so far does not take in consideration possible design limitations on
the total thickness of the composite plate; hence the model shows that the flexural
rigidity increases with the increasing number of applied VE polymer composite
layers. Running the model once more for a steel plate considering that, for instance,
the total thickness of the composite plate should be 80 mm, consequently reducing
the primary plate thickness for every VE polymer composite layer applied generates
the result illustrated in Figure 29(a). As expected the flexural rigidity decreases with
the increasing number of applied layers of VE polymer composite. Whereas
computing the loss factor considering the same constraints generates the result in
Figure 29(b). Even this behaviour is somewhat expectable as the contribution of the
VE polymer composite material properties increases with the increasing number of
layers and the primary plate’s contribution decreases accordingly, as its thickness
diminishes.
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Figure 29; Flexural rigidity(a) and loss factor (b) computed for a steel plate putting a constraint on the
total thickness (80mm) of the composite plate (blue) and for a steel primary plate of 80 mm of thickness
without constraints on the total thickness (red).
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3.3 Chapter conclusions
The modelling approach presented in this chapter is particularly valuable for
understanding the behaviour of the VE polymer composite employed in the design
of the different machine tool components treated.
For the purpose of this research work, the major conclusion that can be drawn from
this model is that steel has to be preferred to aluminium as material for the primary
plate since it ensures overall greater rigidity and higher loss factor especially when
applying less than eight layers of VE polymer composite.
The model can be employed to evaluate the effect of multiple layers of VE polymer
composite even in the case of design constraints on the total thickness of the
composite plate.
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The diversity of the phenomena of nature is so great, and the treasures hidden in
the heavens so rich, precisely in order that the human mind shall never be lacking in
fresh nourishment.
Johannes Kepler

Chapter 4: Design and Implementation of Passive
control of Machining Vibration

This section describes the design principles applied to the design of the machine tool
components. A short review on the effect stiffness and damping in mechanical
structures is given and the concept of High Damping Interface (HDI) is introduced.
The core of this chapter is the presentation of the computational model employed
for the design of the damped boring bar.

4.1 Design principles
The ultimate objective when designing machine tool components capable of
withstanding cutting instability in a passive manner is to enhance both stiffness and
damping. On the other hand, these two properties are intrinsically linked to one
another and the enhancement of one, usually compromises the other [56]. It is in
fact well known that for the majority of machining operations it is the product of
stiffness (K) and damping () that determines the vibratory conditions in the system
[56]. Another aspect to take in consideration is that the overall damping ability of a
complex structure, such as a machine tool, not only depends on the individual
components’ damping capacity but also, and more considerably, on the damping
associated with joints between the very components [4, 58]. Thus the necessity to
make use of different components of the machine tool for enhancing both K and 

4.1.1

Maximizing stiffness using hydrostatic clamping

To maintain a high level of static stiffness, it was chosen to adapt hydrostatic
clamping systems to the tools. The effect of this kind of clamping system on the tool
deflection is well recognized [68] and straightforward to compute. If the tool is
considered to be a cantilever beam, with infinite clamping stiffness, then its
transversal vibration will be derived from the equation:

 2   2v(x ,t) 
 2v(x ,t )
EI



A
x 2 
x 2 
t 2

(7)

The well-known solution for computing the deflection of a cantilever beam under
static load is given by equation (8):



F  L3
3E I

(8)
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where F is the load, L the overhang, E the Young module and I the moment of
inertia. When expressing the moment of inertia for a round section beam (as the
common boring bars have) equation (8) becomes:



64  F  L3
64  F  L 

 
4
3  E   d  d 
3  E   d

3

(9)

Where d is the beam section diameter. Equation (9) puts in evidence the importance
of the ratio between the overhang and the section diameter.
It is common knowledge that the effective overhang of a tool has to be considered
from the outmost fixed point [68], which is the first screw on the conventional screw
clamp, and the outmost face on the hydrostatic clamp (see Figure 31). Thus the
measured overhang of a tool mounted in a screw clamp does not correspond to the
effective overhang. The effect of the hydrostatic clamp can be easily quantified by
employing equation (9) to compute the deflection of the tool clamped in it ( H) and
in the screw clamp (C). As the screw is usually positioned 12 mm from the end of
the clamp, the effective overhang of the tool mounted in the screw clamp will be 12
mm longer than the one of the tool clamped in the hydrostatic clamp. The relative
difference can be expressed by (10):

C  H
C

(10)
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Figure 30; Relative difference of the deflection of the tool as function of the measured overhang.

If, for instance, a boring bar is mounted with a measured overhang of 120 mm, its
deflection can be reduced by 25% by employing a hydrostatic clamp instead of a
conventional screw clamp (see Figure 30).
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This solution does indeed help to minimize vibration amplitude but it does not
create any vibration dissipation; what is achieved with such clamping technique is an
enhancement of the static stiffness. This means that it is more difficult to excite the
system tool-clamp at its natural frequency but when this occurs the system will not
oppose resistance. In fact, the stiffness obtained solely using such clamping system
for vibration control purposes could actually result in an excessive reduction of
damping ratio, defeating the purpose of reducing vibration [56]. Therefore, it is
important to be aware of it and exploit it by accompanying the clamping system to a
properly designed damping system.

Effective overhang

Concentrated clamping force

Measured overhang

(a)
Tool

Hydrostatic clamping force
Effective overhang
Measured overhang

Tool

(b)

Figure 31; Comparison between conventional screw clamp (a) and hydrostatic clamp (b).

4.1.2

Maximising damping using high damping interfaces (HDI)

Interface damping is a well-known phenomenon – having been studied first by Da
Vinci and later by Coulomb. Friction arises whenever two, or more, surfaces are in
contact and participating to a vibratory movement and this friction eventually
translates into damping. High damping interfaces (HDI) are intentionally introduced
interfaces where the damping ratio is enhanced by introduction of VE polymer metal
composites between the two metallic surfaces composing the interface. As every
vibratory mode is characterized by its own damping ratio (and natural frequency),
the HDI is effective in those modes where the mode shape involves the HDI, i.e.
when the VE polymer composite experience shear strain (as explained in chapter 3).
Therefore the positioning of such interface is of vital importance. The latter is
illustrated in paper V where a HDI has been implemented on a palletized active
alignment workholding system. The experimental modal analysis (EMA) shows that
the HDI is effective only for certain modes (see Figure 32), those where the structure
shows a relative displacement between the two sides of the damping interface.
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Figure 32; EMA, compliance diagram before (dashed blue) and after (red) HDI implementation on the
active alignment chuck.

Another important issue to consider when designing a HDI is the mechanical
impedance between coupled structural elements which control the energy flow path
through the structure. It is important that most of the energy flows through the
damper. If the energy has an alternative path of propagation with lower mechanical
impedance (Figure 33(a)), the energy will by-pass the damper [68, 68]. For this
reason, the damping interface should be the only structural component in the
energy flow path, see Figure 33(b).

Damper

Energy
propagation
path
Tool

Tool

Metal
support

a)

Machine
tool
interface

b)

Figure 33; Energy propagation paths. (a) Bypass through metal-to-metal contact. (b) No bypass, energy
flows through damping material.
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4.2 Computational model of the damped boring bar
The damped boring bar (DBB) consists of a steel bar on which a certain number of
constrained viscoelastic plates are mounted (see Figure 34).

Aluminium constraining plate

VE polymer

Figure 34; Damped boring bar and constrained viscoelastic (VE) plates. The edges of the VE plates are
considered elastically restrained against rotation.

The relatively soft viscoelastic polymer is sandwiched between the structure to be
damped and a thin constraining layer with high Young modulus. Direct stresses are
resisted primarily by the constraining layer, while the viscoelastic layer acts primarily
in transverse shear. In flexural vibration the shearing strain in the viscoelastic layer
dissipates energy and thereby reduces vibration.
The computation model of the damped boring bar (DBB) is accomplished in three
steps:
1.

Computation of the motion equation of the VE plate

2.

Computation of the flexural motion of the DBB

3.

Computation of the rotational motion of the DBB
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4.2.1

Computation of the motion equation of the VE plate

The analysis of flexural vibrations of annular, polar VE plates with edges elastically
restrained against rotation is of interest since ideal supports or clamps are
practically impossible to obtain in practice. The computation is performed for the
transversal motion of the thin VE-plate. The axisymmetric case, when the material
properties, load and boundary conditions are independent of , is considered. The
axisymmetric motion of a circular plate of radius, a, of an annular plate, in polar
coordinates r,  is governed by the equation



2

(rQr  + h  w2  0
r
t

(11)

z

r

b

h

a

Figure 35; Geometry and coordinate system used for analysis of an annular disk.

where b < r < a, b and a are the inner and outer radii, respectively, of the annular
plate, w is the transvers displacement, h is the thickness of the plate,  is the mass
density per unit volume of the plate and Qr is the shear force
1 

Qr   (rMrr   M 
r  r


Where Mrr and M are the moments per unit length of the orthotropic plate
h2

Mrr 

  rr zdz

h 2
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The transvers displacement w is a function of r,  and t, w(r,,t). In order to express
the governing equations in terms of the displacement, w, the bending moments in
Equation (12) must be transformed with the help of the constitutive and kinematics
equations respectively.

  rr 
E
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Regarding the VE polymer the in-plane shear deformation can be neglected, and the
stress–strain relationship can be expressed as

 rr 
E 1    ( rr  T  
 


2 
   1   1  (  T 

(13)

where T is the temperature rise from a undeformed state,  is the coefficient of
thermal expansion and  is the Poisson's ratio. From Equations (12)-(13) it can be
further derived
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where MT is the thermal moment and D represents the bending stiffness expressed
by
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Now, neglecting the thermal moment MT, the bending moments can be expressed in
terms of the deflection w using the relations

 2w  w 

Mrr  D 2 + r
r r 
 r
M

 2w 1 w 

 D  2 +
r r 
 r

(14)

The equation of motion (11) can now be written in terms of deflection w
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The transversal deflection w(r,,t) can be separated into two functions

w(r , , t   w0 (r , (t 
where w0 is a function of only r and . Then equation (15) can be rewritten as
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According to Gupta [69], equation (16) can be written as a system of two equations

D
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2
4
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r
r
r

d 2
+  2  0
dt 2

(17a)

(17b)

where  is a constant to be determined. Ramaiah and Kumar [70] have derived the
expressions for maximum strain energy, Vmax, and maximum kinetic energy, Kmax, in
the form
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where
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D1  D
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Gh 3
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Dr is shear rigidity and G is shear modulus.
By using variational calculus, this requires that
 (Vmax  Kmax   0

(20)

satisfying relevant boundary conditions. Considering the mode shape of the form
w0 (r ,   w1 (r cos ( 

then equations (18) and (19) can be written as
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Applying the Rayleigh-Ritz method, the mode shape w1(r) in the radial direction is
expressed as
N

w1 (r   WN (r   C j j (r 
j 1

(21)

in which j(r) are chosen admissible functions satisfying the geometric boundary
conditions such that they are linearly independent and form a complete set. Cj are
linear parameters to be determined from the variational condition (20). The method
leads to a set of linear, homogeneous, simultaneous equations in the Cj’s. The
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condition for non-trivial solutions of this set of equations results in a characteristic
equation for the determination of eigenvalues

(



det Vij   2 hTij  0

(22)

where Vij and Tij are symmetric functions in i and j. Now, the transvers deflection
WN(r) can be determined from (21).
To account for the behaviour the rheologic operator is introduced to multiply the
right side of Equation (15). The time equation becomes then viscoelastic

d 2
+  2  0
dt 2

(23)

For a Maxwell model the  operator is
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d
dt

and Equation (23) becomes
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The differential Equation (24) has the characteristic equation
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The solution of (24) can be expressed by
 2 
(t   exp 
t (C1 cos t + C2 sin t 
 2 

C1 and C2 are constant that are determined from the initial conditions,  = 1 and
d/dt = 0 at t = 0.
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Using the above procedure, characteristics of the VE polymer can be determined
and the effect of the VE polymer parameters on the dynamic behaviour may be
analysed. The computation approach has been implemented in a FE-program, where
the main part concerns VE-material behaviour evaluation. Viscoelastic polymers
have a time-dependent response even if the loading is constant. Linear
viscoelasticity is adopted in all calculations and the stress is considered to vary
linearly with strain and strain rate. It is also assumed that the viscous part of the
deformation is incompressible, so that the volume change is purely elastic. To
ensure incompressibility, the Cauchy stress tensor,  , is expressed in the following
form


  pI + s
where p is the volumetric stress and s is the deviatoric part of the stress tensor. The
general linear dependence of the stress deviator on the strain history can be
expressed by the hereditary integral

t
d

s (t )   (t    d
d

where (t – ) is the relaxation shear modulus function and
of the strain.

 is the deviatoric part

A so-called generalized Maxwell model is implemented where the relaxation
function is evaluated by Prony series
M
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m 

 Gm exp  

Hence, τm is the relaxation time constants of the spring-dashpot pairs in the same
branch, and Gm represents the stiffness of the spring in branch m.
In frequency domain, the deviatoric parts of stress and strain are represented as
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where G’ is the storage modulus and G’’ is loss modulus
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m
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Figure 36 and Figure 37 show the storage shear modulus and loss factors values at
different time intervals.
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Figure 36; Storage shear modulus values for the VE-material at different time intervals.
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Figure 37; Loss factors valuesfor the VE-material at different time intervals.

The computed storage shear modulus and loss modulus as frequency functions are
illustrated in Figure 38.
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Figure 38; Loss modulus and storage modulus of VE polymer.

4.2.2

Computation of the flexural and rotational motion of the DBB

This section presents the analysis of the effect of the damping plats on the boring
bar. The energy introduced in the elastic structure can be very large during internal
turning where the ratio between the length of the bar and its diameter is large.
Therefore, it is important to design a system to dissipate a part of this energy. As
described above, the composite plates, formed by a VE-material constrained
between two Al-plates are mounted on the boring bar. The damped plates on the
bar form a complex system that will be studied in this section. First the dynamic
analysis of the undamped boring bar is presented. The bar is considered to be
constrained as shown in Figure 39.

Figure 39; Boundary condition for the undamped boring bar.
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Figure 40 and Figure 41 shows the mode shapes of the boring bar for the flexural
and torsional modes respectively.

y
y
x

x
(a)

(b)

Figure 40; Undamped boring bar, flexural mode X-dir, f0 = 847Hz (a) and
Undamped boring bar, flexural mode Y-dir, f0 = 841Hz (b).

Figure 41; Undamped boring bar, torsional mode 4852 Hz.

Table 2; Natural frequencies and mode type, undamped boring bar.

Frequency [Hz]

Mode type

841

flexural

847

flexural

4852

torsion

Table 3 illustrates how the natural frequencies change when applying three
constrained VE plates (see Figure 43). As one might expect, the natural frequencies
drop, basically due to the drop in stiffness. Although this scenario would be
unrealistic for the final design of the boring bar, it can be useful for studying the
behaviour of such a design approach.
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Table 3; Natural frequencies, boring bar with 3 constrained damped plates.

Frequency [Hz]

Mode type

221

flexural

263

flexural

3533

flexural

3602

flexural

3927

torsion

5244

flexural

Figure 42; Effect Increasing VE-material loss factor on Power dissipation ratio (PDR) on a bar with three
constrained VE plates, blue  = 0.4, red  = 1.0.

A first consideration might be made on the power dissipation. Power dissipation
ratio (PDR) is calculated as the ratio between the power dissipation in the VE
polymer and the total power dissipation in the rest of the structure. As can be
observed from Figure 42, for lower loss factor (=0.4) the PDR increases with the
frequency while higher loss factor (=1.0) has an opposite effect. Meaning this that
a higher loss factor of the VE polymer would not bring any considerable
improvement of the overall power dissipation of the plate package composed of the
three constrained VE plates.
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Boring bar

Power dissipation density [W]

Figure 43; Boring bar with three constrained VE polymer plates.

Frequency [Hz]
Figure 44; Power dissipation density (W) in the VE polymer (blue) and total (red).

Figure 44 illustrates that the power dissipation density of the VE polymer is
considerably higher than the one of the rest of the structure, making this an
indication of the effectiveness of this concept.
As stated in previous chapters, VE polymers damping effectiveness is related to
strain, thus the behaviour of the strain energy has to be studied as well. Figure 45
illustrates how the strain energy is distributed on the three VE polymer plates; the
middle plate has to withstand the largest quantity.
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Integral of Strain Energy [J/m3]
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Figure 45; Integral of strain energy on the three VE polymer plates illustrated as function of frequency.

An index of the effectiveness of the concept proposed here for the boring bar is
given by the strain energy ratio (SER), i.e. the strain energy in the VE polymer versus
the total strain energy in the rest of the system. Figure 46 illustrates how this varies
with frequency. It appears that, up to 3500 Hz, the strain energy stored in the VE
polymer corresponds to 30% - 40% of the total.
0.45

Strain Energy Ratio (SER)

0.40
0.35

0.3
0.25
0.2
0.15
0.1

0.05
0

Frequency [Hz]
Figure 46; Strain energy ratio (SER) of the DBB with three constrained VE polymer plates.
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Looking further into the results of the model, it can be observed that the stress
normal to the plate’s surface is not evenly distributed on the VE polymer plate (see
Figure 47). This suggests that to attain a more even repartition one should apply a
pre-stress to the plates, allowing a more efficient use of the VE polymer.

x
y
z

Figure 47; Stress (in z-direction, i.e. normal to the surface) on the VE polymer plate.

Another study has been carried out in order to take into account the possible ways
to clamp the DBB. Two scenarios have been taken into consideration: clamping
either (i) the aluminium plates or (ii) the VE polymer plates. As previously stated,
this is modelled as an elastic constraint (see Figure 48).

(a)

(b)

Figure 48; Illustration of the two possible ways to constrain the plate package:
(a) Elastic constrain on the aluminium plate and (b) on the VE polymer plate.
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Figure 49; Frequency response diagram for DBB when constraining the aluminium plates.
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Figure 50; Frequency response diagram for DBB when constraining the VE polymer plates.

As Figure 49 and Figure 50 illustrate, applying the constraint on the aluminium
plates generates a generally lower total displacement.There might be two reasons
for such behaviour: (i) aluminium possesses a considerably higher stiffness than the
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PDR

VE polymer, and (ii) the free VE polymer has to undergo higher strain, and, as
explained in chapter 4, this is the condition that allows the VE polymer to be more
effective as damping material.

3 VE polymer plates
20 VE polymer plates

Frequency [Hz]
Figure 51; PDR for DBB with 3 constrained VE polymer plates (blue)
and 20 constrained VE polymer plates (red).

A more realistic scenario for the realization of the DBB is given if the number of
constrained VE polymer plates is considerably increased. The study of the PDR for a
DBB where 20 plates are applied shows that there is not an appreciable difference
between the two scenarios, see Figure 51. This result suggests that the PDR does not
change with increasing of the number of constrained VE polymer plates applied.
Table 4; Turning bar with 30 constrained VE plates.

Eigenfrequency
(Hz)

VE Strain energy
density(J)

Strain
energy
density (J)

454

1.11E+07

2.69E+07

483.79

1.09E+07

3.08E+07

4471.25

4.53E+07

2.31E+09

6776.5

3.46E+08

1.11E+10

By further increasing the number of applied constrained VE polymer plates to 30
and studying the behaviour of the strain energy, one may observe that a
considerably large part is stored again in the VE polymer, see Table 4. This result
puts in evidence the effectiveness of the design
Ultimately the expected result of this computational model is an indication on the
most suitable amount of VE plates with respect to both damping and stiffness.
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Total displacement [mm]

Figure 52 illustrates the frequency response to a given dynamic excitation for DBB’s
with different amounts of applied VE polymer constrained plates. The diagram
shows that stiffness grows with the amount of VE constrained plates; however,
damping has its optimum (within the range computed) when applying 50 plates.
20
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Figure 52; Frequency response diagram for DBB’s with different amount of applied VE polymer plates
(20 to 70).

4.3 Chapter conclusions
The ultimate objective when designing machine tool components capable of
withstanding cutting instability in a passive manner is to enhance both stiffness and
damping. On the other hand, these two properties are intrinsically linked one
another and the enhancement of one, usually compromises the other [56].
Hydrostatic tool clamping allows maximising the static stiffness as it reduces the
effective overhang of the tool. This clamping technique has also the advantage of
generating a homogeneous and controllable clamping force. However, it does not
create any vibration dissipation. For this purpose a damping system has to be
designed.
The HDI implemented on the tool side consists of a certain number of constrained
viscoelastic (VE) plates. This chapter has introduced a computational approach for
investigating the effectiveness of the proposed design and the major result is the
computation of the optimal amount of plates composing the HDI.
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We have to learn again that science without contact with experiments is an
enterprise which is likely to go completely astray into imaginary conjecture.
Hannes Alfvén

Chapter 5: Performance evaluation: method and
results

This section describes the methodology used to evaluate the proposed concept and
the results of such an evaluation.

5.1 Methodology
In order to understand the principle for design of efficient damping systems it is
necessary to understand the dynamic behaviour of machining systems. Machining
systems may be represented by a closed loop system comprising of the machine tool
elastic structure (ES), i.e. the machine tool structure including tool, tool holder,
workpiece etc., and the cutting process (CP), i.e. turning, milling etc., see Figure 53
[9, 38, 53]. The interaction between the machine tool’s elastic structure and the
cutting process describes the behaviour of the machining system. This behaviour
directly affects the process accuracy.

P (t )

F0 (t )

Pd (t )

Elastic structure (ES)

F(t)

F

Machine tool structure including
workpice, clamping device, tool
and tool holders etc.

Cutting process (CP)
Milling, turning,
grinding etc. operation

x(t)

d (t )

Variation in cutting
parameters

Figure 53; Typical representation model of a machining system from a process-machine interaction point
of view [9, 38, 53].

In Figure 53, F(t) is the instantaneous cutting force, F0(t) is the cutting force nominal
value, x(t) is the relative displacement between cutting tool and workpiece, Δd(t) is
the total deviation of the relative displacement x(t). P(t) and Pd(t) are disturbances
such as tool wear, thermal dilation of the elastic structure, variation of rigidity of the
elastic structure during a machining process, variation of cutting parameters and so
on. Critical factors for the optimization of designs for damped structural
components for machine tools are the modal parameters (frequency and damping
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ratio). These parameters, that also control the stability of the cutting process, can be
extracted from the analysis of the interaction between the two subsystems.
Traditional evaluation of machining system dynamic behaviour has invariably been
approached in the following steps:
1.

Identification of the dynamic properties of elastic structure of machine
tools.

2.

Identification of the characteristics of cutting process, i.e. the dynamic
parameters describing the transfer function of the subsystem represented
by cutting process in Figure 53.

3.

Evaluation of dynamic stability of the machining system from step 1 and
step 2.

The first step is experimentally carried out through experimental modal analysis
(EMA) and the second by machining tests, where the acoustic signal or the vibration
acceleration is recorded. In some cases these signals are analysed using model based
identification algorithms [39] in order to extract the operational dynamic
parameters (ODP) [37, 40], This methodology is further discussed in Paper IV where
it has been used for the evaluation of a machine tool system with rotating tools.
Surface roughness has otherwise been utilized as evaluation criterion.
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5.2 Results
The designed components have all undergone experimental modal analysis. The
EMA on the turret (Figure 54) validates the conclusions drawn by the modelling
activity in chapter 3:


The 5-layers and 8-layers treatments on steel plates are the ones showing
better dynamic and static stiffness, as compared to aluminium solutions.



There is no major difference between these two treatments on steel, both
in terms of static and dynamic stiffness.



The static stiffness is slightly affected in a negative way (as expected) by the
treatments when compared to the conventional turret (Figure 54), but a
considerable improvement in dynamic stiffness has been attained, e.g.
about 60% lower compliance at the first natural frequency for the 5-layers
treatment on steel turret.

1.00

-130.00

Amplitude

dB

m/N
Compliance
( dB)

Standard
Steel 5 layers
Steel 8 layers
Aluminium 5 layers
Aluminium 8 layers

-210.00

0.00

0.00

Hz

Frequency [Hz]

2000.00

Figure 54; Compliance diagram for 8-layers treatment on aluminium, 5-layers treatment on aluminium, 5layers treatment on steel, 8-layers treatment on steel and conventional turret.

Therefore this solution seems to be preferable, also considering its easier
implementation. The effect of this improved design for the turret on machining
results will be presented later in this section.
Pertaining to the boring bar presented in paper I and III, particular interesting
observations can be made by looking at Figure 55, where a comparison of the
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compliance of the damped and conventional boring bar mounted in a conventional
screw clamp and in a hydrostatic clamp is presented. The DBB displays lower
compliance than the conventional one when both are mounted in the conventional
screw clamp (curve 1 vs. curve 3 in Figure 55). However, the highest dynamic
stiffness is displayed by the DBB mounted in the hydrostatic clamp (curve 2 in Figure
55) confirming the expectations described in chapter 4.

(1)

(2)

(3)

(4)

(3)
(4)

Compliance [m/N]
(x10-6)

(1)

(2)

Frequency [Hz]
Figure 55; Result of EMA on boring bar: compliance. (1) Damped boring bar in VDI adapter with traditional
screw clamp. (2) Damped tool in a hydrostatic clamp. (3) Conventional tool in VDI adapter with traditional
screw clamp. (4) Conventional tool in a hydrostatic clamp.

Based on this result a comparative SLD for the DBB mounted in the hydrostatic
clamp and the conventional boring bar mounted in the screw clamp has been
computed assuming that the tools would machine exactly the same workpiece
2
having a hypothetical cutting force coefficient of 1500 N/mm (see Figure 56). This
comparison already gives an indication of the achievable higher stability limit for the
combination of damped tool and hydrostatic clamp. As Figure 56 illustrates, the
asymptotical depth of cut limit is almost three times larger for the damped boring
bar.
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Figure 56; SLD comparing the conventional boring bar mounted in the screw clamp (red) and the damped
boring bar mounted in the hydrostatic clamp.

More accurate information on the effectiveness of these improvements can be
extracted only after machining tests. Preliminary tests were carried out in form of
internal turning on 34CrNiMoS6 (SS 2541) bars with an outer diameter of 150 mm,
inner diameter of 48 mm and a length of 170 mm. The tests were performed in a
SMT Swedturn 300 (see Figure 57) at three different depths of cut (ap), 1 mm, 2 mm
and 3 mm, keeping a constant cutting speed (vc) at 120 m/min and feed (f) at 0.15
mm/rev. The boring bars had a section diameter d=25 mm and the overhang was set
to be L=125 mm (i.e. L/d=5). Both conventional boring bar and DBB were mounted
in the hydrostatic clamp (on standard turret).

Figure 57; Machining test set up in SMT Swedturn 300.
Conventional boring bar mounted in conventional turret via screw clamp.
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The sound recorded from machining tests has been processed to extract the
dynamic characteristics of the process-machine interaction. The sound recorded by
the microphone can be shown to have good correlation to the vibration generated
during machining [29] and also to have the practical benefit of not interfering in the
working zone.
The effect of the tool’s improved dynamic stiffness on the machining process is
shown in Figure 58, where the acoustic signals produced by machining with the
conventional and the damped tool respectively, are compared. Figure 58 shows the
comparison when machining at a depth of cut (ap) of 1 mm. Machining with
conventional tool showed the typical signs of instability, i.e. high and irregular
amplitudes, these signs are entirely absent in the signal generated by the DBB.

Figure 58; Acoustic signal produced during machining of SS2541 with
ap = 1 mm, vc = 120 m/min and f = 0.15 mm/rev. Comparison between the signal produced when
machining with DBB (red) and with a conventional boring bar (blue), respectively.

The acoustic signals have also been analysed through model based identification in
order to quantify the ODPs (operational frequency, OF, and operational damping
ratio, ODR). Figure 59 shows the damping ratio variations as the tool enters the
workpiece (at the left end of the figure) and exits close to the chuck (at the right end
of the picture).
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Figure 59; Operational damping ratio identified with ARMA(3,2) model.
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Figure 60; Average surface roughness and standard deviation, Ra and Rz.

The operational damping ratio for the conventional boring bar goes towards zero
during the machining of the whole length of the workpiece. The DBB worked in
stable conditions throughout the whole length of the workpiece with a tendency of
stability increase as the tool approaches the chuck.
The effect of this improvement of dynamic properties directly reflects on the surface
quality produced on the workpiece as illustrated in Figure 60. The DBB is capable of
generating surface roughness as low as 50% of the one generated by the
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conventional boring bar. The absence of results for the conventional boring bar at
ap = 3 mm is explained by the impossibility of running tests at those parameter
settings due to excessive instability, while the damped tool still was capable of
machining in stable conditions. Figure 61 shows the surface profile taken after
machining at ap = 1 mm; the conventional tool (Figure 61(a)) is not able to perform
in stable conditions and therefore the surface profile is disturbed by chatter marks.

(a)

(b)

Figure 61; Surface roughness scan. (a) Conventional tool, (b) damped tool; the scale is the same for both
scans. The scans were performed after machining at vc = 120 m/min, f = 0.15 mm/rev and ap = 1 mm.

The effectiveness of the novel turret design in machining conditions has been
evaluated in internal turning of SS2541 steel. The boring bars (damped and
conventional) were tested and compared when mounted in both conventional and
damped turret (see Figure 57). Surface roughness (Ra) has been used as criterion.
The chosen cutting parameters are summarized in Table 5. Figure 62 summarises the
results obtained by machining with the different combinations of tools (damped and
conventional) and turrets (conventional and HDI treated steel).
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Table 5; Cutting data settings.

#

n

ap

f
[mm/rev]

[rpm]

[mm]

1

1040

1

0.15

2

1040

2

0.15

3

1040

3

0.15

4

800

1

0.15

5

800

2

0.15

6

800

3

0.15

7

560

1

0.15

8

560

2

0.15

9

560

3

0.15

3,00
Damped Tool + Damped Turret
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Damped Tool + Convl Turret
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Convl. Tool + Convl. turret

2,40
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Ra [m]

1,80
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Cutting data settings

Figure 62; Machining test results, surface roughness. Comparison between the conventional tool clamped
in conventional turret and in the damped turret, as well as the damped tool clamped in the conventional
turret and in the damped one. The conventional tool clamped in the conventional turret could not perform
at setting 7, 8 and 9 due to excessive instability.
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From Figure 62 it appears evident that the ordinary configuration (conventional
boring bar and conventional turret) suffers from grave instability when machining at
settings 7, 8 and 9 (see Table 5 for details). A considerable improvement is attained
when either the conventional boring bar is mounted in the damped turret or the
DBB is employed instead of the conventional one in the conventional turret; in both
cases it becomes possible to machine even at those cutting data settings that
generated instability. In addition to this the overall surface roughness is somewhat
improved even for those cutting parameters where signs of instability are not as
manifest. Further improvement of the resulting surface quality is attained when
employing the combination of damped boring bar and damped turret.
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Misura ciò che è misurabile, e rendi misurabile ciò che non lo è.
Galileo Galilei

Chapter 6: Discussion and conclusions

6.1 Discussion
With the advances in material technology, allowing, for instance, engines to
withstand higher combustion pressure and consequently improved performance,
comes challenges to productivity. These materials are, in fact, more difficult to
machine with regards to tool wear and especially machine tool stability [25]. To cope
with this, the usual strategy has been to lower the cutting parameters to a safe level
with regards to stability. The research work presented here addresses this problem
and proposes what is thought to be the most viable solution.
The literature survey presented earlier in this thesis reveals that the issue of
machining vibration has been addressed by many, however, most research effort in
the subject has been concentrating on the refinement of the stability limits
computation based on the theories originally introduced by Tobias [8] and Tlusty [7].
Yet this approach is not widespread within industry due to the limitations still left
for researchers to deal with. To begin with, this approach lacks of an absolute
stability criterion [22], in addition to this SLD’s are sensitive to the accuracy of the
structural analysis; therefore, in order to attain accurate and reliable results, the
analysis ought to be carried out by personnel with experience in the field. Further,
once the SLD is computed, it only applies to the specific configuration of workpiece
(material and geometry) and tool. In addition to this, this approach cannot take into
account non-linear behaviours and for structural dynamics variations of the parts
and machines along the tool path, this being the most common occurrence in the
manufacturing of advanced products. Last but not least, in the cases when the SLD
might be accurately and reliably employed, the usual strategy is to select a higher
cutting speed in order to be able to machine in stable conditions with a higher depth
of cut. On the other hand, this might compromise tool life, as this is strongly
dependent on temperature, which in turns increases with cutting speed, thus
affecting productivity as the machining process needs to be interrupted more often
for tool change and consequently production costs might increase.
Therefore, this thesis proposes to extend the stability limits of the machine system
by enhancing the structure’s damping capability. This would allow for maintaining or
even improving productivity since the range of stable cutting parameters might be
stretched to such an extent that the user is enabled to freely choose the cutting
speed for the operation without having to be concerned about stability.
The literature review also reveals that most effort in improving machining
performance by changing the machining system structural behaviour (either by
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active or passive means) has been concentrating solely on one specific component
at the time.
The aim of the research work presented here is therefore to introduce a unified
concept based on the distribution of damping within the machining system
components exploiting the dynamic properties of the existing joints composing the
machine tool structure. Machine tools are generally overdimensioned in terms of
strength [22], thus most of the damping capability is generated by the very joints
comprising the structure [4, 58]. However, the damping introduced by these joints is
generally not consciously designed or controlled.
The fundamental issue when implementing passive damping in the machining
system is to evaluate the necessary damping. In fact, as the vibration energy is not
constant in machining, the required damping may vary within a large range.
Therefore it is of vital importance to have a computational approach to estimate the
achievable damping in a machining system. The optimization of damping through a
computational approach implies two further issues:
1.

Calculate the loss factor of the damped system, given the loss factor of the
particular damping material.

2.

Design the optimized damped system to achieve the required damping and
stiffness.

The selection of the optimal design for the damped structure is problematic as,
virtually, there are infinite combinations of damping material shapes, dimensions
and constraining set-ups. Once a generic design is selected one may employ a
computational approach to calculate how given design parameters affect the overall
damping of the system.
This thesis treats the tool-turret and the turret-lathe joints (see Figure 63) and the
High Damping Interfaces (HDI) designed for enhancing the damping capability of
these joints exploiting the damping properties of VE polymer metal composites.
The tool-turret joint comprises a multilayer package of VE polymer metal composite
plates on the tool shaft side (see Figure 64) and a hydrostatic clamp on the turret
side. The computational model presented in chapter 4 reveals that an optimal
amount of plates can be calculated to achieve a balance between stiffness and
damping. The model considers all the plates of the HDI as clamped, modelled as an
elastic constraint, though practically this is only possible by utilizing a hydrostatic
clamp as this applies a homogeneous and controllable clamping force on the whole
plate package. This is demonstrated by the experimental modal analysis comparing
the DBB mounted in screw and hydrostatic clamp (chapter 5, Figure 55). The DBB
shows its full damping capability only when mounted in the hydrostatic clamp. This
fact might be explained by the screw clamp only acting on a limited number of
plates, and therefore only these partake of the vibratory movement.
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Tool – Turret
Joint

Turret

Turret – Lathe Joint

Tool

Lathe structure

Figure 63; Joints treated in the thesis.

Figure 64; Multiple layers of VE polymer metal composite plates implemented in the parting-off tool
and in the boring bar.

This HDI has an evident effect on the machining performance as the experimental
results demonstrates that the DBB mounted in the hydrostatic clamp is able to
machine in stable conditions with a depth of cut ap=3 mm while the conventional
boring bar works in fully unstable conditions already at ap=1 mm.
The HDI designed for the turret-lathe joint follows a concept of multiple layers of VE
polymer metal plates applied in a sandwich configuration between a base and a
primary plate as described in chapter 3. The computational model employed to
study this design reveals that the effectiveness of the VE polymer metal composite
as damping material not only depends on the applied layers, but also on the
geometrical dimensions and material properties of the base and primary plate. The
model reveals that with regards to both stiffness and damping, steel has to be
preferred as material for base and primary plate. In fact, due to design restriction on
69

the total thickness of the sandwich plate, it is not possible to apply as many layers of
VE polymer metal composite as one may wish, as the stiffness of the sandwich
structure drastically decreases (see Figure 65).

(a)

(b)

Figure 65; Flexural rigidity (a) and loss factor (b) computed for steel primary and base plate constraining
the total thickness of the composite plate.

Hence, as the steel primary plate shows a local maximum for the attainable loss
factor at a low number of VE polymer plates, this material as to be preferred. The
experimental modal analysis carried out on the different configurations for the
turret, verifies the result of the model and suggests that the designed HDI composed
of five layers of VE polymer metal composite on steel is most efficient in terms of
stiffness and damping, if compared to configurations employing eight layers and
especially if compared to the case of aluminium as base and primary plate material.
The analysis of the machining test results presented in chapter 5 reveals that
employing the improved turret in combination with a conventional boring bar
already generates a quantifiable benefit in terms of produced surface roughness
within the range of tested cutting parameters. Nevertheless, the ultimate
improvement of the machining performance, in terms of surface roughness, is
brought by the combined adoption of DBB and damped turret.
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6.2 Conclusions
In this section the research questions stated in chapter 1.3 are firstly addressed and,
secondly, the industrial implications of this work are discussed.

6.2.1
1.

Addressing the research questions
The theoretical treatment and experimental methodology for exploiting the
dynamic properties of existing joints in the machine tool structure to control
the overall damping capability of the machining system, possibilities and
limitations.

The overall damping capability of the machine tool structure is basically governed by
the structural joints themselves [4, 58]. This thesis introduces the concept of HDI
which refers to a new fundamental approach to modeling, analysis and design of
machining systems. The HDI concept is employed to develop methods for optimizing
the distribution of damping in the machine structural components and for balancing
damping and stiffness at system level. The analysis of the computational models
illustrated in chapter 3 and chapter 4 shows that a HDI solution that exploits VE
polymers damping properties can be employed for enhancing the damping of the
given joints and therefore of the machining system. In addition to this, these
computational models offer the possibility of consciously design damping in the
machining system structure and balance it with regards to the needed stiffness.
The experimental modal analysis presented in chapter 5 confirms that the
introduction of the HDI has a significant effect on damping (see Figure 54 and Figure
55) reflecting also on the machining performance.
The limitation of this approach concerns the possibility of optimizing the damping
and stiffness at system level, i.e. the distribution of damping and stiffness in joints
based on objective criterion. In addition to this, this thesis only treats the designedin damping approach for continuous chip removal processes. However, the
theoretical approach is straightforward for intermittent machining processes.
2.

The theoretical modelling and design approach for improving machining
system performance by using single-HDI configuration and further by using
multi-HDI configuration (i.e. distributing damping).

The machining tests illustrated in chapter 5 demonstrate that a significant
improvement of machining performance can be attained by solely employing the
HDI in the tool-turret joint. The comparison of the acoustic signals recorded during
machining (Figure 58) generated by the conventional and damped boring bar
clamped in a conventional turret demonstrates that the sole improved tool-turret
joint is capable of machining in stable conditions whereas the conventional
configuration of tool and turret shows signs of instability already at the lowest
tested depth of cut. The ODR (Figure 59) confirms this statement and the measured
surface roughness (Figure 60 and Figure 61) quantifies the improvement allowed by
the sole HDI between tool and turret to a 50% reduction.
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An improvement of machining performance in terms of surface roughness is
attainable also by only employing the HDI in the turret-lathe joint (see Figure 62).
Nevertheless it is the combination of the two HDI’s that generates the overall best
results in terms of surface quality (see Figure 62).
In conclusion it is the employment of the full chain of redesigned components (toolclamp-turret) that enables to generate the lowest surface roughness over the whole
range of tested cutting parameters (Figure 62). In addition to this, the improved
machining system is not affected by instability at any of the tested cutting
parameters.

6.2.2

Industrial implications

From the industrial application point of view, the presented approach allows the end
user to select the most suitable parameters in terms of productivity avoiding the
hassle of tuning the devices, having to acquire a deep knowledge in structural
dynamics or having to use additional control systems. In addition to this, the
enhanced machine tool system becomes less sensitive to stability issues provoked
by difficult-to-machine materials or even fluctuations of the work material
properties that might occur in everyday production processes.

6.3 Future work
As stated in previous research work [53], to attain a considerable effect on the
machining performance, the source of damping should be as near as possible to the
cutting zone. This thesis has demonstrated that an enhancement of damping as far
as in the turret-lathe joint has a quantifiable effect on the machining performance.
On the other hand, the boundaries for improving machining performance by
enhancing joint damping have not been identified. For this reason the natural
continuation of this work would be to find these boundaries in order to further
improve machining performance to its maximal extent. Practically, components as
the spindle, chuck, tailstock, machine bed and guides must be included in the
forthcoming research work. This would establish how far in the machine tool
structure one may enhance damping and still have a positive quantifiable effect with
regards to machining performance. As this thesis only treated the turning machining
system, its natural extension would be the investigation of other typologies such as
milling and grinding.
In addition to this, extensive studies on the effect of the enhanced damping
capability of the machining system on tool life ought to be carried out in order to
attain a broader understanding concerning productivity.
Finally, as material technology, regarding alternative damping materials, is
advancing, research effort should also be focused on exploring the possibility of
employing different materials for enhancing damping capability.
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Nec vero probare soleo id, quod de Pythagoreis accepimus, quos ferunt, si quid
adfirmarent in disputando, cum ex iis quaereretur, quare ita esset, respondere
solitos "ipse dixit"; ipse autem erat Pythagoras: tantum opinio praeiudicata poterat,
ut etiam sine ratione valeret auctoritas.
Marcus Tullius Cicero
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