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Sammanfattning 
Examensarbete har utförts på Atlas Copco Tools and Assembly system. Syftet var att utveckla ett 
konstruktionshjälpmedel för att underlätta valet av elmotor och växellåda vid nyutveckling av 
automatiserade skruvdragarsystem. Ofta görs valet av växellåda och elmotor individuellt vilket 
kan resultera i ett icke optimalt system. Genom att istället göra valen tillsammans kan ett bättre 
resultat uppnås.  

Syftet med examensarbetet var att ta fram ett Matlab- script som ger en bild över hur valet av 
växellåda och motor påverkar varandra. Scriptet ska föreslå lämpliga dimensioner på motor och 
växellåda med hänsyn till hela systemet och dess uppgift. Kombinationer som resulterar i hög 
produktivitet, dvs. många åtdragningar per minut, och kort verktygslängd ska presenteras. 

Genom att lista de krav som motorn och växellådan måste uppfylla individuellt och tillsammans 
har begränsningar på systemet satts. För växlarna kommer den begränsande faktorn att vara 
mekanisk utmattning och för motorn temperaturen. De gemensamma kraven är hög produktivitet 
och kort verktygslängd. 

Modeller för att bestämma bästa utväxling, motor- och växeldimensioner för ett givet lastfall och 
med ovanstående begränsningar har tagits fram. Utifrån dessa modeller kan sedan produktivitet 
och verktygslängden beräknas. 

För att kunna jämföra olika kombinationer med varandra har produktiviteten och längden plottas 
som funktion av total utväxling, verktygsradie samt motorlängd. Resultaten som visas i plottarna 
är motor- och växeldimensioner som passar bra för den valda uppgiften och den valda 
åtdragningsstrategin. Ingen kombination har tagits fram genom att först optimera motorn eller 
växellådan och sedan beräkna den andra delen. Alla växellåds- och motor kombinationer är 
beräknade och det är konstruktörens uppgift att avgöra vilken kombination som är lämplig. 
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Abstract 
This thesis was carried out at Atlas Copco Tools and Assembly systems. The purpose was to 
develop a design tool that supports the choice of electrical motor and gearbox when designing 
automatic tightening systems. The choice of gearbox and motor is often done individually which 
may result in a non optimal system. If the choice is done simultaneously a better result might be 
achieved. 

The purpose was to develop a Matlab- script that shows how the choice of motor and gearbox 
affect each other. The script suggests appropriate dimension for the motor and gearbox when the 
systems and its task is considered. The result shall be combinations that give high productivity 
and short tool length. Productivity is the number of tightenings per minute. 

System limitations have been set by listed the requirements that the motor and the gearbox must 
fulfil individual and together. The limiting factor for the gearbox is mechanical fatigue and for 
the motor it is the temperature. The motor and gearbox shall together give high productivity and 
have short length. 

To decide a proper gear ratio, motor and gear dimensions for a load cycle with the limiting 
factors models have been derived. With these models the tool length and productivity can be 
calculated.  

To compare combinations the productivity and length is plotted as function of the total gear 
ratio, the tool radius and the motor length. The result is combinations of motor and gear 
dimensions that are suitable for the chosen task and tightening strategy. No combination is 
derived by first optimizing the motor or the gearbox and then calculating the other part. All 
possible gearbox and motor combinations are calculated and then the designer has to choose a 
combination that is suitable. 
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1. List of symbols 
εα Transverse contact ratio [1] 
Φ Flux [Wb] 
ϕ Angle [rad] 
η Efficiency [1] 
ρ Resistivity [Ω/m] 
ω Angular velocity [rad/s] 
σ Mechanical stress [N/m] 
a Number of parallel wires in phase windings [1] 
Aslot Cross section area of a slot [m2] 
Awire Cross section area of a wire [m2] 
aw Centre distance [m] 
B Flux density [T] 
b Gear width [m] 
D Motor diameter [m] 
E Induced voltage [V] 
I Current [A] 
J Inertia [kg/m2] 
kw Winding factor [1] 
ks Supplementary factor  [1] 
L Length of lamination [m] 
lwire Wire length [m] 
l Motor length [m] 
m Module [m] 
n Gear ratio [1] 
Ns Number of conductors in each slot [1] 
nol Number of laminations [1] 
p Number of poles [1] 
pb Base pitch [1] 
P Power [W] 
Qs Number of slots [1] 
q Number of slots per pole and phase [1] 
R Resistans [Ω] 
r Radius [m] 
S Current loading [A/m] 
sa Tip thickness of a tooth [m] 
t Time [s] 
T Torque [Nm] 
Tempair Air temperature [C°] 
tlamination Thickness of lamination [m] 
TempwindingWinding temperature [C°] 
V Volume [m3] 
x Addendum modification  [1] 
z Number of gear teeth [1] 
 
 
 



2 Introduction 

  

2. Introduction 
This master thesis was carried out at Atlas Copco Tools and Assembly System in Sweden. 
Tools and Assembly Systems are within the division of Industrial Technique of the Atlas 
Copco Group that develops and manufactures screw tightening tools and systems. The screw 
tightening tools are divided into two types, hand held tools and fixtured nutrunner systems. A 
fixtured nutrunner system is an automatic screw tightening system and is often used by the 
automotive industry. A typical task for a nutrunner system is to tighten wheel bolts, see Figure 
2.1. A nutrunner system is a combination of one or more tools. The tools consist of a motor 
and a gearbox. The tools are connected by a cable to a control unit, containing controllers and 
software for supervising, tightening strategies and a motor drive.  

 

Figure 2.1. Nutrunner tools in a multiple used on wheel bolts  

Atlas Copco’s nutrunner systems are typical mechatronic systems. Mechatronics is an 
interdisciplinary engineering field, which involves mechanical design, electronics, control and 
software engineering. Optimizing within each traditional engineering field may not result in 
an optimum design. To achieve an optimum design the whole system, with both mechanical 
and control design must be taken into consideration.  

2.1. Problem description 
To become more competitive Atlas Copco has to increase the productivity of their products 
and meet certain customer demands, for example the size of the nutrunner system. The term 
productivity means the number of tightenings a system can perform per minute without over 
heating. 

Often the choice of motor and gearbox are made individually. Another design approach must 
be applied in order to see how the choice of motor- and gearbox combination affects the 
productivity when the application is considered during the design. An application can easily 
be described as the torque level that the screw should be tightened with and the angular 
velocity. 

2.2. Objective 
The purpose of this thesis is to develop a Matlab script for calculations of the motor and gear 
combinations with respect to the application, length of the tool and productivity. The output 
from the script is suggestions on the dimensions of the motor and the gear stages and gear 
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ratios. The dimensions generated from the script shall not be seen as actual values more like 
indications for which motor and gearbox combinations that might be good compared to 
others. The output should be presented in a simple and pedagogical fashion making it easy for 
the designer to make a choice. Other design tools will then be used for a more detailed design 
of the motor and gearbox. 

2.3. Report outline 
The report starts with a chapter that describes a nutrunner system. The design problem is 
discussed in chapter four. Chapter five and six describes the theoretical motor- and gear 
models that have been derived in order to calculate the productivity and tool length. The 
implementation of the models is described in chapter seven. In chapter eight the models are 
verified against existing motor and gears. The results are discussed in chapter nine and 
chapter ten contains a general discussion of the results and suggestions for future work.  

Both Annika and Rebecka have developed the script. Annika has implemented the motor 
model and Rebecka the gear model. The theory part of the report was divided so that Annika 
wrote about the motor model and Rebecka wrote about the gear model. All other chapters 
have been written together. 
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3. Nutrunner system 
The task for a nutrunner system is to tighten a threaded fastener into a flange. A fixtured 
nutrunner system is a combination of one or more tools assembled together with one or more 
control units. Fixtured assembly systems are often used in applications were bolts have to be 
tightened to a target value in a predefined manner. The target can be a torque level, angle or 
both.  

The physical parts of a nutrunner system are a control unit, a cable and a tool, see Figure 3.1. 
The control unit contains controllers, software for supervising and tightening strategies and a 
motor drive. The tool consists of a motor and a gearbox. A nutrunner system can be 
configured in many ways because there are several types of tools and control units. The tools 
can have different types of motors and gearboxes. Different versions of software and 
controller can be used in the control unit. A block representation over a general nutrunner 
system is shown in Figure 3.2. 

 

Figure 3.1. A nutrunner tool and a controller unit which together forms a nutrunner 
system. 

The motor drive, see section 3.1.2, is a part of the control unit and delivers voltage and current 
to the motor. The current creates a torque in the motor, which will make the screw rotate with 
an angular velocity determined by the voltage. Between the outgoing shaft from the motor and 
the fastener there is a gearbox to reduce the angular velocity and increase the torque, see 
Figure 3.2. The gearbox consists of one to four planetary gear stages. The outgoing shaft from 
the gearbox is also known as the socket holder. A socket, which is placed on the socket holder 
connects the tool to the fastener. 

A torque sensor measures the outgoing torque. The torque forms an input signal to the torque 
controller, which checks if the target torque is reached. 

The angular velocity of the motor shall follow the velocity reference value until the target is 
reached and then be set to zero. 

One nutrunner system may be used for different joints, velocities and targets. These 
parameters together are called the application. Joint is the assemblage name for the flange and 
the fastener. 
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Figure 3.2. Block representation of a general nutrunner system. 

3.1. Control unit 
The two physical parts in the control unit are the controller part and the motor drive. The 
controller part consist software for monitoring and tightening strategies. The motor drive part 
controls the motor. 

3.1.1. Controller 
The controller can be configured for different tightening strategies depending on the 
application. The target can be reached in different ways, either in one or more tightening 
steps. This report only focuses on one step tightenings with a predefined target torque. In this 
case the torque controller is an on-off switch. The reference velocity is constant until the 
target torque is reached and will then be set to zero by the torque controller. The input to the 
torque controller is the target torque and the actual torque, see Figure 3.3. The output from the 
torque controller is the reference value of the angular velocity. The actual torque is measured 
by a torque sensor that is a reaction senor placed over the gearbox. 

Ref. current
1

Ref

Actual TorqueTorque

Torque sensor

Ref . Torque

Actual Torque

Ref . Voltage

Torque controller

2
Actual torque

1
Ref. Torque

 

Figure 3.3. Block diagram of the controller. 
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3.1.2. Motor drive 

1
Out1

 Ref . current

Velocity controller

 Voltage

Current control ler

3
Actual current

2
Actual velcity

1
Ref. velocity

 Figure 3.4. Block diagram of the controllers in the motor driver. 

The motor drive contains of two controllers, see  Figure 3.4, one for the velocity and one for 
the current. The amount of torque is regulated with the current controller. By increasing the 
current the torque will increase. The velocity controller regulates the angular velocity. An 
increase of the voltage will lead to an increased velocity. The controllers are anti-windup PI-
controllers.  

There are physical limitations on the maximal voltage and current that the drive system can 
deliver. There are also safety limits, which turns of the voltage if the temperature in the motor 
exceeds a specified value. 

 

3.2. Tool 

 

Figure 3.5. Nutrunner tool. 

The nutrunner is the tool which tightens the fastener and consists of a motor, a gearbox and a 
front part; see Figure 3.5 and Figure 3.6. 

Gearbox Motor Front part 

Actual velocity



 3. Nutrunner system 

17 

1
Out1

Gearbox torque Joint torque

Socket holder

Voltage Motor torque

Motor

Motor torque Gearbox torque

Gearbox 

1
In1

 

Figure 3.6. schematics of a nutrunner. 

3.2.1. Motor 
The motor type used by Atlas Copco is permanent magnet synchronous AC motors. A 
synchronous motor consists of two main parts, the stator and the rotor, see Figure 3.7 below. 
In the stator there are phase windings which can be wound either in slots or directly in the air 
gap between the stator and the rotor. Permanent magnets are attached on the rotor. By 
changing the current in the windings the electrical field will be changed. The changes in the 
electrical field results in a force that makes the rotor move. To determine how the electrical 
field should be applied an encoder keeps track of the magnets position in relation to the stator 
windings. The speed of the motor is determined by the number of poles on the rotor. The 
number of poles is equal to the numbers of magnets on the rotor. The motors used in the 
nutrunner systems have four poles and are winded in slots. 

 

Figure 3.7. Cross section of a permanent magnet synchronous AC motor with four poles. 

3.2.2. Gearbox  
The gearbox consists of one to four planetary gear stages. The gear stages forms a gearbox 
also called gear train. The planetary gear stages can have different configurations in order to 
achieve different gear ratios. The gear stages used in the nutrunners are configured in the 
following manner, see Figure 3.8: The incoming torque drives the sun gear, which engages all 
planetary gears simultaneously. All planetary gears are attached to the planet carrier, which 
carries the outgoing torque. The gear ring, which is attached to the tool housing, is the fixed 
part in the planetary gear train. The number of planetary gears can vary between two to four 
and depend on the load conditions.  

Air gap 

Pole = magnet 

Rotor 
Slot 

Stator 

Front part 
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Figure 3.8. Schematics of a planetary gear stage. 

The incoming shaft to the first planetary gear stage acts as sun gear. The outgoing shaft from 
the first gear stage works as a sun wheel to a possible second gear stage and the outgoing 
shaft on the second gear acts as a sun gear to a possible third planetary gear stage, see Figure 
3.9 below. 

 

Figure 3.9. Gearbox configuration with three planetary gear stages. 

3.2.3. Front part 
The front part consist the socket holder and the socket. Different types of sockets can be 
attached to the socket holder depending on the size of the fastener to be tightened. The socket 
holder is connected to the outgoing shaft from the gears  

 

 

Figure 3.10. Front part. 

ωin1 ωout1 ωin2 ωout2 ωin3 ωout3 

Socket holderSocket



 3. Nutrunner system 

19 

3.2.4. Joint 
The screw, the bolt and the flanges together are called the joint. There is a great variation in 
joints. The joint characteristic is defined by the stiffness, the friction between the screw, the 
bolt and the flange and between the threaded parts. A joint may be weak or stiff. A weak joint 
requires a large angle to reach the target torque and a stiff join only requires a small angle. A 
simple graphic model of the joint forces is shown in Figure 3.11. The constant torque in the 
beginning is called run down torque. The run down angle is the angle when the slope begins. 
It is the angle when the head friction starts to work. The stiffness of the joint is the same as 
the slope of the curve and it is called Trate. Typical Trate values are 40 Nm/720 degrees for a 
weak joint and 40 Nm/30 degrees for a stiff.  

 

Angle [degree]
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Figure 3.11. Graphic representation of a joint. 
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4. Design problem 
In order to define the problem and the system limitations, the main problem of finding 
suitable motor and gearbox combinations was divided into smaller sub systems such that a set 
of more easily describable sub problems were achieved.  

The division of the system into sub systems has been made by first identifying the 
requirements, see list below that the system must fulfill. Some of the requirements below 
must be solved by the sub problems together and some can be solved individually. 

The motor and gearbox shall together: 

• Transform the delivered voltage and current from the drive into a sufficient amount of 
torque. The amount of torque that the motor can deliver depends on the size of the 
motor. The gearbox will contribute with an increase of the torque and a decrease in 
speed. The total gear ratio and the size of the motor have to be chosen together in 
order to achieve the torque and speed that the application requires. 

• Have a short length. The length of the motor and gearbox shall be chosen so that total 
tool length is kept short. A longer motor will result in a stronger motor. A longer 
gearbox gives greater gear width, which leads to a higher resistance towards fatigue or 
failure of the gears teeth. An increase in of the length will increase the inertia and 
therefore the torque that the motor must deliver. 

• Give a high productivity, the number of tightening per minute for a given application. 
The choice of the total gear ratio will affect the required torque from the motor and 
therefore the productivity. The productivity is also affected by the velocity. 

The motor shall individually: 

• Not be overheated in a continuous state. The stator windings have a maximum allowed 
temperature. The losses in the motor generate heat. These losses depend on the design 
of the motor and the angular velocity, which depends on the choice of gear ratio. 

The gearbox shall individually: 

• Handle mechanical forces. The gearbox shall be designed in such a way that static 
fatigue or failure does not occur during normal operation. The resistance against 
mechanical forces depends on the geometrical design and gear ratio of each planetary 
gear stage.  

As mentioned before the purpose of this thesis is to develop a Matlab script, which helps the 
designer to choose proper motor and gear combinations in respect to the application. The 
approach is to make models, which determines how the total length and the productivity of 
the tool changes with the length of the motor, tool radius and the ratio of the gears for a given 
application. The requirements beside the demands on high productivity and a short length 
must also be fulfilled. It can be seen from the discussion above that the problems of finding a 
proper motor and gearbox consist of several problems, which has to be solved in relation to 
each other. Figure 4.1 below shows how the main problem of finding a proper motor and gear 
combination has been divided into smaller sub problems. 
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Figure 4.1. Block schematics of the division of the main problem into sub problems. 

The productivity depends on the delivered torque from the motor and the required motor 
torque, see Figure 4.1 above. The amount of torque that the motor can deliver depends on the 
motor dimensions and is limited by its heat generation. The heat generation in the motor 
depends of the dimensions of the motor, the velocity that the application requires thus by the 
total gear ratio.  

The required torque is the minimum torque that the motor has to deliver if it should be 
possible to perform a tightening. The required torque from the motor for an application 
depends on the total gear ratio, the inertia of the system, and application specific parameters 
such as the target torque and the velocity. 

A calculation of the productivity requires, as seen in the discussion above, a model of the 
required torque and a motor model where the delivered motor torque is a function of the 
parameters mentioned above. These motor models have been derived according to chapter 5, 
below.  

The gear stage distribution determines the number of stages in the gearbox and gear ratio for 
each stage. As seen in Figure 4.1 above the total length depends of the motor length, length of 
each planetary gear stage and the gear stage distribution. The gear stage distribution depends 
on the total gear ratio, the number of stages and the geometrical design. The length of each 
stage is determined by the gear ratio of the stage, geometrical design and the mechanical 
forces. 

This leads to the conclusions that the models must be derived for the mechanical forces and 
geometrical design for each planetary gear train, the choice of total gear ratio and the gear 
stage distribution should be made. 

The motor and gear models can not be solved individually, due to the fact that there is an 
interrelationship between the models, see Figure 4.1. 
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5. Motor model 
When choosing an electrical motor for a given load profile, se Figure 5.1 below, there are 
some criteria that have to be met, (R. Crowder). 

• The peak torque in the load profile must be less then the peak torque delivered by the 
motor it self or with the driver in mind. 

• The continuous torque required by the load profile must be less then the continuous 
torque delivered by the motor and drive. 

• The maximum speed required by the load profile must be less then approximately 80% 
of the maximum no-load speed for the motor and drive combination. 

In most cases the temperature of the winding insulation will be the limiting part in the motor. 
This means that motor in continuous usage is not allowed to overcome a by the manufacture 
specified temperature. 
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Figure 5.1. One step tightening load profile simulated in Simulink 

5.1. Delivered motor torque 
The torque from a PM- motor is given by the equation 5.1 below (C. Sadarangani, 2000), 
where β is the electrical angle between the current vector and the magnet flux vector. The 
maximum continuous torque is achieved when β = 90º. 
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 BSLrBSLDT rotor
2

2

2sinˆˆ
4

πβπ δ ==  (5.1) 

Where rrotor is the radius of the rotor, B is the flux density in the air gap, L is the length of 
lamination, S is the current loading. The size of the torque for a given volume of the rotor is 
decided by the maximum values for B and S. B is limited by iron saturation in the stator. S is 
limited by the winding area per length unit in the periphery that fits in the slots and the 
maximum allowed current in the winding. S can be calculated as below. 

 
rotor

tot

w r

pI
kS

⋅
=

π2
2  (5.2) 

p is the number of poles, kw is the winding factor and Itot is the total current flowing in the all 
wires. The current in a wire is restrained by the maximum temperature that is allowed in the 
insulation of the wires. 

In a continuous state the temperature difference between the air and the wires is constant. This 
means that the power, P which heats up the motor must be equal to the cooling power, Pcooling 
in the motor. The heat generation in a motor is the sum of copper, iron and mechanical 
friction losses in the motor.  

 frictionironcoppercooling PPPP ++=  (5.3) 

5.1.1. Cooling power 
The losses are converted to heat and have an important effect on the design because they 
lower the operation efficiency and increase the operation temperature. The operating 
temperature has to be limited to prevent the electrical insulating materials from losing their 
insulating and mechanical properties. Insulation materials are grouped into different classes 
depending on the maximum temperature that they can withstand. If a device is driven by its 
maximum voltage or current on continuous basis the lifetime of the insulation is drastically 
reduced. 

When a motor is started all the losses heats up the motor and the temperature rises quickly. 
After a long time, in relation to the temperature time constant, all the heat will be emitted to 
the surrounding and temperature equilibrium will be reached. The power loose to the 
surrounding, Pcooling is assumed to be proportional to the temperature different between the air 
and the windings, (Elektroteknik). 

 )( airwindingthcooling TempTempRP −=  (5.4) 

Rth is called the thermal resistance, Tempwinding and Tempair is the temperature for the windings 
and the air. 

The cooling power depends on the area boarding to air. This means that a larger motor can 
handle bigger losses. 

5.1.2. Copper losses 
The resistance in the motor wires leads to copper losses. The cooper losses for a three phase 
system can be calculated as: 
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 23 linephasecopper IRP =  (5.5) 

Rphase is the resistance in one phase and Iline is the line current. 

A phase winding may consist of one or more parallel connected windings. If there is more 
then one winding in the phase windings, the relation between the phase resistance and the 
resistance in a wire, Rwire is according to equation 5.6 .Where a is the number of parallel wires 
in the phase windings. If there is only one wire the resistance for a phase is the same as for the 
wire. 

 
a

RR wire
phase =  (5.6) 

The resistance in the wires depends on the length of the wires lwire, the cross section area of 
the wire, Awire and the resistivity, ρ of the material in the wires. 

 
wire

wire
wire A

lR ρ=  (5.7) 

The resistivity changes with the temperature according to equation 5.8. The losses rises the 
temperature in the motor which leads to that the resistance change.  

 )00433.0)20)20((1(20 −++= ° windingTempρρ  (5.8) 

The length of a wire in one phase equal to the motor length times the number of slots the wire 
passes through, Qs is the total number of slots and Ns is the number of conductors in each slot. 
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The area of the wires can be calculated if the supplementary factor, ks, for the slots is known. 
The supplementary factor is the percent of the slot area that the wires occupy. 
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5.1.3. Iron losses 
Time-varying fluxes, magnetization and demagnetization of ferromagnetic material produce 
losses which are called iron losses. Iron losses are divided into hysteresis losses and eddy 
current losses, (Del Toro V). 

5.1.3.1. Hysteresis losses 
Magnetization and demagnetization of the stator occurs when the devices is exposed to 
alternating current, (Del Toro V). This process involves storage and release of energy which 
is not completely reversible. The material is magnetized during half the cycle and energy is 
stored and demagnetized during the other half involving release of energy. This phenomenon 
can be connected to the hysteresis loop, which describes the variation of flux density as a 
function of the magnetic field intensity in a ferromagnetic material in cyclic condition. 

An empirical relation for the hysteresis losses can be derived with graphical methods from the 
hysteresis loop, see Appendix A. The expression for the hystersis losses are: 
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 VcfBP x
h max=  (5.11) 

Where V is the volume of the stator iron, f is the electrical frequency, the exponent x is called 
the Steinmetz coefficient and depends on the material. c also depends on the type of material. 
The constants have been calculated from experiments carried out earlier by Atlas Copco 
before and are here set to c=132 and x = 2,38. 

5.1.3.2. Eddy current losses 
Eddy current losses occur when ferromagnetic material is exposed to a time varying flux, 
(Ramshaw/ van Heeswijk). An electrical field is induced when a medium is exposed to a 
varying magnetic field and a current starts to flow if the medium is an inductor (which 
ferromagnetic materials are). The current that are induced will flow in a plane perpendicular 
to the magnetic field and will create its own magnetic field. These magnetic fields will cause a 
change in the original field resulting in a decrease in the magnetic flux density. 

An approximated expression for the eddy current losses can be derived by considering a sheet 
with the thickness t which is small compared to the other dimensions, see Appendix A. 
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Where V is the volume of the material, ω is the angular velocity for the flux variation, tlamination 
is the thickness of the lamination and c is a constant depending on the type of material. The 
stator iron is divided into thin laminations to make the losses smaller. The flux density B in 
the equation is the flux density in the iron. The unit for c is Siemens per meter which is equal 
to the inverse of the resistivity for iron c=5*107 . 

5.1.4. Atlas Copco’s motors 
Many parameters, such as cross section dimensions and the flux density, in the equations for 
the torque are unknown and can not be chosen arbitrary. It is necessary to have proper values 
for these parameters. To get proper values of these parameters the cross section can be scaled 
with the radius. The scaling constants are calculated from existing motors used today. The air 
gap flux densities from the existing motors are also calculated to get a proper value. To make 
this possible the existing motors were disassembled and critical dimensions were measured 
and the numbers of slots and wires were calculated. 

5.1.4.1. Flux density 
The flux density depends on the electromagnetic field created by the current flowing in the 
wires. The flux density is unknown and difficult to measure. Therefore a theoretical value 
been calculated. 

If all the wires were concentrated to one slot per pole and phase, q=1, the induced voltage in a 
phase would be (F. Gustavsson): 

 
22

φω s
phase

pqNE =  (5.13) 

Where Φ is the flux and can be calculated according to equation 5.14, when D is the rotor 
diameter, L is the length of lamination and p is the number of poles. 
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This is a theoretical value and since the wires are not concentrated to one slot the induced 
voltage will be reduced with the winding factor. 

 phasewEkE =  (5.15) 

By combining the equations above the maximum flux density in the air gap times the winding 
factor can be calculated if the maximum allowed angular velocity and phase voltage are used. 
These can be found in the data sheets. For these calculations it is also necessary to know if the 
motors are y- or delta connected so the right phase voltage in the calculations are used.  

5.1.4.2. Cooling power 
The cooling power depends on the area boarding to air. This means that a larger motor can 
handle bigger losses. It is therefore necessary to know the relation between the outer 
dimension of the motor and the dimensions of the rotor. A linear adjustment of the existing 
motors was made to find the scaling constants for the outer dimensions. The thermal 
resistance for the motors could then be plotted as a function of the outer radius and the outer 
length, see appendix A. A linear adjustment for the thermal resistance where done.  

5.1.4.3. Iron losses 
The iron losses depend on the volume of the stator which can be referred to the cross section 
of the rotor. To calculate the iron volume some radii in the cross section of the motor are 
necessary, see Figure 5.2. These radii were measured on the existing motors and some linear 
adjustments were done to calculate the scaling constant. 

 

Figure 5.2. Cross section of the motor with radii definitions. 

The expression for the iron volume in equation 5.13 and 5.14 will be where nol is the number 
of laminations in the stator and t is the thickness of the laminations: 
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5.2. Required motor torque 
The continuous torque is the torque delivered by the motor during a continuous usage. The 
motor torque during one tightening is not a continuous value, se Figure 5.1 on page 21. 
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Therefore an equivalent continuous torque has to be calculated. The continuous torque can by 
approximated by calculating the root-mean-square value (RMS) of the torque.  

 ∫=
t

RMS dttxx
0

2)(1
τ

 (5.19) 

The total motor torque is the sum of the load torque, Tl, required to drive the load referred to 
the motor shaft, the moment of inertia for the rotor and the friction torque in the motor, Tf.  

 )()()()( tTtTtJtT fllmm ++= ϕ  (5.20) 

When the motor torque is equal to Tl plus the moment of inertia the system is in balance and 
the speed will be constant. The load accelerate or decelerate if the motor torque is less or 
greater then this torque. 

The load torque, Tl is the sum of, (R. Crowder): 

• The friction torque, which occurs when two surfaces are in relative motion to each 
other. 

• The windage torque, caused by air movement during rotation. 

• Torque caused by loads, in this case the torque caused by the joint. 

The windage torque and the friction torque, both friction loads and motor friction, is unknown 
and these can not be measured. An efficiency will be added to torque caused by the loads 
instead. The torque caused by loads is equal to the torque caused by the joint in this case. 

The continuous torque can by calculate by determine the RMS-value of the torque, combining 
equation 5.19 and 5.20. Jm is the inertia of the rotor, φ is the load angle, n is the total gear 
ratio, Jtot is the inertia of the gearbox and socket part, TJoint is the joint torque and η efficiency 
of the system, see Figure 5.3 for definitions. 
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Figure 5.3. Definition variable names in a motor-gear combination. 

The load coefficients, k1 k2 k3 only depends on the load profile and are calculated as: 
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As seen in the expressions for the load coefficients, the acceleration and the load torque as 
function of the time has to been known.  

5.2.1. One step tightening 
As mentioned before the control unit can be configured for different types of tightening 
strategies. To calculated the load coefficients the load cycle have to be parameterized.  

The acceleration can be modeled as a constant acceleration until the velocity is reached, se 
Figure 5.1 on page 21. The acceleration is then set to zero until the target torque is achieved. 
When the target torque is reached the controller will set the reference velocity to zero and the 
current will become negative. This will result in a deceleration. The deceleration time is very 
hard to predict because it depends on many factors. But in most cases it depends on the 
amount of energy the system can store. The heat released during the time of deceleration has 
to be stored by the system. The amount of energy the system can store without over heating is 
the limiting part for the brake time. A simulation carried out in Simulink shows that the 
acceleration profile during the deceleration can be modeled as a triangle, see Figure 5.4 
below. 
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Figure 5.4. Acceleration during a brake simulated in Simulink. 

The peak value for the acceleration during the brake is calculated with the expression in 
equation 5.25, where tbrake is the time for brake. 
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The expression for the acceleration during the brake is given by the slope-intercept form, see 
equation 5.26, where t3 is the time when the reference velocity becomes zero. 

 3)()( t
t

t
t

t
break

break
break

break

break
ondecelerati

ϕϕϕϕ −−+−=  (5.26) 

The total expression for the acceleration becomes. Where t4 is the time when a tightening is 
performed and the nutrunner has stopped.  
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The joint torque has to be expressed as a function of the time if it should be possible to 
calculate the load coefficients. The joint model, described in section 3.2.4, has to be 
transformed to a function of time instead of angle. This transformation can be done if the 
velocity is known. Since the acceleration profile is known the velocity is also known. The 
joint torque together with the derived acceleration profile leads to the following expression for 
the load torque as a function of the time:  
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φ is the angel of the load. A graphical presentation of the Tl can be seen in Figure 5.5. 

For a given load profile the load coefficient can now be calculated by combining the 
expressions for the load torque and the acceleration.  
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Figure 5.5, graphic representation of the torque as a function of time. 
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5.2.2. Rotor inertia 
For calculations of the required motor torque the inertia of the system have to be known since 
the torque have to be bigger then the moment of inertia and the friction load if it should rotate. 
The rotor can be approximated with a cylinder. The inertia becomes 

 4
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ρπρ  (5.28) 

The inertia of the rotors against the radius exponent four time the length where plotted for the 
motors used by Atlas Copco today and a linear adjustment were done.  
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6. Gear model 
The gearboxes in today’s nutrunner consist of one to four planetary gear stages. Gear trains 
with four planetary gear stages are rare.  

The geometrical data for gears can be divided into primary data and secondary data. Primary 
data describes the function of the gear. The primary data is the number of teeth, z, the module, 
m, pressure angle, α, the addendum modification, x, and helix angle, β.  

Secondary data is used as a complement to describe the shape of the gear. This means that 
most geometrical data can be derived from the primary data. All gear stages that are 
considered in this study have no helix angle. The pressure angle is set to 20°, by Sveriges 
Mekanstandardisering, SMS. Some secondary data, which is needed in order to examine the 
gear ratio and the gear width, are presented in Figure 6.1.  

The planetary gear stages are in the calculations of geometry and mechanical stresses divided 
into cooperating gear pairs. The cooperating pairs are treated as spur gears in the. The sun 
gear and a planetary gear pair form an external spur gear and a planetary gear and the ring 
gear pair forms an internal gear. 

 

Figure 6.1. Basic gear geometry 
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6.1. Gear ratio  
Planetary gear trains can have different gear ratios depending on how the gears are 
configured. The gear ratio of one stage with the configuration described in section 3.2.2 is 
given by: 

 
s

r

z
zn +=1  (6.1) 

The number of teeth of all gears must be an integer. The number of teeth of the planetary gear 
will not affect the gear ratio. But the number of teeth of the ring gear and sun gear must be 
selected in such a way that the number of teeth of the planetary gear becomes an integer, see 
equation 6.2. 
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6.2. Geometrical design 
When dimensioning a proper planetary gear train for a given load profile and gear ratio the 
primary gear data can be selected in various ways. The following aspects shall be considered 
when choosing this: 

a) Risk for undercut. 

b) Risk for a top thickness of zero. 

c) Risk for low contact ratio. 

d) Cooperating wheels should have the same strength.  

e) The centre distance for each cooperating gear must be equal. 

f) Noice level.  

a) Risk for undercut. 

A gear is undercut if the pitch surface is defined under the root circle, see Figure 6.2. An 
undercut gear tooth is weaker than a normal one but the working behavior of the gear is not 
affected. 

  

 

Figure 6.2. Normal and undercut tooth. 
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The theoretical lower limit for undercutting for an external gear is given by equation 6.3. 
Where x is the addendum modification and α is the pressure angle. 
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In practice a small undercut of the gears is allowed. The practical limit is often set to: 

 )1(14 xz −=  (6.4) 

An internal gear becomes undercut when the tip radius is smaller than the root radius.  

b) Risk a zero tip thickness. 

The tip thickness, see Figure 6.1, must be greater than zero. A gear design with top thickness 
of zero is not favorable. In practice a lower limit for the tooth thickness is often set to 0.2m in 
order to avoid unwanted loads.  

The tip thickness, sa, can be calculated with the following expressions. ra is the tip radius and 
rb is the root radius, see Figure 6.1 above. 

For external gears: 
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For internal gears:  
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The angle aα is calculated with the expression, below. 
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c) Risk for low contact ratio. 

A small addendum modification can lead to that the tip radius will be smaller than the root 
radius. This case sets a lower limit for the addendum modification. When these radii are equal 
will is the transverse contact ratio zero and the pitch surface disappears. The transverse 
contact ratio is the average number of teeth that are in action. A more practical limit for the 
addendum modification is to set the lowest allowed value for the contact ratio to one. The 
length of the pitch surface is then equal to the module. The transverse contact ratio is derived 
in Appendix C and can be calculated as shown below. 

For external gears: 
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For internal gears: 
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The base pitch, pb, is the distance between two corresponding points on two neighboring 
teeth, measured around the base circle. αw, is the angle at a point. 

d) Cooperating wheels should have the same strength.  

Two cooperating gears are exposed for the same surface contact stresses. The bending stresses 
that each tooth are exposed for changes with the addendum modification and the number of 
teeth and can be different for two cooperating gears.  

e) The centre distance for each cooperating gear must be equal.  

If it shall be possible to assembly the gear the centre distance aw between the sun gear and 
planetary gear must be equal to the centre distance between the planetary gear and ring gear, 
see Figure 6.3 for definitions. Equations for the centre distances are derived according to 
Appendix D.  

The centre distance is a function of the module, the number of teeth, addendum modifications, 
clearances and backlashes. These parameters can be varied in different ways in order to 
achieve an equal centre distances for each gear pair. In this thesis the addendum modification 
is chosen so the wanted centre distance, see Appendix D, of each gear pair is equal. The 
clearance between the planetary gear and ring gear varies in order to get the centre distances 
equal. The backlash is set to zero and the number of teeth on the gears is calculated by 
equation 6.1 and 6.2. 

 

Figure 6.3. Definition for the centre distance for external and internal gear. 
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6.3. Dimensioning of gears 
When dimensioning gear against mechanical forces the following four aspects shall be taken 
in consideration, (G Gerbert). 

• Bending fatigue, this leads to tooth brakeage if the stress due to bending is greater than 
the allowable stress. 

• Surface contact fatigue, which leads to flank pitting if the contact stress is larger than 
the allowable stress. 

• Wear when the surfaces are scratched by hard particles in the lubrication. Wear is a 
result of lubrication breakdown. 

• Scoring, which occur when the surfaces are daubed together is a result of lubrication 
breakdown.  

The Swedish Standard 1871, SS 1871 will be used for calculations of the bending fatigue and 
the surface contact fatigue. Wear and scoring depends on the lubrication and other load 
conditions, such as the temperature and the angular velocity. No easy methods for calculations 
of wear and scoring are known and thus it will not be considered. 

6.3.1. Dimensioning torque  
The dimensioning torque will have a great impact on the final gear width. The fact that the 
load cycle of the nutrunner is cyclic and the load cycle for the teeth also is cyclic makes it 
hard to find a proper expression for the dimensioning of torque. Gears that shall last for one 
million load cycle’s or more shall be dimensioned with the peak torque. 

Figure 6.4 shows a simplified block diagram of the different torques. The incoming torque to 
the gearbox, TG, is a function of the gear ratio, n, the inertia of the gearbox, JGear, the inertia of 
the front part, Jfrontpart, and the reaction torque from the joint, TJoint, see equation 6.10.  

The peak torque in the nutrunners load cycle occurs just before or just after the target is 
reached or just after the target is reached. The motor acceleration φm in the first case will be 
zero because the angular velocity is constant. The deceleration in the second case can be 
determined by equation 5.25 in section 5.2.1.  

 

Figure 6.4. Block diagram of the torques that acts in a nutrunner. 
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The total inertia of the gearbox is reflected to the outgoing shaft of the gearbox and can be 
calculated according to equation 6.11. n1, n2 and n3 are the gear ratio of the first second and 
third gear stage. Jstage1, Jstage2 and Jstage3 are the respectively inertia of the stages.  
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The expression for the inertia of one stage consists of three components; the inertia of the sun 
gear, Js, the inertia of the planetary gears, Jp, and the inertia of the planet carrier, Jc, see 
equation 6.12. usp is the gear ratio between the sun gear and the planetary gear, Nplanets is the 
number of planetary gears and n is the gear ratio of the stage.  
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6.3.2. Stresses on the contact surfaces 
The pressure, which leads to contact stresses at the contact surface, is often called the 
Hertzian pressure and are for external and internal gears given by equation 6.13 and 6.14 
below. Fber is the force that causes the pressure and depend the dimensioning toque. Fber is 
derived according Appendix B. b is the width of the gear, d1 is the pitch diameter and u is the 
gear ratio for the cooperating gears.  

These equations are based on Hertz expressions for the pressure between two rollers, with the 
diameter equal to the gears pitch diameter. Different gear designs will give different contact 
radius and different material parameters for the gears. This in combination with the fact that 
not all gears are perfect leads to an expansion of Hertz original expression. Therefore the 
factors ZH, ZM, Zε, KHα and KHβ have been added, see Appendix B. 

Hertzian pressure for external gears: 
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Hertzian pressure for internal gears 

 

(6.14) 

To avoid failure, the criteria below shall be fulfilled. σlim is the fatigue limit for pressure and 
depends on the material. 
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6.3.3. Bending stress in the teeth roots 
According to SS 1871 the bending stress in the tooth root is calculated by first studying the 
load case, shown in Figure 6.5. The contact force is placed on the top of the tooth. By letting 
two lines with an angle of 30° degrees from the vertical line tangent the tooth root the critical 
point can be found. 

 

Figure 6.5. Load case with the contact force placed at the top of the tooth. 

In a realistic load case the contact force is not placed on the top of the teeth. Neither the load 
division between the teeth and the load distribution on a tooth are perfect for all gears. The 
factors Yβ, Yε, KFα and KFβ have been introduced to consider different load divisions and 
distributions. Fber is the failure proceeding force. The different factors and the failure 
proceeding force is described further in Appendix B. 
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To avoid failure the criteria below shall be fulfilled. Fσ  is the upper limit for the bending 
stress and depends on the material.  

 FPF σσ <  (6.17) 

6.4. Gear efficiency 
The gear efficiency is an important parameter to consider when designing gears. Efficient 
gear designs are needed when the gears have high demands on energy conservation and low 
heat generation. The efficiency, η, is given by: 

Critical point 

30 
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Pt is the percent power loss and can be calculated according equation 6.19, for an internal and 
an external gear pair. f is the average coefficient of friction, α is the pressure angle, Hs is the 
specific sliding velocity at start of the action and Ht is the specific sliding velocity at end of 
the action. This equation is derived according Appendix E.  
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The total efficiency, ηp, of a planetary stage with the configuration described in section 6.1, is 
given by the equation 6.20. ηz  is the product of the efficiency of each gear pair and u is the 
number of teeth on the ring gear, zr, divided with the number of teeth at the sun gear, zs.  
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6.5. Outer gearbox dimensions 
 
The pitch radius of the gear ring must be known in order to calculate the gear ratio, gear 
efficiency and gear width. Because the designer sometimes only have a value for the outside 
radius a relationship between the pitch radius and the outer radius must be found. An 
approximation of the relationship has been made by studying how the outside diameter of 
existing ring gears depends on the pitch diameter. Data from drawings of the gear rings with 
the largest pitch radius for each existing tool size has been plotted. A linear adjustment has 
been derived from the plots. 
 
The total length of the gear train is approximated from the gear width of each stage. In order 
to do this an approximation of the length, see Figure 6.6 below, of the planet carrier as 
function of the gear width has been estimated. Data from different drawings for planet carries 
has been collected and plotted against the gear width and a linear adjustment has been made.  

 

Figure 6.6 . Estimated length of a stage 

lstage



 7. Model verification  

39 

7. Model verification 
In order to verify the models the result has been compared to existing motors and gearboxes. 
Some areas in the calculations are harder to verify than others. The fact that the models shall 
be applied for all dimensions and gear ratios makes it hard to do the verification.  

The motor model and the scaling of the cross section have been verified against the three 
existing motors. The continuous torque from the data sheets has been compared with the 
calculated continuous torque from the torque equation, see Table 7.1. The comparison is done 
by calculating the motor torque from the radius for the existing motor with scaled cross 
section. As seen the accuracy is within ten percent. The motor model does not consider any 
type of frictions that occurs in the motor. The rotor shaft has some bearings that cause friction 
which will decrease the delivered motor torque. This friction may be a reason that the 
calculated torque is bigger than the torque from the data sheets.  

Table 7.1. Comparison between calculated motor torques and torques from data sheets. 

 Small Medium Large 
Continuous torque from data sheet [Nm] 0.48 0.72 1.65 

Calculated continuous torque [Nm] 0.53 0.77 1.79 
Accuracy 110% 107% 108% 

 

In order to get proper safety margins the engineers at Atlas Copco use a dimensioning 
program for the gears named KUGG. The verification of the gear model has been done by 
calculating the width with the model for existing gear ratios, radii, addendum modifications 
and safety from calculated in KUGG. The calculated gear width has been compared with gear 
widths from existing gears. The result of the comparison for two gear stages is shown in Table 
7.2 and Table 7.3. The gear width that is needed to avoid fatigue due to surface contact 
stresses and bending stresses are calculated for all the gears in the stage. 

Table 7.2. Comparison between calculated gear widths and gear widths from drawing, 
example one. 

  

Sun gear 
(Hertz) 

 

Planetary 
gear 

(Hertz) 

Sun gear 
(Bending) 

 

Planetary 
gear 

(Bending) 

Ring gear 
(Bending)

 
Gear width from drawing [mm] 12 12 12 12 12 

Calculated gear width [mm] 11.9 12.1 12.6 12.5 11.9 
Accuracy  99 %  101% 105% 104% 99% 

Length from drawings [mm] 25 25 25 25 25 
Calculated length [mm] 22,2 22,6 23,4 23,2 22,2 

Accuracy 89% 90% 94% 93% 89% 
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Table 7.3. Comparison between calculated gear widths and gear widths from drawings, 
example two. 

  

Sun gear 
(Hertz) 

 

Planetary 
gear 

(Hertz) 

Sun gear 
(Bending) 

 

Planetary 
gear 

(Bending) 

Ring gear 
(Bending) 

 
Gear width from drawing [mm] 7,6 7,6 7,6 7,6 7,6 

Calculated gear width [mm] 7,5 7,5 7,8 8 7,5 
Accaracy  99% 99% 103% 105% 99% 

Length from drawing [mm] 16 16 16 16 16 
Calculated length [mm] 15,3 15,2 15,7 16 15,3 

Accuracy 96% 95% 98% 100% 96% 
 

As seen is the accuracy for the gear width calculated from the bending fatigue on the sun- and 
planetary gear pair is lower than the accuracy for the other gears. This depends on that the 
factor YF in the bending stress equation, see chapter 6.3.3, is not calculated with the same 
method as the KUGG uses. In the gear model YF is decided with diagram 8.5.2 in SS 1871. 
The Hertzian pressure for the planetary- and ring gear pair is excluded in this report, because 
it will not be the dimensioning pressure, (F. Roos) 

It is hard to verify the model for the required and the dimensioning torque because these 
strongly depend on the load cycle. The load cycle is affected by the controller and the 
application. The Simulink model and some tests done at a nutrunner system have been made 
to verify that the load profile has the same appearance as the assumed load profile.  
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8. Designing of motor and gearbox 
In this chapter, the method used for dimensioning the motor and gearbox is described. The 
method is based on the theory in chapter 5-6 and is implemented in a mathematical numerical 
software tool; Matlab. The software is later on called the Matlab script. 

As described in section 4 the problem of finding a tool that gives high productivity and short 
length has been divided into sub problems. It is important to do the calculations in the right 
order because the solutions from the sub problems are going to affect each other. The 
calculation order can be seen in Figure 8.1. 

In order to make suggestions for tool configurations some data have to be known. The 
suggestions should be made in respect to the application. The application specific parameters 
therefore become inputs to the Matlab script. When designing a tool the most important tool 
dimension is the tool radius. The tool radius is often fixed and will therefore be an input to the 
Matlab script. The radius does not have to be a single value, it can be an interval. When the 
radii are an interval all calculations will be made for every radius within the interval with a 
predefined resolution.  

 

Figure 8.1. Block diagram of the calculations. 

The total gear ratio influences both the calculations for the gearbox and the motor. Therefore 
this problem will be solved first. Every possible total gear ratio and the distribution of gear 
ratio between the gears stages will be calculated. The cross section of the gear stages is then 
designed when the gear ratio of a stage is known.  

The minimum gear width is decided by the cross section design and the maximum incoming 
torque to the gear stage, called dimensioning torque. The dimensioning torque is decided 
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either by the target torque or the moment of inertia and the joint torque during the brake 
phase. The inertia is determined of the gear width, which in turn depends on the dimensioning 
torque. This leads to the conclusion that it is an interrelationship between the minimum gear 
width and the dimensioning torque. Therefore the minimum gear width and the dimensioning 
torque have to be calculated by iteration.  

The required torque depends on the efficiency, the inertia of the system, the total gear ratio 
and the application, according to section 5.1. The efficiency of the gears is calculated for 
every total gear ratio. The delivered motor torque depends on the dimensions of the motor and 
the maximum allowed heat generation in the motor. By comparing the required and delivered 
motor torque the productivity can be calculated. The tool length is the sum of the motor length 
and the gearbox length. The length of the gearbox is scaled from the gear width.  

By plotting both the productivity and total tool length as a function of the total gear ratio, 
motor length and tool radius, the designer can compare different tool configurations with each 
other. To get a better tool configuration the calculation can be iterated.  

8.1. Input 
The designer have to choose what type of applications the tools is intended to be designed for. 
The parameters that define the applications have to be known. The application parameters are 
divided in to primary and secondary applications parameters. The primary parameters for the 
application are the velocity, the target torque and the stiffness of the joint. The secondary are 
parameters that might not be known by the user, in example the acceleration during the start 
and the brake time. In order to get reliable results these parameters have proper must values. 

The designer chooses the dimensions that are of interest. Input dimension can be a single 
value or an interval for the tools outer radius and approximated wanted motor length, single 
value or interval. 

The designer can also choose some data for the gears and the motors. For the motor some 
dimensions and parameters in the cross section design, for an example the number of slots and 
the air gap flux density can be chosen. For the gears the designer can change the module, the 
safety limits and the numbers of planetary gear in the planetary gear stages. 

8.2. Gear ratio distribution and cross section 
design 

For a given radius it is not possible to get gear ratios in a continuous manner, due to the fact 
that the number of teeth of each gear has to be an integer. The gear ratio of the gear stages, 
used in Atlas Copco’s nutrunners, varies between three and ten. Therefore this report only 
considers gear stages with gear ratios within this interval. To calculate a gear ratio the module 
and the number of teeth on every gear have to be known. The number of teeth depends on the 
radius. The module and the radius are inputs to the calculations for the gear ratio distribution 
and the cross section design. Because the radius and the module are given the gear ratio for 
one stage only depends on the number of teeth on the sun gear, see section 6.1.  
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Figure 8.2. Block diagram of the calculations of all possible gear ratios for one stage. 

When the number of teeth on the sun gear is known the number of teeth on the planetary gears 
can be calculated. The number of teeth on the gear ring is known because the module and the 
radius are given. All gear ratios for one planetary gear stage are decided by first calculating 
the number of teeth on the sun gear when the gear ratio is set to the upper limit. The number 
of teeth of the sun gear is then increased until the gear ratio becomes smaller than the gear 
ratio lower limit. It is also checked that the number of teeth on the planetary gear is an integer. 
Figure 8.2 shows a block diagram for the calculation of the possible gear ratios for a gear 
stage with a given radius. 

The cross section is designed for each possible gear ratio in a stage. The design is based on SS 
1864, described in section 6.3. The cross section design determines the transverse contact 
ratio, the angle at a point, the pitch radius for each gear, all possible addendum modifications 
for each gear, the number of teeth and the tip radius. Stages that are undercut, have a tooth 
thickness smaller than 0.2m or have a low transverse contact ratio are not allowed and will not 
be treated in further calculations. These limitations are described in section 6.2.  

The total gear ratio for a gearbox is the product of the gear ratio for each stage. Because it is 
possible to get different gear ratios for a stage it is also possible to get different total gear 
ratios for a given radius. The gearboxes that are considered here consist of one to three 
planetary gear stages with ratios between three and ten, which will result in total gear ratios 
between three and one thousand. An upper limit for the total gear ratio has been set to one 
hundred.  

In most cases the torque will affect the gear width more that the gear ratio and the peripheral 
velocity. A gear stage will increase the torque and reduce the velocity. Because the torque has 
a greater impact on the gear width it is more preferable to have the gear stage with the lowest 
gear ratio placed closest to the motor. The gear ratio on the remaining gear stages shall be 
chosen in rising order.  

All possible total gear ratios are calculated by studying possible gear ratios for a stage, see 
Figure 8.3 for an example. One to three possible gear ratios for a stage are combined with 
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each other since a gear train can consist of one to three stages. For each total gear ratio 
combination all data in the cross section design and the gear ratio that refers to the stages are 
saved for further evaluation.  

 

Figure 8.3. Block diagram of the calculations for possible total gear ratios. 

8.3. Gear width calculation 
To calculate the minimum gear width it is necessary to know the maximum incoming torque. 
This torque is either the target torque divided by the total gear ratio or the moment of inertia 
plus the joint torque during the brake phase. The inertia of the gearbox cannot be calculated 
before the gear width is known. The maximum incoming torque and the gear width will 
therefore be calculated with iteration, see Figure 8.4. As start value for the iteration the 
maximum incoming torque is set to be the target torque divided by the total gear ratio. 
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Figure 8.4. Block diagram of the dimensioning torque calculations. 

The minimum gear width for each gear combination has been calculated according to SS 
1871, described in section 6.3. In this method both the bending stress and surface contact 
pressure for a tooth is calculated. Both the bending stress and the surface contact pressure are 
functions of the gear width and are limited by a maximum allowed value that depends on the 
material. 

Figure 8.5 shows how the gear width for a gear stage is calculated. The maximum incoming 
torque, the module, the peripheral velocity, the gear ratio, the material parameters and the 
cross section design are needed for these calculations and are therefore input. The torque is 
calculated with an iterative method, described above. 

Each gear will be exposed to different stress due to the design and the size of the gears varies. 
The dimensioning gear in the stage is the gear that is exposed to the highest amount of stress. 
The gear width derived from the Hertzian pressure for the planetary- and ring gear pair is not 
calculated, because it will never be dimensioning pressure, (F. Roos). Therefore this gear 
width will be the minimum gear width for every gear in the gear stage. The gear width 
calculations are made for every possible addendum modification. The addendum modification 
that results in the smallest gear width will be chosen for further calculations.  
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Figure 8.5. Block diagram of the gear width calculations. 

8.4. Gear train efficiency 
The total efficiency of a gear train is the product of the efficiency in each stage calculated 
according section 6.4. The calculation of the gear train efficiency is performed for all total 
gear ratios. 

8.5. Delivered motor torque and heat 
generation 

To calculate the delivered motor torque the motor radius and length have to be known. These 
are set as input. Like the radius the length can also be chosen as an interval. 

Heat generation in the motor is affected by the losses and ability of the motor to emit heat. 
During a continuous usage the losses cannot be bigger than the hear emission ability if the 
temperature should not rise. The iron losses depend on the frequency and the cross section 
design of the motor. Since the tool radius is given as an input to the Matlab script the cross 
section can be designed by scaling a cross section used today. The frequency is determined by 
the angular velocity and the gear ratio. 

The cooling ability can by calculated with the help of the cross section geometry. The amount 
of current and the motor resistance determines the current losses. The maximum current 
during continuous usage is determined by setting all losses equal to the cooling power. The 
continuous delivered motor torque is a function of the maximum current, the dimensions of 
the motor and the air gap flux density. The torque calculations are done for every combination 
of radius, length and total gear ratio. 
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Figure 8.6. Block diagram of the motor torque calculations. 

8.6. Required motor torque and productivity 
The required motor torque is approximated by using the rms-value of the torque during a load 
cycle. The rms-torque for one tightening per minute is calculated and compared with the 
delivered motor torque. tT number of tightenings per minute will be increased if the rms-
torque is smaller than the delivered motor torque The productivity is the number of 
tightenings when the delivered motor torque is equal to the rms-torque or when the pause 
between the tightenings becomes zero. Just like for the delivered motor torque these 
calculations are done for all combinations of radius, lengths and total gear ratios. Figure 8.7 
shows how the calculation of the productivity is performed.  

 

Figure 8.7. Block diagram of the productivity calculations. 
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9. Results 
In this chapter the general result from the calculations are presented. It is discussed what to 
have in mind when choosing a motor and gearbox combination. The Matlab script will 
generate two figures.  

The first figure shows how the productivity depends on the total gear ratio and motor length 
see Figure 9.1.  

 

Figure 9.1. The productivity as function of the rotor length and the total gear ratio. 
Outer diameter: 50 mm, Target torque: 100 Nm, Joint stiffness: 100 Nm / 720°. 

As it can be seen in figure 9.1 the productivity will increase with the motor length. For low 
gear ratios the productivity will be low. This depends on that the required motor torque will 
be high. As the gear ratio increases the required angular velocity from the motor will also 
increase. The iron losses in the motor depend on the velocity and will therefore also increase 
with the gear ratio. This leads to the motor will be overheated faster and the productivity will 
be decreased for high gear ratios. 

Sometimes combinations the top of the surface may be flat. This means that the tightenings 
can be done after each other with out any pause and that there is no room for more tightenings 
per minute. This is an indication for that the motor dimensions are to big for the application. 
To get a more optimized design a recommendation is to run the script once again but with 
smaller motor dimensions. 
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In most cases the nutrunner system is used for many fast tightenings during a short period of 
time followed by a longer pause. During a tightening the run down velocity is often much 
higher than the tightening velocity. This means that the motor have to work with a high 
intensity during a short time, which will cause a fast rise of the temperature. Often the motor 
does not have enough capacity to cool away this heat, which will result in overheating. 
During a one step tightening the motor does not have the same intensity and the motor will be 
cooled during the run down. This will result in a higher productivity compared to tightening 
strategies with more then one step. The productivity calculations do not give a fair result, 
since only one step tightenings are considered. But they give an indication for which 
combinations that is has high productivity compared to others. 

In the second figure that the Matlab script generates the total length of the motor and gearbox 
is plotted as a function of the gear ratio and the motor length, see Figure 9.2. The x and y axis 
are the same as in the productivity plot so it will easy for the user to compare combinations 
from the different plots.  

 

Figure 9.2. The total tool length as function of the rotor length and the total gear ratio. 
Outer diameter: 50 mm, Target torque: 100 Nm, Joint stiffness: 100 Nm / 720°. 

In order to see how many stages the gear ratio is distributed on combinations that not have the 
same number of gear stages is plotted as different surfaces. The surface to the left shows 
lengths of gearboxes with one gear stage, the middle surface shows length when two stages 
are used and the right surface give the length when three gear stages are used. The fact that it 
is not possible to get gear ratio in a continuous manner, for a given radius causes the 
discontinuous manner in the plots.  
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As it can be seen the length will increase with the gear ratio. But the incensement of the 
length will be lower if the gearbox consists of more stages. It is no larger difference in length 
if a gearbox with three stages has a low or high gear ratio. 

It is not always advantageous, as shown in Figure 9.2, to choose the gearbox with the lowest 
number of stages. It is sometimes better to divide the torque on more and smaller stages.  

When the user has found a motor and gear that gives wanted productivity and length more 
information of the combination can be generated from the Matlab script. By typing the 
wanted tool radius, gear ratio and motor length into the script the gear ratio of each stage, the 
number of teeth in the planetary stages and the addendum modification of the gears will be 
printed. 

Other plots than the two that are described above can also be generated from the Matlab 
script. Surfaces for the delivered torque from the motor, the required motor torque, the 
efficiency of the gears and the dimensioning toque for the gear can for example be plotted. 

If the tool is intended to be used for more than one application the script can be executed for 
every type of application and the engineer can make the final design as a compromise 
between the applications. The stiffness of the joint is the application parameter that affects the 
productivity most. It often requires a higher torque to tighten a weak joint than a stiff. This 
means that for the same velocity and target torque the stiffness of the joint will decide the 
productivity for the tool.  

9.1. Dimensioning example 
The productivity and the total tool length for the nutrunner QST42-5 are plotted in Figure 9.3 
and Figure 9.4. The plots are done for a joint stiffness in the middle and to a target torque of 
40 Nm with a speed on 300 rpm. To get as high productivity as possible the total gear ratio 
shall be around 40. The actual gear ratio for QST42-5 is 21.33. That gear ratio will result in a 
much lower productivity the then a gear ratio of 40. The advantage of a gear ratio of 21.33 
can be seen in the length plot, Figure 9.4. A gear ratio of 21.33 will result in a shorter tool 
then a gear ratio of 40. The difference in length between the gear ratios can be neglected 
because it only differs 0.5cm. If the tool were to be designed for just this application it might 
have been better to choose a gear ratio of 40 instead of 21.33 but since the tools always is 
designed for the more the one application it is hard to say if a gear ratio of 40 is better then 
21.33. It shall also be pointed out that the productivity is for one step tightenings which are 
rare and therefore the productivity result might not be fully faithful.  
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Figure 9.3. Productivity plot for a QMX 42-5 tool used in an application with joint 
stiffness of 40Nm/400°, 300 rpm to a target torque of 40Nm. 

 

Figure 9.4. Length plot for a QMX 42-5 tool used in an application with joint stiffness of 
40Nm/400°, 300 rpm to a target torque of 40Nm 
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10. Discussion and future work 
In this chapter the result and some topic that the designer has to have in mind when using the 
script are discussed. Recommendation for future work and propositions in areas where the 
models can be expanded are discussed. 

Today the Matlab-script can be used for guidelines during the designing of new motor and 
gearbox combinations for one step tightenings to a target torque. This gives a first estimate of 
how the motor and gearbox should be designed. It is an indication for which dimensions that 
may be better than others. Other software available at Atlas Copco can then be used for at 
more detailed study. 

The load cycle for a one step tightening is considered. It is estimated that the output from the 
controllers always follows the reference signal. The impact from the controllers and different 
tightening strategies is therefore not considered. Different controllers and tightening strategies 
will have different impact on the dimensioning torque for the gearbox, the delivered motor 
torque and required motor torque. 

10.1. Motor 
The equations used to calculation of the delivered motor torque are well known. The 
disadvantage with some of the equations is that they require several specific parameters, such 
as the stator sheet thickness, the winding factors and the air gap flux density. Most of these 
parameters may not be known by the user and some have to be chosen in proper ways because 
they affect each other. This means that a designer who is not familiar with these parameters 
may find it difficult to assign them proper values. 

The torque equations also require some dimensions in the cross sections, such as the area of 
the slots, which may vary between motors. These dimensions are scaled with the base on the 
three motors sizes used by Atlas Copco today. This scaling may result in a non optimal cross 
section design for some radius. It may also leads to a cross section that is not preferable in 
combination with some of the secondary input parameters 

It has been difficult to verify the calculated torque for the non existing motor sizes because it 
is a theoretical value and no motors to compare the result with. The torque also depends on 
the air gap flux density which is not listed in the data sheets and is difficult to measure. A 
theoretical value on the air gap flux density has been calculated. The air gap flux density has 
direct influence on the motor torque. An error in the air gap flux density will cause an error in 
the torque.  

10.2. Gearbox 
The dimensioning factors in the gearbox design have been the mechanical forces and 
geometrical aspects. The gearbox may in some cases suffer from overheating. The heat 
generation in the gearbox depends on losses, which are strongly affected by the lubrication 
and the operation condition. It is hard to find a general and exact model for the losses in the 
gearbox. For this reason the problem with overheating has been excluded in this study. 
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The losses determine also the efficiency of the gearbox. In order to get the designer an 
indication for how the efficiency varies between gearboxes efficiency calculations has been 
implemented. The calculation considers geometrical design of the gears. 

The gear width calculations are based on SS 1871 and 1864. The equations for the mechanical 
stresses in these methods are built on simplified load conditions. In order to compensate the 
simplicity different factors are introduced. These factors will have a great impact on the final 
result and are difficult to define. To get a better result these factors shall be chosen based on 
experience.  

The fact that the method only considers spur gears and not planetary gears stages leaves 
undefined areas in the calculations. The centre distance between the sun gear and the 
planetary gear must be equal to the centre distance between the planetary gear and the gear 
ring. The centre distance for a gear pair depends on the primary data. The method that is used 
for the centre distance calculations does not consider all combinations of the primary data and 
may therefore not suggest the best combination. More combinations can be examined in 
KUGG. 

The suggested gearbox length is scaled with the gear width and the pitch diameter is scaled 
from the outside diameter. These scaled dimensions are not fully reliable. The length of the 
carrier will probably depend on the incoming torque to the gearbox. It is better to focus on the 
gear widths, since these have better accuracy.  

This report treats the actual dimensioning of the gears, not the bearings. It should be noted 
that bearings may limit the maximum torque for the gears. It should also be noted that the 
bearings have standard widths, which means that it might not be possible to design a gear with 
some widths.  

10.3. Future work 
The script makes design suggestions to a tool for a given application but most of the 
nutrunner systems are used for different types of applications. If the tool should be designed 
for more then one application the designer have to run the script for every application and 
make a compromise. A recommendation for future work is to expand the script so it is 
possible to design tools for more then one application at the same time. To get a better 
estimation of the dimensions the script should also be expanded to more than one strategy. 

The accuracy of the optimization might be better if a Simulink model is derived in order to 
simulate the load cycle. This would probably lead to a more correct calculation of the required 
torque, especially the torque during the brake phase would benefit from a Simulink model. 
The deceleration during braking is indirect determined by the controllers. The impact of 
different controllers could also be investigated with a Simulink model. A Simulink model that 
simulate the load cycle for a specified nutrunner has been derived in this thesis. An expansion 
of the model for simulation of different tightening strategies and for various tools was not 
performed in this thesis because of shortage in time. The advantage of a simulation model is 
that it makes it easier to get a value for the required torque, which affects the productivity 
calculations.  

Recommendations for future work on the motor are to make a more detailed model of the 
cross section, measure or calculate a more careful value on the air gap flux density or to use a 
simpler motor model.  
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The recommendations for future work regarding the gearbox are to expand the Matlab script 
with calculations of suitable bearings of the gear. The optimization would probably be better 
if the gears were limited by overheating. Verifications of the efficiency equations and maybe 
another efficiency model are recommended in order to expand the script with this limit. The 
Matlab script should also benefit from an expansion of the calculation used for the centre 
distance so that more combinations of the parameters in the calculation are examined. 
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Appendix A 
Hysteresis losses 

These hysteresis losses can be connected to the hysteresis loop, which describes the variation 
of flux density as a function of the magnetic field intensity in a ferromagnetic material in 
cyclic condition. 

 

Figure A.1. Hysteresis loop. 

The unit for energy density is Joule per cubic meter which is the unit for H times B, se 
equation below. 

 ∫= HdBw     [ ]3m
J  (A.1) 

The energy stored in the magnetic field when the H-field increases from zero to its maximum 
value can the by calculated with the equation above and is equal to the area abdca in Figure 
A.1 

 ∫=+
c

b

B

B

HdBww 21  (A.2) 

The same way the energy released by the field when H varies from maximum to zero can by 
determined by the area bdcb, Figure A.1. The difference between these two areas, abca, is the 
energy which is not returned to the source and is dissipated as heat. These losses are called 
hysteresis losses. The area abca represents the hysteresis losses per half cycle. From 
symmetry it follows that total energy loss per cubic meter per cycle is the area of the 
hysteresis loop. The limits of the integration B1 at the time t and B2 at t+T have the same 
numerical value since it's a loop around the hysteresis curve. This leads to that the integration 

b
d

c 

a
e 

H
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becomes a surface integration from B to B. The unit of power is Watt which leads to that the 
total hysteresis losses is: 

 ∫= HdBVfPh  (A.3) 

Where V is the volume of the stator iron, f is the electrical frequency and integration is the 
area of the hysteresis loop.  

This integration can be done by graphical methods but amore useful form is the empirical 
relation  

 VcfBP x
h max=  (A.4) 

Where the exponent x is called the Steinmetz coefficient and depends on the material. c also 
depends on the type of material.  

 Eddy current losses 
An approximated expression for the eddy current losses can be derived by considering a sheet 
with the thickness t which is small compared to the other dimensions, (Ramshaw/ van 
Heeswijk). 

 

Figure A.2 Skis of metal sheet with eddy current losses. 

An elementary path with dy is considered to be positioned at the distance y from a centre line, 
see Figure A.2. The flux is then  

 tyBt ωsin2)( max=Φ  (A.5) 

The induced voltage in the path is the time derivate of the flux: 

 tyB
dt
dtv ωω cos2)( max=
Φ

=  (A.6) 

The maximum induced voltage gives maximum loss. This occurs when cos(ωt) is equal to 
one. This leads to that the maximum energy losses expressed in Watt can be written as: 

 ∫∫ ===
TT

eddy dt
R
tvtv

T
dttitv

T
P

00

)()(1)()(1  (A.7) 

The resistance for a lamination can be expressed in the same way as for the phase windings: 

Unit length

Unit 
width 

t 

I 

B 
y dy 



Appendix A 

III 

 
dyldy

l
A
lR

ationla

ationla 22

min

min ρρρ =
⋅

==  (A.8) 

By combining the expressions for the voltage, the resistance with the expression for the eddy 
current losses the following expression can be determinated.  

 dyyB
T

P
y

eddy ρ
ω 1)(1

0

2
max∫=  (A.9) 

If the integration is performed between y=05t and y=0 the expression for the total eddy 
current losses per unit width and length will by: 

 
ρ

ω
24

)( 32
max tBPeddy =  (A.10) 

An empirical and more used equation for the eddy current losses for the whole stator volume 
is: 

 FeFeeddy VtBfcVBctP 2
2

222
max

22

2
4 πω ==  (A.11) 

Where V is the volume of the material, ω is the angular velocity for the flux variation, t is the 
thickness of the lamination and c is a constant depending on the type of material. The stator 
length is divided in thin laminations to make the losses smaller. The flux density B in the 
equation is the flux density in the iron. The unit for c is Siemens per meter which is equal to 
the inverse of the resistivity for iron c=5*107  
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Appendix B 
Dimensioning force 

The maximum peripheral force, which acts on the gears, can in theory be calculated with the 
maximum incoming torque at the pinion, T1, and the diameter of the pinion. Due to the fact 
that vibrations and non perfect tooth profiles will not exists in real applications the resulting 
failure proceeding force, Fber, is greater than the peripheral force. Fber is therefore added with 
the two factors, Kl and Kv, in order to include the affects of odd operation conditions, see 
equation below 

 

Figure B.1. Forces working between two teeth. 

 vber KK
d
TF 1
1

12
=  (B.1) 

Kl, consider an odd operation both for the machine that drives the gear stage and at the 
machine that is driven by the gear train. Table B.1, below, shows how 1K shall be chosen. 

Table B.1. Different value for Kl. 

Driven machinery Driving machinery 

 Uniform Light shocks Heavy shocks 

Uniform  1 1.25 1.5 
Medium shocks  1.25 1.5 1.75 
Heavy shocks  ≥1.75 ≥2 ≥2.25 

 

Kv considers dynamical aspects such as peripheral velocity, deviation from the pitch line and 
inertia or stiffness of rotating parts in the gear train. In SS 1871 are following expression 
given for spur gears that are affected by dynamical aspects.  

 

 
78
1478 vKv

+
=  (B.2) 
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Bending stress 
The bending stress is calculated by: 

 
n

FFber
FF bm

KKF
YYY βα

εβσ =   (B.3) 

To avoid failure the criteria below shall be fulfilled. 

 FPF σσ <  (B.4) 

YF is the form factor and can be decided from a diagram in SS 1871 

Yβ consider the fact that the contact line is leaning on the tooth if the gear has a helix angle. 
Since the helix angle for all gears in this rapport is zero this factor can be set to 1.  

As mentioned before the contact force is not always centered to the top of the tooth. For this 
reason Yε is added to the expression for the bending stress. Yε is given by: 

 
α

ε ε
1

=Y  (B.5) 

The load divisions between the teeth are described with KFα. Generally KFα can be is in this 
report set to 1 due to the fact that the load division already has been considered trough KV and 
Yε. 

KFβ consider the load distribution along the width of the gear. An odd distribution can be a 
result of deviations in the helical angles, elastic deformations and warped wheels. It is often 
set equal to KFβ. 

The greatest allowed bending stress can be calculated by the following expression. σFlim is a 
fatigue limit for bending stress and only depends of material.  

 
F

FNFXSF
FP S

KKYlimσσ =  (B.6) 

Ys consider how the radius on root of the tooth influence the maximum allowed bending 
stress. If the radius is less than 0.25m this factor can be set to one. Ys  assumes to be one in this 
report. The affect the module has on the maximum allowed bending stress is described by 
KFX. This factor can generally be and is set to 1. 

KFN consider how many load cycles the gear train shall be able to perform without failure due 
to bending stress. If the gear is designed so every tooth shall last more than 710 load cycles 
this factor can be set to one. The gears in this report shall be designed for 106 load cycles KFN 
is therefore decided from diagram 8.9 in SS 1871 to be 1.1.  

SF is chosen by the designer and is the safety factor for bending. If the same safety for 
bending fatigue as for pressure at the contact surface is wanted SF shall be set to SH

2. 

Surface contact pressure 
Hertzian pressure for external gears: 
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Hertzian pressure for internal gears 

 
( )

ubd
uKKF

ZZZ HHber
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1
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= βα
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σ  (B.8) 

HZ , are given below.  

 
)sin()(cos
)cos()cos(

2
wtt

wtb
HZ

αα
αβ

=  (B.9) 

Where  

 
)cos(

)cos()cos()cos(
t

b α
αββ =  (B.10) 

β is the helix angle, α is the pressure angle and αt is the transverse section pressure angle. This 
rapport only considers gears with no helix angle. The transverse section pressure angle, αt, for 
gears for no helix angle is the same as the pressure angle, α. This is shown below. The helix 
angle on the base cylinder, βb, will then be equal to the helix angle on the pitch cylinder and 
therefore be zero, see above.  

 { } ααβ
β
αα =⇒=⇒= tt 0

)cos(
)tan()tan(  (B.11) 

ZM can be calculated by the following expression. ν1 and ν2 are the Poisson’s coefficients for 
each gear and E1 and E2 is the modules of elasticity for each gear 
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 (B.12) 

Zε consider that the length and the line of action for the load can vary. Zε is given by the 
following equation. 

 
3

4 α
ε

ε−
=Z  (B.13) 

KHα describes the division of the load between the teeth. Generally KHα can be set to one due 
to the fact that the load division already has been considered through Kv and Zε. KHα  is set to 
one in this report. 

KHβ consider load distribution along the width of the gear and is set to one in this report. An 
odd distribution can result in deviations of the gears helical angles, elastic deformations and 
warped gears. 

The highest allowed Hertzian pressure can be calculated by the expression below. σlim is the 
fatigue limit for pressure and depends on the material. 
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H

HKHNHXvRL
HP S

KKKZZKlimσσ =  (B.14) 

To avoid failure the criteria below shall be fulfilled. 

 HPH σσ <  (B.15) 

SS 1871 gives no other directions then that the factors KL ZR and ZV should be set to one if 
values based on experience are missing. All these factors are set to one in this thesis. 

Generally KHX can be set to one. If the gears has larger dimensions and are surface hardened 
this factor shall be chosen to a value less than one. In this report is KHX set to one. 

KHN consider how many load cycles the gear shall be able to perform. If the teeth are designed 
to last more the 107 load cycles this factor can be set to one. The gears in this report shall be 
designed for 106 load cycles and KHN is according diagram 8.8 set to be 1.55.  

If the gear has materials with big different in hardness KHK shall be chosen to a value over 
one. But it is most cases and in this report set to one. 

SH considers the safety towards failure due to the stresses at the contact surface the designer 
wants.  
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Appendix C 
Contact ratio, εa,, the average number of teeth that are in action and can be calculated as: 

For external gears: 

 ( )( ))tan(1
21

2
2

2
2

2
1

2
1 wbbbaba

b

rrrrrr
p

αεα +−−+−=  (C.1) 

For internal gears: 

 ( )( ))tan(1
21

2
2

2
2

2
1

2
1 wbbbaba

b

rrrrrr
p

αεα −+−−−=  (C.2) 

pb, the base pitch, is the distance between two corresponding points on two neighboring teeth 
measured around the base circle. ra is the tip radius, rb is the root radius, α, is the pressure 
angle and αw, is the angle at a point. pb, br  and wα  are given by equations below. 

 )cos(απ mpb ⋅=  (C.3) 

 )cos(αrrb =  (C.4) 

 
w

w a
a )cos()cos( αα =  (C.5) 

The tip radius as function of the centre distance to the collaborating gear, the reference radius, 
rf, of the collaborating gear and the clearance, c, is given below: 

For external gears:  

 crar fwa −−= 21  (C.6) 

For internal gears:  

 crar fwa ++= 21  (C.7) 

The reference radius for a gear according to reference profile (SS 296) is: 

For external gears: 

 mxzrf ⎟
⎠
⎞

⎜
⎝
⎛ −+= 25.1

2
 (C.8)  

For internal gears: 

 mxzrf ⎟
⎠
⎞

⎜
⎝
⎛ +−= 25.1

2
 (C.9) 

The clearance is normally a function of the module and is often set to: 

 mc 25.0=  (C.10) 
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Appendix D 
The centre distance between two cooperating gears is given below, where ao is a wanted 
centre distance and Δha is a reduction of the tip radius. 

 aw haa Δ−= 0  (D.1) 

ao is a wanted centre distance after manufacturing if a tool according to the reference profile 
is used. The following equations can be used in order to calculate ao. Data referring to the 
pinion has the index 1 and the data for the second gear has the index 2. 

For external gears: 

 ⎥⎦
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+
= 21
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xxzzma  (D.2) 

For internal gears: 

 ⎥⎦
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⎡ −+

−
= 21
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0 2

xxzzma  (D.3) 

A reduction, Δha, of the gears tip radius, ra, must often be done on gears with addendum 
modification. The clearance is the distance between the top of the tooth at one gear to the root 
diameter at the collaborating gear. The reduction is calculated by following expression.  
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Where a  and Σ for external gears is given by:  
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For internal gears a and Σ is calculated by the following expressions.  
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=  (D.7) 
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j is the backlash and will be set to zero in this rapport. 
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Appendix E 
Pt is the percent power loss and can be calculated according equation E.1, for internal and 
external gears. f is the average coefficient of friction, α is the pressure angle, Hs is the specific 
sliding velocity at start of the action and Ht is the specific sliding velocity at end of the action. 

 ⎟⎟
⎠

⎞
⎜⎜
⎝

⎛
+
+

=
ts

ts
t HH

HHfP
22

)cos(
50

α
 (E.1) 

HS and HT can be calculated as follows. mG is the gear ratio, ro is the tip radius of the pinion, r 
is the pith radius of the pinion, Ro is the tip radius of the second gear and R is the pith radius 
of the second gear. 

For external gears: 
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For internal gears: 
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