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Augustin Bernard Mouchot 
1825 – 1912 

Semur-en-Auxois, France 
 
 
 

100 years since the death of the first great solar energy pioneer 
 
 
 

“One must not believe, despite the silence of modern writings, that the idea of  
using solar heat for mechanical operations is recent. On the contrary, one must  

recognise that this idea is very ancient and its slow development across the  
centuries has given birth to various curious devices.” 

Augustin Bernard Mouchot, 1878 
at the Universal Exhibition in Paris 

 
 
 
 

“Eventually industry will no longer find in Europe the resources to satisfy its prodigious 
expansion... Coal will undoubtedly be used up. What will industry do then?” 

Augustin Bernard Mouchot, 1880 
after demonstrating the first successful solar steam generator 
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Abstract 

The provision of a sustainable energy supply is one of the most important 
issues facing humanity at the current time, and solar thermal power has 
established itself as one of the more viable sources of renewable energy. The 
dispatchable nature of this technology makes it ideally suited to forming the 
backbone of a future low-carbon electricity system. 

However, the cost of electricity from contemporary solar thermal power plants 
remains high, despite several decades of development, and a step-change in 
technology is needed to drive down costs. Solar gas-turbine power plants are a 
promising new alternative, allowing increased conversion efficiencies and a 
significant reduction in water consumption. Hybrid operation is a further 
attractive feature of solar gas-turbine technology, facilitating control and 
ensuring the power plant is available to meet demand whenever it occurs.  

Construction of the first generation of commercial hybrid solar gas-turbine 
power plants is complicated by the lack of an established, standardised, power 
plant configuration, which presents the designer with a large number of 
choices. To assist decision making, thermoeconomic studies have been 
performed on a variety of different power plant configurations, including 
simple- and combined-cycles as well as the addition of thermal energy storage. 
Multi-objective optimisation has been used to identify Pareto-optimal designs 
and highlight trade-offs between costs and emissions. 

Analysis of the simple-cycle hybrid solar gas-turbines revealed that, while 
electricity costs were kept low, the achievable reduction in carbon dioxide 
emissions is relatively small. Furthermore, an inherent trade-off between the 
design of high efficiency and high solar share hybrid power plants was 
identified. Even with the use of new optimised designs, the degree of solar 
integration into the gas-turbine did not exceed 63% on an annual basis. 

In order to overcome the limitations of the simple-cycle power plants, two 
improvements were suggested: the integration of thermal energy storage, and 
the use of combined-cycle configurations. Thermal energy storage allowed the 
degree of solar operation to be extended, significantly decreasing carbon 
dioxide emissions, and the addition of a bottoming-cycle reduced the electricity 
costs. A combination of these two improvements provided the best 
performance, allowing a reduction in carbon dioxide emissions of up to 34% 
and a reduction in electricity costs of up to 22% compared to a combination of 
conventional power generation technologies. 

Keywords: solar thermal power, hybrid gas-turbine, thermoeconomics 
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Sammanfattning 

Hållbar energiförsörjning är för närvarande en av de viktigaste frågorna för 
mänskligheten. Koncentrerad solenergi är nu etablerad som en tillförlitlig källa 
av förnybar energi. Den reglerbara karaktären hos tekniken gör den speciellt 
intressant för uppbyggnaden av ett framtida koldioxidsnålt elsystem. 

Kostnaden för elektricitet från nuvarande termiska solkraftverk är hög trotts 
flera decennier av utveckling. Ett genombrått på tekniknivå krävs för att driva 
ned kostnaderna. Sol-gasturbiner är ett av de mest lovande alternativen, som 
ger en ökad verkningsgrad samtidigt som vattenkonsumtionen reduceras 
drastiskt. Sol-gasturbintekniken gör det möjligt att blandköra solenergi och 
andra bränslen för att möta efterfrågan vid alla tidpunkter, en attraktiv aspekt i 
förhållande till alternativa lösningar.  

Uppbyggnaden av första generationens kommersiella hybrida sol-
gasturbinkraftverk försvåras dock av bristen på etablerade och standardiserade 
kraftverkskonfigurationer. Dessa ger planeraren ett stort antal valmöjligheter 
som underlag för beslutsfattande. Termoekonomiska studier har genomförts 
för ett flertal olika kraftverkskonfigurationer, däribland kraftverk med enkel 
cykel, kombikraftverk samt möjligheten att utnyttja termisk energilagring. 
Pareto-optimala konfigurationer har identifierats med hjälp av multi-
objektsoptimering för att belysa balansen mellan kostnader och utsläpp. 

Analysen av det enkla hybrida sol-gasturbinkraftverket visade att 
elektricitetskostnaden hållits på en låg nivå, men att den möjliga minskningen av 
koldioxidutsläpp är relativt liten. Dessutom identifierades en inre balans mellan 
att bibehålla en hög verkningsgrad hos konfigurationen och en hög andel 
solenergi i produktionen. Andelen av solenergi i gasturbinen överskred aldrig 
63% på årlig bas, även med optimerade kraftverkskonfigurationer.  

Två förbättringar föreslås för att övervinna begränsningarna hos kraftverk med 
enkel cykel: integration av termisk energilagring samt nyttjande av 
kombikraftverkskonfigurationer. Termisk energilagring tillåter en ökad andel 
solenergi i driften och reducerar koldioxidutsläppen drastiskt, medan den 
ytterligare cykeln hos kombikraftverket reducerar elektricitetskostnaden. 
Kombinationen av dessa förbättringar ger den bästa prestandan, med en 
reduktion av koldioxidutsläppen på upp till 34% och reducerade elektricitets-
kostnader på upp till 22% i jämförelse med andra kombinationer av 
konventionella kraftverkskonfigurationer.  

Nyckelord: koncentrerad solenergi, gas-turbiner, ekonomisk analys 
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the consistency of the results presented in this thesis, all the case studies have 
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D i s c l a i m e r  
It should be noted that no data (neither performance nor costs) for the gas-
turbines under study was obtained from the relevant equipment manufacturers. 
As such, while useful for comparison, the results presented in this thesis should 
not be taken as a guarantee of the performance of any units in a real solar 
thermal power plant. 
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N o m e n c l a t u r e  

C h a r a c t e r s  

A Surface Area [m2] 
AM Air Mass [ - ] 
c Mass Fraction [ - ] 
c Specific Cost [USD/kW] 
c Specific Heat Capacity [J/kgK] 
cC Carbon Content [ - ] 
cp Isobaric Specific Heat Capacity [J/kgK] 
C Cost [USD] 
COT Combustor Outlet Temperature [K] 
Cr Heat Capacity Ratio [ - ] 
CRg Geometric Concentration Ratio [ - ] 
CRo Optical Concentration Ratio [ - ] 
d Diameter [m] 
DNI Direct Normal Insolation [kWh/m2yr] 
E Mechanical/Electrical Power [W] 
fcap Capacity Factor [ - ] 
fCO2 Specific Carbon Dioxide Emissions [kg/MWhe] 
fdef Defocusing Factor [ - ] 
fdP Relative Pressure Loss [ - ] 
fH2O Specific Water Consumption [ltr/MWhe] 
finf Cost Inflation Factor [ - ] 
fland Specific Land Usage [m2yr/GWhe] 
fload Load Factor [ - ] 
fs Shape Factor [ - ] 
fsol Solar Share [ - ] 
fwash Compressor Washing Frequency [#/yr] 
G Mass Flux [kg/m2s] 
h Enthalpy [J/kg] 
h Height [m] 
hsol,eq Equivalent Full-load Solar Operating Hours [hrs/yr] 
hop Total Annual Operating Hours [hrs/yr] 
HR Heat Rate [kWth/kJe] 
i Real Debt Interest Rate [%] 
I Flux Intensity [W/m2] 
Ib Solar Beam Irradiation [W/m2] 
Id Diffuse Solar Irradiation [W/m2] 
IM&S Marshall and Swift Cost Index [ - ] 
Io Exoatmospheric Solar Irradiation [W/m2] 
It Total Solar Irradiation [W/m2] 
k Thermal Conductivity [W/mK] 
kins Annual Insurance Rate [%] 
l Length [m] 
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LCOE Levelised Cost of Electricity [USD/MWhe] 
LHV Lower Heating Value [J/kg] 
q Specific Thermal Power [W/m2] 
Q Thermal Power [W] 
m Relative Mass Flow [ - ] 
M Mass Flow [kg/s] 
n Gregorian Calendar Day [#] 
ncon Construction Time [yrs] 
ndec Decommissioning Time [yrs] 
nop Operational Lifetime [yrs] 
nR Receiver Surface Normal [ - ] 
nT Heliostat Mirror Surface Normal [ - ] 
N Number of Hours of Daylight [hrs] 
N Number of Elements [#] 
N Rotational Speed [RPM] 
NPV Net Present Value [USD] 
NTU Number of Transfer Units [ - ] 
P Pressure [Pa] 
r Gas Constant [J/kgK] 
r Radial Position [m] 
r Radius [m] 
R Heat Transfer Resistance [m2K/W] 
S Salary [USD/yr] 
SM Solar Multiple [ - ] 
t Duration [s] 
t Thickness [m] 
T Temperature [K] 
TIT Turbine Inlet Temperature [K] 
u Flow Speed [m/s] 
U Overall Heat Transfer Coefficient [W/m2K] 
vS Sun Direction Vector [ - ] 
vT Tower Direction Vector [ - ] 
v Specific Water Consumption [ltr/m2] 
V Volume [m3] 
V Volumetric Flow Rate [m3/s] 
VH2O Annual Water Consumption [ltr/yr] 
w Width [m] 
x Steam Quality [ - ] 

S y m b o l s  

α Material Absorptivity [ - ] 
α Heat Transfer Coefficient [W/m2K] 
γS Solar Azimuth Angle [rad] 
δ Declination Angle [rad] 
δS Solar Disc Half-Angle [rad] 
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ε Heat Exchanger Effectiveness [ - ] 
ε Material Emissivity [ - ] 
εconv Convergence Tolerance [ - ] 
εcos Cosine Efficiency [ - ]  
εsurf Surface Efficiency [ - ] 
ΔTmin Minimum Approach Temperature [K] 
η Efficiency [ - ]  
ηfuel Fuel-Electric Efficiency [ - ] 
ηopt Optical Efficiency [ - ] 
ηsys System Efficiency [ - ] 
ηth Thermodynamic Efficiency [ - ] 
θ Angular Spread [rad] 
θM Heliostat Mirror Incidence Angle [rad] 
θR Receiver Incidence Angle [rad] 
θS Solar Elevation Angle [rad] 
θT Tower Elevation Angle [rad] 
θz Solar Zenith Angle [rad] 
Θ Carnot Factor [ - ] 
λel Electricity Price [USD/MWhe] 
μ Dynamic Viscosity [kg/ms] 
Π Pressure Ratio [ - ] 
ξ Void Fraction [ - ] 
ρ Material Density [kg/m3] 
ρcell Local Heliostat Field Cell Density [ - ] 
ρM Mirror Reflectivity [ - ] 
σ Stefan-Boltzmann Constant [W/m2K4] 
φ Latitude [°N] 
Ψ Heliostat Field Efficiency Matrix [ - ] 
Ψloc Local Longitude [°W] 
Ψzone Standard Time-Zone Meridian [°W] 
ω Solar Hour Angle [rad] 

S u b s c r i p t s

a Air 
a Aperture 
a Atmospheric Conditions 
att Atmospheric Attenuation 
b At Bulk Conditions 
c Compressor 
ann Annual 
e Electricity 
elec Electrical 
E Earth 
f Fuel 
GT Gas-Turbine 

h Horizontal Plane 
H Heliostat 
inv Investment 
ISO At ISO Conditions 
lab Labour 
mec Mechanical 
M Mirror 
nom Nominal 
o At Nominal Conditions 
r Receiver 
ref At Reference Conditions 
s Isentropic 
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sb Shadowing and Blocking 
sol Solar 
surf Surface 
S Sun 
ST Steam-Turbine 
t Turbine 
T Central Tower 
th Thermal 
tot Total 

+ Into System 
- Leaving System 
· Temporal Derivative 
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1  Introduction 

This first chapter presents the context in which the thesis work has been performed. The 
objectives of the study are stated and a basic overview of the approach and methodology is 
given. Finally, the structure of the rest of the thesis is presented. 

1 . 1  C o n t e x t  
Against a backdrop of rapidly increasing world-wide population and growing 
electricity demand, the development of new sustainable energy technologies is 
of primary importance in the effort to reduce emissions of carbon dioxide and 
other greenhouse gases. In addition, rapid increases in the price of oil, coupled 
with worries about the stability and security of the extraction of fossil fuels, 
have led to renewed interest in the development of local energy resources, 
thereby reducing dependence on foreign supplies. 

1 . 1 . 1  R e n e w a b l e  E n e r g y  R e s o u r c e s  

Solar power is a leading contender for the future provision of clean, sustainable 
and indigenous energy, due largely to the fact that more solar energy falls on 
the Earth’s deserts in 6 hours than the entire population of the planet 
consumes in a year [53]. Harnessing only a fraction of this available energy 
would allow the whole world to meet its electricity demand from a clean and 
sustainable source. 

Over the last decades, two dominant solar power technologies have emerged 
on the international market: solar photovoltaics and solar thermal power. Solar 
photovoltaic systems convert the Sun’s energy directly into electricity, whereas 
solar thermal power plants use this energy to create a high-temperature heat 
source, which can then be used to drive conventional power plant equipment.  

The European Union’s Strategic Energy Technology plan [25] contains 
ambitious targets for the deployment of solar power technology, with a goal of 
12% of electricity generated by solar photovoltaics and 3% from solar thermal 
power by 2020, with provisions for the additional import of solar-generated 
electricity from North Africa. The International Energy Agency’s roadmaps 
predict an annual world-wide output from solar thermal power plants of 
between 1000 and 1500 TWhe by 2030 [37], with solar photovoltaics 
contributing another 500 to 1000 TWhe [38]; together this corresponds to 
around 10% of the global electricity supply. 

The new generation of thin-film photovoltaic panels are currently the solar 
power technology that provides the lowest cost of electricity [41]. However, 
due to the effects of rapidly changing weather conditions and the lack of a 
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large-scale, low-cost technique for electricity storage, their output is both 
uncontrollable and highly variable. On the other hand, the more expensive solar 
thermal power plants can take advantage of the thermal conversion step to 
integrate hybridisation and thermal energy storage, and thereby supply reliable 
and controllable power on demand to consumers. By decoupling the electrical 
output from the instantaneous solar input, solar thermal power plants can 
continue to generate electricity during times when the Sun is not shining, such 
as during inclement weather, or at night. Capable of being deployed on a utility-
sized multi-megawatt scale, they can benefit from economy of scale effects, 
which are expected to lead to significant cost reductions through mass 
production in the coming years. 

The growing penetration of variable (i.e. non-controllable) renewable energy 
sources such as solar photovoltaics and wind into the production mix (currently 
13% in Sweden, 18% in Spain and up to 27% in Denmark) is resulting in an 
increased challenge to maintain the stability of the electricity grid. Rapid 
transients in power output due to changes in meteorological conditions will 
need to be compensated for by other, dispatchable, power technologies. The 
requirement for reserve power generation capacity may place limits on the 
amount of variable renewables that can be integrated into existing electricity 
grids.  

As the share of variable renewable energies in the electricity mix rises, the 
dispatchability of solar thermal power plants provides them with a distinctive 
market niche. Almost uniquely amongst renewable energy technologies, they 
are able to provide a controllable source of power, which will allow them to 
play an increasingly valuable role in balancing the fluctuating output of other 
renewable technologies [40]. The International Energy Agency predicts that, 
while the future installed capacity of solar photovoltaics will be greater than 
that of solar thermal power plants, it will be the solar thermal power plants that 
supply a greater fraction of actual energy, due to a combination of their 
dispatchability and higher capacity factors. 

In coming years, the solar thermal power industry will need to focus on 
exploiting the unique opportunities offered by the combination of hybridisation 
and thermal energy storage. As costs fall and the penetration of renewable 
energies grows, the dispatchability offered by solar thermal power plants will 
make them ideally suited to forming the cornerstone of a future energy grid 
based on renewable energy sources.  

1 . 1 . 2  C h a l l e n g e s  f o r  S o l a r  T h e r m a l  P o w e r  

The relatively high cost of solar thermal power plants remains a key barrier to 
greater deployment. The high cost of solar thermal power compared to other 
renewable technologies can be at least partially explained by a lack of 
innovation, and a failure to exploit the most promising market niches. 
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Over 90% of the currently installed solar thermal power plant capacity is still 
based on parabolic trough technology [20], initially developed over 20 years ago 
during the late 1980s. These power plants employ Rankine cycle power blocks 
with low-temperature steam-turbines. Despite several decades of research and 
development, the cost of electricity from these power plants remains high, 
typically in the region of 210 USD/MWhe [39]. With electricity costs from the 
competing nuclear and fossil-fuel alternatives between 50 and 100 USD/MWhe, 
this makes investments in solar power highly dependent on subsidies [39].  

A number of different approaches can be taken to reduce the cost of electricity 
from solar thermal power plants: 

• A first focus can be placed on reducing the cost of the power plant 
components. Fortunately, a large number of solar components are still in 
the early stages of their learning curve and costs are dropping rapidly. This 
is especially true of the solar field components, which currently represent 
up to 50% of the total power plant cost. 

• A second focus can be placed on optimising existing designs, reducing 
parasitic electricity consumption as well as improving the operational 
strategy, all of which serve to increase the annual electrical output of the 
power plant. 

• A final focus can be placed on new power plant concepts. This can 
involve moving to more efficient thermodynamic cycles (generally 
requiring higher temperatures), new receiver designs and improved 
collector field layouts. This can lead to significant reductions in the cost of 
electricity, as long as the increase in power output compensates for any 
increase in the investment cost. 

Recent developments in solar tower power plants have begun to address these 
issues. Increases in cycle efficiency and more effective operation strategies have 
led to some reductions in production costs but, in truth, a step change in 
technology is needed to boost productivity and drive down electricity costs. 

The use of Rankine steam-cycles in contemporary solar thermal power plants 
also makes them highly dependent on water resources. Given that many of the 
most promising locations for solar power are located in arid or desert locations, 
reducing water consumption is a key issue for future power plants [104]. Steam-
cycle based solar thermal systems require water for a wide variety of uses, 
which places a limit on the number sites found suitable for deployment. 

A typical breakdown of water consumption in steam-cycle based solar thermal 
power plants is shown in Table 1.1, along with the values for parabolic dish 
systems, which employ water-free Stirling engine technology [72]. Water 
consumption in steam-cycle solar thermal power plants includes: 
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• Condenser cooling, with especially large volumes for evaporative or once-
through cooling. 

• Make-up for water lost from the cycle during steam drum blowdown. 

• Collector field mirror washing to ensure high reflectivity and thus maintain 
a high efficiency of the solar field. 

Power Plant Type 
Condenser 
[ltr/MWhe] 

Make-Up
Water 

[ltr/MWhe]

Mirror 
Washing 

[ltr/MWhe] Wet Dry 

Parabolic Trough 3000 0 40 125 

Solar Tower 2800 0 35 150 

Linear Fresnel 3600 0 50 200 

Parabolic Dish - - - 100 

Table 1.1: Water consumption in solar thermal power plants [104], [106] 

Reduced water consumption can be achieved through the use of dry-cooling 
systems [18], which almost completely eliminate water usage for condenser 
cooling, although at the cost of a penalty to the efficiency of the power plant. 
Switching to an inherently water-free power conversion technology would 
allow water consumption to be reduced without overly penalising power plant 
operation, as demonstrated by the very low water consumption of the parabolic 
dish systems using Stirling engines. 

1 . 1 . 3  S o l a r  G a s - T u r b i n e  T e c h n o l o g y  

The use of gas-turbines instead of steam-turbines in solar thermal power plants 
offers a way to address all these issues: increasing efficiency, reducing water 
consumption and maximising the flexibility and dispatchability of the power 
plant through hybridisation. 

The development of pressurised air receivers for solar tower systems [6] allows 
the integration of solar heat at high temperatures directly into the gas-turbine 
circuit, potentially increasing the conversion efficiency of the solar energy. Gas-
turbines in combined-cycle configuration are currently the technology that 
offers the highest conversion efficiency for a thermal power generation system 
[51], which should allow the cost of electricity from solar gas-turbine systems to 
be lower than that of other solar power concepts. 

Gas-turbines are also a largely water free technology. There is no condenser 
cooling, or make-up water for the cycle, only compressor and mirror washing 
remain, the water consumption of which is an order of magnitude lower [73]. 
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In combined-cycle configuration, the higher energy delivery temperature allows 
the use of dry-cooling technology for the bottoming-cycle with only a minor 
efficiency penalty [67]. By reducing water conflicts, new, high-insolation, 
regions are opened up for solar thermal power plant deployment, leading to 
increased capacity. Greater deployment of solar thermal power plants will allow 
the technology to ride out the learning curve and reduce the associated costs. 

The integration of solar heat directly into the compressed air circuit of the gas-
turbine also simplifies hybridisation. Solar preheating of the compressor air 
allows fuel consumption to be dramatically reduced. At the same time, fuel flow 
in the combustion chamber can be controlled extremely rapidly [96], allowing 
the combustor to compensate for rapid variations in the solar heat input and 
thus maintain stable operation of the gas-turbine. 

Hybrid operation is an attractive feature of solar gas-turbine technology, 
facilitating control and ensuring the availability of the power plant to meet 
demand whenever it occurs. The increased dispatchability of the hybrid power 
plant also presents the advantage of eliminating the need for the allocation of 
additional spinning reserve that accompanies the connection of conventional, 
non-dispatchable, renewable energy resources to the grid [110]. 

1 . 2  O b j e c t i v e s  
Despite these promising attributes, no utility-scale solar gas-turbine power 
plants have yet been constructed. A number of smaller-scale prototypes (up to 
250 kWe [24]) have been successfully demonstrated, proving the concept 
behind hybrid solar gas-turbines to be sound. However, a number of 
technological uncertainties remain, which increases the perceived risk. This fact, 
coupled with the significantly greater capital expenditure required to build 
larger utility-scale plants, has thus-far dissuaded potential investors. Another 
issue with the construction of the first generation of commercial solar gas-
turbine power plants is the lack of an established, standardised, power plant 
configuration. 

All these factors present power plant designers with a large number of 
decisions, including choosing the type of power cycle, the degree of solarisation 
and whether or not to integrate thermal energy storage. Each plant design 
needs to be assessed in terms of its technical, economic and environmental 
performance, to allow decision makers to select the correct compromise to 
reflect society’s needs. 

The central objective of this thesis is therefore to evaluate and compare a wide 
spectrum of hybrid solar gas-turbine power plant configurations. To assist with 
decision making, a detailed thermoeconomic study of different hybrid solar gas-
turbine power plants has been performed and optimal configurations can then 
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be identified, based on the desired degree of solar integration into the power 
plant, as well as on the target market. 

1 . 3  M e t h o d o l o g y  
The analysis performed in this work passed through three key stages: 
development of a simulation tool, analysis of simple-cycle hybrid solar gas-
turbine power plants, and then analysis of more advanced power plant designs. 

1 . 3 . 1  T h e r m o e c o n o m i c  S i m u l a t i o n  T o o l  

The first phase of the work performed in this thesis consisted of the 
development of a flexible thermoeconomic analysis and optimisation tool, 
named DYESOPT (for DYnamic Energy Systems OPTimiser), which was used 
for the evaluation of the different hybrid solar power plant configurations 
under study.  

DYESOPT was designed as an integrated tool, capable of performing power 
plant design, performance evaluation and equipment costing. Based on the 
performance data obtained, a series of thermoeconomic indicators can then be 
calculated. The DYESOPT tool also integrates a multi-objective population-
based evolutionary algorithm, allowing Pareto-optimal power plant 
configurations to be identified and trade-off studies to be performed, based on 
the performance indicators calculated by the thermoeconomic models.  

1 . 3 . 2  S i m p l e - C y c l e  H y b r i d  S o l a r  G a s - T u r b i n e s  

The first hybrid solar gas-turbine power plant layout to be analysed was the 
basic simple-cycle configuration. The DYESOPT tool was initially used to 
analyse retrofitting of two existing industrial gas-turbines and its multi-objective 
optimisation functionality was harnessed to examine the trade-offs between 
reducing carbon dioxide emissions and keeping electricity costs low.  

Having examined the performance of existing machines in hybrid solar 
configuration, DYESOPT was then used to design optimised gas-turbines for 
hybrid solar gas-turbine power plants. In this way, trends could be identified for 
the development of a new generation of gas-turbine engines, in the case where 
a dedicated market for hybrid solar power plants emerges. 

1 . 3 . 3  I m p r o v e d  P o w e r  P l a n t  D e s i g n s  

Energy and exergy analyses of the optimised simple-cycle hybrid solar gas-
turbines were then performed, to identify the key sources of inefficiency in the 
power conversion process and thus allow proposals for improved power plant 
designs to be made. 
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Two key areas for improvement were identified, and the simple-cycle hybrid 
solar gas-turbine power plant was modified to integrate these improvements. 
DYESOPT was again used to quantify the performance of these changes.  

In a first step, each modification was applied individually to existing industrial 
gas-turbines, to confirm that the desired improvement is achieved. In a second 
step, both modifications were combined in a single power plant and the 
DYESOPT tool was used to design a completely new set of gas-turbines, 
optimised for application in these future power plants. Finally, these new 
optimal gas-turbine designs were compared with the optimised simple-cycle 
designs, in order to identify common design trends. 

1 . 4  S o l a r  P o w e r  i n  S w e d e n  
At first glance, solar thermal power may not seem of great interest to Sweden, 
which receives only weak solar irradiation with few sunny days in winter when 
power is needed most. However, seen from the wider perspective of a 
sustainable energy system, with input from many different energy sources (such 
as hydro, wind and biomass) across Europe, North Africa and parts of the 
Middle East, solar thermal power forms a key part of the solution to future 
energy shortages and the problem of rising carbon dioxide emissions. 

Sweden is today increasingly integrated into the European electricity grid and 
major Swedish providers are growing on the continental energy market. 
Swedish companies are actively involved in the supply of components for solar 
power systems and, as such, Sweden’s interest in solar power is due not only to 
its wider environmental credentials but also its direct economic importance to 
the country.  

Swedish industry is heavily involved in the production of steam-turbines for 
solar thermal power plants (through Siemens Industrial Turbomachinery), PV 
modules (through Artic Solar, Solibro and many others) as well as auxiliary 
components such as power electronics (through ABB). These components 
form the core of contemporary solar power plants and Swedish companies 
have managed to establish a strategic advantage in these areas. There is thus 
good reason for Swedish energy institutions, authorities, industry and 
universities to actively take part in research and development to further 
strengthen their position in this field. 

1 . 5  T h e s i s  S t r u c t u r e  
This thesis has been divided into a number of chapters, with the main research 
findings being presented in Chapter 7 and Chapter 9. This first chapter began 
with a brief statement of the context of the work as well as the objectives and 
methodology. 
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Chapter 2 presents a number of fundamental notions concerning solar energy 
in general, and solar thermal power plants in particular. An overview of the 
status of conventional solar thermal power technology is given. 

Chapter 3 introduces the concept of the hybrid solar gas-turbine power plant 
and provides a detailed description of these novel systems. The state of the art 
of hybrid gas-turbine technology is presented, along with an overview of high-
temperature solar receiver designs for gas-turbine power plants. 

Chapter 4 introduces the notion of thermoeconomic analysis and the 
importance of multi-objective design. The key thermoeconomic performance 
indicators are defined and an overview is given of the simulation tools used in 
this thesis. 

Chapter 5 and Chapter 6 present the thermoeconomic model of the simple-
cycle hybrid solar gas-turbine power plant; this includes both steady-state and 
transient performance models, as well as economic models for cost calculation. 

Chapter 7 presents the results of the thermoeconomic analysis of the simple-
cycle hybrid solar gas-turbine power plants; both retrofitted machines and new 
optimised gas-turbines are considered. The thermodynamic, economic and 
environmental performance of the different power plants is analysed. 

Chapter 8 examines the limitations of the simple-cycle layout, and proposes two 
improvements on this basic configuration. New thermodynamic and economic 
models for these improved layouts are presented. 

Chapter 9 presents the results of the thermoeconomic analysis of the improved 
hybrid solar gas-turbine power plant layouts; again, both retrofitted machines 
and new optimised gas-turbines are considered. The thermodynamic, economic 
and environmental performance of the different power plants is analysed. 

Finally, Chapter 10 concludes the work of this thesis and sets the stage for 
future studies. 
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2  Solar Thermal Power 

In this chapter the basic theory of solar power is presented, with specific focus placed on 
solar thermal power. An overview of contemporary solar thermal power technology is 
given and the advantages and drawbacks of existing systems are highlighted. 

2 . 1  T h e  S o l a r  E n e r g y  R e s o u r c e  
Ultimately, there are only three natural renewable energy sources on Earth: 
thermal radiation from the Sun, gravitational potential caused by orbital motion 
and geothermal energy from radioactive decay deep within the Earth, with solar 
radiation being the dominant source [101]. These sources represent a 
continuous energy flow, which exists irrespective of there being a device to 
capture this power. 

The total solar flux arriving at the limits of the Earth’s atmosphere is around 
1.7×1017 W [101], of which approximately 30% is directly reflected back into 
space. The remainder is absorbed by the Earth’s surface or atmosphere where it 
is involved in a number of processes, as shown in Figure 2.1. It is interesting to 
note the strong dominance of solar heat over other forms of solar energy. 

 
Figure 2.1. Distribution of solar energy incident on the Earth [101]. 

When compared to the 1.2×1017 W available from solar radiation, the power 
available from geothermal and gravitational sources is considerably lower, a 
combined total of approximately 3.3×1013 W, some four orders of magnitude 
less than the solar flux. As such, the energy incident from the Sun amounts to 
over 99.99% of all the renewable energy resources available on Earth. 

The continuous solar flux arriving at the Earth’s surface corresponds to an 
average available power of about 15 MW per person at current levels of 
population. Despite the fact that this represents an enormous amount of 
energy, the constantly changing distribution of the solar flux over the surface of 
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the Earth presents a large technical challenge. It is clearly impossible to harness 
all of the incoming solar flux for human needs, but even a minute fraction of 
this total energy would be sufficient. 

2 . 1 . 1  T h e  S u n  a s  a  S o u r c e  o f  E n e r g y  

Our Sun is a typical main-sequence star of spectral class G2V (yellow dwarf), 
which has the internal structure shown in Figure 2.2. The solar radiation 
arriving at the Earth from the Sun is the result of thermonuclear fusion 
reactions within the Sun’s core. The total thermal power released by fusion 
amounts to 3.9×1026 W (or 390 million billion GW); the temperatures in this 
region are of the order of 107 K [22]. The temperature falls steadily towards the 
Sun’s surface, due to radiative and then convective heat transfer, as well as 
absorption in the outer layers. At its surface, known as the photosphere, the 
Sun has reached relatively modest temperatures in the region of 6000 K. 

 
Figure 2.2. Internal structure and temperature of the Sun. 

Image Source: McGraw-Hill Higher Education, 2008 

The actual surface temperature of the Sun is difficult to determine, as no 
physical ‘surface’ exists, the photosphere is simply the uppermost layer of the 
Sun which is dense enough and hot enough to radiate in the visible spectrum: 
the photosphere is thus source of the majority of the solar irradiation.  

Despite this, two commonly accepted values have emerged for the surface 
temperature of the Sun, the choice depending on the application. A surface 
temperature of 5778 K matches the thermal output of the Sun with the rate of 
energy radiated from a black-body of the same size, and this value is thus often 
used in the calculation of solar thermal systems. On the other hand, a surface 
temperature of 6050 K matches the measured peak wavelength of the Sun’s 
light with the spectral distribution of a black-body emitter, and this value is thus 
often used in the calculation of solar photovoltaic systems. 
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The radiation emitted from the surface of the Sun spreads out as it travels 
through space, and its intensity drops in accordance with the inverse square 
law. From an intensity of 63.3 MW/m2 at the photosphere, the flux has 
dropped to a value of 1367 W/m2 [22] at the Earth’s mean orbital distance. 
This value, obtained by integrating the spectral emissive power across the full 
range of wavelengths, is known as the solar constant. 

This true intensity of the solar irradiation arriving at the limits of the Earth’s 
atmosphere varies throughout the year due to the elliptical nature of the Earth’s 
orbit [22] and also as a result of Sun-spot activity. The distance between the 
Earth and the Sun varies by about 1.7% through the year, leading to a variation 
of about ±3.3% in the intensity of the exoatmospheric solar irradiation. The 
intensity is maximal at perihelion (closest approach of the Earth to the Sun), 
which occurs around the 2nd of January each year. Conversely, the intensity is 
minimal at aphelion (furthest separation of the Earth and the Sun) which 
occurs around the 3rd of July. Duffie and Beckmann [22] give the 
approximation shown in Equation (2.1) for the exoatmospheric irradiation Io as 
a function of the solar constant Isc and the Gregorian calendar day n. 
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2 . 1 . 2  A t m o s p h e r i c  E f f e c t s  

The radiation intercepted at the outer limits of the Earth’s atmosphere shows a 
strong resemblance to the theoretical black body radiation spectrum, as shown 
in Figure 2.3. As it passes through the atmosphere, a certain amount of this 
available flux is absorbed or reflected, leading to a reduction in flux density. 
Incident radiation is reflected by clouds, as well as being absorbed and re-
emitted by gases within the atmosphere itself. At ground level, radiation is 
reflected by the Earth’s surface, forming the albedo.  

 

Figure 2.3: Exoatmospheric solar radiation spectral distribution. 
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The spectrum of the incoming solar radiation can be divided into three main 
regions, namely the ultraviolet, visible and infrared regions. Each region 
interacts differently with the molecules that constitute the atmosphere [101]. 
About 6% of the energy of the incident flux is in the ultraviolet spectrum, 48% 
in the visible in the visible spectrum and 46% in the infrared spectrum. The 
absorption of radiation by the atmosphere is not homogeneous across the 
spectrum, due to the presence in the atmosphere of certain chemical 
compounds, such as water, ozone and carbon dioxide, which absorb more 
strongly for certain wavelengths. The spectral composition of the solar beam 
after passage through the atmosphere is shown in Figure 2.4. 

 
Figure 2.4: Ground level solar radiation spectral distribution. 

Data Source: University of Oregon, Solar Radiation Monitoring 

Ultraviolet radiation at wavelengths below 290 nm is almost completely 
absorbed by ozone in the upper atmosphere. Ozone absorption decreases in 
efficiency above 290 nm, letting pass almost the entire visible spectrum. 
Radiation in the visible spectrum is reduced in intensity due to Rayleigh 
scattering by air molecules [101]. Water and carbon dioxide absorb strongly in 
the infrared spectrum, with clear absorption bands centred at the 900, 1200, 
1400 and 1800 nm wavelengths; above 2500 nm the atmospheric absorption is 
almost total. 

Both absorption and scattering result from interactions between the incoming 
radiation and gas molecules and, as such, the intensity of both phenomena 
depends upon the optical path length travelled by the radiation through the air. 
The total energy contained in the solar flux is reduced by about 30% [22] when 
passing directly through the atmosphere (i.e. when the Sun is at the zenith 
directly overhead), giving a peak flux at ground level of around 1000 W/m2. 
When the Sun is lower in the sky, the incoming radiation must pass through a 
greater distance before arriving at the surface, resulting in a greater amount of 
absorption and scattering, and thus a lower flux intensity. 
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The path length through the atmosphere can be measured in terms of the air 
mass, defined as the ratio between the actual optical path length and the direct 
path length between the limit of the atmosphere and sea level when the Sun is 
directly overhead [22]. For an observer located at sea-level, the air mass is equal 
to 1 when the Sun is directly overhead; higher values are obtained when the 
Sun is lower in the sky. When the Sun is on the horizon, the air mass is typically 
between 36 and 40. Air mass values less than 1 can occur at high altitudes 
where the Sun’s rays have travelled a shorter distance. At the upper limit of the 
atmosphere, the exoatmospheric radiation has an air mass value of 0. 

 
Figure 2.5: Air mass ratio at different solar zenith angles. 

A sufficiently accurate estimation of the air mass (AM) ratio can be obtained 
using Equation (2.2) [95] which considers the Earth to be a sphere with a radius 
rE of 6371 km and the atmosphere to be a spherical shell around the Earth with 
an effective thickness ta at mean sea level. For the purposes of Equation (2.2), 
the thickness of the atmosphere can be assumed to be approximately 9 km. The 
air mass is calculated as a function of the solar zenith angle θz, defined as the 
angle between the rays arriving from the centre of the Sun and the vector 
normal to the surface of the Earth at the position of the observer. A more 
detailed description of solar position angles is given in §5.4.1. 
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Solar power systems (particularly PV devices) often use a standard terrestrial 
spectral irradiance distribution for design, testing and certification. This 
standard distribution is based on an air mass value of 1.5 which corresponds to 
a zenith angle of 48.2° and represents the typical yearly average for the mid-
latitudes where many of the world’s major population centres, and hence solar 
installations and industries, are located. 
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2 . 1 . 3  D i r e c t  N o r m a l  I r r a d i a t i o n  

Beneath the atmosphere the solar radiation is split into two components [22] as 
shown in Figure 2.6. These two components are the beam radiation Ib, which is 
incident from the direction of the centre of the Sun’s disk, and diffuse radiation 
Id, which arrives from other directions as a result of atmospheric scattering. 
Beam radiation is also referred to as the direct normal irradiation. Even on an 
apparently clear day at least 10% of the incoming radiation is scattered [101], 
increasing to 100% for an overcast day when the Sun is obscured. 

 
Figure 2.6: Components of the solar irradiation. 

As will be seen in §2.2.1, only the direct beam radiation can be concentrated, as 
a clearly defined direction of incidence is necessary for the operation of optical 
focusing devices. The operation of concentrating solar power plants is thus 
limited to regions with appropriate metrological and atmospheric conditions, 
specifically clear skies, which give high values of the direct normal irradiation. 
On the other hand, low-temperature, non-concentrating solar collectors and 
solar photovoltaic panels can collect both beam and diffuse solar irradiance, 
allowing them to be installed in regions with less favourable meteorological 
conditions. 

The directional nature of the direct beam radiation means that the perceived 
intensity of the irradiation on a given surface depends on its orientation. When 
the incident flux is not perfectly perpendicular to the intercepting surface, the 
intensity of the irradiation is reduced due to the increased area over which the 
flux is distributed, as shown in Figure 2.7. This phenomenon, known as the 
cosine effect, reduces the irradiation by the cosine of the angle θ between the 
direction of the incident flux and the normal to the intercepting surface. For 
horizontal surfaces, this incidence angle is equal to the solar zenith angle θz. 

 
Figure 2.7: Reduction in intensity due to the cosine effect. 
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The total irradiation It on a given surface is the sum of the beam radiation and 
the diffuse radiation. For a horizontal surface, this is known as the total 
horizontal irradiance It,h and can be calculated using Equation (2.3). Unlike the 
beam radiation, the diffuse radiation can usually be assumed to be isotropic, 
and thus does not depend on the orientation of the surface [22]. 

dzbht III  cos,  (2.3) 

With flat-plate (non-concentrating) collectors, the Sun can be assumed to be a 
point source when determining the direction of the beam irradiation. In reality, 
however, the Sun is a physical object with a certain size, and the solar flux thus 
arrives with a certain angular spread; this must be taken into account when 
designing the high-precision optics needed for high-temperature solar 
concentration devices. If the photosphere of the Sun is assumed to be its outer 
surface, the theoretical value of the solar disc half-angle δS is given by Equation 
(2.4), where rS is the radius of the photosphere (commonly given as 
6.96×108 m) and lE is the mean orbital distance of the Earth around the Sun 
(which is defined as 1 astronomical unit and has a value of 1.496×1011 m).  
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When designing concentrating optics, the full solar disc angle εS is often used 
instead of δS; both these angles are shown schematically in Figure 2.8. 

 
Figure 2.8: Solar disc angles for a terrestrial observer. 

In reality, there is a continuous variation in flux intensity across the surface of 
the solar disc due to its spherical nature and variations in solar activity. This 
effect can be described in terms of the radiance distribution, defined as the flux 
incident from a given region of the Sun’s disk, measured by the solid angle to 
which it subtends for a terrestrial observer [95]. Additionally, below the 
atmosphere, the effects of scattering mean that the apparent flux arriving from 
angles close to the Sun’s disc (known as the circumsolar radiation) may contain 
a significant amount of energy; the radiance distribution therefore depends on 
the condition of the atmosphere. A standard radiance distribution has been 
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defined by Bendt and Rabl [7] and is shown in Figure 2.9. A sharp decrease in 
intensity can be seen above a half-angle of 4.8 mrad, and this value is widely 
accepted as representing the nominal edge of the solar disc. 

 
Figure 2.9: Standard radiance distribution of the solar disc. 

2 . 1 . 4  A v a i l a b l e  S o l a r  E n e r g y  

On a minute-by-minute basis, the fraction of the radiant flux that reaches a 
specific location on the Earth’s surface is highly variable, depending upon local 
atmospheric conditions and cloud cover. Meteorological science has not yet 
advanced to the point at which it is possible to obtain detailed forecasts of 
weather conditions more than a few days into the future. As such it is 
impossible to predict the available solar radiation on a daily basis.  

The design of solar power systems must therefore rely on long-term statistical 
averages, which permit evaluation of the suitability of a site for the production 
of solar energy. The variable nature of the solar resource means that at least 10 
years of meteorological data should be used when evaluating a potential site, in 
order to remove statistical anomalies. A preferable option is to use data for a 
typical meteorological year [22], which is an aggregation of carefully selected 
weather data for a specific location, generated from a data set that is much 
longer in duration than a single year. The data is specially selected in order to 
present the range of weather phenomena for the location in question, whilst 
still giving annual averages that are consistent with long-term averages. 

The key criterion for the selection of a site for a solar power system is the 
available annual insolation, defined as the integration over the year of the 
ground-level solar irradiation at the chosen location. Insolation is usually 
measured in kWh per square metre per year. A global map giving annual values 
for total horizontal insolation is shown in Figure 2.10. A general trend of 
decreasing insolation with increasing latitude can be established, but the actual 
insolation will depend greatly on the specific location. The Earth’s deserts can 
be clearly identified in Figure 2.10 as locations of high solar potential. 
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Figure 2.10: World map of annual total horizontal insolation. 

Darker areas indicate higher values of total insolation. 

As mentioned in §2.1.3, concentrating solar power plants can only harness the 
beam component of the solar irradiation. The selection of sites for these 
systems must therefore be based on the magnitude of the direct normal 
insolation (DNI), calculated using Equation (2.5). Generally, it can be stated 
that the greater the insolation available at a site, the better the performance of 
the solar power system, as the same area of solar collector will harness a greater 
amount of energy over the year, at no additional cost. 

 
year

b dttIDNI  (2.5) 

It is commonly accepted that the minimum direct normal insolation at which it 
becomes economically viable to build a concentrating solar power plant is 
around 2000 kWh/m2yr. Higher insolation values give better performance; the 
best sites in the Sahara and Mojave deserts have values above 2500 kWh/m2yr. 
A plant located in a high-insolation location will therefore produce around 25% 
greater output for the same investment in power plant equipment, greatly 
reducing the cost of the electricity produced. 

A global map of suitable sites for concentrating solar power plants has been 
produced by the German Aerospace Center [98] and is shown in Figure 2.11. 
This map highlights areas with sufficient direct normal insolation (locations 
with DNI > 2000 kWh/m2yr) but also takes into account land-use, with 
unsuitable areas excluded from the map. Exclusion criteria included: slope, land 
cover (water, forests, swamps, agricultural areas and shifting sands, including a 
security margin of 10 km), settlements, airports, oil or gas fields, mines, 
protected areas, restricted areas, and several others. 
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Figure 2.11: World map of suitable sites for concentrating solar power plants. 

Image Source: German Aerospace Center (DLR) 

It can be seen in Figure 2.11 that most regions of the world have large areas 
with an annual direct normal insolation higher than 2000 kWh/m²yr and land 
types suitable for the construction of solar thermal power plants. The largest 
high-potential areas are found in Africa, Australia and the Middle East, 
followed by North American and China. While several of the world’s major 
economies, such as Europe, Canada, Japan and Russia have little-to-no 
potential for the deployment of concentrating solar power, advances in the field 
of high-voltage direct-current electricity transmission have opened up the 
possibility to export solar power from regions with strong resources to regions 
of high electricity demand. The world-wide technical potential of concentrating 
solar power amounts to almost 3,000,000 TWh/yr, which is significantly higher 
than the present world electricity consumption of 18,000 TWh/yr. 

2 . 2  H a r n e s s i n g  S o l a r  T h e r m a l  P o w e r  
A solar power system is any device that converts the radiant energy of the Sun 
into a useful energy product. The specific branch of solar power systems 
considered in this thesis, namely solar thermal power, is only one branch 
amongst a number of different solar technologies. Solar thermal power can be 
distinguished from photosynthetic and photovoltaic processes by the fact that 
the incident solar flux is converted first into heat, before any further 
transformations occur to obtain the desired final product. 

Solar thermal energy can be harnessed directly, to supply heat for domestic or 
industrial applications, or converted to electricity using a heat engine. If 
electricity is the desired product, then the Sun’s heat must be harnessed at high 
temperatures in order to ensure a high conversion efficiency of the heat engine. 
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2 . 2 . 1  C o n c e n t r a t i n g  t h e  S u n ’ s  E n e r g y  

Delivering solar heat at high temperatures requires concentration of the solar 
flux, increasing its intensity and allowing more energy to be absorbed per unit 
area. Concentration of solar energy involves the placement of an optical device 
(such as a lens or mirror) between the incident radiation and the receiver which 
absorbs the solar flux. The optical collector device intercepts solar radiation 
from a wide area and redirects this radiation to the receiver, the surface area of 
which is significantly smaller, as shown in Figure 2.12. With the same amount 
of energy incident on a smaller area, the intensity of the flux is increased.  

As the incident radiation needs to be accurately redirected towards the receiver, 
its direction must be clearly defined. For this reason, solar concentration 
systems can only harness the direct beam radiation, as diffuse radiation is 
incident from all parts of the sky simultaneously. Additionally, the 
concentration system must constantly track the Sun to maintain a correct 
alignment between the collector and the Sun. The exact tracking motion to be 
performed will depend upon the nature of the collector, but a high degree of 
precision is required to ensure effective concentration. 

 
Figure 2.12: Schematic diagram of a typical concentration system. 

The degree of concentration can be measured in terms of the concentration 
ratio, the simplest definition of which is the geometric concentration ratio CRg, 
given in Equation (2.6) as the ratio of the collector aperture area Aa to the 
receiver surface area Ar. 
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However, not all the flux intercepted by the collector is successfully redirected 
to the receiver. This can be due to internal losses during reflection and 
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transmission of the radiation, as well as the fact that the image formed by the 
collector is larger than the surface of the receiver. As such, a more 
representative evaluation of the degree of concentration is obtained by using 
the optical concentration ratio CRo, defined using Equation (2.7) as the ratio of 
the mean flux intensities Ia and Ir at the collector aperture and the receiver.  
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The mean flux at the collector can be considered equal to the local beam 
irradiation, whereas the mean flux at the receiver is calculated by integrating the 
true flux profile at the plane of the receiver Ir(x) across the surface. Radiation 
falling outside the boundaries of the receiver is therefore not taken into 
account, and is effectively spilled from the system. The optical and geometric 
concentration ratios are linked by the optical efficiency ηopt of the concentrator 
system. 

There exists an upper limit to the degree of concentration that can be achieved, 
imposed by the conservation of etendue within the concentrator system. The 
geometric etendue of the solar radiation measures its spread in both area and 
angle. Etendue can only ever increase within an optical system; for a perfect 
optical device, the etendue of the radiation entering the system is equal to that 
of the radiation leaving the system. 

An idealised optical concentrator system is shown in Figure 2.13. Radiation of 
uniform intensity Ia enters the aperture of the concentrator with a certain 
angular spread θa; after concentration the intensity of the radiation has been 
increased to Ir and, at the same time, its angular spread has been increased to θr. 

 
Figure 2.13: Etendue conservation in an optical concentrator system. 

The law of etendue conservation can be expressed using Equation (2.8), which 
states that the area through which the radiation passes, multiplied by the sinus 
squared of the solid angle to which the radiation subtends, is constant 
throughout the system.  
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rraa AA  22 sinsin   (2.8) 

Two factors place a limit on the ratio between the areas Aa of the aperture and 
Ar of the receiver. The first is that the Sun is not a true point source; as was 
seen in §2.1.3 the Sun’s disk can be considered to subtend to an equivalent half-
angle δs of 4.8 mrad, placing a minimum on the value of θa. At the same time, 
the angular spread of the radiation leaving the concentrator cannot exceed 90°, 
as otherwise a certain fraction of the flux would re-enter the concentrator; this 
places a maximum on the value of θr. 

Based on Equation (2.8), these limits imply that the maximum achievable 
concentration ratio is approximately 43400, as shown in Equation (2.9). 
Additionally, hidden behind this geometric constraint lies a thermodynamic 
limit, namely that it is impossible to produce temperatures higher than those of 
the surface of the Sun by concentration of solar radiation. 
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A further limit is imposed on the achievable concentration ratio if two-
dimensional (linear) concentration is used instead of full three-dimensional 
concentration. In two dimensions, the law of etendue conservation can be 
expressed using Equation (2.10), where the areas of the aperture and receiver 
are replaced by the widths wa and wr respectively. 

rraa ww  sinsin   (2.10) 

With the same limitations as above, the maximum two dimensional 
concentration ratio is approximately 208, as shown in Equation (2.11). 

208
sin

12D
max, 

s
gCR


 (2.11) 

2 . 2 . 2  A c h i e v i n g  H i g h  T e m p e r a t u r e s  

The temperature at which solar energy can be harnessed in the system depends 
upon the balance between the solar heat input to the receiver Qsol, the useful 
thermal power extracted Quse and the rate of heat loss Qloss, which can be 
expressed using Equation (2.12). The total useful heat output is thus the 
difference between the solar heat input and the thermal losses. 

  lossusesol QQQ   (2.12) 
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The expressions of the different thermal powers will depend greatly on the 
actual physical design of the receiver, but a number of interesting conclusions 
can be drawn by considering the simple receiver model shown in Figure 2.14. 
In this model the receiver is treated as a grey body and heat losses result from a 
combination of radiation and convection from the front surface of the receiver. 

 
Figure 2.14: Simple heat-balance model for a solar receiver. 

The solar input to the receiver is given by Equation (2.13) as the product of the 
receiver area, its absorptivity αr and the average flux over the receiver. The 
average flux at the receiver is linked to the local beam irradiation through the 
optical efficiency and geometric concentration ratio. 

bgoptrrrrrsol IAIAQ CR   (2.13) 

The heat losses can be grouped into two terms, as shown in Equation (2.14). 
Radiation losses are governed by the receiver temperature Tr and the emissivity 
εr of the receiver surface, while an overall convection coefficient Ul is used to 
account for the convection losses. 

    arlossarrrloss TTUTTAQ  44  (2.14) 

Combining Equations (2.12) (2.13) and (2.14), the thermal efficiency ηr of the 
receiver and collector can be calculated using Equation (2.15) as the ratio of the 
useful heat output to the total solar flux entering the aperture of the collector. 

   
bg

arlossarr
opt

aa

use
r I

TTUTT

IA

Q







CR

44



 (2.15) 

As the operating temperature of the receiver increases, its efficiency drops, due 
to the increased rate of heat loss from the system. At low temperatures, 
convection losses govern the heat losses, whereas at high temperatures it is 
radiation that is dominant. An upper limit is placed on the thermal efficiency by 
the optical properties of the concentrator and receiver, specifically by the 
optical efficiency of the concentrator and the absorptivity of the receiver. 
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The drop in receiver efficiency at higher temperatures can be counteracted by 
increasing the concentration ratio of the optical system; for a given receiver 
temperature, increasing the concentration ratio increases the efficiency. Higher 
concentration ratios result in higher flux densities and thus the same thermal 
power can be absorbed in a smaller area, reducing the relative rate of heat loss 
and allowing more effective operation at high temperature.  

The effect of increasing the concentration ratio is shown in Figure 2.15, which 
plots receiver efficiency versus temperature for a series of different geometric 
concentration ratios, along with the upper optical limit. 

 
Figure 2.15: Receiver efficiency as a function of its temperature  

for different geometric concentration ratios. 

The curves shown in Figure 2.15 reveal that receiver efficiency is highest at low 
temperatures. However, in the case of solar thermal power plants, which 
convert the thermal energy of the receiver into electricity using a heat engine, 
this results in a contradiction as the efficiency of the heat engine increases at 
higher temperatures. There is thus a trade-off between the efficiency of the 
receiver and that of the power conversion device. 

The efficiency of a heat engine is limited by the Carnot factor Θ, which is a 
function of the temperatures at which heat is supplied to, and rejected from, 
the system. When heat is supplied at higher temperatures, a greater proportion 
of this heat can be transformed into useful work. If the assumption is made 
that the heat is supplied from the receiver at Tr and rejected to the atmosphere 
at Ta, then the system efficiency can be estimated using Equation (2.16). 
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Figure 2.16: System efficiency as a function of the receiver temperature  

for different geometric concentration ratios. 

Using the system efficiency, a clear optimum operating temperature can be 
identified for a given concentration ratio, as shown in Figure 2.16. The 
optimum temperature is given by the balance between increasing the heat 
engine efficiency and increasing the heat losses (and thus reducing the receiver 
efficiency). As the concentration ratio increases the optimum temperature also 
rises, as the higher receiver efficiency justifies operation at higher temperatures. 
Thus, higher concentration ratios allow efficient operation at higher 
temperatures, which in turn allows the overall system efficiency of the solar 
thermal power plant to be increased. 

A number of other techniques can be employed to allow operation at higher 
temperatures and typically involve finding ways to reduce the rate of heat loss 
from the receiver. Correct receiver design can decrease the convection losses; 
however, at high temperatures it is radiation losses that are dominant. To 
reduce the level of re-radiation from the receiver surface, selective materials and 
coatings can be used, which combine high absorptivity with low emissivity. In 
this way, radiative heat losses can be significantly reduced, whilst still allowing 
the receiver to absorb the majority of the incident solar flux. 

While improved receiver designs and the minimisation of heat losses have an 
important part to play in achieving higher temperatures, Figure 2.16 clearly 
demonstrates the key role of concentration when attempting to harness solar 
energy at elevated temperatures. 

2 . 2 . 3  S o l a r  C o n c e n t r a t i o n  D e v i c e s  

At the time of writing, four major concentration systems are established on the 
market, namely parabolic trough, parabolic dish, linear Fresnel and central 
receiver systems. All are based around the use of reflective mirror surfaces, 
which redirect the Sun’s ray to a receiver. The four systems can be separated 
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into two distinct classes of concentration device, depending on whether two- or 
three-dimension concentration is performed. 

The first class of solar concentrators are line-focusing devices. As their name 
suggests, these systems focus the Sun’s energy to a line using two-dimensional 
concentration, and are thus limited to concentration ratios below 208 (see 
§2.2.1). Low concentration ratios mean that these systems are best suited to 
operation at low-to-medium temperatures (between 150°C and 500°C), 
providing heat not only for power production, but also for industrial processes. 

Of the four concentration systems mentioned above, both parabolic trough and 
linear Fresnel systems are line-focusing devices, and are shown schematically in 
Figure 2.17. As the focal area of these systems is a line, the receiver commonly 
consists of an absorber tube, through which a heat transfer fluid circulates. 
Both systems operate using single-axis tracking, to maintain the alignment 
between the Sun, the reflector elements and the absorber tube. 

 
Figure 2.17: Line-focusing solar concentration devices. 

Image Source: Prof. Dr. Volker Quaschning, 2003 

By far the most common and well-established linear concentration device is the 
parabolic trough, which employs a long curved parabolic mirror to produce 
high-quality two-dimensional concentration. When properly designed, the 
optical efficiency of the parabolic mirror is very high, allowing efficient 
concentration. However, the large frontal area of the mirror results in high 
wind loads, requiring a strong support structure to maintain the correct optical 
alignment. Additionally, the complex curved form of the parabolic mirror is 
expensive to produce and requires a meticulous manufacturing process. 

The linear Fresnel concentrator has recently emerged as a promising competitor 
to the parabolic trough. The single curved mirror is replaced by a number of 
smaller, flat mirrors, all of which can be individually rotated around their 
longitudinal axes to recreate the effect of a parabolic concentrator. The optical 
efficiency of such as system is lower than that of a true parabolic mirror, but 
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the simplified geometry of the flat mirrors facilitates manufacturing and allows 
mass-production, significantly reducing cost. Additionally, the smaller size of 
the individual mirrors reduces wind loads, thereby reducing the cost of the 
support structure. For many applications, the reduced cost of linear Fresnel 
units more than compensates for the drop in optical efficiency, making them a 
competitive alternative to parabolic trough systems. 

The second class of solar concentrators are point-focusing devices. These 
systems focus the Sun’s energy to a single focal spot using three-dimensional 
concentration, and can thus theoretically achieve concentration ratios up to the 
limit of 43400 (see §2.2.1). In practice, concentration ratios between 500 and 
2000 are commonly achieved, making these systems well suited to operation at 
medium-to-high temperatures (between 500°C and 1500°C). Higher 
temperatures allow point focus systems to operate power conversion cycles at 
higher efficiencies. 

Of the four concentration systems mentioned above, it is the parabolic dish and 
central receiver systems that are point-focusing devices; these are shown 
schematically in Figure 2.18. The three-dimensional concentration employed in 
point-focus systems requires the use of more-complicated two-axis tracking to 
maintain the correct alignment between the Sun, the reflector elements and the 
receiver. Additionally, as these systems produce high concentration ratios, the 
solar flux intensity at the receiver is very high (up to several MW/m2). High 
flux intensities, coupled with high temperatures and high material stresses mean 
that special care must be taken when designing receivers for point-focusing 
systems. 

 
Figure 2.18: Point-focusing solar concentration devices. 

Image Source: Prof. Dr. Volker Quaschning, 2003 

True point-focusing can be achieved using a parabolic dish system, which 
produces high-quality three-dimensional concentration. However, a high degree 
of precision is needed for both the optical alignment of the mirrors and the 
tracking of dish unit. The design of the support structure for a parabolic dish is 
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thus a critical issue, and contemporary dishes are typically limited to a 
maximum diameter of around 12 meters [62]. As such, the power output from 
a single dish is relatively small, in the region of 10 to 25 kWe; if larger powers 
are required, several separate dish units can be installed together to form a dish 
‘farm’ with the desired output. 

In a central receiver system, the single parabolic mirror of the dish system is 
replaced by a number of separate Sun tracking mirrors (known as heliostats), all 
of which individually reflect the Sun’s rays to a receiver placed atop a central 
tower. The combined output of the heliostat field produces an effect which 
closely resembles true three-dimensional concentration, allowing high 
concentration ratios to be achieved. Although the size of each individual 
heliostat is limited in a similar way to the parabolic dish, the heliostat field can 
contain a very large number of units all delivering power to single receiver. The 
power output of a central receiver system can thus amount to several hundreds 
of megawatts. 

An overview of the characteristics of the four main concentration systems is 
given in Table 2.1. A significant difference in concentration ratio can be seen 
between the line- and point-focusing systems, which makes point-focusing 
systems the preferred option for high-temperature operation. 

Concentrator 
Technology 

Focus Type
Typical 

Concentration
Ratio 

Typical  
Plant Size 

Linear Fresnel Linear 60 10 – 150 MWe 

Parabolic Trough Linear 80 50 – 250 MWe 

Central Receiver Point 1000 20 – 150 MWe 

Parabolic Dish Point 1300 5 – 25 kWe 

Table 2.1: Characteristics of four contemporary solar concentrators [72]. 

Additionally, as mentioned above, there is an important difference in the scale 
achievable by parabolic dish systems compared to the three other alternatives. 
Parabolic trough, linear Fresnel and central receiver systems are all capable of 
being deployed in utility-scale multi-megawatt units. As a result, they can 
benefit from mass production and economy of scale effects, and are currently 
the systems that provide solar power at the lowest cost.  

Parabolic trough systems currently dominate the market, but the higher 
concentration ratios, and thus higher temperatures and system efficiencies, 
offered by central receiver systems are making them an increasingly attractive 
alternative. 
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Despite their smaller size, parabolic dish systems retain an important market 
role for providing small-scale and modular power in rural and off-grid 
locations. Additionally, the high concentration ratios of these devices allow 
them to achieve some of the highest conversion efficiencies for a solar power 
system. 

2 . 2 . 4  P o w e r  C y c l e s  f o r  S o l a r  T h e r m a l  P o w e r  

Having collected the Sun’s energy and concentrated it to form a high-
temperature heat source, this energy must now be converted into the desired 
final product. For electricity production, the solar collector and receiver system 
can be coupled with conventional power generation equipment to create a solar 
thermal power plant. The layout of a generic solar thermal power plant is 
shown schematically in Figure 2.19. 

 
Figure 2.19: Schematic flow diagram of a solar thermal power plant. 

The principal objective of a solar thermal power plant is the generation of 
electricity, and a number of different thermodynamic cycles can be used to 
convert the thermal energy collected by the receiver into electrical power.  

The choice of which power cycle to use in a given solar power plant is based to 
a large degree on the temperature at which the Sun’s energy is harnessed. For 
each power generation cycle a range of temperatures can be identified within 
which the cycle usually operates, due either to the presence of a thermodynamic 
optimum or because material limitations prevent operation at higher 
temperatures. Higher temperature power generation cycles are generally more 
efficient [13], and the use of such cycles can potentially lead to an overall 
reduction in the cost of the electricity produced.  

As mentioned in §2.2.2, the level of temperature achieved in a solar power plant 
is linked to the concentration ratio of the solar collector equipment. For each 
concentration ratio an optimum temperature can be identified at which the 
thermodynamic potential of the system is maximised; higher temperatures can 
be reached at the same concentration ratio, but the efficiency of the system will 
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be less. The evolution of these operating temperatures is shown in Figure 2.20, 
along with the temperature ranges associated with four typical power 
generation cycles for solar thermal power plants. 

 
Figure 2.20: Power cycle selection for different concentration ratios. 

The most widespread power generation cycle in solar thermal power plants is 
the Rankine steam-cycle [72], and to date all utility-scale solar thermal power 
plants have used steam-cycle power generation equipment for electricity 
production. The technology behind steam-cycles is very mature and its use was 
seen as presenting a lower risk when development of the first solar power 
plants began. Steam-cycles in solar thermal power plants typically operate with 
live steam temperatures between 250 and 550°C, with linear Fresnel and 
parabolic trough power plants at the lower end of the temperature range (250 
to 400°C) and central receiver systems providing higher steam temperatures (up 
to around 550°C) [88]. In order to maintain an acceptable efficiency of the 
lower temperature cycles, most existing plants have used reheat Rankine cycles 
to increase the average heat delivery temperature and avoid wetness problems 
in the last stages of the steam-turbines. 

Contemporary steam-turbines are limited to maximum operating temperatures 
of around 600°C by material constraints in the turbine blades [14]. At higher 
temperatures, Stirling engines can be used, often coupled with parabolic dish 
units to provide the required temperatures. The combination of a Stirling 
engine with a parabolic dish results in one of the highest solar-electric 
conversion efficiencies achievable today, with demonstrated efficiencies in the 
range of 30% [72]. However, Stirling engines suffer from relatively high 
maintenance requirements, and the structure and tracking system of the solar 
dish complicate the integration of thermal energy storage devices, negating one 
of the key advantages of solar thermal power plants (see §2.2.5). 

At temperatures above 850°C, it becomes interesting to harness the Sun’s 
energy using Brayton, or gas-turbine, power generation cycles. Higher 
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conversion efficiencies can be achieved using a combination of Brayton and 
Rankine cycles, in combined-cycle configuration [13], which can boost the cycle 
conversion efficiency to above 50%. Contemporary gas-turbines for combined-
cycle applications require temperatures above 1300°C to operate efficiently [14]; 
when the Sun’s energy is available at temperatures lower than this, solar gas-
turbines are often operated in hybrid mode (see §2.2.5). In hybrid mode, a 
separate fuel is used to increase the outlet temperature from the receiver to the 
desired level, and also allows simplified control of the power plant. This type of 
plant, which forms the basis of this thesis work, is presented in more detail in 
Chapter 3. 

At very low temperatures (below 250°C) water-based Rankine cycles do not 
operate efficiently, and it becomes interesting to replace the water with an 
alternative working fluid, usually an organic hydrocarbon. These ‘organic’ 
Rankine cycles can be employed in solar thermal power plants with low 
collector temperatures, converting low-grade heat into useful power. However, 
the conversion efficiency of power plants based on these cycles is very low, 
limited by the low operating temperatures [13]. As a result, larger solar fields are 
required, which usually makes such power plants uncompetitive for utility-scale 
electricity production. 

An overview of the different power generation cycles for solar thermal power 
plants are shown in Table 2.2, along with the relevant temperature ranges and 
cycle efficiencies. 

Power  
Cycle 

Working Fluid
Temperature

Range 
Cycle Conversion 

Efficiency 

Rankine 
Organic Fluid < 250°C 10 – 20 % 

Water / Steam 250 – 600°C 25 – 40 % 

Stirling Helium 600 – 850°C 30 – 40 % 

Brayton Air > 850°C 
30 – 40 % (SC) 

45 – 60 % (CC) 

Table 2.2: Power generation cycles for solar thermal power plants [44]. 

2 . 2 . 5  H y b r i d i s a t i o n  a n d  S t o r a g e  

The fact that the Sun’s energy is converted first to heat before further 
transformation to electricity is one of the key advantages of solar thermal 
power plants. Operation of the power generation cycle is not dependant on one 
specific form of heat input, and the thermal power supplied by the solar 
collector field can therefore be complemented by heat from other sources. The 
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thermal transformation step opens up the possibility of integrating thermal 
energy storage or adding auxiliary heat sources (such as fuel combustion). As 
was shown in Figure 2.19, direct solar heat input to the power generation cycle 
can be supplemented with heat from storage or auxiliary sources in order to 
maintain the desired power output; from the point of view of the power cycle, 
the origin of the supplied heat is irrelevant. 

To date, around 40% of installed solar thermal power plants have incorporated 
some form of thermal energy storage [20]. Unlike electricity, thermal energy can 
be easily stored in large quantities. By integrating energy storage upstream of 
the power generation cycle (i.e. by storing energy as heat input, rather than 
electrical output), it becomes feasible to achieve large storage volumes. Storage 
capacities of up to 15 hours of full load power plant output have been 
demonstrated in existing power plants [62]. 

Energy storage systems even out mismatches between the supply and demand 
of energy, and thus contribute to improving the reliability and efficiency of 
solar thermal power systems. The type and extent of the mismatch vary, due to 
differences in power plant technology and location, but the highly variable 
nature of the solar flux means that some disparity will always occur, and 
thermal energy storage systems are an important part of solar thermal power 
plants. 

Over a short time period, thermal energy storage can ensure a constant power 
input to the power conversion cycle during solar transients resulting from cloud 
cover or other meteorological phenomena. This smoothing helps to maintain 
the power generation cycle running at its nominal point. The different power 
generation cycles all suffer from reduced efficiencies when running at off-
design conditions, so maintaining nominal output contributes to a high overall 
efficiency of the power plant. On a longer time scale, thermal energy storage 
allows the electrical output of the power plant to be decoupled from the 
instantaneous solar energy input. In order to increase the flexibility and 
economic viability of the solar power plant it is advantageous to be able to 
produce power at times of peak demand, which are generally not in phase with 
the times when the available solar flux is at a maximum. Thermal energy storage 
allows solar energy to be stored when supply exceeds demand, and released to 
operate the power cycle when demand exceeds supply. 

Another possibility is the hybridisation of solar thermal power plants, in which 
the output from the solar field is supplemented with heat from an auxiliary 
combustion unit when the solar flux is insufficient. The combustion system can 
be used to burn either conventional fossil-fuels or sustainably produced 
biofuels. This system ensures the continued functioning of the power plant 
when the combined output of the solar field and any thermal storage units is 
not sufficient to drive the power cycle. The auxiliary burner is typically more 
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flexible than the solar field, and its power output can be easily modulated to 
control the output of the plant and allow rapid start-up of the turbines.  

The vast majority of installed solar thermal power plants contain a back-up gas-
burner, allowing operation on natural-gas fuel at least part of the time. Local 
legislation may set upper limits on the amount of hybrid operation that is 
permitted; this is the case for Spain, where a maximum of 15% [41] of the 
annual heat input to the power plant is allowed to be derived from auxiliary 
fuels. As mentioned in §2.2.4, solar gas-turbine systems are particularly well 
suited for hybrid operation. These systems form the focus of this thesis work 
and are described in more detail in Chapter 3. 

By combining thermal energy storage and hybridisation, solar thermal power 
plants become capable of supplying controllable, reliable power. Figure 2.21 
demonstrates how a combination of thermal energy storage and hybrid 
operation allows a solar thermal power plant to provide constant power output, 
regardless of variations in the available solar flux. 

 
Figure 2.21: Operation of a hybrid solar thermal power plant with storage. 

During daytime, the power plant operates using direct solar heat input 
whenever it is available, with any excess heat above the desired capacity being 
sent to the thermal energy storage units. When the Sun’s energy is not available, 
for example during the passage of clouds or at night, heat is withdrawn from 
the storage units and used to maintain nominal operation of the power plant. 
Once the storage tanks are empty, backup fuel is used to continue operation. 
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The ability to supply controllable, dispatchable, power provides a significant 
advantage for solar thermal power systems over other renewable energy 
technologies. With growing amount of other, non-dispatchable, renewable 
power in the grid (such as wind and solar photovoltaics), solar thermal power 
plants will have an increasingly important role to play in compensating for 
fluctuations in these non-controllable systems. Hybridisation and storage are 
key enabling technologies that will allow solar thermal power plants to form the 
backbone of a future, low-carbon, electricity grid. 

2 . 3  C o n t e m p o r a r y  S o l a r  P o w e r  P l a n t s  
Solar thermal power is a rapidly maturing renewable energy technology, with 
over 2 GWe of installed capacity as of 2012. Currently, the two largest markets 
for solar thermal power are Spain and the United States.  

At the time of writing, Spain had an installed capacity of 1.3 GWe, with a 
further 900 MWe under construction [20]. In the United States 430 MWe of 
solar thermal power plants are currently connected to the grid, including the 
350 MWe Solar Energy Generating System (SEGS) installation which launched 
the development of solar thermal power technology in the 1980s. Several large 
solar thermal power plants are currently under construction in the American 
southwest, including the 390 MWe Ivanpah Solar Power Facility and the 280 
MWe Solana Generating Station. A number of other countries are also in the 
early stages of deploying solar thermal power plants, notably Israel (with the 
250 MWe Ashalim Power Station in the Negev desert), the United Arab 
Emirates (with the 100 MWe Shams 1 plant in Abu Dhabi) and India (with the 
50 MWe Shriram plant in Rajasthan). 

Almost all operational solar power plants in the world today are based on 
steam-turbine technology. The key differences between the plants lie in the 
means of raising steam for the turbine, and thus the temperatures and pressures 
that can be achieved, as shown in Table 2.3. The choice of steam generation 
technology also affects the possibilities for the integration of thermal energy 
storage.  

The current generation of steam-turbine equipment used in solar thermal 
power plants is characterised by a high thermal flexibility [74] due, for example, 
to the barrel casing design of the high-pressure turbine and the slim design of 
the low-pressure turbine. Still, operational requirements demand full utilisation 
of this flexibility: turbomachinery operated in solar thermal power plants are 
subjected to a much higher variability in working conditions, with multiple 
starts possible during a 24h period [59]. This requires turbine component 
optimisation [59] to avoid excessive thermal stresses and low-cycle fatigue in 
the casing and rotor of the turbine during start-up, shut down and load 
variations.  
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Additionally, due to the uncontrollable nature of the solar supply, it is desirable 
that the turbines be able to start as quickly as possible, in order for the plant to 
be able to harvest as much as possible of the Sun’s energy once it becomes 
available. 

Power Plant Type 

Steam Parameters  Typical 
Size 

Storage 
Size Temperature Pressure 

[°C] [bar] [MWe] [hrs] 

Parabolic Trough 377 100 50 – 250 6 – 8 

Molten-Salt Tower 542 105 20 - 120 3 – 15 

Direct-Steam Tower 550 165 20 - 150 - 

Linear Fresnel 270 55 1 – 30 - 

Table 2.3: Operating conditions of contemporary solar power plants [72] [88]. 

Solar gas-turbine technology is considerably less developed than solar steam-
turbines, with most of the operational experience coming from a number of 
pilot and demonstration projects at different research institutes. Worldwide, 
there is only a single commercially available system, a 100 kWe unit from 
AORA solar, which has been installed in Israel and Spain [4].  

As hybrid solar gas-turbine power plants form the main emphasis of this thesis 
work, the theory and state of the art of solar gas-turbine systems is presented in 
detail in Chapter 3. The paragraphs below focus on giving a brief overview of 
the more conventional steam-turbine based solar thermal power plants; it is 
against these plants that the new gas-turbine technology must compete. 

2 . 3 . 1  P a r a b o l i c  T r o u g h  P o w e r  P l a n t s  

Over 90% of the installed capacity of solar thermal power plants is made up of 
parabolic trough systems [20], which are currently the most mature of the 
concentrating solar power technologies. 

A typical parabolic trough power plant consists of three separate fluid loops, as 
shown in Figure 2.22. A first loop consists of high-temperature thermal oil 
(usually Therminol VP-1 [26]) which flows through the parabolic trough field 
and is heated by the action of concentrated solar energy. Thermal oil begins to 
degrade above temperatures of around 400°C [80], restricting temperatures in 
the thermal oil loop to below 390°C and limiting the steam temperatures that 
can be achieved. Thermal oil from the solar field is sent to a steam generator to 
drive the power cycle, with any excess oil being diverted to the thermal energy 
storage system. 
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Figure 2.22: Flowsheet of a parabolic trough solar power plant. 

The power cycle employed in parabolic trough plants is a conventional reheat 
Rankine cycle, with water/steam as the working fluid. Due to temperature 
limitations in the thermal oil, steam conditions at the inlet of the high-pressure 
turbine are around 377°C at 100 bar [88], relatively low compared to modern 
fossil-fired steam power plants. The poor steam conditions generally require the 
use of evaporative cooling in order to ensure a sufficiently high efficiency of the 
power cycle. Typical efficiencies for the power block of a parabolic trough 
power plant are in the region of 40%. 

As thermal oil is too expensive to be used directly as a storage medium, a 
separate molten-salt based system is employed in parabolic trough power 
plants. The standard salt used in these plants is a eutectic mixture of sodium 
and potassium nitrate (60% NaNO3, 40% KNO3) [109] which displays 
excellent thermal stability up to 590°C and is also readily and cheaply available 
as a by-product of the fertiliser industry. However, it has the disadvantage of a 
relatively high freezing temperature (around 220°C); the storage tanks must be 
maintained above this temperature to prevent solidification.  

The combination of a low upper temperature for the thermal oil and a high 
freezing temperature for the molten salt means that the storage units operate 
across a relatively small temperature range (220 – 390°C, giving temperature 
range of around 170°C). This leads to low storage densities and the need for 
large storage tanks. 

The key limitation of contemporary parabolic trough power plants is the low 
temperature imposed by the use of thermal oil as a primary heat transfer fluid. 
There have been a number of propositions to use molten salt directly as a 
working fluid in the parabolic trough field, which would allow operation up to 
around 580°C and greatly simply the operation of the thermal energy storage 
units. However, the risk of the salt freezing within the piping of the collector 
field is very high (as the salt begins to solidify below 220°C) and such an event 
would be very costly to repair. As such, current development trends are focused 
on alternative power plant concepts. 
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2 . 3 . 2  M o l t e n - S a l t  S o l a r  T o w e r  P o w e r  P l a n t s  

One such alternative is the solar tower power plant, in which molten salt can be 
used directly as a heat transfer fluid in the solar receiver, with temperatures up 
to 565°C achieved in contemporary plants [33]. Molten salt flows directly from 
a cold storage tank to the receiver where it is heated and then sent to a hot 
storage tank, from which molten salt is drawn to operate the power cycle. This 
is shown schematically in Figure 2.23. The elevated position of the receiver 
allows the salt to be easily drained back into the storage tanks to prevent 
freezing when the receiver is offline, overcoming the limitations of the 
parabolic trough system. 

 

Figure 2.23: Flowsheet of a molten-salt solar tower power plant. 

Higher operating temperatures result in steam conditions that are much closer 
to those encountered in conventional steam power plants, with steam-turbine 
inlet conditions of 540°C and 105 bar found in contemporary solar tower 
power plants [88]. The improved steam conditions result in an increased 
efficiency of the power plant, driving down costs. Additionally, higher 
operating temperatures reduce the efficiency penalty for dry-cooling of the 
condenser [18], allowing water consumption for condenser cooling to be 
drastically reduced whilst still maintaining an acceptable efficiency of the power 
generation cycle. 

The higher operating temperature of the molten salt solar tower power plant 
also increases the temperature range across which the thermal energy storage 
tanks operate. With outlet temperatures of 565°C from the solar receiver, the 
operating range for storage in a molten salt tower is double that of a thermal oil 
parabolic trough system (220 – 565°C gives a temperature range of 345°C, 
compared to 170°C for the parabolic trough); this larger temperature range 
increases the storage density. 

Higher storage densities make larger thermal energy storage systems more cost 
effective; with the same 8h storage tanks used in a parabolic trough plant, a 
molten salt central receiver plant achieves over 15h of storage capacity. The 
increased storage capacity results in very stable operating conditions for the 
steam-turbines; coupled with improved steam parameters, this means that 
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turbine operation in these power plants is remarkably similar to that 
encountered in conventional base-load fossil-fired systems. 

2 . 3 . 3  D i r e c t - S t e a m  S o l a r  T o w e r  P o w e r  P l a n t s  

Direct-steam solar tower power plants are an alternative to the molten salt solar 
tower systems. In these plants, the intermediary heat transfer fluids are 
completely eliminated, and high-pressure steam is generated directly in the 
receiver of the solar tower. Such a system removes the limitations imposed by 
the thermal stability of the intermediate fluids, allowing the full potential of 
high-temperature central receiver systems to be harnessed. 

In order to validate the technology, two demonstration plants (PS10 and PS20) 
were built in Seville, which operate using saturated steam at 250°C and 40 bar 
[15]; modest values were chosen in order to reduce the risk in these first power 
plants. Turbine technology for saturated steam is well established in the nuclear 
industry, but such cycles operate with relatively low efficiency. The next 
generation of direct-steam towers, currently under construction at the Ivanpah 
complex in California, employ superheated steam at 550°C and 165 bar [88], 
conditions very similar to those encountered in conventional steam-turbine 
power plants As was the case for the molten-salt towers, higher steam 
temperatures allow the integration of dry-cooling systems with only a minimal 
efficiency penalty. 

 

Figure 2.24: Flowsheet of a direct steam solar tower power plant. 

In a direct-steam power plant, water is pumped from the feedwater tank (which 
is often combined with the deaerator) up to the central receiver where it is first 
evaporated and then superheated. The high-pressure steam is then sent directly 
to the steam-turbine unit. If a reheat cycle is employed, the exhaust steam from 
the high-pressure turbine is returned to a reheater solar steam receiver. This can 
be either integrated with the superheater receiver on a single combined tower, 
or mounted on a separate dedicated reheater tower. A schematic diagram of a 
direct-steam power plant is shown in Figure 2.24. 

The key drawback to direct-steam systems is that direct storage of superheated 
steam is significantly more complicated than storage of a liquid heat transfer 
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medium such as molten salt. At the current time no commercially available 
technology has emerged for large-scale storage in direct-steam power plants. 
Supplementary firing with natural-gas is often used to protect the turbines from 
the most abrupt changes in steam parameters during solar transients (such as 
the passage of clouds), however the total consumption of natural-gas is 
generally limited to below 15% on an annual basis in order for the power plant 
to be able to sell ‘green’ electricity. As a result, steam-turbines operating in 
direct-steam power plants are exposed to rapid variations in steam conditions, 
requiring specially adapted control strategies in order to prevent damage to the 
units and to maintain their lifetime.  

2 . 3 . 4  C o m p a c t  L i n e a r  F r e s n e l  P o w e r  P l a n t s  

Linear Fresnel systems are an alternative to conventional parabolic trough 
systems. The linear Fresnel concentrator presents a significant cost reduction 
over parabolic trough systems, as it replaces the highly curved (and thus 
expensive) parabolic mirrors with a number of flat linear segments which can 
be easily mass produced. The optical efficiency of the system is reduced, but 
this is offset by the reduced cost and the fact that Fresnel systems make better 
use of the available land (hence the appellation ‘compact’). 

The principal focus for linear Fresnel systems has been the development of 
direct steam generation, allowing the temperature limitations of thermal oil to 
be overcome. Similarly to the direct-steam towers this would theoretically allow 
improved steam conditions. However, the horizontal orientation of the 
absorber in a linear concentration system complicates the process of in-tube 
evaporation. As such, all existing plants have been limited to operating with 
saturated steam in order to avoid the problems associated with the dry-out 
region of the evaporation process. Despite the recent successful demonstration 
of superheated steam production at 550°C in a linear Fresnel system, this 
technology is not yet commercially available. Steam conditions in linear Fresnel 
power plants are thus relatively modest, with temperatures of around 270°C at 
55 bar [88]. The layout of such a power plant is shown in Figure 2.25. 

 

Figure 2.25: Flowsheet of a direct steam linear Fresnel power plant. 
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As was the case for the direct-steam solar towers, the key drawback of linear 
Fresnel systems is the absence of a thermal energy storage technology suitable 
for use with steam. Existing saturated-steam power plants typically incorporate 
a steam buffer, which is essentially a tank of high-pressure saturated water 
which flashes to steam upon reduction of the output pressure. Such tanks can 
stabilise the output of the field for around 30 minutes, but the steam-turbine is 
still exposed to rapid variations in inlet steam conditions. 
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3  Hybrid Solar Gas-Turbines 

In this chapter the operating principals of hybrid solar gas-turbines are explained. The 
state of the art in hybrid solar gas-turbine technology is presented, along with an overview 
of operational power plants as well as completed and on-going research activities. 

3 . 1  G a s - T u r b i n e s  f o r  P o w e r  P r o d u c t i o n  
Developed in its modern form by the Norwegian Ægidius Elling in the early 
1900s [112], the gas-turbine is a rotary engine designed to convert heat into 
mechanical work. Working on a close approximation of the theoretical Brayton 
cycle [13], the gas-turbine unit comprises three main components: a 
compressor, a turbine-expander and a heat source, which can be either internal, 
such as a combustor, or external, by means of a high-temperature heat 
exchanger. To date, almost all utility-scale industry gas-turbines have been 
internally fired.  

A diagram of a typical single-shaft gas-turbine unit is shown in Figure 3.1. In 
the combustion chamber, fuel is burnt to provide energy to the high-pressure 
gas delivered by the compressor, raising its temperature. The hot gas is then 
expanded through the turbine, providing the power to drive the compressor as 
well as additional power that can be recovered at the shaft. 

 
Figure 3.1: A typical single-shaft axial gas-turbine. 

Image Source: General Electric Power Systems 

Gas-turbines have significantly higher power densities than other internal 
combustion engines, such as reciprocating piston engines. However, achieving 
high efficiencies with a gas-turbine engine is complicated by the fact that the 
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compressor consumes a large fraction of the power produced [112]. In order to 
boost the overall conversion efficiency it is necessary to either increase the 
efficiency of the compressor, or increase the output of the expander. As 
modern compressors already achieve polytropic efficiencies in the region of 
0.91 [9], recent focus has been placed on increasing the turbine entry 
temperature and thus the power output of the expander. 

The maximum temperature that can be tolerated at the entrance of the turbine 
is determined chiefly by the resistance of the metal in the guide vanes and 
blades. Early efforts to increase the turbine inlet temperature focused on 
improved metallurgy. However, uncooled blades are limited in the temperatures 
that they can tolerate, and the desire to further increase the turbine inlet 
temperature has led to the development of increasingly complex and intricate 
cooling schemes for the blades. The evolution of the typical temperature values 
at the inlet of the turbine are shown in Figure 3.2. 

 
Figure 3.2: Historical evolution of gas-turbine turbine entry temperatures. 

Data Source: F. G. Rubensdörffer, 2006 

Today, gas-turbines are amongst the most widely used prime movers, due to 
their compactness, flexibility and ease of installation. However, recent concerns 
about anthropogenic climate change have led to increased focus being placed 
on reducing carbon dioxide emissions from fossil fuel combustion.  

At a first glance, the simplest means to reduce emissions from gas-turbine units 
would appear to be to continue to increase the conversion efficiency through 
higher inlet turbine temperatures. Current industrial gas-turbines can achieve 
simple-cycle efficiencies of around 40% [89], with higher values possible for 
advanced aero-derivative engines. However, as can be seen in Figure 3.2, it is 
becoming progressively harder and harder to increase the temperatures that the 
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turbine blades can tolerate. The limits of even advanced materials are beginning 
to be reached and blade cooling is consuming a greater and greater fraction of 
the total airflow. As such, alternative means to reduce carbon dioxide emissions 
from gas-turbine engines need to be found. 

One option is to move the focus away from the conversion efficiency and 
towards the heat-source itself. If part, or all, of the heat supplied to the gas-
turbine can be drawn from a low-carbon source, overall emissions from the 
unit can be reduced. Hybrid gas-turbines, in which conventional fossil-fuel 
combustion is supplemented with a low-carbon heat source, are a promising 
means to achieve future reductions in emissions from gas-turbine systems. 

3 . 2  S o l a r  G a s - T u r b i n e  H y b r i d i s a t i o n  
One of the most promising sources of low-carbon heat with which to reduce 
emissions from gas-turbine units is concentrated solar energy. As described in 
§2.2, solar concentration systems can deliver heat at the high temperatures 
needed by gas-turbine systems without any of the carbon emissions associated 
with fossil fuel combustion.  

3 . 2 . 1  H y b r i d i s a t i o n  S c h e m e s  

A number of different hybridisation schemes can be imagined for the 
integration of solar heat into a gas-turbine cycle, depending upon the level at 
which the heat is available and the heat transfer medium employed. However, 
developments in the field of high-temperature pressurised air receivers [6] mean 
that it is now possible to integrate solar energy directly into the gas-turbine 
circuit, supplying heat to the air leaving the compressor without the need for 
intermediary heat exchangers.  

As such, two principal hybridisation schemes can be imagined for use with 
hybrid gas-turbine systems, namely serial and parallel hybridisation.  

In a serial hybridisation scheme, shown in Figure 3.3, the entire main airflow 
from the compressor is routed through the solar heat source and heated to the 
desired temperature. This pre-heated air is then sent to the combustion 
chamber, where the higher air inlet temperature results in reduced fuel 
consumption to reach the desired turbine entry temperature. 

 
Figure 3.3: Serial hybridisation scheme for a gas-turbine. 
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In a parallel hybridisation scheme, shown in Figure 3.4, the airflow from the 
compressor is split, with part being sent to the solar heat source, and part being 
sent directly to the combustion chamber. The hot gases from both heat sources 
are then mixed together before being sent to the turbine. 

 
Figure 3.4: Parallel hybridisation scheme for a gas-turbine. 

Parallel hybridisations systems simplify the operation of the gas-turbine, as it is 
easier to isolate the combustion and solar sub-systems and thus operate the unit 
using only one heat source; this is particularly important during start-up of the 
gas-turbine when fuel-only operation may be desired. It is also simpler to 
control operation of the solar sub-system, as the mass flow can be controlled to 
maintain nominal operating temperatures. 

However, parallel hybridisation is a poor choice thermodynamically. Despite 
recent improvements, material limits currently result in a maximum sustained 
outlet temperature from the solar heat source of around 1200°C, if the receiver 
and gas-turbine are closely integrated [6], or 950°C, if the hot gas from the 
receiver needs to be piped to the gas-turbine [96] (see §3.6). This is significantly 
below the outlet temperature from the combustion chamber, which can be 
above 1400°C for contemporary F-class gas-turbines [9].  

With these temperature limitations, post-combustion mixing of the gas-streams 
will reduce the turbine entry temperature below the maximum level achievable 
in the combustion chamber, penalising the conversion efficiency of the gas-
turbine. Furthermore, the greater the degree of solar integration in a parallel 
system, the lower the final temperature of the gases delivered to the turbine. 

As such, a serial hybridisation scheme has been selected for all the solar gas-
turbine power plants considered in this work. In a serial scheme, both the solar 
receiver and the combustion chamber can be operated up to their maximum 
temperatures, with the final inlet temperature to the turbine equal to the 
combustor outlet temperature. Additionally, in a serial scheme, the final 
temperature delivered to the turbine is independent of the degree of solar 
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integration, allowing greater amounts of solar heat to be integrated into the 
power generation cycle without adversely affect gas-turbine performance. 

3 . 2 . 2  H y b r i d  S o l a r  G a s - T u r b i n e  P o w e r  P l a n t s  

The layout of a typical simple-cycle hybrid solar gas-turbine with a serial 
hybridisation scheme is shown in Figure 3.5; the hybridised gas-turbine cycle 
can also be represented in a temperature-entropy diagram, shown in Figure 3.6.  

 
Figure 3.5: Layout of a simple-cycle hybrid solar gas-turbine. 

The layout shown in Figure 3.5 is representative of a utility-scale hybrid solar 
power plant, in which the large size of the power block requires the gas-turbine 
to remain at the base of the tower. It is thus necessary to pipe the hot gases up 
and down the central tower, imposing additional temperature restrictions (see 
§3.6). As the Sun’s energy is to be harnessed at high temperatures, high 
concentration ratios are required in order to limit radiation losses and maintain 
an acceptable efficiency at the receiver (see §2.2.2). Coupled with relatively large 
size of the utility-scale solar gas-turbine power plants studied in this work, high-
temperature operation will require the use of central receiver (i.e. heliostat field) 
solar collectors.  

Starting from the ambient conditions (state 0) the air is drawn through a series 
of filters to remove dirt, sand and other solid objects, resulting in a drop in 
pressure (state 1); the air is then compressed to a higher pressure (state 2).  
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Figure 3.6: Temperature-entropy diagram of the hybrid solar gas-turbine. 

Losses in the tower piping have been exaggerated for emphasis. 

Depending on the temperature at the outlet of the combustion chamber, a 
certain fraction of the high-pressure compressor air is withdrawn from the 
main flow and used for cooling of the turbine blades; the higher the 
temperature of the combustor gases, the greater the fraction of air that is 
required for cooling. Some additional air is also withdrawn for purging and 
sealing of the hot-gas path, preventing high-temperature gases from reaching 
unwanted areas. 

The remaining compressor air flow is sent to the solar sub-system, where it first 
passes up the piping in the central tower (state 3). A concentric piping 
arrangement has been assumed in this work (see §5.2.2), meaning that the 
compressor air is heated by the hotter air descending from the tower. At the 
top of the tower, concentrated solar energy is used to heat the air in a solar 
receiver (state 4) and this hot air then descends back down the tower (state 5), 
losing some heat in the process to the cold air from the compressor.  

The pre-heated air from the solar receiver is then sent to the combustion 
chamber where a certain mass flow of fuel is injected and burnt in order to 
raise the temperature of the gas mixture to the desired firing temperature (also 
known as the combustor outlet temperature, COT, state 6). Solar preheating of 
the compressor air allows fuel usage to be dramatically reduced. Additionally, 
fuel-flow to the combustion chamber can easily and rapidly be adjusted to 
compensate for fluctuations in the solar heat input, allowing a stable operating 
point to be maintained. 
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The hot gas is then expanded down close to ambient pressure (state 8) with 
progressive injection of cold air from blade cooling in the rotor and stator 
rows. This mixed expansion/cooling transformation can be modelled in a 
simplified manner by considering a polytropic expansion starting from the 
theoretical turbine inlet temperature (TIT, state 7), defined according to the 
ISO standard [43] as the temperature obtained when mixing the entire cooling 
mass flow with the hot gas from the combustor outlet. Finally, the exhaust 
gases are vented to the atmosphere (state 9), which results in a certain pressure 
loss, and thus a certain back-pressure in the turbine-expander. 

3 . 2 . 3  O p e r a t i o n  o f  H y b r i d  S o l a r  G a s - T u r b i n e s  

The variable nature of the solar flux means that the solar heat input to the gas-
turbine is not constant, but varies with current meteorological conditions. In 
order to maintain a constant temperature at the entrance of the turbine, the 
fuel-flow to the combustion chamber is continuously controlled. An example 
of the operation of a hybrid solar gas-turbine is shown in Figure 3.7. 

 
Figure 3.7: Variation in operation of hybrid solar gas-turbine. 

The response time of the combustion chamber mass flow controller is 
significantly faster than that of the solar receiver, which always has a certain 
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thermal inertia. Typical response times for solar air receivers are on the order of 
5 to 10 minutes [8], whereas fuel-flow to the combustion chamber can be 
controlled on the order of a second or less [96]. Perfect control of the 
combustion chamber can therefore be assumed.  

The relative distribution of the heat input to the gas-turbine cycle depends 
upon the available solar flux. During daytime, heat from the solar sub-system 
can be harnessed by the gas-turbine, partly (or completely) replacing the heat 
input from fuel combustion and fuel flow to the combustion chamber 
decreases below the nominal value. Despite the drop in fuel flow, the 
combination of solar and fuel heat input provides the required nominal heat 
input to the gas-turbine, maintaining nominal electricity production. The overall 
fuel-electric conversion efficiency (see §4.2.1) varies throughout the day, with 
values greater than 100% possible when a large fraction of the heat is supplied 
by concentrated solar energy.  

At night-time, operation of the power plant continues in pure fossil-fuel mode. 
As such it is important to maintain a high overall conversion efficiency for the 
power plant. If the power block efficiency is low, high carbon emissions during 
cloud passages and night-time operation can outweigh any savings achieved 
during solar operation. 

3 . 2 . 4  G a s - T u r b i n e  M o d i f i c a t i o n  f o r  S o l a r  O p e r a t i o n  

The first generation of hybrid solar gas-turbine power plants is likely to be 
based around existing industrial gas-turbine units. When retrofitting existing 
gas-turbines to introduce solar energy into the power cycle, a number of design 
challenges need to be addressed. Similar challenges will exist with the design of 
new gas-turbines for hybrid power plants, although the flexibility of designing a 
new machine will allow a more holistic approach to be taken. 

A first key issue is extraction of the high-pressure compressor air that is to be 
sent for solar pre-heating, as well as how to reintroduce the hot air returning 
from the receiver upstream of the combustion chamber. Attention needs to be 
paid to both the material constraints introduced by high temperatures, as well 
as the aerodynamic complications resulting from re-direction of the flow.  

Older gas-turbines, with silo-type combustors (see Figure 3.8) can easily be 
modified for solar applications, as the necessary gas piping is already in place 
and is designed to handle temperatures up to 1200°C. Newer units with 
external can combustors can also be converted to solar operation without 
significant modification of the gas-turbine. However, most modern turbines, 
with annular or can-annular combustors would require a major redesign of the 
central casing and combustion section in order to allow redirection of the gas-
flow and, as such, have thus-far have not been the preferred choice for solar 
retrofitting (see §3.5). 
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Figure 3.8: Gas-turbine with air-extraction for a silo-type combustor. 
Image Source: Prof. Dr. Magnus Genrup, 2013 

Compared to existing designs, the combustion system for a hybrid solar gas-
turbine is subject to completely new requirements in order to guarantee stable 
operation and low nitrous oxide emissions across the entire operating range. 
This includes a conventional mode during start-up and times when the Sun is 
not available, a ‘solar’ mode with high inlet air temperatures and relatively low 
fuel flows at times of high solar irradiation, as well as all conditions in between. 
The most developed combustor technology is currently the lean premix burner 
and in order to continue to employ this type of combustor in hybrid solar gas-
turbines, a number of modifications would need to be made. 

New fuel injection concepts are needed for correct fuel placement with high 
combustor air inlet temperatures and low fuel flow rates [96]. These two factors 
can lead to a deterioration in fuel/air mixing, as well as an increased risk for 
auto-ignition and flash back. As such, extra fuel injection schemes may be 
necessary in addition to the conventional main and pilot fuel loops. The wide 
variation of combustion air inlet temperatures and fuel flows may also increase 
the risk for pulsations and additional measures for acoustic damping of 
combustion instabilities may be required. 

Cooling of the combustion chamber walls will also require innovative design 
features [96], as no cooling effect can be achieved using the high-temperature 
air returning from the solar receiver. The optimal solution would be that the 
combustor walls are cooled by the compressor air before it is sent to the 
receiver, but passing the compressor air around the combustion chamber walls 
whilst sending receiver air to the burners would result in a complicated flow 
arrangement, and additional pressure drops in the piping sections. 

The presence of large volumes of high-temperature pressurised air in the solar 
receiver system requires special consideration [96]. A combination of fast 
emergency defocusing of the solar field heliostats and blow off valves will be 
necessary to maintain control of the gas-turbine during trips and load rejection. 
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3 . 3  D i s p a t c h a b i l i t y  
The controllable nature of the hybrid gas-turbine is a key advantage for these 
solar thermal power plants when compared to more conventional renewable 
energy resources such as wind and solar photovoltaics. The operation of the 
electricity network requires a constant regulation of supply; electricity cannot be 
stored in the transmission grid and as such production must be exactly equal to 
consumption (which includes any losses) at every moment. 

The growing share of uncontrollable renewable energy resources increases the 
challenge for system operators to maintain the production balance. Fluctuations 
in wind speed and the passage of clouds can result in rapid changes in output 
from non-dispatchable renewables and the remaining units in the grid are 
forced to respond rapidly in order to maintain the production balance.  

When a sudden disruption occurs in the power grid, the response passes 
through three stages, as shown schematically in Figure 3.9. Due to the 
disruption in supply, the frequency of the electrical network begins to drop as 
the generators slow down. However, this drop is not instantaneous, as any 
rotating machines that are synchronous with the grid need to shed their 
rotational inertia to match the new grid frequency.  

 
Figure 3.9: Response to a perturbation in the electricity network. 

The initial response to the loss of generating capacity is provided by the power 
plants participating in frequency-response reserve. These units are equipped 
with automatic governors, which detect the drop in grid frequency and increase 
the output of the power plant in order to stabilise the frequency before it falls 
outside operational limits. 

The next phase of the response is to return the grid frequency to its nominal 
value. This is achieved by harnessing the spinning and non-spinning reserve 
units, increasing power production and thus the frequency. At the same time, 
the frequency response units are unloaded and become available to respond to 
future contingencies. In order to avoid large disturbances, the frequency of the 
grid must be stabilised within 5 to 10 minutes, so these reserve units must be 
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able to start-up rapidly. Hydropower units are best suited to this role; however, 
where hydropower is not available this service is often provided by simple-cycle 
gas-turbines, running in a waiting position at full-speed, no load. Modern, 
flexible, combined-cycle units can also contribute, by running below rated 
capacity in order to maintain a rapidly available reserve. 

Finally, the grid is re-stabilised by bringing replacement generation online and 
thereby unloading the spinning reserve units so that they are ready to respond 
should another abrupt change occur. This can involve changing production in 
coal power plants or older combined-cycle units which take longer to respond. 

The requirement to provide spinning reserve is very carbon-intensive when 
hydropower is not available, as fossil-fuel fired reserve units are operated under 
lower-efficiency conditions, or even at zero-efficiency for gas-turbine units in 
full speed, no load stand-by mode. At large penetrations of non-dispatchable 
renewables the carbon savings from the low-emission renewable power systems 
is offset by the large emissions from the spinning reserve units that are required 
to stabilise production, as shown in Figure 3.10 

 
Figure 3.10: Emissions offset from part-load spinning reserve units. 

Image Source: Wibberley, Scaife and Winsen 

Solar thermal power plants can provide a significant contribution to reducing 
carbon emissions resulting from the provision of spinning reserve. Firstly, and 
most simply, hybrid solar thermal plants are fully controllable, which 
significantly reduces the additional capacity that must be allocated as spinning 
reserve. Secondly, solar thermal power plants can contribute directly to 
provision of reserve capacity, providing back-up power to other, less reliable 
renewable energy sources. Solar-driven hybrid gas-turbines are ideal machines 
to contribute to spinning reserve, by running at low/zero load using solar 
energy and then ramping up production using fuel when required. The fast 
response time of the gas-turbine unit is coupled with a carbon-free means of 
maintaining the reserve units online. 
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3 . 4  E n v i r o n m e n t a l  A s p e c t s  
In regions where incentive measures are in place to reward the production of 
carbon-free electricity, it is important to be able to determine the share of solar 
electricity generated by a hybrid power system. In a correctly designed 
electricity market, hybrid solar gas-turbine power plants should only receive 
incentive payments for the electricity that is actually produced from solar 
energy. 

3 . 4 . 1  S o l a r  S h a r e  o f  E l e c t r i c i t y  P r o d u c t i o n  

The degree of solar integration into a hybrid solar power system can be 
measured in terms of the solar share fsol, which is defined in Equation (3.1) as 
the ratio of solar heat input Qsol to total heat input Qtot for the cycle. 
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The nominal solar share of a hybrid solar gas-turbine is directly related to 
certain key cycle temperatures, in particular the nominal receiver temperature T4 
and the combustor outlet temperature T6. As the receiver temperature 
approaches the combustor outlet temperature, the solar share increases, as the 
amount of heat to be supplied by combustion drops. At the limiting case, where 
T4 = T6, the nominal solar share equals 100% and no fuel needs to be burnt. 
Neglecting losses in the tower piping, the nominal solar share can be estimated 
using Equation (3.2), where T2 is the compressor discharge temperature and T3 
the receiver inlet temperature. 
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As mentioned in §3.2.1, the combustor outlet temperature of a contemporary 
industrial gas-turbine is in the region of 1400°C, while tower-mounted solar 
receivers are currently limited to temperatures below 950°C. As a result, the 
maximum nominal solar share that can be achieved by a typical industrial gas-
turbine is in the region of 50%.  

Higher nominal solar shares could be obtained by using gas-turbines with lower 
firing temperatures, or by finding a way to integrate the gas-turbine at the top 
of the receiver tower. There is an inherent trade-off between machine 
efficiency, which increases with increasing combustor outlet temperature, and 
the achievable solar share, which decreases with increasing combustor 
temperature. Designing hybrid solar power systems purely for high solar shares 
is therefore not always the optimal solution; the need for high conversion 
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efficiencies needs to be weighed against increasing the degree of solar 
integration. 

As the solar heat input is highly variable, the hybrid solar gas-turbine power 
plant will not always be able to operate under nominal conditions. The nominal 
solar share cannot therefore be used to determine the true distribution between 
solar- and fuel-generated electricity. In order to take into account the variation 
in operation throughout the year, an annualised value for the solar share must 
be used instead. The annual solar share will always be lower than the nominal 
solar share, as the solar receiver will operate at least part of the time at less than 
nominal power. 

3 . 4 . 2  E x t e n d i n g  S o l a r  O p e r a t i o n  

In order to reduce the overall level of carbon emissions, a key parameter for the 
power plant is the annual fuel-electric conversion efficiency, which depends not 
only on the power block conversion efficiency and the nominal degree of solar 
integration but, more importantly, on the duration of solar operation. 

For an idealised cycle, the annual value of the fuel-electric efficiency can be 
estimated using Equation (3.3), based on the conversion efficiency ηcycle and the 
nominal solar share fsol,nom of the power generation cycle, as well as on the total 
number of operating hours hop and the equivalent number of full-load solar 
operating hours hsol,eq. Once the conversion efficiency and nominal solar share 
of the hybrid solar gas-turbine power plant have been fixed, the annual fuel-
electric depends solely on the fraction of the total operating hours during which 
solar heat is supplied to the system. By increasing the time during which the 
solar collector provides nominal heat to system, the overall fuel-electric 
efficiency can be increased.  
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(3.3) 

The duration of solar operation is intrinsically linked to the size of the solar 
collector field. Larger fields can collect larger amounts of energy, and thus 
provide nominal output with lower levels of solar radiation input. Oversizing 
the solar collector field is thus one means of extending the duration of nominal 
operation, albeit at a relatively high cost. 

The size of the solar collector field can be expressed in terms of the solar 
multiple SM, defined using Equation (3.4) as the ratio of the nominal thermal 
power delivered by the field Qfield to the nominal power demanded by the 
receiver Qrec. The nominal output from the heliostat field is typically defined 
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considering a direct normal irradiation of 850 W/m2 [23] at solar noon on the 
Equinox (21st of March or 22nd September) [15]. 
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With a nominally sized solar field (SM = 1), the thermal power delivered to the 
receiver reaches the nominal value only at midday on the design day. At other 
times, when the solar irradiation is weaker, the receiver outlet temperature is 
less than the design value. Annually, the equivalent number of full-load solar 
operating hours is thus relatively low. When the solar collector field is oversized 
(SM > 1) the thermal power delivered by the field reaches the nominal value 
required by the receiver earlier in the day, allowing the receiver to be operated 
at nominal conditions for a longer duration. In this way the equivalent number 
of full-load solar operating hours can be increased, and the annual solar share 
of the hybrid solar gas-turbine rises. However, in the absence of a storage unit, 
thermal power above the nominal demand cannot be harnessed (as the 
temperature of the receiver is limited) and as such this excess energy needs to 
be spilled from the system by defocusing a certain fraction of the collector field. 

 
Figure 3.11: Receiver thermal power as a function of the solar multiple. 

Increasing the solar multiple allows the nominal operating duration of the 
receiver to be extended; however, this increase suffers from rapidly diminishing 
returns. As can be seen in Figure 3.11, moving from SM 1.0 to SM 1.5 results in 
a much greater incremental increase than moving from SM 1.5 to SM 2.0, and 
this trend continues to higher solar multiples. The cost of the solar field is 
roughly proportional to the solar multiple and, as such, the marginal cost of 
increasing the duration of nominal receiver operation rises exponentially as the 
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solar multiple is increased above a value of SM 1.0. This limitation can be 
overcome by the integration of thermal energy storage, which avoids the need 
to spill excess solar heat from the system by storing it for later use. The 
integration of energy storage is addressed in Chapter 8. 

3 . 5  S t a t e  o f  t h e  A r t  
The hybridisation of gas-turbines with concentrated solar energy has been 
under development for several decades, with early work performed in the 1980s 
by Scheuerer [84] and Schmuttermair [85] using a heavily modified ALLISON 
250-C20B helicopter engine. Their research activities laid the groundwork for 
pressurised solar air receiver design, as well as dynamic simulation and control 
of solarised gas-turbines. 

Since the beginning of the 2000s, a number of EU-funded projects have 
examined small-scale hybrid solar gas-turbines, such as the SOLGATE [24] and 
SOLHYCO [35] projects, which demonstrated solarised micro gas-turbine units 
up to 250 kWe. These projects also allowed the demonstration of different 
types of high-temperature pressurised solar air receivers, with sustained outlet 
temperatures up to 960°C. The SOLHYCO project also demonstrated the 
potential for the use of sustainably derived biodiesel as a hybridisation fuel. 

Following the success of these small-scale units, the on-going EU-funded 
SOLUGAS project [55] is attempting to build on these results by scaling up a 
hybrid solar gas-turbine system to 4.6 MWe, based around a Mercury 50 
machine, whilst simultaneously boosting receiver temperatures to 1000°C. 

At the time of writing, the only commercially available hybrid solar gas-turbine 
system is produced by AORA-Solar [2] who supply a 100 kWe unit for off-grid 
and combined heat and power applications. The AORA system has been 
successfully installed at test sites in Israel and Spain. 

3 . 5 . 1  T h e  S O L G A T E  P r o j e c t  

To date, the SOLGATE project is arguably the most successful research 
project on hybrid solar gas-turbine technology. In a similar manner to the work 
performed by Scheuerer [84] and Schmuttermair [85], the system was based 
around a modified helicopter engine. The overall layout of the solar gas-turbine 
test loop is shown in Figure 3.12. 

In order to achieve high temperatures in the solar receiver, a group of three 
receiver modules was used, moving from low to medium to high temperatures 
in a serial arrangement. The targeted operating temperatures ranged from 
550°C for the low-temperature module, to 1000°C for the high-temperature 
module [24]. In order to increase the flux density at the receiver, hexagonal 
compound parabolic collectors were used as secondary concentrators. The 
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design of the high-temperature receiver module was based around the use of 
highly porous silicon-silicon carbide ceramic foam as a volumetric receiver. The 
low- and medium-temperature modules were conventional tubular receivers. 

 
Figure 3.12: Layout of the SOLGATE gas-turbine test loop. 

Image Source: SOLGATE Final Publishable Report [24]. 

The solarised gas-turbine used in the SOLGATE project had a nominal output 
of 250 kWe; special modifications were made to the combustion chamber in 
order to allow combustor air inlet temperatures up to 800°C [24]. A key issue 
identified for the integration of high-temperature solar heat into the hybrid gas-
turbine unit was the structural resistance of the high-temperature piping 
connecting the gas-turbine with the receiver sub-system. 

The system was tested at the solar tower test facility of the Plataforma Solar de 
Almería in Spain, where over 130 hours of operation experience were obtained. 
Sustained receiver outlet temperatures of 960°C were demonstrated, with 
instantaneous solar shares of up to 70% achieved [24]. 

3 . 5 . 2  T h e  S O L U G A S  P r o j e c t  

The SOLUGAS project builds on the successes of the SOLGATE project, with 
the goal of scaling up the system to industrial sizes, as well as developing the 
next generation of high-temperature solar receivers.  
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The solarised gas-turbine chosen for the SOLUGAS project is a modified 
Mercury 50 unit from Solar Turbines, a commercial gas-turbine with a nominal 
output of 4.6 MWe. The standard Mercury 50 (shown in Figure 3.13) is a 
recuperated gas-turbine, which simplifies the extraction of high-pressure air 
from the compressor as the required gas-ducting already exist. In the first phase 
of the project, the recuperator was completely removed in order to simplify the 
design and facilitate testing.  

 
Figure 3.13: Solar Turbines Mercury 50 as used in the SOLUGAS project. 

Image Source: Solar Turbines, Power Generation Packages 

In a similar manner to the SOLGATE project, the combustion chamber of the 
Mercury 50 was specially adapted to allow higher air inlet temperatures. Special 
attention was paid to the interconnecting piping that transports the air from the 
compressor to the solar receiver and back to the combustion chamber. To 
allow high-temperature operation, internal ceramic insulation was used in the 
pipe transporting the hot pressurised gas from the receiver [55]. 

The receiver developed for the SOLUGAS project is a tubular metallic receiver, 
operating at temperatures of up to 800°C at the receiver outlet [55]. Nickel-
based alloys (chiefly Inconel) have been used for the tubes, allowing them to 
resist high temperatures. Unlike the SOLGATE project, a single receiver is 
used in the SOLUGAS project to heat the entire mass flow to the desired 
temperature in one step, resulting in high temperature gradients. As such, the 
absorber tubes needed to be pre-stressed for thermal compensation. 

The long-term goal of the SOLUGAS consortium is to further raise the 
receiver outlet temperature to 1000°C. Alongside the SOLUGAS project, the 
SOLTREC project [29] is developing the next generation of volumetric receiver 
designs for integration at the SOLUGAS facility. The new receiver is 
characterised by a cluster design, forming a honeycomb of several modules, 
each individually equipped with a pressurised quartz window. Higher receiver 
temperatures will allow the solar share of electricity production from the 
Mercury 50 unit to be further increased. 
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The SOLUGAS test loop is installed at the Solúcar platform near Seville, Spain. 
A specially designed 5 MWth solar tower system has been constructed to house 
the receiver, hot gas piping and gas-turbine package. Commissioning of the 
solarised Mercury 50 gas-turbine began in May 2012.  

3 . 6  H i g h - T e m p e r a t u r e  S o l a r  A i r  R e c e i v e r s  
A significant conclusion that can be drawn from the on-going and completed 
research projects is that the key technology challenge for hybrid solar gas-
turbines is the design and operation of high-temperature solar air receivers.  

In order to harness the concentrated solar energy delivered by the collector the 
solar radiation must be intercepted and converted to thermal energy at a 
temperature compatible with the gas-turbine power generation cycle. The 
receiver must withstand high temperatures and high radiant heat fluxes, along 
with the associated thermal stresses. At the same time, the solar receiver is the 
least standardised component of the plant, with each design being more-or-less 
a prototype. 

A central issue in the design of receivers for solar gas-turbine power plants is 
the requirement to use air from the compressor as the heat transfer fluid. Even 
at high pressures, the heat-transfer characteristics of air are poor, complicating 
the design process. A commonly adopted technique to overcome this limitation 
is the use of volumetric materials, such as porous ceramic foams, to absorb the 
incident solar radiation. As the material is porous, solar radiation can be 
absorbed within the receiver material itself, increasing the effective area for 
absorption without increasing the area for heat loss. This large absorption 
surface permits high solar fluxes at the receiver surface despite the low heat 
transfer coefficient of the air.  

As the receiver is to be used with pressurised air, it must be sealed, separating 
the high-pressure compressor air from the ambient air outside the unit. The 
aperture of the receiver is thus typically covered by a window of quartz glass, 
which is capable of resisting the high temperatures and pressures involved. The 
presence of a glass cover implies an increase in optical losses due to reflection 
but will reduce convection losses from the receiver surface.  

Another key issue for gas-turbine systems is the pressure drop created by the 
receiver modules. As the receiver is integrated directly into the pressurised 
circuit of the gas-turbine it is important to keep pressure losses to a minimum 
in order to avoid overly penalising the performance of the unit. 

A number of different research projects have focused on harnessing the 
volumetric concept for the design of high-temperature solar air receivers, and 
the performance of some notable designs is summarised in Table 3.1. 
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Receiver Type 

Outlet Parameters Flux 
Limit 

Nominal 
Efficiency Temperature Pressure 

[°C] [bar] [kW/m2] [%] 

PLVCR 1050 4 550 57 

DIAPR  1200 20 4000 71 

REFOS 800 19 600 67 

SOLGATE 960 6 800 70 

Table 3.1 Overview of selected high-temperature pressurised receivers [6]. 

One of the first volumetric receiver designs was the Pressure Loaded 
Volumetric Ceramic Receiver (PLVCR), developed by the German Aerospace 
Center in 1989 [81], which used a porous ceramic foam absorber and domed 
quartz-glass window with a water-cooled frame. It was shown that the domed 
window presents a number of advantages, including a reduction in reflection 
losses and increased structural resistance. This receiver design was successfully 
tested at receiver outlet temperatures up to 1050°C; however, problems with 
the glass window prevented pressures of over 4 bar from being reached. 

In the early 1990s, an alternative volumetric receiver concept was proposed by 
the Weizmann Institute of Science, called the Directly Irradiated Annular 
Pressurised Receiver (DIAPR). Instead of ceramic foam, a porcupine 
volumetric absorber was used [49], which consisted of an array of pin-fins: 
elongated heat transfer elements (the Porcupine ‘quills’), which were implanted 
in the receiver base plate. Over 250 hours of tests demonstrated the operation 
of this receiver concept at sustained outlet temperatures of 1200°C and 
pressures of up to 20 bar. 

The REFOS receiver was developed at the German Aerospace Center during 
the late 1990s, with the goal of overcoming the glass window problems 
encountered with the PLVCR receiver [6]. In-depth analysis of the window 
geometry enabled low-stress designs to be identified and the new design was 
certified at pressures up to 19 bar. Testing of the receiver was performed at 
temperatures of 800°C. An important advantage of this design for integration 
into hybrid solar gas-turbine systems was its very low pressure drop of 18 mbar. 

Currently, one of the most advanced pressurised volumetric receiver concepts 
is the SOLGATE receiver [24], shown in Figure 3.14, which uses a silicon-
silicon carbide foam as the absorber material. The aperture of the receiver is 
covered by an elliptic domed window of quartz glass. The SOLGATE receiver 
has been demonstrated in operation at temperatures up to 960°C under peak 
fluxes of 800 kW/m2; the thermal efficiency under these conditions was 
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measured as 70%. Additionally, pressure losses in the receiver were maintained 
below 40 mbar, sufficiently low for direct integration of the unit into the gas-
turbine circuit. 

 

Figure 3.14: SOLGATE pressurised volumetric receiver design 
Image Source: SOLGATE Final Publishable Report [24]. 

An often overlooked issue with the integration of solar heat into a hybrid gas-
turbine is the need for high-temperature and high-pressure ducting between the 
gas-turbine, receiver and combustion chamber. At the time of writing, material 
limits restrict uncooled metal piping to maximum operating temperatures of 
around 950°C [96]. For systems with large power blocks, which need to be 
installed on the ground, the operating temperature of the solar sub-system is 
thus limited more by the central tower piping ducts than the outlet temperature 
of the receiver itself. Higher temperatures (above 1000°C) can only be achieved 
if the receiver and combustor form an integrated unit. The gas-turbine then has 
to be placed at the top of the tower, which is possible only for relatively small 
units. 

The SOLGATE receiver design is taken as a reference for the receivers used in 
this thesis. Performance and economic data from the SOLGATE project form 
input to the thermoeconomic simulation models. The gas-turbines studied in 
this work are assumed to be too large to be installed at the top of the tower and 
thus hot gas piping is necessary, limiting the solar sub-system to maximum 
operating temperatures of 950°C. 
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4  Thermoeconomic Analysis 

In this chapter the basic theory of thermoeconomic analysis is presented, along with the 
key thermoeconomic performance indicators. The notions of Pareto-optimality and the 
Pareto-optimal front are introduced. An overview of multi-objective optimisation using 
evolutionary algorithms is also given. 

4 . 1  E n e r g y  S y s t e m  A n a l y s i s  
The design and analysis of power systems requires the consideration of a wide 
range of factors, all of which must be held in focus during the synthesis 
process. Nowadays, designing power systems based purely on technical criteria 
is no longer a possibility; economic, environmental and societal concerns must 
also be addressed. 

4 . 1 . 1  S u s t a i n a b l e  D e v e l o p m e n t  

At beginning of the 1970s it began to be realised that unrestricted economic 
growth was having serious detrimental effects on our environment [68], whilst 
simultaneously failing to deliver improved living standards to those who needed 
it most [1]. Global environmental and economic challenges in the late 1970s 
and early 1980s mean that increasing focus began to be placed on the notion of 
sustainable development, defined by the Brundtland commission [113] as: 

“Development that meets the needs of the present without compromising the ability of 
future generations to meet their own needs.” 

Sustainable development is generally considered [21] to be based around the 
three central pillars of the economy, the environment and the needs of society, 
as shown in Figure 4.1. 

 
Figure 4.1. The three pillars of sustainable development. 
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In a short term context, the objectives of these three different pillars may 
appear to be conflicting. Economic growth puts pressure on the preservation of 
natural resources, whilst focusing purely on the protection of the environment 
may restrict the ability of developing nations to achieve the growth they need to 
raise living standards and improve the conditions of society.  

However, in the longer term, a solution needs to be found that simultaneously 
addresses the requirements of all three pillars. Taking into account only one or 
two objectives can lead to situations that are economically viable, socially fair or 
simply liveable, but true sustainability can be only achieved through 
consideration of all three pillars. Responsible use of environmental resources is 
necessary in order to ensure that sufficient resources are available for 
development and economic growth far into the future, such that the long-term 
needs of society can be fulfilled. 

4 . 1 . 2  T h e  T h e r m o e c o n o m i c  A n a l y s i s  P r o c e s s  

The three aspects of sustainable development need to be taken into 
consideration during the design and evaluation of new power generation 
systems. Designing a power plant based purely on technical considerations will 
lead to designs that, whilst achieving high performance, are likely to be too 
expensive to be economically viable. At the same time, focusing solely on costs 
will likely lead to designs that are excessively harmful to the environment and 
which, despite producing low-cost electricity, may not truly be the best solution 
for meeting the needs of society. 

It is therefore necessary to evaluate not only the technical, i.e. thermodynamic, 
performance of the power system, but also to assign costs to the construction 
and operation of the plant and identify the intensity of harmful emissions. This 
process is complicated in the case of a solar power plant (or indeed any 
renewable energy system) by the fact that operation of the plant is strongly 
dependant on the local meteorological conditions, which can vary significantly 
throughout the year.  

As such, designing the power plant and analysing only its nominal performance 
is not sufficient; it is necessary to perform transient simulations in order to 
determine its real output and performance over the course of the year. To 
analyse the hybrid solar power plants, a number of modifications have thus 
made to the standard thermoeconomic analysis approach used for the more 
conventional, base-load, fossil-fired power plants [76]. The thermoeconomic 
analysis process used for the solar thermal power plants can be broken down 
into a number of sub-sections, as shown in Figure 4.2. 

The analysis process begins with design of the power plant. Certain key design 
parameters of the power plant are selected, and steady-state calculation routines 
are then used to determine the nominal operating point, as well as to design and 
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size the power plant equipment. This process is performed using standard 
thermodynamic models and is described in detail in §5.2. 

Having determined the operating conditions and nominal size of the power 
plant equipment, this information is then sent to the transient simulation 
routine, where an entire year’s worth of operation can be simulated, based on a 
given set of meteorological data and a designated operating strategy for the 
power plant. Given the high variability in the solar resource over the year, 
annual simulation of the solar power system is essential in order to obtain a 
representative evaluation of its performance. The transient simulation process 
is performed using a dedicated commercial simulation tool, TRNSYS, which is 
described in more detail in §4.4.1 and §5.3. 

 
Figure 4.2. Sub-sections and information flows within the thermoeconomic tool. 

The equipment sizes and nominal point data are also used to calculate the cost 
of the power plant equipment. Dedicated cost functions assembled from a wide 
variety of sources are used to link equipment size and operating conditions to 
the purchasing cost of the unit; these cost functions are described in §6.2. 
These equipment cost values are then used together with the plant operating 
conditions to calculate the annual maintenance and labour costs. 

The capital, maintenance and labour costs are then combined with the 
performance data from the transient simulation (chiefly fuel and water 
consumption) to get complete values for the total investment and operating 
costs. Basic economic data such as fuel prices and material costs serve as inputs 
to the cost functions, and equipment cost indexes are used to take into account 
the effects of inflation. 
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Finally, the results of the transient performance analysis and the cost 
calculations are combined. As output, the analysis process produces a series of 
thermoeconomic performance indicators, such as total investment costs, 
levelised electricity costs, specific carbon dioxide emissions, water 
consumption, and many more. These performances indicators are described in 
the following sections, and require basic economic data such as equipment 
lifetimes and investment conditions.  

Using the thermoeconomic indicators, the performance of the different power 
plants can be evaluated and compared, both against competing power 
generation technologies as well as between different layouts and designs using 
the same technology. 

4 . 2  P e r f o r m a n c e  I n d i c a t o r s  
In order to quantify the performance of the solar gas-turbine power plants it is 
necessary to define a number of appropriate performance indicators. A mixture 
of thermodynamic, economic and environmental indicators is considered, in 
order to allow the technical, financial and societal value of the power plants to 
be evaluated, and thus ensure that the selected designs fit well within a 
framework of sustainable development. The performance indicators below 
include a number of general power plant performance indicators as well as new 
indicators specific to hybrid solar thermal power plants. 

4 . 2 . 1  T h e r m o d y n a m i c  P e r f o r m a n c e  I n d i c a t o r s  

The thermodynamic performance indicators measure the technical performance 
of the power plant. The most basic performance indicator is the net electrical 
output of the power plant, which can be calculated using Equation (4.1) where 
Egen and Epar are respectively the generator output and plant parasitic 
consumption, which vary throughout the year. 

   
year

pargennet dtEEE   (4.1) 

The extent to which the available capacity of the power plant is utilised is given 
by the capacity factor, which is the ratio of the actual annual electrical output of 
the plant to the theoretical output that would have been obtained if the plant 
had operated at full capacity the entire year. This can be calculated using 
Equation (4.2), where Enom is the nominal capacity of the plant and tyear is the 
number of seconds in a year. 

yearnom

net
cap tE

E
f


 




 (4.2) 
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The quality of the power conversion process can be measured using the 
thermodynamic efficiency [13], calculated using Equation (4.3) as a function of 
the heat contained in the fuel as well as the solar energy incident on the solar 
collector field. The fuel energy input is calculated using the mass flow Mf and 
lower heating value LHVf; the solar input is calculated using the number NH 
and size AH of the heliostats and the instantaneous direct normal irradiation Ib. 

  




year

bHHff

net
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E

LHV
  

(4.3) 

The definition of efficiency in Equation (4.3) suffers from the fact that two 
different sources of heat are summed together and treated equally. While both 
fuel [114] and sunlight [45] are high quality energy sources, only fuel 
consumption is associated with a cost; once construction of the plant is 
completed, use of sunlight is essentially free. Additionally, the energy in the fuel 
is already concentrated and can be introduced directly into the gas-turbine 
whereas the Sun’s energy is relatively diffuse and needs to be collected, 
concentrated and converted to heat before it can be harnessed. 

As such, it can be useful to consider the fuel-electric efficiency, calculated using 
Equation (4.4), where only fuel input to the gas-turbine is considered. This 
efficiency is more closely linked to the operating cost of the power plant, as 
well as to the specific carbon emissions (see §4.2.3). 
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(4.4) 

Utilities and gas-turbine operators [89] use an alternative measure of the fuel 
efficiency, known as the heat rate (HR). This performance indicator (commonly 
given in kJth/kWhe) can be calculated using Equation (4.5), and measures the 
quantity of fuel required to produce a kilowatt-hour of electricity. 

fuel
3600

HR   (4.5) 

4 . 2 . 2  E c o n o m i c  P e r f o r m a n c e  I n d i c a t o r s  

The first key economic performance indicator is the total investment cost 
required to build the power plant; this indicator is then used to derive a number 
of subsequent indicators which qualify this investment cost. Calculation of the 
total investment is the focus of the economic models described in Chapter 6. 
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In order to be able to compare power plants with different sizes, the specific 
investment cost cinv (in USD/kWe) is often used instead of the total investment 
cost Cinv; this can be calculated using Equation (4.6) by dividing the total 
investment cost by the nominal power plant output Enom. 


nom

inv
inv

E

C
c


 (4.6) 

The upfront investment costs, while important, are only part of the costs 
associated with construction and operation of the solar power plant. The 
different cashflows that occur over the lifetime of the power plant are shown 
schematically in Figure 4.3. Three distinct periods can be identified during the 
life of a power plant, namely construction, operation and decommissioning; 
each of these periods lasts a number of years equal to ncon, nop and ndec 
respectively. 

 
Figure 4.3. Cashflows during the lifetime of the solar power plant. 

During construction, money is spent to build the power plant, resulting in 
negative cashflows. Assuming a linear construction profile [39], the total 
investment cost Cinv can be spread evenly over the duration. Operation of the 
power plant cannot begin until construction is completed, so no revenue is 
obtained during this first phase of the power plant’s life. 

Once the power plant is completed and operational, revenue can be generated 
from the sale of electricity; the annual revenue can be determined from the net 
power plant output Enet and the sale price of the electricity λel. Additionally, 
there are a number of costs associated with operation of the power plant, 
resulting in both positive and negative cashflows during this period. Operation 
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costs can be broken down into direct operating costs Coper, which includes fuel 
consumption, annual maintenance costs Cmaint, labour costs Clab for the power 
plant staff and the cost of insuring the power plant equipment Cins. 

At the end of the power plant’s life, the equipment needs to be dismantled and 
the land returned to a condition suitable for future use. Decommissioning of 
the power plant is thus associated with a certain cost Cdec; if a linear profile is 
again assumed [39], this cost can be spread evenly over the duration of the 
decommissioning. At this point, the power plant is no longer operational, so 
again, no revenue can be obtained during this phase. 

If the investment in the power plant is to be profitable, enough revenue must 
be generated during the operation phase to pay for construction and 
decommissioning, as well as to cover the operational expenses. The most 
commonly used measure to determine how much value an investment accrues 
to an investor is the net present value (or NPV). The net present value can be 
calculated using Equation (4.7) based on the discounted sum of the cashflows 
over the life-time of the power plant. Only configurations with a positive net 
present value should be considered as viable investments, as a negative value 
indicates that construction and operation of the power plant would subtract 
value from the firm making the investment. 
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 (4.7) 

The revenue that can be generated by selling electricity is strongly dependant on 
the price at which the electricity is sold. In a liberalised electricity market 
electricity prices can vary significantly, both over the course of the day and 
throughout the year [34], due to shifting patterns of supply and demand. Of 
interest to the designer is the minimum electricity sale price which, over the 
lifetime of the power plant, generates enough revenue to pay back the initial 
loan, cover the operating costs and accumulate reserves to pay for 
decommissioning once operation has ceased; in other words, it is the electricity 
sale price which gives a net present value of zero. 

This minimum electricity sale price is known as the levelised cost of electricity 
(or LCOE), and is possibly the most important indicator of the economic 
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performance of a power plant. Generally speaking, a lower levelised cost of 
electricity means that the plant will be a more profitable investment. 

The levelised cost of electricity can be determined by setting the value of the 
net present value in Equation (4.7) to zero, and rearranging the equation to 
determine the required electricity sale price. This gives the expression shown in 
Equation (4.8) which allows the levelised electricity cost to be determined as a 
function of the initial investment, the cost of decommissioning, the direct 
operating costs, the annual maintenance costs, the labour costs and the net 
annual electricity production. 






net

labmaintoperdecinv

E

CCCCC 
LCOE  (4.8) 

The two factors α and β translate the fixed investment and decommissioning 
costs into the equivalent annual payments necessary to pay back the initial loan 
and accumulate enough capital to pay for decommissioning. They take into 
account the effects of compound interest over the various phases of the power 
plant’s life. The first factor, α, affects the investment cost and can be calculated 
using Equation (4.9) as a function of the real interest rate i, the number of years 
of plant operation nop and the annual plant insurance rate kins.  
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During erection of the power plant, interest begins to accumulate on the money 
that has been borrowed to finance the construction. The longer it takes to build 
the plant, the more interest that accumulates and the greater the total revenue 
that needs to be generated. The additional factor fcon takes into account this 
effect and can be calculated using Equation (4.10) based on the number of 
years ncon that it takes to build the power plant.  
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 (4.10) 

The second factor, β, affects the decommissioning cost and can be calculated 
using Equation (4.11). The additional factor fdec takes into account the number 
of years ndec that it takes to decommission the power plant, and can be 
calculated using Equation (4.12). Longer decommissioning times allow part of 
the costs to be pushed further into the future, reducing the impact of the 
decommissioning costs on the overall levelised cost of electricity. 
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The expression for the levelised cost of electricity given in Equations (4.8) to 
(4.12) is more detailed than that commonly used in the thermoeconomic studies 
of solar power systems [80] as it takes into account the duration of construction 
and decommissioning. If durations of only one year are assumed for both 
construction and decommissioning, the factors fcon and fdec return to a value of 1 
and the more conventional form of the levelised cost equation emerges. 

Typical construction periods for different power generation technologies are 
shown in Table 4.1, with values taken from International Energy Agency 
figures [39]. The decommissioning period can generally be assumed to be equal 
to the construction period, although in the case of nuclear power plants it is 
likely to be considerably longer. 

Power Plant Type 
Construction Period 

[years] 

Wind Farms 1 

Solar Photovoltaics 1 

Solar Thermal Power Plants 2 

Gas-Fired Power Plants 2 

Coal-Fired Power Plants 4 

Nuclear Power Plants 7 

Table 4.1 Power plant construction times for different technologies [39]. 

In the case of hybrid power systems, it can also be of interest to determine the 
levelised cost of only the solar-derived portion of the electricity. To calculate 
the solar-only levelised cost of electricity LCOEsol, it is necessary to divide the 
investment, decommissioning, maintenance and labour costs between the solar 
and fossil-fired parts of the plant: this splitting can be performed based on the 
annual solar share fsol,ann of the power plant.  

Equations (4.13) to (4.16) give the solar-only fractions of the different levelised 
cost components; the superscript PB in these equations refers to the costs for 
the power block, which are shared between both the solar and fossil produced 
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electricity. The only operating costs associated with the solar produced 
electricity are water costs for mirror washing; the entirety of the fuel cost is 
assigned to the fossil-derived electricity. 

  PB
invannsolinv

sol
inv CfCC  ,1  (4.13) 

  PB
decannsoldec

sol
dec CfCC  ,1  (4.14) 

  PB
maintannsolmaint

sol
maint CfCC  ,1  (4.15) 

  PB
labannsollab

sol
lab CfCC  ,1 (4.16) 

Having determined the solar-only cost components, the levelised cost of the 
solar-derived electricity can be calculated using Equation (4.17). When 
comparing hybrid designs against other renewable energy systems, this solar-
only levelised electricity cost allows a more representative comparison of the 
different power generation technologies. 
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4 . 2 . 3  E n v i r o n m e n t a l  P e r f o r m a n c e  I n d i c a t o r s  

In the context of climate change, the most commonly used environmental 
indicator for a power plant is the specific carbon dioxide emissions fCO2 per unit 
of electrical output, typically given in kgCO2/MWhe. Lower specific emissions 
are indicative of a less carbon-intensive electricity production technology. 
Specific carbon dioxide emissions can be calculated using Equation (4.18) based 
on the fuel mass flow Mf in the combustion chamber and the carbon content cC 
of the fuel. 
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When comparing different options for reducing carbon dioxide emissions from 
power production, an interesting performance indicator is the cost of avoided 
carbon emissions, typically given in in USD/tonneCO2, which measures the 
increase in electricity cost that is necessary to avoid a given amount of 
emissions. The cost of avoided carbon emissions cCO2 (can be calculated using 
Equation (4.19), where ΔLCOE is the increase in levelised cost of electricity 
and ΔfCO2 the reduction in specific carbon dioxide emissions, measured relative 
to a reference power plant. 
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As mentioned in §1.1.2, a key motivation for the development of solar gas-
turbine power plants is to reduce water-usage in solar thermal power systems. 
As such, another key environmental performance indicator is the specific water 
consumption of the power plant fH2O (typically given in ltr/MWhe), which can 
be calculated using Equation (4.20) based on the annual water usage VH2O and 
net annual electricity production. 
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A final measure of the environmental performance of the solar power plants is 
land usage, which can grow rapidly as larger solar collector fields are installed. 
While land use in desert areas is not a key concern, it is still advantageous for 
the power plant to maintain as small a footprint as possible. The specific land 
use of the power plants (in m2/GWhe/yr) can be determined using Equation 
(4.21); the land use Aland is linked to the required surface land for the heliostat 
field, as described in §5.4. 
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4 . 3  M u l t i - O b j e c t i v e  O p t i m i s a t i o n  
In the context of sustainable development, the majority of cases of energy 
system analysis will require the consideration of multiple objectives (economic, 
environmental, social), all of which must be held in focus during the design 
process. Often, these will be conflicting and no single design can be found that 
is optimal for all the objectives. 

This fact is especially true of hybrid solar power systems where many different 
performance indicators must be considered. It is desirable that the hybrid 
power plants produce electricity at the most economically competitive rates but 
also produce minimum carbon dioxide emissions and consume as little water as 
possible. These different objectives will likely be conflicting: with the current 
high cost of solar components and relatively cheap fuel, designing purely for 
cost will result in a low degree of solar integration (and thus large emissions), 
whereas aiming simply to minimise emissions will result in designs that are too 
expensive to be economically viable. 
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4 . 3 . 1  P a r e t o - O p t i m a l i t y  

Numerous techniques exist for converting multiple objective problems to single 
objective problems, such as the environomical approach adopted by Pelster 
[76]. However, such techniques are usually based on the use of a number of 
poorly-defined weighting or cost factors which have a large influence on the 
result of the optimisation. Slight variations in the value of these parameters can 
often heavily affect the results and the solutions obtained can therefore not be 
considered to be truly universal.  

A more useful approach is to attempt to determine the optimal trade-off curve 
that exists between the different objectives. In this way, a range of solutions is 
presented to the decision maker, who can choose the desired compromise 
between objectives.  

The notion of optimality for a multiple objective problem was first addressed 
by Pareto [75] in 1896, who gave a precise meaning to the notion of an optimal 
trade-off curve. Mathematically, a design that is Pareto-optimal can be defined, 
according to Leyland [57], using the expression below. 

Given a search space Ѕ ∈ m, where m is the number of decision variables, and an 
objective function f x  which maps Ѕ into the objective space  ∈ n, where n is the 
number of objectives, a design x is said to be Pareto-optimal in Ѕ and f if there exists 
no design y where fk y 	 	fk x  for all objectives k	 	1,…,n and fk y 	 	fk x  
for at least one objective k. 

A design can thus be considered to be Pareto-optimal if there exists no other 
design that is simultaneously better in all objectives, i.e. moving from a Pareto-
optimal design to any other feasible design makes at least one objective worse. 
The set of all the Pareto-optimal designs in objective space is known as the 
Pareto-optimal front, which represents the optimal trade-off curve between the 
different objectives. 

 
Figure 4.4: Pareto-optimal front for a generic trade-off. 
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A generic trade-off between quality and cost is presented in Figure 4.4; the 
Pareto-optimal front bounds the feasible design space and provides the optimal 
trade-off curve between the two objectives. It can clearly be seen that the 
selection of a feasible design that is not situated on the Pareto-optimal front is 
‘naïve’, as better quality could be achieved for the same cost, or the same quality 
could be achieved at much lower cost. 

4 . 3 . 2  E v o l u t i o n a r y  A l g o r i t h m s  f o r  O p t i m i s a t i o n  

The optimisation of energy systems presents a number of difficulties that 
cannot be overcome using traditional, gradient-based, optimisation techniques. 
The problems are generally non-linear, discontinuous and have several local 
optima [76]. Additionally, if technology choices are to be made during 
optimisation, a number of decision variables must be selected amongst integer 
values, representing the choices available. Energy system optimisation is thus a 
mixed-integer non-linear problem (MINLP), requiring special optimisation 
techniques to be used. 

Evolutionary algorithms are well adapted to solving this class of problem [57]. 
They are robust optimisers that are capable of solving almost all classes of 
problems with very little preparation of the model. Evolutionary algorithms are 
part of a much wider class of optimisation routines [57] known as population 
based algorithms. Such techniques maintain a ‘population’ of designs, determined 
by resolution of the model, and move this population towards a set of optimal 
designs through ‘evolution’. A major advantage of these algorithms is that they 
work only with function values and require no additional information about the 
problem space, such as derivatives. This is vital in the case of large or 
discontinuous problems, for which it is impractical, or even impossible, to 
calculate the local derivatives of the objective space. 

As a result, the model to be used for the optimisation can be developed using a 
black box approach [64], as shown schematically in Figure 4.5. The black box 
technique treats the optimiser and model as two distinct entities, which 
exchange information only in the form of the decision variables and the 
corresponding values of the objective functions. The optimiser is not provided 
with any additional information about the nature of the model. This approach 
can be used with many classes of optimisation algorithms, but is best suited to 
heuristic methods such as the evolutionary algorithms considered here. 

The black box approach assumes that the model is sufficiently robust that it can 
calculate values of the objective function for any combination of values of the 
decision variables. In cases where the values of the decision variables violate 
some fundamental constraint of the model, an appropriate signal must be sent 
to the optimiser so that it is aware that the design in question is not a viable 
solution of the problem. In this way, the optimisation can continue and this 
‘hole’ in the model can be avoided. 
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Figure 4.5: Black box optimisation scheme. 

Despite the attractive features of evolutionary algorithms, certain assumptions 
about the model being optimised must be validated [57] in order to justify the 
use of this optimisation technique.  

Firstly, it is assumed that the model is ‘awkward’ and presents at least some of 
the problematic features mentioned above. If this were not the case, i.e. if the 
model was sufficiently smooth or its derivatives could be easily calculated, 
faster convergence would be obtained through the use of gradient-based 
methods, and the use of an evolutionary algorithm would not be justified.  

Secondly, it is assumed that although the problem may be complicated, it is 
nevertheless a model of a real system, and as such optimal designs do exist. 
Therefore, even though the derivatives of the model cannot be calculated, the 
presence of a good solution for a particular set of decision variables implies the 
existence of other good solutions in the neighbourhood of that design. 

4 . 3 . 3  O p t i m i s a t i o n  P r o c e d u r e  

To start the optimisation process, an initial population of designs is randomly 
generated within the limits of the decision space, and each design is then 
evaluated using the model. The individual designs are represented by their 
decision variables and the associated values of the objective functions.  

The next step is to create a new generation of designs by combining the 
parameters of the existing designs. In order for these new designs to be better 
than the old, and thus for the whole population to evolve towards optimal 
designs, it is necessary that the individuals with more desirable values of the 
objective functions have a greater chance of being selected to generate new 
designs. With multiple objectives, the process of determining which designs are 
‘best’ is more complicated than would be the case for a single objective, as a 
design can be simultaneously very good in one objective and very poor in 
another. 

In order to rank the population, and thereby assign a measure of quality to each 
design, it is necessary to return to the notion of Pareto-optimally defined above. 
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Ranking of the population is performed using the notion of the non-dominated 
set (NDS), which is an approximation of the Pareto-optimal front [57]. Within 
the population, the designs that form the non-dominated set are the designs 
that are currently Pareto-optimal and therefore the best approximation of the 
optimal trade-off curve found thus-far. 

The ranking process proceeds as shown in Figure 4.6. Starting with the entire 
population, the non-dominated set is determined and these designs are assigned 
the highest rank. The non-dominated set is then removed from the population 
and, based on the remaining designs, a new non-dominated set is determined; 
these designs are assigned to the second rank. This process repeats until no 
dominated designs remain. 

 
Figure 4.6: Population ranking using non-dominated sets. 

Having ranked the population, it is now necessary to determine which designs 
will be selected as ‘parents’ and used to generate the new, and hopefully 
improved, designs. Parent selection is random, but with higher ranked designs 
having a greater probably of selection. The process is illustrated in Figure 4.7. 
The entire population of designs is first sorted by rank. A random selection 
variable is then chosen, passed through a selection function and used to choose 
which designs become parents. 

The parent selection function works by raising the random selection variable to 
a certain power; the higher the power, the more probable it becomes that 
higher ranked designs are chosen as parents. In this way, the better designs 
within the population have a greater chance of being selected and passing on 
their decision variables to the new designs. However, it is important that there 
exists a possibility, however small, that any design can become a parent, in order 
to ensure that sufficient diversity is maintained within the population, and thus 
that the entire search space is explored. 
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Figure 4.7: Parent ranking and selection. 

The values of the decision variables for the ‘child’ design are then selected using 
a crossover technique. A certain amount of characteristic information is 
exchanged between the two parents selected for reproduction, and the decision 
variables of the child are determined using a blend of the values from the 
parents. As is shown in Figure 4.8, the offspring’s parameter values are chosen 
randomly within an interval around the values of their parents’ parameters. The 
values chosen are limited by the upper and lower bounds on the variables. 

 

Figure 4.8: Blend crossover for selection of offspring parameters. 

To increase the diversity of designs within the population, there is also a 
random chance that ‘mutation’ will occur during the creation of a child. When 
mutation occurs, the value of one or more of the offspring’s parameter values is 
modified and selected at random from within the entire range of acceptable 
values. In this way, a more complete exploration of the parameter space will be 
performed, allowing the detection of multiple local optima. If mutation was not 
included, the population of designs would quickly stagnate close to any local 
optima revealed by the initial population and other, potentially more interesting, 
regions could be overlooked. 

Having generated the child design, its performance is then evaluated in order to 
determine the associated values of the objective functions. If the performance 
of the child is better than that of the parents (i.e. if the child dominates the 
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parents) then the parents are removed from the population and the set of 
solutions moves closer to being a true representation of the Pareto-optimal set. 

One of the major inconveniences of evolutionary algorithms it that there exists 
no easily-defined criterion for choosing when to stop the iterations. It is always 
possible for the algorithm to continue generating new designs, without 
contributing to an overall improvement of the population. Qualitatively 
however, it can be assumed that if the current non-dominated set does not vary 
over a large number of iterations, then these designs can be selected as an 
acceptable candidate for the Pareto-optimal front. 

4 . 4  T h e  D Y E S O P T  T o o l  
In order to implement the thermoeconomic analysis process described in 
§4.1.2, a new software tool has been developed. This tool, named DYESOPT 
(for DYnamic Energy System OPTimiser) has been designed as an integrated 
tool, capable of performing power plant design, performance evaluation and 
equipment costing. The DYESOPT tool also integrates a multi-objective 
population-based evolutionary algorithm, allowing Pareto-optimal power plant 
configurations to be identified and trade-off studies to be performed, based on 
the performance indicators calculated by the thermoeconomic models. 

As the various models are intended to be used within an optimisation 
environment, they need to be flexible with respect to the design parameters and 
thus allow configurations with different operating conditions to be simulated. 
Additionally, the highly variable nature of the solar flux requires the use of 
transient or dynamic models, in order to correctly evaluate the performance of 
the hybrid solar power plant designs. 

Consideration of these different factors has led to the structure shown in Figure 
4.9. The core of the tool operates as a black-box model: receiving decision 
variables from the optimiser, in the form of key power plant parameters, and 
returning values of the objective functions, selected from amongst a range of 
thermoeconomic performance indicators (see §4.2). Overall, the structure of 
the tool follows the procedure laid out in §4.1.2. 

As a first step, the decision variables from the optimiser are used to design the 
power plant equipment, which forms the basis for the transient simulation and 
the cost calculation. The power plant layout can be selected from amongst a 
large library of configurations, allowing different power plant layouts to be 
analysed and compared. 

Transient simulation is performed using an external simulation tool: TRNSYS. 
Data from the DYESOPT tool is sent to TRNSYS through an interface which 
generates the needed input files for the external tool. Simulation in TRNSYS 
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requires nominal data for the power plant design, as well as meteorological data 
for the chosen power plant location. Similarly to the power plant configuration, 
the meteorological data can be selected from amongst a library of available 
locations. The results of the TRNSYS simulation are written to an output file 
which is then read back into the DYESOPT core. The state points, flow rates 
and thermal/mechanical powers for each timestep are saved and made available 
to other routines within DYESOPT. 

 
Figure 4.9: Structure of the DYESOPT thermoeconomics tool. 

The nominal point data and the transient simulation results are both sent to the 
thermoeconomic model, where they are combined with a series of cost 
functions in order to evaluate the performance of the power plant design. The 
financing conditions and material costs can be easily adapted in order to analyse 
the performance of the designs under different economic conditions. 

Finally, the thermoeconomic performance indicators are returned to the 
optimisation algorithm, which uses them to generate new designs for analysis, 
and the process repeats until the solution of the multi-objective optimisation 
has converged. 

4 . 4 . 1  T h e  T R N S Y S  S i m u l a t i o n  E n v i r o n m e n t  

The transient models of the solar thermal power plants have been developed 
using TRNSYS, a TRaNsient SYstem Simulation tool. TRNSYS is a flexible 
simulation environment used for the simulation of different transient and 
dynamic systems. The tool was originally developed by the Solar Energy 
Department of the University of Wisconsin-Madison [93] to perform dynamic 
simulations of solar hot water systems, but has since been expanded to thermal 
and electrical energy systems in general. 
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Two key concepts lie at the core of the TRNSYS tool. The first is an extensive 
library of pre-defined component models, which are referred to within 
TRNSYS as ‘Types’. A Type is a self-contained simulation component, which 
contains all the routines needed to model the behaviour of a single element of 
the system. The structure of a TRNSYS Type is standardised, allowing users to 
write their own. A large number of external libraries are thus available for 
TRNSYS, such as the Solar Thermal Electric Components (STEC) library [86] 
used in this work. 

Within the simulation environment, each Type operates as a self-contained 
black-box model, linking the values of the outputs to those of the inputs 
provided at each timestep. The equations that link the inputs to the outputs can 
be either algebraic or ordinary differential equations and the outputs thus 
include not only physical quantities, but also derivatives of these quantities. 
Additionally, each Type contains a set of fixed parameters representing the 
characteristics of the component; these values do not vary throughout the 
simulation. The Types are connected to each other by links representing 
physical pipes or information flows, allowing data to be transferred between the 
components. In this way, the output of one Type can be provided as input to 
another Type, simulating a connected system. 

The second part is the Kernel, the engine that performs the transient 
simulation. The Kernel reads and processes the TRNSYS input file containing 
the information required to run the simulation, e.g. which Types are used, how 
they are connected, which resolution algorithm to use, etc., as well as any 
additional input files such as weather files. The system in then solved iteratively 
using successive substitution (shown schematically in Figure 4.10), until the 
design convergence target is reached. 

 
Figure 4.10: Successive substitution for resolution of the TRNSYS model. 

Before resolution begins, the different Types are ordered and an initial guess xi* 
is provided for all the inputs to the types. The first Type is then solved using 
this initial guess, providing values of the output functions f. The resolution 
process then passes to the next Type, where values of the guessed inputs are 
replaced with the values of the outputs of the first Type where applicable. This 
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process continues through all the Types, successively replacing the initial values 
of the guessed inputs with updated values from the output of connected Types, 
until convergence is reached.  

The solution for a given timestep is said to be converged once the maximum 
variation in the outputs from the Types is less than the stated tolerance. If 
fi,n(x*) is the value of the output i of Type n based on the values of the input x* 
at the beginning of the iteration, and fi,n(x) the value at the end of the iteration, 
then convergence occurs once Equation (4.22) is satisfied. The process then 
moves to the next timestep, with the final values of the inputs at the end of the 
previous timestep taken as the initial values for the next timestep. 
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Transfer of information between DYESOPT and TRNSYS is performed using 
a series of text files. The selected meteorological data is written to a text file in 
TRNSYS-readable format, which can then simply be opened within TRNSYS 
using an external data-reader (Type 9). Outputs from the TRNSYS model 
include the temperatures, pressures and mass flows at each state point within 
the power cycle, as well as the thermal, mechanical and electrical powers from 
each component. These values are written to text files by TRNSYS using the 
Type 65c external printer. 

The nominal parameters of the power plant equipment are transferred to 
TRNSYS using the CONSTANTS file, which is processed by the Kernel 
before resolution of the system begins. All the necessary power plant design 
variables are written to this file by DYESOPT before TRNSYS is launched, 
and these values are then available within TRNSYS as constants which can be 
used either as inputs or parameters for the different Types. In this way a 
generic TRNSYS model can be developed, and the parameters of the power 
plant modified based on the current design generated by the optimiser. 

4 . 4 . 2  T h e  Q u e u i n g  M u l t i - O b j e c t i v e  O p t i m i s e r  

The multi-objective optimisation algorithm used in this work was the Queuing 
Multi-Objective Optimiser (QMOO), which was developed at the Laboratory 
for Industrial Energy Systems at the Swiss Federal Technology Institute in 
Lausanne.  

QMOO was specifically designed for the complex problem of energy systems 
optimisation and, as such, has a number of features that distinguish it from 
other multi-objective evolutionary algorithms. A complete description of 
QMOO can be found in the works of Leyland [57] and Molyneaux [70], a brief 
summary is given below. 



 103

A key feature of the algorithm employed by QMOO is that it is extremely 
elitist, to the point of preserving the entire non-dominated population. This 
results in fast convergence but requires the use of additional methods to ‘thin’ 
the current population when the large number of designs in the population 
becomes unmanageable. These thinning methods need to be carefully designed 
in order to ensure that they result in better performance than preservation of 
the entire non-dominated set.  

QMOO also uses statistical classification methods to identify and preserve 
different clusters of solutions, resulting in an effective search for multiple local 
optima, and consequently a higher speed of convergence towards the global 
optimum.  

The large computational requirements of these operations are justified as the 
time required for the evaluation of energy system models is typically large, and 
thus any technique that can reduce the number of function evaluations will 
increase the overall convergence speed. 
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5  Hybrid Solar Gas-Turbine 
Performance Models 

In this chapter the performance models for the simple-cycle hybrid solar gas-turbine power 
plant are presented, starting with the steady-state models used to size the power plant 
equipment and establish the nominal design conditions, followed by the transient models 
used to evaluate the annual performance of the power plant. 

5 . 1  P e r f o r m a n c e  M o d e l l i n g  A p p r o a c h  
The first stage of the thermoeconomic analysis involves determining the 
thermodynamic performance of the power plant concept. Within the 
framework of the entire thermoeconomic analysis, presented in §4.1.2, this 
comprises the two sub-sections of the study highlighted in Figure 5.1, namely 
the design of the power plant, followed by the transient simulation. 

 
Figure 5.1: Performance modelling segments of the thermoeconomic analysis. 

Starting from the parameters of the desired power plant configuration, the 
power plant design segment calculates the nominal operating conditions using a 
steady-state model. The steady-state model (presented in §5.2) determines the 
thermodynamic states at key points within the system and allows the power 
plant equipment to be sized for nominal operation. Information about the 
power plant design is then transferred to the transient simulation model 
(presented in §5.3) which requires nominal point data in order to calculate the 
off-design behaviour of the power plant during the annual performance 
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simulation. The nominal design and transient performance mapping of the 
heliostat field requires a special modelling approach, which is presented in §5.4. 
Additionally, the transient simulation model requires input in the form of 
meteorological data and power plant operation and control strategies, which are 
described in §5.3.2 and §5.5, respectively. It is these two factors that are largely 
responsible for the off-design operation of the power plant throughout the 
year. 

5 . 2  S t e a d y - S t a t e  M o d e l  
The steady-state model of the hybrid solar gas-turbine calculates the 
thermodynamic states (temperature, pressure, enthalpy, etc.) as well as the 
different mass flows within the cycle. The layout of a simple-cycle hybrid solar 
gas-turbine in serial hybridisation configuration was presented in Figure 3.5, 
and the corresponding temperature-entropy diagram of the power conversion 
cycle was shown in Figure 3.6.  

In physical terms, the model of the hybrid solar gas-turbine consists of five 
main sub-components: the compressor, the central tower, the solar receiver, the 
combustion chamber and the turbine. The relationships between these 
components are shown in Figure 5.2, along with the different mass flows within 
the gas-turbine cycle. 

 
Figure 5.2: Sub-components and mass flow of the hybrid solar gas-turbine unit. 

For steady-state calculation of the gas-turbines in this thesis, ambient 
conditions were taken from the ISO standard for gas-turbine performance [43], 
namely 15°C, 1.013 bar (sea level) and 60% relative humidity. 
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5 . 2 . 1  C o m p r e s s o r  

The compressor is assumed to be a multistage axial compressor, with a given 
nominal pressure ratio Пc. The objective of the steady-state compressor model 
is to calculate the power required to compress a certain mass flow of air over a 
given pressure ratio, as well as to determine the thermodynamic state of the 
high-pressure air at the outlet. 

The following hypotheses have been used for the model of the compressor: 

• No heat exchange between the compressor and the environment. 
• Variations of kinetic and potential energy are negligible. 
• Air-filter dissipation is characterised by a pressure loss factor. 
• Internal dissipation is characterised by an isentropic efficiency. 

The pressure at the inlet of the compressor is slightly below ambient pressure 
due to losses in the air filtration system, which are characterised by the relative 
pressure drop factor fdP. The inlet pressure to the compressor can therefore be 
calculated using Equation (5.1). No work is extracted from the flow during this 
pressure loss, so h1 = h0. 

 inlt
dPfPP  101  (5.1) 

The outlet pressure can be calculated using Equation (5.2) based on the 
pressure ratio of the compressor unit. 

cPP  12  (5.2) 

With the chosen hypotheses, the compression can be considered adiabatic but 
non-isentropic [14], and is thus characterised by an isentropic efficiency ηsc. As 
such, the outlet enthalpy h2 can be calculated from the inlet enthalpy h1 and the 
enthalpy of the isentropic compression h2s using Equation (5.3). 
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The shaft power consumption Ec of the compressor can then be determined 
using Equation (5.4) based on the total mass flow of air to be compressed Minlt 
and the mechanical efficiency ηmec of the compressor unit. 
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The isentropic efficiency of the compressor is calculated from the polytropic 
efficiency using Equation (5.5) based on the pressure ratio of the machine as 
well as the gas constant r and the isobaric specific heat capacity cp of the air [14]. 
As the polytropic efficiency can be considered constant for a given technology 
level [9], Equation (5.5) allows the effect of decreasing isentropic efficiency 
with increasing pressure ratio to be taken into consideration. 
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Five different gas-turbine technology levels were identified by Bhargava [9], 
based on the historical evolution of the combustor firing temperature, and the 
corresponding values for the polytropic efficiencies are shown in Table 5.1.  

Technology 
Level 

Firing 
Temperature

[°C] 

Polytropic Efficiency Number 
of Cooled 

Stages Compressor Turbine 

A 1500 0.91 0.89 3 

B 1300 0.90 0.89 2 

C 1100 0.87 0.88 1 

D 900 0.81 0.87 1 

E 700 0.74 0.85 0 

Table 5.1 Polytropic efficiencies for different gas-turbine technology levels [9]. 

Also shown in Table 5.1 are typical values for the number of cooled stages in 
the turbine-expanded, which increases with the firing temperature. This will 
influence the required mass flow for cooling of the turbine, which is extracted 
from the high-pressure air at the outlet of the compressor.  

As shown in Figure 5.2, the outlet mass flow is split into the main flow Mmain, 
the purging flow Mpurge and the blade cooling flow Mcool, with only the main flow 
being sent to the solar sub-system and combustion chamber. The calculation of 
the cooling mass flows is presented in §5.2.5. Once the blade cooling and 
purging flows are fixed, the main flow can then be calculated from the total 
compressor inlet flow using Equation (5.6). 

 purgecoolinltmain MMMM    (5.6) 
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5 . 2 . 2  C e n t r a l  T o w e r  P i p i n g  

A concentric-tube ducting arrangement has been selected for the pipe leading 
the high-pressure compressor air up the central tower and returning the heated 
air from the solar receiver to the gas-turbine on the ground; this piping 
arrangement is shown schematically in Figure 5.3, based on a concept proposed 
by Siemens Industrial Turbomachinery [58]. The relatively cooler air from the 
compressor ascends through the outer annulus and the hotter air from the 
receiver descends through the central pipe; this layout minimises the need for 
cooling of the hot inner pipe. 

 
Figure 5.3: Composite concentric piping arrangement for the central tower. 

In order to reduce heat transfer between the hotter air descending from the 
receiver and the colder air from the compressor discharge, a stationary air-gap 
is used, as shown in Figure 5.3. Stagnant air provides a resistance to heat 
transfer without the need for expensive high-temperature insulation. The use of 
concentric pipes and a thin, flexible, air-gap spacer also allows the piping to 
better cope with thermal dilation during transient operation. 

The objective of the steady-state tower piping model is to calculate the overall 
heat transfer coefficient between the hot and cold gas streams as well as the 
nominal pressure losses occurring during transit of the pressurised air up and 
down the central tower. 

The following hypotheses have been used for the model of the tower piping: 

• External pipe perfectly insulated, not heat losses to the environment. 
• No mixing of the hot and cold stream fluids. 
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In terms of heat transfer, the tower piping can be modelled as a counter-flow 
heat exchanger. The total heat Q transferred between the two streams can be 
calculated using Equation (5.7) which is based on the effectiveness-NTU 
technique [36], where ε is the heat exchanger effectiveness, Mmain the mass flow 
through the tower, cp the specific heat capacity of the fluid and T2 and T4 the 
compressor discharge and receiver outlet temperatures, respectively. 

 24 TTcMQ pmain     (5.7) 

Assuming pure counter-flow, the heat exchange effectiveness is given by 
Equation (5.8) where NTU is the number of transfer units [36], a dimensionless 
parameter that relates the overall heat exchange potential to the heat capacity 
rate of the flow. The total heat exchange potential is the product of the overall 
heat transfer coefficient U and the available heat transfer surface A. 
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Defined with respect to the inner pipe surface area, the overall heat transfer 
coefficient is given by Equation (5.9), where αhs and αcs are the convective heat 
transfer coefficients of the hot and cold streams, respectively. Nlayer is the 
number of insulating layers, kn the thermal conductivity of a given layer and rn 
the external radius of that layer. The internal and external radii of the composite 
interior pipe are denoted by rint and rext as shown in Figure 5.3. 
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For turbulent heat transfer within smooth tubes, Staine [94] recommends 
Equation (5.10) where kb is the thermal conductivity at bulk temperature, μb the 
bulk dynamic viscosity and d a representative diameter: for the hot stream this 
is the inner diameter of the pipe, whereas for the cold stream (which flows 
within the annulus) the hydraulic diameter is used to take into account the non-
circular nature of the flow channel. 
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Pressure losses within the tower piping result from a number of different 
phenomena. The overall pressure drop ΔPtot is calculated using Equation (5.11) 
as the sum of the losses during extraction of the main air-flow after the 
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compressor ΔPext, friction losses within the piping itself ΔPpipe (during both 
ascent and descent of the tower) and finally losses during return of the heated 
air to the gas-turbine ΔPret. 

retpipeexttot PPPP    (5.11) 

Losses during extraction of the air flow from the compressor result from the 
simultaneous deceleration and turning of the flow. According to Avellan [5] 
these losses can be calculated using Equation (5.12) where ρb is the bulk density 
of the air and utow and uc are the flow speeds in the tower piping and compressor 
respectively. Typical flow speeds at the exit of the compressor are around 
120 m/s [14] whereas the flow speed within the tower piping will depend upon 
the chosen dimensions. 
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According to Staine [94], turbulent pressure drop within smooth tubes can be 
calculated using Equation (5.13), where hT is the height of the central tower. 
Once again, the inner diameter is used for the hot stream and the hydraulic 
diameter is used for the cold stream flowing within the annulus. 
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Losses during return of the heated flow to the gas-turbine combustion chamber 
result primarily from turning of the flow and can thus be calculated using 
Equation (5.14). 
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5 . 2 . 3  S o l a r  R e c e i v e r  

The solar receiver considered in this work is based on a concept similar to the 
pressurised volumetric design developed as part of the SOLGATE project, 
described in §3.6. The objective of the steady-state receiver model is to 
calculate the nominal efficiency and thus the nominal solar power input 
demanded by the receiver. The nominal pressure loss occurring within the 
receiver also needs to be determined. 
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The following hypotheses have been used for the model of the solar receiver: 

• Only radiation losses are significant at high temperatures. 
• The absorber is a grey-body with a given absorptivity. 

The basic energy balance at a solar receiver was described in §2.2.2, taking into 
account the solar heat input to the receiver, the useful thermal power extracted 
Quse and the rate of heat loss. For the specific volumetric receiver design 
considered here, the energy balance is expressed using Equation (5.15), where 
Qrec is the thermal power delivered to the solar receiver, the calculation of which 
is described separately in §5.4 and §5.5.3. 
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Equation (5.15) takes into account the optical efficiency of the receiver ηopt as 
well as the absorptivity and emissivity of the volumetric absorber, αr and εr 
respectively. Due to the volumetric effect and the presence of a pressurised 
glass cover, the equivalent temperature for radiative heat loss is taken as the 
mean temperature between the inlet and outlet of the receiver, based on a 
similar assumption by Schwarzbözl [86]. 

The optical efficiency of receiver takes into account the effects of the quartz 
glass cover that maintains the pressure within the receiver. Higher operating 
pressures require thicker glass, which reduces the optical efficiency due to 
higher reflection and absorption at the glass window; this effect is taken into 
account using Equation (5.16). The reference values for the operating pressure 
and optical efficiency are taken from the SOLGATE receiver [24] [35], with 
values of 6.5 bar and 87% respectively. 
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The useful power output of the receiver is employed to heat the main 
compressor flow from T3 to T4, as given by Equation (5.17). By combining 
Equations (5.15) and (5.17), the nominal power needed to be delivered by the 
heliostat field can be determined. 

 34 hhMQ mainuse    (5.17) 

The pressure drop through the receiver results from a combination of two 
phenomena. The overall pressure drop ΔPtot can be calculated using Equation 
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(5.18) as the sum of the losses during extraction and distribution of the flow at 
the top of the tower piping ΔPext and friction losses within the receiver absorber 
itself ΔPabs. 

absexttot PPP   (5.18) 

In a similar manner to the compressor, losses during extraction of the air flow 
at the top of the tower result from the simultaneous deceleration and turning of 
the flow. According to Avellan [5], these losses can be calculated using 
Equation (5.19), where ρb is the bulk density of the air and utow is the flow speed 
in the tower piping. 
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The pressure losses with the receiver modules are estimated using Equation 
(5.20) based on the mass flux Gr within the receiver, the operating pressure and 
the mean temperature within the receiver. Reference values are again taken 
from the SOLGATE receiver [24] [35], with a reference pressure drop ΔPref of 
40 mbar, a reference mass flux Gref of 1.063 kg/m2s, a reference operating 
pressure Pref of 6.5 bar and a reference mean temperature of 700°C. 
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5 . 2 . 4  C o m b u s t i o n  C h a m b e r  

The objective of the steady-state combustion chamber model is to calculate the 
nominal mass flow of fuel required to drive the gas-turbine. The composition 
of the combustor outlet gases must also be determined. 

The following hypotheses have been used for the model of the combustor: 

• Complete combustion occurs. 
• No thermal losses from the combustion chamber. 
• The water content of the combustion air is negligible. 

The required mass flow of fuel can be determined by a simple energy balance 
within the combustion chamber, shown schematically in Figure 5.4. The energy 
released during combustion of the fuel must be sufficient to heat the air from 
the tower outlet temperature up to the desired combustor outlet temperature. 
Additionally, the fuel itself must also be heated to the same temperature. 
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Figure 5.4: Mass flows within the combustion chamber. 

The ratio of fuel mass flow Mfuel to main compressor mass flow Mmain can be 
calculated using Equation (5.21), where Δha is the change in enthalpy required 
to bring the air mass flow from T5 to T6 (the combustor outlet temperature), 
LHVf is the lower heating value of the fuel and Δhf is the change in enthalpy of 
the fuel between the fuel inlet temperature and the combustor outlet 
temperature. A standard fuel inlet temperature of 5°C was assumed [89]. 
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Concerning pressure drop, a fixed nominal pressure drop of 4% was assumed, 
based on information communicated by Strand [96]. The total mass flow of 
combustor outlet gas is the sum of the main compressor flow and the fuel mass 
flow, as given by (5.22). 

fuelmaincomb MMM    (5.22) 

Having calculated the mass flow rate of fuel, it becomes possible to determine 
the composition of the combustor exhaust gases. The combustion reaction is 
modelled using Equation (5.23), in which the fuel (typically natural-gas) is 
considered as a generic hydrocarbon, with x atoms of carbon and y atoms of 
hydrogen forming a single fuel molecule. Additionally, natural-gas is considered 
a ‘clean’ fuel, containing no sulphur, nitrogen or other impurities, as the main 
focus of this work is placed on carbon dioxide emissions. 
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The carbon content of the fuel cC can be determined using Equation (5.24). 
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Based on the generic reaction in Equation (5.23), the mass composition of the 
combustion outlet gases can be calculated using Equations (5.25) to (5.28). The 
compressor air entering the combustor consists of 75.6% nitrogen, 23.2% 
oxygen and 1.2% argon by mass (cN2, cO2 and cAr respectively). The composition 
of the inlet air is denoted by the subscript a, and that of the outlet gases by g. 
During combustion, oxygen is consumed for the formation of carbon dioxide 
and water, the mass fractions of which are denoted cCO2 and cH2O respectively. 
Nitrogen and argon do not participate in the reaction process and are thus 
simply diluted by the injection of fuel, as per Equation (5.28). 
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5 . 2 . 5  B l a d e  C o o l i n g  

As mentioned in §5.2.1, a certain mass flow fraction is extracted from the high-
pressure side of the compressor and used to supply air for purging and sealing 
of the gas-turbine. Additionally, if the combustor outlet temperature is higher 
than the material limits of the turbine blades, additional air is required for blade 
cooling. The objective of the blade cooling model is to determine the fraction 
of the main compressor mass flow that needs to be extracted for the different 
cooling purposes. 

The mass flow of air required for purging of the gas-turbine Mpurge, is relatively 
constant and, as communicated by Strand [96], can be considered to represent 
around 3% of the compressor inlet flow Minlt. 

The mass flow of air required for blade cooling depends on the temperature of 
both the compressor and combustor exhaust gases. In this work, the cooling 
mass flows are calculated using the model proposed by Jonsson [47], which is 
based on a simple lumped heat transfer model between the hot combustor gas, 
the cooler compressor air and the turbine blade surface. According to this 
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model, preventing the blades from exceeding a maximum temperature Tb when 
exposed to a mass flow Mcomb of hot gas at the combustor outlet temperature T6 
requires a mass flow Mcool of compressor air at temperature T2.  

The cooling mass flow can be calculated using Equation (5.29), where b is a 
proportionality constant. The ratio of the specific heat capacities cp,c and cp,g of 
the compressor and exhaust gases takes into account the difference in physical 
properties of the two streams. If the combustor outlet temperature is lower 
than the maximum blade temperature, no blade cooling mass flow is required 
and mcool is equal to zero. 
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A maximum blade temperature of 880°C has been assumed, based on 
information received for contemporary industrial gas-turbines [89], [96]; the 
constant b is set to a value of 0.154 based on the same information. 

5 . 2 . 6  T u r b i n e  

The turbine-expander is assumed to be a multistage axial turbine. The objective 
of the steady-state turbine model is to calculate the power that can be extracted 
from the expansion of a certain mass flow of gas across a certain pressure ratio, 
as well as to determine the thermodynamic state of the exhaust gases. 

The following hypotheses have been used for the model of the turbine: 

• Blade cooling effects can be taken into consideration through the use of 
a fully-mixed turbine inlet temperature. 

• No heat exchange between the turbine and the environment. 
• Variations of kinetic and potential energy are negligible. 
• Exhaust dissipation is characterised by a pressure loss factor. 
• Internal dissipation is characterised by an isentropic efficiency. 

In the case of an open-loop air-cooled turbine, where the cooling air mixes 
directly with the expanding gases, the true expansion in the turbine can be 
modelled as a standard adiabatic expansion starting from an equivalent turbine 
inlet temperature. The turbine inlet temperature is lower than the combustor 
outlet temperature, and is defined according to the ISO standard [43] as the 
thermodynamic temperature resulting from mixing of the hot gas from the 
combustor and the entire cooling flow from the compressor. 

The equivalent turbine inlet temperature T7 can be calculated using the energy 
balance given in Equation (5.30), where hg and ha are respectively the enthalpies 
of the exhaust gases and cooling air at the turbine inlet temperature. 
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     2776 hThMThhM acoolgcomb    (5.30) 

Mixing of the cooling flow with the combustor exhaust gas also changes the 
average composition of the gases expanding within the turbine, which affects 
the thermodynamic properties of the gas. The new composition can be 
calculated using Equations (5.31) and (5.32), where the composition of the 
cooling air is denoted by the subscript a, that of the combustor outlet gases by g 
and that of the mixed gas in the turbine by t. 
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During expansion, the composition of the gas is assumed to be constant and 
equal to that of the fully mixed combustor and cooling flows. The total mass 
flow through the turbine unit is thus calculated using Equation (5.33) as the 
sum of these two flows. 

coolcombexh MMM    (5.33) 

The pressure ratio across the turbine Пt. is lower than the pressure rise in the 
compressor, due to pressure losses in the solar receiver and tower, as well as in 
the combustion chamber and the turbine exhaust. The outlet pressure for the 
turbine can be calculated using Equation (5.34), where fdP is the relative pressure 
drop factor of the exhaust ducting and silencer. 
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The pressure ratio across the turbine can then be calculated directly using 
Equation (5.35). 
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With the chosen hypotheses, the turbine can be considered adiabatic, but non-
isentropic [14], and is thus characterised by an isentropic efficiency ηst. As such, 
the outlet enthalpy h8 can be calculated from the equivalent turbine inlet 
enthalpy h7 and the isentropic expansion enthalpy h8s using Equation (5.36). 
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 s8778 hhhh sc    (5.36) 

The shaft power output Et of the turbine can then be determined using 
Equation (5.37) based on the total exhaust mass flow Mexh and the mechanical 
efficiency ηmec of the turbine unit. 

 87 hhME inltmect     (5.37) 

The isentropic efficiency of the turbine is calculated from the polytropic 
efficiency using Equation (5.5) based on the pressure ratio of the machine as 
well as the gas constant r and the isobaric specific heat capacity cp of the 
expanding gases [14].  
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The value of the polytropic efficiency can be considered constant for a given 
gas-turbine technology level [9], which can be selected from among the 
different technology levels presented in Table 5.1. 

5 . 2 . 7  E l e c t r i c a l  G e n e r a t o r  

The electrical generator for the hybrid solar gas-turbine power plant is assumed 
to be a three-phase synchronous alternator. The objective of the electrical 
generator model is to calculate the net electrical power output of the gas-
turbine unit, based on the mechanical power provided to the shaft of the 
machine. 

The electrical generator is characterised by two different sources of losses, 
represented by the mechanical and electrical efficiencies. Mechanical losses arise 
from friction in the bearings and the need to drive any cooling fans present, 
and result in the net power available for conversion being lower than that 
originally provided to the shaft. Electrical losses result from resistive heating 
within the windings of the stator and rotor, which consumes a certain amount 
of the electrical power produced. 

The electrical power output Eelec of the generator can be calculated using 
Equation (5.39), where Eshaft is the net gas-turbine shaft power, and ηmec and ηelec 
are respectively the mechanical and electrical efficiencies. 

   ctelecmecshaftelecmecelec EEEE    (5.39) 
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5 . 3  T r a n s i e n t  M o d e l  
The transient model of the hybrid solar gas-turbine power plant calculates the 
thermodynamic states, mass flows and power inputs and outputs throughout 
the cycle, with varying ambient and operating conditions. Design point data 
from the steady-state model described in §5.2 is used to set the nominal 
conditions for off-design calculations. 

The transient model of the power plant has been established using the 
TRNSYS simulation environment (described previously in §4.4.1), extended 
and improved using a number of external models. Due to the variable nature of 
the solar flux, an entire year’s worth of operation must be simulated in order to 
obtain a representative evaluation of the power plant performance.  

5 . 3 . 1  H y b r i d  S o l a r  G a s - T u r b i n e  T R N S Y S  M o d e l  

Within the TRNSYS environment, the transient model of the hybrid solar gas-
turbine power plant power plant has been elaborated using the Solar Thermal 
Electric Components (STEC) library [86]. A number of previous studies have 
shown the validity of the STEC-library models for performance prediction of 
utility-scale solar thermal power plants [46] [87]. The flow sheet of the 
TRNSYS model used to simulate the power plant is shown in Figure 5.5. 

 
Figure 5.5: TRNSYS model of the hybrid solar gas-turbine power plant. 
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STEC library Types 424, 426 and 427 from the DLR Brayton sub-library were 
used to model the compressor, combustion chamber and turbine respectively. 
The component models are standard thermodynamic models, established using 
the assumption of quasi-steady-state operation. Off-design performance of the 
turbomachinery takes into account variations in efficiency and mass flow as a 
function of the inlet conditions, using externally supplied efficiency correlations 
(described in §5.3.3). Expansion in the turbine is calculated assuming an 
adiabatic expansion starting from an equivalent turbine inlet temperature, 
calculated as the thermodynamic temperature resulting from mixing of the hot 
gas and cooling flows (see §5.2.6).  

Pressure losses in the Type 426 combustion chamber model vary as a function 
of the mass flow and operating temperature. Relative pressure drops were also 
included at the inlet of the compressor and the outlet of the turbine, to take 
into account pressure losses in the inlet air filter and the exhaust duct. These 
effects have been modelled using STEC library Type 429, which again varies 
the pressure loss as a function of the mass flow and inlet temperature. 

The electrical generator is not modelled directly within TRNSYS, the efficiency 
of the generator, and thus the electrical output of the power plant, is calculated 
using an external MATLAB model, described in §5.3.4. 

The Type 422 air-receiver model was used for the solar receiver; this model 
assumes the receiver to be a directly-irradiated, pressurised volumetric receiver. 
As the model is designed for high-temperature operation, radiation is assumed 
to be the main driver for heat losses.  

Flow through the piping of the central tower results in pressure losses as well as 
some heat transfer between the hot and cold streams, which is modelled using a 
combination of the Type 429 relative pressure loss model (for the pressure-
drop) and the Type 425 counter flow heat exchanger model (for heat-transfer). 
Off design operation of the Type 425 heat exchanger model considers a fixed 
heat transfer area, resulting in variations in the effectiveness of heat exchange 
within the tower as the mass flow changes. As mentioned above, the Type 429 
pressure loss model has a varying pressure loss as a function of the mass flow 
and inlet temperature. 

The performance of the heliostat field was modelled using Type 394, which 
uses an externally supplied field efficiency matrix to simplify simulation of the 
field. In order to allow a specific heliostat field to be designed for each power 
plant configuration, the field efficiency matrix is determined using an in-house 
MATLAB-based heliostat field model (described in §5.4). 

Full detail of the transient models from the TRNSYS STEC library can be 
found in the relevant reference manual [86]. 



 121

5 . 3 . 2  T R N S Y S  M o d e l  I n p u t  D a t a  

Two different sets of input data are required for the transient modelling. As 
described above, the first set of input data concerns the nominal operating 
point and design parameters of the power plant equipment. These values are 
calculated by the steady-state simulation model (see §5.2) and are 
communicated to TRNSYS as fixed values, which do not change throughout 
the simulation process. 

The second set of input data is meteorological data for the chosen power plant 
location. This dataset comprises ambient temperature and pressure data to 
define the state of the atmosphere, solar irradiation data to determine the input 
to the solar collector field, as well as wind speed information, which affects 
losses from the solar sub-system and the operation of the heliostat field.  

In order to obtain a representative evaluation of the performance of the power 
plant under the influence of the continually varying ambient conditions and 
solar flux, a full year’s worth of operation is simulated. Due to the more rapid 
response time of gas-turbines (as compared to steam-turbines), and the absence 
of thermal energy storage in the basic hybrid solar gas-turbine power plant, 
weather data with a timestep of 10 minutes was used. This 10-minute timestep 
is shorter than the more conventional hourly resolution used for electricity yield 
calculations of solar thermal power plants [46], in order to more faithfully take 
into account the effects of variations in the incident solar flux. 

The ambient temperature and pressure data, along with the wind-speed data, 
are obtained from the Meteonorm dataset [69], which provides hourly data 
based on a Typical Meteorological Year [111]. The dataset for a Typical 
Meteorological Year is constructed through amalgamation of selected weather 
data for a specific location, chosen amongst a set of data for a period much 
longer than a year. The data is carefully selected so that it includes the full range 
of weather phenomena for the location in question, whilst still presenting mean 
annual values that reflect long-term averages. As the Meteonorm data is 
available with only an hourly resolution, interpolation was used to get values 
with a 10 minute temporal resolution; as the variation of ambient temperature 
and pressure is relatively slow, this does not introduce any major errors. 

In order to obtain higher resolution data for the solar flux, direct normal 
irradiation values were taken from the HelioClim3 dataset [92] with a resolution 
of 10 minutes. The HelioClim3 dataset is based on satellite measurements of 
solar radiation, which is less accurate than data from ground-based 
measurement stations. As such, the HelioClim3 solar radiation data has been 
scaled to ensure than the annual DNI-value (see §2.1.4) of this higher-
resolution data matches the value from the Typical Meteorological Year. 
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5 . 3 . 3  T u r b o m a c h i n e r y  O f f - D e s i g n  P e r f o r m a n c e  

The default STEC-library model of the turbine off-design efficiency has been 
replaced with a more detailed model based on varying operation conditions.  

According to Ray [83], the efficiency of the turbine stages can be calculated 
using Equation (5.40), which is a semi-empirical correlation based on the ratio 
of blade-tip velocity to the flow velocity. Blade velocity is a function of the 
rotational speed of the unit whereas flow velocity depends on the enthalpy drop 
across the turbine [83]. As such, the off-design isentropic efficiency ηs can be 
expressed as a function of the rotational speed of the unit N, as well as the 
isentropic enthalpy change Δhs within the turbine. The subscript o in Equation 
(5.40) refers to the values at nominal design conditions.  
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In power generation applications, the rotational speed is kept relatively constant 
as the turbine is maintained synchronous to the power grid; however, the 
enthalpy drop across the turbine can vary dramatically with turbine load. 

Within the compressor, variations in the volumetric flow brought about by 
control of the unit (see §5.5) also result in variations in the efficiency. While the 
use of variable guide vanes allow mass flow control with a minimum of losses, 
the relative efficiency of the compressor is still reduced when moving away 
from the ISO operating conditions.  

The variation in compressor efficiency is calculated based on the values shown 
in Figure 5.6, which is derived from polynomial fitting of the operation map of 
a compressor equipped with variable guide vanes [3]. 

 
Figure 5.6: Compressor off-design efficiency values. 



 123

5 . 3 . 4  E l e c t r i c a l  G e n e r a t o r  O f f - D e s i g n  M o d e l  

The basic TRNSYS model of the electrical generator is replaced by a more 
detailed MATLAB version, in which the two different sources of losses 
(mechanical and electrical) are calculated as a function of the generator load. As 
described in §5.2.7, the electrical power output Eelec of the generator can be 
calculated from the mechanical shaft input Eshaft using Equation (5.41), where 
ηmec and ηelec are, respectively, the mechanical and electrical efficiencies.  

  shaftelecmecelec EE    (5.41) 

The overall variation of the efficiency is shown in Figure 5.7, which gives the 
generator efficiency as a function of load. The evolution of the individual 
mechanical and electrical efficiency terms is explained below. 

 
Figure 5.7: Generator off-design efficiency values. 

Mechanical losses arise from friction in the bearings and the need to drive any 
cooling fans present, and result in the net power available for conversion to 
electricity being lower than that provided to the shaft. As the rotation speed of 
the machine is constant, the friction losses within the generator bearings are 
more or less constant, regardless of the current shaft power being absorbed by 
the unit. The mechanical efficiency of the generator therefore decreases when 
the load drops, as the parasitic power consumption represents a greater fraction 
of the total input. The off-design mechanical efficiency can be calculated from 
the nominal value using Equation (5.42), where fload is the generator load and the 
subscript o refers to the efficiency at nominal conditions. 
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Electrical losses result from resistive heating within the windings of the stator 
and rotor, and which consumes a certain amount of the electrical power 
produced. The electrical losses increase with power output, due to higher 
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Ohmic losses in the windings. The off-design electrical efficiency can be 
calculated from the nominal value using Equation (5.43). 

 o
elecloadelec f   11  (5.43) 

5 . 4  H e l i o s t a t  F i e l d  D e s i g n  a n d  S i m u l a t i o n  
Heliostat field costs dominate the overall power plant costs, so an accurate 
prediction of the performance of this component is crucial. As mentioned in 
§5.3, the TRNSYS Type 394 heliostat field model uses an externally supplied 
efficiency matrix. Once the layout of the heliostat field is fixed, its performance 
(both efficiency and thermal power output) depends solely upon the intensity 
of the direct normal irradiation Ib and the position of the Sun in the sky.  

As such, simulation of the heliostat field is greatly simplified by the calculation 
of a field efficiency matrix Ψ which maps the solar position (azimuth γS and 
elevation θS) to a value of the overall heliostat field efficiency. The thermal 
power output Qfield of the field can then be calculated using Equation (4.4), 
where Ah is the heliostat area and Nh is the number of heliostats in the field. 

 SShhbfield NAIQ  ,  (5.44) 

The variation of the field efficiency is relatively smooth with respect to the 
movement of the Sun. As such, the efficiency matrix can be established for a 
given heliostat field by calculation of its performance at a limited number of 
different solar positions; values for other positions are then interpolated. 

5 . 4 . 1  S o l a r  G e o m e t r y  

To be able to design and calculate the solar concentration system, it is first 
necessary to be able to determine how the position of the Sun in the sky varies 
throughout the year for the chosen location. The performance of the solar 
concentrator depends greatly on the relative position of the Sun, the receiver 
and the collector.  

The Earth orbits the Sun with a period of one year, throughout which the 
direction of its own axis of rotation remains fixed, at an angle δo = 23.45° away 
from the normal to the plane of revolution about the Sun. Thus, the angle 
between the incoming solar radiation and the equatorial plane of the Earth, 
known as the declination angle δ, varies throughout the year from a maximum 
at midsummer to a minimum in midwinter, as shown in Figure 5.8. 

Accurate values for the solar declination angle are published annually in 
tabulated form for use in navigation and astronomy. However, for most solar 
design purposes, a value accurate to within about one degree is sufficient. 
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Figure 5.8: Yearly variation of the Earth’s declination angle. 

One approximation for the declination angle is given by Equation (5.45), taken 
from Duffie [22], where n is the Gregorian calendar day number.  
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It is these changes in the Earth’s declination that are responsible for the 
seasonal variation in the length of daylight. By considering the latitude of the 
observer φ, the number of hours N between sunrise and sunset can be 
calculated [22] using Equation (5.46). 
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The position of the Sun in the sky can be described using two angles: the solar 
zenith angle θz, between the solar beam and the vertical, and the solar azimuth 
angle γS, between the solar beam and the longitudinal meridian. The solar 
elevation angle θS, between the solar beam and the horizontal (effectively the 
complement to the zenith angle), is also frequently used as an alternative to the 
zenith angle. These angles and their relationships with the solar beam are 
shown graphically in Figure 5.9.  

 
Figure 5.9: Solar zenith and azimuth angles. 

In order to consider the variation of the solar zenith and azimuth angles 
throughout the day it necessary to introduce the solar hour angle ω, defined as 
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the angle through which the Earth has rotated since solar noon (when γs = 0). 
The solar hour angle is thus negative in the morning and positive in the 
afternoon.  

Given that the Sun rotates once about its axis approximately every 24 hours, 
the solar hour angle can be calculated from the local clock time using Equation 
(5.47), where hclk is the local clock time in hours, ψloc the true longitude of the 
observer and ψzone the longitude of the standard meridian of the corresponding 
time zone [22].  

      zonelocclkh 12
12

 (5.47) 

The final term, Δω, results from a small correction known as the Equation of 
Time which takes into account the oblique nature of the Earth's axis of rotation 
and the eccentricity of its orbit about the Sun. The magnitude of this correction 
is shown in Figure 5.10. If local solar time is used instead of clock time, both 
the longitude correction and the Equation of Time correction can be ignored. 
Solar noon is defined as the moment at which the Sun passes due South of the 
observer (this is true in the Northern hemisphere; the opposite applies in the 
Southern hemisphere). 

 
Figure 5.10: Hour angle correction due to the Equation of Time. 

Using the different angles defined above, the solar zenith angle can be 
calculated [22] for any given time using Equation (5.48), with values of the solar 
zenith angle between 0° and 90° when the sun is above the horizon; at zenith 
angles above 90°, the Sun is below the horizon and is no longer visible. 

  sinsincoscoscosarccos z  (5.48) 

The solar elevation angle θs is the complement to the zenith angle and as such is 
simple to calculate using Equation (5.49). 
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The solar azimuth angle can then be calculated using Equation (5.50), based on 
a combination of the solar zenith angle and the different position angles 
defined above. 
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It should be noted that the definitions presented here are all valid for an 
observer in the Northern hemisphere; some equations may need to be re-
derived if performing calculations for locations in the Southern hemisphere. 

5 . 4 . 2  C e l l - W i s e  H e l i o s t a t  F i e l d  M o d e l  

In order to accelerate the calculation of very large heliostat fields, a cell-wise 
approach has been adopted for the field efficiency matrix model, similar to the 
approach used by Kistler [52].  

Using this technique the performance of each individual heliostat within the 
field is not calculated directly. Instead, the land around the central tower is 
divided into a number of ‘cells’, as shown in Figure 5.11, within which it is 
assumed that all heliostats perform identically. As such, the power delivered to 
the central receiver by a given field cell can be determined by calculating the 
output from a representative heliostat located at the centre of the cell and 
multiplying this value by the number of heliostats within the cell. 

 
Figure 5.11: Layout of a cell-wise heliostat field model. 

The half-circle layout shown in Figure 5.11 is suitable for modelling a North-
side heliostat field; in the case of a surround field layout, a full circular layout is 
used instead. 
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The number of heliostats within each cell is a function of the local heliostat 
field density ρcell, which is the ratio of mirror area to land area. The thermal 
power delivered to the reciever by the heliostat field can be calculated by 
summing the power output of each cell using Equation (5.51), Acell is the land 
area within a given cell and AH and QH are the surface area and power output 
of the representative heliostat respectively. 
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As the distance between the heliostats and the central tower increases, the field 
density decreases, as a greater amount of space needs to be left between 
adjacent heliostats in order to prevent shadowing and blocking. These two 
phenomena are shown schematically in Figure 5.12.  

 
Figure 5.12: Heliostat shadowing and blocking losses. 

Shadowing arises at low Sun angles, when the presence of other heliostats 
prevents the Sun’s rays from falling onto a certain portion of the mirror area. 
On the other hand, blocking occurs when the radiation reflected by the 
heliostat is intercepted by the underside of another mirror unit, preventing the 
radiation from reaching the receiver. 

Calculation of an optimum layout for the heliostats that minimises shadowing 
and blocking is a complicated and time-consuming procedure requiring the use 
of ray-tracing techniques, ill-adapted to form part of a wider power plant 
optimisation process. An initial layout for the field can be obtained using a 
simple, radial-staggered layout [95], as shown in Figure 5.13. This field layout 
can then be used to determine the local field density within each field cell. 

The radially staggered pattern proposed by Lipps [60] minimises land usage as 
well as shadowing and blocking losses. The heliostats are packed as tightly as 
possible close to the tower; for heliostats located farther from the tower, the 
spacing increases in order to reduce blocking of the reflected beams. 
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Figure 5.13: Standard radially staggered heliostat layout. 

For a standard 121 m2 heliostat [63], the local field density ρ of this layout can 
be expressed as a function of the normalised distance from the central tower 
using Equation (5.52), where rH is the radial position of the heliostat and hT the 
height of the tower. 
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5 . 4 . 3  I n d i v i d u a l  H e l i o s t a t  P e r f o r m a n c e  M o d e l  

The power delivered to the receiver by a single heliostat can be calculated using 
Equation (5.53), based on the surface area of the unit AH and the incident solar 
beam irradiation Ib, as well as a number of efficiency and loss factors, ε and f 
respectively, which take into account the different sources of losses. From Sun 
to receiver these losses are the result of: cosine efficiency εcos, surface efficiency 
εsurf, shadowing and blocking losses fsb, atmospheric attenuation fatt and finally 
interception losses, or ‘spillage’, fspill. 

   spillattsbsurfcosbHH fffεIAQ  111  (5.53) 

The model used to calculate the losses has been developed by considering the 
field geometry shown in Figure 5.14, which sets out the relationships between 
the positions of the Sun, the heliostat itself and the aperture of the central 
receiver atop the tower. All the relations established here assume a heliostat 
field located in the northern hemisphere. 

The major factor [95] determining the performance of the heliostat is the 
cosine efficiency εcos, which takes into account the reduction in effective 
reflective area when the mirror is not aligned directly perpendicular to the Sun 
(see §2.1.3). The magnitude of the loss depends upon the orientation of the 
heliostat (given by its surface normal nH) with respect to two vectors: the vector 
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vS given by the direction of the Sun’s beam and the vector vT between the pivot 
of the mirror and the aim-point on the receiver.  

 
Figure 5.14: Geometric parameters defining the heliostat field. 

The vector between the pivot of the mirror and the aim-point on the receiver 
does not vary with time, and depends only upon the position of the heliostat 
with respect to the tower. This position can be defined by the distance rH 
between the heliostat and the tower, and its angular position θH from the 
North. The tower elevation angle θT [95] can be calculated based on the tower 
aim-point height hT, the heliostat pivot height hH and the distance rH between 
the heliostat and the tower using Equation (5.54). 
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Using these values, the tower direction vector vT can be determined using the 
relationships shown in Equation (5.55). 
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The direction of the Sun’s beam can be determined using the azimuth and 
zenith angles of the Sun, γs and θz respectively, which vary continuously 
throughout the day, and can be calculated using the solar geometry relations 
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presented in §5.4.1. Using these values, the Sun direction vector vS can be 
determined using the relationships shown in Equation (5.56). 
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Once the solar and tower direction vectors are known, the required orientation 
for the heliostat to reflect the Sun’s rays to the aim point on the receiver can be 
established using Equation (5.57). 
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The cosine efficiency factor εcos can then be calculated based on the cosine of 
the angle θM between the orientation of the heliostat and the direction of the 
reflected radiation [95], using Equation (5.58). 

HTMcos nvε

 cos  (5.58) 

The heliostat is not a perfect reflector, a fact which is taken into account by the 
surface efficiency εsurf, calculated using Equation (5.59), where ρM is the 
reflectivity of the mirror panels and fclean the mirror cleanliness factor. Frequent 
washing of the heliostats is required to maintain a high cleanliness value and 
thus a high surface efficiency. Additionally, the ratio of mirror area AM to total 
heliostat area AH takes into consideration the fact that not all the heliostat 
surface is an active reflector, due to gaps between the individual mirror panels 
and interference from the support structure. 
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At the current time, mirror reflectivities in the region of 0.93 are the norm, and 
an average value of 0.95 can be assumed for the mirror cleanliness [15]. The 
fraction of mirror area to total area for a typical heliostat is around 0.96 [33]. 

As the heliostats are not operated in isolation, shadowing and blocking occur 
within the field, resulting in certain areas of each heliostat being inactive. Exact 
determination of the shading and blocking losses for a particular mirror 
requires calculation of the overlap between the images of adjacent heliostats. In 
order to keep calculation sufficiently rapid, a fixed annualised shadowing and 
blocking factor of fsb of 5% is used, as recommended by Vant-Hull [15]. 



 132

Attenuation losses results from the scattering of a certain amount of the 
reflected radiation as it passes through the air. Losses rise with increasing 
distance dR between the point of reflection at the heliostat and the point of 
absorption on the receiver, according to Equations (5.60) and (5.61). 
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The coefficients of the loss equation are a function of the current clarity of the 
atmosphere, and are given for three different visibilities in Table 5.2, based on 
the values proposed by Kistler [52]. 

Visibility a0 a1 a2 a3 

5 km 0.0129 0.2748 0.0339 - 

15 km 0.0098 0.1897 0.0255 0.0014 

25 km 0.0067 0.1046 0.170 0.0028 

Table 5.2:Coefficients of the atmospheric attenuation loss equation [52]. 

The final source of losses results from the fact the Sun’s rays do not emanate 
from a point source, but rather arrive with a slight angular spread δS, as 
described in §2.1.3 As such, the heliostat cannot focus the incoming rays to a 
single point on the receiver and the image formed by the mirror has a certain 
size. If the image is larger than the extent of the receiver, a certain amount of 
incident radiation cannot be absorbed and is ‘spilled’ from the receiver.  

The effects of beam-spreading are shown schematically in Figure 5.15, where 
Aap is the area of the receiver aperture and Aim the area of the image of the 
Sun’s rays created by the heliostat on the receiver surface. 

The angular spread of the incident solar radiation is not the only source of 
beam spreading after reflection at the heliostat: errors in the tracking system 
and imperfections in the mirror surface both also result in deviations in the 
reflection of the Sun’s rays. 

Calculation of the exact flux distribution of the heliostat image would require 
the use of detailed geometric calculations [52] or ray-tracing programs. As was 
the case for the shadowing and blocking losses, a simplified approach has been 
taken in this work in order to maintain a fast calculation speed for optimisation. 
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Figure 5.15: Distortion of the heliostat image due to Sun-shape spreading. 

In this case, the simplifying assumption is that the focal spot produced by the 
heliostat can be represented by the path of the Sun’s rays incident on the centre 
of the heliostat, i.e. that the flux arriving from other parts of the mirror is 
superposed on this point to create a distribution at the focal spot. The 
hypothesis can then be made that the flux distribution on the receiver aperture 
can be approximated by a normal distribution, centred on the focal spot, with a 
standard deviation that increases with the focal distance (assumed in this case to 
be equal to the heliostat-receiver distance dR). This effect is shown 
schematically in Figure 5.16. 

 
Figure 5.16: Beam spreading due to the angular spread of the solar radiation.  

Taking into account the three beam-spreading effects, the standard deviation of 
the flux distribution σI can be calculated using Equation (5.62), where εsurf and 
εtrack are the angular deviations resulting from surface imperfections and 
tracking errors respectively. Typical values for the tracking and surface errors 
are 1 and 2 mrad, respectively, based on a study by Collado [15], compared to a 
spread of 4.8 mrad due to the shape of the solar disk [7]. 
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Have determined the magnitude of the standard deviation, the relative intensity 
function fI can be expressed [17] for a given radial position r on the receiver 
using Equation (5.63), where the standard deviation σI is a function of the 
distance between the heliostat and the receiver. 
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The spillage losses fspill can then be determined by integrating this intensity 
function across the limited extent of the receiver aperture rap, as given by 
Equation (5.64). As the incident flux does not necessarily arrive in the same 
plane as the aperture, the effective size of the aperture needs to be determined 
from the total aperture area, reduced by the cosine of the angle between the 
incoming radiation and the normal to the aperture surface, which can be done 
using Equation (5.65). 
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As can be seen, a number of simplifying hypotheses have been made in the 
calculation of the power output of the heliostats; however, these equations 
capture the most important effects in the design of the heliostat field and 
should be sufficient for a first-pass analysis as part of an optimisation approach. 
More detailed performance calculations would, of course, be necessary before 
any final design work is undertaken. 

5 . 4 . 4  H e l i o s t a t  F i e l d  D e s i g n  A l g o r i t h m  

Having established the routines necessary to calculate the power output of any 
field cell for a given solar position (azimuth γs and elevation θs) and irradiation 
intensity, the last stage of the design process is to select which field cells to 
include in the final heliostat field.  

The design routine used for selection of the heliostats that will make up the 
field is shown in Figure 5.17. In order to obtain the most cost-effective field 
possible, cells are selected based on the criteria of the maximum annual specific 
power output qH of the heliostats within the cell, calculated using Equation 
(5.66). The specific power output of a field cell measures the output per unit of 
heliostat mirror area.  
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Starting from the central tower, a new row of field cells is generated and the 
annual specific power output delivered by the representative heliostat of each 
cell is calculated. As mentioned previously, the cell rows are generated on a 
semicircle for a North heliostat field and on the full circle for a surround field. 

The new cells generated are added to the pool of existing cells and the whole 
set of cells is ranked by the annual specific power output delivered. The pool is 
then thinned to preserve only the cells with the highest specific power output, 
down to the desired final number of cells in the field. Keeping only the cells 
with the highest specific power output ensures the most cost-effective use of 
the heliostats in the field. Having thinning the pool of selected cells, a new row 
of field cells is generated and the process repeats. The process stops once the 
all the new cells generated deliver less annual specific power than the worst of 
the existing cells. 

 
Figure 5.17: Heliostat field design algorithm. 

Having selected the cells which will form part of the final heliostat field, the 
efficiency of the field can then be determined for a number of solar azimuth 
and zenith angles in order to establish the field efficiency matrix. 

5 . 5  O p e r a t i o n  a n d  C o n t r o l  
In order to ensure stable power output from the gas-turbine, a number of 
power plant parameters need to be actively controlled. Variations in both the 
ambient conditions and the input to the solar receiver will attempt to shift the 
operating point of the gas-turbine away from nominal conditions. Two gas-
turbine parameters are controlled during operation, namely the combustor 
outlet temperature and the flow of air through the compressor, with the goal of 
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maintaining the turbine at the desired load and thus providing controllable 
power output. 

Additionally, the operation of the heliostat field needs to be controlled, in order 
to maintain the solar receiver within the desired operating range as well as to 
prevent overheating and damage to the receiver. 

5 . 5 . 1  C o m b u s t i o n  T e m p e r a t u r e  C o n t r o l  

The first controlled gas-turbine parameter is the outlet temperature of the 
combustion chamber. Fuel flow to the combustion chamber is varied in order 
to maintain a stable temperature at the inlet of the turbine, with a value equal to 
the nominal design temperature. 

Changes in fuel flow can be required due to changes in combustor inlet 
temperature, resulting from changes in ambient temperature and/or solar 
preheating, and well as variations in the main air mass flow through the 
combustion chamber. The effects of fuel composition changes (which primarily 
result in changes in the heating value of the fuel) are neglected, and a constant 
average gas composition is assumed at all times. Similarly, a constant fuel inlet 
temperature of 5°C was assumed [89]. 

Fuel flow to the combustion chamber can be adjusted very rapidly (typically on 
the order of a second or less [96]) whereas the timestep for an annual 
performance analysis, such as that considered here, is considerably longer 
(typically in the range of 10 minutes to 1 hour). As such, dynamic effects in the 
control of the combustion chamber can be ignored, and a quasi-static approach 
can be considered for calculation of the required mass flow. 

Under these hypotheses, the mass flow of fuel which maintains the combustor 
outlet temperature at the desired level can be calculated using Equation (5.67), 
where Mmain is the main air mass flow through the combustion chamber, Δha is 
the desired increase in enthalpy, LHVf is the lower heating value of the fuel and 
Δhf is the change enthalpy of the fuel between the fuel inlet temperature and the 
desired combustor outlet temperature. 
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5 . 5 . 2  C o m p r e s s o r  M a s s  F l o w  C o n t r o l  

The second controlled gas-turbine parameter is the mass flow through the 
compressor. Variable guide vanes within the compressor are used to modify the 
flow geometry and thus control the mass flow through the unit. The guide vane 
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angle can be adapted as a function of changing meteorological conditions in an 
attempt to maintain power output at the nominal level. 

Control of the mass flow is constrained between two limits: an upper limit 
given by full opening of the guide vanes and a lower limit to prevent rotating 
stall of the unit. At full guide vane opening, the compressor operates as a 
constant volume flow machine and, as such, the maximum possible mass flow 
Mmax is given by Equation (5.68), where MISO is the nominal mass flow of the 
unit at ISO conditions. TISO, Ta, PISO, Pa are the temperatures and pressures at 
ISO conditions and the current ambient conditions, respectively. ISO 
conditions [43] are defined as 15°C, 1 bar and 60% relative humidity  
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This limit will mean that at times of high ambient temperature, the maximum 
achievable mass flow may become lower than that required to maintain the 
desired power and the output of the unit will fall below the desired level. 

The second limit results from the need to maintain a minimum volume flow 
through the compressor, in order to prevent rotating stall. As such, the guide 
vanes must not be closed beyond the point at which this minimum flow is 
reached. Based on information communicated by Strand [96], it is assumed that 
a minimum volumetric flow rate equal to 50% of the ISO flow rate can be 
tolerated. 

If this lower limit is reached, the unit will begin to produce more than the 
desired power as the mass flow cannot be reduced enough to maintain output 
at the desired level. If the output exceeds 100% of the nominal power, the unit 
must be shut-down to protect the generator and electrical equipment. However 
this almost never occurs in practice as the ambient temperature does not fall 
low enough to activate the minimum mass flow limit. 

5 . 5 . 3  H e l i o s t a t  F i e l d  C o n t r o l  

During normal operation of the power plant, control of the heliostat field is 
principally concerned with maintaining correct alignment of the heliostat mirror 
units, tracking the position of the Sun throughout the day in order to redirect 
their rays to the central receiver. This process is not modelled directly; perfect 
control of the heliostats is assumed, such that the performance of the heliostat 
field can be modelled using the field efficiency matrix approach presented in 
§5.4. 

However, it is also necessary to protect the solar receiver from overheating, and 
additional control routines have been included that can defocus a fraction fdef of 
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the heliostat field in order to maintain operation of the receiver within 
acceptable limits. Defocusing reduces the thermal power Qrec delivered to the 
receiver in accordance with Equation (5.69), where Qfield is the field output 
before defocusing, calculated using the field efficiency matrix. 

    fielddefrec QfQ  1  (5.69) 

Two key operation limits exist for the receiver: the maximum operating 
temperature and the maximum flux intensity. If the thermal power delivered by 
the heliostat field is greater than the power required to heat the airflow to the 
maximum operating temperature, the field is partly defocused and the excess 
power spilled from the system. As described in Section 3, achievable 
temperatures from tower-based air receivers are currently in the region of 800 
to 1200°C [6]; a limit of 950°C has been chosen for this work, based on the 
temperature limitations of the tower piping [58] [96].  

The maximum flux intensity is imposed by the design of the receiver, and fixes 
an absolute upper limit on the amount of power that can be absorbed by a 
receiver of a given surface area. In order to avoid damage to the receiver, partial 
defocusing of the field is used to maintain the flux intensity below this upper 
limit at all times. Typical maximum fluxes for volumetric are in the region of 
600 to 2000 kW/m2 [6]; a limit of 800 kW/m2 has been chosen for this work, 
based on the design of the SOLGATE pressurised air receiver [24].  

When both operating limitations simultaneously require defocusing of the field, 
it is the limitation that requires the greater amount of the field to be defocused 
that sets the value of fdef, in order to maintain safe operation at all times. 
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6  Hybrid Solar Gas-Turbine 
Economic Models 

In this chapter the economic models for the simple-cycle hybrid solar gas-turbine power 
plant are presented, starting with the cost functions used to determine the equipment 
purchasing costs, followed by the estimation of equipment maintenance costs and labour 
requirements. 

6 . 1  E c o n o m i c  M o d e l l i n g  A p p r o a c h  
Having determined the performance of a given power plant concept, the 
second stage of the thermoeconomic analysis is to assign costs to the power 
plant, both in terms of the initial investment as well as the costs incurred during 
operation and maintenance of the power plant. Within the framework of the 
entire thermoeconomic analysis, as presented in §4.1.2, this comprises the lower 
sub-section of the study, which is highlighted in Figure 6.1. 

 
Figure 6.1: Cost calculation segment of the thermoeconomic analysis. 

Having calculated the size and operating conditions of the power plant 
equipment using the steady-state model (presented in §5.2), a series of cost 
functions (presented in §6.2) can be used to estimate the purchasing costs. 
Then, based on the equipment costs, further cost functions (presented in §6.3) 
can then be used to determine the additional costs involved in planning and 
construction of the power plant. Combining all the different costs allows the 
total investment cost for each design to be calculated; the total investment cost 
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is a key economic parameter, which enters into many of the thermoeconomic 
performance indicators presented in §4.2. 

In addition to the upfront investment costs, there are numerous costs 
associated with operation and maintenance of the power plant. Operating costs 
include direct costs, such as fuel and water consumption, as well as indirect 
costs associated with the labour required to operate the power plant. Fuel and 
water costs are directly linked to the power plant performance, obtained via the 
transient model presented in §5.3, while labour cost can be estimated from the 
salaries of the power plant employees. Costs for maintenance of the power 
plant equipment can be determined based on the initial purchasing costs. 

Obtaining a precise estimation of the cost of any given piece of power plant 
equipment is, of course, impossible. Component costs depend upon a much 
wider range of factors than simply the size and operating conditions. The 
current state of the market, the pricing policy adopted by the manufacturer, the 
number of units ordered and many other factors will all affect the final 
purchasing cost. As such, reliable cost information is difficult to obtain and, 
while every effort has been made to ensure the accuracy of the cost functions 
presented in the following sections, it should be noted that the values are 
principally useful for comparison, and should not be taken as exact predictions 
of the cost of any component or aspect of a solar power plant. 

6 . 2  E q u i p m e n t  P u r c h a s i n g  C o s t s  
Cost functions for the different components of the hybrid solar gas-turbine 
power plant have been collected from a wide variety of different literature 
sources as well as direct personal communications.  

In order to take into account the effects of inflation since publication of the 
original sources, all the component purchasing costs are scaled by a factor 
based on the Marshall & Swift installed equipment cost index IM&S [102], in 
order to convert values into 2010 dollars. The equipment costs are multiplied 
by an inflation factor finf, given by Equation (6.1), which is the ratio of the 
Marshall & Swift index for the year 2010 (given as 1477 in Chemical 
Engineering [16]) to the Marshall & Swift index for the year the cost-function 
was established.  
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The cost functions for the solar equipment are subject to a much higher degree 
of uncertainty than the other, more standard, power plant equipment costs, as a 
large number of the components are still at the prototype stage. It is to be 
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expected that with increased deployment and mass production the cost of the 
solar components will drop rapidly [54]. 

6 . 2 . 1  G a s - T u r b i n e  

The cost functions for the gas-turbine components are based on the models of 
Frangopoulos [27] and the modifications proposed by Pelster [76]. These 
functions are representative of F-class gas-turbine technology and are unlikely 
to be valid for more modern G- and H-class machines. The cost functions for 
gas-turbine auxiliaries are based on the work of Boehm [12]. Concerning cost 
inflation, the reference Marshall & Swift index for the year of Frangopoulos’ 
original work (1991) had a value of 931 [61]; the reference Marshall & Swift 
index for the year of Boehm’s work (1987) had a value of 840. 

The overall purchasing cost of the gas-turbine unit can be determined as the 
sum of the four individual component costs for the compressor Ccomp, turbine-
expander Cturb and the combustion chamber Ccomb as well as the auxiliary gas-
turbine components Caux, as shown in Equation (6.2). 

auxcombturbcompGT CCCCC   (6.2) 

For the gas-turbine compressor, the purchasing cost can be estimated using 
Equation (6.3), where Minlt is the inlet air mass flow at ISO conditions and Πc 
the nominal compressor pressure ratio. The reference mass flow is 515 kg/s 
and the reference pressure ratio is 15. The value of c1 was calculated by Pelster 
as 27.7 USD/(kg/s), based on cost information obtained from the Gas Turbine 
World Handbook [30]. 
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The correction factor for the efficiency of the compressor fη is given by 
Equation (6.4), where ηp is the polytropic efficiency. The value of c2 has been 
increased from 0.95 to 0.96, in order to reflect the increase in efficiency of 
modern compressor units since the publication of Pelster’s work. 
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A similar cost function has been established for the turbine segment of the gas-
turbine unit, with the purchasing cost given by Equation (6.5), where Mexh is the 
exhaust mass flow at ISO conditions and Πt the nominal turbine pressure ratio. 
The reference mass flow rate is 460 kg/s and the reference pressure ratio is 
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again 15. The value c3 has been calculated as 12.4 USD/(kg/s), based again on 
Gas Turbine World data [30]. 
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The correction factor for turbine efficiency is calculated using Equation (6.4), 
with c2 set to 0.94. The additional factor fT takes into account the effect of the 
inlet hot gas temperature on the cost of the unit: higher temperatures will 
require the use of more expensive alloys and ceramic barrier coatings [14], thus 
increasing the cost. The value of fT is given by Equation (6.6), where T6 is the 
combustor outlet temperature; the reference value of the combustor 
temperature has been increased to 1600 K to represent improvements since the 
publication of Pelster’s original work. 

  1600025.0exp1 6  TfT  (6.6) 

The purchasing cost of the gas-turbine combustion chamber can be estimated 
using Equation (6.7), where Mcomb is the nominal exhaust gas mass flow at the 
exit of the combustor; the reference mass flow is 460 kg/s. The value c4 is set at 
17.9 USD/(kg/s). 
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The additional factor fP takes into account the effect of the design pressure loss 
on the cost of the unit and is given by Equation (6.8), where fdP is the relative 
pressure drop in the combustion chamber at nominal conditions. The 
temperature correction factor used is the same as that for the turbine. 
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The purchasing cost of the gas-turbine equipment given by Pelster does not 
include the cost of the gas-turbine auxiliaries, such as fuel pumps and 
lubrication systems. These costs can be estimated based on the nominal power 
output of the gas-turbine EGT using Equation (6.9). The reference purchasing 
cost Cref is 4 million USD for a reference turbine output of 160 MW. 
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6 . 2 . 2  H e l i o s t a t  F i e l d  a n d  T o w e r  

The cost functions for the heliostat field are based on the work of Kistler [52]; 
the total cost of the heliostat field can be broken down into the cost of the 
heliostat mirror units themselves, the cost of wiring for the heliostat control 
system and the land purchasing costs. The cost of the central tower also needs 
to be determined. The reference Marshall & Swift index for the year of Kistler’s 
work (1986) had a value of 815 [61]. 

The overall cost of the heliostat field Cfield can be determined by summing the 
different sub-component costs: land purchasing Cland, heliostat mirror units Chelio 
and wiring Cwire, as shown in Equation (6.10). The cost functions for the 
heliostat field are taken from the DELSOL3 simulation programme [52], 
developed by Kistler. 

wireheliolandfield CCCC   (6.10) 

The cost Chelio of the heliostats, as well as the cost Cland of the land on which the 
heliostat field is installed, can be calculated using Equations (6.11) and (6.12), 
where cland is the specific land cost in USD/m2, chelio is the specific heliostat 
mirror cost in USD/m2, AH the surface area of the individual heliostats, Nhelio 
the total number of mirrors in the field and Aland the land needed for the field.  

6101  helioHheliohelio NAcC  (6.11) 

 5108.13.1  landlandland AcC (6.12) 

At the time of writing, typical values of the land costs are in the region of 1 to 2 
USD/m2 and heliostat mirror costs are in the region of 200 USD/m2, 
respectively [62].The additional million USD investment cost for the heliostats 
takes into account the cost of the optical alignment of the mirror units. The 
fixed area increase in the land cost function takes into account the requirements 
for roads and additional land surrounding the power block. 

Wiring costs can be calculated using Equation (6.13), which is an adapted form 
of that proposed by Kistler [52] in which the local field density ρi is used instead 
of the individual mirror spacing in order to simplify its application when used 
alongside the heliostat field model presented in §5.4. 
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The wiring costs are determined for each cell i within the heliostat field based 
upon its radial position ri as well as the number, size and density of heliostats 
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within the cell. The constants c1 and c2 are set to values of 0.031 USD/m and  
24 USD/m respectively. The first term takes into account the need to have 
larger (or more) primary cables as the field grows radially out from the tower, 
and the second term the requirement for longer secondary lines as the mirror 
density decreases with increasing distance from the tower. 

The cost of the central receiver tower can be calculated based on its height 
using Equation (6.14) where hT is the tower height. This function is based a cost 
analysis performed by Sterns Roger Engineering [95], which showed that below 
a height of 120 m a metal tower is less expensive, whereas above this height a 
concrete tower is more economical. 
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6 . 2 . 3  S o l a r  R e c e i v e r  a n d  T o w e r  P i p i n g  

The solar receiver is the component of the hybrid solar gas-turbine power plant 
that is subject to the largest degree of uncertainty concerning the purchasing 
cost. To date, each receiver design has been essentially a prototype [6], and only 
limited experience exists with the manufacture of high-temperature receivers 
for gas-turbine systems. As such, receiver costs could be significantly reduced 
from the values presented here once a standardised design has been selected 
and mass-production begins [54]. 

The receiver costs used in this work are based on those of the SOLGATE 
receiver units [24]. As reported by Schwarzbözl [87], receiver costs are assumed 
to be 23.5 kUSD/m2, 48.5 kUSD/m2 and 55.1 kUSD/m2 for low-, medium- 
and high-temperature receiver units respectively, with the three units operating 
at 600°C, 800°C and 1000°C. 

A new cost function has thus been established, with receiver cost a function of 
the nominal operating temperature T4 of the unit. Interpolating the cost figures 
for the three receiver types studied by Schwarzbözl gives the cost function 
presented in Equation (6.15). 

041 cTcCrec   (6.15) 

The reference data points are presented in Figure 5.16, along with the linear fit 
used to obtain the cost function. Based on these points, the constants c1 and c0 
take the values 79 USD/K and 42’000 USD respectively. If the cost predicted 
by Equation (6.15) is lower than that of the low-temperature receiver given by 
Schwarzbözl, the cost of the low-temperature unit is used instead, setting an 
effective minimum level to the receiver cost. 
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Figure 6.2: Solar receiver cost data and interpolation. 

In addition to the receiver itself, the cost of the hot gas piping from the 
compressor to the receiver and then back down to the combustion chamber 
must also be taken into account. As communicated by Lindman [58], the cost 
of the piping concept presented in §5.2.2 can be determined using Equation 
(6.16), where rint and router are the inner and outer diameters of the concentric 
piping, shown in Figure 5.3. 
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Based on the information provided by Lindman, the constants c1, c2 and c3 are 
set to values of 3600 USD/m, 420 USD/m and 90’000 USD respectively. 

6 . 2 . 4  E l e c t r i c a l  G e n e r a t o r  

The cost of the electrical generator can be calculated using the values proposed 
by Frangopoulos [27] and Pelster [76]; the reference Marshall & Swift index for 
the year of Frangopoulos’ original work (1991) had a value of 931 [61].  

Based on the electrical power output of the unit Eelec, the purchasing cost can be 
calculated using Equation (6.17), where the reference cost is 4 million USD for 
a power output of 160 MWe. 
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In addition to the cost of the generator itself, the cost of the transformers, 
auxiliary electrical equipment and control systems must also be taken into 
account. These costs can be determined using Equation (6.18) where the 
reference cost is 10 million USD for a power output of 120 MWe. 



 146

65.0











 



ref

elec
refaux E

E
cC




 (6.18) 

6 . 3  T o t a l  P o w e r  P l a n t  C o s t s  
Equipment purchasing costs are not the only costs involved in the construction 
of the power plant. The total power plant cost needs to take into account a 
number of additional costs which add to the overall magnitude of the 
investment. The total investment cost Cinv of the power plant can be calculated 
using Equation (6.19), taking into consideration the additional costs for 
equipment installation Cinst, the cost of civil engineering Ccivil, which includes site 
infrastructure and buildings, the cost of the natural-gas pipeline branch CNG as 
well as the costs for project engineering Ceng and contingencies Ccont.  

contengNGcivilinsteqpinv CCCCCCC    (6.19) 

In addition to the initial investment required to build the power plant, further 
costs occur at the end of the power plant’s life. These are the decommissioning 
costs, which are necessary in order to return the site to a useable condition.  

6 . 3 . 1  E q u i p m e n t  I n s t a l l a t i o n  

The costs for equipment installation are estimated from the initial equipment 
purchasing costs using Equation (6.20) based on the recommendation of Peters 
and Timmerhaus [78], who state that the installation costs are approximately 
equal to 20% of the purchasing cost. The costs for gas-pipeline branching (see 
§6.3.3) already include installation costs and so do not need to be included in 
Equation (6.20). 

 eqpinst CC 2.0  (6.20) 

6 . 3 . 2  C i v i l  E n g i n e e r i n g  

Typical values for the cost of civil engineering are given by Peters and 
Timmerhaus [78] as a percentage of the total power block equipment cost, in a 
similar manner to the installation costs; the values are presented in Table 6.1. 
Assuming a new power plant at a greenfield site, total infrastructure cost would 
be equal to around 55% of the installed power block equipment cost.  

However, according to Pelster [76], the use of a simple multiplying factor to 
calculate the civil engineering costs gives undue influence to component design, 
as, for example, a increase in the cost of the gas-turbine due to the use of high-
temperature blades should not affect the cost of civil engineering.  
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Civil Engineering 
New Plant 
New Site 

New Unit 
Existing Site

Expansion 
Existing Site 

Buildings 45% 6 – 18% 6% 

Yard Improvement 10% 2 – 4% 2% 

Table 6.1: Civil engineering and infrastructure costs. 

Instead, the civil engineering costs for the simple-cycle hybrid solar gas-turbine 
power plant can be estimated based on the civil engineering cost of a reference 
gas-turbine, using Equation (6.21), where the reference cost is 7.6 million USD 
for a power output of 52.8 MWe [30]. 
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6 . 3 . 3  N a t u r a l - G a s  S u b s t a t i o n  

Delivery of natural-gas to the solar gas-turbine power plant will require a new 
pipeline branch, connecting the power plant to an existing high-pressure gas 
network. Upon arrival at the power plant, a pressure reduction station is needed 
to bring the gas from pipeline pressure (~70 bar) down to the gas-turbine 
combustion chamber pressure. The total cost of the natural-gas substation can 
thus be calculated using Equation (6.22). 

stationbranchNG CCC   (6.22) 

The cost to install a supplementary branch at a pre-existing branching station 
includes the cost of additional valves and a pipeline inspection gauge (or ‘pig’) 
departure station which, according to Pelster [76], can be estimated based on 
the maximum natural-gas flow required by the power plant. A fixed cost for the 
electrical line equipment must also be included, giving the cost function shown 
in Equation (6.23), where cmec and celec are 219’000 USD and 221’000 USD 
respectively, for a reference natural-gas flow rate of 14.4 kg/s. 
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The cost of the pressure reduction station includes a single-stage pressure 
reduction unit and measuring station, as well as a ‘pig’ arrival station. Pelster 
again gives this cost as a function of the natural-gas flow rate. The cost of the 
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pressure reduction station can be calculated using Equation (6.24), where cmec is 
taken as 1.3 million USD for a reference natural-gas flow rate of 14.4 kg/s. 
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6 . 3 . 4  P r o j e c t  E n g i n e e r i n g  a n d  C o n t i n g e n c i e s  

A number of indirect costs occur both during the planning stage and once 
construction has begun. These costs relate to detailed power plant design, 
planning and management of the construction, permitting, etc. Based on figures 
taken from the ECOSTAR report [80] as well as from the International Energy 
Agency [39], indirect costs have been assumed to be equal to 5% of the total 
installed cost and can be calculated using Equation (6.25). 

 NGcivilinsteqpeng CCCCC  05.0  (6.25) 

Unforeseen technical or regulatory issues may arise during construction of the 
power plant, and additional funding will need to be allocated to deal with this. 
Based again on figures from the ECOSTAR report [80] and the International 
Energy Agency [39], a contingency cost equal to 10% of the total installed cost 
has been assumed, calculated using Equation (6.26). 

 NGcivilinsteqpcont CCCCC  1.0  (6.26) 

6 . 3 . 5  D e c o m m i s s i o n i n g  

At the end of the power plant’s life, the equipment must be dismantled and the 
site returned as close as possible to its original condition. Natural-gas and solar 
power plants cause no specific permanent damage to the local environment 
(unlike nuclear power plants, for example) and, as such, decommissioning costs 
can be assumed to be 5% of the installed equipment cost, based on figures 
from the International Energy Agency [39]. 

 NGcivilinsteqpdec CCCCC  05.0  (6.27) 

6 . 4  O p e r a t i n g  C o s t s  
Unlike the investment and decommissioning costs, which are one-off 
expenditures at the beginning and end of the power plant’s life, operation costs 
are incurred continuously throughout the entire lifetime. However, as interest 
payments are due only once a year, it is the annual values of the different 
operating costs that need to be determined. For the hybrid solar gas-turbine 
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power plants, the total annual operating cost Coper results from fuel and water 
consumption, as given by Equation (6.28). 

waterfueloper CCC   (6.28) 

6 . 4 . 1  F u e l  C o s t s  

The largest operation cost is associated with the use of fuel in the power plant, 
the value of which can be calculated directly from the price of the fuel based on 
the quantity of fuel burned annually. The fuel cost cf is typically given per unit 
of energy (e.g. in USD/MWhth), so the total cost can be calculated using 
Equation (6.29), where Mf is the varying fuel mass flow rate throughout the 
year, and LHVf the lower heating value of the fuel. 


year

ffffuel dtMcC LHV  (6.29) 

6 . 4 . 2  W a t e r  C o n s u m p t i o n  

Water consumption in solar gas-turbine power plants can be attributed to two 
sources: mirror washing and compressor washing. The total cost of water usage 
can be calculated from the price of water, based on the annual consumption. 

 comp
OH

mir
OHwwater VVcC 22   (6.30) 

The annual water consumption for mirror washing can be calculated as a 
function of the total mirror area of the heliostat field (i.e. number of heliostats 
Nhelio multiplied by the individual heliostat area AH) using Equation (6.31), 
where vmir is the specific water consumption. Based figures from the US 
Department of Energy [104], a value of 50 ltrH2O/m2yr can be assumed for 
mirror washing. 

Hheliomir
mir

OH ANvV 2  (6.31) 

For compressor washing, the annual water consumption can be calculated using 
Equation (6.32), which is based on figures for an online compressor washing 
technique. The water usage is a function of the design mass flow through the 
compressor Minlt and the annual washing frequency fwash. In this work daily 
washing before start-up of the power plant was assumed, due to the high 
concentration of dust particles in the arid regions considered. The constants v0 
and v1 are taken as 90 ltrH2O and 0.5 ltrH2O/(kg/s) respectively, based on the 
parameters compiled by Mund [73]. 

  washinlt
comp

OH fMvvV  
102  (6.32) 
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6 . 5  M a i n t e n a n c e  C o s t s  
Operation of the power plant results in inevitable wear and tear on the power 
plant equipment, requiring repair or replacement of damaged components. The 
exact frequency of the required maintenance is difficult to estimate, as this 
depends both on the manner in which the power plant is operated as well as 
the degree of preventive maintenance that is performed. 

Instead, the costs for spare parts and equipment repair are calculated as a 
percentage of the initial equipment costs using an assumed attrition rate, based 
on experience from existing power plants. The solar collector equipment will 
require more maintenance than conventional power block equipment, as these 
are innovative components working under harsh operating conditions. 

The civil engineering elements (i.e. site, tower and buildings) have the lowest 
maintenance requirements and the costs are calculated assuming a 1%/yr 
maintenance charge. The gas-turbine power block components are well 
established conventional equipment and as such a 2%/yr maintenance charge is 
assumed. For the heliostat field a 3%/yr cost is taken due to the large rate of 
mirror breakage in the collector field. Finally, a 4%/yr maintenance charge was 
assumed for the receiver and gas-piping due to the combination of innovative 
design and harsh operating conditions. 

In addition to the direct costs for spare parts and maintenance, a number of 
different equipment service contracts must be accounted for. Service contracts 
can be identified for three power plant subsystems: field control systems, 
ground keeping and mirror washing.  

Based on information from the National Renewable Energy Laboratory [99], 
the control system contract is assumed to have a fixed cost of 100’000 USD/yr, 
whereas the annual costs for the ground keeping and mirror washing contracts 
can be calculated as function of the total heliostat field area using Equations 
(6.33) and (6.34), where the reference costs are 100’000 USD and 350’000 USD 
respectively for a reference field area Aref of 854’000 m2. 
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6 . 6  L a b o u r  C o s t s  
In addition to the material costs for operation and maintenance of the power 
plant, it is also necessary to take into consideration the costs of the salaries of 
the power plant employees. Information on salaries for different types of power 
plant employees was obtained from a study [99] by NREL and the values are 
presented in Table 6.2. Also shown in Table 6.2 are the staffing requirements 
for the hybrid solar gas-turbine power plant [96], as well as a reference, 
unmodified, gas-turbine power plant. 

Staff 
Salary 

[USD/yr] 

Required Employees 

Hybrid Solar
Gas-Turbine 

Reference 
Gas-Turbine 

Plant Manager 95’000 0.25 0.25 

Plant Engineer 92’000 1 - 

Maintenance Supervisor 48’000 1 0.25 

Power Block Technician 40’000 1 0.5 

Solar Field Technician 40’000 Ntec - 

Operations Manager 84’000 1 - 

Control Room Operator 40’000 Noper - 

Table 6.2: Labour rates and power plant labour requirements. 

As the power plants considered in this work are relatively small (< 50 MWe) it 
is assumed that a single plant manager is responsible for around four gas-
turbine installations, as the power plants can be located in relatively close 
geographical proximity to one another. 

Concerning maintenance, each solar gas-turbine installation is assumed to have 
its own plant engineer and maintenance supervisor located permanently at the 
plant; the maintenance supervisor is responsible for both gas-turbine and 
heliostat field maintenance. Additionally, due to the unconventional nature of 
gas-turbine operation in the solar power plant, the requirement for a dedicated, 
on-site, gas-turbine technician is anticipated. 

For maintenance of the solar collectors, the required personnel will increase 
with the size of the heliostat field. Based on a combination of the values given 
by NREL [99] and the ECOSTAR report [80], the number of technicians 
required for solar field maintenance can be determined using Equation (6.37), 
where nspec is the specific number of persons for field maintenance, given as 3 
persons per 100’000 m2 of additional heliostat area. 
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Hheliospectec ANnN  1  (6.35) 

Operation of the heliostat field and solar receiver is not as automated as that of 
the gas-turbine unit, requiring additional staff for control of these components. 
The labour requirements consist of an operations manager and a number of 
control room operators. Using again the figures from NREL [99] and the 
ECOSTAR report [80], the number of employees required for solar equipment 
operation is given by Equation 4.23, where nspec is given as 2 persons per 
100’000 m2 of additional heliostat area. 

Hheliospecoper ANnN  1  (6.36) 

In additional to the direct salary costs, it is also necessary to take into 
consideration overhead costs and other fees that are paid directly to the 
employee. The labour costs are thus calculated based on the burdened labour 
rate, which takes into consideration the cost of salaries, taxes and benefits for 
each employee: the burdened labour costs can be assumed to be 150% of the 
total salary.  

The total labour cost can therefore be determined using Equation (6.37), where 
Sempl is the salary of each employee, and Nempl is the number of each type of 
employee at the power plant. 


staff

emplempllab NSC 5.1  (6.37) 
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7  Simple-Cycle Hybrid 
Gas-Turbine Power Plants 

In this chapter the thermoeconomic model of the simple-cycle hybrid solar gas-turbine 
power plant is used to analyse both the retrofitting of existing industrial gas-turbines, as 
well as the design of new, optimised, gas-turbines. Their thermodynamic, economic and 
environmental performance is then presented and sensitivity studies are performed. 

7 . 1  A n a l y s i s  S c e n a r i o s  
Having established a detailed thermoeconomic model of a simple-cycle hybrid 
solar gas-turbine power plant, this model can now be used to analyse the 
performance of the concept. A number of different scenarios are analysed, as 
described below. 

The first scenario concerns the retrofitting of existing industrial gas-turbines for 
operation in a hybrid solar gas-turbine power plant. Two different gas-turbine 
units are examined; thermoeconomic analysis is used to determine the degree of 
solar integration that is possible, as well as the trade-offs between the added 
costs of the solar equipment and the reduction in carbon dioxide emissions that 
this integration brings about.  

Having examined the performance of existing machines in a hybrid solar 
configuration, the second scenario involves the design of new gas-turbine units, 
optimised for use in a hybrid solar gas-turbine power plant. In this way, trends 
can be identified for the development of a new generation of gas-turbine 
engines, in the case that a dedicated market for hybrid power plants emerges. A 
number of sensitivity studies are then performed on these designs. 

7 . 2  S c e n a r i o  P a r a m e t e r s  
Before the performance of the power plants can be investigated, the boundary 
conditions of the analysis need to be defined; this includes both the 
metrological data that provides input to the thermodynamic models as well as 
economic parameters such as interest rates and fuel prices.  

7 . 2 . 1  M e t e o r o l o g i c a l  D a t a  

The performance of the power plant is driven to a large extent by the 
meteorological conditions on-site, specifically the ambient temperature and the 
direct normal solar irradiation; both these environmental factors are strongly 
location dependent. 
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The power plants analysed in this study are assumed to be located near 
Kuraymat, Egypt (situated at 29.2°N, 31.2°E). This site, shown in Figure 7.1, is 
about 100 km south of Cairo on the eastern bank of the river Nile and is 
already home to an integrated solar combined-cycle power plant: the ISCC 
Kuraymat [11]. As such, both electrical power lines and a natural-gas pipeline 
pass through the area, eliminating the need for extra investment in transmission 
equipment.  

 
Figure 7.1: Location of the proposed hybrid solar gas-turbine power plants. 

Image Source: Google Maps, accessed January 23rd 2013 

Ambient temperature data for a typical meteorological year at this location was 
obtained from the Meteonorm dataset [69], with values interpolated from the 
standard hourly resolution to give the desired 10-minute timestep. The 
evolution of the ambient temperature over the year is shown in Figure 7.2, 
along with a duration curve which gives the percentage of time that the ambient 
temperature exceeds a given value. 

 
Figure 7.2: Ambient temperature data for Kuraymat, Egypt. 
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Throughout the year, the ambient temperature varies from 3°C to 39°C, with 
an annual mean temperature of 21.2°C. The interquartile range is 10.1°C; for 
50% of the year the temperature is comprised between the temperatures of 
16.2°C and 26.3°C. 

Direct normal irradiation data was obtained from the Soda-IS satellite radiation 
service [92] and a higher, 10-minute, resolution was used. To compensate for 
the errors involved in satellite measurement of solar irradiation, the entire 
dataset was scaled in order to ensure that the annual direct normal insolation 
matches values from ground-based measurements. The annual insolation for 
Kuraymat is 2431 kWh/m2yr [10], well above the limit of 2000 kWh/m2yr at 
which solar thermal power plants become economically viable.  

Figure 7.3 presents the radiation map for Kuraymat, giving the intensity of the 
radiation as a function of the time of day and the day of the year. A duration 
curve is also given for the radiation intensity during the hours when the Sun is 
above the horizon. 

 
Figure 7.3: Direct normal irradiation data for Kuraymat, Egypt. 

Additionally, the geographical location of the power plant (29.2°N, 31.2°E) 
determines the path of the Sun across the sky, information necessary to 
calculate the efficiency of the solar collector field and the tracking of the 
heliostats. 

Using the equations presented in §5.4.1, the solar position map shown in Figure 
7.4 can be calculated. The position of the Sun is given in both solar and civil 
time, and the appearance of the analemma due to the offset between solar and 
clock time can clearly be seen.  

To simplify calculation, all the hour values used in this analysis are assumed to 
be given in solar time; as can be seen in Figure 7.4 the offset between civil and 
solar time is relatively small for this location. 
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Figure 7.4: Solar position map for Kuraymat, Egypt. 

7 . 2 . 2  E c o n o m i c  C o n d i t i o n s  

The economic performance of the power plant depends to a large degree upon 
financing conditions such as the interest rate on the initial loan. The levelised 
cost of electricity (see §4.2.2 ) in particular is strongly dependant on the 
equipment lifetime and the cost of financing the initial loan.  

In this study, values for the financing parameters have been taken from the 
ECOSTAR report [80] and International Energy Agency figures [39] in order to 
allow relevant comparisons to be made with existing studies. Values for the key 
financing parameters are shown in Table 7.1. 

 Financing Parameters Value 

i Real Debt Interest Rate 7 [%]

kins Annual Insurance Rate 1 [%]

ncon Construction Time 2 [yrs]

nop Operational Lifetime 25 [yrs]

ndec Decommissioning Time 2 [yrs]

Table 7.1: Investment financing parameters and power plant lifetimes. 

 Cost Parameters Value 

chelio Specific Heliostat Mirror Cost 200 [USD/m2] 

cNG Natural-Gas Cost 25.1 [USD/MWhth] 

ncon Water Cost 1.2 [USD/m3] 

Table 7.2: Costs for heliostat mirrors and plant consumables. 
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Additionally the cost functions presented in Section 6 require a number of 
specific cost terms to be fixed. Values for these parameters have been taken 
from a number of sources and are shown in Table 7.2.  

Heliostat mirror costs are taken from Mancini [63] and Lovegrove [62], the 
chosen value of 200 USD/m2 represents an average value for current 
production levels, and is expected to drop to between 100 and 130 USD/m2 
when mass production begins [54]. A long-term cost goal of 75 USD/m2 for 
the heliostat mirrors has been set by the United States Department of Energy 
Sunshot programme [62]. 

Fuel costs are based on ECOSTAR [80] and International Energy Agency [39] 
figures, with the value for fuel cost in the year 2010 determined as the mean 
value between the cost for 2005 used in the ECOSTAR report and the cost for 
2015 predicted by the International Energy Agency. Natural-gas costs vary 
significantly from location to location; at the time of writing, costs in the 
United States are 80% lower than in Europe, due largely to the discovery of 
shale-gas, whereas costs in Asia are approximately 60% higher [42]. The 
natural-gas fuel was assumed to be an 85-10-5 mixture of methane, ethane and 
propane, giving a lower heating value of 49.6 MJ/kg and a carbon content of 
75.8 % by weight. These values are summarised in Table 7.3. 

Natural-Gas Properties Value 

Methane Content 85 [%] 

Ethane Content 10 [%] 

Propane Content 5 [%] 

Lower Heating Value 49.6 [MJth/kg] 

Carbon Content 75.8 [%]. 

Table 7.3: Properties of the natural-gas fuel. 

Water costs are taken from Maulbetsch [67]. The cost of water has only a very 
minor effect on the levelised electricity cost, as water use at hybrid solar gas-
turbine power plants is very low. 

7 . 2 . 3  P o w e r  P l a n t  O p e r a t i o n  S t r a t e g y  

Both the levelised electricity cost and the specific carbon dioxide emissions are 
based on the net annual electricity production, which in turn is dependent on 
the operation mode of the power plant. Additionally, as the operation of solar 
components relies upon the availability of solar radiation, the operating hours 
of the plant will have a strong impact on performance. 
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In this study the hybrid solar gas-turbine power plants are assumed to be 
operated at full load between 7 am and 11 pm, regardless of the current 
irradiation conditions. This gives a maximum annual capacity factor of 67%, 
and matches well with the high-load region of a typical demand curve. 
Compared to baseload operation, this daily cycling strategy will raise the cost of 
the electricity produced (due to lower utilisation of the equipment), but will 
greatly increase the share of solar-generated electricity as it reduces the 
operation of the power plant at night on 100% fossil power. 

7 . 3  R e t r o f i t t i n g  o f  I n d u s t r i a l  G a s - T u r b i n e s  
The retrofitting of industrial gas-turbines has been analysed using multi-
objective thermoeconomic optimisation, with the goal of examining the trade-
offs that are involved. Based on the Pareto-optimal designs obtained, the 
influence of solar integration on the cost of electricity can be determined and 
the optimal degree of solarisation for each machine examined. 

7 . 3 . 1  G a s - T u r b i n e  S e l e c t i o n  

Two gas-turbines from the Siemens industrial gas-turbine range [89] have been 
considered for solar hybridisation in this retrofitting study: the SGT-500 and 
the SGT-750. Data on these machines was sought for in the open literature [89] 
and the key values used in this study are shown in Table 7.4.  

Gas-Turbine Parameter 
Gas-Turbine  

SGT-500 SGT-750 

ISO Power Output 19.1 35.9 [MWe] 

ISO Electrical Efficiency 33.8 38.9 [%] 

Gas-Turbine Heat Rate 10’664 9’296 [kJth/kWhe] 

Maximum Nominal Solar Share 100 54.2 [%] 

Compressor Pressure Ratio 13.1 23.8 [ - ] 

Exhaust Gas Mass Flow 97.9 113.3 [kg/s] 

Exhaust Gas Temperature 369 462 [°C] 

Table 7.4: Key parameters of the selected gas-turbine units [89]. 

Some of the required information was not found; missing values for the 
combustor outlet temperatures and the turbine cooling flows were back-
calculated from publically available information, based on hypotheses and 
models from Bhargava [9] and Jonsson [47]. 
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The two chosen gas-turbines represent very different design philosophies; the 
SGT-500 is a low-temperature heavy-duty industrial gas-turbine whereas the 
SGT-750 is a modern high-temperature high-efficiency machine. The high 
pressure ratio of the SGT-750 results in an ISO shaft efficiency of 40% [33], 
which is very high for a simple-cycle gas-turbine in this power range. 

Concerning solar hybridisation, the key difference between the two machines 
lies in their firing temperatures. The SGT-750 operates at combustor 
temperatures above the maximum limit for contemporary tower-mounted solar 
air receivers, meaning that even at full solar load, it is not possible to operate 
this machine on solar power alone. On the other hand, the SGT-500 has a 
firing temperature below the achievable limit, allowing it to be operated using 
only solar energy at times when the solar supply is sufficient. 

As the power output of the SGT-500 is much smaller than the SGT-750, it was 
assumed that two SGT-500 units operate in parallel in the hybrid solar gas-
turbine power plant, giving a total output of 38.2 MWe for the SGT-500 and 
35.9 MWe for the SGT-750. 

7 . 3 . 2  O p t i m i s a t i o n  S e t u p  

Before the thermoeconomic analysis can proceed, it is necessary to select the 
decision variables for the multi-objective optimisation procedure. The 
parameters (and thus also the costs) of the gas-turbines themselves are fixed by 
the choice of the two machines for this study. As such, only the operation and 
sizing of the solar components are modified during the optimisation procedure; 
they will be varied by the evolutionary algorithm to identify optimal designs. 
The decision variables selected are shown in Table 7.5. 

Decision Variable 
Selection Range  

Min. Max. 

Receiver Aperture Area 4 250 [m2] 

Receiver Temperature Factor 0.01 1 [ - ] 

Heliostat Field Cells 4 450 [#] 

Central Tower Height 35 300 [m] 

Tower Piping Flow Speed 4 52 [m/s] 

Table 7.5: Optimisation decision variables and limits. 

In order to ensure that the optimiser does not waste time dealing with 
impossible combinations of parameters it is important to guarantee that an 
orthogonal search space is obtained [66]; having an orthogonal search space will 
increase the convergence speed of the algorithm. With this in mind, a 
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dimensionless parameters frec was used to select the nominal receiver 
temperature T4 between the compressor discharge temperature T2 and the 
maximum receiver temperature Trec, using Equation (7.1).  

 224 TTfTT max
recrec   (7.1) 

For the SGT-750 the maximum receiver temperature is set at 950°C, the upper 
limit imposed by the hot gas piping. In the case of the SGT-500, a lower limit 
was used, equal to the combustor outlet temperature of this machine. 

The objectives chosen for optimisation of the power plant are selected amongst 
the thermoeconomic performance indicators defined in §4.2. The two 
objectives selected for analysis of the retrofitted power plant configurations are 
minimisation of the specific investment cost as well as minimisation of the 
specific carbon dioxide emissions. These two objectives will be conflicting; 
additionally, they are independent of any assumptions regarding financing and 
fuel costs, allowing a number of different scenarios to be analysed. 

7 . 3 . 3  A l g o r i t h m  C o n v e r g e n c e  

Optimisation was performed using the QMOO multi-objective population-
based evolutionary algorithm (see §4.4.2) integrated into the DYESOPT tool, 
which was set to run the model of each hybrid solar gas-turbine configuration 
for 60 generations with an initial population size of 40 designs.  

The evolution of the designs selected by the optimiser is shown in Figure 7.5. It 
can be seen that, starting from a wide spread of initial designs, the final 
generations form two well-defined Pareto-fronts, one for each hybrid solar gas-
turbine configuration. 

 
Figure 7.5: Evolutionary algorithm convergence through 60 generations. 
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In Figure 7.6 are shown the final locations of the Pareto-optimal fronts 
identified by the optimiser; the trade-off between low carbon dioxide emissions 
and low investment costs can clearly be seen. A distinct cross-over point can be 
seen between the SGT-500 and SGT-750 gas-turbine units: at an emissions 
level above 410 kgCO2/MWhe, the investment costs for the solarised SGT-750 
are lowest, whereas below this level those of the SGT-500 are the lowest. 

 
Figure 7.6: Location of the final Pareto-optimal fronts. 

Having established the set of Pareto-optimal power plant designs for each gas-
turbine, the designs lying on the trade-off curve can be analysed in more detail. 
It should be noted that all the configurations that lie on the Pareto-optimal 
fronts are ‘optimal’, in the sense that for each design it is not possible to get a 
lower investment cost without emitting more carbon dioxide. 

7 . 3 . 4  E c o n o m i c  P e r f o r m a n c e  

The economic performance of the hybrid solar gas-turbine power plants is 
assessed in terms of the total investment cost as well as the levelised cost of the 
electricity produced. 

The evolution of the specific investment cost as a function of the annual solar 
share is shown in Figure 7.7. It can be seen that for both gas-turbines, the 
investment costs initially increase almost linearly with increasing annual solar 
share. Beyond a certain point however, the investment costs begin to increase 
exponentially, asymptotically approaching a maximum value of the annual solar 
share, equal to 63.5% for the SGT-500 and 30.1% for the SGT-750.  

This behaviour implies the existence of a physical limit above which the solar 
share cannot be increased. Up until to the beginning of the exponential 
increase, the specific costs of the solarised SGT-750 are lower than those of the 
SGT-500, due chiefly to the larger nominal power of the SGT-750. 
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Figure 7.7: Investment costs as a function of the annual solar share. 

The upper limit on the annual solar share results from the physical limitation 
imposed by the maximum receiver temperature and thus the maximum nominal 
solar share. Once the maximum receiver temperature is reached, the annual 
solar share can only be increased by oversizing the solar collector field and thus 
increasing the duration during which the receiver operates at full power, as 
described in §3.4.2.  

However, even if an extremely large (and thus extremely costly) solar field was 
used, which provided full solar heat input during all Sun-hours, the maximum 
annual solar share cannot surpass the nominal solar share. In reality, the limit is 
lower than this, as the operating duration of the gas-turbine includes times 
when the Sun is not shining; during these periods, even an infinitely large solar 
field would not be able to supply nominal heat input to the gas-turbine. 

 
Figure 7.8: Annual solar share as a function of the solar multiple. 
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The relationship between the size of the solar field (expressed in terms of the 
solar multiple) and the annual solar share is presented in Figure 7.8. It can 
clearly be seen that the effect of increasing the size of the heliostat field suffers 
from rapidly diminishing returns and extremely large solar fields are required to 
reach the highest values of the annual solar share. 

The difference in achievable annual solar shares is thus due to the difference in 
the maximum nominal solar share. The SGT-500, with its lower firing 
temperature and maximum nominal solar share of 100% can achieve more than 
double the annual solar share of the higher-temperature SGT-750, which has a 
maximum nominal solar share of 54.2%. However, neither of these machines 
can reach the level of solar integration provided by conventional parabolic 
trough plants, which operate at solar shares above 85% [80]. 

Upfront costs are generally less important than the levelised cost of electricity, 
which is shown in Figure 7.9 as a function of the annual solar share. For both 
machines, the electricity costs increase with increasing solar share, although the 
slope of the increase is less than that of the investment costs shown in Figure 
7.7, as the increased upfront costs are in large part compensated for by a 
reduction in fuel consumption (resulting from the substitution of fuel by solar 
heat). Thus, at low-to-moderate annual solar shares, the overall electricity costs 
are relatively constant for both machines, with only a minor increase in costs 
with growing solar share. However, once the investment costs begin to rise at 
higher solar shares, the corresponding fuel savings are no longer sufficient to 
compensate for the expenditure and the levelised costs also begin to rise. 

 

Figure 7.9: Levelised cost of electricity as a function of the annual solar share. 

At low annual solar shares, the SGT-750 provides the lowest cost of electricity, 
with relatively constant costs of between 96 and 109 USD/MWhe at solar 
shares up to 20%. This is around 20% lower than the SGT-500 in this range 
(which has costs of between 123 and 129 USD/MWhe). However, the SGT-
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750 is limited to a maximum annual solar share of 30%; to reach higher solar 
shares it is necessary to switch to the SGT-500, which demonstrates electricity 
costs below 160 USD/MWhe at annual solar shares up to 55%. Above 55% 
solar share, the electricity costs from the SGT-500 begin to rise exponentially, 
and the designs are no longer economically viable. 

The levelised cost of electricity from a contemporary parabolic trough solar 
power plant (around 210 USD/MWhe [39]) is also shown Figure 7.9. Both the 
hybrid solar gas-turbines can offer significantly lower electricity costs than the 
parabolic trough power plant, with the SGT-750 offering a 49% to 55% 
reduction in cost at annual solar shares up to 20% and the SGT-500 offering a 
24% to 38% reduction at solar shares up to 55%. However, at high annual solar 
shares (above 59%) the parabolic trough power plant is cheaper than either 
hybrid solar gas-turbine power plant. 

7 . 3 . 5  E n v i r o n m e n t a l  P e r f o r m a n c e  

The environmental performance of the retrofitted gas-turbines is evaluated in 
terms of their carbon dioxide emissions and water consumption.  

As the efficiencies of the gas-turbines are fixed, the specific carbon dioxide 
emissions (shown in Figure 7.10) decrease linearly with increasing annual solar 
share, as fuel consumption is progressively replaced by solar heat.  

 
Figure 7.10: Carbon dioxide emissions as a function of the annual solar share. 

Due to the higher conversion efficiency of the SGT-750, its base carbon 
dioxide emissions are lower than those of the SGT-500 and, as a general rule, 
the solar share of the SGT-500 must be around 15% greater than that of the 
SGT-750 to achieve the same level of emissions (e.g. achieving emissions of 
450 kgCO2/MWhe requires an annual solar share of 19% for the SGT-750 
compared to 35% for the SGT-500).  
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Despite the higher base emissions of the SGT-500, it is this machine that can 
achieve the lowest level of carbon emissions, as its lower firing temperature 
allows a greater degree of solar integration. Minimum carbon dioxide emissions 
from the SGT-750 are 400 kgCO2/MWhe at an annual solar share of 30.1%, 
compared to 275 kgCO2/MWhe for the SGT-500 at a solar share of 63.5%. 

The specific water consumption of the power plant increases with the solar 
share, due to the increase in heliostat field size: the main source of water use in 
a simple-cycle solar gas-turbine power plant is for mirror washing. It can be 
seen that the level of water consumption is significantly below the typical value 
of 3500 ltr/MWhe [104] for parabolic trough power plants using evaporative 
cooling (see Table 1.1). At solar shares below 28% for the SGT-750, and 54% 
for the SGT-500, the hybrid solar gas-turbine power plants consume less water 
than dish-Stirling units (around 100 ltr/MWhe [104]). 

 
Figure 7.11: Water consumption as a function of the annual solar share. 

7 . 3 . 6  S y n o p s i s  

The results above reveal that solar hybridisation of industrial gas-turbines 
appears to be a feasible option for reducing carbon dioxide emissions from 
simple-cycle gas-turbine power plants. At low-to-moderate annual solar shares, 
the levelised cost of electricity from these plants is relatively constant. With 
only a minor increase in the electricity costs, 20% and 50% of solar heat can be 
integrated in the SGT-750 and SGT-500 respectively. 

However, a number of challenges can be identified with retrofitting of the two 
selected industrial gas-turbines. Whilst ensuring high conversion efficiencies 
and low electricity costs, the high firing temperature and pressure ratio of the 
SGT-750 prevent large solar shares from being reached and thus limits the 
achievable reduction in carbon dioxide emissions. On the other hand, the SGT-
500, despite having a correctly adapted firing temperature, is too inefficient and 
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the fuel is burnt at a high heat rate, resulting in higher overall emissions than 
the SGT-750 at the same degree of solar integration. An ideal machine would 
likely operate at a lower firing temperature, whilst retaining acceptable 
efficiency; design of an optimised solar gas-turbine will be examined in the 
following section. 

An important conclusion that can be drawn from this first analysis is that a high 
annual solar shares is not automatically a guarantee of low carbon dioxide 
emissions. This is due to the fact that systems with different efficiencies were 
compared, as a high-efficiency system with a low solar share may provide lower 
overall emissions than a low-efficiency system with a higher solar share. 

7 . 4  O p t i m a l  G a s - T u r b i n e  D e s i g n  
As the analysis of solar retrofitting of the two existing gas-turbines revealed that 
neither machine is fully suited for use in a hybrid solar power plant, the logical 
next step is to attempt to identify the parameters of an improved gas-turbine 
for this application. A series of new gas-turbine engines will thus be analysed in 
order to identify designs which best satisfy the trade-off between performance 
and cost when operating in hybrid solar mode. 

7 . 4 . 1  O p t i m i s a t i o n  S e t u p  

In order to analyse optimal gas-turbine design, the decision variables for the 
thermoeconomic analysis are extended to include the key cycle parameters of 
pressure ratio and combustor outlet temperature. The new decision variables 
are shown in Table 7.6. The shaft power of these new gas-turbine units is set at 
40 MW, in order to ensure the machines are comparable in size to the 
previously studied retrofitted power plant designs. 

Decision Variables 
Selection Range  

Min. Max. 

Combustor Temperature Factor 0 1 [ - ] 

Compressor Pressure Ratio 4 36 [ - ] 

Receiver Aperture Area 4 250 [m2] 

Receiver Temperature Factor 0.01 1 [ - ] 

Heliostat Field Cells 4 450 [#] 

Central Tower Height 35 300 [m] 

Tower Piping Flow Speed 4 52 [m/s] 

Table 7.6: Optimisation decision variables and limits. 
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In a similar manner to the receiver temperature, the outlet temperature of the 
gas-turbine combustor was selected using a dimensionless parameter fcomb in 
order to ensure that an orthogonal search space is maintained [66]. The 
combustor outlet temperature T6 is selected using Equation (7.2) between the 
nominal receiver temperature T4 and the maximum firing temperature Tfire, 
assumed to be equal to 1450°C for an F-class gas-turbine [9]. 

 446 TTfTT max
firecomb   (7.2) 

The objective functions chosen for optimisation of the new gas-turbines are the 
same as those used for analysis of the retrofitting case, namely minimisation of 
the specific investment cost as well as minimisation of the specific carbon 
dioxide emissions (see §4.2). 

7 . 4 . 2  A l g o r i t h m  C o n v e r g e n c e  

Optimisation was again performed using the QMOO algorithm within the 
DYESOPT tool, with an initial population size of 40 designs. Due to the 
increased number of decision variables, at total of 90 generations were required 
in order to achieve convergence. The evolution of the designs selected by the 
optimiser is shown in Figure 7.12. It can be seen that, starting from a wide 
spread of initial designs, the final generations form a well-defined Pareto-front. 

 
Figure 7.12: Evolutionary algorithm convergence through 90 generations. 

In Figure 7.13 the final location of the Pareto-optimal front for the optimal gas-
turbines is shown, alongside those of the SGT-500 and SGT-750. As expected, 
it can be seen that the performance of the optimised gas-turbines is better than, 
or equal to, that of the existing industrial gas-turbines across the entire range of 
designs. It is interesting to note that towards the lower end of the specific 
investment cost range, the performance of the SGT-750 is almost identical to 
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that of the optimised designs. The performance of the SGT-500, on the other 
hand, is outclassed by the new designs, which can simultaneously provide both 
lower investment costs and lower carbon dioxide emissions. 

 
Figure 7.13: Location of the final Pareto-optimal fronts. 

7 . 4 . 3  O p t i m a l  G a s - T u r b i n e  P a r a m e t e r s  

Based on the Pareto-optimal configurations, the design of an optimal gas-
turbine for hybrid solar power plants with different degrees of solar integration 
can be examined. Again, it should be noted that all the Pareto designs are 
‘optimal’, in the sense that they represent the best possible trade-off between 
cost and emissions for a given solar share. Three key design parameters are 
presented in this section: the combustor outlet temperature, the nominal 
receiver temperature and the compressor pressure ratio. 

The evolution of the combustor outlet temperature and the nominal receiver 
temperature as a function of the annual solar share is shown in Figure 7.14. It 
can be seen the evolution of the temperatures splits the designs into three clear 
domains, with transition points situated at 23% and 45% annual solar share. 

In Zone 1, the combustor outlet temperature is maintained high in order to 
ensure a high conversion efficiency for the gas-turbine. In this zone, the 
combustor temperature is around 1300°C, comparable to values encountered in 
contemporary F-class gas-turbines [9]. As the desired annual solar share 
increases, the nominal receiver temperature is increased, which reduces the total 
temperature rise in the combustion chamber ΔTcomb and thereby decreases fuel 
consumption and increases the nominal solar share. 

In Zone 2, the nominal receiver temperature has reached the maximum 
possible for contemporary designs (in this case 950°C), and cannot increase 
further. In order to continue increasing the nominal solar share, and thus 
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integrate more heat into the gas-turbine cycle, it becomes necessary to reduce 
the combustor outlet temperature. While this reduces the overall conversion 
efficiency of the gas-turbine, the total fuel consumption is reduced due to the 
greater degree of solar heat integration, allowing carbon dioxide emissions to 
continue to fall. 

In Zone 3, the combustor outlet temperature has decreased to the level of the 
maximum nominal receiver temperature. At this point, no fuel is burnt in the 
combustion chamber when the receiver is operating at design conditions and 
the nominal solar share is thus 100%. However, the annual solar share is not 
equal to 100% at this point as due to the variable nature of the solar flux, the 
receiver does not operate at nominal conditions all the time, giving an 
annualised solar share of only 45%. The annual solar share can only be 
increased further in Zone 3 by increasing the size of the heliostat field, and thus 
the time during which the receiver operates at nominal temperature. 

 
Figure 7.14: Pareto-optimal gas-turbine temperatures. 

This can be confirmed by examining the solar multiple of the heliostat field for 
the different gas-turbine designs, as shown in Figure 7.15. The solar multiple 
increases steadily in Zone 1, reaching a value of 1.15, which is then maintained 
constant throughout Zone 2. In Zone 3, once the nominal solar share has 
reached 100%, the solar multiple begins to increase exponentially, in order to 
continue to increase the annual solar share. 

The optimal value of the compressor pressure ratio decreases linearly as the 
solar share increases, as shown in Figure 7.16. Lower pressure ratios result in 
lower compressor discharge temperatures; this increases the temperature rise 
occurring in the receiver and allows higher solar shares. Lower compressor 
discharge temperatures also result in a lower inlet temperature to the receiver, 
reducing the average temperature in the receiver unit and thereby reducing heat 
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losses and increasing efficiency. High receiver efficiencies reduce the cost for 
integrating large amounts of solar heat into the gas-turbine cycle by keeping the 
required heliostat field area low. 

 
Figure 7.15: Solar multiple of the Pareto-optimal gas-turbine designs. 

 
Figure 7.16: Pareto-optimal compressor pressure ratios. 

As the solar receiver temperatures are limited to below 950°C, there is an 
inherent trade-off between high solar shares and high cycle efficiency (at least 
for this simple-cycle case). High cycle efficiency requires a high combustor 
outlet temperature, whereas it was shown in Figure 7.14 that beyond a certain 
point, it is only possible to increase the solar share by reducing the combustor 
temperature down to the maximum value of receiver temperature. This will 
have a negative effect on the cycle efficiency and increase the overall heat rate 
of the gas-turbine.  
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The heat rate of the hybrid solar gas-turbine is presented in Figure 7.17 as a 
function of the annual solar share. It can be seen that from a total cycle 
viewpoint, the heat rate is relatively constant in Zone 1, as the combustor outlet 
temperature is maintained high. In Zone 2 however, the gas-turbine heat rate 
increases from 9650 to 11500 kJth/kWhe, as the combustor outlet temperature 
drops from 1300°C to 950°C; the heat rates remains at this higher value in 
Zone 3. However, despite this increasing gas-turbine heat rate, the overall fuel-
burn in the gas-turbine decreases monotonically with increasing annual solar 
share, as illustrated by the fuel-only heat rate in Figure 7.17. The increasing 
fraction of the total heat supplied by concentrated solar energy more than 
compensates for the reduced conversion efficiency of the gas-turbine. 

 
Figure 7.17: Heat rate of the Pareto-optimal gas-turbine designs. 

7 . 4 . 4  E c o n o m i c  P e r f o r m a n c e  

The economic performance of the new hybrid solar gas-turbines is assessed in 
terms of the levelised cost of the electricity produced, shown in Figure 7.18 
alongside the values for the SGT-500 and SGT-750. 

It can be seen that in Zone 1, the electricity cost rises only slightly with 
increasing annual solar share; costs of between 94 and 101 USD/MWhe are 
obtained at solar shares up to 23%. In this domain, the efficiency of the gas-
turbine is high and the additional investment in solar equipment (receiver and 
heliostat field) is almost entirely compensated for by the reduction in fuel 
consumption. In Zone 2, the levelised cost of electricity begins to rise more 
quickly, reaching a cost of 124 USD/MWhe at a solar share of 45%. The 
reduction in cycle efficiency due to lower combustor outlet temperatures means 
that larger solar collector fields are required to meet the heating demands of the 
gas-turbine. This effect is partly offset by the reduction in turbine component 
cost and cooling flows due to lower temperatures; however, as the heliostat 
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field is the most expensive component of the power plant, the larger size of this 
component is the dominant effect. In Zone 3 the electricity costs grow 
exponentially with the annual solar share, due to the massive increase in the size 
of the heliostat field needed to raise the solar share. 

 
Figure 7.18: Levelised electricity costs of the Pareto-optimal gas-turbine designs. 

Compared to the retrofitted SGT-500 and SGT-750 designs, it can be seen that 
the optimised gas-turbines offer lower levelised electricity costs across the 
entire range of solar shares. However, at low annual solar shares (up to 15%) 
the performance of the SGT-750 is almost identical to that of the optimised 
designs, with only a 6% difference in electricity costs. At moderate solar shares 
(between 25% and 50%), the optimised designs offer a reduction in electricity 
costs of between 17% and 20%. At high solar shares (above 60%) the 
performance of the SGT-500 is similar to that of the optimised designs; 
however, at this point the cost of electricity from the power plant is too high to 
economically viable. 

The maximum solar share achieved by the optimised gas-turbine designs, at 
63%, is almost identical to that of the SGT-500; optimising the design of the 
gas-turbine does not allow higher annual solar shares to be reached.  

7 . 4 . 5  E n v i r o n m e n t a l  P e r f o r m a n c e  

The environmental performance of the optimised hybrid solar gas-turbines is 
evaluated in terms of their carbon dioxide emissions and water consumption.  

The specific carbon dioxide emissions are shown in Figure 7.19. As the 
efficiency of the optimal gas-turbine varies with the solar share, the specific 
carbon dioxide emissions no longer decrease linearly with increasing annual 
solar share. The slope of the emissions reduction curve changes with the gas-
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turbine heat rate, shown in Figure 7.17. As expected, specific carbon dioxide 
emissions from the optimised gas-turbine designs are lower than those of the 
retrofitted designs across the entire range of solar shares. At low annual solar 
shares (up to 25%) the performance of the SGT-750 is almost identical to that 
of the optimised machines, with a difference of only 1% in carbon emissions at 
the same annual solar share. At higher solar shares (above 45%), an optimised 
machine offers an 8.6% reduction in carbon emissions over the SGT-500 at the 
same annual solar share. 

 
Figure 7.19: Carbon emissions from the Pareto-optimal gas-turbine designs. 

 
Figure 7.20: Water consumption of the Pareto-optimal gas-turbine designs. 

The water consumption of the power plants is shown in Figure 7.20. The 
specific water consumption increases with the annual solar share, due to the 
increase in the size of the heliostat field, as the main source of water use is for 
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mirror washing. At the same solar share, the optimised gas-turbine designs 
require slightly smaller heliostat fields than the retrofitted gas-turbines, reducing 
water consumption by around 15%. Overall, the level of water consumption is 
far below the value of 3500 ltr/MWhe [104] for an evaporatively cooled 
parabolic trough power plant and, at annual solar shares up to 57%, less than 
even that of a dish-Stirling engine. 

7 . 4 . 6  S y n o p s i s  

The results above reveal that the use of optimised gas-turbines in hybrid solar 
power plants can reduce the cost of electricity and thus make the power plants 
more economically viable. A reduction in the levelised cost of electricity of 
between 14% and 26% is possible at moderate solar shares. 

With receiver temperatures limited to 950°C, the firing temperature of the solar 
gas-turbine must be reduced in order to increase the solar share of the power 
plant, increasing the overall heat rate at high solar shares. Future developments 
allowing higher receiver temperatures would increase the cycle efficiency at 
high solar shares, reducing the mirror area needed to reach a given degree of 
solar integration, and thereby reducing the overall cost of electricity. 

However, in the simple-cycle configuration, optimising the gas-turbine design 
does not allow higher solar shares to be reached. Once the nominal solar share 
of the unit reaches 100%, the maximum annual solar share is fixed purely by 
the operating duration of the gas-turbine and thus the number of hours during 
which no solar irradiation is available to the system. This limitation could be 
overcome through the integration of high-temperature thermal energy storage, 
which will be examined in Chapters 8 and 9. 

7 . 5  D e t a i l e d  D e s i g n  A n a l y s i s  
The results presented in the previous sections focus on the overall performance 
of a wide range of hybrid simple-cycle gas-turbine power plants. In order to 
highlight further details concerning these hybrid systems, a detailed overview of 
a limited number of designs is given below. 

7 . 5 . 1  S e l e c t i o n  o f  a n  ‘ O p t i m a l ’  D e s i g n  

When selecting a single power plant design to analyse for each type of gas-
turbine, it is desirable that this design be in some way ‘optimal’. However, the 
nature of the multi-objective optimisation means that the identified designs 
represent a trade-off between economic and environmental goals. As was 
shown in Figure 7.9 and Figure 7.18, the levelised cost of electricity increases 
monotonically with the annual solar share, and as such no optimum can be 
identified. Choosing the design with the lowest electricity cost will result in a 
power plant with almost no solar integration, whereas aiming to maximise the 
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utilisation of solar heat will result in designs that are uneconomical. As such, it 
becomes necessary to consider alternative performance indicators when 
selecting optimal designs for further analysis. 

Instead of analysing the overall levelised cost of electricity from the power 
plant, it can be of interest to examine the cost of the solar-derived fraction of 
this electricity (see §4.2.2). The evolution of the solar-only levelised electricity 
cost is shown in Figure 7.21 and it can be seen that a clear minimum value 
exists for each gas-turbine.  

At low annual solar shares the solar electricity costs are very high as the amount 
of solar-derived electricity is very small and there are a number of fixed costs 
involved in the hybridisation of the gas-turbine (such as construction of the 
central tower and piping); the specific cost of the solar field equipment is thus 
very high. As the annual solar share increases, the specific cost of this 
equipment drops, resulting in lower solar electricity costs and more competitive 
designs. However, as was shown in Figure 7.8 and Figure 7.15, at high annual 
solar shares it becomes necessary to massively oversize the heliostat field in 
order to increase the amount of solar heat supplied to the cycle. The cost of 
solar electricity thus begins to increase dramatically again at high solar shares. 

 
Figure 7.21: Solar electricity costs for the three gas-turbine power plants. 

In terms of the levelised cost of solar electricity, the optimal annual solar shares 
for the SGT-500, SGT-750 and optimised gas-turbine power plant 
configurations are 36%, 18% and 17% respectively. The corresponding solar 
electricity costs are 157, 142 and 136 USD/MWhe. The solar electricity costs 
are lower than those of parabolic trough power plants across a wide range of 
solar shares, with the optimal hybrid solar gas-turbine power plants providing a 
reduction of 25% to 35% in the cost of electricity from conventional solar 
thermal power plants. 



 176

An alternative indicator to use in the selection of an optimal design is the cost 
of avoided carbon emissions (see §4.2.3). The evolution of the avoided 
emissions cost, measured relative to a conventional high-performance simple-
cycle gas-turbine, is shown in Figure 7.22. The reference gas-turbine has a 
levelised electricity cost of 90 USD/MWhe and emits 540 kgCO2/MWhe, based 
on reference values from the International Energy Agency [39].  

Again, a clear minimum can be seen for each gas-turbine. At low annual solar 
shares the costs of avoided carbon emissions are high, due to the initial fixed 
costs for hybridisation of the gas-turbine which result in only minor savings in 
carbon dioxide emissions at low solar shares. With increasing solar shares, the 
specific cost of the solar field equipment drops, reducing the cost of avoided 
emissions. At high solar shares the rapid increase in electricity costs, due to the 
oversizing of the heliostat field, is much greater than the reduction in emissions 
achieved and the avoided emissions costs once again rise. 

 
Figure 7.22: Avoided emissions costs for the three gas-turbine power plants. 

In terms of the cost of avoided carbon dioxide emissions, the optimal annual 
solar shares for the SGT-500, SGT-750 and optimised gas-turbine power plant 
configurations are 48.5%, 20.5% and 19% respectively. The corresponding 
costs of avoided emissions are 327, 185 and 130 USD/tonneCO2.  

For the SGT-750 and the optimised gas-turbine, the optimal annual solar shares 
are very similar when the two selection criteria are compared, with values of 
17% and 18% when solar electricity costs are considered, and values of 19% 
and 20.5% when avoided carbon costs are considered. On the other hand, the 
optimal annual solar share for the SGT-500 is 36% when solar electricity costs 
are considered and 48.5% when avoided carbon costs are considered. Higher 
solar shares are needed for the SGT-500 when considering the cost of avoided 
carbon emissions due to the high base carbon emissions of the SGT-500 
compared to the reference gas-turbine (655 versus 540 kgCO2/MWhe). As such, 
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in order to achieve any reduction in emissions relative to the reference gas-
turbine, a high solar is needed. 

An overview of the optimal designs for both performance indicators is given in 
Table 7.8, and it can be seen that the optimised gas-turbine designs give the 
lowest levelised electricity costs and solar electricity costs in both cases. It is 
interesting to note that all the designs for optimal solar electricity costs have 
similar carbon dioxide emissions, in the region of 450 to 460 kgCO2/MWhe. All 
designs operate with slightly undersized heliostat fields, with the exception of 
the SGT-500 when optimising for avoided carbon costs; as mentioned above, 
this machine needs a large degree of solar heat input to achieve a reduction in 
emissions relative to the reference gas-turbine. By avoiding oversized heliostat 
fields, spillage of solar energy from the system is minimised, allowing cost-
efficient use to be made of the equipment. As can be seen in Table 7.8 the need 
to oversize the solar collector field of the SGT-500 results in a clear cost 
penalty when selecting the design for minimal avoided emissions cost.  

7 . 5 . 2  F u l l  P e r f o r m a n c e  B r e a k d o w n  

For the purpose of choosing an optimal design for further study, minimisation 
of the solar electricity cost has been selected as the most relevant performance 
indicator. The characteristics of a hybrid solar power plant based around a new, 
optimised gas-turbine selected using this criterion are shown in Table 7.7; an 
overview of the performance of this power plant has already been presented in 
Table 7.8. 

Gas-Turbine Parameter Value 

ISO Power Output 38.8 [MWe] 

ISO Electrical Efficiency 37.2 [%] 

Gas-Turbine Heat Rate 9’677 [kJth/kWhe] 

Combustor Outlet Temperature 1320 [°C] 

Compressor Pressure Ratio 23.1 [ - ] 

Exhaust Gas Mass Flow 122.9 [kg/s] 

Exhaust Gas Temperature 463 [°C] 

Nominal Receiver Temperature 886 [°C] 

Nominal Solar Share 45.3 [%] 

Heliostat Field Aperture 83’000 [m2] 

Central Tower Height 92.8 [m] 

Table 7.7: Characteristics of the optimal hybrid solar gas-turbine.
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The characteristics of this optimal hybrid solar gas-turbine are remarkably 
similar to those of the SGT-750, presented in Table 7.4. The pressure ratio, 
exhaust gas temperature and heat rate of the two engines differ by only 4%, 3% 
and 1% respectively. The resulting difference in levelised electricity cost at the 
optimum annual solar share is also less than 4%. With this close similarity in 
performance, the development of an entirely new gas-turbine is not likely to be 
justified, and the SGT-750 would appear to be a good candidate for initial 
deployment of hybrid solar gas-turbine technology. However, the SGT-750 is 
relatively limited in the solar shares that it can achieve; if focus were placed 
more strongly on reducing carbon emissions, the use of optimised gas-turbines 
to reach higher solar shares and thus lower emissions could be of interest. 

A full breakdown of the different costs involved in the construction of the 
optimised hybrid solar gas-turbine power plant is presented in Table 7.9, in 
terms of the absolute investment in millions of USD, the specific cost in USD 
per kW of rated electrical output, as well as the proportion of the total 
investment cost that each cost represents.  

Investment Cost Component 
Value 

[milUSD] [USD/kWe] [%] 

Heliostat Field 16.9 435.6 23.2 

Central Tower 3.0 77.3 4.1 

Solar Receiver 2.6 67.0 3.6 

Gas-Turbine Unit 14.3 368.6 19.6 

Electrical Generator 5.2 134.0 7.1 

Power Electronics 3.6 92.8 4.9 

Equipment Costs 45.6 1175 62.6 

Equipment Installation 6.4 164.9 8.8 

Land Purchasing 1.7 43.8 2.3 

Civil Engineering 8.6 221.6 11.8 

Natural-Gas Substation 1.1 28.4 1.5 

Expected Plant Cost 63.4 1634 87.0 

Project Engineering 3.2 82.5 4.4 

Contingencies 6.3 162.4 8.6 

Total Investment Cost 72.9 1880 100 

Table 7.9: Investment cost breakdown for the optimal power plant. 
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It can clearly be seen that the largest single expense is the cost of the heliostat 
field, which accounts for almost a quarter of the total investment cost, even at 
this relatively low annual solar share of 17.1%. At high solar shares, this 
fraction would increase further. Table 7.9 also highlights the fact that the 
purchasing cost of the power plant equipment amounts to less than two thirds 
of the total investment costs. Large costs for installation of the equipment as 
well as the on-site civil engineering must not be neglected in cost calculations. 

The breakdown of the investment costs can also be presented graphically, as 
shown in Figure 7.23, which clearly shows the large share of the investment 
costs devoted to the heliostat field. The other large single costs are associated 
with the gas-turbine itself as well as civil engineering for the power plant. 

 
Figure 7.23: Investment cost breakdown for the optimal power plant. 

Having presented the full breakdown of the investment costs, it is interesting to 
examine the contribution of these different costs to the overall levelised cost of 
the electricity produced; this information is presented in Table 7.10. The 
breakdown of the levelised electricity costs can also be presented graphically, as 
shown in Figure 7.24. 

It can be seen that the two largest contributors to the levelised cost are payback 
of the initial investment in power plant equipment and consumption of fuel. 
The relatively low solar share of the optimal power plant means that the 
majority of heat supplied to the gas-turbine still results from combustion, and 
thus fuel costs continue to dominate the overall levelised cost of electricity. The 
low water consumption of the hybrid solar gas-turbine power plants means that 
water costs are negligible.  

The contribution of decommissioning to the levelised electricity cost is also 
negligible; this is due to the long timeframe over which the decommissioning 
costs are discounted. This effect highlights a key issue with the use of discount 
rates, as they significantly reduce the impact of long-term future costs. 
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Levelised Cost Component 
Value 

[USD/MWhe] [%] 

Power Plant Equipment 29.5 29.4 

Interest during Construction 1.0 1.0 

Maintenance Costs 6.5 6.5 

Labour Costs 3.4 3.4 

Power Plant Insurance 3.7 3.7 

Fuel Consumption 56.0 55.7 

Water Consumption 0.02 0.0 

Decommissioning 0.2 0.2 

Levelised Cost of Electricity 101 100 

Table 7.10: Levelised cost breakdown for the optimal power plant. 

 
Figure 7.24: Levelised cost breakdown for the optimal power plant. 

7 . 5 . 3  S e n s i t i v i t y  S t u d i e s  

The final levelised cost of electricity from the hybrid solar gas-turbine power 
plant depends on a number of economic boundary conditions, the values of 
which are subject to a degree of uncertainty. To examine the effects of 
changing boundary conditions (such as fuel prices and financing conditions) on 
the performance of the power plants, a number of different sensitivity studies 
have been performed. 

As was highlighted by the breakdown of the levelised electricity costs, fuel 
consumption is still a major factor for hybrid solar gas-turbine plants with low-
to-moderate annual solar shares. Natural-gas prices vary significantly both 
geographically as well as with time. As mentioned in §7.2.2, costs in the United 
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States are currently 80% lower than in Europe, with costs in Asia approximately 
60% higher than in Europe [42]. The effects of varying natural-gas prices on 
the levelised cost of electricity are shown in Figure 7.25.  

With lower fuel prices, such as those encountered in the United States, the 
overall costs of electricity production are lower. However, the slope of the 
levelised electricity cost curve increases, and even at low solar shares the cost of 
electricity from the hybrid power plant rises with increasing solar share. The 
lower cost of fuel means that the cost of additional investment in solar 
equipment is no longer completely offset by the reduced fuel consumption; the 
relative cost of solar heat and combustion heat has changed. 

At higher fuel costs, such as those encountered in Asia, the costs of electricity 
production are higher. However, a clear optimum can now been seen in terms 
of the overall levelised electricity cost (as opposed to being seen only in the 
solar-only electricity cost). The higher cost of fuel means that the cost of 
additional investment in solar equipment is more than compensated for by the 
reduced fuel consumption, leading to lower electricity costs. At low-to-
moderate annual solar shares, the solar-only electricity cost is thus lower than 
the equivalent fuel-only electricity cost from the same power plant. 

 
Figure 7.25: Sensitivity of the electricity cost to the natural-gas price. 

The variation in optimum annual solar share as a function of the natural-gas 
price is shown in Figure 7.26; the optimal solar share here refers to the design 
that gives the lowest overall levelised electricity cost, as opposed to the lowest 
cost of solar-derived electricity used in §7.5.1.  

Natural-gas prices in the United States currently give no incentive for the 
construction of hybrid simple-cycle gas-turbine power plants. When fuel prices 
are increased above 15.1 USD/MWhth, the cost-optimal solar share rises 
rapidly, giving a stronger incentive toward solarisation. 
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Figure 7.26: Sensitivity of the optimal solar share to the natural-gas price. 

The cost of the heliostat field was shown to be a major contributor to the total 
investment cost, and will thus have an important impact on the cost of the 
electricity produced. As mentioned in §7.2.2, heliostat mirror cost are currently 
in the region of 200 USD/m2, this is expected to drop to around 120 USD/m2 
when mass production begins [54]. The long-term cost goal of the Sunshot 
programme [62] is 75 USD/m2. The effects of varying heliostat mirror prices 
on the levelised cost of electricity are shown in Figure 7.27.  

 
Figure 7.27: Sensitivity of the electricity cost to the heliostat cost. 

With decreasing mirror costs, the overall cost of electricity drops, with a greater 
reduction occurring at high annual solar shares where heliostat field costs make 
up a larger proportion of the overall equipment costs. The shape of the 
electricity cost curve also becomes progressively flatter. At a heliostat mirror 
cost of 75 USD/m2, the levelised cost of electricity is almost constant, 
increasing by only 15% at annual solar shares up to 55%. It is thus possible to 
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integrate large amounts of solar heat into the gas-turbine cycle, without overly 
penalising the cost of the electricity produced. 

One of the key technical limitations of the hybrid solar gas-turbine system is 
the maximum receiver temperature of 950°C, due to the material constraints in 
the hot gas piping. If the entire gas-turbine could be mounted at the top of the 
central tower, the receiver temperature could likely be increased to 1200°C, 
allowing solar heat to be harnessed at high temperatures.  

The effect of a higher receiver temperature limit on the levelised cost of 
electricity from the optimised gas-turbine designs is shown in Figure 7.28. At 
low annual solar shares (below 23%) there is no effect on the electricity cost, as 
the optimised designs have not yet reached the receiver temperature limit (see 
Figure 7.14). At higher solar shares, slightly lower electricity costs are obtained 
with a higher receiver temperature; a maximum reduction of 11% is achieved at 
an annual solar share of 53%. 

 
Figure 7.28: Sensitivity of the electricity cost to the receiver temperature. 

Moving to higher receiver temperatures does not allow the maximum annual 
solar share of the optimised hybrid gas-turbine designs to be increased. As 
mentioned in §7.4.6, once the nominal solar share of the unit reaches 100%, the 
maximum annual solar share is fixed purely by the operating duration of the 
gas-turbine and thus the number of hours during which no solar irradiation is 
available to the system. 

The impact of higher receiver temperatures on the carbon dioxide emissions is 
significantly larger than on the cost of electricity, as shown in Figure 7.29. The 
ability to operate the solar sub-system at higher temperatures avoids the need to 
drastically reduce the firing of the gas-turbine at annual solar shares above 23% 
(see Figure 7.14), allowing carbon dioxide emissions to decrease linearly with 
increasing solar shares across the entire achievable range. 
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Figure 7.29: Sensitivity of the carbon emissions to the receiver temperature. 

At low annual solar shares, there is no effect on the emissions, as the optimised 
designs have not yet reached the receiver temperature limit. At higher solar 
shares, the higher gas-turbine efficiencies resulting from higher operating 
temperatures leads to a reduction in carbon dioxide emissions of up to 19%. As 
a result, the move to higher receiver temperatures is likely to be driven more by 
environmental than economic considerations. 
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8  Improving Performance 

In this chapter the limitations of the simple-cycle hybrid solar gas-turbine power plants 
are examined and options are elaborated to improve their performance. New economic 
and performance models (both steady-state and transient) are presented for these advanced 
hybrid solar gas-turbine power plants. 

8 . 1  M o t i v a t i o n  
While the performance of the simple-cycle hybrid solar gas-turbine power 
plants is promising, the annual solar shares of the optimal designs were low, 
regardless of whether minimal solar electricity costs or minimal costs of 
avoided carbon dioxide emissions were used to evaluate performance. Thus, 
while electricity costs were kept low, the total emissions savings are relatively 
limited. The overall performance of the simple-cycle hybrid solar gas-turbine 
power plants needs to be placed into context, and compared with existing 
power generation technology. 

8 . 1 . 1  T h e r m o e c o n o m i c  P e r f o r m a n c e  

In order to establish the true viability of the different hybrid solar gas-turbine 
concepts it is necessary to simultaneously take into account both the levelised 
cost of electricity and the specific carbon dioxide emissions relative to existing 
power plant designs. These performance indicators are plotted for the 
hybridised simple-cycle gas-turbines in Figure 8.1, alongside those of a number 
of conventional power plants. Values of the electricity costs and carbon dioxide 
emissions for the conventional power plants have been taken from IEA and 
Vattenfall figures, [39] and [107], and a study by Lechon [56]. 

 
Figure 8.1: Thermoeconomic performance of the simple-cycle gas-turbines. 
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Only those hybrid solar gas-turbine designs lying to the left and below the solid 
grey line in Figure 8.1 can be considered truly economically viable, as they 
demonstrate both lower emissions and a lower cost of electricity than any 
combination of the conventional power plant designs. The grey line can be 
considered a pseudo Pareto-optimal front for conventional power plant 
technologies; choosing a hybrid solar gas-turbine design situated behind this 
line is naïve, as better performance could be achieved by building a 
combination of existing power plants. 

It can been in Figure 8.1 that the optimised simple-cycle hybrid solar gas-
turbine power plants are capable of providing lower carbon dioxide emissions 
that natural-gas fired combined-cycle systems, whilst keeping electricity costs 
lower than parabolic trough solar thermal power plants. However, the simple-
cycle hybrid solar gas-turbine configuration is not economically viable, as for 
the same electricity cost, lower emissions could be obtained by building a 
combination of parabolic trough and natural-gas fired combined-cycle power 
plants. For large-scale power production, there is thus little incentive to invest 
in the simple-cycle hybrid solar gas-turbine power plants. 

8 . 1 . 2  L o s s e s  i n  t h e  S i m p l e - C y c l e  P o w e r  P l a n t  

The low electricity costs of the simple-cycle hybrid solar gas-turbines are 
promising; it is the relatively limited reduction in carbon dioxide that penalised 
the viability of the power plants. In order to identify why the performance of 
the simple-cycle system is limited, a more detailed analysis has been undertaken 
to identify the losses occurring during power production. The breakdown of 
the annual energy losses for an optimised hybrid solar gas-turbine with an 
annual solar share of 55% is presented in Figure 8.2. A high solar share design 
has been selected for analysis in order to better examine the limitations of the 
simple-cycle configuration. 

 
Figure 8.2: Annual energy balance for the simple-cycle hybrid gas-turbine. 
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It can immediately be seen in Figure 8.2 that losses in the exhaust gas of the 
turbine are a significant factor. The relatively low conversion efficiency of the 
simple-cycle arrangement means that a large amount of the total energy input is 
discharged to the atmosphere as waste heat. This low conversion efficiency 
pushes up the cost of the solar-derived electricity and results in large carbon 
dioxide emissions when fuel combustion occurs. 

Upon closer inspection of Figure 8.2, it can also be seen that defocusing of the 
heliostat field is a large contributor to losses in the solar conversion chain. For 
this high solar share design, 15.5% of the annual solar energy input 
(corresponding to 11.8% of the total annual energy input) is lost from the 
system through defocusing of the field. The inability to harness this energy 
prevents higher solar shares from being reached and drives up the overall cost 
of integrating solar energy into the power system. 

8 . 1 . 3  E x e r g y  L o s s  A n a l y s i s  

In order to corroborate these conclusions, an exergy analysis has also been 
performed on the same hybrid solar gas-turbine system. Exergy analysis allows 
a more rigorous evaluation of the performance of a system, as all the energy 
sources involved are converted to their exergy potential and can thus be 
compared at their true value [13]. A brief overview of exergy theory is given in 
Appendix 3. 

Concerning solar input to the system, the exergy potential of direct normal 
irradiation is still a subject of much debate, with different authors proposing 
different values of the solar Carnot-factor; values have been proposed based on 
the surface temperature of the Sun [45] or on the expansion of isotropic 
blackbody radiation enclosed in a volume with perfectly reflecting walls [77]. 
More recent attempts [115] have attempted to include the influence of the 
intensity of the irradiation on the exergy content of solar energy. 

The exergetic formulation adopted in this work is shown in Equation (8.1), and 
the solar Carnot factor Θsol can be determined as a function of the current 
ambient temperature Ta, the intensity Ib of the direct normal irradiation, the 
solar disc half-angle δS (see §2.1.3). This formulation is based on the maximum 
temperature that can be produced at the receiver by the beam irradiation. 
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(8.1) 

The evolution of the solar Carnot-factor as a function of the direct normal 
irradiation is shown in Figure 8.3, reaching a maximum value of 0.953 when the 
irradiation intensity is equal to the value of the solar constant (see §2.1.1). 
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Figure 8.3: Solar Carnot-factor as a function of the radiation intensity. 

The breakdown of the annual exergy losses for an optimised hybrid solar gas-
turbine with an annual solar share of 55% is presented in Figure 8.4. It can be 
seen that losses in the solar field remain a significant factor in the overall 
efficiency of the power plant; these losses occur before conversion of the 
radiation to heat, and thus at high Carnot-factors. Avoiding the losses 
associated with defocusing of the solar radiation would allow higher solar 
shares to be reached and better use to be made of the solar input to the system. 

 
Figure 8.4: Annual exergy balance for the simple-cycle hybrid gas-turbine. 

Within the solar receiver, the main source of losses are the absorption losses, 
which result from the difference between the temperature at which the heat is 
absorbed in the ceramic foam (around 950°C) and the equivalent temperature 
of the solar radiation (around 5800°C, see §2.1.1). The absorption losses could 
be reduced by increasing the operating temperature of the receiver; however, 
this is limited by material restrictions and, at the same time, would increase the 
re-radiation losses. 

Exergy analysis also reveals that the combustion process is a source of losses, 
due to the presence of irreversible chemical reactions which occur far from the 
thermodynamic equilibrium, as well as dissipation, heat transfer and mixing of 
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reactants in the combustion chamber [114]. However, in a hybrid solar gas-
turbine, the combustion efficiency is already significantly increased by air 
preheating, and further improvements are difficult to achieve. 

Exhaust losses from the turbine are significantly reduced when exergy is 
considered, as they occur at moderate temperatures and thus at lower Carnot-
factors. However they still constitute a large fraction of the total losses, and 
recovering at least part of this heat would allow the conversion efficiency to be 
increased. Higher conversion efficiencies reduce the cost for integrating solar 
heat into the cycle and reduce carbon emissions from fuel combustion. 

8 . 2  I m p r o v e d  P o w e r  P l a n t  L a y o u t s  
Two key issues have been identified with simple-cycle hybrid solar gas-turbine 
power plants. The first is the relatively low share of solar heat that can be 
integrated into power production and the second is the relatively low efficiency 
at which fuel is burnt. As a result, carbon dioxide emissions from simple-cycle 
power plants remain high and fuel costs continue to be a significant factor in 
the overall cost of electricity. In order to address these issues and improve 
upon the performance of the basic simple-cycle configuration, new plant 
layouts need to be considered. Two improvements on the basic simple-cycle 
hybrid solar gas-turbine have been studied in this work. 

Firstly, in order to avoid the losses associated with defocusing of the heliostat 
field, and increase the solar share of the electricity produced, the integration of 
thermal energy storage is considered, allowing excess solar heat to be stored 
and extending the operation of power plant on solar energy.  

Secondly, the integration of a conventional Rankine bottoming-cycle is 
considered, resulting in a hybrid solar combined-cycle layout. The addition of a 
bottoming-cycle will not directly affect the degree of solar integration, but the 
increased efficiency of the power plant will reduce electricity costs and thus 
potentially make higher solar share configurations more economically viable. 

8 . 2 . 1  I n t e g r a t i o n  o f  T h e r m a l  E n e r g y  S t o r a g e  

In order to increase the fraction of solar heat supplied to the power cycle, the 
integration of high-temperature thermal energy storage has been considered. 
The addition of an energy storage unit to the hybrid solar gas-turbine power 
plant allows excess solar energy to be stored during daytime and used at night 
or during the passage of clouds. In this way, better use can be made of the 
investment in additional heliostats, making larger heliostat fields more 
economically viable. At the same time, solar heat can be introduced into the 
gas-turbine over a longer period and, as a result, the annual solar share of the 
electricity produced rises. The layout of a hybrid solar gas-turbine power plant 
with integrated thermal energy storage is shown in Figure 8.5. 
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Figure 8.5: Layout of a hybrid solar gas-turbine with integrated storage. 

The direct storage of high-pressure air is not a feasible concept for a solar 
thermal power plant; the very low heat capacity of air means that prohibitively 
large volumes of air would be required to store enough energy [28].  

Currently, the most promising concept for high-temperature energy storage in 
gas-turbine cycles is the use of regenerative storage, in which a packed-bed of a 
high specific heat solid is used to store the thermal energy and the pressurised 
air is used as a heat transfer fluid to either charge or discharge the system [28]. 
The direct contact between the solid particles and the air avoids the need for 
additional heat exchangers as the air can transfer heat directly by convection, 
enhanced by the volumetric nature of the packed-bed. The high heat transfer 
coefficients in the packed-bed cause the formation of a thermocline, or thermal 
stratification, zone in the packed-bed, with low temperatures on one side and 
those on the other close to that of the receiver outlet.  

During the transfer of heat from the air to the storage medium (or vice versa) 
the gas comes into contact with solid particles of gradually decreasing (or 
increasing) temperature and heat transfer takes place with a small temperature 
difference [90]. As the contact surface between the solids in a packed-bed is 
small there is little heat loss by conduction within the bed. Furthermore, as the 
solid media is opaque, radiative heat transfer can only take place between 
adjacent solid particles, with only small temperature differences; effectively 
suppressing radiative transfer [109]. As a result, the stratification within the 
rock-bed can be maintained over a considerable storage period. 
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A large number of solid media lend themselves to regenerative storage 
applications [32]: for medium temperature storage (400 – 900°C) concrete, 
bricks or rocks are an abundant and low-cost medium, for higher temperature 
storage (above 900°C) ceramic or refractory blocks can be used. 

In order to integrate the solar receiver and storage unit directly into the circuit 
of a gas-turbine, these components are required to withstand high pressures, as 
the air is provided directly from the compressor of the turbine unit. For the 
storage unit, this means placing the packed bed within a pressure vessel, as 
shown in Figure 8.6. Due to the high temperatures involved, thermal insulation 
must be placed inside the pressure vessel to ensure that the metal structure does 
not heat up to an unacceptable degree. Thermal wool or fibres are the preferred 
choice for high-temperature insulation as they can resist temperatures up to 
980°C [109], for higher storage temperatures an inner lining of alumina bricks 
can be used. Additional thermal insulation can be placed around the outside of 
the pressure vessel to further reduce heat loss if desired. 

 

Figure 8.6: Pressurised regenerative thermal energy storage concept. 

As the storage unit is to be placed directly into the gas-turbine circuit, it is also 
necessary to ensure that the pressure drop created by the storage unit is kept to 
a minimum. Additional compression or ventilation units will be necessary to 
control the movement of the air during charging of the storage unit. 

8 . 2 . 2  C o m b i n e d - C y c l e  C o n f i g u r a t i o n s  

In order to increase the efficiency at which fuel is burnt in the power plant, a 
combined-cycle layout has been considered, in which the exhaust gases from 
the simple-cycle hybrid solar gas-turbine are used to raise steam in a heat 
recovery steam generator, which is then used to drive a conventional bottoming 
Rankine steam-cycle.  

The addition of a bottoming-cycle to the hybrid solar gas-turbine power plant 
does not result in any major changes to the gas-turbine layout. The basic 
hybridisation scheme presented in Figure 3.5 remains valid, and the exhaust 
gases from the turbine are ducted directly to a standard heat recovery boiler and 
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steam-cycle, shown schematically in Figure 8.7. The bottoming-cycle can also 
be represented in a temperature-entropy diagram, as shown in Figure 8.8. 

 
Figure 8.7: Dual-pressure bottoming-cycle for the combined-cycle power plant. 

In order to improve the heat recovery efficiency in the steam generator, a dual-
pressure bottoming has been considered for the hybrid solar combined-cycle 
power plant [51]; the additional steam generated at low pressure allows more 
heat to be extracted at low temperatures from the turbine exhaust. The main 
purpose of the bottoming-cycle is to increase efficiency rather than to boost the 
power output and, as such, the use of duct burners for supplementary firing 
was not considered. 

As natural-gas is a low-sulphur fuel, a vacuum deaerator can be used, further 
boosting the heat recovery efficiency [2]. The vacuum deaerator is integrated 
with the steam condenser, and operates using steam drawn directly from the 
turbine exhaust, avoiding the need to extract steam from the turbine at higher 
pressures before it has produced useful work. Vacuum deaeration results in a 
lower temperature of the feedwater entering the heat recovery steam generator 
and, as a result, can only be used with ‘clean’ fuels (such as low-sulphur natural-
gas), in order to avoid the condensation of acid gases. In the case of a hybrid 
solar combined-cycle power plant, the reduced fuel-burn resulting from solar 
heat input further increases the apparent cleanliness of the fuel. 
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Low water consumption is a key goal for the hybrid gas-turbine system, and in 
order to maintain low water consumption in the bottoming-cycle, dry cooling 
of the condenser has been assumed, using an indirect (HELLER-type [18]) dry 
cooling system. The indirect dry-cooling system maintains the use of a standard 
surface condenser, installed directly at the exhaust of the steam-turbine, in 
order to minimise pressure losses and thus ensure a low back-pressure to the 
turbine. However, the cooling water used in the condenser is circulated in a 
closed loop to an air-cooler, where the heat is rejected to the ambient air. In 
this way, water consumption in the condenser system is almost zero.  

The condenser temperature in an indirect dry-cooling system is higher than in 
an evaporatively-cooled system, resulting in a penalty to the efficiency of the 
bottoming-cycle [67]. However, the indirect dry-cooling system avoids the large 
pressure losses associated with direct air-cooled condensers, keeping the 
turbine back-pressure low and thus ensuring that the efficiency penalty is kept 
to a minimum. 

 
Figure 8.8: Temperature-entropy diagram of the dual-pressure bottoming-cycle. 

8 . 3  S t e a d y - S t a t e  M o d e l  A d d i t i o n s  
In order to simulate the improved hybrid gas-turbine power plants, a number 
of additional models are required. The new steady-state models are described 
below, and can be used alongside the existing models from §5.2 to provide 
input to the new transient power plant models, described in §8.4. 

The steady-state model of the storage serves to calculate the size of the storage 
vessels. The model of the bottoming-cycle calculates the thermodynamic states 
(temperature, pressure, enthalpy, etc.) as well as the different mass flows within 
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the cycle. The required heat exchanger surface areas for the condenser and air 
cooler as well as the heat recovery steam generator sections are also 
determined. Ambient conditions for the models are again taken from the ISO 
standard for gas-turbine performance calculations [43], namely 15°C, 1.013 bar 
(sea level) and 60% relative humidity. 

8 . 3 . 1  H e a t  R e c o v e r y  S t e a m  G e n e r a t o r  

The objective of the steady-state steam generator model is to calculate the mass 
flow of both low- and high-pressure steam that can be generated from a given 
mass flow of turbine exhaust, as well as to determine the necessary heat 
exchanger areas. 

The following hypotheses have been used for the steam generator model: 

• No heat losses from the exchanger to the environment. 
• No mixing of the hot and cold stream fluids. 

Modelling of the steam generator is based on a combination of effectiveness-
NTU methods [36] and pinch-point analysis. Pinch analysis is used to 
determine the mass flow of steam in the high- and low-pressure branches; the 
required heat exchanger surface areas for the different steam generator sections 
are then calculated using the effectiveness-NTU technique. The pinch point 
diagram for a dual pressure steam generator is shown in Figure 8.9. The hot gas 
stream arrives at the temperature given by the outlet of the gas-turbine unit and 
the cold water stream arrives at the temperature fixed by the condenser. 

 
Figure 8.9: Pinch diagram of the heat recovery steam generator. 

The mass flow rate of steam MHP through the high-pressure branch can be 
calculated directly as a function of the turbine exhaust gas mass flow rate Mexh 
and the enthalpy variations shown in Figure 8.9 using Equation (8.2). The 
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enthalpy change of the exhaust gas through the high-pressure section is 
denoted Δhgas,HP; the enthalpy changes of the high-pressure steam in the 
evaporator and superheater are denoted Δhevap,HP and Δhsh,HP respectively. 
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HP
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HP
steam hh

h
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   (8.2) 

The mass flow rate of steam MLP through the low-pressure branch can be 
calculated as a function of the turbine exhaust gas mass flow rate, the mass flow 
rate of high-pressure steam (determined using Equation (8.2) above) and the 
enthalpy variations shown in Figure 8.9 using Equation (8.3). The enthalpy 
change of the exhaust gas through the low-pressure section is denoted Δhgas,LP; 
the enthalpy change of the high-pressure steam in the first economiser section 
is denoted Δheco,HP, and those of the low-pressure steam in the evaporator and 
superheater are denoted Δhevap,LP and Δhsh,LP respectively. 
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The different enthalpy variations can be calculated as a function of the inlet 
temperatures of the different streams and the evaporation pressure levels, as 
well as the minimum approach temperatures of the heat exchanger sections. 
The values of the approach temperatures can be selected from the standard 
values [64] presented in Table 8.1, based on the characteristics of the two 
streams. The total minimum approach temperature is determined by summing 
the partial values (ΔTmin/2) for each stream. 

Stream Type 

Heat Transfer Coefficient 
[W/m2K] ΔTmin/2 

[K] 
Range Std. Value 

High-Pressure Gases 25 – 500  150 15 

Low-Pressure Gases 15 – 150 50 20 

Evaporating Water 1200 – 60000 6000 2 

Condensing Water 5000 – 20000 8000 2 

Liquid Water 1200 – 15000 2000 5 

Natural Convection (Air) 3 – 15 5 20 

Natural Convection (Water) 300 – 1000 500 10 

Table 8.1: Standard heat transfer stream characteristics [64] [94]. 
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Having determined the mass flow of steam in each section, and knowing the 
turbine exhaust mass flow, it is now possible to calculate the required surface 
areas for heat exchange using the effectiveness-NTU technique.  

The effectiveness ε of the heat exchanger is given by Equation (8.4), as a 
function of the minimum approach temperature ΔTmin and the total 
temperature difference across the heat exchanger ΔTtot from the inlet of the hot 
stream to the inlet of the cold stream. 

tot

min

T

T




 1  (8.4) 

For any heat exchanger it can be shown [36] that the effectiveness is a function 
of the ratio of the heat capacity rates Cr and a dimensionless parameter known 
as the number of transfer units (NTU), as per Equation (8.5). 

 rCf ,NTU  (8.5) 

The number of transfer units and the ratio of heat capacity rates are defined in 
Equations (8.6) and (8.7), where A is the heat exchange surface area, U the total 
heat transfer coefficient between the hot and cold streams and Cmin and Cmax are 
the minimum and maximum heat capacity rates respectively. 

min

NTU
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  (8.6) 

max
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Cr   (8.7) 

The overall heat transfer coefficient U for the exchanger takes into account the 
convective heat transfer within each stream, as well as the conduction resistance 
across the walls of the exchanger. The total heat transfer resistance Rtot, equal to 
the inverse of the overall heat transfer coefficient, can be determined using 
Equation (8.8) where αhs and αcs are the heat transfer coefficients of the hot and 
cold streams, selected from the values in Table 8.1, and twall and kwall are the 
thickness and thermal conductivity of the heat exchanger walls.  
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Using the required effectiveness of the heat exchanger and the characteristics of 
the heat transfer streams, the number of transfer units necessary to meet the 
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heat exchange requirements can be determined based on the nature of the heat 
exchanger in question. For the economiser and superheater sections of the heat 
recovery steam generator, a cross-flow heat exchanger can be assumed, with 
only the gas-side flow being mixed; the number of transfer units for this 
arrangement can be determined using Equation (8.9). 

 
















 r
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1ln
1

1lnNTU  (8.9) 

For the evaporator sections, the temperature of the evaporating fluid is 
constant throughout, and Equation (8.10) must be used instead. 

  1lnNTU  (8.10) 

Once the number of transfer units is known, the required surface area for the 
heat exchangers can be determined by simply inversing Equation (8.5). 

8 . 3 . 2  S t e a m - T u r b i n e  

The steam-turbine is assumed to be a multistage axial turbine. The objective of 
the steady-state turbine model is to calculate the power that can be extracted 
from the expansion of a certain mass flow of steam across a certain pressure 
ratio, as well as to determine the thermodynamic state of the exhaust steam. 

The following hypotheses have been used for the model of the turbine: 

• No heat exchange between the turbine and the environment. 
• Variations of kinetic and potential energy are negligible. 
• Internal dissipation is characterised by an isentropic efficiency. 

With the chosen hypotheses, the turbine can be considered adiabatic, but non-
isentropic [14], and is thus characterised by an isentropic efficiency ηst. As such, 
the outlet enthalpy hout can be calculated from the equivalent turbine inlet 
enthalpy hin and the isentropic expansion enthalpy hs using Equation (5.36). 

 sinstinout hhhh    (8.11) 

Calculation of the inlet enthalpy to the turbine depends on whether the high- or 
low-pressure turbine unit is considered. For the high-pressure turbine, the inlet 
steam conditions are simply the live steam conditions at the exit of the high-
pressure section of the heat recovery steam generator. For the low-pressure 
turbine however, the inlet steam results from the mixing of the exhaust from 
the high-pressure turbine and live steam from the low-pressure superheater. 
and can thus be calculated using Equation (8.12). 
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According to Pelster [76], the isentropic efficiency of the steam-turbine ηst can 
be calculated using an average of the value across the inlet, outlet and mid-
sections of the unit, using Equation (8.13). The addition term ηloss takes into 
account the efficiency lost due to droplet formation at the exhaust section. 
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 (8.13) 

The efficiency of each section ηsec can be calculated based on the volumetric 
flow rate V using Equation (8.14). As it is necessary to determine the efficiency 
before the volumetric flows at the mid- and outlet sections are known, the 
calculation process is iterative. The reduction in efficiency due to droplet 
formation in the turbine is a function of the vapour quality at the turbine 
exhaust xout, and can be calculated using the correlation proposed by Dietzel 
[76], given in Equation (8.15). 

secln02.0835.0 Vsec
  (8.14) 

   outout
wet
loss xx  10367.01536.4 2  (8.15) 

Having determined the inlet and outlet enthalpies of the expanding steam, the 
shaft power Est of each turbine can be determined using Equation (8.16), based 
on the total steam mass flow Msteam through the unit and its mechanical 
efficiency ηmec. 

 outinsteammecst hhME     (8.16) 

8 . 3 . 3  F e e d w a t e r  P u m p  

The main objective of the model of the feedwater pump is to be able to 
determine the power required to raise the pressure of a given flow rate of water.  

The following hypotheses have been used for the calculation of the pump: 

• No heat exchange between the pump and the environment. 
• Variations of kinetic and potential energy are negligible. 
• Internal dissipation is characterised by the hydraulic efficiency. 

The power requirement of the pump can be calculated based on the current 
mass flow rate Mwtr and the variation of pressure required. As the density of the 
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water at the inlet to the pump is known, the power consumption of the device 
is determined using Equation (8.17) where ρ is the density of water, ΔP the 
pressure difference across the pump and ηh the hydraulic efficiency of the 
device. 
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Although slight, the heating of the water as it passes through the pump must 
also be taken into account. This heating effect is due to dissipation of energy 
within the unit, and is therefore directly linked to the hydraulic efficiency. If the 
inlet water temperature is known, the outlet temperature can be calculated using 
Equation (8.18) where cw is the specific heat capacity of the water. 
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8 . 3 . 4  I n d i r e c t  A i r - C o o l e d  C o n d e n s e r  

The main objective of the model of the indirect air-cooled condenser is to 
determine the required heat exchange areas for the surface condenser and the 
air-cooler, as well as the mechanical powers require to drive the circulating 
pumps and air draught fans. 

The following hypotheses have been used for calculation of the condenser: 

• The steam is pure and contains no non-condensable gases. 
• No radiative heat exchange occurs with the atmosphere. 

Schematically, the indirect air-cooled condenser can be represented by the setup 
shown in Figure 8.10. Steam from the turbine exhaust enters the surface 
condenser, through which the cooling water circulates. This cooling water is 
then sent to an air cooler, where ambient air is used to extract the heat and the 
cooling water returns to the surface condenser.  

Similarly to the steam generator, modelling of the condenser based on a 
combination of pinch-point analysis, to calculate the necessary mass flows, and 
effectiveness-NTU techniques [36] to determine the required heat exchanger 
surface areas.  

The pinch point diagram for the indirect condenser system is shown in Figure 
8.11. The steam arrives at a temperature given by the exhaust of the turbine 
unit; the two-phase nature of the condensation process means that most of the 
heat is extracted at the condensation temperature. Air for the air-cooler arrives 
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at the ambient temperature and the cooling water stream operates between 
these temperatures, depending on the minimum approach temperatures in the 
two heat exchangers. 

 
Figure 8.10: Indirect (HELLER-type) air-cooled condenser system. 

 
Figure 8.11: Pinch diagram of the indirect ait-cooled condenser. 

The flow rate of cooling water Mcool needed in the surface condenser can be 
calculated as a function of the steam-turbine exhaust mass flow Msteam and the 
temperature and enthalpy variations shown in Figure 8.11 using Equation 
(8.19). The enthalpy change of the condensing steam is denoted Δhcond and the 
ambient and condensation temperatures are denoted Ta and Tcond respectively. 
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  (8.19) 

The values of the approach temperatures ΔTcond and ΔTair, in the condenser and 
air-cooler respectively, can again be selected from the standard values [64] 
presented in Table 8.1, based on the characteristics of the two streams. 
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Once the mass flow of cooling water is fixed, the required flow of air through 
the air-cooler Mair can be determined directly using Equation (8.20) as a 
function of the ratio of the specific heat capacities of the water cw and air cpa. 

pa

w
coolair c

c
MM   (8.20) 

Having established the necessary mass flows, the required surface areas for the 
two heat exchangers can be calculated using the effectiveness-NTU technique 
described in §8.3.1. For a large air-cooler, a cross-flow arrangement can be 
assumed [48], and Equation (8.9) can be used to calculate the number of 
transfer units. In the condenser itself, the temperature of the condensing steam 
is constant and Equation (8.10) should be used instead. 

The total power consumption of the cooling fans can be determined using 
Equation (8.21), based on the mass flow of air, the relative pressure drop fdP 
through the air-cooler and the efficiency ηfan of the fans. 
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The power consumption of the circulation pump for the cooling water can be 
calculated using the model of the feedwater pump described in §8.3.3. 

8 . 3 . 5  R e g e n e r a t i v e  S t o r a g e  

The main objective of the model of the regenerative storage system is to be 
able to determine the total storage tank volume required to store a given 
quantity of heat, as well as to determine the nominal pressure drop created by 
flow through the storage unit. 

The following hypotheses have been used for calculation of the storage tanks: 

• Heat and mass transfer phenomena are purely axial. 
• The packed-bed is homogeneous with a constant void fraction and 

shape factor. 
• The module perimeter is impermeable (no loss of storage air). 

The regenerative storage unit is a sensible heat storage system, and thus the 
amount of heat that can be stored in a given volume depends upon the 
temperature range across which the unit operates; the greater this temperature 
range, the higher the storage density. In the case of a hybrid solar gas-turbine 
power plant, this temperature range is between the tower piping outlet 
temperature T5 and the compressor discharge temperature T2. 
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The volumetric nature of the regenerative storage means that the material 
within the packed-bed is not contiguous. The void fraction of the bed ξ is 
defined as the ratio between the void volume and the total volume of the bed, 
and is assumed to be uniform throughout.  

If the width of the thermocline zone can be considered to be negligible 
compared to the overall length of the unit, the volume of material required to 
store a given duration of nominal receiver output can be determined using 
Equation (8.22), where tstor is desired storage duration, Qrec the nominal receiver 
output and ρs and cs the density and specific heat capacity of the s medium. 
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The ability of the storage unit to maintain the thermocline zone depends on the 
effective thermal conductivity keff of the packed bed, which can be calculated 
from the bulk conductivity ks of the solid material [50] using Equation (8.23). 
Low conductivity values prevent dissipation of the thermocline. 
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Flow of air through the unit will create a pressure drop, which can be calculated 
using the McCorquodale correlation [22], given in Equation (8.24) and adjusted 
to take into account the shape factor fs of the storage particles, which are not 
necessarily spherical. The mass flux G is the ratio between the mass flow and 
the flow area, l is the length of the storage unit module and ds is the 
characteristic diameter of the storage media. The heat transfer fluid is 
characterised by its density ρb and dynamic viscosity μb, evaluated at a mean bulk 
temperature. 
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Heat loss from the storage unit occurs radially through the walls of the storage 
tanks. The overall heat loss coefficient Uloss can be calculated using Equation 
(8.25), where tins and kins are the thickness and thermal conductivity of the 
thermal insulation, and αNC is the natural convection heat transfer coefficient at 
the external surface of the insulation, which Morel [71] gives as 5 W/m2K. 
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8 . 4  T r a n s i e n t  M o d e l  A d d i t i o n s  
New transient models have been established using the TRNSYS simulation 
environment (described in §4.4.1), in order to simulate the improved hybrid 
solar gas-turbine power plants. The new models calculate the thermodynamic 
states and mass flows as well as power inputs and outputs throughout the cycle, 
with varying ambient and operating conditions. Design point data from the 
steady-state models described in §5.2 and §8.3 is used to set the nominal 
conditions for off-design calculations. 

8 . 4 . 1  T R N S Y S  S i m u l a t i o n  M o d e l s  

The new transient models have again been elaborated using the Solar Thermal 
Electric Components (STEC) library [86]. A number of previous studies have 
shown the validity of these models for performance prediction of utility-scale 
solar thermal power plants [46] [87]. Full detail of the transient models from the 
TRNSYS STEC library can be found in the relevant reference manual [86]. 

The flow sheet of the TRNSYS model used to simulate the hybrid solar gas-
turbine power plants with integrated storage is shown in Figure 8.12. The 
majority of the components models for the storage-integrated hybrid gas-
turbine power plant are identical to those presented in §5.3.1. The key addition 
is the standard TRNSYS Type 10 packed-bed model, which has been used to 
simulate the storage unit. 

 
Figure 8.12: TRNSYS model of the hybrid power plant with storage. 
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Control algorithms for the storage unit have been implemented using a series of 
user-defined Equation blocks; storage control is discussed in §8.4.2. 

The flow sheet of the TRNSYS model used to simulate the dual-pressure 
Rankine steam-cycle is shown in Figure 8.13. This model can be connected to 
the exhaust of the gas-turbine to simulate a combined-cycle power plant 
configuration. 

 
Figure 8.13: TRNSYS model of the Rankine bottoming-cycle. 

The heat recovery steam generator has been modelled using STEC library 
Types 315 and 316 from the DLR Rankine sub-library. Type 315 is used for the 
single-phase heat exchanger sections (i.e. the superheaters and economisers) 
and Type 316 for the evaporators. The required mass flow to ensure complete 
evaporation is calculated by the evaporator model. Off-design performance of 
the heat exchanger sections takes into account the variation in heat transfer 
coefficient as a function of the mass flow rate, and thus the change in 
effectiveness of each section. 

STEC library Type 318 has been used to model the steam-turbine units. Off-
design performance of the turbine takes into account variations in pressure and 
mass flow using a formulation of the Stodola ellipse law [19]. The efficiency of 
the unit varies as a function of the load using Equation (5.40). The pumps are 
modelled using Type 390, which assumes a fixed hydraulic efficiency. 

The surface condenser is modelled using Type 383, which calculates the 
required mass flow of cooling water to give fully saturated water at the outlet. 
The air-cooler is modelled using the standard TRNSYS Type 5 cross-flow heat 
exchanger. The mass flow of air through the air-cooler is control by the forced 
draught fans. The vacuum deaerator is model using Type 384.  
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8 . 4 . 2  P o w e r  P l a n t  C o n t r o l  

A major disadvantage associated with regenerative storage systems is that they 
cannot be simultaneously charged and discharged. In order to overcome this 
limitation, the following operating strategy has been adopted for the storage 
unit, based on that proposed by Prosinecki [82]. The mass flow to the receiver 
is increased during times of excess solar heat input whilst maintaining a 
constant nominal outlet temperature. As the receiver now produces more hot 
air than is required by the cycle, the excess passes into the packed-bed and its 
energy is stored. During night time, or solar transients, when the receiver 
produces an insufficient quantity of hot air, the deficit is drawn from the 
storage system and mixed with the available output from the solar receiver.  

Operation of the indirect air-cooled condenser involves controlling the speed 
of the forced draught fans in order to achieve the required mass flow of air 
through the unit and thus maintain the condensation temperature at the 
nominal value. However, the design of the fan units fixes a maximum mass 
flow rate that can be produced. At full speed, the fans operate as a constant 
volume flow machines and, as such, the maximum possible mass flow rate Mmax 
is given by Equation (8.26), where Mdes is the nominal mass flow of the unit at 
design conditions and Tdes and Ta are the ambient temperatures at design 
conditions and the current ambient temperature, respectively. 
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The mass flow of cooling air cannot be increased above this maximum value. 
Therefore, at times of high ambient temperatures, the condensation pressure 
begins to rise, increasing the temperature of the condensing steam in order to 
ensure sufficient heat rejection. The increased back-pressure to the steam-
turbine will reduce the output of the power plant and thus its efficiency. 

8 . 5  E c o n o m i c  M o d e l  A d d i t i o n s  
In addition to the new performance models, new cost functions are required in 
order to evaluate the economic performance of the improved power plant 
configurations. Having calculated the size and operating conditions of the 
power plant equipment using the steady-state models (presented in §5.2 and 
§8.3), a series of cost functions can be used to estimate the purchasing costs, as 
well as the operation, labour and maintenance costs. 

8 . 5 . 1  H e a t  R e c o v e r y  S t e a m  G e n e r a t o r  

The cost functions for the heat recovery steam generator are based on the 
models of Frangopoulos [27] and the modifications proposed by Pelster [76]. 
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Concerning cost inflation, the reference Marshall & Swift index for the year of 
Frangopoulos’ original work had a value of 931 [61]. 

The total purchasing cost CHRSG of the steam generator can be determined 
using Equation (8.27) as the sum of the costs CHTX for each heat exchanger 
section, the piping costs Cpiping for each connection between the steam generator 
and the turbine units and the cost Cconduit of the hot gas conduit. 
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For each section i of the heat recovery steam generator (superheater, 
evaporator, etc.) the cost of the heat exchanger is given by Equation (8.28) 
where the reference cost c1 is 3650 USD/(kW/K)0.8; the heat load Qi is 
expressed in kWth and ΔTlm is the log-mean temperature difference [36] across 
the heat exchanger section. 
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The cost correction factors for pressure fP, steam temperature fT,steam and gas 
temperature fT, gas are calculated using Equations (8.29), (8.30) and (8.31), where 
Psteam is the steam pressure and Tsteam and Tgas are the maximum steam and 
exhaust gas temperatures in each heat exchanger section (in Kelvin); the 
reference pressure Pref is set to 30 bar. 
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In addition to the heat exchanger costs, the cost for the piping between the 
steam generator and turbine units must be taken into account. For each 
connection j the piping cost can be determined using Equation (8.32), where 
the reference cost c2 is 11’820 USD/(kg/s). 
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2  (8.32) 
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The cost of the turbine exhaust gas conduit is a function only of the mass flow 
of gas through the heat exchangers Mexh, and can be calculated using Equation 
(8.33) where c3 is 658 USD/(kg/s)1.2. 

2.1
3 exhconduit McC   (8.33) 

8 . 5 . 2  R a n k i n e  T u r b o m a c h i n e r y  U n i t s  

The cost functions for the steam-cycle turbomachinery units are also based on 
the models of Frangopoulos [27] and Pelster [76]. The reference Marshall & 
Swift index for the year of Frangopoulos’ original work had a value of 931 [61].  

The purchasing cost of the complete steam-turbine can be calculated based on 
the power output of the unit EST using Equation (8.34), where the reference 
specific investment cost cref is set to 150 USD/kW for a reference power output 
of 50 MW. In addition to the cost of the turbine itself, the cost Caux of a 
number of auxiliary components such as piping, valves and control equipment 
must be accounted for. 
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The temperature correction factor fT is given by Equation (8.35), where Tin is 
the temperature at the high-pressure inlet of the steam-turbine (in Kelvin). 

  866096.0exp1  inT Tf  (8.35) 

The investment for piping and auxiliaries is calculated using Equation (8.36) 
based on the power output of the steam-turbine. The reference cost for 
auxiliaries is estimated at 10 million USD, with a reference power of 75 MW. 
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The cost of the feedwater pump can be calculated using Equation (8.37), based 
on the nominal power Epump required to drive the unit. Pelster calculated the 
value of c1 as 623 USD/kW0.71. The correction factor fη takes into account the 
influence of the efficiency of the pump on the cost of the unit, and is calculated 
using Equation (8.38), where ηh is the nominal efficiency of the pump unit. 
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8 . 5 . 3  I n d i r e c t  A i r - C o o l e d  C o n d e n s e r   

The cost functions for the condenser are based on the models of Frangopoulos 
[27] and the modifications proposed by Pelster [76], with additional cost 
functions provided by Turton [100] and Boehm [12]. The reference Marshall & 
Swift index for the year of Frangopoulos’ original work had a value of 931 [61]; 
for Turton’s work the reference Marshall & Swift index had a value of 1065 and 
for Boehm’s work it had a value of 840. 

The total purchasing cost of the indirect air-cooled condenser CACC can be 
determined using Equation (8.39) as the sum of the cost of the surface 
condenser Csurf, the air-cooler Cair, the circulation pump Cpump and the forced 
draught fans Cfan. 

fanspumpairsurfACC CCCCC   (8.39) 

The cost of the surface condenser can be calculated using Equation (8.40) as a 
function of both the required heat exchanger area Acond and the nominal mass 
flow of cooling water Mcool. Frangopoulos gave the value of c1 as 248 USD/m2 
and c2 as 659 USD/(kg/s). 

coolcondsurf McAcC 
21   (8.40) 

The cost of the air-cooler can be determined based on the required heat 
exchanger area Aair using Equation (8.41). Turton gives the values of K1 and K2 
as 3.6418 and 0.4053 respectively, and those of B1 and B2 as 1.53 and 1.27 
respectively; the value of the material factor FM is set to 3 for a stainless-steel 
air-cooler. A maximum surface area of 20’000 m2 can be achieved in a single 
unit, if larger areas are needed, multiple units can be installed in parallel. 

 Mairair FBBAKKC 2110102110 logloglog   (8.41) 

The cost of the air draught fans, including the electrical drives, can be 
calculated as a function of the number of fans Nfan and the volumetric flow rate 
Vfan per fan. According to Boehm, a maximum flow rate of 50 m3/s per fan is 
possible. The total cost of the fans can then be determined using Equation 
(8.42), where the reference cost is 1500 USD for a flow rate of 10 m3/s. 

The cost of the circulation pump can be determined using the feedwater pump 
model presented in §8.5.2. 
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8 . 5 . 4  R e g e n e r a t i v e  S t o r a g e  

The cost of the storage unit can be broken down into three separate parts: the 
cost of the storage material, the cost of the storage vessel and the cost of 
thermal insulation. The cost of the storage material is taken from Gil [32], 
storage vessel costs are taken from Turton [100] and the cost of the thermal 
insulation is taken from Wang [109]. The reference Marshall & Swift index for 
the year of Turton’s work had a value of 1065 [61]; for Wang’s work the index 
had a value of 790. Gil’s work is sufficiently recent that it does not need to be 
scaled for inflation. 

The purchasing cost of the storage vessel Cves can be determined as a function 
of its length and diameter lves and dves using Equation (8.43). For a horizontal 
vessel, Turton gives the values of B1 and B2 as 1.62 and 1.47 respectively; the 
values of K1, K2 and K3 can be selected from those shown in Table 8.2, based 
on the vessel diameter. 
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 (8.43) 

 

Tank Diameter 
[m] 

K1 K2 K3 
Lmax 

[m] 

0.3 2.920 0.506 0.126 20 

0.5 3.103 0.578 0.063 25 

1.0 3.359 0.591 0.111 30 

1.5 3.420 0.814 -0.005 36 

2.0 3.760 0.368 0.195 40 

2.5 3.678 0.712 0.043 42 

3.0 3.772 0.716 0.047 50 

4.0 4.155 0.224 0.250 52 

Table 8.2: Cost correlation coefficients for the storage vessel. 

The value of the material factor FM can be calculated based on the temperature 
of the hot air T5 at the inlet of the vessel using Equation (8.44). The pressure 
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correction factor FP can be calculated based on the operating pressure P5 of the 
unit, using Equation (8.45). 
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The cost of the storage material and thermal insulation can be calculated 
directly as a function of the mass or volume of material, using Equations (8.46) 
and (8.47), where ρs is the density of the storage material, ξ the void fraction of 
the packed-bed and tins the thickness of the insulation material. Typical costs for 
the materials are 2 USD/kg for magnesia fire bricks [32] and 310 USD/m3 for 
the mineral wool thermal insulation [109]. 
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8 . 5 . 5  W a t e r  T r e a t m e n t  F a c i l i t i e s  

The cost of the water treatment facilities includes the vacuum deaeration 
system and the water treatment plant. The cost of the deaerator is based on the 
work of Boehm [12]; the water treatment plant costs are based on figures from 
a study by the National Renewable Energy Laboratory [99]. The reference 
Marshall & Swift index for the year of Boehm’s original work had a value of 
840 [61]; the NREL study is sufficiently recent that it does not need to adjusted 
for inflation. 

The cost of the vacuum deaerator Cdeaer can be determined as a function of the 
mass flow rate of feedwater Mwtr using Equation (8.48). Boehm gave a reference 
cost cref of 67’000 USD for a mass flow Mref of 2.78 kg/s.  
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 (8.48) 

The cost of the water treatment plant Ctreat can be determined based on the 
nominal power of the steam-turbine EST using Equation (8.49), with a reference 
cost cref of 2.03 million USD for a power output of 110 MW. 
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8 . 5 . 6  C i v i l  E n g i n e e r i n g  

The civil engineering requirements of a combined-cycle power plant are 
significantly larger than those of a simple-cycle system. Civil engineering costs 
for the combined-cycle system can be estimated based on the civil engineering 
costs of a reference combined-cycle power plant, using Equation (8.50), where 
the reference cost is 35.6 million USD for a power output of 144 MWe [76]. 
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In the case of the storage-integrated hybrid solar gas-turbine power plant, no 
additional civil engineering costs need to be considered, and the costs presented 
in §6.3.2 continue to be used. 

8 . 5 . 7  O p e r a t i o n  a n d  M a i n t e n a n c e  

No additional operating costs need to be considered for the storage-integrated 
hybrid solar gas-turbine power plant,, and the costs presented in §6.4 continue 
to be used. In the case of the hybrid solar combined-cycle power plant, the 
additional water consumption due to steam-drum blowdown needs to be taken 
into considered. Steam blowdown typically represents up to 12% of the total 
steam flow [105]; a value of 3% has been chosen for the power plants in this 
work, based on the recommendations of Singh [91]. This additional water 
consumption is added to the compressor and mirror washing requirements to 
determine the overall water costs. 

The costs for spare parts and equipment repair are calculated as a percentage of 
the initial equipment costs using an assumed attrition rate. The steam-cycle 
power block components are well established conventional equipment and as 
such a 2%/yr maintenance charge is assumed. A 3%/yr maintenance charge 
was assumed for the regenerative storage unit due to the high temperature and 
pressure conditions. 

In addition to the direct costs for spare parts and maintenance, the cost of a 
new service contract for the water treatment facilities must be accounted for. 
Based on information from NREL [99], the cost of the water treatment service 
contract can be determined as a function of the nominal steam-turbine output 
EST using Equation (8.51), with the reference cost is given as 145’000 USD for 
a 110 MW turbine. 
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8 . 5 . 8  L a b o u r  C o s t s  

In addition to the costs for operation and maintenance, it is also necessary to 
take into consideration the costs of the salaries of the persons employed at the 
power plant. The staffing requirements for the improved hybrid solar gas-
turbine power plants are shown in Table 8.3. Labour rate information was again 
obtained from a study [99] by the National Renewable Energy Laboratory. The 
total labour cost continues to be determined using Equation (6.37). 

Staff 
Salary 

[USD/yr] 

Required Employees 

Gas-Turbine 
with Storage 

Combined 
Cycle 

Plant Manager 95’000 0.25 0.5 

Plant Engineer 92’000 1 1 

Maintenance Supervisor 48’000 1 2 

Power Block Technician 40’000 2 6 

Solar Field Technician 40’000 Ntec Ntec 

Operations Manager 84’000 1 2 

Control Room Operator 40’000 Noper 2 + Noper 

Table 8.3: Labour rates and plant labour requirements. 

Compared to the simple-cycle hybrid solar gas-turbine power plants, an 
additional power block technician has been added to the storage-integrated 
power plant, in order to take into account the maintenance requirements of the 
storage unit. The number of technicians and operators, Ntec and Noper, for the 
solar field continues to be determined using Equations (6.35) and (6.36). 

For the hybrid solar combined-cycle the staffing requirements are significantly 
increased compared to the simple-cycle configuration. Additional power block 
technicians are needed for maintenance of the steam-cycle, as well as control 
room operators for the turbines and heat recovery steam generator. 
Furthermore, given the lower degree of automation of the combined-cycle 
power plant, the assumption has been made that only two installations can be 
placed under the supervision of a single plant manager. 
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9  Advanced Hybrid Solar 
Gas-Turbine Power Plants 

In this chapter the thermoeconomic models of the improved hybrid solar gas-turbine power 
plants are used to analyse storage-integrated and combined-cycle configurations, as well as 
the design of new, optimised, gas-turbines for these advanced power plants. The 
thermodynamic, economic and environmental performance of the designs is presented. 

9 . 1  A n a l y s i s  S c e n a r i o s  
Having extended the thermoeconomic model of the hybrid solar gas-turbine 
power plants to include regenerative storage and combined-cycle 
configurations, these models can now be used to analyse the performance of 
the new power plant layouts. A number of different scenarios are analysed, as 
described below. 

The first scenario involves the integration of regenerative storage units into the 
two industrial hybrid solar gas-turbine power plants studied in §7.3. 
Thermoeconomic analysis is used to examine the degree to which solar 
operation can be extended with the addition of storage, as well as the trade-offs 
between the added equipment costs and the reduction in carbon dioxide 
emissions that the integration of storage brings about. 

The second scenario involves the solar retrofitting of an existing industrial 
combined-cycle system to give a hybrid solar combined-cycle power plant. As a 
first step, storage integration is not considered, in order to allow comparison of 
the combined-cycle layout with the retrofitted industrial gas-turbines presented 
in §7.3. Again, the trade-offs between the added costs of the solar equipment, 
and the reduction in carbon dioxide emissions are studied. 

Finally, the combined-cycle and storage-integration improvements are applied 
simultaneously, giving an advanced hybrid solar gas-turbine power plant. Given 
the performance trade-offs involved, a new series of gas-turbines units, 
optimised for use in advanced hybrid solar power plants, are also designed. In 
this way, trends can be identified for the development of dedicated gas-turbine 
engines for hybrid solar combined-cycle systems. 

In order to objectively compare the performance of these new power plant 
configurations with those analysed in Section 7, the boundary conditions of the 
analysis are maintained identical to those presented in §7.2; this includes both 
the metrological data that provides input to the thermodynamic models as well 
as the economic parameters of the cost functions. 
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9 . 2  I n t e g r a t i o n  o f  T h e r m a l  E n e r g y  S t o r a g e  
The addition of storage to the retrofitted industrial gas-turbines has been 
analysed using multi-objective thermoeconomic optimisation, with the goal of 
examining the degree to which solar operation can be extended with the 
addition of storage. Based on the Pareto-optimal designs obtained, the trade-
offs between the added equipment costs and the reduction in carbon dioxide 
emissions can be identified. 

9 . 2 . 1  O p t i m i s a t i o n  S e t u p  

When analysing the integration of thermal energy storage, a number of new 
decision variables need to be added, in order to allow the design of the storage 
units to be modified by the optimiser; the extended set of decision variables is 
shown in Table 9.1. The two industrial gas-turbine selected for retrofitting are 
identical to those presented in §7.3.1, and the parameters (and also costs) of the 
gas-turbines are thus fixed. As such, only the operation and sizing of the solar 
components are modified during the optimisation procedure; these will be 
varied by the evolutionary algorithm to identify optimal designs.  

Decision Variable 
Selection Range  

Min. Max. 

Receiver Aperture Area 4 250 [m2] 

Receiver Temperature Factor 0.01 1 [ - ] 

Heliostat Field Cells 4 450 [#] 

Central Tower Height 35 300 [m] 

Tower Piping Flow Speed 4 52 [m/s] 

Storage Unit Capacity 0.01 24 [hrs] 

Storage Tank Aspect Ratio 2 10 [ - ] 

Charging Flow Multiplier 0.1 3 [ - ] 

Table 9.1: Optimisation decision variables and limits. 

The storage capacity variable in Table 9.1 is expressed in terms of the number 
of hours of full-load receiver output that can be stored. An additional 
parameter, the charging flow multiplier, sets the maximum amount by which 
the receiver mass flow can be increased during charging of the unit, affecting 
the size of the tower flow piping. 

As was the case in the previous studies, measures have been taken to ensure 
that an orthogonal search space is obtained [66] and thus that the optimiser 
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does not waste time dealing with impossible combinations of parameters. A 
non-dimension parameter is again used to select the nominal receiver 
temperature between the compressor discharge temperature and the maximum 
receiver temperature, using Equation (7.1).  

The objectives functions chosen for optimisation of the storage-integrated 
power plants are the same as those used for analysis of the initial retrofitting 
case, namely minimisation of the specific investment cost as well as 
minimisation of the specific carbon dioxide emissions (see §4.2). 

9 . 2 . 2  A l g o r i t h m  C o n v e r g e n c e  

Optimisation was performed using the QMOO algorithm within the 
DYESOPT tool, with an initial population size of 40 designs. Due to the 
increased number of decision variables, at total of 90 generations were required 
in order to achieve convergence. The evolution of the designs selected by the 
optimiser is shown in Figure 9.1. It can be seen that, starting from a wide 
spread of initial designs, the final generations form a well-defined Pareto-front. 

 
Figure 9.1: Evolutionary algorithm convergence through 90 generations. 

In Figure 9.2 are shown the final locations of the Pareto-optimal fronts 
identified by the optimiser; the trade-off between low carbon dioxide emissions 
and low investment costs can clearly be seen. A distinct cross-over point can be 
seen between the SGT-500 and SGT-750 gas-turbine units: at an emissions 
level above 330 kgCO2/MWhe the investment costs for the solarised SGT-750 
are lowest, whereas below this level those of the SGT-500 are the lowest. 

In can be seen that with the addition of storage, the emissions from both gas-
turbine units can be further reduced compared to the power plants without 
storage. In the case of the SGT-500, the addition of storage allows emissions 
from the power plant to be reduced almost to zero. 
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Figure 9.2: Location of the final Pareto-optimal fronts. 

Having established the set of Pareto-optimal power plant designs, the designs 
lying on the trade-off curve can be analysed in more detail. It should be noted 
that all the configurations that lie on the Pareto-optimal fronts are ‘optimal’, in 
the sense that for each design it is not possible to get a lower investment cost 
without emitting more carbon dioxide. 

9 . 2 . 3  E c o n o m i c  P e r f o r m a n c e  

The economic performance of the storage-integrated hybrid solar gas-turbines 
is assessed in terms of the total investment cost as well as the levelised cost of 
the electricity produced.  

 
Figure 9.3: Investment costs as a function of the annual solar share. 

The evolution of the specific investment cost as a function of the annual solar 
share is shown in Figure 9.3, along with the curves for both machines without 
storage. It can be seen that the integration of storage allows significantly higher 
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solar shares to be achieved. The SGT-750 moves from a maximum annual solar 
share of 30% without storage to 49% with storage. Similarly, the SGT-500, 
which had a maximum solar share without storage of 63%, can achieve solar 
shares of almost 100% when storage is integrated. With solar shares above 
85%, the SGT-500 with storage operates at the same level of solar utilisation as 
a conventional parabolic trough power plant. 

The overall progression of the specific investment cost remains similar to that 
of the hybrid solar gas-turbine without storage (shown in Figure 7.7). As the 
annual solar share is increased, the investment cost of the plant increases, 
initially rising fairly linearly but then beginning to rise asymptotically. However, 
with the addition of storage, if a large enough solar field and storage capacity 
are installed, providing full solar heat input at all operating times, the maximum 
annual solar share can now approach the nominal solar share. As a result, the 
low firing temperature of SGT-500 allows it to achieve annual solar shares close 
to 100%. The provision of solar heat throughout the entire operating duration 
remains an expensive option however, as a large heliostat field is required. 

The relationship between the size of the solar field (expressed in terms of the 
solar multiple) and the annual solar share is presented in Figure 9.4. It can be 
seen that power plants with storage can make better use of the investment in 
additional solar collector area. While the annual solar shares of the power plants 
without storage saturate rapidly at solar multiples above 1.25, hybrid solar gas-
turbines with storage can harness the extra energy from larger solar fields to 
continue to increase the annual solar share. The ability to harness the otherwise 
defocused solar energy allows significantly higher solar shares to be achieved. 

 
Figure 9.4: Annual solar share as a function of the solar multiple. 

At small heliostat field sizes these is little discernible difference between the 
solar shares achieved by hybrid solar gas-turbine power plants with and without 
storage. At these field sizes only a small amount of energy is defocused and 
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thus only a slight advantage can be drawn from the integration of storage. As 
can be seen in Figure 9.5, the installed storage capacity is very small at low solar 
shares, but grows rapidly as the desired solar share increases. 

 
Figure 9.5: Storage capacity as a function of the annual solar share. 

Upfront costs are generally less important than the levelised cost of electricity, 
which is shown in Figure 9.6 as a function of the annual solar share. At a given 
solar share, the addition of storage does not allow lower electricity costs to be 
reached; however, it does allow both machines to reach significantly higher 
solar shares, without dramatically increasing the cost of the electricity produced. 

 
Figure 9.6: Levelised cost of electricity as a function of the annual solar share. 

The levelised cost of a contemporary parabolic trough solar thermal power 
plant (based on IEA figures [39]) is also shown in Figure 9.6 as a thick grey line. 
In the low- to mid-range of solar shares (15 – 40%), the hybrid solar SGT-750 
with storage achieves electricity costs significantly below those of parabolic 
trough plants, with savings of 33% to 50%. However, even with the addition of 
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storage, the SGT-750 cannot reach the same degree of solarisation as a 
parabolic trough power plant, which is typically above 85%. As such, the SGT-
750 is still unable to compete directly with parabolic trough power plants in the 
high solar share market. On the other hand, the SGT-500 with storage achieves 
85% solar share with the same levelised cost of electricity as a typical parabolic 
trough power plant, allowing the two to be directly competitive. 

In order to allow a more accurate comparison with parabolic trough 
technology, the costs of the solar-only electricity can be considered, and are 
shown in Figure 9.7. For the storage-integrated power plants, the overall trends 
remain similar to those identified in §7.5.1, with high solar electricity costs at 
low annual solar shares, due to fixed costs for solar integration, a minimum cost 
at moderate solar shares, and rising costs at high solar shares due to the 
increasing size and cost of the solar collector equipment. 

At low-to-moderate annual solar shares, the addition of storage does not allow 
the cost of solar electricity to be reduced. Below solar shares of 24%, for the 
SGT-750, and 51%, for the SGT-500, solar electricity costs from the plants 
without storage are 8% lower than those with storage. However, the addition of 
storage allows higher annual solar shares to be reached, whilst keeping solar 
electricity costs at reasonable levels. 

 
Figure 9.7: Solar electricity costs for the storage-integrated power plants. 

Solar electricity costs from the storage-integrated SGT-750 are in the range of 
142 to 166 USD/MWhe at annual solar shares between 10% and 35%, with the 
minimum located at a solar share of 19%. Compared to parabolic trough power 
plants, this represents a reduction in solar electricity costs of between 21% and 
32%. The SGT-500 offers solar electricity costs between 157 and 178 
USD/MWhe at annual solar shares between 20% and 50%; the minimum 
occurs at a solar share of 40%. This represents a 15% to 25% reduction 
compared to conventional parabolic trough power plants.  
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9 . 2 . 4  E n v i r o n m e n t a l  P e r f o r m a n c e  

The environmental performance of the retrofitted hybrid solar gas-turbines is 
evaluated in terms of their carbon dioxide emissions and water consumption.  

As the efficiencies of the gas-turbines are fixed, the specific carbon dioxide 
emissions (shown in Figure 9.8) decrease linearly with increasing annual solar 
share, as fuel consumption is progressively replaced by solar heat. The higher 
solar shares that can be reached with the integration of storage mean that 
carbon dioxide emissions from both machines can be significantly reduced. At 
solar shares of 49%, the SGT-750 can reach carbon dioxide emission levels 
below 295 kgCO2/MWhe, while at solar shares close to 100%, emissions from 
the SGT-500 are almost completely eliminated. 

 
Figure 9.8: Carbon dioxide emissions as a function of the annual solar share. 

 
Figure 9.9: Water consumption as a function of the annual solar share. 
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The specific water consumption of the plant increases with the solar share; the 
additional of storage does not imply significant changes in water consumption 
for the hybrid gas-turbines. It can be seen that for the hybrid power plants with 
storage, the level of water consumption is still significantly less than the value 
of 3500 ltr/MWhe [104] for parabolic trough power plants using evaporative 
cooling (see Table 1.1). At solar shares below 45% for the SGT-750, and 65% 
for the SGT-500, the hybrid solar gas-turbine power plants consume less water 
than even dish-Stirling units (which sit at around 100 ltr/MWhe [104]). 

9 . 2 . 5  T h e r m o e c o n o m i c  P e r f o r m a n c e  

Analysis of the simple-cycle hybrid solar gas-turbine power plants highlighted 
the importance of evaluating the performance of the new power plants relative 
to existing designs. The levelised cost of electricity and the specific carbon 
dioxide emissions of the hybrid power plants with and without storage are 
plotted in Figure 9.10, alongside those of a number of conventional power 
plants. Values of the electricity costs and carbon dioxide emissions for the 
conventional power plants are again taken from IEA and Vattenfall figures, [39] 
and [107], and the study by Lechon [56]. 

 
Figure 9.10: Thermoeconomic performance of the gas-turbines with storage. 

Only those hybrid solar gas-turbine designs lying to the left and below the solid 
grey line in Figure 9.10 can be considered truly economically viable, as they 
demonstrate both lower emissions and a lower cost of electricity than any 
combination of conventional power plant designs. It can be seen the even with 
the addition of storage, the hybrid SGT-750 is still not economically viable, as 
for the same electricity cost, lower emissions could be obtained by building a 
combination of parabolic trough and natural-gas fired combined-cycle power 
plants. At high solar shares (and thus low emissions), the SGT-500 is a viable 
competitor to conventional parabolic trough power plants, providing similar 
electricity costs and carbon dioxide emissions. 
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The addition of storage to the hybrid solar gas-turbine power plants provides 
an important reduction in carbon emissions, but does not allow the cost of 
electricity to be significantly reduced. Alternative measures are needed to drive 
down the cost of the electricity and thus improve the viability of the hybrid 
solar gas-turbine designs. A promising option is the additional of a 
conventional Rankine bottoming-cycle, giving a hybrid solar combined-cycle 
power plant. 

9 . 3  T h e  H y b r i d  S o l a r  C o m b i n e d - C y c l e   
The addition of a bottoming-cycle to the hybrid solar gas-turbine power plant 
has again been analysed using multi-objective thermoeconomic optimisation, 
with the goal of examining the degree to which the cost of electricity from the 
installation can be reduced. Based on the Pareto-optimal designs obtained, the 
trade-offs between the levelised cost of electricity and the reduction in carbon 
dioxide emissions can be identified. 

9 . 3 . 1  G a s - T u r b i n e  S e l e c t i o n  

Neither of the two gas-turbines selected for the simple-cycle hybrid solar gas-
turbine power plants are well-suited for use in a combined-cycle configuration. 
The low firing temperature of the SGT-500 and high pressure ratio of the 
SGT-750 mean that the exhaust gas temperatures are too low to allow efficient 
operation of a bottoming-cycle. 

As such, a new gas-turbine from the Siemens industrial gas-turbine range [89] 
has been considered for the combined-cycle configuration: the SGT-800. This 
machine has been optimised for combined-cycle applications, with a higher 
firing temperature and lower pressure ratio, resulting in higher exhaust gas 
temperatures whilst still maintaining a high machine efficiency. 

Data on this gas-turbine was sought for in open literature [89] and the key 
values used in this study are shown in Table 9.2. Some of the required 
information was not found; missing values for the combustor outlet 
temperatures and the turbine cooling flows were back-calculated from the 
publically available information using the hypotheses and models of Bhargava 
[9] and Jonsson [47]. The design of the bottoming-cycle for the SGT-800 is not 
fixed; this forms part of the optimisation process. 

The high firing temperature of the SGT-800 means that the maximum nominal 
solar share of this machine is reduced compared to those of the SGT-500 and 
SGT-750 (49.9% compared to 100% and 54.2% respectively). As such, the 
move to combined-cycle configurations will not allow higher solar shares to be 
reached, but the increased efficiency of the power plant will reduce electricity 
costs and potentially make higher solar share configurations more economically 
viable. 
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Gas-Turbine Parameter 
Gas-Turbine 

SGT-800 

 

ISO Power Output 50.5 [MWe] 

ISO Electrical Efficiency 38.3 [%] 

Gas-Turbine Heat Rate 9’407 [kJth/kWhe] 

Maximum Nominal Solar Share 49.9 [%] 

Compressor Pressure Ratio 21.1 [ - ] 

Exhaust Gas Mass Flow 134.2 [kg/s] 

Exhaust Gas Temperature 553 [°C] 

Table 9.2: Key parameters of the selected gas-turbine unit [89]. 

9 . 3 . 2  O p t i m i s a t i o n  S e t u p  

In order to analyse the combined-cycle hybrid solar power plants, a number of 
new decision variables need to be added in order to allow the design of the 
bottoming-cycle; the extended set of decision variables is shown in Table 9.3. 
The parameters (and also costs) of the gas-turbine for the combined-cycle are 
fixed. As such, it is the operation and sizing of the solar components and the 
bottoming-cycle that are modified during the optimisation procedure.  

In order to ensure that an orthogonal search space is obtained [66], 
dimensionless parameters have been used to select the nominal receiver 
temperature and the air-cooler design temperature, as well as the nominal high- 
and low-pressure evaporation levels in the heat recovery steam generator. The 
receiver temperature is again selected between the compressor discharge 
temperature and the maximum receiver temperature using Equation (7.1).  

A new non-dimensional parameter fst,HP is used to select the nominal 
evaporation pressure Pevap,HP of the high-pressure steam between the limits fixed 
by the condensation pressure Pcond (determined directly from the condensation 
temperature) and the critical pressure Pcrit, as shown in Equation (9.1). A second 
non-dimensional parameter fst,LP is then used to select the nominal evaporation 
pressure Pevap,LP of the low-pressure steam between the limits fixed by the 
condensation pressure Pcond and the nominal evaporation pressure of the high-
pressure steam, as shown in Equation (9.2). 

 condcrit
HP

stcond
HP

evap PPfPP   (9.1) 

 cond
HP

evap
LP

stcond
LP

evap PPfPP   (9.2) 
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Decision Variable 
Selection Range  

Min. Max. 

Receiver Aperture Area 4 250 [m2] 

Receiver Temperature Factor 0.01 1 [ - ] 

Heliostat Field Cells 4 450 [#] 

Central Tower Height 35 300 [m] 

Tower Piping Flow Speed 4 52 [m/s] 

HP Steam Pressure Factor 0.01 0.99 [ - ] 

LP Steam Pressure Factor 0.01 0.99 [ - ] 

Nominal Condensing Temperature 30 85 [°C] 

Air-Cooler Design Temperature Factor 0 0.99 [ - ] 

Table 9.3: Optimisation decision variables and limits. 

The optimiser can also choose to ‘oversize’ the air-cooled condenser by selecting 
a value for the air-cooler design temperature that is higher than the ISO-
standard value. In this way, the operation of the condenser can be improved in 
locations with high ambient temperature, at the cost of a larger and more 
expensive air-cooler unit. The design temperature for the air-cooler is chosen 
using a dimensionless parameter fdes between the ISO design temperature TISO 
(given as 15°C [43]) and the nominal condensing temperature Tcond using 
Equation (9.3). 

 ISOISO TTfTT conddes
des

a   (9.3) 

9 . 3 . 3  A l g o r i t h m  C o n v e r g e n c e  

Optimisation was again performed using the QMOO algorithm within the 
DYESOPT tool, with an initial population size of 40 designs. Due to the 
increased number of decision variables, at total of 90 generations were required 
in order to achieve convergence. The evolution of the designs selected by the 
optimiser is shown in Figure 9.11. It can be seen that, starting from a wide 
spread of initial designs, the final generations form a well-defined Pareto-front. 

In Figure 9.12 is shown the final location of the Pareto-optimal front identified 
by the optimiser; the trade-off between low carbon dioxide emissions and low 
investment costs can clearly be seen. Also shown in Figure 9.12 are the Pareto-
optimal fronts of the simple-cycle SGT-750 configuration and the storage-
integrated SGT-500 configuration, for comparison. 
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Figure 9.11: Evolutionary algorithm convergence through 90 generations. 

 
Figure 9.12: Location of the final Pareto-optimal fronts. 

A clear cross-over point can be seen between the combined-cycle and storage-
integrated configurations: above an emission level of 280 kgCO2/MWhe, the 
investment costs for the combined-cycle configuration are lower, whereas 
below this level it is the storage integrated configuration that is cheaper. The 
simple-cycle configuration would appear to be completely outclassed by the 
combined-cycle configuration, as for the same investment cost, the combined-
cycle configuration emits roughly 120 kgCO2/MWhe less carbon dioxide. 

9 . 3 . 4  E c o n o m i c  P e r f o r m a n c e  

The economic performance of the storage-integrated hybrid solar gas-turbines 
is assessed in terms of the total investment cost as well as the levelised cost of 
the electricity produced. 
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Figure 9.13: Investment costs as a function of the annual solar share. 

The evolution of the specific investment cost as a function of the annual solar 
share is shown in Figure 9.13. It can be seen that the addition of a bottoming-
cycle to the hybrid gas-turbine power plant does not allow higher solar shares 
to be achieved. The higher firing temperature of the SGT-800 means that the 
maximum annual solar share of the combined-cycle configuration is slightly less 
than that of the simple-cycle configuration (27% for the SGT-800 compared to 
30% for the SGT-750), and significantly less than the storage-integrated 
configuration of the SGT-500 which can achieve solar shares of almost 100%.  

The evolution of the levelised cost of electricity as a function of the degree of 
solarisation is shown in Figure 9.14; it can be seen that for the combined-cycle 
configurations, the electricity cost is relatively constant at low-to-moderate 
annual solar shares, as the additional investment in solar equipment is almost 
entirely compensated for by the reduction in fuel consumption.  

 
Figure 9.14: Levelised cost of electricity as a function of the annual solar share. 
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At low-to-moderate annual solar shares (below 25%), the hybrid solar 
combined-cycle power plant provides the lowest levelised cost of electricity, 
with a relatively constant cost between 82 and 85 USD/MWhe at solar shares 
up to 20%. This is around 15% lower than the simple-cycle configuration 
(which has electricity costs between 96 and 109 USD/MWhe) and 33% lower 
than the storage-integrated configuration (which has electricity costs between 
123 and 129 USD/MWhe) for the same solar shares.  

At low-to-moderate annual solar shares, the hybrid solar combined-cycle power 
plant offers a 60% reduction in the levelised cost of electricity compared to 
parabolic trough technology. However, the degree of solar integration into the 
combined-cycle power plant remains far below that of parabolic trough power 
plants. Only the storage-integrated configuration achieves the high solar shares 
needed to compete in the same markets as parabolic trough technology. 

The cost of the solar-derived electricity from the hybrid solar combined-cycle 
power plant is shown in Figure 9.15. Solar electricity costs are relatively 
constant, at 112 to 115 USD/MWhe, in the range of annual solar shares from 
9% to 20%; the minimum occurs at a solar share of 15%. This represents a 
46% reduction compared to parabolic trough power plants, making hybrid solar 
combined-cycle power plants an interesting alternative, despite the relatively 
low solar shares achieved. 

 
Figure 9.15: Solar electricity costs as a function of the annual solar share. 

9 . 3 . 5  E n v i r o n m e n t a l  P e r f o r m a n c e  

The environmental performance of the retrofitted hybrid solar gas-turbines is 
evaluated in terms of their carbon dioxide emissions and water consumption. 
As the efficiencies of the gas-turbines are fixed, the specific carbon dioxide 
emissions (shown in Figure 9.16) decrease linearly with increasing annual solar 
share, as fuel consumption is progressively replaced by solar heat.  
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The higher power block efficiency of the combined-cycle configuration means 
that its base emissions are lower than those of the simple-cycle and storage-
integrated configurations. However, the storage-integrated configurations can 
reach much high solar shares, allowing it to reach lower emissions with 
sufficient solar integration: at annual solar shares close to 100%, carbon dioxide 
emissions from the storage-integrated power plant are reduced almost to zero. 

In terms of emissions, the simple-cycle configuration is completely out-classed 
by the combined-cycle configuration; the simple-cycle hybrid solar gas-turbine 
produces more carbon dioxide at its maximum solar share than the hybrid 
combined-cycle power plant at its minimum solar share. 

 
Figure 9.16: Carbon dioxide emissions as a function of the annual solar share. 

 
Figure 9.17: Water consumption as a function of the annual solar share. 
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It can be seen in Figure 9.17 that the water consumption of the combined-cycle 
power plants is higher than that of the simple-cycle configurations due to the 
additional water demands of the bottoming steam-cycle (mainly make-up water 
for steam-drum blowdown). For all the hybrid power plants, the level of water 
consumption is significantly less than the value of 3500 ltr/MWhe [104] for 
evaporatively-cooled parabolic trough power plants. 

9 . 3 . 6  T h e r m o e c o n o m i c  P e r f o r m a n c e  

In order to examine the true viability of the hybrid solar combined-cycle 
configurations it is necessary to simultaneously consider the levelised cost of 
electricity and the specific carbon dioxide emissions of the power plant, which 
are plotted in Figure 9.18, alongside those of a number of conventional power 
plants. Values for the conventional power plants are again taken from IEA and 
Vattenfall figures, [39] and [107], and the study by Lechon [56]. 

 
Figure 9.18: Thermoeconomic performance of the combined-cycle gas-turbines. 

Unlike the other hybrid power plant configurations studied thus-far, the hybrid 
solar combined-cycle can be said to be truly economically viable, offering a 
significantly advantage over a simple combination of conventional power plant 
designs. Solar hybridisation of combined-cycle power plants allows a reduction 
of up to 20% in carbon dioxide emissions over a natural-gas fired power plant 
with only a 5% increase in the levelised cost of electricity.  

Building a 75 MW hybrid solar combined-cycle with an annual solar share of 
20% is equivalent in terms of emissions to building a 15 MW pure-solar power 
plant alongside a 60 MW fossil-fired combined-cycle plant. However, the 
hybrid power plant requires only a single power block (as opposed to two if 
stand-alone power plants had been built), and the power block equipment is 
larger (75 MW compared to 60 MW and 15 MW). This results in a reduction in 
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the specific cost of the equipment and allows solar power to be integrated into 
the grid at lower cost. 

Despite these promising features, the level of carbon emissions reached by the 
hybrid solar combined-cycle power plants is still relatively high, as the 
maximum degree of solar integration is relatively low. Analysis of the storage-
integrated simple-cycle gas-turbines revealed that the addition of storage allows 
the annual solar shares to be dramatically increased.  

As such, the logical final development for the hybrid solar gas-turbine power 
plant is the simultaneous integration of thermal energy storage and addition of 
a bottoming-cycle. Integrating thermal energy storage will allow carbon dioxide 
emission to be reduced further, while the bottoming-cycle will contribute to 
keeping the cost of electricity low. 

9 . 4  H y b r i d  C o m b i n e d - C y c l e  w i t h  S t o r a g e  
The combination of the integration of thermal energy storage and the addition 
a bottoming-cycle to the hybrid solar gas-turbine power plant should allow high 
solar shares to be reached, whilst simultaneously reducing the cost of the 
electricity produced. In order to allow the full potential of this advanced power 
plant concept to be harnessed, the design of optimal gas-turbines for these new 
power plants will also be analysed. This new advanced hybrid solar gas-turbine 
power plant layout has again been analysed using multi-objective optimisation, 
to obtain a final set of Pareto-optimal designs. 

9 . 4 . 1  O p t i m i s a t i o n  S e t u p  

In order to analyse the advanced combined-cycle hybrid solar power plants 
with storage, all the decision variables used in previous scenarios are combined. 
This results in four sets of variables, as shown in Table 9.4. The first set of 
variables affects the design of the gas-turbine, the second the design of the 
solar field components, the third the design of the bottoming-cycle and the 
fourth the design of the regenerative storage unit. The shaft power of these 
new gas-turbine units is set at 55 MW, in order to ensure the machines are 
comparable in size to the previously studied retrofitted combined-cycle designs. 
The non-dimension parameters that were used in the previous cases to ensure 
an orthogonal search space [66] are again applied here. 

9 . 4 . 2  A l g o r i t h m  C o n v e r g e n c e  

Optimisation was performed using the QMOO algorithm within the 
DYESOPT tool, with an initial population size of 40 designs. Due to the 
increased number of decision variables, a total of 120 generations were required 
in order to achieve convergence. The evolution of the designs selected by the 
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optimiser is shown in Figure 9.19. It can be seen that, starting from a wide 
spread of initial designs, the final generations form a well-defined Pareto-front. 

Decision Variable 
Selection Range  

Min. Max. 

Combustor Temperature Factor 0 1 [ - ] 

Compressor Pressure Ratio 4 36 [ - ] 

Receiver Aperture Area 4 250 [m2] 

Receiver Temperature Factor 0.01 1 [ - ] 

Heliostat Field Cells 4 450 [#] 

Central Tower Height 35 300 [m] 

Tower Piping Flow Speed 4 52 [m/s] 

HP Steam Pressure Factor 0.01 0.99 [ - ] 

LP Steam Pressure Factor 0.01 0.99 [ - ] 

Nominal Condensing Temperature 30 85 [°C] 

Air-Cooler Design Temperature Factor 0 0.99 [ - ] 

Storage Unit Capacity 0.01 24 [hrs] 

Storage Tank Aspect Ratio 2 10 [ - ] 

Charging Flow Multiplier 0.1 3 [ - ] 

Table 9.4: Optimisation decision variables and limits. 

In Figure 9.20 is shown the final location of the Pareto-optimal front identified 
by the optimiser; the trade-off between low carbon dioxide emissions and low 
investment costs can clearly be seen. Also shown in Figure 9.20 are the Pareto-
optimal fronts of the combined-cycle SGT-800, the simple-cycle SGT-750 and 
the storage-integrated SGT-500 configurations. As expected, it can be seen that 
the performance of the optimised hybrid solar combined-cycle power plant 
with storage is better than, or equal to, that of the existing industrial gas-
turbines across a wide range of designs. 

It is interesting to note that towards the lower end of the specific investment 
cost range, the performance of the SGT-800 combined-cycle is almost identical 
to that of the optimised designs. At low emissions (below 50 kgCO2/MWhe), the 
specific cost of the SGT-500 with storage is better than that of the optimised 
combined-cycle, as less benefit can be drawn from the bottoming-cycle at high 
degrees of solar integration. 
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Figure 9.19: Evolutionary algorithm convergence through 120 generations. 

 
Figure 9.20: Location of the final Pareto-optimal fronts. 

9 . 4 . 3  O p t i m a l  G a s - T u r b i n e  P a r a m e t e r s  

Based on the Pareto-optimal configurations, the design of an optimal gas-
turbine for hybrid solar combined-cycle power plants with different degrees of 
solar integration can be examined. Again, it should be noted that all the Pareto 
designs are ‘optimal’, in the sense that they represent the best possible trade-off 
between cost and emissions for a given solar share. 

Three key design parameters are presented: the combustor outlet temperature, 
the nominal receiver temperature and the compressor pressure ratio. The 
evolution of the combustor outlet temperature and the nominal receiver 
temperature of the optimised combined-cycle gas-turbine units is shown in 
Figure 9.21 as a function of the annual solar share, alongside the values for the 
optimised simple-cycle hybrid solar gas-turbines. 
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Figure 9.21: Pareto-optimal gas-turbine temperatures. 

It can be seen that, similarly to the optimised simple-cycle designs, the 
evolution of the temperatures splits the designs for the optimal combined-cycle 
gas-turbine into three clear domains, with transition points situated at 37% and 
76% annual solar share. 

In Zone 1, the combustor outlet temperature is maintained high in order to 
ensure a high conversion efficiency for the gas-turbine, and the nominal 
receiver temperature increases in order to increase the nominal solar share. In 
this zone, the combustor temperature is around 1350°C, slightly higher than 
that of the simple-cycle gas-turbines, in order to raise the turbine exhaust 
temperature to drive the bottoming-cycle. 

In Zone 2, the nominal receiver temperature has reached the maximum 
possible for contemporary designs (in this case 950°C), and thus cannot 
increase further. In order to continue increasing the nominal solar share, and 
thus integrate more heat into the gas-turbine cycle, it becomes necessary to 
reduce the combustor outlet temperature. While this reduces the overall 
conversion efficiency of the power plant, the total fuel consumption is reduced 
due to the greater degree of solar heat integration.  

In Zone 3, the combustor outlet temperature has decreased to the level of the 
nominal receiver temperature. At this point, no fuel is burnt in the combustion 
chamber when the receiver is operating at design conditions and the nominal 
solar share is thus 100%. However, the annual solar share is not equal to 100% 
at this point; the heliostat field and storage unit are not yet large enough to 
provide nominal power at all times, giving an annualised solar share of only 
76%. The annual solar share can be increased further in Zone 3 by increasing 
the size of the heliostat field and the storage units, reaching a maximum value 
of 98% solar share.  
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Compared to the optimised simple-cycle gas-turbine, the presence of storage in 
the combined-cycle layout delays the need to begin reducing the combustor 
outlet temperature. With storage, increasing the nominal solar share of the gas-
turbine is not the only means of increasing the annual solar share; adding 
additional storage capacity allows the duration of solar operation to extended, 
increasing the annual solar share, as per Equation (3.3).  

Furthermore, unlike the simple-cycle configuration, the receiver and combustor 
outlet temperatures of the optimised combined-cycle layouts continue to drop 
in Zone 3, in order to reduce the cost and increase the efficiency of the large 
solar receivers needed to charge the storage units. This reduction in operating 
temperature does not penalise the heat rate of the power plant as much as 
would be the case for the simple-cycle system, due to the effects of the 
combined-cycle arrangement. 

The heat rate of the hybrid solar combined-cycle power plant is presented in 
Figure 9.22 as a function of the annual solar share. It can be seen that from a 
total cycle viewpoint, the heat rate is relatively constant in Zone 1, as the 
combustor outlet temperature is maintained high. In Zone 2 however, the heat 
rate increases from 7300 to 8600 kJth/kWhe, as the combustor outlet 
temperature drops from 1350°C to 950°C. In Zone 3 the heat rates increases 
further to a value of 8800 kJth/kWhe as the combustor outlet temperature drops 
to 890°C. Despite the increasing power plant heat rate, overall fuel-burn 
decreases monotonically with increasing annual solar share, as an increasing 
fraction of the total heat is supplied by concentrated solar energy. 

 
Figure 9.22: Heat rate of the Pareto-optimal power plant designs. 

Compared to the optimised simple-cycle gas-turbine, the increase in the 
nominal heat rate of the power plant when reducing the combustor outlet 
temperature is significantly less. The reduced efficiency of the gas-turbine at 
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lower temperatures is partly compensated for by an increase in the output of 
the steam-turbines in the bottoming-cycle. A simple approximation [13] of the 
overall conversion efficiency ηCC of a combined-cycle power plant can be 
obtained using Equation (9.4), as a function of the efficiencies of the gas-
turbine ηGT and steam-cycle ηST (typically between 25% and 35% [51]). 

  STGTGTCC 1    (9.4) 

Using this approximation, the heat rate of a combined-cycle gas-turbine power 
plant can be compared to that of a simple-cycle gas-turbine as a function of the 
gas-turbine efficiency; this evolution is shown in Figure 9.23. 

 
Figure 9.23: Basic heat rate model for simple- and combined-cycle systems. 

It can be seen that, while the heat rate of the simple-cycle power plant increases 
rapidly as the gas-turbine efficiency drops, the heat rate of the combined-cycle 
power plant increases much more slowly. The lower efficiency of the gas-
turbine results in more energy being available in the exhaust gases, allowing the 
output of the steam-cycle to be increased, partly offsetting the effects of the 
reduced gas-turbine efficiency. 

The optimal value of the compressor pressure ratio decreases as the solar share 
increases, as shown in Figure 9.24. Lower pressure ratios result in lower 
compressor discharge temperatures; this increases the temperature rise 
occurring in the receiver and allows higher solar shares. Lower compressor 
discharge temperatures also result in a lower inlet temperature to the receiver, 
reducing the average temperature in the receiver unit and thereby reducing heat 
losses and increasing efficiency. High receiver efficiencies keep the required 
heliostat field area low and thus reduce solar integration costs. 

Furthermore, as the operating temperature of the topping gas-turbine drops 
with increasing solar share, the reduction in pressure ratio also serves to 
maintain a sufficiently high temperature of the exhaust gases and thereby 
ensure an acceptable efficiency of the bottoming cycle. The need for higher 



 238

exhaust gas temperatures also explains the lower pressure ratios of the optimal 
combined-cycle gas-turbines compared to those of the simple-cycle layout. 

 
Figure 9.24: Pareto-optimal compressor pressure ratios. 

9 . 4 . 4  E c o n o m i c  P e r f o r m a n c e  

The economic performance of the new hybrid solar power plants is assessed in 
terms of the levelised cost of electricity, shown in Figure 9.25 alongside the 
values for the storage-integrated SGT-500, the simple-cycle SGT-750 and the 
combined-cycle SGT-800. It can be seen that the levelised electricity costs rise 
steady in Zones 1 and 2, moving from a minimum of 81 USD/MWhe to value 
of 105 USD/MWhe at an annual solar share of 37% and 157 USD/MWhe at an 
annual solar share of 76%. In Zone 3 the electricity costs grow exponentially 
with the annual solar share, due to the increase in the size of the heliostat field 
and storage units needed to raise the annual solar share. 

 
Figure 9.25: Levelised electricity costs of the Pareto-optimal gas-turbine designs. 
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Compared to the retrofitted simple- and combined-cycle designs, it can be seen 
that the optimised combined-cycle gas-turbines offer the lowest levelised 
electricity costs at annual solar shares up to 90%. At low annual solar shares (up 
to 25%) the performance of the SGT-800 combined-cycle is almost identical to 
that of the optimised designs, with only a 1% difference in electricity costs. At 
moderate-to-high solar shares (between 30% and 75%), the optimised 
combined-cycle designs offer a reduction in electricity costs of between 15% 
and 25% compared to the SGT-500 with storage. 

At very high annual solar shares (above 90%) the performance of the SGT-500 
with storage is better than that of the combined-cycle power plants with 
storage, as less advantage can be drawn from the higher conversion efficiency 
of the combined-cycle at high solar shares and the additional cost of the 
bottoming cycle is no longer justified. However, at this level of solar 
integration, the performance of both hybrid solar gas-turbine power plants is 
worse than a conventional parabolic trough power plant. 

The cost of the solar-derived electricity from the optimised hybrid solar 
combined-cycle power plants with storage is shown in Figure 9.26. Solar 
electricity costs increase gently from when moving from low to medium annual 
solar shares, with values in the range of 111 to 160 USD/MWhe at solar shares 
up to 65%; the minimum occurs at an annual solar share of 13.5%. 

 
Figure 9.26: Solar electricity costs as a function of the annual solar share. 

It can be seen that at low annual solar shares (below 24%) the performance of 
the hybrid combined-cycle power plants is better without the integration of 
storage. However, at medium-to-high solar shares, which cannot be reached 
without the integration of storage, the optimised combined-cycle power plants 
with storage offer a reduction in solar electricity costs of up to 20% compared 
to the hybrid SGT-500 with storage. As such, the integration of storage does 
not reduce solar electricity costs compared to a combined-cycle without 
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storage, but it does allow competitive operation of the hybrid solar power plant 
across a wider range of solar shares. At very high solar shares (above 90%) the 
performance of the optimised combined-cycle configurations with storage are 
identical to those of the storage-integrated SGT-500; however, at this point 
neither configuration can compete with conventional parabolic trough 
technology. 

9 . 4 . 5  E n v i r o n m e n t a l  P e r f o r m a n c e  

The environmental performance of the optimised hybrid solar gas-turbines is 
evaluated in terms of their carbon dioxide emissions and water consumption.  

The specific carbon dioxide emissions are shown in Figure 9.27. As the 
efficiency of the optimal gas-turbine varies with the solar share, the specific 
carbon dioxide emissions do not decrease linearly with increasing annual solar 
share. The slope of the emissions reduction curve changes with the gas-turbine 
heat rate. As expected, specific carbon dioxide emissions from the optimised 
combined-cycle designs are lower than those of the retrofitted power plant 
configurations across the entire range of solar shares. At low annual solar 
shares (up to 25%) the performance of the SGT-800 combined-cycle is almost 
identical to that of the optimised machines, with a difference of less than 1% in 
carbon emissions at the same annual solar share. At higher solar shares (above 
70%), the optimised combined-cycle with storage offers an 33% to 42% 
reduction in carbon emissions over the storage-integrated SGT-500. 

 
Figure 9.27: Carbon emissions from the Pareto-optimal power plant designs. 

The addition of storage to the hybrid solar combined-cycle power plant does 
not significantly affect water consumption. As seen in Figure 9.28, compared to 
the simple-cycle layout with storage, the water consumption of the combined-
cycle configuration is higher due to the additional water demands for steam-
drum blowdown in the bottoming steam-cycle. For all the hybrid power plants, 
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the level of water consumption is significantly less than the value of 
3500 ltr/MWhe [104] for evaporatively-cooled parabolic trough power plants. 
The hybrid combined-cycle with storage consumes less water than dish-Stirling 
units at annual solar shares up to 48%. 

 
Figure 9.28: Water consumption of the Pareto-optimal gas-turbine designs. 

9 . 4 . 6  T h e r m o e c o n o m i c  P e r f o r m a n c e  

In order to examine the true viability of the optimised hybrid solar combined-
cycle configurations it is again necessary to simultaneously consider the 
levelised cost of electricity and the specific carbon dioxide emissions of the 
power plants, which are plotted in Figure 9.29, alongside those of a number of 
conventional power plants. Values for the conventional power plants are taken 
from IEA and Vattenfall figures, [39] and [107], and the study by Lechon [56]. 

 
Figure 9.29: Thermoeconomic performance of the combined-cycle gas-turbines. 
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It can be seen in Figure 9.29 that there is a strong economic potential for 
hybrid solar combined-cycle power plants with storage, as they offer a 
significantly advantage over a simple combination of conventional power plant 
designs. The storage-integrated hybrid combined-cycle designs demonstrate 
both lower emissions and a lower cost of electricity than any combination of 
the conventional power plant designs. For a given cost of electricity, the hybrid 
solar combined-cycle with storage offers a reduction in carbon dioxide 
emissions of up to 34%. Similarly, for a given level of emissions, the levelised 
electricity cost can be reduced by up to 22%. The construction of these power 
plants is thus a more cost-effective means of reducing carbon emissions from 
electricity production than building parabolic trough power plants. As such, 
emphasis should be placed on this configuration when developing the next 
generation of hybrid solar gas-turbine power plants. 

9 . 5  D e t a i l e d  D e s i g n  A n a l y s i s  
The results presented in the previous sections focus on the overall performance 
of a wide range of improved hybrid gas-turbine power plants. In order to 
highlight further details concerning these advanced hybrid gas-turbine systems, 
a detailed overview of a single ‘optimal’ design is given below. 

9 . 5 . 1  S e l e c t i o n  o f  a n  ‘ O p t i m a l ’  D e s i g n  

As was the case for the simple-cycle hybrid gas-turbine power plants, it is not 
possible to select an optimal design based on the levelised cost of electricity, as 
costs increase monotonically with the annual solar share and, as such, no 
optimum can be identified. Instead, alternative performance indicators such as 
the solar electricity cost or the cost of avoided carbon dioxide emissions must 
be used to select a design for further study; these performance indicators are 
shown in Figure 9.26 and Figure 9.30. 

 

Figure 9.30: Avoided emissions costs for the combined-cycle power plants. 
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The optimum annual solar share is very low for both performance indicators, 
sitting at 8.5% and 13.5% for the avoided emissions cost and solar electricity 
cost respectively. In the interest of examining a design with a higher solar share, 
a further design has been selected based on the inflection point seen in both 
avoided emissions cost and solar electricity cost curves. This design is 
highlighted in Figure 9.30 and sits at an annual solar share of 43%. 

The three designs are labelled A, B and C for the avoided emissions cost 
optimum, the solar electricity cost optimum and the inflection point 
respectively, and an overview of their performance is given in Table 9.5. 

 
Selected Designs  

A B C 

Annual Solar Share 8.8 13.5 43.1 [%] 

Specific Investment Cost 1551 1720 3342 [USD/kWe] 

Total Investment Cost 128.9 144.4 290.1 [milUSD] 

Solar Equipment Cost 27.9 41.9 166.0 [milUSD] 

Solar Multiple 0.45 0.65 1.13 [ - ] 

Fuel-Electric Efficiency 54.9 57.5 82.1 [kg/s] 

Levelised Cost of Electricity 82.0 84.0 113.5 [USD/MWhe] 

Solar Electricity Cost 115.2 111.1 147.3 [USD/MWhe] 

Capacity Factor 62.2 62.0 60.6 [%] 

Specific Carbon Emissions 368 351 246 [kgCO2/MWhe] 

Specific Water Consumption 45.6 50.7 93.9 [ltrH2O/MWhe] 

Table 9.5: Performance overview of the selected power plant designs. 

9 . 5 . 2  F u l l  P e r f o r m a n c e  B r e a k d o w n  

Design C has been selected for further study, based on the values shown in 
Table 9.5, as it simultaneously provides significant reductions in both electricity 
costs (relative to a parabolic trough power plant) and carbon dioxide emissions 
(relative to a combined-cycle power plant). Electricity costs are reduced 46% 
compared to contemporary parabolic trough technology, while carbon dioxide 
emissions are reduced by 39% compared to a conventional combined-cycle 
system. The characteristics of the selected combined-cycle hybrid solar power 
plant are shown in Table 9.6; an overview of the performance of this power 
plant has already been presented in Table 9.5. 
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Power Plant Parameters Value 

ISO Power Output 86.8 [MWe] 

ISO Electrical Efficiency 47.5 [%] 

Gas-Turbine Shaft Power 55 [MW] 

Gas-Turbine Shaft Efficiency 31.5 [%] 

Combustor Outlet Temperature 1257 [°C] 

Compressor Pressure Ratio 12.8 [ - ] 

Exhaust Gas Mass Flow 175.4 [kg/s] 

Exhaust Gas Temperature 571 [°C] 

Nominal Receiver Temperature 924 [°C] 

Nominal Solar Share 60.6 [%] 

Heliostat Field Aperture 477’700 [m2] 

Central Tower Height 134.3 [m] 

Storage Capacity 6.7 [hrs] 

Steam-Turbine Shaft Power 34.0 [MW] 

Live Steam Temperature 531 [°C] 

High-Pressure Steam Pressure 85.6 [bar] 

Low-Pressure Steam Pressure 7.2 [bar] 

Heat Recovery Efficiency 32.2 [%] 

Table 9.6: Characteristics of the optimal hybrid solar power plant. 

The characteristics of the optimal gas-turbine for a hybrid solar combined-cycle 
with storage do not bear a strong resemblance to any of the existing industrial 
gas-turbines studied in this work. The firing temperature is lower than either 
the SGT-750 or the SGT-800, in order to allow the integration of greater 
amounts of solar heat; this results in a nominal solar share of 60.6% for the 
optimal hybrid combined-cycle, compared to maximum values of 54.2% and 
49.9% for the SGT-750 and SGT-800 respectively. With lower firing 
temperatures, the pressure ratio must be reduced in order to maintain the 
exhaust gas temperatures sufficiently high and thereby ensure an acceptable 
efficiency of the bottoming steam-cycle. The pressure ratio of the optimal gas-
turbine is thus lower than that of the SGT-500, and the resulting efficiency of 
the gas-turbine is also lower than any of the industrial gas-turbines studied. 
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In contrast to the gas-turbine, operating conditions in the steam-cycle are very 
similar to those encountered in conventional combined-cycle power plants [51], 
with live steam temperatures of 531°C and pressures in the high- and low-
pressure sections of 85.6 bar and 7.2 bar respectively. The good heat recovery 
efficiency of the bottoming-cycle partially offsets the reduced efficiency of the 
topping-cycle gas-turbine, as was shown in Figure 9.23. By reducing the 
efficiency penalty associated with lowering the firing temperature, greater 
amounts of solar heat can be integrated into the combined-cycle system 
without drastically increasing the cost of the electricity produced.  

Investment Cost Component 
Value 

[milUSD] [USD/kWe] [%] 

Heliostat Field 96.3 1109 33.2 

Central Tower 4.3 49.0 1.5 

Solar Receiver 12.2 140.2 4.2 

Energy Storage Units 19.3 222.3 6.7 

Gas-Turbine Unit 12.9 148.2 4.4 

Steam-Turbine Unit 7.8 90.1 2.7 

Heat Recovery Steam Generator 10.0 115.13 3.4 

Air-Cooled Condenser 7.3 84.4 2.5 

Electrical Generators 11.2 128.8 3.9 

Power Electronics 7.1 82.1 2.5 

Equipment Costs 188.3 2169 64.9 

Equipment Installation 26.8 308.9 9.2 

Land Purchasing 13.4 153.9 4.6 

Civil Engineering 21.5 247.4 7.4 

Water Treatment Facilities 1.1 12.5 0.4 

Natural-Gas Substation 1.3 14.8 0.4 

Expected Plant Cost 252.3 2907 87.0 

Project Engineering 12.7 144.8 4.3 

Contingencies 25.2 290.7 8.7 

Total Investment Cost 290.1 3342 100 

Table 9.7: Investment cost breakdown for the optimal power plant. 
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A full breakdown of the different costs involved in the construction of the 
optimised hybrid solar gas-turbine power plant is presented in Table 9.7, in 
terms of the absolute investment in millions of USD, the specific cost in USD 
per kW of rated electrical output, as well as the proportion of the total 
investment cost that each cost represents. 

The heliostat field remains the largest single expense, accounting for almost a 
third of the total investment cost. This is higher than was the case for the 
optimum simple-cycle power plant, due to the higher annual solar share of the 
selected design (43.2% compared to 17.1%). The remaining costs are split fairly 
evenly between the receiver and storage units, the gas-turbine and the steam-
cycle. Again, large costs for installation of the equipment as well as the on-site 
civil engineering must not be neglected in cost calculations. 

The breakdown of the investment costs can also be presented graphically, as 
shown in Figure 9.31, which clearly shows the large share of the investment 
costs devoted to the heliostat field. 

 
Figure 9.31: Investment cost breakdown for the optimal power plant. 

Having presented the full breakdown of the investment costs, it is interesting to 
examine the contribution of these different costs to the overall levelised cost of 
the electricity produced; this information is presented in Table 9.8. The 
breakdown of the levelised electricity costs can also be presented graphically, as 
shown in Figure 9.32. 

It can be seen that the two largest contributors to the levelised cost remain 
payback of the initial investment in power plant equipment and consumption 
of fuel. The higher annual solar share of the optimal combined-cycle power 
plant reduces the quantity of heat that must be supplied to the gas-turbine from 
combustion, and thus fuel costs represent a lower fraction of overall levelised 
cost of electricity compared to the optimal simple-cycle design. The larger 
heliostat field needed to achieve this means that equipment costs now dominate 
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the electricity cost contributions. Furthermore, higher equipment costs also 
increase the contributions of equipment maintenance and power plant 
insurance to the levelised cost of electricity. 

Levelised Cost Component 
Value 

[USD/MWhe] [%] 

Power Plant Equipment 55.6 49.0 

Interest during Construction 1.9 1.7 

Maintenance Costs 12.8 11.3 

Labour Costs 6.0 5.2 

Power Plant Insurance 6.5 5.7 

Fuel Consumption 30.1 26.5 

Water Consumption 0.05 0.0 

Decommissioning 0.4 0.4 

Levelised Cost of Electricity 113.5 100 

Table 9.8: Levelised cost breakdown for the optimal power plant. 

The use of dry-cooling technology maintains a low water consumption for the 
hybrid solar combined-cycle power plant, and water costs are negligible. The 
contribution of decommissioning to the levelised electricity cost is also 
negligible due to the long timeframe over which these costs are discounted. 

 
Figure 9.32: Levelised cost breakdown for the optimal power plant. 

The reduced contribution of fuel consumption to the overall cost of electricity 
will limit the sensitivity of the design to fluctuations in natural-gas prices, 
providing a means to partially hedge against future variations. At the same time 
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the increased cost of the solar collector field places even greater importance on 
reducing the cost of the heliostat units, as this will now lead to a significant 
reduction in electricity costs. 
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10 Conclusions 

In this section the results of the thermoeconomic analysis are summarised and conclusions 
drawn concerning the potential of hybrid solar gas-turbine power plants. Finally, a 
number of recommendations are made for future work. 

1 0 . 1  S u m m a r y  o f  R e s u l t s  
Hybrid solar gas-turbine power plants have been shown to be a promising 
alternative to conventional steam-cycle solar thermal power plants. Low water 
consumption and competitive electricity costs make hybrid solar gas-turbines 
an attractive choice for deployment in high-insolation desert areas. By reducing 
water conflicts, new regions are opened up for the deployment of solar thermal 
power technology, hopefully leading to increased capacity, lower costs and a 
reduction in our dependence on fossil-fuels. 

The use of multi-objective optimisation to study hybrid power systems has 
been revealed as a valuable and powerful approach. By analysing a Pareto-
optimal set of power plant designs, as opposed to a single configuration, the 
trade-offs between economic costs and environmental performance can be 
determined. Furthermore, as all the designs considered are optimal, relevant 
design rules can be established for hybrid solar power plants. 

1 0 . 1 . 1  S i m p l e - C y c l e  H y b r i d  S o l a r  G a s - T u r b i n e s  

Analysis began with the retrofitting of two industrial gas-turbine units, the 
SGT-500 and SGT-750, both from Siemens Industrial Turbomachinery. The 
high firing temperature of the SGT-750 limited solar shares to below 30% on 
an annual basis, when operating between 7 am and 11 pm. The low firing 
temperature of the SGT-500 allowed significantly higher annual solar shares to 
be achieved, with values up to 63% possible. However, the lower cycle 
efficiency of this unit meant that the solar share of the SGT-500 had to be 
around 15% higher than that of the SGT-750 in order to achieve the same level 
of CO2 emissions. 

Electricity costs from the retrofitted SGT-750 were relatively constant at solar 
shares up to 20%, with costs between 96 and 109 USD/MWhe. This is around 
20% lower than the SGT-500 in this range (which had costs between 123 and 
129 USD/MWhe). The SGT-500 reaches higher solar shares, with electricity 
costs below 160 USD/MWhe at annual solar shares up to 55%. 

However, neither of the gas-turbines analysed were fully suited for use in a 
hybrid solar gas-turbine power plant. The firing temperature of the SGT-750 is 
too high, preventing large solar shares from being achieved. The SGT-500, 
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despite having a more adapted firing temperature, is too inefficient: any fossil 
fuel burnt is done so at a high heat rate, resulting in high CO2 emissions.  

The next step of the analysis consisted of the design of a new series of 
optimised gas-turbine units, to better satisfy the trade-off between performance 
and cost when operating in hybrid solar mode. It was shown that the use of 
optimised gas-turbines allows a reduction in the levelised cost of electricity of 
between 14% and 26% at moderate solar shares. However, the maximum 
annual solar share cannot be increased by optimising the gas-turbine design, as 
it is fixed by the purely by the operating duration of the gas-turbine and the 
number of hours during which no solar irradiation is available to the system. 

1 0 . 1 . 2  A d v a n c e d  H y b r i d  G a s - T u r b i n e  P o w e r  P l a n t s  

In order to overcome the limitations of the simple-cycle gas-turbine layout, two 
power plant improvements were then analysed. High-temperature thermal 
energy storage units were integrated to further extend the degree of solar 
operation, and a conventional Rankine bottoming-cycle was added to reduce 
the cost of electricity. 

Integration of thermal energy storage allowed the maximum annual solar to be 
increased by over 50%, with the storage-integrated SGT-750 reaching solar 
shares of 49% and the SGT-500 attaining almost 100% annual solar share. At 
low-to-moderate solar shares, the addition of storage does not allow electricity 
costs to be reduced. Below solar shares of 24%, for the SGT-750, and 51%, for 
the SGT-500, solar electricity costs from the power plants without storage are 
8% lower than those with storage. However, at higher solar shares, there is a 
distinct advantage for the power plants with storage. Electricity costs from the 
hybridised SGT-750 with storage are below 150 USD/MWhe at annual solar 
shares up to 45%, and the SGT-500 with storage can match the performance of 
contemporary parabolic trough power plants, achieving 85% solar share with an 
electricity cost of 210 USD/MWhe. 

The addition of a bottoming-cycle to the hybrid solar gas-turbine power plant 
allows a 15% reduction in electricity costs compared to the simple-cycle power 
plant, with values between 82 and 85 USD/MWhe at annual solar shares up to 
20%. However, the maximum annual solar share of the combined-cycle 
configuration is lower than that achieved by the simple-cycle configurations, 
due to the fact that gas-turbines optimised for combined-cycle applications 
have higher firing temperatures. The SGT-800 engine, selected for the 
retrofitting analysis, achieved a maximum annual solar of 27%, compared to 
30% and 63% respectively for the SGT-750 and SGT-500 simple-cycle 
configurations without storage. 

The final analysis concerned the integration of thermal energy storage into a 
combined-cycle hybrid solar power plant, in order to simultaneously reduce the 
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cost of electricity and extend the degree of solar operation. The storage-
integrated combined-cycle configuration can achieve annual solar shares of over 
90%; electricity costs range from a minimum of 81 USD/MWhe to a value of 
105 USD/MWhe at an annual solar share of 37% and 157 USD/MWhe at an 
annual solar share of 76%. This configuration demonstrates both lower 
emissions and a lower cost of electricity than any combination of conventional 
power plant designs. For a given cost of electricity, the hybrid solar combined-
cycle power plant with storage offers a reduction in carbon dioxide emissions 
of up to 34%. Similarly, for a given level of emissions, the levelised electricity 
cost can be reduced by up to 22%. 

1 0 . 2  A n a l y s i s  a n d  I n t e r p r e t a t i o n  
Analysis of the different hybrid solar gas-turbine power plants has allowed a 
number of conclusions to be drawn regarding key issues for future 
development of gas-turbine based solar power systems. 

With outlet temperatures from the solar receiver sub-system limited to 950°C, 
there is an inherent trade-off between high conversion efficiencies and high 
solar shares. To maximise the degree of solar integration, the firing temperature 
of the gas-turbine should be kept close to the solar receiver temperature, 
resulting in low temperatures, whilst maximising efficiency would require 
significantly higher firing temperatures. As such, when seeking to minimise 
carbon dioxide emissions, both these factors need to be considered: designing a 
hybrid power system with a high solar share, but a low conversion efficiency 
will result in large emissions at times when the Sun’s energy is not available. 
The trade-off between high solar shares and high efficiency is less pronounced 
in the case of a hybrid combined-cycle system, as the reduced efficiency of the 
solarised gas-turbine is offset by the increased output of the bottoming steam-
cycle. This allows the firing temperature to be reduced with less of a penalty to 
the overall power plant heat rate, and thereby allow more economical operation 
at higher nominal solar shares. 

As the solar shares of the simple-cycle hybrid solar gas-turbine power plants are 
relatively low, fuel consumption is still a major factor in the levelised cost of 
electricity. Higher natural-gas prices provide a greater financial incentive 
towards hybridisation, with the optimal degree of solar integration increasing 
with the price of fuel. 

In order to obtain acceptable conversion efficiencies for the simple-cycle 
configuration, relatively high pressure ratios were selected for the optimised 
gas-turbines. High-pressure operation of the solar sub-system complicates 
component design, especially concerning the glass window of the volumetric air 
receiver. Current receiver designs are limited in the pressures they can tolerate, 
which may restrict gas-turbine selection in the short term. However, in a longer 
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perspective, innovative receiver concepts will likely emerge, allowing higher 
pressure, and thus higher efficiency, gas-turbines to be used. Future 
developments allowing higher receiver temperatures would also allow the cycle 
efficiency to be increased, reducing fuel consumption and carbon dioxide 
emissions. In addition, higher cycle efficiencies reduce the mirror area needed 
to reach a given degree of solar integration, and thereby reduce the overall cost 
of electricity. 

The addition of a conventional Rankine bottoming-cycle further increases the 
conversion efficiency of the power block and generates additional electricity 
from the solar heat supplied to the system. However, when retrofitting 
contemporary combined-cycle gas-turbines for solar operation, the higher firing 
temperature of these engines reduces the degree of solar integration that is 
possible. Thus, while combined-cycle configurations allows electricity costs to 
be reduced, the degree of emissions savings achieved remains relatively modest. 

In hybrid power plants without storage, the maximum degree of solar 
integration is limited by the hours during which the Sun is available. Even if an 
extremely large (and thus extremely costly) solar field was used, which provided 
full solar heat input during all Sun-hours, certain periods of power plant 
operation will coincide with times at which no solar input is available. The 
annual solar share can thus never reach the value of the nominal solar share for 
which the power plant was designed. Furthermore, without storage, reaching 
the highest solar shares is very capital-intensive, as the heliostat field needs to 
be dramatically oversized in order to increase the nominal operating duration of 
the solar receiver. Increasing the size of the heliostat field suffers from rapidly 
diminishing returns and, as such, electricity prices become uneconomical when 
the solar share is increased beyond a certain limit. 

The integration of thermal energy storage allows the degree of solar integration 
to be dramatically increased, and thus significantly reduces carbon dioxide 
emissions from the hybrid solar gas-turbines. Storage units allow the power 
plants to make more effective use of the investment in additional heliostat field 
area, allowing higher solar shares to be reached without dramatic increases in 
the price of electricity. However, for a given solar share, the addition of thermal 
energy storage does not reduce the levelised cost of electricity. 

In order to simultaneously reduce carbon emissions and keep the cost of 
electricity low, it is necessary to integrate both thermal energy storage and a 
bottoming-cycle into the hybrid solar gas-turbine power plant. With optimally 
designed gas-turbines for this application, the performance of these power 
plants offer a significantly advantage over a simple combination of 
conventional power plant designs, demonstrating both lower emissions and a 
lower cost of electricity than any combination of conventional power plant 
designs. 
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1 0 . 3  F u t u r e  W o r k  
This doctoral thesis has been performed as part of an on-going research 
programme at the Royal Institute of Technology, looking at different aspects of 
turbomachinery operation in solar thermal power plants. This thesis does not 
represent the conclusion of the work, merely a step along the road, and a 
number of unanswered questions remain concerning hybrid solar gas-turbine 
power plants. 

This thesis has focused on conventional gas-turbine layouts, namely simple-
cycle and combined-cycle configurations, and a number of other power plant 
configurations would merit further study. The intercooled-recuperated gas-
turbine cycle is one potentially interesting configuration, offering higher 
conversion efficiencies without the complications of a bottoming-cycle. 
Avoiding the use of Rankine steam-cycles ensures low water consumption for 
the solar gas-turbine power plants, allowing them to be deployed in arid and 
desert locations. Studies of advanced gas-turbine cycles for hybrid solar power 
plants form part of on-going Master of Science thesis projects at the Division 
of Heat and Power Technology. 

A key limitation of the studies performed in this thesis is that the hybrid solar 
gas-turbine power plants are considered in isolation. For calculation of the 
electrical output, the power plants are operated at a fixed load for a fixed period 
each day. In a liberalised electricity market, this will not be the case, and each 
power plant would have to submit production bids alongside other producers. 
This will result in a significantly altered load profile for the power plant, and the 
specific characteristic of a given electricity market may favour different hybrid 
power plant designs to the ‘optimal’ configurations presented here. This issue is 
currently being addressed by the author within the TURBOSOL project as part 
of the TURBO POWER research programme, in which a detailed study will be 
performed concerning the integration and operation of hybrid solar gas-turbine 
power plants in different electricity markets. 
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Appendices 

This section contains four appendices, containing additional information of 
relevance to the thesis, but not presented in the main body of the text. The 
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A . 1  C u r r e n c y  C o n v e r s i o n  
All the economic data in this work has been presented in United States’ dollars 
for ease of comparison, both within the work as well as with other 
internationally published data. Cost data received from countries other than the 
United States has been converted into dollars using the average exchange rate 
for the year 2010, with the values shown in Table A.1 below. 

Country Currency Rate 

Australia AUD 1.13 

Brazil BRL 1.84 

Canada CAD 1.07 

China CNY 7.05 

Eurozone EUR 0.79 

Japan JPY 91.34 

Russia RUB 31.65 

South Africa ZAR 7.64 

South Korea KRW 1206 

Sweden SEK 7.50 

Switzerland CHF 1.09 

United States USD 1.00 

Table A.1: National currency units per United States Dollar. 
Data Source: Internal Revenue Service Statistics. 
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A . 2  E q u i p m e n t  C o s t  I n d e x e s  
All the economic functions in this work have used the year 2010 as a reference 
year, and thus all costs are given in 2010 United States’ dollars. When the 
original cost data was given for a year other than 2010, the functions were 
updated using the Marshall & Swift Installed Equipment Cost Index, the value 
of which is shown for the period between 1965 and 2010 in Table A.2. Also 
shown in Table A.2 are the Engineering News-Record and Nelson-Farrar cost 
indices for comparison. 

Year 
Marshall & 

Swift 
Engineering 

News-Record
Nelson-Farrar 

1965 245 971 261 

1970 303 1381 365 

1975 444 2212 576 

1980 560 3237 823 

1985 790 4195 1074 

1990 915 4732 1226 

1995 1028 5471 1392 

2000 1089 6222 1543 

2005 1245 7446 1942 

2010 1477 8802 2338 

Table A.2: Equipment cost indexes evolution 1965-2010. 
Data Source: Internal Revenue Service Statistics. 

Based on the values shown in Table A.2, the cost of a piece of equipment can 
be updated using Equation A.1, which states that the cost in the year 2010 is 
equal to the original cost in the year X, multiplied by the ratio of the cost 
indices of the two years. 

X
X I

I
CC 2010

2010   (A.1) 
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A . 3  O v e r v i e w  o f  E x e r g y  T h e o r y  
Exergy analysis of power plants is powerful tool, allowing the true sources of 
the losses within a system to be identified, and thus allowing the designer to 
more accurately target any improvements. When compared to the more 
conventional analysis of energy losses, the consideration of exergy allows a 
more rigorous evaluation of the performance of a system. 

A . 3 . 1  L i m i t a t i o n s  o f  a  F i r s t  L a w  A n a l y s i s  

The first law of thermodynamics, expressing the conservation of energy, is one 
of the most fundamental relationships in energy systems theory. While well 
adapted for the thermal design of components such as heat exchangers, 
combustion chambers, etc., a number of limitations are encountered when 
analysing complete systems using only the conservation of energy. The 
definition of energy efficiency using the first law of thermodynamics can result 
in misleading values, and does not permit correct identification of the locations 
of energy degradation. 

In its complete form, the first law of thermodynamics [13] can be expressed by 
considering the variations of total internal energy Ucz of a system and its 
exchanges of work E, mass M and heat Q, both with external systems i, j, k as 
well as with the atmosphere a, as expressed using Equation A.2, where the hj is 
the enthalpy of the mass flow Mj and the subscript cz refers to the total 
enthalpy value, determined by considering both the kinetic and potential energy 
of the flow in addition to the standard enthalpy. The term PaV is representative 
of the work done by the system as it expands or contracts against the 
atmosphere at a pressure Pa. 

  a
k

k
j

jczj
i

iacz QQMhEVPU
dt

d      (A.2) 

As the first law expresses the conservation of energy, it is fundamentally 
unsuited to the evaluation of thermodynamic loss, as a truly rigorous evaluation 
of the thermal efficiency ε will always yield an efficiency value of 100%. 
However, from an engineering point of view, heat exchange with the 
atmosphere Qa is usually considered as either ‘free’ or ‘without value’ [13], 
allowing the general definition of the energy efficiency of a process to be 
written as shown in Equation A.3, where Y is the transformation power, 
defined using Equation A.4. 
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 VPU
dt

d
MhY acz

j
jczj     (A.4) 

Using the exclusion principle [13], the different power terms are included in 
Equation A.3 only where they are positive, i.e. either in the nominator or the 
denominator but never in both, yielding a more meaningful value for 
engineering practice. However, the choice of which terms to consider is largely 
open to the discretion of the engineer, and thus the definition is not sufficiently 
rigorous for a systematic analysis. 

Thus, when it comes to evaluating the true thermodynamic quality of a process, 
Equation A.3 can be shown to be insufficient. This can be seen most clearly 
when analysing systems such as heat pumps, the energy efficiencies of which 
are regularly greater than 100% when calculated using Equation A.3. This 
logical absurdity would seem to be in contradiction with the first law of 
thermodynamics, which states than energy can be neither created nor 
destroyed. 

The problem results from the mixing of different notions within a single 
expression. On one hand, the equal consideration of heat and work results 
from the first law, whereas, on the other, the non-consideration of heat 
exchange with the atmosphere Qa is a nod to the second law of 
thermodynamics. However, there is an innate contradiction between the fact 
that the temperature level Ti of the heat sources Qi is not taken into 
consideration, whereas the temperature level Ta of the atmospheric heat 
exchange is used to justify its exclusion from the thermal efficiency equation. 

Exergy analysis will enable resolution of this ambiguity, and allow a move 
towards a qualitative analysis of energy transformation, as opposed to the 
purely quantitative approach that is adopted in a first-law analysis. 

A . 3 . 2  T h e  E x e r g y  A n a l y s i s  A p p r o a c h  

In order to allow evaluation of the quality as well as the quantity involved in the 
different thermodynamic processes, it is necessary to turn to the second law of 
thermodynamics. The second law concerns the irreversibilities inherent in 
energy conversion, by considering the production of entropy S within the 
system. 

Entropy is a measure of the disorder within the system, and its evolution can be 
determined using Equation A.5, where each infinitesimal section of the heat 
load δQi is transferred at a temperature Ti. Each mass flux into or out of the 
system Mj also carries with it a certain quantity of entropy, sj bound to the fluid 
in question. The term Sint represents the additional internal entropy sources 
resulting from dissipation. 
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Though the production of entropy is an important measure of the irreversibility 
of a process, it is not easy to relate entropy production to the lost energy 
potential. It does, however, reveal in much greater detail where within a process 
the irreversibilities occur, allowing identification of the most problematic 
components. Despite this, the inability to directly compare energy and entropy 
means that it is not possible to define an efficiency value. The direct use of the 
second law in this form thus remains more of an academic exercise than a 
useful performance indicator for the designer or engineer. 

In order to rectify this situation, it is necessary to combine the first and second 
laws. In this way, the consistent units for heat and work of the first law can be 
obtained, whilst preserving the ability of the second law to highlight the sources 
of irreversibility within a process. 

As was stated in §2.4.1, the heat rejected to or absorbed from the atmosphere is 
usually not considered in first law thermal efficiency calculations. The 
expression of the second law (Equation A.5) also contains this atmospheric 
heat exchange and if this expression is re-arranged, it can be used to eliminate 
the term Qa from the first law (Equation A.2). The combined expression is 
known as the exergy balance equation [13] and can be expressed using 
Equation A.6. 
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 (A.6) 

All the terms in this equation are expressed in units of power, and can be 
shown to correspond to the exergy potential of the energy sources contained in 
the first law, as well as the dissipation of this potential (in the term TaSint). The 
exergy potential of a particular energy source can be defined as: 

“The maximum amount of useful work that could be produced from the source by a 
reversible thermodynamic process operating between the source and the atmosphere.” 



 274

The exergy potential of mechanical work is clearly equal to the amount of work 
itself, as no conversion is necessary. Exergy and work are freely convertible and 
mechanical work can thus be defined as the noblest form of energy, as it can be 
easily transformed to other forms at any temperature level. It is to be noted that 
electrical power is usually equated to mechanical power in exergy balance 
calculations, as electrical energy shares many properties with mechanical work, 
most notably that it can be easily transformed into other forms. 

The heat exergy potential Eq of a particular heat load δQ is determined by the 
temperature T at which this heat is available, compared to the temperature Ta of 
the atmosphere, as per Equation A.7. Here, Θ is the Carnot factor [13], which 
is always smaller than or equal to one. It can be seen from this expression, that 
heat is only truly equal to work when it available at an infinitely high 
temperature, and thus at all temperatures encountered in practice, the exergy 
potential of heat is always less than that of mechanical work. 

   QEq
   with 

T

Ta 1  (A.7) 

The transformation exergy potential Ey available from the mass flows into and 
out of the system is given by Equation A.8, where kcz is the total coenthalpy of 
the flow. The exergy potential of a particular mass flow is dependant not only 
on its enthalpy, but also upon the entropy carried by the flow. Thus, the higher 
the entropy, the lower the useable work that could theoretically be obtained 
from the flow. 

   MkE czy
  with sThk aczcz   (A.8) 

The dissipation of exergy potential L within the system allows a quantitative 
measure of the energy degradation that occurs within the system, and the 
reduction of the potential for the production of mechanical work that results. 

0int  STL a
  (A.9) 

The exergy loss within a system is always positive, or exceptionally equal to 
zero for the idealised perfect thermodynamic process [13]. The exergy balance 
can thus be expressed in the condensed form using Equation A.10. 

0   LEEE
k

qk
j

yj
i

i
  (A.10) 

This expression summarises the fact that any difference between the exergy 
supplied to the system and the exergy provided by the system results from the 
degradation of energy within the system. From this statement it is possible to 
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formulate a definition of the exergy efficiency of a thermodynamic process. The 
exergy efficiency η (to distinguish it from the thermal efficiency ε) can be 
expressed using Equation A.11, where all the exergy supplied to the system is 
summed in the denominator and all the exergy obtained from the system is 
summed in the nominator. 
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 (A.11) 

As no terms have been excluded or ignored in this definition, it can be 
considered to be a truly rigorous efficiency value. As all the energy sources 
involved have been converted to their exergy potential, they can be compared 
at their true value, making the exergy efficiency a more representative measure 
of the thermodynamic quality of a process. 
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A . 4  R e f e r e n c e  G a s - T u r b i n e  M o d e l s  
In order to allow validation of the performance models, a reference model of a 
standard, unmodified, gas-turbine was established in TRNSYS using the same 
STEC-library components as described in §5.3. The flow-sheet of this model is 
shown in Figure A.1. The model itself remains largely identical to the full 
hybrid solar gas-turbine model; the solar components (receiver, tower and 
heliostat field) have simply been removed from the flow-sheet. 

 
Figure A.1: TRNSYS model of the reference gas-turbine power plant. 

The cost functions associated with the reference, unmodified, gas-turbine are 
largely identical to those presented in Chapter 6, with some minor 
modifications. It is assumed that the design and permitting process is much 
more standardised and a reduced project engineering cost of 3% is therefore 
used. Furthermore, simple-cycle gas-turbine technology is well established, 
reducing the uncertainties, and a lower contingency cost of 5% is used to 
account for this. Finally, a high degree of automation is possible, and it was 
assumed that a single maintenance supervisor and a team of two technicians are 
responsible for four gas-turbine installations, allowing labour costs to be 
divided amongst four units. 

The reference gas-turbine models have been used to simulate the performance 
and cost of the three industrial gas-turbines considered in this work and the 
outputs are compared with reference performance data taken from publically 
available turbine datasheets [89] and reference costs from the latest edition of 
the Gas Turbine World Handbook [31]. The results of the comparison are 
shown in Table A.3, Table A.4 and Table A.5 for the SGT-500, the SGT-750 
and the SGT-800 respectively. 

It can be seen that the thermodynamic models predict the performance of the 
gas-turbines with a high degree of accuracy, with maximum errors in the gas-
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turbine characteristics of 3.9% for the SGT-500 and the SGT-750 and 1.8% for 
the SGT-800. The turbine exhaust gas temperatures are well predicted, with a 
maximum error of 0.7%; larger errors occur in the efficiency and mass flow 
values. 

The accuracy of the cost models is significantly lower than that of the 
thermodynamic models, which results from the fact that no fundamental laws 
exist for the prediction of equipment costs. Despite this, predictions errors are 
less than 20% for the three gas-turbines considered. The highest accuracy is 
obtained for the SGT-750, with an error of only 1.6% in the cost prediction; 
lower accuracy is obtained for the SGT-500 and SGT-800, with errors of 10.0% 
and 19.3% in the predicted costs. 

Gas-Turbine Parameter 
Value 

Error  
Data Model 

ISO Power Output 19.1 - [MWe] 

ISO Electrical Efficiency 33.8 32.5 3.9% [%] 

Compressor Pressure Ratio 13.0 - [ - ] 

Gas-Turbine Heat Rate 10’664 11’077 3.9% [kJth/kWhe] 

Exhaust Gas Mass Flow 97.9 99.7 3.9% [kg/s] 

Exhaust Gas Temperature 369 369 0% [°C] 

Specific Cost 431 476 10.0% [USD/kW] 

Table A.3: Model validation for the SGT-500. 

Gas-Turbine Parameter 
Value 

Error  
Data Model 

ISO Power Output 35.9 - [MWe] 

ISO Electrical Efficiency 38.7 38.4 0.8% [%] 

Compressor Pressure Ratio 23.8 - [ - ] 

Gas-Turbine Heat Rate 9’375 9’296 0.8% [kJth/kWhe] 

Exhaust Gas Mass Flow 108.9 113.3 3.9% [kg/s] 

Exhaust Gas Temperature 465 462 0.7% [°C] 

Specific Cost 382 376 1.6% [USD/kW] 

Table A.4: Model validation for the SGT-750. 
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Gas-Turbine Parameter 
Value 

Error  
Data Model 

ISO Power Output 50.5 - [MWe] 

ISO Electrical Efficiency 38.3 37.6 1.8% [%] 

Compressor Pressure Ratio 21.1 - [ - ] 

Gas-Turbine Heat Rate 9’407 9’575 1.8% [kJth/kWhe] 

Exhaust Gas Mass Flow 134.2 134.8 0.5% [kg/s] 

Exhaust Gas Temperature 553 555 0.4% [°C] 

Specific Cost 356 424 19.3% [USD/kW] 

Table A.4: Model validation for the SGT-800. 

The higher prediction errors for the cost of the SGT-500 and SGT-800 can be 
explained by two different effects. Concerning the SGT-500, the low power 
output of this unit means that it is operating at the lower limit of validity of the 
cost functions [76], resulting in an over-prediction of the specific cost. On the 
other hand, the SGT-800 operates at the upper limit of the firing temperatures 
for which the cost functions were elaborated. The exponential form of the 
temperature correction function, see Equation (6.6), makes the cost function 
very sensitive to changes in the firing temperature at this upper limit, again 
resulting in an over-prediction of the cost. 


