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Abstract
The thesis deals with the flow in pipe bends and radial turbines geometries that
are commonly found in an Internal Combustion Engine (ICE). The development
phase of internal combustion engines relies more and more on simulations as an
important complement to experiments. This is partly because of the reduction
in development cost and the shortening of the development time. This is one of
the reasons for the need of more accurate and predictive simulations. By using
more complex computational methods the accuracy and predictive capabilities
are increased. The disadvantage of using more sophisticated tools is that the
computational time is increasing, making such tools less attractive for standard
design purposes. Hence, one of the goals of the work has been to contribute to
assess and improve the predictive capability of the simpler methods used by
the industry.

By comparing results from experiments, Reynolds Averaged Navier-Stokes
(RANS) computations, and Large Eddy Simulations (LES) the accuracy of the
different computational methods can be established. The advantages of using
LES over RANS for the flows under consideration stems from the unsteadiness
of the flow in the engine manifold. When such unsteadiness overlaps the natural
turbulence the model lacks a rational foundation. The thesis considers the effect
of the cyclic flow on the chosen numerical models. The LES calculations have
proven to be able to predict the mean field and the fluctuations very well when
compared to the experimental data. Also the effects of pulsatile exhaust flow
on the performance of the turbine of a turbocharging system is assessed. Both
steady and pulsating inlet conditions are considered for the turbine case, where
the latter is a more realistic representation of the real flow situation inside the
exhaust manifold and turbine. The results have been analysed using different
methods: single point Fast Fourier Transforms (FFT), probe line means and
statistics, area and volume based Proper Orthogonal Decomposition (POD)
and Dynamic Mode Decomposition (DMD).

Keywords: Large Eddy Simulations, Reynolds Averaged Navier-Stokes,
Turbocharger, Turbine, Curved Pipes, Pulsatile Flow, Proper Orthogonal De-
composition.
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Sammanfattning
Denna avhandling behandlar flödet i rörkrökar och radiella turbiner som van-
ligtvis återfinns i en förbränningsmotor. Utvecklingsfasen av förbränningsmotorer
bygger mer och mer p̊a att simuleringar är ett viktigt komplement till exper-
iment. Detta beror delvis p̊a minskade utvecklingskostnader men även p̊a
kortare utevklningstider. Detta är en av anledningarna till att man behöver
mer exakta och prediktiva simuleringsmetoder. Genom att använda mer kom-
plexa beräkningsmetoder s̊a kan b̊ade nogrannheten och prediktiviteten öka.
Nackdelen med att använda mer sofistikerade metoder är att beräkningstiden
ökar, vilket medför att s̊adana verktyg är mindre attraktiva för standardiserade
design ändam̊al. Härav, ett av m̊alen med projektet har varit att bidra med att
bedöma och förbättra de enklare metodernas prediktionsförm̊aga som används
utav industrin.

Genom att jämföra resultat fr̊an experiment, Reynolds Averaged Navier-
Stokes (RANS) och Large Eddy Simulations (LES) s̊a kan nogrannheten hos
de olika simuleringsmetoderna fastställas. Fördelarna med att använda LES
istället för RANS när det gäller de undersökta flödena kommer ifr̊an det insta-
tionära flödet i grenröret. När denna instationäritet överlappar den naturligt
förekommande turbulensen s̊a saknar modellen en rationell grund. Denna
avhandling behandlar effekten av de cykliska flöderna p̊a de valda numeriska
modellerna. LES beräkningarna har bevisats kunna förutsäga medelfältet och
fluktuationerna väldigt väl när man jämför med experimentell data. Effekterna
som den pulserande avgasströmning har p̊a turboladdarens turbin prestanda
har ocks̊a kunnat fastställas. B̊ade konstant och pulserande inlopps randvillkor
har används för turbinfallet, där det senare är ett mer realistiskt representation
av den riktiga strömningsbilden innuti avgasgrenröret och turbinen. Resultaten
har analyserats p̊a flera olika sätt: snabba Fourier transformer (FFT) i enskilda
punkter, medelvärden och statistik p̊a problinjer, area och volumsbaserade
metoder s̊a som Proper Orthogonal Decomposition (POD) samt Dynamic Mode
Decomposition (DMD).

Nyckelord: Large Eddy Simulations, Reynolds Averaged Navier-Stokes,
Turboladdare, Turbin, Rörkrök, Pulserande Flöde, Proper Orthogonal Decom-
position.
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Preface

This thesis is based on numerical simulations of Internal Combustion Engine
(ICE) related flows. The geometries under consideration exhibit confined, tur-
bulent, and pulsating flow fields. The different types of cases being investigated
needs to have a way of handling the turbulent flow structures that are present.
This can be performed by using several different methods that are able to
predict the turbulence. The governing equations, incorporating these models,
are solved numerically. The results are verified against experimental data.

The flows under consideration exhibit characteristics that makes the Large
Eddy Simulation modelling framework the most appropriate and appealing for
these kinds of cases. This hypothesis is assessed by considering also the Reynolds
Averaged Navier-Stokes (RANS) (both steady and unsteady) simulations. The
experimental data used for verification has been obtained in different experi-
mental rigs (gas-stand and a simpler pipe-flow rig) and by different co-workers.
The flow velocities in the pipe flow have been measured using Hot-Wire (HW)
anemometry and stereoscopic Particle Image Velocimetry (PIV), whereas for
the gas-stand tests the mass flows and pressures were obtained using standard
methods.

The thesis is divided into two main parts. The first part gives a general
introduction to internal combustion engines, turbo charging and bended pipe
flows. The simulated geometries and cases are presented together with some
selected results and conclusions. The second part consists of the results from
the three investigated areas (1D-simulations, turbine simulations, and pipe
bend simulations) in form of papers which have been or are to be submitted for
publication.

September 2014, Stockholm

Johan Fjällman
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Part I

Overview and Summary





CHAPTER 1

Introduction

This doctoral thesis encompasses numerical experiments and analysis of unsteady
flow in both simpler geometries e.g. bended pipes, and more complex geometries
e.g. the exhaust manifold and turbine of a radial turbocharger. During the last
few years the automotive industry have had to move towards a greener and
more efficient vehicle fleet. This has been influenced by different sources: the
consumers, emission legislations, the oil price (see Fig. 1.1). The consumers
want a powerful engine that uses as little fuel as possible so that it is cheap to
drive their car; using less fuel will also lower the emissions. The most popular
way of increasing the total efficiency today is by downsizing the engine. This
means that the engine cylinder volume is reduced. By adding a well matched
turbocharger system to the downsized engine the fuel consumption can be
reduced (see Fig. 1.2), the efficiency is increased due to lower frictional losses
and the performance is preserved due to the engine being used in the turbo
boosted regime.
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Figure 1.1: The crude oil price monthly variation from 1975 until April 20141.

1Data obtained from www.eia.gov
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Figure 1.2: The Brake Specific Fuel Consumption (BSFC) for different fuels
and whether it is turbocharged or not is shown for a variety of engine speeds.
The turbocharged cases have a lower BSFC than their none turbocharged
counterparts (Karabektas 2009).

Today the designing of a turbocharger system for a specific engine is usually
not performed with well resolved simulations. It is hypothesized here that the
exhaust flow pulses (associated with the employed exhaust valve strategy) and
the complexity of the exhaust manifold, largely affect the turbine performance. It
has been shown by others that a hysteresis effect is present when the inlet flow is
allowed to pulsate (Winterbone et al. 1990; Dale & Watson 1986; Karamanis et al.
2001; Rajoo & Martinez-Botas 2010). The hysteresis also behaves differently
depending on the upstream geometry be it curved (Kalpakli et al. 2012) or
straight (Laurantzon et al. 2012)).

The turbine is most often designed towards handling a constant flow rate,
and the ability to handle pulsations is not taken into account. It is also shown
in this thesis that the pulse shape is affecting the turbine torque (up to ≈ 15%
higher) and thus the power generated by it. An experimental study with different
pulse amplitude and frequency was performed by Capobianco & Gambarotta
(1992) where no specific link was found between performance parameters and
pulse frequency/amplitude.
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The work has been broken down into three main parts:

• Single bend simulations to study the important effects and structures
exiting the bend.

• Constant flow rate turbine simulations to analyse structures generated
and predictability of the method.

• Pulsating turbine simulations considering the upstream exhaust manifold
to investigate the effects of pulse shape and frequency on the turbine
performance parameters.

The strategy with this thesis was towards turbine assessment in a more
integrated manner with the exhaust system, by considering the exhaust manifold
geometry effects and the exhaust flow pulsations. The given research direction is
towards a more realistic quantification of turbocharger performance and engine
efficiency.

1.1. Internal Combustion Engine (ICE)

The Internal Combustion Engine (ICE) has been a part of society since the early
19th century. Although the fuel was different (petroleum was not commercially
produced until the 1850s) the concept was the same. The first combustion
engines were mainly used in industrial applications, but were later introduced
into vehicles now capable of moving by themselves. The first modern car was
designed and produced by Karl Benz in 1885, it was called the Motorwagen
and ≈ 25 of them were sold between 1888 and 1893.

In the following years more and more car manufacturers entered the market
and started building, designing, and selling cars. The first car produced in an
affordable way was Ransom Olds Oldsmobile in 1902. This was achieved by
implementing the assembly line techniques that had been used in England, by
Marc Isambard Brunel, since the beginning of the 19th century. This technique
was then largely used and improved by Henry Ford in the beginning of 1914. One
model T Ford took 1 hour 33 minutes to produce and an assembly line worker
could afford one with only four months pay. The first European manufacturer
to adapt this method was Citroën in 1921, seven years after Ford.

The dominating engine used in cars was until the 1930s the Otto engine.
But it was not until the 70’s that the Diesel engine got its big upswing in
both cars and trucks and since 2007 around 50% of all cars sold in Europe are
equipped with a Diesel engine.
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1.1.1. ICE Fundamentals

The modern internal combustion engine used in cars and trucks is of the same
four stroke principle that was invented over 100 years ago. The principle is fairly
simple: suck air into the cylinders, compress the air, and then ignite it. Finally
using the force to drive the vehicle and then push the gases out. This method
has been refined over the years to increase the efficiency and lower the fuel
consumption and the harmful exhaust gases. The engine power is depending
on the amount of available oxygen and fuel that can be ignited. With a higher
amount of oxygen available more fuel can be added and thus more power can
be obtained. Because of this a turbocharger is added to the ICE concept.

The modern turbocharged Spark Ignited (SI) engine (Otto engine) has had
several parts added to it. First the outside air is sucked into the engine and
travels through a compressor. The compressor increases the density of the air as
well as the temperature, pressure, and fluid velocities by using the power from
the turbine. The next part in the engine is the charge air cooler, in this unit
the air is cooled further increasing the density as the temperature is lowered.
After the charge air cooler the air travels through the inlet manifold, where it
is mixed with fuel (in the case of a port injected engine) before being pulled
into the cylinders. In the cylinders the air/fuel mixture is compressed and the
mixture is ignited by the spark plug when the piston is almost at its topmost
position. The energy released by igniting the air/fuel mixture pushes the piston
down transferring the power to the crankshaft which in turn delivers the power
to the wheels through the transmission. The gases are then expelled from the
cylinders through the exhaust manifold and into the turbine. The exhaust flow
consists of a strong blow down pulse and a much weaker scavenging pulse as the
last of the exhaust gases are being expelled form the cylinder. In the turbine
the pressure, temperature, and velocities are all decreased, extracting power
from the flow and feeding it to the compressor. The last part of the exhaust
gas system in the spark ignited (SI) engine is the three-way catalyst which
reduces harmful components in the exhaust gases. Carbon monoxide (CO),
hydrocarbons (HC) and nitrous oxides (NOx) are converted into carbon dioxide
(CO2), nitrogen (N2) and water (H2O).

In the diesel engine (invented by Rudolf Diesel) the process is very similar
to that of the SI engine apart from the ignition process. In the diesel engine fuel
is added inside the cylinders through several sprays coming out of the injector
at the top of the cylinder. The fuel is then compression ignited when the piston
is pushed up increasing the pressure much higher than in the SI engine and
causing the fuel to self-ignite.

An internal combustion engine that is not turbocharged is called a naturally
aspired (NA) engine. The NA engine works in a similar way to the turbocharged
engine, the main difference is that there is no compressor to increase the inlet
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pressure nor a turbine to drive it. The gases are sucked in using the natural
pressure difference created during the exhaust and intake strokes.

1.2. Turbocharging

The turbocharger has been around for more than a century, starting with
supercharging and then going on to turbocharging. The first implementation
of the supercharging technique was in 1885 when Gottlieb Daimler patented
the use of a gear driven pump to force air into the engine. The first patent
for a turbocharger was in 1905 when Swiss engineer Alfred Büchi started
experimenting on an internal combustion engine. It was not until 20 years
later that he managed to create a working turbocharged engine, increasing the
specific power of the diesel engine he was working on by 40%.

The first uses of the turbocharger was for aircrafts. Already in World War I
the French aircrafts with Renault engines were turbocharged with some success.
In the 1920s General Electric started experimenting with turbochargers on
their aircraft engines as well. In most of the cases the engines were fitted with
engine driven superchargers and not with the exhaust driven turbochargers of
today but they were still used in the Napier Lioness for example. The first
turbocharger equipped diesel engines began appearing in the 1920s as well,
fitted onto ships and locomotives.

In World War II the turbocharger was much more widely used for aircrafts
with most of the US planes being fitted with them, due to General Electrics early
start in the field. The Germans were also experimenting with turbochargers for
their aircraft fleet but with less success.

The first car to come equipped with a turbocharger was the General Motors
1962 Oldsmobile Cutlass Jetfire. General Motors had the only turbocharged car
for several years. The other manufacturers to add a turbocharger to their engines
were BMW in 1973, Porsche in -74 and even SAAB in -78. Nowadays almost
all internal combustion engines come equipped with turbochargers, especially
diesel engines.

1.2.1. Turbocharger Configurations

Turbocharger installation configurations mainly detail how many turbochargers
are installed, with single and twin turbo configurations being the most common.
BMW recently released a triple turbocharged diesel engine and Bugatti currently
has a quad-turbo engine available for their Veyron 16.4 model.

Then there are different types of turbochargers with fixed or variable
geometry and also different blade designs. The turbochargers can either have a
single scroll inlet or a twin scroll inlet. The twin scroll is used to separate the
pulses from the cylinders, by separating them the pulses do not interact with
each other as much and the system efficiency is increased.
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1.2.1a. Single Turbine. The most common configuration is the single turbo
installation, it is also the one that is easiest to install from a system control
point of view. Although with the single turbine configuration you will have
to compromise on the range of optimization for the turbocharger. A smaller
turbocharger works better at low engine speeds whereas a bigger turbine works
better at high engine speeds, this can partly be avoided by using a variable
geometry (see Sec. 1.2.1c). The size of the turbine also affects how fast it can
speed up which will then affect the length of the turbo-lag. The turbo-lag is the
time it takes between the driver pushing the acceleration pedal down and the
turbine meeting the required torque, a bigger turbine wheel gives a longer time
to torque. However, optimum size is a difficult question where both efficiency
and inertia are weighted against each other, which then requires a thorough
analysis.

1.2.1b. Twin Turbine. The twin turbo configuration uses less of a compromise
when choosing which engine speeds are going to benefit the most of the tur-
bocharger. The standard configuration is one larger turbocharger and one
smaller which can be used in conjunction or separately. The smaller is used at
low engine speeds, the larger at higher engine speeds. The larger of the two can
also be a VGT to extend the range of the turbocharger. One big advantage with
a twin turbo system is that the turbo-lag is reduced significantly. The smaller
turbine has a low inertia and as such a small turbo-lag, the larger turbine is
spooled up while the small one is working and then takes over when sufficient
engine speed and load has been reached. Thus the turbo-lag is reduced while
engine efficiency is maintained.

1.2.1c. Variable Geometry Turbine. The variable geometry turbine (VGT),
variable nozzle turbine (VNT) or variable vane turbine (VVT) are all names
for essentially the same thing. A turbine with an inlet geometry that can be
changed depending on the current engine speed and load. The inlet geometry
can be changed in several ways e.g. having inlet guide vanes that increase or
decrease the area into the wheel, having a sliding wall that increase or decrease
the inlet area to the turbine wheel etc. By having a variable inlet area the range
of the specific turbocharger can be increased, a broader engine speed range, as
long as it is not the compressor that limits the flow.

1.2.1d. Mixed Flow Turbine. Mixed flow turbochargers can be found with a
variable inlet area or with a fixed. They are also available with single or twin
scroll inlets. The advantages with mixed flow wheels is that they are more
optimized to handle pulsating flows, with a reduced peak efficiency but a broader
efficiency peak. The peak is shifted towards a Lower Blade Speed ratio U

Cs
(BSR). The BSR is the ratio of the speed of the incoming air (U) to the speed
of the turbine blade tip (Cs). If the efficiency peak is shifted towards a lower
BSR it follows that the optimal engine speed is reduced. This may mean that
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the needed turbocharger is larger for a mixed flow turbine than for a normal
one and as explained earlier, a larger turbine means higher inertia and longer
turbo-lag.

1.3. Turbocharger Integration with the ICE

When looking into the engine bay of a passenger car it is hard to miss that
the engine is made out of a lot of pipes and bends. Bended pipes are leading
the air flow between the different parts of the engine which themselves can be
made up of more bended pipes and constrictions. But bended conduits are not
limited to automotive engines, they can be found all over the industrial world
and in nature. From an optimizing point of view it is clear that accurate pipe
flow calculations are needed in order to properly predict the flow out of and in
to the different engine parts. This is especially true for the exhaust flow after
the cylinders when the flow is pulsating, unsteady and asymmetric. If we can
accurately predict what are the flow features and how the flow after a pipe
section will look like depending on the in-flow condition the turn-around time
for simulations can be shortened and costs can be reduced.

The most important part in the gas exchange process in the engine is the
turbine of the turbocharger. The turbine increases the efficiency of the whole
engine, making a smaller engine to produce more power or an equal sized engine
to consume less fuel for the same power. The turbocharger works by utilizing
the energy of the exhaust gases to rotate its turbine wheel which drives the
compressor located on a common shaft. The turbocharger’s compressor and
the cooler on the intake system provides the cylinders with a cool and dense air
(for a more detailed explanation see Chap. 2).

Bended pipes are located upstream and downstream of the turbocharger
system. Flow in bended pipes have been studied for a long time, in the late
1920’s Dean experimented on bended pipes (Dean 1927, 1928) where he first
described the two counter rotating vortices that would later be named after him.
Almost half a century later Tunstall & Harvey (1968) concluded for turbulent
flows that not only was the flow after a 90◦ pipe bend made up of two counter
rotating vortices, they were also subject to a bi-stable configuration making one
of them stronger than the other in an alternating manner. In later years this
phenomenon has been observed and studied further by several researchers, e.g.
Sudo et al. (1998), Rütten et al. (2001, 2005), Sakakibara & Machida (2012),

and Kalpakli & Örlü (2013).

In Sudo et al. (1998) and Sakakibara & Machida (2012) experimental
investigations of pipe flows were performed on a 90◦ bend. Flow structures
were visualized at several locations downstream of the bend in the first paper
and upstream of the bend in the second paper. Rütten et al. (2001, 2005)
performed simulations of pipe flow in a 90◦ bend studying the swirl switching
phenomena for a range of Reynolds numbers (Re) between 5000 to 27000. The
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numerical results were validated against experimental data. All of those papers
are detailing experiments or simulations in a confined pipe configuration whereas
in the more important parts of an internal combustion engine the pipes lead
into a sudden expansion. This flow situation shows similarities to that of a jet
(e.g. jet like shear-layers are formed). Experiments have been performed in this
area with both stereoscopic Particle Image Velocimetry (ST-PIV) (Kalpakli &

Örlü 2013) and Hot-Wire anemometry (HW) (Sattarzadeh 2011). The results
from these experiments, obtained just downstream of the pipe exit, can be used
as a database for validating the numerical simulation tools that are needed in
order to perform accurate pipe flow simulations. Moreover the findings with
simulations can complement the experimental data and enhance understanding
of the flow in bended pipes and the associated instabilities.

The effect that the inflow condition has on the turbine performance has
been investigated by e.g. Hellström & Fuchs (2010) where a baseline case with
no perturbations was compared to inflow conditions with a swirling flow or
with two Dean vortices. It was shown that the presence of perturbations is
more important than the nature of the perturbation. Current state of the
art in the industry for turbocharger simulations consists of steady-state maps
from turbocharger gas-stand tests done by the manufacturer. These maps are
implemented into 1D simulation codes, such as GT-Power, and then parameter
studies are performed. Mai et al. (2014) shows that the turbine and compressor
uncertainty is highly dependent on the turbocharger RPM. The industry is
now moving towards Unsteady Reynolds Averaged Navier-Stokes (URANS)
simulations to both compare with gas-stand tests and to create broader turbine
maps; still these simulations are done with steady boundary conditions. The
problem with using steady inflow conditions is that it is then assumed that the
turbine is quasi-steady, which has been shown not to be true by Hellström &
Fuchs (2008) (simulations) and Laurantzon et al. (2012) (experiments). The
heat transfer is theorized to not affect the flow significantly. Since the heat
convection time is longer than the residence time, i.e. the fluid moves too fast
for the hot wall to affect it significantly. Also the flow is momentum driven and
not boundary driven, so the walls only affect it in a small way.

1.4. Project Aims

This project aims to increase the understanding of turbochargers and improve
the methods with which the industry does research and development. Currently
the industrial state of the art is to perform one dimensional simulations where
the turbocharger is simulated using steady state performance maps measured
by the manufacturer at usually cold conditions. The industry is moving towards
using three dimensional unsteady RANS simulations to compute the map, this
has so far proven to be working well. The question is how close to reality do we
come with using URANS? What are the short-comings with the method and
how can we improve future predictions?
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In this study Large Eddy Simulations of turbocharger flows have been
performed and compared to hot gas-stand tests as well as URANS calculations
performed with industrial standards by the industry. The aim is to investigate
how close to experimental data LES and URANS calculations are and with the
results from these improve the current industrial 1D models so that simulated
predictions are more reliable.

In the 1D model the exhaust manifold is modelled as a couple of pipes and
bends with a common exit. The problem is that in the model the pipes and
bends are represented by a friction loss, a pressure loss and a bend loss coefficient
from a table. There is no history effect and the flow into a section is believed
to be plug flow and undisturbed, which is far from the truth in an exhaust
manifold. Studies have shown that the inflow condition to a turbine is important
for its performance and efficiency (Hellström & Fuchs 2010). This means that
accurate pipe flow simulations must be coupled with the turbine simulation in
order to represent the actual flow case as closely as possible. Assessment of the
flow and turbine performance with and without considering the complexity of
the upstream exhaust manifold geometry needs to be performed. Assessment
of the effect of the exhaust flow under different pulsating conditions on the
turbocharger’s efficiency is important in order to understand the more realistic
flow case. Finally we want to advance fundamental knowledge regarding the
pulsating exhaust flow and its interaction with the turbine to provide guidance
for developing more efficient turbocharging devices (with extended operating
range) for improved engine efficiency.

Some of the achievements within the project are:

• Bended pipe flow simulations have been performed with good results
when compared to experimental data.
• The LES approach proved to predict the fluctuations and structure

generation very well for the bended pipe simulations.
• Large eddy simulations of a radial turbine with steady boundary condi-

tions have been performed and results have been compared to experi-
mental data and URANS simulations. The LES results show very good
agreement with experimental data.

• Analyse of the flow entering the volute has been performed with and
without the complex exhaust manifold. Results show similar values when
comparing global parameters but not in instantaneous local values.

• Simulations of the flow associated with the radial turbine coupled with the
complete exhaust manifold were carried out. Pulse shape and frequency,
mimicking different exhaust valve strategies, were found to be important
for the performance of the turbine.



CHAPTER 2

Turbocharger Fundamentals

In this chapter a more detailed study of how the turbocharger works will be
shown, including state of the art assessing methodologies in both research and
industry. Assumptions made for one, three and four dimensional investigations
will be discussed and shown.

The turbocharger extracts energy from the exhaust gases and inserts it
into the flow to the cylinders via the compressor. The turbocharger performs
according to two principles, the first one is described by fluid dynamics and the
second one by thermodynamics. The fluid dynamic principle can be expressed as
the change in fluid momentum driving the turbine wheel, transferring the power
to the compressor. Based on constant mass flow (ṁ = dm/dt) and Newton’s
second law of motion applied to a rotating system, the torque at the shaft can
be calculated using Eq. (2.1) (Baines 2005),

τ = ṁ(r1Vθ1 − r2Vθ2). (2.1)

With the flow velocity V defined inside the rotating system by the three
components (radial, tangential, and axial) Vr, Vθ, and Va, and r being the
radius of the turbine wheel. The subscript 1 is at the inlet of the turbine wheel
and subscript 2 is at the outlet of the turbine wheel. The speed of a single
blade in the turbine wheel is the radius multiplied by the angular rotational
speed (U = rω). Hence the specific work (Ws) that is transferred is the angular
rotational speed multiplied by the torque, Eq. (2.2),

Ws =
τω

m
= U1Vθ1 − U2Vθ2. (2.2)

With m being the mass and ω the angular rotational speed. The thermodynamic
principle states that the work transferred from the fluid to the shaft can be
expressed using the first law of thermodynamics. The change in internal energy
is equal to the heat supplied to the system minus the work performed by the
system (i.e. energy can not be destroyed or created, only converted) see Eq.
(2.3),

Q−Ws = h02 − h01. (2.3)

10
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As long as the heat transfer Q is small the specific work is directly related to
the change in total enthalpy (h0). Subscript 1 is downstream of the turbine
wheel and subscript 2 is upstream of the turbine wheel.

2.1. Turbocharger Flow Characteristics

The flow inside the internal combustion engine is mainly of two different types.
At the intake to the engine the flow is of ambient pressure and temperature
with a steady flow rate. This flow then passes through the compressor and an
intercooler before entering the cylinders.

After the combustion taking place, the exhaust flow characteristics change
drastically, the flow is now pulsating and turbulent with a high velocity and
temperature. This flow enters the exhaust manifold (consisting of bends and
flow joints) and is being collected in the turbine volute before being passed
through the wheel region where the turbine power is extracted. The volute
and wheel have to be able to handle pulsations of a wide frequency range
(30− 100Hz) and deliver enough power to the compressor so that the power
can be maintained and increased. This corresponds to a Womersley number
(Eq. (2.4)) (Womersley 1955) of between 10 and 25, based on the inlet diameter
and peak pulse temperature,

α =

√
ωL2

ν
. (2.4)

With ω being the frequency, L the characteristic length, and ν the kinematic
viscosity.

Based on a volute diameter close to the wheel entrance and an average
temperature the range is the same (α = 10-25). This means that the oscillating
inertial forces are important compared to the viscous forces. This also means
that the pressure wave will be phase shifted compared to the bulk flow.

The pulses are also able to interact with each other before they pass through
the turbine wheel, which increases the complexity when trying to predict the
flow using a more simplistic approach.

When it comes to modelling several methods are available: 1D full sys-
tem studies, 3D simulations with turbulence models and 3D calculations with
different levels of resolved turbulence.

The full 1D system studies are fast and able to simulate all the component
interactions that are present in the internal combustion engine. The drawback
is the reliability of the results and input parameters, with simpler models
simplifications are made. Pipe losses are tabulated data from empirical studies
with single bends and straight pipes, in the ICE the exhaust manifold is seldom
straight with only a single bend or less. The software usually have problems
with history effects, i.e. several connected bends do not give the same result
as several single bends added together. The turbocharger is implemented in
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the software as tabulated values that are interpolated to the current load point
depending on pressure ratio and mass flow, the table data is usually collected
from cold air gas stands with very long inlet pipes and a constant flow rate.

3D flow simulations usually rely on turbulence models because in most
turbulent flows it is difficult, if not impossible, to resolve (with todays computer
power) all the associated length and time scales. 3D simulations with turbulence
models are slower than the 1D studies and are unable to simulate the component
interactions present in the engine. Usually, the flow inside the manifold and
turbine is more accurately predicted than in the 1D case when the 3D geometry
is taken into account. Most models though have problems when it comes to
pulsating flow and bends (gradients and curvatures).

3D computational approaches able to resolve a large range of scales associ-
ated with a turbulent flow, modelling only the smallest ones, may be a better
choice for unsteady, turbulent, pulsating flows in complex conduits. They are
much more expensive than RANS based turbulence models. However they are
less expensive than the Direct Numerical Simulation approach that requires
such a fine computational grid that it is unsuited for flows with high velocities
and complex geometries (currently mainly straight channels and air foils are
simulated with this method). The Large Eddy Simulation approximation is one
that is well suited, the computational time is not enormous but usually too long
for the industry. The method is also well suited for the Reynolds numbers and
the time dependence of the flow in these kind of cases. The method chosen for
these simulations must also be able to capture the large range of time scales
present in the flow.

The flow in the turbocharger will create structures in the volute and wheel
region, in order to assess these structures and visualize them a large amount
of well resolved data is needed. The LES calculations are a good way of
providing this data to the different mode decomposition techniques, e.g. Proper
Orthogonal Decomposition (POD) and Dynamic Mode Decomposition (DMD).

The flow in the turbine is also characterized by sometimes large separation
regions along the wheel blades, high shear rates (around separations), adverse
pressure gradients which can also be present in the wheel blade region. The
method chosen also has to be able to handle varying values of the rotational
speed of the turbocharger, from ≈ 20000 RPM to ≈ 200000 RPM or even higher
in some cases.

2.2. Turbocharger Parameters

The isentropic efficiency of a turbine is defined in Eq. (2.5) according to Baines
(2005),

ηT,is =
actual work

isentropic work
=

1− (T04/T03)

1− (p4/p03)(ke−1)/ke
. (2.5)



2.3. STATE OF THE ART OF TURBOCHARGER PERFORMANCE ASSESSMENT 13

With T and p denoting the temperature and pressure, respectively, ke = Cp/Cv
which is the ratio of specific heats for the exhaust gases. Index 0x denotes
the total temperature or total pressure, with index x being the static pressure.
Location index x = 3 is upstream of the turbine and index x = 4 is downstream
of the turbine. To achieve a good isentropic efficiency of the turbine a large
temperature drop and a small pressure drop is required. This means that the
power developed by the turbine can be expressed according to Eq. (2.6),

PT = meCpeT03

1−
(
p4

p03

) (ke−1)
ke

 ηT,is. (2.6)

Some of the important design parameters for the turbine are then mass
flow, temperature and pressure. These can then be used to estimate the size
of the turbine and the inclination of the blades depending on the speed of the
fluid.

2.3. State of the Art of Turbocharger Performance
Assessment

The current state of the art for turbine research is split into different areas
depending on which kind of organization is conducting the research. This split
is true both for numerical and experimental work, the industry is usually using
faster methods whereas academia is using more accurate ones. This is both
depending on the goal with the research and the available time for doing it.
Fig. 2.1 shows the general trend in industry and academia concerning the use
of CFD tools. The tendency in industry is to treat very complex problems
(e.g. turbocharger flow) using limited but fast and robust models. Typically in
academia, complex and expensive computational approaches are used to capture
the flow physics of ”very simple” flow situations (e.g. channel flows). With
the low resolution methods (RANS, URANS) the complexity of the geometry
being simulated can be much higher than for the high resolution methods (LES,
DNS). However, today, due to the progress made concerning the computational
power and resources, approaches like Large Eddy Simulations are often used
(mainly by academia) to investigate complex flows in complex devices.

2.3.1. Industrial State of the Art

In the industry the research in the turbocharger field is often limited to matching
the turbocharger bought from the manufacturer to the engine that is being built
by the company. Turbocharger manufacturers often produce turbochargers in
fixed dimensions with a certain wheel design and size. The engine manufacturer
then has to choose which turbocharger matches the engine depending on the
specified parameters (see Sec. 2.2). This matching is performed using different
computer-aided engineering (CAE) tools as well as some experimental work.
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Figure 2.1: The trade-off for the different computational methods in regards to
complexity of the geometry and the resolved physics.

2.3.1a. CAE Tools. The CAE tools used by the industry are both 1D and 3D
flow solvers, which can be used separately and in conjunction. The 1D tools are
able to simulate the whole engine system from fresh air inlet to after treatment
system and tail pipe1. In order to be able to simulate this whole complex system
several simplifications and approximations are made. The 3D flow effects are
neglected together with flow history, meaning that the flow does not know what
happened earlier just that some losses were imposed. This has the effect that
the flow always enters a new part undisturbed (see Sec. 3.1), which can be
significant in several situations. In the 1D code the turbocharger is implemented
as a compressor and a turbine map. These maps have usually been measured
by the turbocharger manufacturer in a cold or hot gas-stand test. The maps
often have values in a narrow range and values outside the measured range are
extrapolated from the available data. A typical turbine map is depicted in Fig.
2.2.

Nowadays the industry is moving more towards using computational fluid
dynamics (CFD) for generation of maps for the 1D software integration instead
of using the manufacturer made maps from steady gas-stand tests. One of the

1www.gtisoft.com
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Figure 2.2: Typical turbine map from the manufacturer for integration into e.g.
GT-Power. The colors show the efficiency in %. Courtesy of Johan Lennblad at
Volvo Car Corporation.

advantages with using CFD is that the exhaust manifold then can be included
in the results, which is usually not the case for the maps delivered with the
turbocharger. For car and truck manufacturers this is done mainly using RANS
or URANS (Baris & Mendonça 2011). The URANS approach is a well used and
familiar method for fast calculations with good accuracy in simple geometries.
The URANS method has problems with separations since it cannot predict the
motion of complex vortex structures. In software the turbulence is modelled in
one way or another, there are many different turbulence models available both
for commercial software and as open source. The models all have their own
strengths and weaknesses and areas of applicability.

2.3.2. Academic State of the Art

In academia the current state of the art for turbocharger simulations and exper-
iments is slightly more advanced than the industry standard. For experimental
work hot or cold gas-stand tests are used and the flow is analysed both with
spatially averaged quantities and space/time resolved 2D and 3D vector quan-
tities (e.g. Guillou et al. 2012; Ehrlich et al. 1997). This means that the flow
fields can be reconstructed in both space and time to provide statistics and
visualizations. The experiments can also provide the simulations with valuable
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boundary conditions. Experiments can be run with both steady and pulsating
inlet conditions.

The numerical state of the art is currently the Large Eddy Simulation
approximation (e.g. Copeland et al. 2012). In LES the large energy containing
scales are resolved by the grid and the smaller scales are modelled with Sub-Grid
Scale (SGS) models. Implicit LES (ILES) is also starting to become more used
as more and more proof of the advantages are being published (e.g. Grinstein
et al. 2007). One advantage with ILES is that since no explicit Sub-Grid Scale
model is being used it does not have to be calculated and as such calculation
time is saved. It also means that since no SGS model is being used the simulation
does not converge to a single value until Direct Numerical Simulation (DNS)
resolution has been reached.

In this work several models and approaches have been used, i.e. 1D models,
3D RANS & URANS (with corresponding turbulence closures) as well as 3D
LES. The models all have their strength and weaknesses but used in conjunction
they can provide a wider picture than separately. Systematic GT-Power studies
were performed in order to get a basic system knowledge on how the different
parameters affect the turbine performance. Faster U/RANS models are used
to narrow down more interesting areas of the turbocharger map to investigate
with LES. To be able to get good boundary conditions for the pulsating LES
simulation a well tuned GT-Power model was used. The boundary conditions
received were mass flows and temperature for the inlet, turbocharger speeds and
outlet pressure and temperatures, as well as wall temperatures for the exhaust
manifold.



CHAPTER 3

Methods

In this chapter the methods used are explained in more detail together with
their equations.

3.1. One Dimensional Codes

The one dimensional code used in this project has been Gamma Technologies
software GT-SUITE1. GT-SUITE is an engine simulation software commonly
used by car and truck manufacturers. The software can handle all aspects of
the engine with different degrees of simplifications. The aim for this project
is what happens after the cylinders and before the after-treatment devices, in
GT-SUITE these parts are simulated by straight and bended pipes, flow splits
and a turbine map lookup table.

3.1.1. Governing Equations

The governing equations for the GT-SUITE software are as follows: Continuity
Eq. (3.1), Momentum Eq. (3.2) and Energy Eq. (3.3) (Gamma Technologies
2009):

dm

dt
=

∑
boundaries

ṁ, (3.1)

dṁ

dt
=

dpA+
∑

boundaries

(ṁu)− 4Cf
ρu|u|

2
dxA
D − Cp

(
1ρu|u|

2

)
A

dx
, (3.2)

d(me)

dt
= p

dV

dt
+

∑
boundaries

(ṁH)− hAs(Tfluid − Twall). (3.3)

With m being the mass, t the time, ṁ the mass flux, dp the pressure difference
across dx, A the area, u the velocity at the boundary, Cf the skin friction
coefficient, ρ the density, dx the discretization length, D the equivalent diameter,
Cp the pressure loss coefficient, e the internal + kinetic energy, p the pressure,
V the volume, H the total enthalpy (H = e+ p

ρ ), h the heat transfer coefficient,

1www.gtisoft.com
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As the heat transfer surface area, Tfluid the fluid temperature, and Twall the
wall temperature.

3.1.2. Pipes in GT-SUITE

The treatment of pipes in GT-SUITE is based on several loss coefficients and
various geometrical values.

3.1.2a. Pipe Frictional Losses. For the frictional losses there are two different
approximations for calculating it, both of them are based on the Colebrook
equation (Colebrook 1939). One is simpler than the other, the advanced model
is slightly slower (about 5% (Gamma Technologies 2009)) but more accurate
(< 0.5% for Re < 107). In the laminar regime (ReD < 2000) both models are
calculated in the same way, see Eq. (3.4),

Cf =
16

ReD
. (3.4)

With Cf being the Fanning friction factor and ReD the Reynolds number based
on pipe diameter.

In the turbulent regime (ReD > 4000) the models are calculated differently,
the simple model uses two different equations depending on whether the walls
are smooth (Eq. (3.5)) or not (Eq. (3.6)) whereas the advanced model only
uses one equation (Eq. (3.7)),

Cf =
0.08

Re0.25
D

, (3.5)

Cfrough =
0.25(

2 · log10

(
D
2ε

)
+ 1.74

) , (3.6)

Cf =
1

4

(
4.781− (A− 4.781)2

B − 2A+ 4.781

)−2

, (3.7)

A = −2.0log10

(
ε/D

3.7
+

12

ReD

)
, (3.8)

B = −2.0log10

(
ε/D

3.7
+

2.51A

ReD

)
. (3.9)

With D being the pipe diameter and ε the sand roughness height.
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3.1.2b. Pipe Pressure Losses. For the pressure losses that are caused by tapers,
bends and differences in cross-sections the pressure loss coefficient Cp is used,

Cp =
p1 − p2

1
2ρV

2
1

. (3.10)

With p1 being the total pressure at the outlet, p2 the total pressure at the inlet,
ρ the inlet density and V1 the inlet velocity. Inlet and outlet refers to the pipe
part inlet and outlet.

3.1.2c. Pipe Bend Losses. There are three different options available for calcu-
lating the losses due to pipe bends in GT-SUITE. A fast simple model (simple),
a slower model with a new pipe friction method (improved friction) or a
model which uses the new pipe friction method in the bends as well (improved
friction bend). The total loss in a pipe bend is the sum of the frictional losses
and losses due to the bending of the pipe (see Eq. (3.11)),

Ktot =
∆P
1
2ρu

2
= Kp +Kf . (3.11)

With Kp being the losses due to the pipe bend, Kf are the losses due to friction,
∆P the total pressure drop over entire bend, ρ the density at inlet and u the
velocity at the bend inlet.

The friction loss coefficient can be calculated using Eq. (3.12),

Kf = 4Cf
L

D
= 4Cfθ

π

180

R

D
. (3.12)

With L being the length of the pipe part, D the pipe diameter, θ the pipe bend
angle in degrees and R the radius of the bend through the center-line.

When using the simple method the losses due to the bend Kp are approxi-
mated by using a curve-fit to the diagram in Miller (1990) which is based on a
smooth pipe at a Re of 106. The loss coefficient is then only dependent on the
bend angle and curvature radius.

The loss coefficient from the Miller diagram is the total loss coefficient
(Ktot). In order to be able to use Eq. (3.12) for the friction loss the Kf for a
smooth pipe at Re of 106 must be deducted from the value according to Eq.
(3.13),

Kp = KM −Kf (Re106, smooth) = 0.25 ·β1+β/2 ·ϕ1.2−0.4ϕ+1.2(1−ϕ/2)3 . (3.13)

With β = min
(
D
R , 2.5

)
, ϕ = min

(
θ
90 , 1.999

)
and KM being the total loss

coefficient based on Re of 106 from the diagram in Miller (1990).
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For the improved friction and improved friction bend a similar ap-
proximation is made but with a look-up table instead of a curve-fit. Then
correction factors are applied according to Eq. (3.14),

Ktot = KM · Csr · CRe · Co. (3.14)

With Csr being the surface roughness correction factor, CRe the Reynolds
number correction factor and Co the outlet length correction factor. Csr is

calculated as the ratio between a rough pipe and a smooth pipe (
frough
fsmooth

). In

GT-SUITE Co is always equal to 1, meaning that the flow is assumed to always
redevelop before the next component. The CRe correction factor is depending
on the Reynolds number and the curvature ratio (R/D), see below. In the
regions between 1, 1.5 and 2 the software uses linear interpolation to determine
the correction factor.

CRe(R/D=1) = 25.082 ·Re−0.262 for 104 < Re < 2 · 105

CRe(R/D=1) = 1 for Re ≤ 2 · 105

CRe(R/D=1.5) = 13.558 ·Re−0.198 for 104 < Re < 5 · 105

CRe(R/D=1.5) = 1 for Re ≤ 5 · 105

CRe(R/D>2) = 10.13 ·Re−0.167 for Re > 104

3.1.3. Turbocharger in GT-SUITE

In GT-SUITE the turbocharger is modelled by performance maps provided
by the user that are specific to each turbocharger. The pressure ratio and
turbocharger speed is predicted by the software for each time step, after that
the mass flow and efficiency are looked up in the table (the maps) and imposed
on the components. The imposed temperature for the turbine is calculated using
Eqs. (3.15) - (3.18) by using the change in enthalpy and looked-up efficiency
(from the maps),

hout = hin − δhsνs, (3.15)

P = ṁ(hin − hout), (3.16)

δhs = cpTtotal,in

(
1− PR 1−γ

γ

)
, (3.17)

Ttotal,in = Tin +
u2
in

2cp
. (3.18)

With hout being the outlet enthalpy, hin the inlet enthalpy, δhs the isentropic
enthalpy change, νs the efficiency from look-up table, P the turbine work, ṁ
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the mass flow from look-up table, cp the specific heat into turbine, Ttotal,in the
total inlet temperature, PR the pressure ratio, γ the specific heat ratio into
turbine, Tin the inlet temperature, and uin the inlet velocity.

3.1.4. Summary

In short the GT-Power suite assumes that the flow is undisturbed as it enters
each computational part, and only accounts for losses in that specific region. As
such no history effects are present in the calculations which means that a series
of bends and pipes are treated as individual parts with their own empirical loss
coefficients. The method is very effective at simulating a complete engine with
intake, cooling, combustion, turbo charging, and after treatment, as long as the
model is tuned and calibrated against measurements.

3.2. 3D Flow Simulation Models and Approaches

The equations that govern fluid motion are the Navier-Stokes equations. By
writing them in compressible form they are adapted to handle all kinds of flows.
The governing equations for the conservation of mass, momentum and energy
are:

∂ρ

∂t
+

∂

∂xj
(ρuj) = 0, (3.19)

∂

∂t
(ρui) +

∂

∂xj
(ρuiuj) = − ∂p

∂xi
+
∂σij
∂xj

+ ρfi, (3.20)

∂

∂t
(ρE) +

∂

∂xj
(ρujE) = − ∂

∂xj
(puj) +

∂

∂xj
(σijui)−

∂qj
∂xj

+ ρfiui. (3.21)

With ρ being the density, t the time, x the coordinate axis, subscript i, j, k the
component index, u the velocity, p the pressure, σi,j the viscous stress tensor,
E = e+ 1

2uiui the total energy, e the internal energy, qj the heat flux, and fi
stands for external body forces.

The equations of state (3.22) - (3.23) close the non-linear system of equations
(3.19) - (3.21):

p = ρRT, (3.22)

e = cvT. (3.23)

With R being the gas constant, T the temperature, and cv the ratio of specific
heat at constant volume.

The viscous stress tensor describes the linear stress - strain relationship
and is used to model viscosity according to Eq. (3.24):
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σij = 2µ(Sij −
1

3
Skkδij). (3.24)

With Sij being the rate of strain tensor and µ the dynamic viscosity,

Sij =
1

2

(
∂ui
∂xj

+
∂uj
∂xi

)
. (3.25)

The heat flux is assumed to follow Fourier’s law according to Eq. (3.26),

qj = −κ ∂T
∂xj

. (3.26)

With κ = κ(T ) being the heat conductivity.

3.2.1. Reynolds Averaged Navier-Stokes

By using the Reynolds decomposition (Reynolds 1895) on the Navier-Stokes
equations one can obtain the Reynolds Averaged Navier-Stokes equations. The
decomposition divides the quantities into a mean (u) and fluctuating (u′)
part (see Eq. (3.27)), this works as long as the problem can be considered
incompressible. If the fluid no longer can be assumed to be incompressible Favre
averaging needs to be performed on the equations according to Eqs. (3.28) -
(3.30):

u(x, y, z, t) = u(x, y, z) + u′(x, y, z, t), (3.27)

û =
ρu

ρ
. (3.28)

With û being the Favre averaged velocity, ρu the mean mass-flow density, and
ρ the mean density,

u(x, y, z, t) = û(x, y, z) + u′′(x, y, z, t), (3.29)

ρu′′ = 0. (3.30)

With the u′′ being the Favre decomposed fluctuating part and ρu′′ the mean
Favre decomposed mass-flow density.

By using Eq. (3.29) on the Navier-Stokes equations they are simplified into
the RANS equations. For the steady-state assumption the time dependence

of Eq. (3.29) is removed. The φ denotes a mean value and the φ̂ the Favre
decomposed value, with φ being any scalar. The compressible RANS equations
are defined according to:
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∂

∂xj
(ρûj) = 0, (3.31)

∂

∂xj
(ρûiûj) = − ∂p

∂xi
+
∂σij
∂xj

+
∂τij
∂xj

, (3.32)

∂

∂xj
(ρûjĤ) =

∂

∂xj
(σij ûi + σiju′′i )

− ∂

∂xj
(qj + cpρu′′j T

′′ + ρûiτij +
1

2
ρu′′i u

′′
i u
′′
j ),

(3.33)

Ĥ = Ê +
p

ρ
. (3.34)

With τij = −ρu′′i u′′j being the Reynolds stress term. The viscous stress tensor

(σij) and the heat flux (qj) are defined differently for the Favre averaged
equations than for the normal RANS equations,

σij ≈ 2µ̂

(
Ŝij −

1

3

∂ûk
∂xk

δij

)
, (3.35)

qj = −kT∂T/∂xj ≈ −
cpµ̂

P r

∂T̂

∂xj
. (3.36)

With Pr being the Prandtl number.

3.2.1a. Unsteady RANS. The steady RANS simulations gives an ensemble
averaged solution to the problem, for time dependent flows this may not be
desirable. Unsteady RANS enables studying of cases with time-varying boundary
conditions and mesh motion that steady RANS is unable to do. The time
dependence according to Eq. (3.29) remains and the Navier-Stokes equations
are simplified into the following form:

∂ρ

∂t
+

∂

∂xj
(ρûj) = 0, (3.37)

∂

∂t
(ρûi) +

∂

∂xj
(ρûiûj) = − ∂p

∂xi
+
∂σij
∂xj

+
∂τij
∂xj

, (3.38)

∂

∂t
(ρÊ) +

∂

∂xj
(ρûjĤ) =

∂

∂xj
(σij ûi + σiju′′i )

− ∂

∂xj
(qj + cpρu′′j T

′′ + ρûiτij +
1

2
ρu′′i u

′′
i u
′′
j ),

(3.39)

Ĥ = Ê +
p

ρ
. (3.40)
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In the unsteady RANS equations the velocity can be decomposed into

a time averaged part (〈Û〉), a resolved fluctuating part (u′) and a modelled
fluctuating part (u′′):

U = Û + u′′ = 〈Û〉+ u′ + u′′. (3.41)

3.2.1b. Two-Equation Models. The two-equation turbulence models consider
two additional differential transport equations. Often one equation is a transport
equation for the turbulent kinetic energy k. For the second differential equation,
historically different transported quantities have been used. The most used
two-equation turbulence models are k-ω and the k-ε. By using these models
the Reynolds Stress Term is modelled as follows:

−ρu′′i u′′j = µt

(
∂Ui
∂xj

+
∂Uj
∂xi

)
− 2

3
ρkδij . (3.42)

Which is based on the Boussinesq eddy viscosity assumption. For the k-ε
model the k is the turbulent kinetic energy and the ε is the turbulent dissipation,
the ”Standard” K-epsilon model (Launder & Sharma 1974) transport equations
are as follows:

∂

∂t
(ρk)+

∂

∂xi
(ρkuj) =

∂

∂xj

[(
µ+

µt
σk

)
∂k

∂xj

]
+Pk+Pb−ρε−YM +Sk, (3.43)

∂

∂t
(ρε) +

∂

∂xi
(ρεuj) =

∂

∂xj

[(
µ+

µt
σε

)
∂ε

∂xj

]
+C1ε(Pk +C3εPb)−C2ερ

ε2

k
+Sε.

(3.44)

With Eq. (3.43) being the k transport and Eq. (3.44) the ε transport. The
turbulent viscosity is modelled according to Eq. (3.45)

µt = ρCµ
k2

ε
. (3.45)

With C1ε, C2ε, C3ε, and Cµ all being model constants.

For the k-ω-SST model (Menter 1994) the Turbulent Kinetic Energy (TKE)
k is modelled according to Eq. (3.46) and the specific dissipation rate (ω) is
modelled according to Eq. (3.47)

∂k

∂t
+ Uj

∂k

∂xj
= Pk − β∗kω +

∂

∂xj

[
(ν + σk1νT )

∂k

∂xj

]
, (3.46)

∂ω

∂t
+Uj

∂ω

∂xj
= αS2 − βω2 +

∂

∂xj

[
(ν + σω1νT )

∂ω

∂xj

]
+ 2(1−F1)σω2

1

ω

∂k

∂xi

∂ω

∂xi
.

(3.47)
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With νT being the kinematic eddy viscosity according to Eq. (3.48),

νT =
a1k

max(a1ω, SF2)
. (3.48)

Additional parameters are defined as follows:

Pk = min

(
τij
∂Ui
∂xj

, 10β∗kω

)
, (3.49)

F1 = tanh

{{
min

[
max

( √
k

β∗ωy
,

500ν

y2ω

)
,

4σω2k

CDkωy2

]}4
}
, (3.50)

F2 = tanh

[[
max

(
2
√
k

β∗ωy
,

500ν

y2ω

)]2
]
, (3.51)

CDkω = max

(
2ρσω2

1

ω

∂k

∂xi

∂ω

∂xi
, 10−10

)
. (3.52)

With β∗, σk1, σk2, α, β, σω1, and σω2 all being constants. The list of equations
is completed by the energy equation and the equation of state, given earlier.

3.2.2. Large Eddy Simulation

One of the fundamental differences between Reynolds Averaged Navier-Stokes
and Large Eddy Simulations is that RANS is a model and LES is an approxi-
mation. In LES the Navier-Stokes equations are filtered with a low-pass filter,
removing all the small scales in the flow while the large energy containing scales
are resolved and computed. The theory behind this is that the small scale
turbulence is assumed to be isotropic2 and as such the effects of it can easily be
modelled.

This means that using LES is a more general approach and the turbulence
model does not have to be adapted to each individual case.

In order to use the LES method the Navier-Stokes equations are spatially
filtered to achieve the scale separation. The compressible mass and momentum
conservation equations are then as follows:

∂ρ

∂t
+

∂

∂xj
(ρuj) = 0, (3.53)

∂

∂t
(ρui) +

∂

∂xj
(ρuiuj) = − ∂p

∂xi
+ µ

∂2ui
∂xj∂xj

+
∂σij
∂xj

. (3.54)

With ui, ρ and p being the filtered variables, σi,j is called the sub-grid scale
stress tensor.

2Isotropic in this case means that the turbulence is equal in all directions.
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3.2.2a. Sub-Grid Scale Models. For the explicit SGS models there are constants
that need to be tuned in order for the model to work optimally during the
specific case. Three different SGS models are used in the present study; the
normal Smagorinsky model (Smagorinsky 1963), the Dynamic Smagorinsky
model (Germano et al. 1991), and the Wall-Adapted Local Eddy viscosity
(WALE) mode (Nicoud & Ducros 1999). The Smagorinsky model is the most
general model, not specifically adapted to any special flow case or flow problem.
The eddy viscosity for the Smagorinsky model is defined according to Eq. (3.55),

µSGS = ρ(CS∆)2 | S | . (3.55)

The filter width ∆ is usually assumed to be the 3
√

Volume. S is defined according
to Eq. (3.56),

S =
√

2SijSij . (3.56)

The Smagorinsky constant (CS) has a default value of the order of 0.1.

The Dynamic Smagorinsky model was proposed by Germano et al. (1991)
in order to overcome some of the limitations of the Smagorinsky model, by
allowing the CS to vary in space and time. The CS variable is calculated in each
time step based on two filters, one grid filter and one test filter with the test
filter having the larger filter width. Filtering with the grid filter (superscript r)
results in the normal LES equations, with τij given by:

τij = (uiuj)
r − uriurj . (3.57)

Filtering again with the test filter (superscript t) results in a similar set of
equations, but with a different subgrid-scale stress term, given by:

Tij = (uiuj)
rt − urti urtj . (3.58)

The superscript rt indicates grid filtering followed by test filtering. The two
subgrid-scale stress terms are related by the Germano identity:

Lij = Tij − τ tij , (3.59)

with

Lij = (uriu
r
j)
t − urti urtj . (3.60)

being the resolved turbulent stress. The Germano identity is used to calculate
dynamic local values for CS by applying the Smagorinsky model to both Tij
and τij . The anisotropic part of Lij is represented according to Eq. (3.61)

Lij − δijLkk/3 = −2CSMij , (3.61)
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with,

Mij = (∆t)2|Srt|Srtij − (∆r)2
(
|Sr|Srij

)t
. (3.62)

The model variable CS may now be computed as:

C2
S = −1

2

LklSrkl
MmnSrmn

. (3.63)

In practice the Dynamic Smagorinsky model requires stabilization. This is
commonly performed by averaging CS in a homogeneous direction. If this is
not possible the averaging is performed locally instead.

In the Star-CCM+ software the alternate procedure proposed by Lilly
(1992), replacing Eq. (3.63) with Eq. (3.64) is used,

C2
S = −1

2

LijMij

MijMij
. (3.64)

The WALE model was propsed in order to more accurately predict wall
bounded flows. In the WALE model the eddy viscosity is modelled according
to:

µt = ρ∆2
s

(SdijS
d
ij)

3/2

(SijSij)5/2 + (SdijS
d
ij)

5/4
, (3.65)

∆s = CwV
1/3, (3.66)

Sdij =
1

2

(
g2
ij + g2

ji

)
− 1

3
δijg

2
kk, (3.67)

gij =
∂ui
∂xj

. (3.68)

With S̄ij being the rate-of-strain tensor for the resolved scales defined by Eq.
(3.69),

S̄ij =
1

2

(
∂ūi
∂xj

+
∂ūj
∂xi

)
. (3.69)

With the WALE constant being Cw = 0.544.

3.2.2b. Implicit LES. Implicit LES has been used for over 20 years now and
the method is continuing to improve (Grinstein et al. 2007). The method gains
its support by being predictive and adaptable while at the same time being
efficient and easier to implement than normal LES. The basis for the method is
that since the small scales3 are universal, (assumed to be statistically) isotropic,

3The scales that are unresolved in LES.
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and independent of the boundaries, the effect of them can easily be modelled.
According to Kolmogorov’s theory the small (dissipative) and large (energy
containing) scales are separated by what is called the inertial sub-range (see
Fig. 3.1), the flow in the inertial sub-range is independent of viscosity. For this
reason we are only interested in the amount of dissipation, since the dissipation
form has no effect on the large scales and their flow structures. As long as the
spatial resolution is fine enough4 the need for a sub-grid scale model is removed.

Energy-containing range Inertial sub range Dissipation range

−5
3

log(f)

lo
g(
E
(f
))

Figure 3.1: The energy cascade. The turbulent fluctuation energy is plotted
against frequency.

In Fig. 3.1 three different areas are shown. The turbulent large scale
structures are generated in the energy containing range, transferred to smaller
scales through the inertial sub range and finally dissipated into heat in the
dissipation range. In RANS simulations the entire frequency range is modelled
using turbulence models. In the LES approach the energy containing range and
parts of the inertial range are resolved and the remaining parts are modelled.
For DNS the entire range is resolved and nothing is modelled.

3.3. Theoretical Aspects of Mode Decomposition Techniques

The Proper Orthogonal Decomposition (POD) (Lumley 1967; Chatterjee 2000)
and the Dynamic Mode Decomposition (DMD) (Schmid 2010; Rowley et al.
2009) are two post-processing methods that use the full field velocity data to
calculate eigenvalues that are associated with different flow structures (Sakowitz

4Parts of the inertial sub-range is resolved in the ILES.
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et al. 2014; Sundström et al. 2014). The POD method extracts structures
according to energy content in the spatial regime and the DMD method extracts
structures based on specific frequencies. The methods are suited for cases when
specific frequencies are dominating and/or large flow structures are present,
e.g. pulsations, abrupt area changes, and separations. When the flow does not
contain specific frequencies the DMD method becomes unsuited since it will
not give any more information about the flow.

Care must be taken when analysing these structures since the modes that
are extracted do not really exist in reality but only in the mathematical world.
Only the combination of modes can be found in the flow and not single modes
(apart from the zero’th mode).

3.3.1. Proper Orthogonal Decomposition

The strength of POD is that it can be used to extract a low order approximation
of the flow using only a few but high energy modes. One can also get the modes
variation in time which means that one can reconstruct the flow in time using as
many modes as required. The POD method was originally proposed by Lumley
(1967).

Consider Eq. (3.70) with u(x, t) being the time dependent flow field, where
aj(t) denotes the temporal part and φj(x) the spatial part,

u(x, t) ≈
J∑
j=1

aj(t)φj(x). (3.70)

For computational purposes the data is gathered in the matrix V:

V =

 u(x1, t1) · · · u(x1, tM )
...

. . .
...

u(xN , t1) · · · u(xN , tM )

 . (3.71)

The corresponding modes are then found by solving the eigenvalue problem
in Eq. (3.72),

VVTφj = λjφj . (3.72)

By computing the autocorrelation matrix VVT one get the kinetic energy
of the modes. This is very impractical for large grids where the matrix becomes
huge (N ×N). Instead here the so-called snapshot method is used to compute
the singular value decomposition (SVD) of the snapshot matrix (Eq. (3.73)),

V = UΣWT . (3.73)

With U and W being orthonormal matrices and the singular values of V forms
the diagonal of matrix Σ, making it a diagonal matrix. By using the orthonormal
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relation AT = A−1 and the matrix inversion rule (AB)−1 = B−1A−1 the

autocorrelation matrix VVT of Eq. (3.73) is reduced to Eq. (3.74),

VVTU = UΣ2. (3.74)

Comparing Eq. (3.72) and Eq. (3.74) gives that the POD modes (eigen-

vectors of VVT ) are found in the columns of U and the eigenvalues are the
diagonal elements of Σ2. This problem is still of size N ×N but by using the
VTV autocorrelation instead the problem is reduced to M ×M , see Eq. (3.75),

VTVW = WΣ2. (3.75)

Both autocorrelation matrices share eigenvalues and the POD modes and
their time coefficients can then be calculated using Eq. (3.76) and Eq. (3.77),

U = [φ0 · · ·φM−1] = VWΣ−1, (3.76)

 a0(t0) · · · a0(tM−1)
...

. . .
...

aM−1(t0) · · · aM−1(tM−1)

 = ΣWT . (3.77)

3.3.2. Dynamic Mode Decomposition

Consider M snapshots taken with a constant time step ∆t. These can be
arranged into a matrix in the same way as the POD data, see Eq. (3.71). Now
we assume that there exists a linear mapping that is constant over all snapshots
according to Eq. (3.78),

ui+1 = Aui. (3.78)

Matrix A is here of size N ×N , which is very large and impractical to solve.
We then assume that each snapshot can be written as a linear combination of
all earlier time steps,

ui+1 = c1u1 + · · ·+ ciui. (3.79)

We can now use the snapshot matrix as in Eq. (3.71) and define the
companion matrix S according to Eqn. (3.80),

S =


0 0 · · · 0 c1
1 0 · · · 0 c2
0 1 · · · 0 c3
...

...
. . .

...
...

0 0 · · · 1 ci

 . (3.80)
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With the snapshot matrix V and the companion matrix S we can now
write:

Vi+1
2 = AVi

1 = Vi
1S. (3.81)

This is normally not the exact solution so a residual r is defined such as:

Vi+1
2 = AVi

1 = Vi
1S− reT . (3.82)

With e being (0,0,...,1) the companion matrix S is then the matrix that
minimizes r. Once again we use the SVD method to reduce the problem from
size N ×N to a smaller size M ×M ,

Vi
1 = UΣWT . (3.83)

Defining the similarity transform of S as S̃ = UTAU. Using S̃ together
with Eq. (3.81) and Eq. (3.83) we get:

S̃ = UTXi+1
2 VΣ−1. (3.84)

The matrix S was a sparse matrix, making it sensitive to noise, while
the similarity matrix S̃ is a full matrix and as such more robust. The DMD
eigenvalues (λi) are calculated from the S̃ matrix and the dynamic modes are
obtained from:

Φ = UΞ = Vi
1VΣ−1Ξ. (3.85)

With Ξ containing the eigenvectors of S̃. The frequencies and growth rate
of each mode is obtained from Eq. (3.86) and Eq. (3.87), respectively,

ωi = arctan

(
Im(λi)

Re(λi)

)/
∆t, (3.86)

βj = ln(mag(λj))/∆t. (3.87)

The equations governing the flow in 1D and time as well as the fully
compressible 3D and time equations have been presented along with two post-
processing decomposition techniques. To be able to use these models they need
to be discretized and implemented into a computational fluid dynamics software.
In the next chapter the numerics for the used approaches will be described
together with the needed boundary condition formulations.
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Numerics

In this chapter the numerics will be presented for the different flow solvers used
in this thesis.

4.1. Flow Solver Characteristics

The computational fluid dynamics (CFD) solver used in this project was the
Star-CCM+ software developed by CD-adapco. The Star-CCM+ software
is a complete platform for handling geometry creation/manipulation, mesh
generation (different meshing techniques are available), and powerful post-
processing tools. The software is able to handle movement such as translation,
rotation and combinations of them during simulations. It also handles both
incompressible flow (segregated SIMPLE based solver) and fully compressible
flow (coupled density based solver). The discretization schemes used to discretize
the flow governing equations (outlined in Chap. 3) on the computational grid
of interest, as well as the initial and the boundary conditions employed are
summarized within the following sections.

Two different solvers are available in the Star-CCM+ software. The semi-
incompressible segregated solver and the fully compressible coupled solver.
The segregated solver is based on the Semi-Implicit Pressure Linked Equation
(SIMPLE) algorithm (described in e.g. Ferziger & Perić 2002) and a Rhie-and-
Chow type pressure-velocity coupling (Rhie & Chow 1983). The coupled solver
is a fully compressible density based solver that is using algebraic multigrid
methods for iterating the solution. Both the Jacobi and Gauss-Seidel iteration
methods are available to the user.

4.1.1. Discretization

For simulating time an implicit unsteady model has been used in all cases. The
transient term is discretized using a second order scheme (Eq. (4.1)) for all
simulations performed by the author,

d

dt
(ρχφV )0 =

3(ρ0φ0)n+1 − 4(ρ0φ0)n + (ρ0φ0)n−1

2∆t
V0. (4.1)

With χ being the porosity which the software uses in transient simulations to
reflect that the fluid may occupy only part of the volume. The time stepping is

32
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performed implicitly for all calculations. This means that a dual time stepping
scheme is used with a number of inner pseudo time steps for each physical time
step. The physical time step is governed by Eq. (4.2) and the pseudo time steps
are calculated according to Eq. (4.4),

∂

∂t

∫
V

WdV + Γ
∂

∂τ

∫
V

QdV +

∮
F−G · da =

∫
V

HdV . (4.2)

With t being the physical time step specified by the user and τ the pseudo time
step. The inner iterations are converging with the following iterative process
(Eq. (4.3)),

Q(0) = Qt[
Γ + 3

2
∆τ
∆t

∂W
∂Q

]
∆Q = −αi∆τ

{
R(i−1) + 1

2∆t (3W(i−1) − 4W(n) + W(n−1))
}

Qτ+∆τ = Q(m)

.

(4.3)

With i being the inner iteration counter, n the given physical time level, and

∆Q ≡ Q(i)−Q(0). The variables raised to a power containing n are held constant
during the iterations and the Wi−1 is computed from the Qi−1. During each
inner iteration the linear system is solved in order to compute ∆Q. Solving

W(Qτ+∆τ ) gives the solution at the next time level W(i+1),

∆τ = min

(
CFL V (x)

λmax(x)
,
σ∆x2(x)

ν(x)

)
. (4.4)

With the Courant-Friedrichs-Lewy (CFL, Courant et al. 1928) number being
specified by the user, ∆x is the characteristic cell length, σ the von Neumann
stability number (σ ≈ 1). The cell volume is represented by the V and ν is the
kinematic viscosity. λmax is the systems maximum eigenvalue according to Eq.
(4.5),

λmax = |u · a|+ c|a|. (4.5)

The convection term is discretized according to Eq. (4.6),

[φρ(v · a−G)]f = (ṁφ)f = ṁfφf . (4.6)

With ṁf being the mass flow and φf the scalar at the cell face. G is the grid
flux when the cells are moving (see Eq. (4.7)), a is the face area and v is the
velocity,

Gf = (a · vg)f . (4.7)
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To compute φf a bounded central-differencing scheme (Leonard 1991; Dar-
wish & Moukalled 1994) has been used, the values are calculated using Eq.
(4.8),

(ṁφ)f =

{
ṁφfou, for ζ < 0 or1 < ζ

ṁ(σφcd + (1− σ)φsou), for 0 ≤ ζ ≤ 1
. (4.8)

With φfou being the first-order upwind scalar and φsou the second-order upwind
scalar, the φcd is the central-differencing scalar. ζ is the NVD value (Normalized-
Variable Diagram) based on local values.

4.1.2. Boundary Conditions

For all the simulations performed by the author of this thesis the following
boundary conditions have been used. For the inlet boundary either a mass
flow or a velocity inlet condition has been used. For the mass flow condition
several parameters have to be specified. These are the mass flow, the total
temperature, the turbulence specification, and the supersonic static pressure.
When the inflow is subsonic the pressure is extrapolated form the adjacent cells,
for supersonic flow the user specified pressure is used. To calculate the static
temperature at the inlet the specified total temperature is used together with
the isentropic definition of the total temperature. The inlet velocity is obtained
using Eq. (4.9),

vf =
ṁspecifiedθ

ρ(θ · a)
. (4.9)

With ṁspecified being the specified mass flow and θ being the flow angle (if
specified).

For the velocity inlet the velocity vectors are either specified directly or by
using magnitude and flow direction. The pressure is obtained by extrapolating
from the adjacent cells and the static temperature is specified on the inlet
boundary.

For the outlet boundary a pressure boundary condition has been used in
all simulations. The parameters needed to be specified on the outlet are the
static temperature, static pressure, and weather to use a target mass flow or
not. If a target mass flow is used the simulation is modifying the pressure at
the boundary so that the specified mass flow is achieved. The outlet velocity is
extrapolated from the adjacent cells. For subsonic flow the specified pressure is
used and if the flow is supersonic the pressure at the outlet is extrapolated from
the adjacent cells. During back flow the outlet pressure is calculated according
to Eq. (4.10),

pf = pspecified −
1

2
pf |vn|2. (4.10)
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For the wall boundary condition the velocity and temperature specifications
needs to be set. The velocity can either be set to no-slip, where the velocity is set
to 0 or to a specified value (for when the wall is moving). The parameter can also
be set to slip walls which means that the tangential velocity is extrapolated from
the adjacent cells parallel component. If the flow is inviscid the temperature is
extrapolated from the adjacent cells. For viscous flows the temperature can be
set in two ways, either by specifying a heat flux or a fixed temperature.

The mesh motion used in this thesis have only been the rotational one,
where two different methods have been used. For steady state simulations the
Rotating Reference Frame (RRF) mesh motion is used where body forces (fr)
are added to the region that is supposed to rotate, Eq. (4.11),

fr = ρω × v. (4.11)

Where ρ is the density, ω is the rotational velocity, and v is the fluid velocity.
The grid flux between the regions are then according to Eq. (4.12),

Gf = vg · af . (4.12)

With vg being the grid velocity and af is the cell face area.

For transient simulations you have the option to use either the RRF tech-
nique or the sliding mesh technique. With the sliding mesh technique the region
is made to rotate around a specified rotational axis and the grid flux then
becomes:

Gf =
δV nj
∆t

, (4.13)

Gf =
3δV nj − δV n−1

j

2∆t
. (4.14)

Eq. (4.13) is the first-order grid flux and Eq. (4.14) is the second-order grid
flux. With δV nj being the volume swept by each cell face during one time step.

The methodologies presented in this chapter were further verified by apply-
ing them to different flow cases (see also Semlitsch et al. 2014; Sundström et al.
2014). The methods were applied to the cases in order to investigate the flow
dynamics as well as their predictive capabilities. The cases investigated had
high turbulence levels and a strong geometrical dependence, making them well
adapted for LES.

In the following chapter the geometries and flow cases are presented.



CHAPTER 5

Geometries and Cases

In this chapter the simulation geometries and case setups are presented together
with the associated boundary conditions. This thesis is focused towards the
Internal Combustion Engine (ICE) and the turbine part of the turbocharger.
The upstream geometry linking the engine’s cylinders with the inlet of the radial
turbine is important for the performance of the turbine. The exhaust manifold
consists of several pipes and pipe bends. This makes accurate simulations of
pipe bends important for the accurate simulation of turbocharger turbines.

5.1. Bended Pipe Configuration

In Fig. 5.1 and Fig. 5.2 the pipe bend geometry is shown. The inlet section
before the pipe bend is 20D (Diameters) long.

Outlet

Inlet

Figure 5.1: Simulation geometry, inlet in red and outlet in brown.

The important parameters during bended pipe flow simulations are the
Dean number De, and the radius of curvature Rc. The Dean number is defined
in Eq. (5.1) and Rc is shown in Fig. 5.2,

De =
ρWbulkD

µ

√
R

Rc
. (5.1)

36



5.1. BENDED PIPE CONFIGURATION 37

Rc

Measurement planes

D = 2R

5D

A

B

C

0.66D

Figure 5.2: The pipe bend geometry and quantities. Measurement planes A, B
and C are shown in grey.

With ρ being the density, R the pipe radius, Rc the curvature radius (see Fig.
5.2), and Wbulk the area average velocity in the pipe cross-section.

For the simulations performed a velocity inlet was used with the velocity
calculated from a specified Reynolds number of 24 000 according to Eq. (5.2),

Re =
vD

ν
. (5.2)

With v being the mean velocity, D is the pipe diameter, and ν is the
kinematic viscosity. A pressure outlet boundary condition was imposed on the
outlet region with ambient pressure and the walls were treated adiabatically
with no-slip. Extensive experimental work has been carried out in the Mechanics
lab at KTH, see e.g. Kalpakli et al. (2013, 2011); Sattarzadeh (2011). The case

investigated in this thesis is one of the cases from Kalpakli & Örlü (2013).

The solver used for the pipe bend simulations is the segregated SIMPLE
based solver. The incompressible solver was chosen since the Mach number is
less than 0.03. The simulation cases that have been run can be seen in Tab. 5.1.
The finest grid has been run with both LES and two different RANS models
(k-ε and k-ω).

All the grids were generated with hexahedral cells using prism layers at
the walls, making a smoother transition from wall to core mesh. The walls
were treated with a hybrid wall treatment. This means that when the wall
resolution is fine enough (y+ < 30) no wall modelling is used and when y+ >
30 a logarithmic profile is imposed.

The mesh is refined from the beginning of the bend until 2D downstream
of the pipe outlet, see Fig. 5.3 and Fig. 5.4. After this refinement the grid
is made coarser again in two steps, middle step is approximately 0.5D in the
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Table 5.1: The five different grids and the simulation methods that have been
used for them.

Grid # of cells Simulation method
1 2 000 000 LES
2 3 600 000 LES
3 4 000 000 LES
4 7 500 000 LES
5 12 000 000 LES, RANS

streamwise direction and 1D in radial direction. The final coarsening step is
maintained until the end of the geometry.

Figure 5.3: The grid upstream of the bend. The background shows a snapshot
of the velocity magnitude.

The box surrounding the pipe is 10D in height and width, and 15D in
length. The pipe outlet is placed 10D upstream of the outlet boundary.

The simulations were run for several seconds of physical time, this gives
the statistics plenty of time to converge (more than 100k samples were used for
mean field variables). The time step used for these simulations was set to 50
µs, which gives a sampling frequency of 20 kHz
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Figure 5.4: The grid downstream of the pipe outlet. The background shows a
snapshot of the velocity magnitude.

5.2. Radial Turbine Configurations

5.2.1. Geometry Simplification Effects

Two different geometries have been run for the turbine case, see Fig. 5.5
(complete geometry) and Fig. 5.6 (reduced geometry). The exhaust manifold
was removed in order to asses the importance of simulating the exhaust manifold
together with the turbine and volute.

The complete case was the geometry used for the grid refinement study.
Both the LES and the URANS turbulence models were used with the complete
case geometry. The reduced case was only simulated using a single grid for each
method, see Tab. 5.2 for all grids used.

Table 5.2: Cell count, grid number, main cell type, and method used for each
grid.

Grid number Cell count Cell type Geometry Method
1 1 500 000 Hexa Complete URANS
2 1 400 000 Polyhedra Complete URANS, LES
3 2 500 000 Polyhedra Complete URANS, LES
4 5 700 000 Polyhedra Complete URANS, LES
5 1 000 000 Polyhedra Reduced URANS
6 2 900 000 Polyhedra Reduced LES
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Outlet

Inlet

Figure 5.5: The first and last inlets to the exhaust manifold are closed and only
the two middle ones are used in accordance with the gas-stand tests

For all grids ≈ 1/3 of the cells were placed in the rotating wheel region.
Fewer cells were placed in the outer shell and other parts of the domain where
fluctuations are low. Where fluctuations and gradients are high more cells
were placed. No prism layers were used for these simulations. The flow is not
driven by the boundary layer but by the high momentum and curvature of the
geometry.

On the inlet region a mass flow boundary condition was imposed and on the
outlet region a pressure boundary condition was used. The walls were treated
with a no-slip condition and a constant temperature. For all cases a mixed wall
treatment model was used, this means that when the wall resolution is fine
enough (y+ < 30) no wall modelling is used and when y+ > 30 a log-law profile
is used. The wheel rotates with ≈ 152500 RPM. All the boundary conditions
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Outlet

Inlet

Figure 5.6: The outer volume and exhaust manifold have been removed. The
volute and wheel regions are the same as in Fig. 5.5, just a different scaling
here.

were received from the gas-stand experimental measurements performed at
SAAB in Trollhättan.

All simulations were performed with the fully compressible coupled solver.
The compressible solver is more suited for flows with motions, such as the wheel
rotation. The flow in the turbine is also of high velocities at high temperatures,
the Mach number can be above 1 in the turbine wheel region. The technique used
for moving the rotating interface was the sliding mesh technique as explained
in Chap. 4.1.2, this was used for both LES and URANS cases.

5.2.2. Pulsating Inflow into the Turbine

For the pulsating turbine cases the geometry used can be seen in Fig. 5.7. The
grid is using the same cell sizes as the finest grid for the inlet geometry effects
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study, with the outer volume removed in order to speed up the convergence
process.

Inlet 1

Inlet 2

Inlet 3

Inlet 4

Outlet

Figure 5.7: Simulation geometry, inlets in grey and outlet in brown.

Two different inlet pulse shapes were used together with three different
engine speeds. The normal pulse shape was extracted from GT-Power data and
then a shortened version with the same amount of injected mass was made (see
Fig. 5.8)
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Figure 5.8: The two pulse profiles used with the pulsating cases.
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A complete list of cases with the pulsating inlets can be seen in Tab. 5.3.

Table 5.3: The six different cases that have been run for this study. ”A” refers
to the profile and ”C” to the engine speed.

Case RPM Profile
A1C1 1250 Normal
A1C2 1500 Normal
A1C3 1750 Normal
A2C1 1250 DEP
A2C2 1500 DEP
A2C3 1750 DEP

Numerical simulations of the flow inside turbochargers are usually performed
using steady inflow and outflow conditions, in this study a more physical
approach was chosen. By using pulsating inlet conditions a more engine like
condition is created, where one can study which effects different pulse shapes
have on the turbine performance. The GT-Power software was used to generate
the normal pulse shape, the shortened profile was then made by closing the
exhaust valve 70 CAD earlier. In order to keep the same injected mass/pulse
the same the shortened profile was increased in magnitude.

The differences between the pulses are very small (< 1% for integrated
variables) thus for performance parameters that are integrated the required
number of samples to get reliable data is small. A minimum of 5-10 cycles are
used for averaging the integrated variables. For phase averaged velocity field
data this small number of samples is not enough to converge statistics but gives
a more general idea of the flow pattern.

In the next chapter some of the most significant results are shown for the
geometries presented here.



CHAPTER 6

Selected Results

In this chapter the most significant results are summarized and presented. Thus,
here are presented: some general flow features associated with the bended pipe
case, turbine flow features as function of inlet boundary conditions or turbine’s
geometry simplification, and the influences of pulsatile flow conditions (simu-
lating different valve strategies) when considering the entire exhaust manifold
feeding flow to the turbine.

6.1. 90◦ Pipe Bend Simulations

The flow after a 90◦ pipe bend flowing out into an open space has been inves-
tigated numerically using RANS and LES. The flow is of moderate Reynolds
number (24 000), it is turbulent and the outlet flow field is highly geometry
dependent because of the pipe bend. The grid study performed showed that
a grid of 12 million cells was needed to achieve grid convergence. In table 6.1
the grid study results are shown using grid number 1, 3 and 5. Corresponding
to 2 million, 4 million and 12 million cells respectively. The grid study was
performed in accordance with Celik et al. (2008).

Table 6.1: Bulk velocity and centreline velocity convergence for grids 1, 3 and 5.

φ = streamwise velocity φ = Outlet bulk
on pipe outlet centreline velocity

Grids 5, 3, 1 5, 3, 1
r21 1.46 1.46
r32 1.28 1.28
φ1 5.53 6.23
φ2 5.34 6.22
φ3 5.26 6.21
p 0.83 3.33
φ21
ext 6.03 6.23
e21
a 3.4% 0.08%
e21
ext 8.4% 0.03%

GCI21
fine 11.4% 0.04%

44
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With rij being the ratio between the average cell sizes belonging to the grid
i, j. φi being the value of the investigate scalar belonging to grid i. p being
the apparent order, φijext the extrapolated value using results from grid i, j. eija
being the apparent error, eijext the extrapolated error and GCIijfine the grid
convergence index.

In Fig. 6.1 an instantaneous image of the velocity magnitude can be seen
in the middle plane of the pipe.

Velocity Magnitude [m/s]
10

8

6

4

2

0

Figure 6.1: Velocity snapshot on a plane in the middle of the pipe, seen from
above.

In Fig. 6.2 we can see the larger scales pushing the fluid out towards the
outer part of the bend.

In figure 6.3 the experimental velocity profiles (Particle Image Velocimetry

by Kalpakli & Örlü (2013), Hot-Wire Anemometry by Sattarzadeh (2011)) at
the outlet of the pipe are plotted together with the data obtained on a fine
grid resolution using ILES, profile including also the error bars. The agreement
between the profiles is good both for the magnitude of the outer region and the
size of the bubble in the inner region. The geometry can be seen in Fig. 5.2.

With Weff being defined according to Eq. (6.1),

Weff =
√
U2 +W 2. (6.1)

With W being the streamwise velocity component, U the horizontal component.
In Fig. 6.4 only small differences between the ILES and the SGS cases are seen.
The difference between the two experimental methods are as large as between
the experiments and the simulations.
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Figure 6.2: Streamwise vorticity in the pipe bend, the large coherent structures
forming in the bend are visible in the inner part of the bend.

The variance for velocity magnitude, measured by Hot-Wire at the pipe
exit (profile extracted along the diameter of the pipe in the symmetry plane) is
compared in Fig. 6.5 with the data obtained using ILES and LES with different
SGS models.

When comparing the LES and RANS results for the fine grid the differences
are clearly seen and since the LES results compare well to the experimental
results the advantage of using LES is obvious. In Fig. 6.7 the mean velocity
field at the outlet is shown and the RANS models problems with secondary
flows are significant. When comparing the profiles in the same way as in Fig. 6.3
a quantitative comparison is achieved and the RANS models are not predicting
the same flow, see Fig. 6.8.

One can clearly see that using RANS models for simulating flows that are
even this simple can cause the errors to be very large. Especially by using the
k-ω model which had large problems predicting the secondary flows.
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Figure 6.3: Horizontal velocity profiles from the experiments at the pipe outlet
are here shown together with the fine grid profile with error bars.
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Figure 6.4: Horizontal velocity profiles at the outlet. Small differences can be
seen towards the inner part of the bend between the SGS models.

By using the LES approach the results and predictive capabilities of the
simulations can be increased significantly. It was shown that both the time-
averaged velocity magnitude data and its fluctuating component were well
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Figure 6.5: Variance of velocity magnitude at the outlet.
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Figure 6.6: Spectra of the stream wise velocity component at the centre of the
centreline at the pipe outlet. Spectra showing both hot-wire data (Sattarzadeh
2011) and simulation data on the finest grid.

captured by the present LES. Moreover, as shown in the PSD plot in Fig.
6.6, there is a good agreement between the experimental data and the present
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Figure 6.7: Mean flow field comparison between k-ε, k-ω and LES. The right
part of the figures is the inner part of the bend where the secondary flow motions
are dominating.
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Figure 6.8: Horizontal velocity profiles at the outlet, measurement plane A.
Large differences can be seen towards the inner part of the bend.

simulations also in terms of specific energy content and decay rate. The
monitoring point is located at the centre of the pipe outlet.

Having validated the software for handling simpler flows the method was
then applied to a much more complex flow, the radial turbine. We have shown
that the ILES model, with a proper mesh resolution, is equally good or better
than using an explicit SGS model.
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6.2. Radial Turbine Results

The flow through a radial turbine designed for a 4 cylinder passenger car
gasoline engine is simulated and analysed. The flow in the exhaust manifold
and turbine is high speed (up to 700 m/s), high temperature (up to 900 K),
complex, and fully turbulent. The specific boundary conditions used here are
from a common engine load point, 1500 RPM and 10 bar Brake Mean Effective
Pressure (BMEP). For this specific load point the URANS simulation results
compared to experimental data were much worse than for other load points.
The comparison was performed at Volvo Car Corporation (VCC) in Gothenburg.
Is there any specific phenomenon that makes this load point prediction much
worse than in other cases? Can the LES method find any additional data and
make a better prediction than URANS? The simulations were performed on two
different geometries one with the exhaust manifold attached and one without.
Comparisons have been made between gas-stand experiments performed by the
industry, URANS simulations performed by the industry and LES/URANS
simulations performed by the author.

The LES results proved to be significantly closer to the experimental values
than the URANS calculations as can be seen in Tab. 6.2. Cases 2 and 3
were run on the grid created by VCC (a hexahedral grid with a refinement
around the wheel area), case 2 was run by Volvo CC using the segregated
(semi-incompressible) solver. With first order discretization in both space and
time, adiabatic walls, and rotating reference frame for handling the wheel
rotation. Case 3 was run using the same grid as in case 2 but with the coupled
solver instead and using second order discretization in both space and time.
This showed to give very different results from all other calculations. This is
theorized to be caused by the mesh not being adapted to a compressible solver
with very sharp mesh gradients as well as low order discretization methods.

The shaft power is defined as the wheel torque multiplied by the wheel
rotational speed τ ×N , the pressure ratio is the static inlet pressure divided by
the total outlet pressure p2

p01
. The efficiency is calculated using Eq. (6.2),

η =
Ps

ṁ cp T01

(
1− p2

p01

γ−1
γ

) =
turbine shaft power

available isentropic power
. (6.2)

Due to the contraction in the volute the inflow condition has little effect
on the global variables such as pressure ratio, shaft power and efficiency. The
main differences between the cases is how the structures look and are generated
in the volute. Running the complete geometry is improving the results and the
dynamics of the flow can be studied for a more realistic case.

In Fig. 6.9 the instantaneous velocity field is shown just above the wastegate
channel in the volute. There is a clear difference between the two velocity fields
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Table 6.2: Specifications and calculated averaged quantities for the considered
set-ups. η is the efficiency, PR is the pressure ratio over the turbine and Ps is
the shaft power.

Case Grid Method η [%] PR [-] Ps [W]
1 - Experiment 55.6 2.64 14 360
2 1 URANS-VCC 68.8 2.83 18 535
3 1 URANS 85.1 3.24 25 900
4 2 URANS 65.7 2.78 17 720
5 3 URANS 64.7 2.76 17 350
6 4 URANS 64.0 2.72 16 950
7 2 LES 54.3 2.58 13 700
8 3 LES 54.7 2.61 13 950
9 4 LES 55.1 2.63 14 150
10 5 URANS 64.1 2.86 17 725
11 6 LES 54.9 2.62 14 050

in both magnitude, and secondary flow. The left field is from case 9 and the
right field is from case 11.

Case 9 Case 11 Axial Velocity
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Figure 6.9: The instantaneous velocity field in a cross section just above the
wastegate in the volute. Left is case 9, complete geometry and right is case
11, reduced geometry. The color shows axial velocity and the lines are the
instantaneous in-plane streamlines.

In Fig. 6.10 a cross section just above the wheel inlet in the volute is shown.
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Figure 6.10: The instantaneous velocity field in a cross section just above the
inlet to the wheel in the volute. Left is case 9, complete geometry and right is
case 11, reduced geometry. The color shows axial velocity and the lines are the
instantaneous in-plane streamlines.

The large differences that were seen in Fig. 6.9 have now been reduced
and the velocity is more even between the cases. The large differences that
were present in the secondary flow structures are now also removed and a more
coherent flow field is shared between the cases.

The influence of the exhaust manifold on the flow characteristics inside the
volute was found important if the dynamic features in the flow and eventual
developed instabilities may be of interest. For comparisons purposes in terms
of turbine performance parameters (e.g. pressure ratio, shaft power, efficiency)
the manifold effect can be removed from the analysis if the turbine works under
a stable operating condition. However, considering the turbine operating under
an unstable operating condition (towards the limits of the performance map)
may require an analysis which considers the exhaust manifold and realistic
upstream boundary conditions.
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6.3. Pulsating Inflow into the Turbine Results

For the pulsating case two different pulse shapes and three engine speeds were
simulated using ILES. The grid used was similar to grid 4 in Tab. 5.2, but with
the outer volume removed (see Fig. 6.11).

Inlet 1

Inlet 2

Inlet 3

Inlet 4

Outlet

Figure 6.11: Simulation geometry, inlets in grey and outlet in brown.

The two different pulses used are shown in Fig. 5.8. The load point for the
two different pulses and the three engine speeds is taken just at the end of the
turbo-lag, before the turbine has started working. GT-Power data shows that
the mass per pulse between all three engine speeds is very similar, so it was
assumed that they were the same (1500 RPM case used). The shortened profile
(70 CAD shorter) has the same amount of mass injected per pulse but a shorter
pulse time, making the instantaneous mass flow higher in the pulse peak. The
inlet temperature was assumed to be the same for all six cases.

For pulsating conditions the efficiency (according to Eq. (6.2)) is not
a suitable parameter to study. The efficiency assumes that the mass flow is
constant and that the pressure ratio is coupled to the mass flow. In the pulsating
case the mass flow is constantly changing and the pressure at the inlet and
at the outlet are not in phase. By looking at the kinetic energy (Eq. (6.3))
entering from each cylinder and the kinetic energy entering the wheel region
one can estimate the energy efficiency over a pulse,

E =
ρV v2

2
. (6.3)

With ρ being the density, V the volume, and v the velocity magnitude. The
kinetic energy lost in the wheel region for each cylinder is shown in Tab. 6.3. A1
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and A2 denotes which inlet pulse shape that has been used, A1 is the normal
profile and A2 is the shortened profile. C1-C3 indicates which engine speed is
being simulated, 1250 RPM, 1500 RPM, or 1750 RPM, respectively. One can
see that the outer cylinders generally has a lower energy loss than the inner
cylinders.

Table 6.3: The kinetic energy lost in the wheel region for each of the six cases
simulated, given for each cylinder.

Case Cylinder 1 Cylinder 2 Cylinder 3 Cylinder 4
A1C1 5.7 J 5.8 J 6.0 J 5.9 J
A1C2 7.5 J 7.7 J 7.9 J 7.5 J
A1C3 10.2 J 10.5 J 10.7 J 10.4 J
A2C1 5.4 J 5.5 J 5.8 J 5.5 J
A2C2 8.2 J 8.3 J 8.8 J 8.2 J
A2C3 10.6 J 10.8 J 11.2 J 10.7 J

By dividing the energy entering from the cylinder with the energy lost in
the wheel region (Ewheelin −Ewheelout) we can get the efficiency of the turbine.
This assumes that all the kinetic energy lost in the turbine wheel becomes useful
energy for the compressor, which is the same assumption made in the constant
mass flow case. In Tab. 6.4 the efficiency for each cylinder is shown.

Table 6.4: The kinetic energy efficiency for the different cases and cylinders.

Case Cylinder 1 Cylinder 2 Cylinder 3 Cylinder 4
A1C1 59% 55% 54% 57%
A1C2 65% 59% 58% 64%
A1C3 61% 56% 56% 60%
A2C1 71% 63% 62% 69%
A2C2 65% 60% 58% 64%
A2C3 65% 60% 60% 65%

Another parameter available is the turbine wheel torque, by integrating the
wheel torque for each cylinder we can study the effect from each cylinder. In
Tab. 6.5 the wheel torque for each cylinder is shown, we can see that the outer
cylinders (1 and 4) provide more torque to the wheel than the inner cylinders.

The shortened profile also provides more torque than the normal profile.
In Fig. 6.12 we can see that it is not only the peak that is higher but also the
minimum level is higher for the shortened profile. The shortened profile was
made in order to see how the geometry and the turbine wheel handled longer
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Table 6.5: The integrated torque for all six cases and cylinders. The unit for
integrated torque is Nms.

Case Cylinder 1 Cylinder 2 Cylinder 3 Cylinder 4
A1C1 915 890 890 925
A1C2 1335 1310 1280 1330
A1C3 1735 1695 1675 1725
A2C1 1045 1025 1015 1050
A2C2 1495 1465 1440 1480
A2C3 1900 1865 1825 1880

periods with no flow entering the geometry. This is similar to using a Divided
Exhaust Period (DEP) concept on the engine, where the strong blow down
pulse is used in the turbine and the lower energy containing scavenging pulse is
expelled in a different exhuast manifold. In order to not be forced to change
the geometry of the turbine and wheel the mass per pulse was kept constant
for all cases. This specific geometry works well with having no flow for a longer
period of time, this is assumed to be because of the volute being able to damp
the large fluctuations and even out the low momentum part of the flow.
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Figure 6.12: Wheel torque during case 2 for both inlet profiles. The first peak
corresponds to cylinder 1 and then the order is 3, 4, 2.

The pulsation profile is important for the power supplied by the turbine,
by designing your profile correctly you can theoretically improve the power
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being generated by the turbine. In this study it was also found that the outer
cylinders are consistently generating more power to the turbine, independent
on the engine speed and pulse shape. It is believed that this is a phenomenon
that is dependent on this specific geometry, by designing our geometry in a
different way the available exhaust energy may be increased. So by ”playing”
with the inlet pulse profile and the geometrical constraints one can theoretically
maximize the available exhaust energy for every engine speed. Although, since
the geometry and in most cases the pulse shape (there are systems available
that can change the valve lift on-the-fly) can not be modified while the engine
is running. So in reality some sort of compromise needs to be reached, where
the geometry is optimized for a specific engine speed range.

The next section, gives an overview of the entire work and summarizes
the main contributions of the author. Potential continuations of this thesis, or
topics of research not fully explored by the author due to the time constraints
are also proposed.



CHAPTER 7

Conclusions and Future Work

In the following a chapter summary of the conclusions, contributions and pro-
posed future work are given. The potential weaknesses of the assumptions made
here are included in the proposed future work section. One have to keep in mind
that this work is part of a larger project within the Competence Center for Gas
Exchange (CCGEx) named HOTSIDE. On the computational side, HOTSIDE
aims to use 1D and 3D flow modeling approaches in an integrated manner
for assessing the pulsatile exhaust flow and its interaction with turbocharger’s
turbine, for boosting exhaust energy extraction and increase ICE efficiency.

7.1. 90◦ Pipe Bend

Flow through and out of a 90◦ pipe bend at a moderate Reynolds number (24
000) has been investigated numerically and comparisons have been performed
with experimental data, obtained by particle image velocimetry (PIV) and
hot-wire (HW). For the numerical work an extensive grid refinement study was
performed in order to assess the influence of the numerical schemes and grid
resolution.

Two different numerical approaches for handling turbulence have been used,
viz.: Reynolds Averaged Navier-Stokes (RANS) and Large Eddy Simulations
(LES). For the RANS modelling two different two equation models have been
used, k-ω-SST and k-ε. The two equation models have known short comings in
predicting secondary flow motions in the pipe bend. The flows predicted by the
two RANS methods are significantly different from each other; as the secondary
flow bubble having both different shapes and strengths. Both RANS approaches
also differ from the flow field predicted by the LES with the secondary flow
having a different shape and strength.

The large eddy simulation results are compared to the HW and PIV experi-
ments. The agreement is good and the LES results can both describe the mean
field and the mean of the fluctuations. Capturing the frequency and magnitude
of the swirl switching phenomenon found to be in line with those observed in
the PIV experiments. Power spectral densities from HW experiments and LES
calculations are compared and the spectrum is well captured. Both qualitative
and quantitative comparisons between PIV and LES mean field cross sections
show good agreement.

57
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The vortex switching phenomenon has been captured and visualized and
the results compare well to findings from other published data (Kalpakli & Örlü
2013; Rütten et al. 2005). The two Dean like vortices are oscillating in strength
and either one of the vortices can be the dominating before a switching occurs.
The switching phenomena is not coherent in the sense that it occurs at a given
fixed frequency. On the contrary the spectrum shows a range of frequencies
with more or less similar amplitudes.

7.2. Radial Turbine

A radial turbine belonging to a turbocharger mounted on an internal combustion
engine for passenger cars have been simulated using unsteady Reynolds averaged
Navier-Stokes and large eddy simulations. The results of the two numerical
methods and the gas-stand experiments have been compared to each other.

The turbine was simulated using two different geometrical set-ups, one
with the exhaust manifold and one without. This was performed in order to
assess the importance of the exhaust manifold when simulating the turbine.
Being able to neglect the exhaust manifold and still predict the correct flow and
efficiencies through the turbine would be of great help for reducing simulation
time. Lowering the simulation time will in turn lower the costs for the performed
work.

Comparing the URANS and LES results to those from the experiments the
advantages of LES is clearly seen. The LES calculations are able to predict the
pressure difference, efficiency and shaft power of the turbine to within a few
per cent of the experimental values. The URANS results are more than 20%
higher or lower than the experiments and LES results.

7.3. Pulsating Inflow into the Turbine

The importance of taking the pulse shape into account have been shown and
the results vary depending on what the profile looks like. This is independent
of the current engine speeds simulated. The turbine torque is ≈ 10-15% higher
for the shortened pulse cases than for the normal cases with normal profiles.

It was also observed that the upstream geometry is important for the turbine
torque. The outer cylinders having a different flow path to the volute generates
more power for the turbine than the inner cylinders. The differences between
the cylinders are small (≈ 2-4%) but present.

7.4. Proposed Future Work

While the results from the pipe bend simulations show very good agreement
between numerical simulations and experiments further analysis is needed. The
cause of the swirl switching has yet to be found and its Reynolds number
effects still needs to be investigated. The study only focuses on one curvature
ratio, so the effect of the curvature ratio is another parameter that needs to be
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investigated. Altogether, one should analyse the flow further, with respect to
the effect of curvature on the amplitude and modes found downstream of bends
of pipes. Equally important is to determine the mechanism of amplification or
damping of disturbances that are fed from the upstream on the flow downstream.
The mesh is a hexahedral mesh which could be improved by making a grid
more adapted for a pipe. Making sure that the cells are positioned in the flow
direction would increase speed and accuracy of the simulations. URANS has not
been considered for this problem, using URANS the mean field may improve
since it may be able to take the vortex motion into account and the k-ω results
may be improved. This may not take the separation into account and as such
the low speed bubble region on the outlet plane may still be the wrong size and
at the wrong position.

The constant mass flow turbine simulations only consider a single load point,
the LES will most likely perform as well on other load points. The effects of
pipe bends i.e. the flow that the generate, has to be further assess both in order
to determine the turbine behavior as well as for assessing simpler models that
are commonly used for industrial design purposes. Although, the advantages
against URANS may not be as large as they are in the present study.

For the pulsating inflow into turbine simulations only low engine speeds
have been considered. These are usually engine speeds that are present in
every day urban driving but higher engine speeds, for which the acceleration
effects are more important, one may expect effects on the results. There are
small differences between results for different pulse shapes and among inner
and outer cylinders. The pulsating cases have not been analyzed using mode
decomposition techniques which could provide additional information about the
difference in turbine torque between the different cylinders. For the pulsating
cases no experimental data is available for validation and comparisons. This
means that the predictability of the method is based only on the accuracy of
the constant mass flow cases.

So far heat transfer has not been taken into account. It has been assumed
that heat transfer would have only minor effect on the flow. This has been
confirmed only for some simpler cases and therefore a quantitative assessment
of this assumption would be beneficial for future applications.
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Papers and Authors Contributions

Paper 1
GT-Power Report
J. Fjällman (JF)

The work in this paper was performed by JF on a complete engine model
supplied by Volvo Car Corporation. The work was performed using GT-Power
from Gamma Technologies, the software is an advanced 1D simulation tool used
by many car and truck manufacturers. The paper studies multiple parameters
in the exhaust system and their effects on the turbine and engine performance.
The results were consistent with the ones found in literature.

Paper 2
On the Importance of Turbulence Modelling of the Flow after a 90◦ Pipe Bend
J. Fjällman (JF) & M. Mihaescu (MM) & L. Fuchs (LF)

In this paper the turbulent flow in and out of a 90◦ pipe bend has been
investigated numerically. An extensive grid study was performed together with
a model study, RANS simulations were compared against LES calculations with
and without an explicit SGS model. The results were analysed and compared
to experimental data with good agreement. The effect of the different SGS
models were assessed. The vortex switching phenomenon and its frequency were
found in both simulations and experiments to be similar. The simulations were
performed by JF with input from MM and LF. The paper was then written by
JF in collaboration with MM. To be submitted to Journal of Turbulence.

Paper 3
Analysis of Secondary Flow Induced by a 90◦ Bend in a Pipe Using Mode De-
composition Techniques
J. Fjällman (JF) & M. Mihaescu (MM) & L. Fuchs (LF)

The flow after a 90◦ pipe bend has been simulated with an ILES model and then
analysed with the help of mode decomposition techniques. The paper shows
the reconstructed outlet flow field and how a large scale motion is domination
the in-plane structures. This phenomenon is called the vortex switching in
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literature and the study compares well to other authors findings. The simula-
tions were performed by JF with input from MM and LF. The paper was then
written by JF with the help of MM and LF. The results were presented at the
International Conference of Jets, Wakes, and Separated Flows in Nagoya 2013
(ICJWSF2013).

Paper 4
Effects of Inlet Geometry on Turbine Performance
J. Fjällman (JF) & M. Mihaescu (MM) & L. Fuchs (LF)

In this paper the inlet geometry to a radial turbocharger turbine has been
simulated with the StarCCM+ software from CD-Adapco. The simulations
were performed by JF and results were analysed together with MM and LF.
The paper compares experiments to RANS simulations and LES calculations,
showing the advantages with LES over RANS for complex flows. It is also
considering the effects of inlet geometry on the turbine performance parameters.
Parts of these results were presented at the LES4ICE conference in Paris 2012.

Paper 5
Analysis of Three Dimensional Turbine Flow by using Mode Decomposition
Techniques
J. Fjällman (JF) & M. Mihaescu (MM) & L. Fuchs (LF)

In this paper the turbine flow inside a passenger car turbocharger and ex-
haust manifold is analysed with the help of mode decomposition techniques. By
using POD and DMD the flow field inside the volute is shown to exhibit large
scale motions that travels through the entire length of the volute. The DMD
method works well with capturing the blade passing frequency but also some
much lower dominating frequencies. The simulations were performed by JF with
input from MM and LF. The paper was then written by JF in collaboration
with MM. The results were presented at the ASME Turbo-Expo 2014 June 16-20
in Düsseldorf, Germany.

Paper 6
Effects of Pulsation Frequency and Pulse Shape on Turbine Performance
J. Fjällman (JF) & M. Mihaescu (MM) & L. Fuchs (LF)

The pulsating flow of a passenger car turbocharger has been simulated with
three different engine RPMs and two different pulse shapes. The results are then
analysed with the help of the kinetic energy and the turbine wheel torque. Large
differences were observed between the different pulse shapes and the results were
consistent for all engine speeds. The simulations were performed by JF with
input from MM and LF. The paper was then written by JF in collaboration
with MM. To be submitted to Energy Conversion and Management.
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