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Abstract 
Today's development of spark ignited (SI) engines is to a large extent focused on 
downsizing, i.e where a large naturally aspirated engine is replaced with a smaller 
turbocharged engine with the same output power. This gives a fuel consumption benefit 
but worsen the transient response since the torque build-up gets dependent on the 
turbocharger dynamics. To mitigate this problem, technology like variable geometry 
turbine (VGT), which has been widely used on diesel engines, and variable valve timing 
(VVT) can be used. 
    In this thesis, it has been investigated how VVT and VGT should be controlled during 
a torque transient in order to achieve fastest possible torque build-up. The engine that 
has been considered is a 2 liter, direct injected, SI-engine equipped with a turbocharger 
with VGT. This has been investigated by applying an optimization routine from Matlab to 
a GT-Power model of the engine and from measurements on the actual engine. 
    The optimization in GT-Power showed that measures which takes both the naturally 
aspirated part and the boosted part of the transient into account increases with the 
torque, and that the optimal transients had an approximately linear relationship between 
intake and exhaust pressure. Two control strategies based on these results were tested 
on the engine. 
    In the first control strategy, the VVT and VGT were controlled such that the product of 
volumetric efficiency and exhaust pressure was maximized. This resulted in quite 
moderate torque build-up and no improvement compared to using a stationary 
calibration in transients.  
    In the second control strategy the VGT was used to closed loop control the exhaust 
pressure towards an exhaust pressure reference, dependent on the current intake 
pressure. This, combined with controlling the VVT according to the stationary 
calibration, resulted in an apparent improvement in the torque build-up. This strategy 
was found to give good performance also at slightly lower oil and water temperature 
than nominal but the sensitivity towards gain errors in the intake or exhaust pressure 
measurements were quite high. This sensitivity can be handled by limit how much the 
control actions from the exhaust pressure controller are allowed to deviate from the 
stationary calibration. 
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Sammanfattning 
Dagens utveckling av Otto-motorer är till stor del fokuserad på "downsizing", det vill 
säga att en stor sugmotor ersätts med en mindre överladdad motor med samma effekt. 
Detta ger en minskning i bränsleförbrukning men sämre transientrespons eftersom 
momentuppbyggnaden blir beroende av turbons dynamik. För att minska denna effekt 
så kan teknik som turbo med variabel turbingeometri (VGT), som har använts i stor 
utsträckning på dieselmotorer, samt variabla ventiltider (VVT), användas. 
    I detta arbete har det undersökts hur VVT och VGT ska styras under en 
momenttransient för att uppnå snabbast möjliga momentuppbyggnad. Motorn som 
arbetet har utförts på är en 2 liters, direktinsprutad Otto-motor där den ursprungliga 
turbon har ersatts med en med VGT. Undersökningen har gjorts genom att applicera en 
optimeringsrutin från Matlab på en GT-Power modell av motorn samt från mätningar på 
motorn. 
    Optimeringen i GT-Power visade att storheter som beaktar både sugmotordelen och 
den överladdade delen av transienten ökar när momentet ökar och att de optimala 
transienterna hade ett approximativt linjärt samband mellan insugstryck och avgastryck. 
Två reglerstrategier som bygger på dessa resultat testades på motorn. 
    I den första strategin styrdes VVT och VGT så att produkten av volumetrisk 
verkningsgrad och avgastryck maximerades. Detta resulterade i måttligt snabb 
momentuppbyggnad och ingen förbättring jämfört med att använda en stationär 
kalibrering i transienter. I den andra strategin användes VGT:n för att styra avgastrycket 
enligt en referens som beror av insugstrycket.Detta kombinerat med att styra ventilerna 
enligt den stationära kalibreringen resulterade i en klar förbättring i 
momentuppbyggnad. Denna reglerstrategi visade sig ge goda resultat också vid något 
lägre olje- och vattentemperatur än nominellt, men känsligheten för fel i insugs- eller 
avgastryckmätningen är relativt hög. Denna känslighet kan hanteras genom att 
begränsa hur mycket styrsignalen från regulatorn tillåts avvika från den stationära 
kalibreringen. 
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1 Introduction

1.1 Objective

The objective of this thesis is to investigate how the variable valve
timing (VVT) and the variable geometry turbine (VGT) should be
controlled during a transient in order to achieve a fast torque build-
up. A generic control strategy which is possible to implement in a
production engine and gives good performance in various transients
should be derived. The performance should be compared with a
stationary calibration of VVT and VGT which should act as a ref-
erence. Since the control strategy should be possible to use in a
production engine, the extra cost due to extra hardware and/or cal-
ibration should be kept to a minimum. Also, the robustness of the
control strategy should be evaluated since this is very important in
automotive applications.

1.2 Goal

The goal with the thesis is to show that it is possible to achieve
better torque build-up by using a more complex control strategy of
the VVT and VGT, compared to when a stationary calibration is
used. Furthermore, that this is possible without any penalties in
steady state fuel consumption, i.e the fuel consumption before the
transients should be as low as possible.

1.3 Earlier Work

This problem has earlier been addressed in [1] where a simulation
survey in GT-Power was conducted to find ways of deriving tran-
sient control strategies for VVT and VGT. In this work, the authors
"froze" the transient simulation at certain time steps. The condi-
tions during these time steps, i.e. turbo speed, mass flow etc., was
used as input in a stationary simulation. A bypass valve after the
compressor was used to bleed of a part of the mass flow through
the compressor, corresponding to the energy which is needed to ac-
celerate the turbocharger during a transient. The optimal control
signals were then obtained by optimizing different criteria that con-
siders the gas exchange of the engine and the speed build-up of the
turbocharger. It was found that the product of volumetric efficiency
and pressure ratio over turbine was the best criterion to optimize of
the ones tested.

1.4 Criterion for Evaluation of Transient Response

A measure that is used in this thesis for categorizing the torque
build-up is the integral of torque during the first 1.5 s of the tran-
sient. This is a measure that is simple to calculate and is also
thought to correlate with a driver’s opinion of the transient response.

1



Another criteria is that the torque should be monotonically in-
creasing throughout the entire transient. It was seen in [1] that some
control actions could result in a negative torque build-up during a
short time of the transient but that this still could result in high
values of the torque integral. This is not acceptable in a car from a
driveability point of view, hence this should be avoided.

1.5 Method

Two main approaches have been tried for the transient control strat-
egy; online optimization of an objective function and reference track-
ing of the exhaust pressure. The first approach is inspired from the
earlier work and the main challenges are to choose which objective
function that should be used and develop necessary models which
can be used in the optimization. The challenges of the second ap-
proach are to decide which reference that should be used and to
design a regulator capable of following the reference.

The development of control strategies was made both from mea-
surements in engine test cell and from simulations in GT-Power
which is a 1-D simulation tool [2]. An optimization routine in Mat-
lab called fmincon was applied to the GT-Power model in order to
derive the optimal control signals of specific transients. The optimal
transients were then investigated in terms of the two approaches in
order to try to find generic control strategies.

The engine considered is a four cylinder, 2 liter, direct injected,
spark ignited (SI) engine equipped with variable cam phasing on
both the intake and exhaust side. The engine’s original fixed geom-
etry turbocharger has been replaced by a turbocharger with VGT.
In order to reduce the complexity of the problem, only transients in
torque, i.e. with constant engine speed, are considered and the cam
phasing will only be controlled as a function of overlap (OL) with
overlap center always at top dead center (TDC). The motivation for
limiting the transients to torque transients is that it is considered
to be of more importance than transients in engine speed and also
the fact that the engine dynamometer is incapable of controlling the
engine speed transiently with high enough accuracy. The reason for
controlling the cam phasing as a function of overlap is due to the
fact that the volumetric efficiency is more affected of a change in
overlap than a change in overlap center [3].

2 Background

The internal combustion engine have been used for more than 100
years to produce work and is by far the dominating power source
in automotive applications. It has been constantly developed with,
for the last decades, the main focus being on lowering the environ-
mental impact. Legislations have forced the manufacturer to lower

2



the emissions, such as carbon monoxide (CO), hydro carbons (HC)
and nitrogen oxides (NOx), but the discussion of global warming
and the increasing oil prices have made it necessary to also work
with reducing the fuel consumption. In contrary to the diesel en-
gine, which controls the torque with the amount of injected fuel,
the torque in an SI engine is controlled by the amount of air that is
fed to the cylinders. The amount of air is in turn controlled by the
throttle which acts as a flow restriction in the intake system. At part
load, where the intake air is being throttled, the exhaust pressure
is higher than the intake pressure resulting in a negative pumping
work. This is illustrated in Figure 1 where the gas exchange part of
a pV-diagram, i.e cylinder pressure plotted against cylinder volume,
for a 2 liter SI engine is shown. This cycle was measured with the
engine running at about 3 bar net indicated mean effective pressure
(IMEP720), corresponding to about 15% load. It can be seen that
during the exhaust stroke the pressure is about 1 bar, i.e close to
atmospheric, but that the intake pressure is significantly lower. The
work is W = pdV , which means that the negative work when the
piston is moving up and expels the exhausts will be higher than the
positive work when the piston is mowing down with the intake pres-
sure acting on it. This negative work is referred to as the pumping
loss and is the main reason for the poor efficiency of the SI engine
at low loads.
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Figure 1: Gas exchange process for a 2 l SI engine running at a load of about 3
bar IMEP720.

Several concepts have been developed in order to decrease the
pumping losses. Two examples are cylinder deactivation, where
some of the cylinder are shut down during low load which forces
the remaining cylinders to work at high load to produce the same
power output, and stratified combustion, where the engine runs un
throttled at low load.
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One easy way to increase the total efficiency of a vehicle is to
simply equip it with a small and less powerful engine, this means
that the engine will have to work at high load even at normal driv-
ing. However, most customers wants to have quite powerful engines,
which means that this may not be an option. A method of increas-
ing the total efficiency without lowering the engine power that has
been widely used in recent years is to use a small engine that is
turbocharged, this is referred to as downsizing.

2.1 Downsizing

By using turbocharging, it is possible to get the same power output
from a small engine as from a larger naturally aspirated engine.
This has been demonstrated in [4], where it is shown that a 1.2 l
engine can achieve peak power and peak torque comparable with a
2.4 l naturally aspirated engine. It is claimed that the on-road fuel
consumption benefit would be in the order of 25− 30%.

There are two reasons why a smaller engine will have a lower fuel
consumption than a larger engine; lower friction and lower pumping
losses. In [5, p. 722-723], measurements of friction mean effective
pressure (FMEP) as function of engine speed is presented for five SI
engines with cylinder displacement ranging from 0.845 to 2 liters. It
is found that the data is well correlated with the equation:

FMEP = 0.97 + 0.15(
N

1000
) + 0.05(

N

1000
)2 (1)

where, FMEP is in bar and N is the engine speed in revolutions per
minute. Hence, the friction increases at higher engine speeds but
it should be noted that this equation correlates well for all the five
engines, indicating that FMEP is independent of engine size and
consequently that the friction torque increases linearly with engine
displacement.

The reduction in pumping losses when using a smaller engine is
due to the fact that the engine is forced to work at a higher specific
load for the same driving conditions, resulting in lower difference
between the exhaust and intake pressure and consequently lower
pumping losses.

The drawback with downsized, highly boosted engines is the tran-
sient response. Figure 2 shows the IMEP720 during a transient. The
engine is initially running at about 4 bar IMEP720, and at 0.3 s the
torque demand from the driver is set to maximum torque. It can
be seen that the torque increases rapidly at first to a value of about
11 bar IMEP720, this corresponds to the naturally aspirated part
of the torque build-up which is dependent on the dynamic of the
throttle actuator (which has a time constant in the order of 0.05 s)
and the filling dynamic of the intake manifold. The time constant of
the intake manifold can, according to [5, p. 312], be approximated
with

4



τm =
2Vm

ηvolVdN
(2)

where Vm is the volume of the intake manifold, ηvol is the volumetric
efficiency, Vd is the displacement volume and N is the engine speed.
The engine used for the measurements has approximately Vm = 3 l
and Vd = 2 l so for an engine speed of 1750 rpm and an assumed
volumetric efficiency of ηvol = 0.7, the time constant is about 0.15
s. The total time constant of the naturally aspirated part is thus
in the order of 0.2 s which is in the same range of human reaction
time.

After the initial naturally aspirated part the torque increases
more slowly, this is the boosted part of the torque build-up. At this
part, the torque build-up is dependent of how fast the turbocharger
can increase the boost pressure. To be able to produce boost pres-
sure, the turbocharger must first accelerate its rotational speed [6,
p. 9]. The inertia of the turbocharger will limit how fast the speed
increase can occur and consequently how fast the boost pressure is
increased. This delay from torque request to torque delivery due to
the turbocharger dynamics is called the turbo lag.

For a downsized, highly boosted engine, the naturally aspirated
torque level will be small in comparison with the boosted torque
level. This means that the transient response will be slower than for
a moderate boosted or naturally aspirated engine and that actions
need to be taken in order to make the turbo lag as small as possible.
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Figure 2: IMEP720 during a step in torque demand at 1750 rpm.

2.2 Engine Calibration

In order to lower fuel consumption and improve driveability, mod-
ern engines are being equipped with a lot of technology such as
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turbocharging, VVT and direct injection. In order to exploit the
full potential of the technology, a calibration or optimization pro-
cedure must be made where the optimal settings are found. Since
an internal combustion engine is a highly complex and nonlinear
system, the optimal settings are not trivial to find and are also load
point dependent. The standard optimization method is to run the
engine stationary and sweep the parameters, i.e. try different set-
tings and pick out those that are found to be optimal, usually those
who results in lowest brake specific fuel consumption (bsfc). This is
done for a numerous load points so that the whole operating range
of the engine is covered. The optimal settings are then stored in
lookup tables as functions of engine speed and load and the engine
control unit (ECU) uses linear interpolation for intermediate points.

During transients, the state of the engine is changing and the
parameter settings will be changed according to the maps. One mo-
tivation for using the stationary calibration also in transient condi-
tions is the "quasi-steady assumption" which states that the engine
will pass through a sequence of steady states during a transient.
In [7], the validity of this assumption is investigated by using GT-
Power simulations to compare steady state volumetric efficiency and
volumetric efficiency during transients. The engine considered is a
naturally aspirated, 3.9 liter, SI V8 engine and only engine speed
transients with wide open throttle (WOT) are considered. The con-
clusion is that the quasi-steady assumption is valid under these cir-
cumstances, even for a pathological case where the engine speed is
changed from 1000 to 5000 rpm in 0.0001 s, i.e. much faster than is
possible in reality.

It should be noted that the considered engine is naturally aspi-
rated, which means that the exhaust pressure will be less affected of
operating point than is the case for a turbocharged engine. In [8, p.
12-14], an experiment is presented where a turbocharged engine is
running at constant engine speed and mass flow and the wastegate
is alternating between opened and closed. The opening and closing
of the wastegate affects the exhaust pressure to a large extent and
this in turn results in an error in the air charge estimation. It will
also be shown in Figure 4 in Section 4.1 that for a turbocharged
engine, it is possible to reach pressure ratios over the engine which
are not possible to reach in steady state.

When calibrating turbocharged engines, there is always a com-
promise between low stationary fuel consumption and good tran-
sient response due to the dynamics of the turbocharger. Since the
turbo lag depends on how fast the turbocharger can spool up, it
will be beneficial for transient conditions to always try to keep the
turbine speed high during stationary conditions, since this will re-
sult in fast boost pressure build-up when a transient occur. This
can be achieved by changing the turbine geometry to a more closed
position, or for engines with fixed geometry turbine, closing the
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wastegate. A consequence of this is however that the exhaust pres-
sure will get higher, which in turn will increase the pumping losses
and thus have a negative effect on fuel consumption. This trade-off
between transient performance and good fuel economy is discussed
in [9]. There it is shown that a control strategy with open wastegate
can lower the fuel consumption at highway speed conditions with 4
% but that this results in the torque response time, here defined as
the time to reach 90 % of the final torque, increases with 0.4 s for
the same conditions.

2.3 Air Charge Estimation

The torque in an SI-engine is controlled by the air charge and the
mean air fuel ratio must be kept stoichiometric, i.e. λ = 1, in order
for the three way catalyst to work efficiently [10, p. 681-682]. These
two reasons make it important to be able to estimate the air flow
with certain accuracy. Two common methods for estimating the air
charge are described below.

2.3.1 Measuring Air Mass Flow

The air charge can be estimated by measuring the mass flow of air
at some point in the intake system. There exist numerous methods
for measuring air flow including measuring the pressure differential
over an orifice, using the Karman vortex principle to correlate the
frequency of the vortices behind an obstacle with the volume flow or
using ultrasound [10, p. 148-150]. The standard method for engine
applications is to use a mass flow meter which operates according
to the hot-wire or hot-film principle. These sensors estimates the
mass flow by measuring the cooling of a heated wire respectively a
thin film. This is estimated either by measuring the current that is
needed to keep a constant temperature of the wire respectively film,
or by measuring the temperature of the wire/film when they are
being fed with a constant current. These sensors cannot recognize
the direction of the flow since the wire/film will be cooled from
flows in either direction. Due to the fact that each cylinder draws
in air only when its intake valves are open, the air flow will be
very pulsating which means that it is difficult to measure the flow
accurate. The mass flow meter is therefore always placed as far away
from the cylinders as possible, i.e. close to the air filter, where the
pulsations are lower. This improves the accuracy in steady state
but the emptying and filling dynamics of the volumes between the
flow meter and the cylinders will introduce a phase lag which means
that in transients, the air flow measured will differ from the air
flow entering the cylinders. This is illustrated in Figure 3 where
the measured air flow during a torque transient is shown. It can
be seen that the measured mass flow initially increases very much,
thereafter becomes lower before it again increases. This initial peak
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in measured mass flow is due to the fact that when the throttle is
opened, there will be a high flow past the throttle due to the filling
of the intake manifold when it is adjusting its pressure to the new
conditions. One can understand that there will be an error in the
air charge estimation if this signal is used directly but this is usually
not the case. The HFM signal is usually low pass filtered and/or
more weight is put on the speed density method in transients to
improve the air estimation.
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Figure 3: Raw mass flow signal from the hot film mass meter (HFM) during a
transient.

2.3.2 Speed Density

Another method for estimating the cylinder air charge is to use the
conditions in the intake manifold, i.e. pressure and temperature, to
calculate the theoretical air charge and then compensate this with
an efficiency term noted as volumetric efficiency:

mAirCyl = ηvol
pimVd
RimTim

(3)

where mAirCyl is the cylinder air charge, ηvol is the volumetric ef-
ficiency, pim is the intake manifold pressure, Vd is the cylinder dis-
placement, Rim is the specific gas constant for air and Tim is the
gas temperature in the intake manifold. This method is indepen-
dent of the filling and emptying dynamics since the conditions in
the intake manifold are used. The filtering of the intake manifold
pressure respectively the dynamics of the temperature sensor with a
time constant in the order of 10 s, will however affect the accuracy
in transients. It is shown in [8, p. 12] that each of these sources
can result in a 5 % error in the estimation of the cylinder air charge
during a transient.
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The volumetric efficiency is usually calibrated and stored in a
lookup table since it has a non trivial dependency of engine speed,
intake pressure, exhaust pressure, cam phasing, etc. The calibration
is made from measurements in steady state since stationary, the air
flow is the same in the whole system. A common method is to
calibrate the volumetric efficiency as a two-dimensional map over
engine speed and intake manifold pressure [8, p. 11], but it should
be noted that this map is derived when the optimal settings of all
parameters are used. This means that even though the volumetric
efficiency explicitly only is calibrated as a function of engine speed
and intake manifold pressure, implicitly it is a function of also cam
phasing, exhaust pressure etc.

2.4 Stationary versus Transient Operation

Transient operation of an internal combustion engine is different
compared to stationary operation, especially for turbocharged en-
gines. The most important differences are wall temperature, speed
of turbocharger and pressure ratio over the engine.

The wall temperature and turbocharger speed will be different
during transients due to their dynamics, i.e it takes some time before
the steady state values are being reached after a change in operating
point. The pressure ratio over the engine can be different due to the
fact that when the turbocharger accelerates, it is not in equilibrium
with the higher mass flow. This result in a higher exhaust pressure
being reached for the same intake pressure compared to stationary
operation. This is shown in Figure 4 in Section 4.1.

The different pressure ratio over the engine will have an affect
on volumetric efficiency. The same goes for the wall temperatures
of the intake manifold and the cylinder walls since it will affect the
temperature (and thus the density) of the air when the intake valve
closes.

The amount of heat transfer from the exhaust gases will depend
on the temperature of the exhaust manifold. This will affect the
exhaust temperature and thus how much power that is provided to
the turbine. It may also have an effect on volumetric efficiency since
the density in the exhaust manifold is dependent on the exhaust
temperature.

3 Experimental Setup

3.1 Engine

The engine considered in this project is the GM LNF engine. This is
a 2 liter SI-engine with direct injection, VVT and turbocharger. The
engine can be found in cars like Opel GT and the second generation
of Saab 9-5. In production it has a maximum power of about 260
horsepowers and a maximum torque of 360 Nm. Here, the original
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fixed geometry turbine has been replaced with a Mitsubishi VGT
turbocharger (MHI TD04HL-VG Turbine and a TD04H-15TK31
compressor).

The engine is connected to an engine dynamometer which can
control the engine speed by applying a braking torque. The engine
dynamometer is not capable of applying a positive torque, i.e the dy-
namometer cannot crank the engine at a desired engine speed. The
engine is also equipped with extra sensors that measure the pressure
and temperature throughout the whole gas exchange system. Also
the cylinder pressure and turbocharger speed are measured.

In an earlier project, the engine has been calibrated for lowest
brake specific fuel consumption (bsfc) in steady state for the engine
speeds 900− 3000 rpm and the whole load range.

The transient performance was taken into account in two ways.
It was assured that all maps are smooth, i.e that they not have any
large steps or discontinuities. This is important since the actua-
tors have certain dynamics and can thus not change their positions
infinitely fast.

The other way was how the cams were set at high loads. It is
beneficial with respect to bsfc to use cam positions which gives fairly
low volumetric efficiency at high loads since this will require the
throttle to be almost fully opened and this results in lower pumping
losses. However, this will worsen the transient response when the
load should be increased further. The reason for this is that if the
throttle is already close to fully open, then the air charge in the
cylinders can only be increased by changing the cams to a position
with higher volumetric efficiency. The cam actuators are however
substantially slower than the throttle actuator which means that
the increase of air charge and consequently the torque build-up will
be slower compared to if the throttle can be used for the transient.
Thus, the cams were set so that the throttle always has to be kept
slightly closed except at full load. This tuning was done manually
by gradually changing the cams to settings with higher volumetric
efficiency until the torque build-up during load steps were considered
sufficiently fast.

The request for the cam and VGT positions are calibrated as
maps of engine speed and load, here the load is represented with the
air mass in the cylinder. In steady state, the requested air mass will
equal the actual air mass, but this is not the case in transients. Here,
the requested air mass is used as input to the maps and the output
of the maps are low pass filtered before the requested positions are
passed to respectively position controller.

This calibration will be referred to as the stationary calibration
and will act as a reference when evaluating the performance of dif-
ferent control strategies.
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3.2 AVL Rapid Prototyping Control System

The engine is controlled with a rapid prototyping controller which
has been developed by AVL. The controller is Simulink based and
is compiled into c-code using Matlab’s RTW (real time workshop)
and is then uploaded to a hardware from dSpace. The Simulink
environment makes it very easy to implement new functionality and
a dSpace program called control desk makes it possible to see and
log all the internal signals of the controller. Also, parameter values
of the controller can be changed in real time which makes it easy
to for instance tune controllers or change between different control
modes.

4 Modeling the volumetric efficiency

As described in Section 2.3.2, the volumetric efficiency is usually
calibrated as a function of engine speed and intake manifold pressure
when using the optimal settings. This means that for instance the
cam phasing must be according to the calibration in order for the
volumetric efficiency map to be valid. To be able to control the
cam phasing in a systematic way, it is important to have a model
that explicitly considers the effect of cam phasing on volumetric
efficiency. Such a model has been developed and will be described
in this chapter. The model was initially only calibrated for an engine
speed of 1750 rpm to reduce the degrees of freedom, but it was later
generalized to other engine speeds as well. The details of the model
are presented for this particular engine speed and it is then described
how the generalization was made.

The volumetric efficiency is modeled as a function of intake pres-
sure, exhaust pressure and overlap by using linear regression. It is
calibrated from measurements in steady state due to the difficul-
ties of measuring the air flow in transients as described in Section
2.3.1. This means that the dependency of wall temperatures, de-
scribed in Section 2.4 will not be captured by the model. A valve in
the exhaust system will however make it possible to reach transient
pressure ratios during the stationary measurements.

To be able to estimate the air charge accurately in an SI-engine
is very important, but also very difficult as described in Section
2.3 and it exists PhD theses on this subject alone, an example is
[8]. The idea with this volumetric efficiency is not to have a model
which estimates the air charge with very high accuracy, for that it
is probably too simple, but to have something that can be used for
controlling the cams during transients.

4.1 Calibration Data

By controlling the throttle and VGT independently, it is possible to
span a quite large area in the intake pressure/exhaust pressure plane.

11



Some measurement data were available from an earlier work [3].
These measurements where produced by varying the intake pressure
from 90 to 160 kPa in steps of 10 kPa. For all intake pressures, the
VGT was controlled in the following way; it was opened to the
point where the desired intake pressure could just be reached and
thereafter closed until the choke limit. This results in two different
exhaust pressures, the VGT was then also set to two intermediate
points in order to get four equidistant values of the exhaust pressure
for each intake pressure. For each of the pressure combinations, the
overlap was changed from 0 to 78 CAD, in steps of 19.5 CAD.

In Figure 4, the measured points are shown in the intake pres-
sure/exhaust pressure plane as the blue circles. In the same figure,
the pressure trajectory during a torque transient is shown. It can
clearly be seen that higher exhaust pressures can be reached during
a transient than in steady state. Hence, the volumetric efficiency
model that is calibrated from steady state measurements will, dur-
ing a transient, be used outside the area which it has been calibrated
for which in turn will affect its accuracy.
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Figure 4: Pressure trajectory during a transient (green line), original calibration
points (blue circles) and new calibration points (red triangles) for ηvol-model.

However, the engine that is used is equipped with a valve in the
exhaust system which can be closed in order to increase the exhaust
back pressure. This valve was used to perform complementary mea-
surements where the aim was to reach the same exhaust pressures
in steady state as in a transient. The same intake pressures and
overlaps as in the original data set were used, and the VGT and the
valve in the exhaust system were controlled to get the desired ex-
haust pressure. It was not possible to reach arbitrarily high exhaust
pressures but, as can be seen in Figure 4, where the complementary
measurement points are the red triangles, it was possible to getting
somewhat closer to the exhaust pressures reached during a transient.
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All together, the measurements resulted in 252 data points, 70% of
these, i.e 176 points, where randomly chosen for model estimation
and the remaining were used as validation data.

4.2 Model Estimation and Validation

The volumetric efficiency model is derived using linear regression.
Table 1 shows the 17 candidate regressors used for the linear regres-
sion.

Table 1: Candidate regressors for the linear regression.
1 ηotto ϕOL ϕ2

OL pint
√
pint

pexh
√
pexh ϕOLpint ϕOLpexh ϕOL

√
pint ϕOL

√
pexh

ϕ2
OLpint ϕ2

OLpexh ϕ2
OL

√
pint ϕ2

OL

√
pexh ϕOL

pint

pexh
-

Where the regressor ηotto is given by

ηotto =
rc − (pexh

pint
)1/γ

rc − 1
(4)

where rc is the compression ratio and γ is the specific heat ratio,
and represents the volumetric efficiency of the ideal Otto cycle [11].
The candidate regressors are the same as in the earlier work [3]
apart from the regressor ϕOL pint

pexh
which is thought to possibly be a

relevant term since it contains the pressure ratio over the cylinder
and the amount of crank angles which the intake and the exhaust
manifold are connected.

Parameter estimation was made for all possible combinations of
the 17 regressors. For each number of regressors used, the model
which gives the least mean square error with respect to the valida-
tion data is considered to be the best. In Figure 5 the mean square
error is plotted against the number of regressors used. It can be
seen that a model with 3 regressors seems to capture most of the
behavior and using more than 7 regressors does not significantly
improve the model further. The mean square error decreases when
using more regressors until 14 regressors are used, but after that the
mean square error increases slightly when adding more regressors.
The reason for this is that the measurements contain noise and when
a too complex model is used, it will described the random measure-
ment errors instead of the underlying physical relationship, so called
overfitting. Two models are proposed, one with 3 regressors which
can be used for control and one using 7 regressors which can be used
in a simulation model or for control, given that the computational
power of the control system is high enough. The models are shown
in equation (5) respectively (6).

The estimated coefficients are shown in table 2 respectively 3
where also the lower and upper bound of 95% confidence intervals
(equivalent with ± 2 standard deviations if normal distribution is

13



assumed [12, p. 496]) are shown. The model fit for 35 of the vali-
dation points are shown for both models in Figure 6.
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Figure 5: Mean square error over the validation data as function of number of
used regressors for 1750 rpm.

ηvol = α1ηotto + α2ϕ
2
OLpint + α3ϕ

2
OL

√
pexh (5)

ηvol = β1ηotto+β2ϕOL+β3ϕ
2
OL+β4ϕ

2
OLpint+β5ϕ

2
OL

√
pint+β6ϕ

2
OL

√
pexh+β7

pint
pexh

ϕOL

(6)

Table 2: Parameter values for the model in Equation (5) as well as upper and
lower bound of 95% confidence interval for each parameter.

α1 α2 α3

Coefficient 0.88 1.4e-9 -4.3e-7
Lower Bound 0.87 1.3e-9 -4.7e-7
Upper Bound 0.88 1.5e-9 -3.9e-7

Table 3: Parameter values for the model in Equation (6)as well as upper and
lower bound of 95% confidence interval for each parameter.

β1 β2 β3 β4 β5 β6 β7
Coefficient 0.85 1.2e-2 -8.3e-4 -5.3e-9 5.8e-6 -1.5e-6 -1.1e-2
Lower Bound 0.85 0.98e-2 -9.6e-4 -6.4e-9 5.0e-6 -1.7e-6 -1.3e-2
Upper Bound 0.86 1.4e-2 -6.9e-4 -4.2e-9 6.6e-6 -1.4e-6 -0.85e-2

4.3 Generalization of Volumetric Efficiency Model

To be able to use the volumetric efficiency model at other engine
speeds as well, measurements were made also at 1500 and 2000 rpm.
The measurements were performed in the same way as for 1750
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Figure 6: Model fit. Blue circles connected with blue lines are measured val-
ues, red stars are the values from the model with three parameters and black
diamonds are the values from the model with seven parameters. The data is
divided in groups of different overlaps.

rpm, including the use of the exhaust valve in order to reach higher
exhaust pressures.

There are two possible approaches for generalizing the model. Ei-
ther one model for each engine speed is derived or the same model
structure is used for all engine speeds but with different model pa-
rameters. In the first case, intermediate engine speeds are handled
by interpolating between the models and in the second case, the
model parameters are interpolated. The second approach is per-
haps the preferable since it indicates that the chosen model structure
actually can describe the process at different operating conditions
which in turn indicates that it may be possible to interpolate in the
model and still get proper accuracy.

The parameter estimations were made in the same way as for
1750 rpm and the mean square errors as function of used regressors
are shown in Figure 7 and Figure 8 for 1500 respectively 2000 rpm.
It can be seen that a model with 7 regressors seem reasonable in both
cases since using more does not significantly improve the models.

If the same 7 regressors was the best combination for all three
engine speeds, then it is straight forward to use the same model
structure but with engine speed dependent parameters. This was
however not the case, but the best combination with 7 regressors
at 1750 rpm, i.e the model structure in Equation (6), was also giv-
ing good results at the other engine speeds. It was, for both 1500
and 2000 rpm, part of the 5 best combinations when using 7 re-
gressors and it was in fact the only combination which was part
of the 10 best combinations when using 7 regressors for all three
engine speeds. Also, for both 1500 and 2000 rpm, this model struc-
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Figure 7: Mean square error over the validation data as function of number of
used regressors for 1500 rpm.
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Figure 8: Mean square error over the validation data as function of number of
used regressors for 2000 rpm.

ture gives lower mean square error compare to the best combination
when using 6 regressors. The generalized model is thus the same
model as for 1750 rpm, i.e Equation (6), with the engine speed de-
pendent parameters shown in Table 4. The confidence interval for
the parameters are shown in Table 3 for 1750 rpm and in Appendix
A for 1500 respectively 2000 rpm.

4.4 Transient Validation

Since it is not possible to measure the air flow accurately during
transients, it is difficult to validate the volumetric efficiency model
for transient operation. An experiment was however performed in

16



Table 4: Engine speed dependent parameters for the generalized volumetric
efficiency model.

β1 β2 β3 β4 β5 β6 β7
1500 0.84 0.69e-2 -8.5e-4 -5.8e-9 5.8e-6 -1.3e-6 -0.60e-2
1750 0.85 1.2e-2 -8.3e-4 -5.3e-9 5.8e-6 -1.5e-6 -1.1e-2
2000 0.85 1.3e-2 -9.7e-4 -6.6e-9 6.7e-6 -1.6e-6 -1.2e-2

order to get an indication of the accuracy in transient operation.
During torque transients at 1500, 1750 and 2000 rpm, the model
was used to estimate the air charge. This means that the required
fuel amount will be calculated from the modeled air charge and the
requested λ-value. For all these transients, the requested λ-value is
equal to one, thus the deviation of the measured λ-value from one
can be used as a measure of the models accuracy in transients.
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Figure 9: Measured λ-value when using the HFM respectively the volumetric
efficiency model for estimating the air charge during a torque transient at 1500
rpm.

In figure 9, 10 and 11, the measured λ-value is shown for the
three different engine speeds. The figures shows the λ-trace when
using the model and also when the HFM is used for estimating the
air charge. It should be noted that it is not the raw HFM signal
that is used. It is first passed through a low pass filter with engine
speed dependent filter frequency in order to reduce the transient
errors described in Section 2.3.1. It can be seen that the deviation
from λ = 1 is quite substantial for both methods at all engine speeds.
However, at 1750 rpm it is clear that the volumetric efficiency model
gives a better estimate of the air charge than the HFM and the
deviation from λ = 1 is in fact lower for all three engine speeds in
a mean square error sense. It should be noted that the cams were
controlled as a function of overlap with overlap center at TDC, i.e
what the model has been calibrated for.
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Figure 10: Measured λ-value when using the HFM respectively the volumetric
efficiency model for estimating the air charge during a torque transient at 1750
rpm.
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Figure 11: Measured λ-value when using the HFM respectively the volumetric
efficiency model for estimating the air charge during a torque transient at 2000
rpm.

It can be seen that the deviation from λ = 1 is quite large for
both cases at all engine speeds. Especially the initial lean peak in
the beginning of the transient. Since the engine is direct injected,
this is not due to wall-wetting in the intake manifold but to an error
in the air charge estimation. The dynamics of the intake manifold
and the response time of the λ-sensor will act as a low pass filter
which means that there will be individual cycles where the λ-value
is even higher than the measured value. When the mixture is being
leaned out, the combustion will become much slower and since the
ignition map is set for λ = 1, this means that the ignition will be
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too retarded for the lean mixture and consequently the torque will
decrease. When the mixture becomes even leaner, miss fire will
occur which of course also will result in lower torque. This can be
seen as an initial dip in the torque measurements, for instance in
Figure 2, which of course is unwanted. Production control systems
often have transient compensation of the fuel request in order to
avoid such lean peaks, but this has not been implemented in the
rapid prototyping controller used in this thesis.

5 Optimization in GT-Power

A GT-Power model of the engine was available during the project.
It was used to optimize the control signals, i.e VVT and VGT,
for specific transients. GT-Power is a powerful 1-D simulation tool
which can be used to predict the flows in an internal combustion
engine. The flow is modeled with the Navier-Stokes equation in one
dimension but flow coefficients such as friction coefficients in pipes
and the discharge coefficients of throttle and valves needs to be
calibrated from measurements on the actual engine. A limitation
with GT-Power is that the combustion is not modeled with the
same complexity as the flow. In the used model, the combustion
is modeled with a Wiebe function (see for instance [5, p. 390])
where the crank angle for 50 % burned mass fraction (CA50) and
the burn duration have been calibrated from steady state engine
measurements as function of engine speed and load.

5.1 Procedure

Optimizing the control signals for one specific transient is a non-
linear, multivariable optimization problem with constrains on the
inputs. There exists tools for solving such problems, for instance
the function fmincon in Matlab. It can find the optimum of a prob-
lem that is on the following general form

min
x
f(x) such that



c(x) ≤ 0

ceq(x) = 0

A · x =≤ b

Aeq · x = beq

lb ≤ x ≤ ub

(7)

where x, b, beq, lb and ub are vectors, A and Aeq are matrices, c(x)
and ceq(x) are vector valued functions which may be nonlinear and
f(x) is a, possibly nonlinear, function that returns a scalar. Hence,
this function can optimize a nonlinear function with both linear and
nonlinear constrains on the inputs. The problem of optimizing the
control signals can be written in this form with
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f(x) =

∫ tend

t1

(Tqref − Tq)2dt

x =
[
V GT (t1) V GT (t2) ... V GT (tend) OL(t1) OL(t2) ... OL(tend)

]
lb =

[
0 0 ... 0 0 0 ... 0

]
ub =

[
100 100 ... 100 78 78 ... 78

]
i.e. the objective function is to minimize the integral of a mea-
sure of the torque tracking error and the considered inputs in the
optimization routine are the control signals (VGT and OL) at cer-
tain time steps during the transient. The integral is taken over
the first 1.5 s of the transient and the chosen time steps were t =
[ 0 0.1 0.2 0.4 0.6 0.8 1 1.2 1.4 ] s after start of the tran-
sient. It is important to have sufficiently many time steps in order for
the output to be relevant but more time steps will result in longer
computational time. Since both actuators have time constants in
the order of 0.2 s, it was assumed that these time steps would be
enough. The only constrains on the inputs are that the actuators
needs to be inside its respectively range, 0−100 % for the VGT and
0 − 78 CAD in overlap, which is translated into lower and upper
bounds lb and ub.

Since the objective function in this case is considering the tran-
sient performance, the optimization routine must be able to simulate
a transient in the GT-Power model every time it should do a function
evaluation. This was possible by connecting the GT-Power model
to a Simulink model and then use Matlab’s "sim" command. The
GT-Power model does not take the actuator dynamics into account,
this was dealt with in the Simulink model by inserting rate limit-
ing blocks which limits how fast the input signals to the GT-Power
model could be changed. Details of how fmincon works can be found
in [13].

The optimization was performed for 1500, 1750 and 2000 rpm.
For all engine speeds, the transients were from 3 Bar IMEP720 to full
load. The starting point were in all cases the stationary calibration
of the engine.

5.2 Results

In figure 12, 13 and 14, the IMEP720 trace for the stationary cali-
bration and the optimal case are shown for 1500, 1750 respectively
2000 rpm. The transient starts at t = 2 s and it can be seen that
it is mainly the latter part of the transient that is being improved.
As described in Section 2.2, the turbocharger has a non negligible
dynamic. This means that it will take some time before the control
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actions of the VGT can affect the torque in a positive way, since the
turbocharger has to speed up and start producing boost pressure
before the torque starts to increase. In a negative way, the torque
can be increased more directly since if the VGT is controlled to fully
closed, this will increase the exhaust pressure very fast which result
in higher pumping losses and lower volumetric efficiency. The con-
trol of the VVT can increase the torque quite immediately since it
is directly affecting the volumetric efficiency. The stationary cali-
bration was however optimized for lowest bsfc, thus it usually has
as open VGT as possible at all loads to reduce the exhaust pressure
and this requires the VVT to be set for high volumetric efficiency at
high loads. Hence it is primarily the VGT control that is changed
and this explains why it is mainly the latter part of the transient
that is improved.
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Figure 12: IMEP720 as function of time for stationary calibration and the
optimal case for 1500 rpm.

The optimal control signals for all three engine speeds are shown
in figure 15 respectively 16. The control signals changes very fast,
but it should be noted that these are the requested control signals
from the optimization function. Due to the rate limiting block used
in the Simulink model, the actual overlap and VGT positions that
are fed to the model will change at a more realistic speed.

It can be seen that the control actions are quite similar for all
three engine speeds. The VGT is, since the actuator will not be
able to follow the fast closing requested in the beginning, basically
closing more and more throughout the entire transient and is closed
more for the lower engine speeds since the mass flow is lower.

The overlap request also has a fast change in the beginning of
the transient which the actuator will not manage to follow exactly
and then the cams are controlled to maximum overlap.

It should also be noted that at the last time step which the con-
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Figure 13: IMEP720 as function of time for stationary calibration and the
optimal case for 1750 rpm.
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Figure 14: IMEP720 as function of time for stationary calibration and the
optimal case for 2000 rpm.

trol signals are optimized for, i.e at 3.4 s or 1.4 s after the start of
the transient, the requested control signals are changed quite dra-
matically. This is due to the definition of the optimization. Since
the objective function is calculated over a finite time, i.e during the
first 1.5 s of the transient, then it is beneficial to end by doing a
control action which momentarily increases the torque despite the
fact that it results in lower torque in the long term, since the long
term consequence will not be accounted for by the objective func-
tion. In this case, by opening the VGT at the end of the transient,
the exhaust pressure will decrease but due to the dynamics of tur-
bocharger and intake manifold, the intake pressure will not decrease
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Figure 15: VGT as function of time for the optimal cases at 1500, 1750 and
2000 rpm.

instantaneously. This means that it is possible to get lower pumping
losses and higher volumetric efficiency due to the better pressure ra-
tio over the engine, which will increase the short term torque. The
fact that this will lead to a slower build-up of the boost pressure
and consequently a worse long term torque does not have time to
affect the value of the objective function.

2 2.2 2.4 2.6 2.8 3 3.2 3.4 3.6

20

30

40

50

60

70

80

Time [s]

O
v
e

rl
a
p
 r

e
q

u
e
s
t 

[C
A

D
]

 

 

1500 rpm

1750 rpm

2000 rpm

Figure 16: OL as function of time for the optimal cases at 1500, 1750 and 2000
rpm.

5.3 Finding Torque Correlated Measure

If one can find a measure that increases when the torque integral
increases, then it may be possible to get a good torque build-up by
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controlling the VGT and cams in such a way that this measure is
maximized. Here, only the results for 1750 rpm are shown, but the
same set of results for 1500 and 2000 rpm can be found in Appendix
B.
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Figure 17: Mean value of volumetric efficiency during the transient as function
of mean value of IMEP720, 1750 rpm.
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Figure 18: Mean value of turbine efficiency during the transient as function of
mean value of IMEP720, 1750 rpm.

The mean value of volumetric efficiency respectively turbine effi-
ciency during the transient as function of the mean value of IMEP720
is shown in Figure 17 respectively Figure 18. The mean values have
been calculated by integrating over the whole transient and then
divide the integral with the integration time. The reason for pre-
senting the mean values instead of the integrals is to make it easier
to get a feeling of each measure’s order of magnitude. It can be
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seen that none of these measures correlates with the torque inte-
gral. The mean turbine efficiency is almost unchanged throughout
the optimization and the volumetric efficiency is in fact decreasing.
This should not be interpreted that it is beneficial to try to reduce
the volumetric efficiency since also the value at the last iteration is
above one and thus quite high. But it shows that it is not beneficial
to try to maximize the volumetric efficiency at all times, since this
will result in the exhaust pressure being kept low and this will give
a very poor speed build-up of the turbine.
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Figure 19: Mean value of the product of volumetric efficiency and exhaust
pressure during the transient as function of mean value of IMEP720, 1750 rpm.
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Figure 20: Mean value of the product of volumetric efficiency and turbine power
during the transient as function of mean value of IMEP720, 1750 rpm.

Two measures which accounts for both the naturally aspirated
part and the boosted part of the transients are the product of vol-
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umetric efficiency and exhaust pressure respectively the product of
volumetric efficiency and turbine power. These measures are shown
as function of IMEP720 in figure 19 respectively 20. In both cases,
a stronger correlation to the torque integral can be seen but they
are also correlated with each other. This is not surprising since the
turbine power is strongly dependent on the pressure ratio over the
turbine and thus the exhaust pressure.

Hence the simulation has shown that these two measures increase
when the torque integral increases. This does not necessary mean
that the opposite is true, namely that the the torque integral will
be high if the VGT and VVT are controlled so that one of these
measures are maximized. First of all, it has been observed that the
measures increase but not that they are in fact maximized. It may
be the case that higher values of the measures could be reached but
that it would give a worse torque build-up. It is also a question
of what is the cause and what is the effect. These measures are
obviously increasing when the torque is increasing but the question
is if the torque will increase due to control actions that increase
these measures.

5.4 Exhaust Pressure References

In Figure 21, exhaust pressure as function of intake pressure is shown
for the optimal cases at the three engine speeds 1500, 1750 and 2000
rpm. It can be seen that intake and exhaust pressure reaches higher
value for the higher engine speeds which is due to the higher mass
flow through the turbine. Before the transient, the intake pressure is
about 0.6 bar for all engine speeds since the engine is throttled at this
point. The intake pressure then increases rapidly when the throttle
opens but the exhaust pressure is not that much affected, this is the
naturally aspirated part of the transient. Then the boosted part of
the transient starts, where both the intake pressure and the exhaust
pressure increases. What is interesting is that there seems to be a
linear underlying relationship between exhaust and intake pressure,
and moreover the slope of this linear relationship is equal for the
three engine speeds.

The reason for that the exhaust pressure decreases and deviates
from this linear curve during the end of the transients is due to the
fact that the VGT is opened in the last time step since that will give
a higher value of the objective function, as described in Section 5.2.

The fact that the optimal cases have this linear relationship be-
tween exhaust pressure and intake pressure can be thought as that
there exist a specific pressure ratio over the engine where the vol-
umetric efficiency can be kept reasonably high. When increasing
the exhaust pressure more, the volumetric efficiency is lowered to a
larger extent than the faster turbo speed build-up can compensate
for and a lower exhaust pressure means that the turbocharger will
increase its speed too slowly compared to the gain of the higher
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volumetric efficiency.
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Figure 21: Exhaust pressure as function of intake pressure for the optimal cases
at 1500, 1750 respectively 2000 rpm.

In Figure 22 the relationship between pressure ratio over the tur-
bine and corrected turbine speed for the three optimal cases are
shown. The colored background represents the turbine efficiency
map. Since it is a turbine with variable geometry, the efficiency is
actually a function of pressure ratio, corrected turbine speed and
VGT position. It is however difficult to visualize a function of three
variables and when shown in the pressure ratio/corrected turbine
speed plane, all VGT positions have about the same shape of the
efficiency map, so here the average over the VGT positions is shown.
Also for this case, some sort of linear relationship can be seen and
also the short term control action at the end of the transients as
explained for the case with the exhaust and intake pressure rela-
tionship.

It can also be seen that the trajectories are not passing through
the area where the turbine efficiency is the highest. They are conse-
quently above this area, i.e the pressure ratio is slightly higher, but
not so much that they enters the area where the turbine efficiency
starts to decrease rapidly. Hence, there is an optimal compromise
between closing the VGT and thus increasing the pressure ratio
which in turn increases the potential work that can be extracted
from the exhausts, and controlling the VGT towards maximum ef-
ficiency.

Hence there is two different potential ways of calculating an ex-
haust pressure reference which, by the use of the VGT, the ex-
haust pressure could be controlled towards on the engine. These are
of course coupled since a high intake pressure requires the turbine
speed (and thus also the corrected turbine speed) to be high. Also,
the exhaust pressure can not be to high compared to the intake pres-
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Figure 22: Pressure ratio over turbine as function of corrected turbine speed
for the optimal cases at 1500 (blue line), 1750 (black dashed) respectively 2000
(black line) rpm. The colored background is a representation of the turbine
efficiency map, averaged over the different VGT positions.

sure since this will have a negative effect on volumetric efficiency but
it is also the case that the turbine efficiency will get very low with
a too high exhaust pressure since this means that the pressure ratio
over the turbine gets to high. Hence it is the properties of the com-
plete system that determines how these relationships look like. This
means that if some hardware were changed, for instance changing
the turbocharger to one with different inertia, it is most likely that
the slope of the relationships would change since the optimal com-
promise of achieving a fast turbine speed build-up and keeping the
volumetric efficiency high would change for the complete system.
The same goes for when this is applied to the actual engine since
even in the case of a very accurate model, there will be differences
between model and reality. What is promising however, is that the
the relationships are quite similar for all engine speeds tested which
indicates that this might be a general property.

6 Exhaust Pressure Modeling and Control

As described in Section 5.4, the optimal cases in the GT-Power had
some linear relationship between exhaust pressure and intake pres-
sure respectively pressure ratio over turbine and corrected turbine
speed. One possible transient control strategy is thus to control the
exhaust pressure according some of these relationship.

To be able to follow an exhaust pressure reference during a tran-
sient, good models and controllers are needed. Models and con-
trollers derived and described in [14] have been tested for this pur-
pose. All the details about the models and controllers are presented
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in [14] but the main ideas and also motivations for using them in
this context are presented here as well as an evaluation of the control
performance during torque transients.

When using closed loop control, it is important to measure the
output accurately. The exhaust pressure in an internal combustion
engine is very pulsating which means that the measured value and
thus also the control actions from a regulator feed with it, will be
very oscillating. Here, a fast pressure sensor is used which measure
the exhaust pressure at each crank angle. The average over the last
720 CAD is then calculated and this cycle averaged signal is then
sampled with 10ms and used as input to the exhaust pressure model
and controller.

6.1 Exhaust Pressure Model

The exhaust pressure model is based on emptying and filling dy-
namics of the exhaust manifold. The general gas law for a specific
gas is

pV = RmT (8)

where p is the pressure, V is the volume, R is the specific gas con-
stant for the actual gas, m is the mass and T is the temperature.
By rearranging terms and taking the time derivative on both sides,
assuming that V and R are constant and by also assuming that T
changes much slower than p and thus can be considered constant,
you end up with

ṗ =
RT

V
ṁ (9)

where ẋ denotes the time derivative of x. The mass flow ṁ, is the
net flow into the volume. This equation is used to describe how the
exhaust pressure changes on the engine. Since the model will be
used in an engine control system, which by nature is discrete, it is
discretized.

pexh,k+1 = pexh,k + β(vk − wk) (10)

Here the index k denotes the current time step, vk is the mass flow
entering the exhaust manifold from the cylinders, wk is the mass
flow through the turbine and β is a parameter which is dependent
on the volume of the exhaust manifold, the gas constant, the gas
temperature and the sampling time. The volume of the manifold
is constant as well as the sampling time. The gas constant will
be dependent on the air fuel ratio λ, but the ECU will request
a stoichiometric air fuel ratio, λ = 1, in all transients and even
if it will not be possible to keep exactly this value at all times,
the deviations will be quite small and more importantly, it will be
impossible to measure the deviations instantaneously since there is
a certain delay in the lambda sensors. The temperature dependent
will also be difficult to account for since the temperature sensor used
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for measuring exhaust temperature has a response time in the order
of 10 s. Hence, β is considered to be constant.

The mass flow vk is the sum of the mass flow of air and fuel. The
fuel flow was estimated as the requested fuel flow by the ECU and
the air flow was estimated in two different ways. The volumetric
efficiency model described in Section 4 was used for cases when it
is valid, i.e for control strategies with OLcenter = 0 and resulting
pressure trajectories in the area for which it has been calibrated.
For other cases, the measured mass flow of air by the HFM was
used.

The mass flow wk, i.e the mass flow through the turbine, is usually
described by a turbine map which is provided by the manufacturer.
The turbine map is a static relation of turbine speed, pressure ratio
and VGT position. This relation can be described by a model of the
form

wk = α1(pexh,k − 1)α2 ln(α3uk + α4) (11)

where u is the VGT position and αj are the model parameters.
The model does not have any turbine speed dependence which is
motivated by its relatively weak influence on the mass flow. Also
the exhaust pressure is used instead of the pressure ratio over the
turbine which implies that the pressure after the turbine is assumed
to be atmospheric. Inserting this model of the turbine flow into the
exhaust pressure model in Equation (10) results in the first order
model

pexh,k+1 = pexh,k + β(vk − α1(pexh,k − 1)α2 ln(α3uk + α4)) (12)

This model does not take the dynamics of the VGT actuator
into account since the control signal, u, is the actual VGT position.
The VGT has an internal position controller which means that the
control signal will actually be the requested position. If the actuator
is modeled as a first order system, this result in the second order
system

xk+1 = Lxk + (1− L)uk
pexh,k+1 = pexh,k + β(vk − α1(pexh,k − 1)α2 ln(α3xk + α4))

(13)

where x is the actual VGT position, L is the time constant of the
VGT actuator and the control signal u is the requested VGT posi-
tion.

Both the first and the second order model have been calibrated
by the authors in [14] by using random input of the VGT which
is piecewise constant for eight samples, i.e 80 ms. The calibration
was performed from a 2 minute measurement at the operating point
1750 rpm and 8.4 bar BMEP.
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6.2 Exhaust Pressure Controller

As described, the dynamics of the exhaust pressure is highly non-
linear which means that a linear controller, such as a regular PID-
controller, will only perform well close to the operating point where
it is tuned. One possible method to overcome this problem is to
use gain scheduling which means that the PID-controller is tuned
for a numerous of operating points and the control parameters are
then changed depending on the operating point. This method can
be quite time consuming since the tuning may have to be performed
at a lot of operating points in order for the overall control perfor-
mance to be satisfying. A more systematic method is to design a
nonlinear controller which gives the same control performance in a
larger operating regime. Two different nonlinear controllers have
been tried for controlling the exhaust pressure. One which is based
on feedback linearization (FL) and one input output model inversion
(IOMI) controller.

The idea of FL is to perform a transformation of the states and
the control signal which results in a linear system in the new states.
For this linear system, a state feedback controller with desired prop-
erties can then be designed with pole placement, see for instance [15,
p. 183-187]. The control signal calculated by the state feedback con-
troller is then transformed back to the physical states and applied to
the system. A rigorous description of feedback linearization can be
found in [16, p.505-544]. The state transformation and the details
of the FL controller for the second order system in Equation (13)
are described in Appendix C.

The idea of the IOMI controller is to invert the function which
maps the input to the output. This means that a function that cal-
culates the necessary input for a specific output is derived, and thus
by feeding this function with the reference value, i.e the requested
output, it is possible to calculate the correct control signal. A nec-
essary condition on the system in order for this method to work is
that the system is a bijection, i.e a one-to-one mapping so that for
every operating point, each output corresponds to one specific input.
Here, the mapping from the input (VGT position) to the output (ex-
haust pressure) is the first or second order exhaust pressure model,
i.e equation (12) and (13). The exhaust pressure is controlled by
controlling the VGT position which in turn controls the mass flow
through the turbine. For all operating points, the mass flow through
the turbine gets higher if the VGT is more opened and lower if the
VGT is more closed. Thus the condition of bijection holds in this
case.

The details of the controller will not be presented here, the in-
terested reader is referred to [14]. There it is also shown how the
reference is chosen so that proportional and integral control action
is achieved. This is important since if the control signal is calcu-
lated directly from the inverted exhaust pressure model, then the
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controller will be very sensitive to model errors. Hence, the IOMI
controller has two parameters, the gain of the integral respectively
the proportional part. This makes the tuning easy since the con-
troller can be tuned in the same way as for a regular PI controller.

Another advantage of the IOMI controller is that all its internal
dynamic is in the old control signal and by saturating it, automatic
anti-windup is achieved. Integral windup can occur for a controller
with an integrator state, such as a PI controller. This happens when
the control signal has been saturated but there is still a difference
between the reference and the output. The integrator state will
thus still increase its value due to the reference error which means
that the demanded control signal from the controller may be much
higher than the control signal that is applied to the system. When
the output then reaches and exceeds the reference value, the control
signal applied to the system will still be at the maximum value for
some time since the integrator state first has to get down to the
maximum (physical) value before the actual applied control signal
will be lowered. This can be solved with an anti-windup function
but this is not needed for the IOMI controller.

The performance of the IOMI controller and the FL controller
have been tested in [14] for two different scenarios. In the first,
the mass flow is kept constant and the exhaust pressure reference
is changed in steps. In the second, the exhaust pressure reference
is kept constant and the mass flow is changed in steps. The con-
clusion was that both controllers gives similar performance over a
wide operating range and that the FL controller gave slightly better
performance.

The scenario of controlling the exhaust pressure towards a refer-
ence during a torque transient is a more complex scenario since both
the mass flow and the reference is changing at the same time. An-
other aspect is that the engine should be running according to the
stationary calibration before the transient. This means that the con-
troller should not be activated until the transient starts. This is no
problem with the IOMI controller since all its dynamics is in the old
control signal. Hence by feeding it with the actual VGT control sig-
nal, it will automatically be initiated correctly when it is activated.
The FL controller however has an integral state which needs to be
initiated correctly when the controller is activated. This is done
by having a function which constantly calculates which integrator
state that should result in a control signal from the FL controller
which equals the present control signal to the VGT. When the FL
controller is active, then this will of course equal the integrator state
but this is not generally the case when it is not active. When the
controller gets activated, then this calculated integrator state is used
to initiate the integrator state of the FL controller.

Figure 23 shows the exhaust pressure reference and the actual
exhaust pressure when the IOMI controller is used during a torque
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Figure 23: Exhaust pressure reference and actual value during a torque transient
at 1750 rpm. The exhaust pressure reference is calculated as 1.2 · pint and the
IOMI controller is used.
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Figure 24: Requested and actual VGT position during a torque transient at
1750 rpm. The exhaust pressure reference is calculated as 1.2 · pint and the
IOMI controller is used.

transient. The exhaust pressure reference is calculated as 1.2 · pint.
Before the transient, the throttle is closed to a large extent which
gives an intake pressure slightly below 0.5 bar. The calculated ex-
haust pressure reference is thus slightly above 0.5 bar. The actual
exhaust pressure differs greatly from the reference due to the fact
that the controller is not activated before the transient starts and
more importantly, due to the fact that it is physically impossible to
have a lower exhaust pressure than atmospheric. When the transient
starts, the intake pressure and thus the exhaust pressure reference
increases rapidly and except for a short period of time in the be-
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ginning of the transient, the output is almost exactly equal to the
reference. It can also be seen that there is no overshoot.

The requested VGT position from the controller and the actual
VGT position can be seen in Figure 24. It can be seen that before
the transient, the requested value from the controller is about 230
% which is not practically possible since the range of the VGT is 0−
100 %. The reason is the extremely low exhaust pressure reference
before the transient. When the transient starts and the exhaust
pressure reference exceeds the actual pressure, the controller wants
to close the VGT fully, or it is in fact requesting for a negative value.
But the dynamics of the VGT actuator limits how fast the actual
VGT position is changed. It can be seen that it is the actuator
dynamics which makes it impossible to follow the exhaust pressure
reference in the beginning of the transient since the time for when
the exhaust pressure catch up the reference is the same as when the
VGT position catch up with the requested VGT position. It can
also be seen that despite the fact that the requested control signal
is outside the physical range of the actuator, no windup phenomena
can be seen in the reference tracking which is due to the automatic
anti-windup of the IOMI controller.
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Figure 25: Exhaust pressure reference and actual value during a torque transient
at 1750 rpm. The exhaust pressure reference is calculated as 1.2 · pint and the
FL controller is used.

The same set of results for the FL controller are shown in figure
25 and 26. It can be seen that this controller gives an overshoot and
also that the exhaust pressure reference starts to deviate from the
reference during the last part of the transient. For this controller,
an anti-windup function is used so the problem with the overshoot
in the beginning is not due to integral windup. Some tuning were
tried for this controller but actions that resulted in smaller deviation
in the end of the transient gave larger overshoot and vice versa.
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Figure 26: Requested and actual VGT position during a torque transient at
1750 rpm. The exhaust pressure reference is calculated as 1.2 · pint and the FL
controller is used.

The problem is probably due to the very rapid change in op-
erating point during the start of the transient. The controller is
activated when the transient is detected from the driver request.
At this point, the mass flow and the intake pressure (and thus the
exhaust pressure reference) will be very low since the dynamics of
the throttle actuator and intake manifold will give a delay between
when the driver request for more torque and when the mass flow
and intake pressure in fact start to increase.

It can be seen in Figure 26 that the integrator is initiated cor-
rectly when the transient starts at about 0.2 s, meaning that the
requested VGT signal is equal to the actual VGT position at this
point. It can not be seen in the figure due to the scaling of the
y-axis, but the requested VGT from the controller is in fact 8000 %
before the transient.

However, this is only the case in this exact sample, the requested
VGT is then increased up to 300 % for a short time due to the
very low exhaust pressure reference at this point. This means that
the initialization handles the large integrator drifts well, i.e in this
case taking the request from 8000 % before the transient to a more
reasonable value, but due to the delay from driver request to change
in operating condition, it will still start at a wrong value when the
transient starts physically, i.e when the mass flow and pressure starts
to change.

In Figure 27, a comparison of the requested and actual VGT
position for the two different controllers is shown. Here it can easily
be seen that the FL controller initializes at 0.22 s but only holds that
value for one sample. It can be seen that the control actions of the
FL controller are constantly behind those of the IOMI controller. It
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Figure 27: Requested and actual VGT position during a torque transient at
1750 rpm when using IOMI respectively FL controller. The exhaust pressure
reference is calculated as 1.2 · pint.

can also be seen that at the points when the VGT position catch
up with the request, which happens at about 0.43 s for the IOMI
controller and at about 0.45 s for the FL controller, there is an
overshoot in the VGT position control for the FL controller which
is not the case for the IOMI controller.

The VGT actuator has an internal position controller which can
not be changed and is thus the same in both cases. But the IOMI
controller gives a more smooth and flat VGT request which the
position controller can follow. The VGT request of the FL controller
is more steep at the point where the actual VGT position catches up
with the requested and this result in the overshoot. It might seem
like this overshoot in the position control could be neglected since
it can barely be seen in the figure. But the VGT is highly nonlinear
and it is most sensitive at quite closed positions, meaning that a
change from 10− 20 % will affect the mass flow much more than a
change from 80− 90 %.

The requested VGT position at this point is about 18 % but the
actual position is about 6 % for some time which result in a too
low mass flow through the turbine at this point and thus a too high
exhaust pressure. This overshoot in the position control is hence
part of the reason for the overshoot in exhaust pressure since they
both occur at approximately the same time.

Some tests were performed where the FL controller was not acti-
vated until the transient could be detected as a change in mass flow
and/or intake pressure. But it was not possible to achieve as good
performance as for the IOMI controller. Since the IOMI controller
also is more simple to implement with no initialization needed and
easy to tune, it was decided that this controller should be used for
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the exhaust pressure control.

7 Transient Control on Engine

It is important to always start at the same initial state in order to
get repeatable measurements of transients. As described in Section
2.2, it is for instance possible to affect the speed of the turbocharger
at a certain load point by changing the calibration and this will
greatly affect the torque build-up. Therefore, all transients started
with settings corresponding to the stationary calibration. But other
conditions will also affect the torque build-up. One such thing is the
temperature of the exhaust manifold since a colder exhaust mani-
fold will result in higher heat transfer from the exhausts to the
wall and thus less power to the turbine. In order to get as repeat-
able measurements as possible, a new transient were not started
until turbo speed, measured gas temperature before the turbine and
measured gas temperature in the intake manifold had reached re-
spectively steady state value. Since the temperature sensors have
time constants in the order of 10 s, then it can be assumed that the
wall temperatures will be close to their stationary values when the
measured gas temperatures are.

It is also important that the ambient conditions are the same
since a higher ambient pressure gives higher air density and conse-
quently higher air mass in to the cylinder(and thus higher torque)
for the same settings on the engine. It is not possible to control
the ambient conditions in the engine test cell and therefore only
transients measured at the same occasion can be compared.

In all cases, the average over 5 identical transients were taken in
order to attenuate the random noise that exists in each measure-
ment. This also made it possible to investigate the repeatability by
plotting all 5 transients of a specific case. In Figure 28, 5 individual
transients are shown and it can be seen that each measurement has
some noise but that the underlying curve is reasonably similar for
all 5 transients.

7.1 Optimizing an Objective Function

Both the optimization in GT-Power and the results from the ear-
lier work [1] indicate that the product of volumetric efficiency and
exhaust pressure could be a good measure to maximize during the
transient, hence this was tried on the engine. The VGT and OL were
simultaneously controlled by each sample maximize this measure

max
V GT,OL

ηvol · p1/pexh (14)

where p is a tuning parameter which can be used to adjust the weight
between the two terms and the exhaust pressure is measured in bar.
Each term in the objective function were calculated with a model.
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Figure 28: IMEP720 for 5 individual transients, 2000 rpm.

The volumetric efficiency model described in Chapter 4 was used
for estimating ηvol and the first order model described in Section 6.1
was used for estimating the exhaust pressure.

At each sample, the future exhaust pressure as function of VGT
position is predicted by feeding the exhaust pressure model with 51
positions of the VGT, i.e. from 0 to 100 % with a step of 2 %.
These predictions of the exhaust pressure and the current intake
pressure are used as input to the volumetric efficiency model as well
as a vector with 79 possible overlaps, from 0 to 78 CAD with a step
of 1 CAD. This results in 51 · 79 different combinations. For each
combination, the value of the objective function is calculated and
the combination of OL and VGT that gives the highest value is used
as control signals in the next sample.

In Figure 29, IMEP720 as function of time is shown when con-
trolling OL and VGT in this manner and for different values of the
tuning parameter p. It can be seen that the first part of the tran-
sient is identical for all values, only the latter part is affected by
the tuning. In all this cases, the chosen time horizon for which the
predictions are made over was one sample, N = 1. But the same
phenomena could be seen also when longer prediction horizons were
used. The VGT position for the transients are shown in Figure 30
and it can be seen that during the first part of the transient, the
VGT is fully closed for all cases and that the VGT control is dif-
ferent only during the last part of the transient. It should also be
noticed when looking at Figure 29 that after the naturally aspirated
part of the transient, the torque is decreasing for a short time before
it again increases. This is not acceptable in a car from a driveabil-
ity point of view and since it was not possible to affect this part of
the transient by tuning, this is a major drawback for this control
strategy.
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Figure 29: IMEP720 trace when using the objective function in Equation (14)
for different values of the tuning parameter p, 1750 rpm.

Another issue with this control strategy can be seen in Figure
30. After 1.5 s, the VGT position of the case with p = 1.3 starts
to oscillate. This is due to the fact that the control signals are
taken as those who maximize the objective function each sample. If
the shape of the objective function is quite flat for some conditions,
meaning that it is not one clear optimum where the function is
much larger than elsewhere, then it may happen that the control
requests change a lot in every sample. This rapid changes will not
be possible to follow due to the dynamics of the actuators and it is
also not beneficial for the durability of the actuators.
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Figure 30: VGT position when using the objective function in Equation (14)
for different values of the tuning parameter p, 1750 rpm.

In Figure 31, IMEP720 is shown for the objective function with
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Stationary Calibration

N = 1, p = 1.3

Figure 31: IMEP720 for stationary calibration and the objective function control
for the best value of p, 1750 rpm.

the value of p that resulted in best torque build-up together with
IMEP720 for the stationary calibration. It can be seen that the
objective function control result in worse torque build-up in the be-
ginning of the transient and that the stationary calibration does not
have the problem with a decrease in torque after the naturally as-
pirated part. The objective function control passes the stationary
calibration during the latter part of the transient, but the torque in-
tegral of the first 1.5 s of the transient is although higher for the sta-
tionary calibration. The exhaust and intake pressures during these
transients are shown in Figure 32. It can be seen that the objec-
tive function control results in substantially higher exhaust pressure
than is the case for the stationary calibration and that the difference
between the exhaust and intake pressure is very high in the early
part of the transient. This bad pressure ratio over the cylinders
worsen the volumetric efficiency greatly an explains why the objec-
tive function control has that poor initial torque build-up. In the
latter part, the intake pressure gets higher for the objective function
since the more closed VGT results in higher turbine speed, as can
be seen in Figure 33, and thus higher boost pressure.

7.2 Exhaust Pressure Reference

The IOMI controller described in Section 6.2 was used to control
the exhaust pressure according to a reference trajectory. As de-
scribed in Section 5.4, there are two candidates for calculating the
exhaust pressure reference since the optimal cases in GT-Power had
approximately linear dependencies between both exhaust pressure
and corrected turbine speed and also between exhaust pressure and
intake pressure.

40



0 0.5 1 1.5 2

0.4

0.6

0.8

1

1.2

1.4

1.6

Time [s]

E
x
h

a
u

s
t/

In
ta

k
e

 P
re

s
s
u

re
 [

B
a

r]

 

 

P_exh, Stationary Calibration
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Figure 32: Exhaust and intake pressure for stationary calibration and the ob-
jective function control for the best value of p, 1750 rpm.
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Stationary Calibration

N = 1, p = 1.3

Figure 33: Turbo speed for stationary calibration and the objective function
control for the best value of p, 1750 rpm.

An initial test indicated that using the intake pressure to create
the exhaust pressure reference had the highest potential. Another
motivation for using this signal to calculate the exhaust pressure
reference is that it requires less new hardware and/or calibration
than using the corrected turbine speed. In both cases, a rapid pres-
sure sensor is needed in the exhaust manifold which is not standard
to have in production cars and thus introduce an extra cost. It
would perhaps be possible to use a modeled exhaust pressure in the
closed loop control but this has not been tested. To calculate the
corrected turbine speed, both the actual turbine speed and the ex-
haust temperature is needed. Turbine speed sensor is not standard
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in production cars and the turbine speed is also difficult to model
accurately, especially in transients (see for instance [17]). The ex-
haust temperature can either be measured or modeled. Due to the
long time constants of temperature sensors, the measured value will
differ greatly from the actual value during transients so a model is
most likely a better choice. To develop a model with sufficient ac-
curacy will require some calibration which increases the total cost.
The intake pressure is however standard to measure on production
engines so no extra cost besides the cost of the fast exhaust pressure
sensor is required with this method. Therefore, the exhaust pres-
sure reference pexh = k ·pint was used. In the GT-Power simulations
k ≈ 1.2 for all engine speeds but different values were tried to find
the one that gave best result on the engine.

The closed loop control of the exhaust pressure only controls the
VGT, so the question is how the cams should be controlled. Two
strategies were tried, the first was to use the volumetric efficiency
model described in Chapter 4 to calculate which overlap that would
result in the highest volumetric efficiency in each sample. The other
strategy was to use cam positions according to the stationary cali-
bration during the transient.
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Stationary Calibration

Pexh_ref OL=max(VolEff)

Pexh_ref Cal. Cams

Figure 34: IMEP720 for stationary calibration (thick green), closed loop con-
trolled exhaust pressure and overlap for maximum volumetric efficiency (thin
dashed blue) and closed loop controlled exhaust pressure and calibrated cams
(thick black), 1500 rpm.

In figure 34, 35 and 36, IMEP720 is shown for the stationary
calibration and the closed loop control of exhaust pressure with the
two different cam strategies for 1500, 1750 respectively 2000 rpm.
The best value of the tuning parameter k is used in all cases. It
can be seen that the closed loop control of the exhaust pressure and
stationary cams gave the best torque build-up for all engine speeds.
What is interesting is that when using the stationary cams, the slope
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Stationary Calibration

Pexh_ref OL=max(VolEff)

Pexh_ref Cal. Cams

Figure 35: IMEP720 for stationary calibration (thick green), closed loop con-
trolled exhaust pressure and overlap for maximum volumetric efficiency (thin
dashed blue) and closed loop controlled exhaust pressure and calibrated cams
(thick black), 1750 rpm.
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Stationary Calibration

Pexh_ref OL=max(VolEff)

Pexh_ref Cal. Cams

Figure 36: IMEP720 for stationary calibration (thick green), closed loop con-
trolled exhaust pressure and overlap for maximum volumetric efficiency (thin
dashed blue) and closed loop controlled exhaust pressure and calibrated cams
(thick black), 2000 rpm.

of the exhaust pressure reference which gave the best torque build-
up was equal, i.e k = 1.15, for all three engine speeds. This was also
the case for the GT-Power simulations.

For 1500 rpm, using the volumetric efficiency model to control
the overlap with the closed loop control of the exhaust pressure actu-
ally resulted in worse performance than the stationary calibration.
At 1750 rpm the performance is comparable with the stationary
calibration but considerably worse than using the stationary cams
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Stationary Calibration

Pexh_ref OL=max(VolEff)

Pexh_ref Cal. Cams

Figure 37: Measured air mass by the HFM for stationary calibration (thick
green), closed loop controlled exhaust pressure and overlap for maximum volu-
metric efficiency (thin dashed blue) and closed loop controlled exhaust pressure
and calibrated cams (thick black), 1500 rpm.

whereas at 2000 rpm, the performance is almost as good as using
the stationary cams. As can be seen in Figure 37 where the mea-
sured air mass from the HFM is shown for 1500 rpm, the air flow
is lower for the case when the volumetric efficiency model is used.
Since the mass flow is lower for approximately the same conditions,
then this means that the volumetric efficiency is lower. This in turn
means that the model does not derive the cam positions which gives
maximum volumetric efficiency since there apparently exists some-
thing better. The same figures can be seen for 1750 and 2000 rpm
in Appendix D.

This indicates that the model is not good enough for predicting
the air charge in transients. The transient validation in Section 4.4
showed that the model estimates the air charge in transient better
than the HFM, but it was still a non negligible deviation from the
requested λ = 1.

The model was calibrated from measurements in steady state and
even though measurements were made for the same pressure ratios
as is being reached during transients, all conditions will not be the
same. This includes for instance the wall temperature of the exhaust
and intake pipes since during the steady state measurements, the
temperatures have time to settle to their steady state values but
this is not the case during the transients where the temperatures
will be close to the values before the transients start.

The wall temperature of the exhaust system will affect how much
the exhausts are cooled and this will affect the gas density in the ex-
haust manifold. Perhaps more important is that the temperature of
the intake system and the cylinder walls will affect the temperature
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and thus the density of the gas when the intake valve closes. These
phenomena will affect the volumetric efficiency and is not captured
by the model.

Another possible explanation is the fact the model only considers
cam positions with a overlap center at TDC. Then it might happen
that other cam positions in fact result in higher volumetric efficiency.
In Figure 38, the requested and actual overlap center during a torque
transient are shown when the stationary calibration respectively the
volumetric efficiency model is used to control the cams. It can be
seen that the requested value when using the volumetric efficiency
goes directly to zero when the transient starts and this is due to the
fact that this control can only request cam positions which result in
overlap center at TDC. But it can also be seen that the requested
overlap center for the stationary calibration is very close to zero,
hence this model simplification is not the reason for the stationary
calibration giving higher volumetric efficiency.
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Figure 38: Requested and actual overlap center when using stationary calibra-
tion respectively the volumetric efficiency to control the cams during a torque
transient at 1750 rpm.

7.3 Sensitivity Analysis

The robustness of used control strategies are very important in the
automotive industry. Cars are used in different environments and
during different conditions and to justify the use of a more complex
control strategy, it must perform well also in other conditions. It
may also happen that sensors break or starts to drift, resulting in
the measured value differing from the real value. The sensitivity of
the control strategy has been investigated for two different cases,
one where the engine oil and water temperature are changed from
their nominal values of about 85◦C to 70◦C, and one where the gain
of the intake or exhaust pressure sensor is simulated to be wrong
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by changing the parameter k in the closed loop exhaust pressure
control. Both cases where tested at 1750 rpm.

Figure 39 shows the torque build-up for the stationary calibra-
tion and the best closed loop exhaust control for the case when the
engine water and oil temperature are lower than nominal. It can
be seen that the closed loop control gives better performance than
the stationary calibration also for this condition, and it can be seen,
when compared to Figure 35, that the benefit is as high as for the
case with nominal temperatures.
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Figure 39: IMEP720 for a case with lower engine oil and engine water tempera-
ture than nominal, 1750 rpm. The blue dashed line is the stationary calibration
and the black thick solid line is closed loop controlled pexh = 1.15 · pint and
stationary cams.

In Figure 40, the torque build-up is shown for the stationary
calibration, the best closed loop exhaust control (k = 1.15) and the
closed loop exhaust control with different k-values, i.e 1.25 and 1.05.
This is equivalent to having an intake or exhaust pressure sensor
with wrong gain, since if the intake pressure sensor gives the wrong
value, then this error will affect the calculated exhaust pressure
reference linearly. If the exhaust pressure sensor gives wrong value,
then the closed loop control will control the exhaust pressure to the
wrong value. The used values of k is equivalent to a gain error of
± 9% in either the intake or the exhaust pressure sensor.

As can be seen, the case with a higher value of k, which is equiva-
lent to the intake pressure sensor giving too high value or the exhaust
pressure sensor giving too low value, results in a very poor torque
build-up which is also negative after the naturally aspirated part.
The underestimate of the exhaust pressure (or overestimate of the
intake pressure) results in the exhaust pressure controller closing the
VGT almost fully as can be seen in Figure 41, where the correspond-
ing VGT positions are shown. This results in poor torque build-up
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due to the bad pressure ratio over the cylinders which worsen the
volumetric efficiency greatly, as described in Section 7.1. For the
case with lower value of k, the exhaust pressure controller is keep-
ing the VGT almost fully open during the main part of the transient
due to the overestimating of the exhaust pressure (or underestimate
of the intake pressure). This results in a good initial torque build-up
since the pressure ratio over the engine is good and thus also the
volumetric efficiency. But the too open VGT means that the tur-
bocharger does not spool up that fast which result in lower torque
in the end of the transient. In this case, the torque build-up is much
better than the case with higher value of k, but it performs much
worse than for the best value of k and in fact slightly poorer than
the stationary calibration.
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Stationary Calibration

Pexh_ref k=1.25
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Figure 40: IMEP720 for stationary calibration and closed loop exhaust pressure
control with different values of the tuning parameter k. The cams are controlled
as the stationary calibration for all cases. 1750 rpm.

This high sensitivity to disturbances in the pressure measure-
ments is a main drawback of the control strategy. This means that
some diagnosis functionality of the pressure sensors needs to be de-
rived, this way the closed loop control can be deactivated when an
error in the pressure measurements is detected. It is common to
have two pressure sensors on the intake side on engines with elec-
tronic throttle control since this makes it possible to estimate the
flow through the throttle. During high load, the throttle will be
almost fully open which means that the pressure before and after it
should be the same. Thus this could be tested and if the two sen-
sors differ too much, then it is assumed that one of them gives the
wrong value and the closed loop control is deactivated. The same
test can be performed before the engine is started, since the pres-
sure before and after the throttle is the same when the mass flow
is zero. On the exhaust side, the sensor value has to be compared

47



0 0.5 1 1.5 2

10

20

30

40

50

60

70

80

90

Time [s]

V
G

T
 p

o
s
it
io

n
 [

%
]

 

 

Stationary Calibration
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Figure 41: VGT position for for stationary calibration and closed loop exhaust
pressure control with different values of the tuning parameter k. The cams are
controlled as the stationary calibration for all cases. 1750 rpm.

with some modeled value. This could be some physical model but
the question is if a model with high enough accuracy can be derived.
An perhaps easier method is to store the steady state exhaust pres-
sure for different load points in a lookup table, perhaps also with
some compensation for different atmospheric conditions. Then in
steady state, the measured exhaust pressure can be compared with
the value in the lookup table.

Since an error of only 9% resulted in deteriorated performance,
the diagnosis must be able to detect errors that are substantially
lower. This accuracy may not be possible to achieve. A more prag-
matic way of solving the robustness issue is to limit the allowed
deviation between the stationary calibration and the control signal
of the exhaust pressure controller. The upper limit should then be
equal to the stationary calibration since a more opened VGT will
give too slow speed build-up of the turbocharger. The lower limit
needs to be tuned to a value which still gives better performance
than the stationary calibration. This limit will probably need to be
engine speed dependent.

8 Conclusions

By closed loop control of the exhaust pressure towards an exhaust
pressure reference, the speed of the torque build-up when going from
low load to full load can be increased compared to when a stationary
calibration is used. This exhaust pressure reference is calculated as
a linear function of the current intake pressure. The optimal slope
of this linear function was found to be equal for all engine speeds
that were tested. This indicates that it is enough to calibrate this
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linear function at only one engine speed.
Since the settings before the transient is unaffected, then this

performance increase is obtained without any penalties in station-
ary fuel consumption. The stationary cams when calibrating the
engine for lowest stationary bsfc seems to be close to optimal even
in transient conditions since no better cam control has been found
when used together with the closed loop control of the exhaust pres-
sure.

The closed loop control of the exhaust pressure has been made
with a controller called IOMI. This controller needs a model for the
exhaust pressure which requires about 2 minutes of measurements
in an engine test cell for its calibration. The tuning of the controller
can be made in the same way as for a regular PI controller and
the same parameters can be used in a wide operating regime since
the controller is nonlinear. This, combined with the fact that it
may be possible to calibrate the optimal ratio between exhaust and
intake pressure at only one engine speed, means that the calibration
required for the control strategy is low.

A fast pressure sensor is the extra hardware that is required for
the control strategy. It should be able to sample the exhaust pres-
sure with high enough frequency so that the cycle averaged exhaust
pressure can be adequately estimated. It would perhaps be possi-
ble to use a modeled value of the exhaust pressure instead, which
would lower the cost. Since the slope of the reference function is
calibrated from the exhaust pressure model, then any model errors
will be compensated for by the calibration. This may be something
to investigate in a future work.

The control strategy was found to be robust towards disturbances
in oil and water temperature. Even for slightly lower oil and water
temperatures than nominal, i.e 70◦C instead of about 85◦C, the same
benefit in torque build-up compared to the stationary calibration
was achieved.

The robustness towards error in the pressure measurements were
found to be high. The gain of the intake or exhaust pressure sensors
were simulated to be wrong and it was found that this affected the
performance so much that the torque build-up got worse than for
the stationary calibration. This needs to be accounted for if this
strategy were to be used in a production car. One way of increasing
the robustness is to have a diagnosis functionality which can detect
when the sensors are showing uncorrect values. An easier and more
robust way is to limit how much the control actions from the ex-
haust pressure controller are allowed to deviate from the stationary
calibration. The upper limit should be equal to the stationary cali-
bration since a more opened VGT will give too slow speed build-up
of the turbocharger. The lower limit needs to be tuned to a value
which still gives better performance than the stationary calibration.
This limit will probably need to be engine speed dependent.
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List of Abbreviations

BMEP Brake Mean Effective Pressure

bsfc Brake Specific Fuel Consumption

CAD Crank Angle Degree

CA50 Crank Angle for 50 % burned fuel

CO Carbon Monoxide

ECU Electronic Control Unit

FL Feedback Linearization

FMEP Friction Mean Effective Pressure

HC Hydro Carbons

HFM Hot Film Mass Meter

IMEP720 Net Indicated Mean Effective Pressure

IOMI Input Output Model Inversion

NOx Nitrogen Oxides

OL Overlap

PID Proportional Integral Derivative (controller)

SI Spark Ignited

TDC Top Dead Center

VGT Variable Geometry Turbine

VVT Variable Valve Timing

WOT Wide Open Throttle
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A Confidence Interval Volumetric Efficiency Model
Parameters

Table 5: Parameter values for the volumetric efficiency model at 1500 rpm as
well as upper and lower bound of 95% confidence interval for each parameter.

β1 β2 β3 β4 β5 β6 β7
Coefficient 0.84 0.69e-2 -8.5e-4 -5.8e-9 5.8e-6 -1.3e-6 -0.60e-2
Lower Bound 0.84 0.29e-2 -12e-4 -9.0e-9 3.6e-6 -1.7e-6 -1.0e-2
Upper Bound 0.85 1.1e-2 -4.8e-4 -2.7e-9 8.1e-6 -0.89e-6 -0.17e-2

Table 6: Parameter values for the volumetric efficiency model at 2000 rpm as
well as upper and lower bound of 95% confidence interval for each parameter.

β1 β2 β3 β4 β5 β6 β7
Coefficient 0.85 1.3e-2 -9.7e-4 -6.6e-9 6.7e-6 -1.6e-6 -1.2e-2
Lower Bound 0.84 1.0e-2 -12e-4 -8.2e-9 5.6e-6 -1.8e-6 -1.4e-2
Upper Bound 0.85 1.5e-2 -7.8e-4 -5.1e-9 7.8e-6 -1.4e-6 -0.92e-2
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B GT-Power Torque Correlations 1500 and 2000
rpm
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Figure B-1: Mean value of volumetric efficiency during the transient as function
of mean value of IMEP720, 1500 rpm.
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Figure B-2: Mean value of turbine efficiency during the transient as function of
mean value of IMEP720, 1500 rpm.
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Figure B-3: Mean value of the product of volumetric efficiency and exhaust
pressure during the transient as function of mean value of IMEP720, 1500 rpm.
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Figure B-4: Mean value of the product of volumetric efficiency and turbine
power during the transient as function of mean value of IMEP720, 1500 rpm.
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Figure B-5: Mean value of volumetric efficiency during the transient as function
of mean value of IMEP720, 2000 rpm.
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Figure B-6: Mean value of turbine efficiency during the transient as function of
mean value of IMEP720, 2000 rpm.
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Figure B-7: Mean value of the product of volumetric efficiency and exhaust
pressure during the transient as function of mean value of IMEP720, 2000 rpm.
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Figure B-8: Mean value of the product of volumetric efficiency and turbine
power during the transient as function of mean value of IMEP720, 2000 rpm.
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C State Transformation of Second Order Exhaust
Pressure Model

For the second order system in Equation (13), the state transforma-
tion (

ξ1
ξ2

)
=

(
pexh

−βγ(pexh)h(x)

)
(C-1)

where γ(pexh) = α1(pexh − 1)α2 and h(x) = ln(α3x+ α4), and with

ũ = h(Lx+ (1− L)u) (C-2)

gives the system

(
ξ1,k+1

ξ2,k+1

)
=

(
1 1
0 0

)(
ξ1,k
ξ2,k

)
+

(
0
−β

)
γ(ξ1,k+ξ2,k+βwk)ũk+

(
β
0

)
wk

(C-3)
To avoid a stationary error, the integrated control error is added as
a third state

ξ3,k+1 = ξ3,k + Ts(p
ref
exh,k − pexh,k) (C-4)

where Ts is the sampling time and prefexh,k is the exhaust pressure
reference.

By using

ũk =
−1

βγ(ξ1,k + ξ2,k + βwk)
vk (C-5)

The linear system

 ξ1,k+1

ξ2,k+1

ξ3,k+1

 =

 1 1 0
0 0 0
−Ts 0 1

 ξ1,k
ξ2,k
ξ3,k

+

 0
1
0

 vk+

 β
0
0

wk+

 0
0
Ts

 pexhref,k

(C-6)
is derived. If the system is controllable, then the poles of the closed
loop system can be placed arbitrarily. A system of order n is con-
trollable if the controllability matrix R = [B AB A2B An−1B] has
full rank, i.e n linearly independent columns [15, p.182-183]. Here

A =

 1 1 0
0 0 0
−Ts 0 1

 (C-7)

and

B =

 0
1
0

 (C-8)

which gives

R =

 0 1 1
1 0 0
0 0 −Ts

 (C-9)
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which has full rank since Ts 6= 0, and thus the poles can be placed
arbitrarily. The actual control signal u is then calculated using the
relations in equation (C-5) and (C-2).
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D Measured Air Mass during Transients at 1750
and 2000 rpm
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Stationary Calibration

Pexh_ref OL=max(VolEff)

Pexh_ref Cal. Cams

Figure D-1: Measured air mass by the HFM for stationary calibration(thick
green), closed loop controlled exhaust pressure and overlap for maximum volu-
metric efficiency(thin dashed blue) and closed loop controlled exhaust pressure
and calibrated cams(thick black), 1750 rpm.
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Stationary Calibration

Pexh_ref OL=max(VolEff)

Pexh_ref Cal. Cams

Figure D-2: Measured air mass by the HFM for stationary calibration(thick
green), closed loop controlled exhaust pressure and overlap for maximum volu-
metric efficiency(thin dashed blue) and closed loop controlled exhaust pressure
and calibrated cams(thick black), 2000 rpm.
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