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Abstract 
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This thesis, which has been carried out at the department of research and development at 

Cobham Antenna Systems, comprises the development of a fluid rotary joint (FRJ) prototype 

and shall provide a thorough insight in relevant design aspects. Based on input parameters and 

objectives derived from an actual Cobham project, the possibility of manufacturing a fluid rotary 

joint in-house has been investigated.  

A rotary joint is sub-system built up by modules linking signal transmission between the 

stationary and rotating parts of a microwave communication system, typically a rotating radar 

antenna. High power may generate a need of liquid cooling, i.e. a need of a fluid rotary joint 

module enabling connection of the up- and downstream of a recirculating cooling system, 

independent of antenna rotation and with minimal leakage. The typical FRJ features a bearing 

supported rotor mounted with a number of rotary seals inside a casing, referred to as stator, with 

channels guiding fluid from one to the other. Key objectives of the design are the flow channel 

configuration and flow performance relative geometrical size and structural integrity. 

As a result of the comprehensive pre-study three FRJ concepts were created and evaluated based 

on a customer requirement specification. The most advantageous design, in terms of e.g. 

manufacturability and flow performance potential, a multi-channel rotor design with mechanical 

face seals, was selected for further development.  

The CAD models were created in Solid Edge ST5, evaluated using FEM-analysis in ANSYS 

Workbench 14.5 and CFD analysis in ANSYS Fluent. 

The resulting prototype design features wide internal channels, a generous centre bore clearance 

equivalent to a diameter of 58 mm, robust mechanical face seals and a sturdy stainless steel 

stator and rotor design with a total weight below 29.2 kg. With a total pressure loss per channel 

of less than 0.0065 MPa at the specified mass flow rate of 1.5 kg/s the module are capable of 

mass flow rates up to 2.5 kg/s until reaching the specified maximum pressure loss of 0.02 MPa. 

  



2 

 

 

 
  



3 

 

 

 

 

 Examensarbete  MMK 2014:23 MKN 113 

 

Konstruktion av roterskarvsprototyp för vätskor  

   

  Joakim Karl Tänndal 

Godkänt 

2014-06-11 

Examinator 

Ulf Sellgren 

Handledare 

Ulf Sellgren 

 Uppdragsgivare 

Cobham 

Kontaktperson 

Joakim Stralje 

Sammanfattning 
Nyckelord: Vätskeroterskarv, Vätskeroterstycke, Svivel, Roterstycke, Tryckförlust 

Detta examensarbete, utfört under avdelningen för forskning och utveckling hos Cobham 

Antenna Systems, består av utvecklingen av en roterskarvsprototyp avsedd för vätskor och ska 

tillhandahålla en utförlig inblick kring faktorer relevanta för dess konfiguration. Utifrån ingående 

konstruktionskriterier och målsättningar, hämtade ur ett befintligt projekt hos Cobham, har 

möjligheterna för att utveckla och tillverka en fluidskarv inom företaget utretts. 

En roterskarv är ett delsystem uppbyggt av moduler som länkar signalsändningar mellan de 

stationära och roterande delarna i ett mikrovågskommunikationssystem, typiskt en roterande 

radarantenn. Med höga effekter kan behovet av vätskekylning uppstå, det vill säga ett behov av 

en roterskarvsmodul med kanaler som sammanbinder ett slutet kylsystems upp- och nedflöden 

oberoende antennrotation och med minimalt läckage. Generellt består en sådan fluidskarv av en 

lagrad rotor monterad i ett hus, kallad stator, vars interna kanaler sammanbinds genom 

rotationstätningar. Kanalernas utformning och flödeskapacitet relativt fysisk storlek och 

strukturell integritet anses vara avgörande. 

Som resultat av den omfattande förstudien baserat på kundkrav skapades tre fluidskarvskoncept 

som sedan utvärderades. Konceptet som ansågs mest lämpat för vidareutveckling, utifrån bland 

annat tillverkningsmöjlighet och flödeskapacitet, består av en flerkanalig rotor primärt tätad av 

tåliga mekaniska plantätningar. 

CAD-modeller skapades i Solid Edge ST5, utvärderades med hjälp av FEM-analys i ANSYS 

Workbench 14.5 och CFD-analys i ANSYS Fluent. 

Vidareutvecklingen resulterade i en prototyp med vida kanaler, en rymlig centrumöppning 

motsvarande en diamater på 58 mm, robusta mekaniska plantätningar och en stadig design 

tillverkad i rostfritt stål med en totalvikt under 29.2 kg. Med en tryckförlust på 0.0065 MPa per 

kanal vid det specificerade massflödet 1.5 kg/s klarar fluidskarven massflöden upp till 2.5 kg/s 

tills det att den angivna maximala tryckförlusten på 0.02 MPa uppnås. 
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NOMENCLATURE 

Here are a collection of notations and abbreviations that are used in this Master thesis presented 

and defined. 

 

 

Notations 

Symbol Description 

A Tube cross sectional area (m
2
) 

A1 Surface area of the shaft mounted piece of a mechanical face seal (m
2
) 

A2 Surface area of the housing mounted piece of a mechanical face seal (m
2
) 

a Acceleration (   ⁄ ) 

ah Horizontal acceleration (   ⁄ ) 

av Vertical acceleration (   ⁄ ) 

α Tilt angle relative the horizontal plane (degrees) 

αa Angular acceleration (       ) 

β Flow channel diameter ratio 

C Dynamic load rating (kN) 

C0 Static load rating (kN) 

Cf Flow coefficient 

Dm Pipe outer diameter (mm) 

d Diameter (m)  

dh Hydraulic diameter (m)  

     Frictional pressure drop (Pa) 

     Secondary pressure drop (Pa) 

E Young´s modulus (Pa) 

e Bearing calculating factor  

Fa Axial load (kN) 

Fh Horizontal force (N) 

Fr Radial load (kN) 

Fv Vertical force (N) 

   Flow frictional factor 

g Gravitational acceleration (    )  

hCG Position in height for the centre of gravity ( )  
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hFRJ Height of the FRJ module ( )  

J Moment of inertia (     ) 

Li Length, with an index i (m) 

Le Axial length to develop parabolic flow velocity profile (m) 

   Length of flow bevel (m) 

  Jet contraction coefficient 

M Moment (Nm) 

m Mass (kg) 

mrotor Mass of rotor assembly (kg) 

 ̇ Mass flow (kg/s) 

N Newton 

Ns Number of screws (pieces) 

n Rotational speed (RPM) 

P Equivalent dynamic bearing load (kN) 

Pa Pascal 

Pf Face load (MPa) 

Pt Tube circumference (m) 

PV Pressure Velocity rating (MPa ∙ m/s) 

p Bearing type exponent 

pi Overpressure (MPa) 

po Pressure (Pa) 

  Flow bevel angle (degrees) 

Re Reynolds number 

Ra Surface roughness (µm) 

Ra1 Axial force at bearing 1 (N) 

Ra2 Axial force at bearing 2 (N) 

Rr1 Radial force at bearing 1 (N) 

Rr2 Radial force at bearing 2 (N) 

Rt Surface roughness (µm) 

r Radius (m) 

   Mass density (     ) 

SF Safety factor 

  Stress (     ) 

  Pipe wall thickness (mm) 

μ Dynamic viscosity (Pa∙s,         ) 

V Peripheral velocity (m/s) 
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w Average flow velocity (m/s) 

υ Kinematic viscosity (m
2
/s) 

  Flow loss coefficient 

Y Bearing calculating factor 

z Vertical height (m) 

 

Abbreviations 

AW Anti-Wear 

CAD Computer Aided Design 

CFD Computational Fluid Dynamics 

CH Channel 

EP Extreme Pressure 

FEM Finite Element Method 

FORJ Fibre Optic Rotary Joint 

FRJ Fluid Rotary Joint 

HRC Hardness Rockwell C-scale 

IFF Identification Friend or Foe 

KTH Royal Institute of Technology (Kungliga Tekniska Högskolan) 

MFS Mechanical Face Seal 

MTBF Mean Time between Failures 

MTBM Mean Time between Maintenance 

NBR Nitrile rubber – Synthetic rubber copolymer 

PTFE Polytetrafluoroethylene 

RJ Rotary Joint 

SS Swedish Standard 

TBD To Be Decided 
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1 INTRODUCTION 

This chapter describes the background, the purpose, the goals, the delimitations and the 

method(s) used in the project, this to provide a clear overview of its scope, content and 

execution. 

 

 

1.1 Background 

A rotary joint (RJ) is an assembly of different modules that link signal transmission between 

stationary and rotating parts of a microwave communication system.  Often with several 

microwave channels, integrated with slip rings and azimuth position sensors the rotary joint 

allows microwaves, coaxial signals and electrical signals to pass independent of rotation with 

little or no distortion (Cobham Plc, 2014). Continuous development of radar technology with 

high demands of efficiency in aerospace, naval and ground based applications may result in high 

power and hence the need for liquid cooling, i.e. an fluid rotary joint (FRJ) module. FRJ modules 

have previously been purchased externally in Cobham production, but in the current 

development of the next RJ generation the desire for a new alternative in-house design has 

emerged.  

1.2 Purpose 

The purpose of this thesis is to design, develop and evaluate an alternative FRJ prototype 

customized for a Cobham rotary joint. The thesis shall provide a thorough insight in relevant 

design aspects, based on input parameters and objectives derived from an up to date high priority 

Cobham project, as well as address previous problems of galvanic corrosion and improving 

safety against leakage compared to that of an existing FRJ module. An important aspect is to 

evaluate seal solutions as well as the possibility of manufacturing all major components in 

stainless steel and still reach the goals in terms of maximum total weight and within the 

geometrical constraints. Centre bore diameter of the rotor, i.e. clearance for cable passage, and 

fluid flow capacity relative compactness is of high priority. The module should enable mounting 

in several different Cobham rotary joints, thus providing a desirable economical advantage. As 

the development of FRJ modules to some extent are an unexplored area of expertise to Cobham, 

the evaluation of flow channel configuration and its effect on pressure losses are considered to be 

of great interest for future development. This thesis could therefore act as a reference point when 

developing such FRJ system. 

1.3 Aims 

The aims of this thesis are to; 

 Design and develop a fluid rotary joint module according to specified requirements and 

determine its feasibility. 

 Determine design parameters relevant for channel configuration and validate the prototype 

flow performance using CFD analysis. 

 Evaluate available seal solutions and design aspects relevant to attain a suitable safety 

against leakage. 

 Deliver technical report no later than 30 May 2014. 
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1.4 Delimitations 

A number of delimitations of the scope of the thesis are stated; 

 Changes to input dimensions, specifications and requirements made after 31 Marsh 2014 

will be neglected due to the time frame of the master thesis. 

 Sealing solution will be kept on a conceptual level, i.e. possible choices will be evaluated 

but specific products are not selected for the final conceptual FRJ design. 

 The rotary joint is assumed to be used for closed recirculating cooling systems, requiring 

two flow channels. 

 Full detail drawings and manufacturing documentation will be considered outside the 

scope of the thesis and are not a part of the deliverables. 

 An operational physical prototype module will not be manufactured. 

1.5 Method 

A project plan with risk analysis is established according to Cobham standards and in agreement 

with the master thesis project coordinator at the Royal Institute of Technology (KTH). Initially a 

frame of reference study within relevant areas of theory is conducted, which combined with a 

requirement specification compilation and previous Cobham FRJ experience serves as a base 

from which new concepts can be created. N.b. there are sections of the report, particularly 

concerning origin and source of certain parts of the customer requirement specification, which 

will be excluded from the published public report due to confidentiality agreement. 

Operational conditions are established and presented to sealing manufacturers and the results 

from the consultations are compiled in the report, providing a base from which future decisions 

can be made. The FRJ design concepts are evaluated using a Pugh-matrix, serving as an 

indication of choice in the final design selection process conducted as agreed with Cobham. 

Designs are CAD modelled using Solid Edge ST5 from where they are exported to be evaluated 

in CFD and FEM software. The CFD simulations, performed using ANSYS Fluent, serves as a 

base when determining flow channel configuration and flow performance of the prototype, 

which is structurally dimensioned using FEM analysis software Ansys Workbench 14.5. 

MATLAB 2013A is used for additional mathematical calculation and simulation, and all 

documentation is kept on encrypted Cobham servers with daily backups. The thesis will present 

a final conceptual design and recommendations regarding choice of bearing and seal solutions.  

The project has defined milestones and weekly meetings with the industrial supervisor at 

Cobham will be held and subsequent weekly status checks will be conducted with the project 

coordinator at KTH. 
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2 FRAME OF REFERENCE 

This chapter is a summary of the existing knowledge and former performed research on the 

subject, serving as a theoretical frame of reference when developing the new fluid rotary joint. 

 

 

2.1 Rotary joints 

A rotary joint (RJ), as shown in F, is a connection between the stationary and moveable 

interfaces of a mechanical rotating system. It is composed of modules that allow signals or 

material flow to be passed through with little or no distortion. The RJ subassembly can be highly 

customized to meet demands of a specific application.  

 

Figure 1. A rotary joint is mounted between the rotating antenna and stationary system. 

The typical RJ for radar or microwave communication systems, e.g. the Cobham modular sub-

system as shown in Figure 2, often has several microwave channels integrated with slip rings and 

azimuth position sensors, e.g. optical encoders, that link the stationary and rotating parts, also 

defined as stator and rotor (Cobham Plc, 2014). 

 

Figure 2. The modular design of the Cobham RJ9025 rotary joint. 
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The Cobham RJ9025, as seen in Figure 2, has a specified mean time between maintenance 

(MTBM) of 50 million revolutions and is dimensioned to a mean time between failures (MTBF) 

of at least 200 000 hours (Stralje, 2014).  

Rotary joints are typically referred to as rotor-side or stator-side mounted, depending on if it is 

the stator or rotor that is fastened and supports the structural load. The Cobham model RJ9025, 

e.g. has its mounting flange situated on the rotor from where the rotary joint is fastened and 

hangs in the rotating radar turntable. The outer housing, i.e. the stator, is kept stationary relative 

the static side of the radar system without theoretically supporting any structural load; hence it is 

a typical rotor-side mounted type as visualized in Figure 3. 

 

Figure 3. Illustrative view of the rotor (marked in red) and stator configuration of a rotary joint sub assembly.  

N.b. the radar turntable is always supported separately and the internal bearings of the rotary 

joint only support the structural loads of the actual rotary joint subsystem. 

2.1.1 Fluid rotary joints 

If the equipment mounted on the rotating side of a rotary joint needs liquid cooling, a fluid rotary 

joint module is required to supply the coolant from the stationary side. In some marine 

applications the FRJ module can consist of only one flow channel since cooling water can be 

supplied endlessly without requiring recirculation, although in most cases the module consist of 

two channels. Low pressure losses and high flow rates are normally desirable as it lowers the 

operational pressure of the cooling system, thereby reducing the workload on its constituent 

components. Because of the FRJ is mounted as a stacked module in the RJ subassembly, it is 

limited by size at the same time as it preferably allows passage through its centre for as many 

signal and electrical power cables as possible. The requirements of reliability and the fact that 

the fluid rotary joint module carries liquid next to its sensitive electronic equipment impose 

particularly high demands on its sealing capabilities. 

2.1.1.1 Existing prototype design 

The existing FRJ module as seen in Figure 4, which is mounted in current Cobham RJ 

assemblies intended for vehicle, ground and naval based radar, was until today purchased 

externally as a complete unit. The identity of the company hired to develop and manufacture this 

design will be kept confidential due to company strategic reasons. 
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Figure 4. The existing outsourced fluid rotary joint. 

Both stator and rotor are divided into three main pieces, as shown in Figure 5, which are joined 

together and statically sealed with O-rings and screws to improve their manufacturability. 

 

Figure 5. Exploded view of the stator and rotor assembly. 

An elastomer energized plastic seal divides the two fluid channels inside the FRJ and both 

channels are sealed by mechanical face seals as presented in Figure 6 and further described in 

Section 2.2.2.5. The stator housing accommodates secondary rotary lips seals with drainage 

channels to protect bearings and particularly other modules of the RJ subsystem from possible 

leakage of the face seals. The FRJ is bought in two versions for two different rotary joint models, 

with the only difference being in the configuration of holes for cable passage through the rotor 

centre; see Table 1 for general design specifications. 

 

Figure 6. Section view illustrating the internal configuration of the fluid rotary joint.  

Because of modules often being screwed together and stacked to form a RJ, high demands of 

stability have to be met and both axial and radial forces have to be acceptable. These load 

conditions are especially noticeable when requirements of shock load capabilities are made and 

explain why the FRJ is fitted with pre-tensioned angular contact ball bearings. 
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Both stator and rotor are made by aluminium, prior to assembly the stator is anodized and the 

rotor undergoes a chemical nickel treatment to obtain an improved surface finish for the lip seal 

contact.  

Table 1. Design specifications for one of the two bought fluid rotary joints. 

In/outlet fluid channel diameter Ø 16 mm 

Maximum cable size of centre passage 
(4x) Ø 15 mm 

(1x) Ø 20 mm 

Maximum module total diameter Ø 240 mm 

Flange to flange length 230 mm 

Total weight without fluid 14 kg 

The life expectancy of the FRJ depends on that of the bearings and the seals; L10 life of 

1,000,000 hours for the bearings and 44,000 hours of continuous running of the mechanical seals 

(Carltoft, 2014). 

2.1.1.2 Prototype performance 

The FRJ is delivered with a flow performance verification consisting of a CFD simulation, 

establishing specifications as presented in Table 2 when the fluid medium was set to pure water 

at 25° Celsius (Carltoft, 2014). 

Table 2. Performance parameters of the FRJ prototype to achieve steady state flow at 40 liters per minute. 

 40 l/min 

Pressure drop – Channel 1 0.0104 MPa 

Pressure drop – Channel 2 0.0118 MPa 

The CFD results, e.g. as seen in Figure 7, shows flow separation and pressure drop at the 90 

degree corners of the passages through the rotary joint.  

 

Figure 7. Results performed on the FRJ as verification by (Carltoft, 2014). 

It is however noticeable that the hired company only performed the CFD simulation in the 

optimal stator to rotor rotational position, which provided the shortest flow length and the most 

likely lowest pressure loss. At these flow conditions, with the stator and rotor material set to 

aluminium and bearings set as steel the thermal transfer between the fluid flows through the 

module was simulated. With an inlet temperature difference between the channels of 15° Celsius 
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and fluid set as pure water flowing at 40 liters a minute, the transfer was found to be in the range 

of approximately 1° Celsius as seen in Table 3. It was also concluded that the bearings have 

almost no noticeable influence on the temperature distribution of the FRJ. 

Table 3. Thermal transfer between the flow channels at 40 liters a minute each. 

 Temp 

Channel 1- Inlet 10.0°C 

Channel 1- Outlet 11.1°C 

Channel 2- Inlet 25.0°C 

Channel 2- Outlet 23.9°C 

2.1.1.3 Physical testing 

Prior to delivery leakage of the mechanical face seals was tested by the manufacturer according 

to Table 4, in both dynamic and static operation and leakage was only detected in the static case. 

Table 4. Leakage test parameters and result. 

 Rotational speed Operation pressure Duration Leakage 

Static 0 RPM 0.517 MPa 48 hours 1.5 ml 

Dynamic 60 RPM 0.517 MPa 1 hour - 

Also the rotary lip seals were pressure tested to 3.45 bar and no leakage was found, thus 

considered to provide an adequate safety against leakage caused by accidental failure of a 

mechanical face seal. At room temperature with an applied operating pressure of 6.9 bar both 

breakaway and dynamic torque were measured to 23 Nm.  

2.1.1.4 Experience and desired improvements 

The mix of metallic materials that the chemical nickel treatment of the rotor created was the 

most likely reason for the galvanic corrosion that was found in one of the modules during an 

inspection. One explanation could be that the aluminium reduces ions of the nickel, which in turn 

leads to corrosion and deposition on the aluminium surface and a galvanic cell is established 

(Winston, 2011). One solution to prevent such occurrence of corrosion would obviously be to 

reduce the variety of materials used in the module. 

An aspect which should be included in the development of a new FRJ prototype is the chain of 

events in case of major seal failure. As in the case of the existing prototype no leak of the 

mechanical face seals most likely lead to the secondary rotary lip seals and dynamic O-ring seals 

operating in the absence of any form of added lubrication. Thus, due to the hidden position 

inside the FRJ, this could lead to unnoticed seal wear damage and consequently a major leakage 

in the event of a subsequent face seal failure. Such total seal failure would be catastrophic as the 

high pressurized cooling fluid will most likely fill up the internals of the rotary joint, e.g. high 

power slip rings and encoders, but also other electrical parts of the radar system. 

Instead of having several holes for cable passage through the centre it could prove more 

advantageous to merge these into one, thus providing more space and by that simplify mounting 

and possibly reduce wear on cables (Stralje, 2014). 
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2.2 Seals 

2.2.1 Static seals 

Sealing in mechanically static applications can be obtained through a wide range of methods and 

configurations which with some exceptions can be divided into two basic categories, seals and 

gaskets. An O-ring (section ring) mounted in a groove is an example of a typical seal, designed 

to through deformation obtain sufficient sealing properties. In comparison to a gasket which is 

typically a fibrous material compressed between flanges, usually requiring a higher assembly 

load for the same sealing performance relative to that of a seal. The choice between the two is 

however not always obvious and depends on a variety of factors, such as environment, 

performance and maintenance requirements (Flitney, 2007). 

2.2.1.1 Round section rings 

To achieve initial sealing capabilities for static applications a round section ring, also known as 

O-ring, should generally be mounted with an initial compression of 15 to 30 % compared to its 

cross section diameter (Trelleborg, 2012). As illustrated in Figure 8 the O-ring does not stay 

centred when system pressure is applied, more likely it is compressed against one of the groove 

walls and the pressure redirected to the axis of compression. This movement, especially if the 

system pressure varies over time, sets demands on groove surface roughness to reduce wearing 

and hence a maximum limit of 0.8 µm Ra is recommended. Material aging, exposure to low 

temperature and wear are some factors to consider in terms of seal service life as it affect the 

elastomers inherent flexibility. However a properly designed O-ring seal can reliably seal to 

several hundred bars (Flitney, 2007). 

 

Figure 8. The O-ring initial compression when installed and under pressure (Trelleborg, 2012, p. 40). 

Because of the importance of correct compression a factor that has to be taken into consideration 

is the thermal expansion of the seal and surrounding metalwork, as well as possible swelling of 

the sealed fluid. To ensure a sufficient seal the elastomer materials of O-rings have a higher 

thermal expansion compared to those of metals. This property combined with the expansion 

caused by the initial compression places demands on correct groove width, and this is why 

grooves are typically dimensioned so that the O-ring occupies 70% of the groove volume. A 

poorly dimensioned groove or an excessive sealing gap can cause extrusion of the relatively soft 

seal into the clearance gap, as seen in Figure 9. If a large clearance gap is required a supporting 

backup ring can be implemented to address this issue and prevent damage of the O-ring (Flitney, 

2007). 
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Figure 9. Extrusion of an O-ring (left figure) can be avoided with a backup ring.  

Because of these and other design factors the selection of O-rings and groove dimensioning is 

typically conducted according to standards. 

2.2.2 Rotary seals 

There is a wide range of different seal solutions for rotary applications and the choice between 

them is most likely determined by demands of space, allowable leakage, reliability, price, wear 

and friction. Usually the pressure velocity rating, i.e. a value equivalent to the work condition in 

terms of rotational speed and pressure as seen in Equation (1), is calculated and used to 

dimension and select a suitable seal solution.   

  Boyce, 2012, p.591fPV P V   (1)  

Where: 

             [   ] 

                      [   ]  

2.2.2.1 Rotary lip seals 

The relatively compact seal envelope, as seen in Figure 10, generally consists of a reinforcing 

co-vulcanized metal insert and a garter spring that energizes the seal lip. Even though the basic 

principle of having an elastomeric diaphragm in the form of a sharp lip that contacts the shaft is 

equivalent between different manufacturers, its detailed configuration varies greatly depending 

on its application. For instance a shorter and thicker lip enables a higher operation pressure, but 

reduces abilities to cope with shaft radial deflections (Flitney, 2007). 

 

Figure 10. Basic design of a rotary lip seal (Trelleborg, 2009, p. 11). 
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The performance of the seal highly depends on the surface texture and finish of the rotating 

shaft, which is why it is an important factor to consider when choosing method of 

manufacturing. The surface roughness should be at least Rt=2-3 µm (Ra=0.2-0.8 µm) and the 

hardness at least 45 HRC, generally an increased peripheral speed requires a higher shaft 

hardness (Trelleborg, 2009). The shaft should also be treated with special care during assembly 

to avoid damage of the seal contact surface, especially if the shaft is manufactured in a soft 

material, e.g. aluminium. 

The asymmetric design of the lip and its surface texture provides a mechanism that continuously 

pumps the lubricant, usually referred to as inward pumping, thus counteracting leakage. The 

pumping feature can be further enhanced by adding hydrodynamic aids on the air side of the lip, 

as visualized in Figure 11. Such aids can reduce leakage, i.e. prolonging service life, or allowing 

higher run out tolerances or operating speeds. Important to take into consideration is that the 

pumping aid, if mounted in such environment, helps to entrain unwanted contamination liquid 

from outside the seal and pump it into the system (Flitney, 2007). 

 

Figure 11. Lip seals with pumping features (Flitney, 2007, pp. 115-116). 

The conventional lip seal is typically not suitable for applications where the operating 

overpressure exceeds 0.5 bar as the pressure alters the contact area of the relatively soft lip and 

causing seal failure. There are however alternatives capable of operation pressures up to 10 bar, 

e.g. through mounting of a supporting back-up ring as seen in Figure 12, or with alternative 

configurations of membrane and metal insert (Flitney, 2007). 

 

Figure 12. The support of a back-up ring can enable higher operating pressures (Trelleborg, 2009, pp. 21-26).  

An important factor to consider is the frictional forces and heat that is generated at the lip 

contact, e.g. an unpressurized lip seal can reach effects of up to 100W on a shaft with a diameter 

of 60 mm (Flitney, 2007). 

There are integrated seal and shaft sleeve modules, known as cassette seals, available that 

provide a number of design advantages over the conventional seal ring configuration. Primarily 

it is possible to improve quality and consistency as the seal units are pre-assembled in controlled 

conditions and the seal configuration along with selection of surface textures and hardness are 

performed by an experienced manufacturer. This also reduces the demands on the shaft as it only 

requires a surface finish for static sealing (Flitney, 2007). 

Lip seals can also be made from filled PTFE with a configuration as seen in Figure 13, providing 

an entirely different kind of sealing mechanism. Because of less flexibility and resilience 

compared to that of elastomers the PTFE lip seal is more sensitive to shaft run out, but is 

preferably used when other operating conditions rules out the choice of a conventional elastomer 

lip seal or when lubricant is not continuously available. As with the elastomer lip seals pumping 
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aids in the form of spiral threads can be implemented to enhance the sealing mechanism, if not a 

small leakage can be expected (Flitney, 2007). 

 

Figure 13. The Turcon Varilip PDR lip seal manufactured by Trelleborg (Trelleborg, 2009, p. 215). 

2.2.2.2 O-rings 

An O-ring could be used as a seal for intermittent and low speed, in the order of 0.2 m/s, rotary 

applications and provides a geometrically small sealing solution. It does however require good 

groove concentricity to reduce risk of failure caused by eccentric loading (Flitney, 2007). 

2.2.2.3 Spring energized plastic seals 

The spring energized plastic seal, also described as a spring energized U section plastic seal, 

typically consists a corrosion resistant metal spring and a PTFE U-shaped seal jacket as seen in 

Figure 14. Because of broad fluid compatibility and good dry running and pressure capabilities, 

from vacuum up to about 200 bar, the range of application is wide. As with most rotary seals the 

surface roughness is of great importance to ensure adequate life and performance, and should be 

specified to at least Ra=0.2 µm for liquids as well as a surface hardness of at least 55 Rockwell C 

(Flitney, 2007).  

 

Figure 14. An example of a spring energized plastic seal from Trelleborg (Trelleborg, 2009, p. 277). 

This type of seal provides a low coefficient of friction and is suitable for both constant rotational 

movement as well as reciprocating and static applications (Trelleborg, 2009). 

2.2.2.4 Elastomer energized plastic seals 

A rotary seal typically used for rotary joints are elastomer energized plastic seals as double 

acting seal capabilities can be achieved at high operating pressures. Normally the seal is 

designed with a number of circumferential grooves, as seen in Figure 15, providing reservoirs for 

lubrication as well as increasing stress in the sealing contact. If small amounts of leakage is 

accepted, this type of seal can be used at operating pressures as high as 500 bar (Flitney, 2007). 
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Figure 15. An elastomer energized plastic seal design and example by Trelleborg (Trelleborg, 2009, p. 243). 

The elastomer energized plastic seal can achieve a stick-slip-free start of rotation, have a high 

abrasion resistance and low over all friction (Trelleborg, 2009). 

2.2.2.5 Mechanical face seals 

Basically a mechanical face seal consists of a pair of fine flat radially aligned faces and a 

dynamic seal is formed through loading of the faces by both the system pressure and a spring 

force. Depending on the method of sealing and how the faces are loaded together two broad 

categories can be distinguished; pusher or bellows seals. In both cases however it is the side 

where springs or bellows are situated that is pressurized by the system (Boyce, 2012).  

The rotating face of a typical pusher seal, as seen in Figure 16, is spring loaded in the axial 

direction and rotationally locked to the shaft by drive pins and a spring holder. The design 

requires two secondary seals, one static that seals the stationary face to the housing and one 

dynamic that can move axially with the rotating face and seal it against the shaft. If 

implementing a bellow seal instead of the dynamic secondary seal greater flexibility can be 

achieved, particularly if the diaphragm is made of metal and can provide the spring force as 

visualized in Figure 16. A metal bellows seal also has the advantage of being able to transmit 

torque, thus not requiring drive pins (Flitney, 2007). 

 

Figure 16. Basic configuration of a pusher and a bellows seal (Flitney, 2007, p. 161). 

The face seal is designed to ensure a film thickness, typically less than 1 µm, between the faces 

that provides sufficient lubrication, i.e. seal life, at the same time as keeping leakage to a 

minimum. As deflections of only a few tenths of a micron can alter the efficiency of the seal 

there are a large number of variables determining the performance that has to be considered, e.g. 

impact of operating pressure, uneven spring loading and thermal deformation. Depending on the 

difference in size between the surfaces marked as A1 and A2 in Figure 16, face seals are referred 

to as balanced or unbalanced. For an unbalanced seal A1 is larger in comparison to A2, thus 

providing a nominally greater face pressure than that of the system pressure. This affects the 

contact pressure gradient and such case makes the face seal only suitable for low pressure 

systems (Flitney, 2007). 
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2.3 Bearings 

2.3.1 Life expectancy 

An important factor of life expectancy is the dynamic and static forces supported by the bearing 

as well as the rotational speed. The nominal life in terms of million revolutions (L10) or operation 

hours (L10h) can according to SKF be derived as (SKF, 2008): 

  10 ( ) ,2008, .52pC
L SKF p

P
  (2) 

  
6

10 10

10
,2008, .52

60
hL L SKF p

n
   (3) 

Where: 

                      [  ]  

                                  [  ]  

                   [   ]  

                        [                                   ] 

The dynamic load rating is a table value specified for each specific bearing, and the equivalent 

dynamic bearing load is calculated depending on the actual load case and type of bearing. 

An important factor of life is the rotational speed and in the case of low rotational speeds there is 

a potential risk of not achieving the necessary elastohydrodynamic lubrication, which results in a 

metallic contact between the contact surfaces. One solution in such cases is to apply extreme 

pressure (EP) or Anti-wear (AW) additives to the lubricant. Bearings supporting a shaft can be 

mounted in pairs, generally in a “back-to-back” arrangement or “face-to-face”, also referred to as 

X- or O-arrangement, as illustrated in Figure 17. Typically an O-arrangement is capable of 

supporting higher radial moments (SKF, 2008). 

 

Figure 17. A pair of bearing can be mounted in an O- or X-arrangement (SKF, 2008, p. 206). 

Due to the axial loads occurring when mounted in a vertically standing rotary joint an angular 

contact ball bearing or tapered roller bearing is preferred. 

2.3.1.1 Equivalent dynamic bearing load – Angular contact ball bearings 

If mounted in an X- or O-arrangement the equivalent dynamic bearing load P can be derived as:  

  P  Fr 0.55 Fa      When Fa Fr   1.14 ,2008, .415SKF p     (4) 

  P  0.57 Fr 0.93 Fa      When Fa Fr  > 1.14 ,2008, .415SKF p     (5) 
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Where: 

               [  ]  

              [  ]  

2.3.1.2 Equivalent dynamic bearing load – Roller bearings 

If mounted in an X- or O-arrangement the equivalent dynamic bearing load P can be derived as:  

  P  Fr     When Fa Fr ,200  8, . 12e 6SKF p   (6) 

  P  0.4 Fr Y Fa When F ,2008, .a F  e 2r  61SKF p      (7) 

Where: 

               [  ]  

              [  ]  

                      

2.3.2 Pre-tension of bearings 

All roller bearings require pre-tension in order to operate to satisfaction, especially in the 

presence of high accelerations. It is recommended that the pre-tensioning of bearings in a brand 

new product is verified by physical testing prior to end customer delivery to ensure that the 

theoretical assumptions made in terms of influencing operational factors conforms with reality 

(SKF, 2008). 
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2.4 Fluid dynamics 

2.4.1 Basic theories  

One of the most important variables when calculating and modelling flow in theory is the fluid 

viscosity, i.e.  the internal friction caused by viscous forces acting between portions of a fluid 

relative to another in motion. These forces vary depending on temperature and decreases for 

liquids with an increasing temperature. Because of viscous forces the fluid in contact with a 

surface will always tend to stick to it, forming a boundary layer with zero flow velocity relative 

to the surface, thus resulting in flow losses (Young and Freedman, 2007). The dynamic and 

kinematic viscosity can be derived from the density:  

  Jonsson,2009,  p. 6υ 2
m




   (8) 

Where: 

                             [        ] 

                      [    ] 

                [     ] 

Viscous fluid flow in channels can be of two distinct types, laminar and turbulent flow regimes. 

The laminar flow is characterized by layers of local velocities strictly parallel to the pipe axis, 

compared to that of turbulent flow where layers are mixed and flow irregular and chaotic 

resulting in a nearly uniform velocity distribution as illustrated in Figure 18. In both cases 

however the local velocity are zero at the pipe wall (Rennels and Hudson, 2012). 

 

Figure 18. Comparison of laminar and turbulent flow velocity profiles (Rennels and Hudson, 2012, p. 12). 

Turbulent or laminar flow can be distinguished by calculating the ratio of momentum forces to 

viscous forces, i.e.  the dimensionless Reynolds number as derived: 

      Jonsson,2009,  p
υ

. 26mwdwd
Re




   (9) 

Where: 

                [ ]  

                   [   ]  

At Reynolds numbers (Re) around 2000 to 2700 the initiation of turbulent flow is observed 

(Biswas, 2003). N.b. the hydraulic diameter (dh) can be used for non-circular tubes: 

  Jonsson,2009, p 6
P

 2
4

 .h

t

A
d   (10) 

Where: 
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                            [  ]  

                      [ ]  

When a fluid flows through a pipe the boundary layer gradually grows downstream until it meets 

the pipe axis as visualized in Figure 19. If the flow is assumed to enter the pipe with a uniform 

velocity    , the profile will develop over the axial length    to a parabolic profile (Biswas, 

2003). 

 

Figure 19. Boundary layer flow velocity profile (Biswas, 2003, p. 383). 

For a laminar flow that length can be derived as: 

  Biswas,200.05 03,  p. 383eL
Re

d
   (11) 

Since the velocity profile grows faster in turbulent flows the length    is shortened in such case 

(Biswas, 2003). 

2.4.2 Losses in pipe flow  

If the flow rate at the system inlet is equal to that of the outlet, i.e.  that the fluid system does not 

leak, the mass can be assumed conserved and thus total system mass flow is written: 

  Jonsson,2009,  p.25mm w A     (12) 

If the fluid is assumed to be incompressible the pressure, flow velocity, vertical height and flow 

losses can be related at different positions of a flow tube using the Bernoulli´s equation:    

  
2 2

1 1 2 2
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         (13) 

  Jonsson,2009,  p. 25f fF fSp p p     (14) 

Where: 

           [  ]  

                  [ ]  

                             [    ]  

                              [  ] 

                             [  ] 

The pressure drops caused by frictional and geometrical flow losses can be derived as: 

  2

1 Jonsson,2009,  p. 25fF

L
p f w

d
      (15) 
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Where: 

                    

              [ ]  

                    

2.4.2.1 Frictional losses 

The frictional factor for laminar flow in tubes is derived as: 

  1 Jonsson,2009,  p. 26
fC

f
Re

  (17) 

Where: 

                                           

If turbulent flow is obtained, i.e.               , Blasius´ relation for smooth pipes can 

be used as derived: 

  0.25

1 Jonsson,20.1 009,  p. 28 65f Re   (18) 

2.4.2.2 Flow losses at entrances 

Losses at flow channel entrances can be estimated through three basic cases, as visualized in 

Figure 20.  

 

Figure 20. Examples of flow entrances (Rennels and Hudson, 2012, pp. 90-92). 

Sharp edged entrance 

In the case of sharp edged entrances the loss coefficient can be derived as: 

    
22 Rennels and Hudson,  2012,  p. 890.0696 1sharp edged       (19) 

If flush mounted the jet contraction coefficient is defined as: 

  Rennels and Hudson,  2012,  page1.62  902Flush mounted    (20) 

Rounded entrance 

The loss coefficient for rounded entrances where    ⁄     can be derived as: 

    
22 Rennels and Hudson,  2012,  0.0696 1 p. 9.5 1 10 69rounded

r

d
  

 
    

 
 (21) 
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Where: 

                     [ ]  

And the jet contraction coefficient if flush mounted is defined as: 

  

4

Rennels and Hudson,  2012,  1 0.622 1 0.30 0.70 p. 91
r r

d d


 
     

 
 (22) 

Or if    ⁄     the loss coefficient if flush mounted becomes: 

  Rennels and Hudson,  2012,  p. 0 0 1. 3 9rounded   (23) 

Beveled entrance 

If the entrance is beveled the loss coefficient can be derived as: 

    
220.0696 1 1 Rennels and Hudson,  2012,  p. 92beveled b

l
C

d
  

 
    

 
 (24) 

If flush mounted the jet contraction coefficient is defined as: 

  

41 /
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Where: 

                   [ ]  

              [       ]  

2.4.2.3 Flow losses at bends and knees 

Pressure loss in pipe bends may in theory be described as a sum of three components; surface 

friction, secondary flow and flow separation. The friction corresponds to that previously 

described for a straight pipe, but with the length of the bend centreline. At redirection of mass a 

separation of the main flow occurs from the outer and inner radius, followed by an expansion of 

the main flow as visualized in Figure 21. At the same time as the centrifugal force combined 

with frictional resistance of the pipe walls causes a twin-eddy secondary flow, i.e. fluid swirls 

(Rennels and Hudson, 2012). 

 

Figure 21. Flow in curved bends (Rennels and Hudson, 2012, p. 164). 

If the flow area between the in- and outlet of the bend does not change the following general 

cases of continuous bends and miter bends can be used to estimate flow losses: 
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Figure 22. Typical loss coefficients at bends and miter bends (Jonsson, 2009, p. 63). 

A simple rounding of the bend inner corner and naturally a lager bend radius in comparison to 

pipe diameter reduces pressure loss and greatly attenuates the separation (Rennels and Hudson, 

2012). 

2.4.2.4 Flow losses at sudden change of flow channel geometry  

Abrupt contraction of a channel cross section should be avoided as it results in pressure losses 

due to the inability of the streamlines to follow the geometry as illustrated by two basic cases in 

Figure 23. The flow stream diameter immediately after such contraction is reduced, which 

commonly is referred to as “Vena contracta”. As in compliance with Bernoulli´s theorem the 

flow velocity is increased and pressure decreased, at the same time as eddies are formed causing 

dissipation of energy (Biswas, 2003). 

 

Figure 23. Examples of flow stream at a channel contraction (Rennels and Hudson, 2012, pp. 102-104). 

The ratio β of the smaller diameter d2 to the larger diameter d1 is defined as: 

  2 1 Rennels and Hudson,  2012,  p. 2/ 10d d   (27) 

Sudden contraction 

The loss coefficient for a sudden contraction can be estimated as:  

      
25 2 Rennels and0.0696  Hudso1 n,  2012,1  p. 102sudden        (28) 

Where the jet contraction coefficient is defined as: 

    2 5 Rennels 1 0.622 1 and Hud0.215 0.785 son,  2012,  p. 92       (29) 



32 

 

Sudden contraction with circular rounding 

By adding rounding of the contraction the “Vena contracta” phenomenon can be reduced and 

the loss coefficient estimated if the ratio between radius and diameter is less than one 

      ⁄   as (Rennels and Hudson, 2012, p. 104): 

    
25 2

2 2

0.0696 1 0.569 1 1 1round

r r

d d
    

  
        

  
 (30) 

Where the jet contraction coefficient is defined as (Rennels and Hudson, 2012, p. 104): 

  
4

2 5

2 2
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Or if the radius to channel diameter is greater than one       ⁄   the loss coefficient can be 

derived as: 

     4 Rennels and Hud0.030 1 1 son,  2012,  p. 104round      (32) 

Sudden expansion 

In the case of a sudden expansion the static pressure is increased as the kinetic energy is dropped 

and eddies are formed in the stalled region caused by flow separation as seen in Figure 24.  

 

Figure 24. Sudden axisymmetric expansion of a flow channel (Rennels and Hudson, 2012, p.113). 

The loss coefficient for such sudden expansion can be estimated as:  

      
22 2

1 2 Rennels and Hudson,  2012,  p. 1021 / 1sudden A A      (33) 
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2.5 Design parameters 

An FRJ shall be designed according to the required performance parameters and other 

constraints summarized below. The full product specifications see specifications for a FRJ 

module type “FRJ-M” in Appendix A. 

2.5.1 Geometrical constraints 

The RJ intended to house the new FRJ prototype is of the stator side mounted type as the flange 

taking structural loads is situated on the RJ stator side. The rotor connectors protruding at the 

bottom of the module are kept stationary relative to the turntable housing, as seen in Figure 25, 

and the RJ stator is fixed to the rotating turntable. The geometrical constraints are therefore 

primarily dependent on the turntable height and inner diameter (d). 

 

Figure 25. Simplified illustrative figure of the turntable configuration with the FRJ module highlighted. 

The inner diameter (d) of the turntable is 300 mm, i.e.  maximum diameter of the rotary joint 

including mounting clearance, which directly applies to the FRJ and its fluid piping. The total 

maximum height of the RJ subassembly is 1000 mm, which by estimating height of other 

constituent modules sets the maximum height of the FRJ (hFRJ) to 250 mm. This limit can 

however be stretched to some extent if the height of the spacer connecting the FRJ to the next 

module can be reduced, i.e.  if the FRJ module centre bore provides sufficient space allowing 

bending of the cables that is passed through it as illustrated in Figure 26. 

 

Figure 26. A larger rotor height can be accepted by increased centre bore width.   

To enable assembly to adjoining modules the diametrical clearance between the external fluid 

piping of the FRJ stator has to be at least 210 mm. N.b. any leakage of liquid must be diverted 

trough connected drain piping, housed in the rotor. As the FRJ module will be mounted in a 
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closed protective compartment no special consideration to dust, sand, rain, snow, ice or other 

contamination is necessary. 

2.5.2 Interfaces 

The stator housing will be attached to the connecting module spacer and by an attachment flange 

to the rotary table, as illustrated in Figure 25. Neither interface to spacer nor flange are specified 

and can be defined by the design of the new FRJ prototype. They must however be fixed 

mechanically by screwed connections. The FRJ rotor should not be fixed by screws to 

connecting module above; instead guide pins mounted with interference fit should ensure 

uniform rotation of the institute RJ rotors. Fluid piping connections are only specified to the 

extent that they should be of a standardized threaded type.  

2.5.3 Cable passage through centre bore  

When mounted in the RJ subassembly the FRJ has to accommodate passage through its centre 

bore for cables from other modules, thus the theoretical minimum centre bore section area of the 

FRJ rotor can be estimated to 9500 square millimetres, i.e.  a cylindrical centre bore diameter of 

55 mm.  

2.5.4 Performance 

The FRJ prototype will be designed to meet the specifications as stated in Appendix A for model 

FRJ-M, i.e.  the performance as summarized in Table 5 for each fluid channel. 

Table 5. Summarized performance data required of the FRJ prototype. 

 FRJ-M 

Scan angle 360° 

Maximum angular velocity 60 RPM 

Liquid channels 2 (Up and down) 

Nominal flow rate 1.5 kg/s 

Nominal operation temperature 20°C 

Working temperature -40°C to +75°C 

Storage temperature -46°C to +75°C 

Pressure drop at nominal temperature max 0.02 MPa per channel 

Nominal operation pressure 1 MPa 

Maximum pressure 1,5 MPa 

Maximum running torque 35 Nm 

Maximum break up (start) torque 40 Nm 

Start angular acceleration 12 rad/s
2 

Life 50,000,000 Rev. 

The rotor shall also house the drainage outlets of the FRJ module. 

2.5.5 Cooling fluid 

The cooling fluid intended for the application is an ethylene glycol and water mix also known as 

Tyfocor, which with a weight ratio of 60/40 (w/w), is assumed to have physical properties as 

defined in Table 6 (TYFO, 2011). 

Table 6. Physical properties of the fluid dependent on temperature (TYFO, 2011). 

Temperature    (°C) - 40 - 20 0 + 20 + 40 + 80 

Kin. Viscosity   (m
2
∙s

-1
) 160 ∙10

-6
 40∙10

-6
 14∙10

-6
 5.7 ∙10

-6
 3.8∙10

-6
 1.2∙10

-6
 

Dyn. Viscosity  (kg∙m
-1

s
-1

) 179∙10
-3

 44∙10
-3

 15∙10
-3

 6.2 ∙10
-3

 4.1∙10
-3

 1.3∙10
-3

 

Density     (kg∙m
-3

) 1120 1111 1097 1085 1072 1045 
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2.5.6 Weight budget 

The total weight of the rotary joint assembly will be restricted by the customer specification to a 

maximum total weight of 65 kg, thus providing an absolute maximum weight for the FRJ of 29.2 

kg as other modules, as seen in Table 7, can be estimated with good accuracy. 

Table 7. Estimated weight budget of the rotary joint system. 

 Weight (kg) 

2-CH coaxial RJ 3 

Slip ring 16 

Fluid RJ 14 

Fibre-optic RJ 0.5 

Piping 3.3 

Enclosure 11 

Other 2 

Total: 49.8 

2.5.7 Load condition 

In operation the angle of the RJ rotational axis may vary up to 25 degrees in any direction 

relative the vertical axis, and transport in horizontal position may occur.  

2.5.7.1 Bearing load condition 

The RJ subsystem is of the stator side mounted type, thus bearings in each module is 

dimensioned to support its respective rotor. A load condition where the bearings of the FRJ 

support the rotor is defined to withstand a dimensioning worst case scenario. Under the 

assumption that the bearings being situated at the far ends of the FRJ module the distance 

between them and their reaction forces relative the horizontal force Fh and vertical force Fv 

applied at the centre of gravity can be described as illustrated by Figure 27. 

 

Figure 27. The basic geometry of forces acting on the FRJ bearings. 

Possible tilting relative the horizontal plane is taken into account by the angle α (0 to 90 

degrees). The force equilibrium for such load condition can be defined as: 

 r1 r2F sin  + F cos   R   R   0h v       (34) 

 a1 a2F sin   F cos   R   R   0v h        (35) 
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With the moment around the centre of bearing 1 summed up as: 

  r2 FRJR h   F sin   F cos h  0h v CG         (36) 

A theoretical worst load case possible can be concluded by the assumption that only one of the 

bearings supports axial forces, in this case bearing 2 is assumed to carry the full axial load, thus: 

 a1R   0  (37) 

This in accordance to (35) implies: 

 a2R   F sin   F cosv h      (38) 

Equation (36) can be rewritten as: 

 
 

r2

FRJ

F sin   F cos h
R   

h

h v CG    
  (39) 

Which in Equation (34) provides an expression for Rr1: 

  r1

FRJ

h
R  F sin   F cos 1    

h

CG
h v 

 
      

 
 (40) 

In accordance to Newton´s second law of motion force is defined as mass times the acceleration: 

  F m a Bj rk,  2007,  p. 23ö   (41) 

Why Equation (38), Equation (39) and Equation (40) can be defined as a result of horizontal and 

vertical acceleration: 

  r1 rotor rotor

FRJ

h
R  m a sin   m a cos 1    

h

CG
h v 

 
        

 
 (42) 

 
 rotor rotor

r2

FRJ

m a sin   m a cos h
R =

h

h v CG      
 (43) 

 a2 rotor v rotor hR   m a sin   m a cos        (44) 

Where: 

                         [   ⁄ ] 

                           [   ⁄ ] 

                                [  ] 

The worst case scenario should be defined as the maximum axial force combined with the 

maximum radial force, thus providing a dimensioning case independent of which bearing that 

supports the axial load.  

2.5.7.2 Rotational inertia 

As there are demands of maximum torque at the start and during operation, the influence of the 

rotational inertia of the system should be evaluated. Torque M required to start a rotational 

motion of a body is derived as: 

  M J Bj rk,  2007,  p. 23ö   (45) 

Where: 
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                    [     ] 

                        [       ]  

Using a CAD model of the final design, as presented in Section 4, the inertia of a stainless steel 

stator without piping and fluid can be estimated to            . With the specified angular 

acceleration           and Equation (45) an estimate of the torque required to start the rotor can 

be calculated: 

 M 0.105 12 1.26 Nm    (46) 

In comparison to the specified maximum torque, as presented in Table 5, this torque is 

considered negligible. Most likely the only torque relevant is that caused by frictional forces at 

the seal contacts. 

2.5.7.3 Static loads 

Both stator and rotor must be able to transfer an axial torque as high as 40 Nm to drive other 

modules as that is the defined maximum torque required to turn the RJ assembly, as well as 

dimensioned to structurally support these RJ modules. 

2.5.7.4 Shock loads 

The FRJ module shall be designed to withstand quasti-static accelerations of 40 g vertically and 

20 g horizontally as well as 25g half sine shocks, 100 times in 6 milliseconds, both positive and 

negative in all three orthogonal directions. Note however that in the event of a shock load the 

bearings situated in the FRJ stator is assumed to only support the FRJ rotor. 

2.6 Stress in pressurized pipes 

When pressurizing a circular pipe with an internal gauge pressure (pi) it will be subjected to 

stress and the burst pressure, i.e.  at which the pipe fails, can be estimated using Barlow´s 

formula. It is however important to remember that the formula only should be used as rough 

estimation and with a safety factor (Zhu and Leis, 2011). 

    Zhuand Leis,  2011,  page 8
2

7i

m

t
p SF

D
    (47) 

Where: 

                [   ]  

                  

          [     ]  

                      [  ] 

                       [  ] 
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3 THE DEVELOPMENT PROCESS 

This chapter describes the working process of the concept generation and further development of 

the fluid rotary joint prototype. 

 

 

3.1 Fluid dynamics 

The FRJ flow channel configuration is naturally designed towards reducing flow losses which 

most likely will come at the expense of manufacturability, i.e.  increasing manufacturing cost. 

Hence the level of impact in terms of flow loss reduction of certain design aspects has to be 

evaluated.  

3.1.1 Flow velocity and Reynolds number 

From the basic definition of flow friction and secondary losses, as presented in Section 2.4.2, it 

is evident that flow channels should be kept as wide as possible and with an as small variation of 

flow direction and cross section geometry as possible to reduce the magnitude of flow losses. 

Initially the Reynolds number in relation to fluid channel diameter at different temperatures were 

determined with, in compliance to Equation (9), the dimensioning mass flow at 1.5 kg/s as seen 

in Figure 28. 

 

Figure 28. Reynolds number in relation to flow channel diameter at a specific temperature. 

It was found that in all cases with temperatures above approximately -20°C and a flow channel 

diameter less than 55 mm will result in a Reynolds number high enough to assume consistent 

turbulent flow, in accordance to the theory as presented in Section 2.4.1. Also the flow velocity 

depending on fluid channel and given mass flow were simulated, see Figure 29. 
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Figure 29. Flow velocity in relation to flow channel diameter at a specific temperature. 

If the rotor diameter is assumed to be 110 mm, the peripheral velocity at the stator/rotor groove 

can be derived as:   

 
0.11

60 0.35  /
60 60

rotord
V RPM m s

  
      (48) 

It is unclear what effects the rotating action of the rotor has on the flow when operating, but the 

magnitude of the peripheral velocity in relation with the average flow velocity raises a 

significant risk of influence that should be considered. Depending on the flow channel 

configuration the rotation could result in a pumping effect, that may reduce or increase pressure 

loss (Wallin, 2014). 

3.1.2 Minimum dimensions of flow channels 

A simplified worst case scenario, as illustrated in Figure 30, was compiled to provide an 

indication of minimum flow channel dimension required to meet the demands of a maximum 

pressure loss for each channel. 

 

Figure 30. Illustrative figure of the flow paths simulated.  

The FRJ is modelled at a rotational position where the inlet is shifted 180 degrees relative to the 

outlet, thus providing the longest flow length and highest frictional loss. Frictional loss was 

defined as in Equation (15), (17) and (18) for the total flow length and the four bends were 

modelled as 90 degrees miter bends adding secondary pressure drops according to Equation (16) 

and Figure 22. By adding these according to Equation (14), with parameters from Table 8 and 
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Table 6, in an iterative Matlab simulation a rough estimate of minimum flow channel diameter in 

relation with the operation temperature was generated as seen in Figure 31. 

 

Figure 31. Minimum flow channel diameters required to meet pressure loss demands. 

N.b. the dimension of the stator/rotor groove is defined as the hydraulic diameter, see Equation 

(10), and set to equal size to the circular flow channels.  

Table 8. Parameters of the iterative simulation. 

Length (L1) 470 mm 

Length (L2) 40 mm 

Length (L3) 40 mm 

Length (L4) 470 mm 

Groove radius (R) 60 mm 

 

3.1.3 Channel split up 

A single flow channel can be split into several narrower channels that subsequently provide a 

possible reduced required radial mounting space, as illustrated in Figure 32. 

 

Figure 32. A single flow channel can be split into several smaller channels. 

However in accordance with flow loss theory, as described in Section 2.4.2, several narrower 

channels could result in an increased total frictional loss as well as secondary pressure drops at 

points of channel confluences. This aspect has to be considered when implementing such 

channel configuration, why an estimation of minimum channel diameter required not to increase 

frictional loss compared to the case of a single channel was simulated for pure water at room 

temperature. As Figure 28 shows the flow can be assumed to strictly turbulent, why Equation 

(18) can be used to calculate frictional loss. If iterated in Matlab the relation between the number 
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of pipes the mass flow is divided into and the diameter of these providing the same frictional 

pressure loss compared to the case of a single flow channel can be simulated, as seen in Figure 

33. 

 

Figure 33. Minimum internal diameter of flow channels required not to increase frictional pressure loss. 

N.b. secondary pressure drops at points of channel separation and confluence are most likely 

high in comparison to the frictional losses why further investigation in terms of CFD simulation 

of these design features has to be performed. 

3.2 Bearing solutions 

3.2.1 Dimensioning 

Generally vibrations and shock loads are treacherous for bearings and long-term effects are 

uncertain making estimation of life expectancy virtually impossible. Assumptions and 

estimations can however be made based on previous experience and data. Thus this is why 

consulting an experienced retailer on the subject is preferred. Normally roller bearings provide 

better shock load capabilities as a roll provides a larger contact surface to the bearing races, i.e.  

lower surface pressure, compared to that of a ball (Svanborg, 2014). When a rotor assembly, 

with an estimated total weight of 15.7 kg, is subjected to static and chock loads as described in 

Section 2.5.7 dimensioning load cases can be determined in accordance to equations in Section 

2.5.7.1, as seen in Table 9. As the angle of the RJ rotational axis may vary up to 25 degrees in 

any direction relative the vertical axis in operation the maximum radial and axial load is given.  

Table 9. Bearing dimensioning load case. 

 Radial load (N) Axial load (N) 

Normal operation – Vertical position 0 154.0 

Normal operation – Tilted 25 degrees  49.50 139.6 

Normal operation – Combined worst case 49.50 154.0 

Axial shock – Vertical position 0 6161 

Radial shock 2344 154.0 

Shock – Combined worst case  2344 6161 

A tapered roller bearing should generally be adjusted towards achieving zero bearing play 

without adding additional internal friction, i.e.  not adding any bearing pre-tension. But if a 
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particularly high precision of axial alignment and run out at operation is desired, which may 

offer advantages in terms of seals life, pre-tension should be applied (Svanborg, 2014).  

3.2.2 Shock load consulting from IBC 

Through contact with Stefan Svanborg (Svanborg, 2014) the bearing manufacturer IBC was 

consulted regarding shock load capabilities of bearings. Based on experience a static load safety 

factor of at least 4.5 was recommended for the load cases as specified for the FRJ module: 

 Intended bearing4.5P C   (49) 

Furthermore the capacity of angular contact ball bearings was considered sufficient by IBC for 

the application at hand if mounted in an O-arrangement with correct tolerances. Another positive 

aspect of angular contact ball bearings is the option of bearings solutions with integrated seals.  

3.2.3 Life 

To provide an indication of estimated bearing life two examples were formulated where tapered 

roller bearings and angular contact ball bearings were utilized. 

3.2.3.1 Tapered roller bearing 

If using the SKF bearing designated “L 327249/210”, the specifications as presented in Table 10 

can be used for life expectancy estimation (SKF, 2008). 

Table 10. Bearing specifications for bearing “L 327249/210” (SKF, 2008, p. 660). 

Y 1.8 

e  0.33 

C 134 kN 

C0 280 kN 

p 10/3 

3.2.3.2 Angular contact ball bearing 

If using the SKF angular contact ball bearing designated “7226 BM”, the specifications as 

presented in Table 11 can be used for life expectancy estimation (SKF, 2008). 

Table 11. Bearing specifications for bearing “7226 BM” (SKF, 2008, p. 430). 

C 186 kN 

C0 193 kN 

p 3 

3.2.3.3 Life expectancy 

Data from Table 9 and equations as described in Section 2.3.1 formulates input data and results 

as presented in Table 12. 

Table 12. Calculated life expectancy. 

Normal operation 

Combined worst case 

Angular contact ball bearing 
P 171.5 N 

Life L10 1.28∙10
15

 rev. 

Tapered roller bearing 
P 297.0 N 

Life L10 7.04∙10
14

 rev. 

Shock 

Combined worst case 

Angular contact ball bearing 
P 7066 N 

Life L10 1.82∙10
10

 rev. 

Tapered roller bearing 
P 12030 N 

Life L10 3.09∙10
9
 rev. 
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Both bearings are therefore assumed to meet the minimum required life time of 50 million 

revolutions. 

Shock load capacity 

Equation (49) with the worst equivalent dynamic bearing load P of 12 kN provides an indication 

of the accelerations being of insignificant magnitude, both compared to static and dynamic load 

ratings, i.e. C and C0 in Table 10 and Table 11, of both bearings: 

 12 4.5 54kN kN   (50) 

3.2.3.4 Dimensions 

Because the compactness of the FRJ module is considered to be an important design aspect the 

dimensions of the two relevant bearings are determined as seen in Table 13. 

Table 13. Bearing dimensions of bearings “7226 BM” and “L 327249/210” (SKF, 2008). 

 
Angular contact ball bearing 

7226 BM 

Tapered roller bearing 

327249/210 

Shaft diameter 130.0 mm 133.35 mm 

Outer diameter 230 mm 177.008 mm 

Total axial width 40 mm 25.4 mm 

As seen in the table the angular contact ball bearing requires a larger mounting space compared 

to that of the tapered roller bearing. 

3.3 Seal solutions 

To provide a seal selection based on the latest sealing solutions available on the market today 

five companies were contacted; AESSEAL, BALSEAL, EagleBurgmann, SKF and Trelleborg 

Sealing Solutions. The companies were presented with the operation parameters as in Section 2.5 

for a fluid rotary joint as illustrated in Figure 34. 

 

Figure 34. Illustrative example of the fluid rotary joint seals and channel configuration. 

 

3.3.1 Seal solution from AESSEAL 

Joakim Westlin (Westlin, 2014), the manager for parts of the Nordic region at AESSEAL, 

proposed a solution as presented in Table 14 for this specific application. 
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Table 14. Seal solution recommended from AESSEAL. 

 Primary solution 

Primary seal  

(2 units) 

B02-Range 

(Mechanical face seal) 

Estimated life 

(Million revolutions) 
> 100 

Estimated total cost per 

FRJ module 
32,000 SEK 

It is important to consider the axial pre-tensioning of the seal generally 1.3 kg/cm
2
 for the 

proposed type of seal, i.e. equivalent to 300 N for an AESSEAL mechanical face seal with a 

shaft diameter of 110 mm.  

3.3.2 Seal solution from Flowsys 

Peter Nilsson (Nilsson, 2014), an engineer at Flowsys, proposed a mechanical face seal solution 

as a primary seal as presented in Table 14 for this specific application. It is available in two 

different configurations of stationary seat and features a customized seal surface to accommodate 

for the low rotational speeds. 

Table 15. Seal solution recommended from Flowsys. 

 Primary solution 

Primary seal  

(2 units) 

BX - Metal bellow 

(Mechanical face seal) 

Estimated life 

(Million revolutions) 
94,6 (or 3 years) 

Estimated total cost per 

FRJ module 
30,000 SEK 

The typical break out torque and running torque of the recommended seal are specified to 15.08 

Nm and 3.77 Nm. The life expectancy is defined as 3 years at constant operation but will most 

likely work a lot longer if temperatures are kept relatively low and proper lubrication is 

achieved. It is crucial to ensure when mounting the FRJ module that there is no air entrapped in 

the flow channels, especially at the mechanical face seal. Operation without lubrication could 

lead to catastrophic heat build-up and possible seal failure. Also the cooling liquid has to be of a 

compatible type, due to previous experience of antifreeze particles sticking to the seal surface 

and causing leakage (Nilsson, 2014). 

3.3.3 Seal solutions from Trelleborg 

Jörgen Olsson, working at the sales- and technical support at Trelleborg sealing solutions, 

proposed the following two different solutions for this specific application, see Table 16. 

Table 16. Seal solutions recommended from Trelleborg. 

 Primary solution Secondary solution 

Primary and Channel seal 

(2 units) 

Roto Glyd Ring 

M12 (Plastic seal) 

Quad-Ring 

(Plastic seal) 

Secondary seal  

(2 units) 

Roto VL Z80 

(Plastic seal) 

Quad-Ring 

(Plastic seal) 

Estimated life 

(Million revolutions) 
8.5 - 14.5 < 8.5 

Estimated total cost per 

FRJ module 
3,200 SEK 250 SEK 
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Because of the Roto Glyd Ring is an elastomer energized plastic seal, the Roto VL is a plastic lip 

seal and the Quad ring is a plastic x-shaped section ring, the quantity and size of contamination 

particles will be critical to ensure an adequate life expectancy. The material of the secondary 

seal, Z80, is chosen because of its well suitable dry running qualities. What can be established 

between the two solutions is that the primary solution will provide a lower frictional torque 

compared to the secondary solution, because of the PTFE material rather than the rubber used for 

a Quad-ring (Olsson, 2014). Generally a configuration where the shaft diameter does not exceed 

50 mm the mounting of the seal demands splitting of the housing, above that the seal can be 

temporary deformed when mounted in the seal groove (Olsson, 2014). 

3.3.4 Seal solutions from BALSEAL 

Robert Riegen (Riegen, 2014), the northern Europe territory manager of Balseal Engineering, 

proposed the following seal solutions for this specific application, see Table 17. 

Table 17. Seal solutions recommended from Balseal. 

 Primary solution 

Primary and secondary seal 

(2 units) 

X606431 

(Plastic seal) 

Estimated life 

(Million revolutions) 
157 (or 5 years)  

Estimated total cost per FRJ module 8,140 SEK 

The X606431 is a plastic seal energized by a stainless steel spring and features an integrated 

secondary seal. The estimated life should only be considered as a prediction and is highly 

dependent on fluid parameters, e.g. contamination particles, and shaft surface finish. 

3.3.5 Seal solutions from EagleBurgmann 

Fredrik Johansson (Johansson, 2014), working at the sales department of EagleBurgmann, 

proposed the following two different seal solutions for this specific application, see Table 18. 

Table 18. Seal solutions recommended from EagleBurgmann. 

 Primary solution Secondary solution 

Primary seal  

(2 units) 

H10 

(Mechanical face seal) 

MG1 

(Mechanical face seal) 

Estimated life 

(Million revolutions) 
63-94 (or 2-3 years) 63-94 (or 2-3 years) 

Estimated total cost per 

FRJ module 
30,000 SEK 16,000 SEK 

The benefit of the more expensive H10 models is its smaller axial size, relative that of the MG1 

models. Life expectancy for a FRJ application can only be determined through physical testing 

and will depend highly on how the seal is used, particularly numbers of starts and stops. If 

operation implies mainly static rotational position there could be a risk of seal seizure, why 

regular startups at least once a month in such conditions could be recommended (Johansson, 

2014).   
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3.4 Structural dimensioning 

3.4.1 Minimum wall thickness 

The minimum wall thickness required for a specific operating pressure is dependent on material 

yield strength. The maximum yield stress for thin-walled cylindrical casings in stainless steel, 

e.g. SS-2352 or SS-2333, subjected to an internal overpressure at below 100°C can be set to 100 

MPa (Björk, 2007, p. 33). 

By using Barlow´s formula, i.e. Equation (47), the minimum wall thickness of an internally 

pressurized pipe with a round cross section was calculated. Depending on inside pipe diameter 

the thickness required for the specified operation pressure of 15 bar was simulated, resulting in a 

plot as seen in Figure 35. 

 

 

Figure 35. Minimum wall thickness of a stainless steel pipe pressurised to 15 bar. 

N.b. the simulation result is only to be used as a rough estimate of minimum wall thickness in the 

continuing design process as other structural aspects is not considered, e.g. fatigue.  

3.5 Design concepts 

Four concepts were created to illustrate a possible stator and rotor design in terms of channel 

configuration, all within the previously determined geometrical constraints. Because the seal 

solution was not being selected at this point the concepts are designed to house internal dynamic 

components with a size similar to those of the existing solution, i.e. large mechanical face seals 

as primary seals. In accordance to simulated data, as presented in Figure 31, the hydraulic 

diameter of all channels were kept to a minimum of 30 mm, thus ensuring sufficiently low total 

flow loss. In case of splitting the channels the minimum diameter was set according to Figure 33. 

N.b. the drain channels are excluded in the conceptual designs as well as interfaces to other RJ 

modules. 

Minimum wall thickness is at this stage kept to 4 mm, which in accordance to Figure 35 provides 

a realistic safety margin. Other structural dimensioning at this point is neglected as the concepts 

are to be evaluated strictly in terms of channel configuration, manufacturability, compactness 

and overall potential. Mounting of bearings and seals does most likely require splitting of the 

rotor shaft into separate pieces, as with the existing module, this aspect is however also 
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neglected. The existing solution, as described in 2.1.1.1, is set as a benchmark product from 

which the concept are evaluated against. 

3.5.1 Rotor and Stator concept 1 

The first concept has a single rotor duct per fluid channel and a non-symmetrical axial diameter 

on each side of the channel seal as seen in Figure 36, thus both bearings and seals has to be 

bought separately in different sizes. In the case of fitting mechanical face seals the uneven size 

has to be considered to provide correct pre-tension of the seal surfaces. 

 

Figure 36. Section view of concept 1 and its rotor. 

The connecting piping at the stator requires separate 90 degree bend adapters, statically sealed 

with O-rings against the face milled surfaces connecting to the stator channel grooves. As seen in 

Figure 36 channel 1 is connected directly to the stator/rotor groove by being drilled straight in to 

it, rather than requiring a drilled radial hole, i.e. an extra redirection of flow, as in the case of the 

existing benchmark solution. Additional structural strength is provided by the equally spaced 

axial ribs as seen in Figure 37, which thickness and quantity adjusts the trade-off between 

stiffness and weight. 

 

Figure 37. Structural ribs can be added to the rotor to add structural stiffness. 

3.5.2 Rotor and Stator concept 2 

By a multiple channel configuration of the rotor, e.g. splitting one into three or five channels as 

shown in Figure 38, the axial width of the rotor can be reduced, thus providing a more compact 

module. As the shaft diameter, i.e. circumference, is reduced the peripheral velocity is reduced 

possibly resulting in lower seal wear and a prolonged life.   
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Figure 38. Section view of concept 2 and its rotor with three or five ducts per channel. 

As with the first concept the rotor openings are manufactured by drilling of the channels straight 

into the stator and rotor groove, thus reducing numbers of flow channel bends and improving 

manufacturability. As a result of the split channel configuration of the rotor, a part as seen in 

Figure 39 has to be added to provide channel confluence at the rotor top.  

 

Figure 39. The split channel configuration requires a part for channel confluence. 

This extra part requires an additional static seal as well as increases both weight and axial height. 

3.5.3 Rotor and Stator concept 3 

The last concept is designed with the aim of providing soft transitions in the flow channels, by 

dividing each stator groove into split halves an intricate groove configuration is made possible, 

as seen in Figure 40. The rotor for this concept is the same split channel rotor as for Concept 2.  

 

Figure 40. Section view of concept 3 and its modular design. 
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The split halves design does imply a higher total number of parts; however by the integration of 

stator piping connection, as seen in Figure 41, the need for separate adapters is eliminated. An 

important factor of reliability though is to attain an adequate stiffness of the stator parts to ensure 

safety against failure of the static seal between them.  

 

Figure 41. Each rotor groove is divided in to a pair of halves. 

3.6 Concept evaluation  

The existing FRJ module design, as described in Section 2.1.1.1, is set as the reference product 

to which the produced conceptual designs are compared to using a Pugh matrix system. N.b. due 

to the reference product being dimensioned for less mass flow of cooling fluid no specific values 

of flow performance will be accounted for, instead the overall design and configuration will be 

evaluated. The concepts potential are scored according to Table 17 against each design criteria 

which are assigned a multiple of relevance, see Table 20. 

Table 19. Concept score according to its potential in relation to the reference FRJ. 

2 Far better 

1 Better 

0 Indifferent 

-1 Worse 

-2 Much worse 

 Table 20. Factor of importance for each design criteria of the Pugh matrix. 

2 Very important 

1.5 Important 

1 Relevant 

Performance potential 

The possibility of large flow channel diameters, numbers of sudden changes in channel cross 

section area and few redirections of flow, e.g. bends, determines the potential performance of a 

concept. As peripheral velocity is determined by the seal mounting diameter, i.e. seal dimension, 

a reduced diameter is most likely to result in a prolonged life expectancy. Effects of a non-

symmetrical seal or bearing configuration have to be considered, e.g. it could result in uneven 

pre-tension. 

Manufacturability 

The manufacturability is directly linked to the cost of manufacturing and determined by 

machining complexity, i.e. number of operations, need for special tools and manufacturing time. 

The judgement of this aspect is conducted in cooperation with Helge Jansson from Micro 

Precision (Jansson, 2014). 
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Weight 

A low total weight of the FRJ module is especially important in the presence of shock loads, as a 

lower mass in accordance reduces magnitude of resulting forces as well as inertia at rotational 

start and stop.  

Geometric compactness 

Except flow performance the geometrical constraints, especially external dimensions, are of 

great importance to enable mounting in the intended rotary radar system. The requirement of a 

minimum centre bore diameter of 55 mm has to be fulfilled.  

Assembly complexity 

A design where parts are divided into separate components, as a method to improve 

manufacturability, could come at the expense of increased assembly complexity. In terms of 

manufacturing cost an increased number of manufactured components and standard components 

could result in a greater total cost. It is also important to consider the risk of leakage that an 

increased quantity of static seals could imply, thus the parts is preferably designed with as few 

splits as possible. 

Material 

Due to previous experience of galvanic corrosion caused by assembly of dissimilar materials, a 

FRJ design with low material variation is desirable, preferably a material suitable for corrosive 

environments without requiring advanced surface treatments. 

Service ability and safety  

The module should allow easy access when performing maintenance or in the case of repair, as 

well as provide a good system for leakage drain and leakage detection.    

The matrix, as seen in Table 21, is formulated to define essential criteria and overall potential of 

each concept for the evaluation, which in cooperation with Cobham engineers determines the 

design that is to be further developed. 

Table 21. Pugh matrix system for conceptual evaluation. 

 Weight Reference Concept 1 Concept 2 Concept 3 

Performance potential 2 0 1 2 2 

Manufacturability 1.5 0 0 -1 -1 

Weight 2 0 0 0 0 

Geometric compactness 2 0 1 2 2 

Assembly complexity 1.5 0 0 0 -1 

Material 1.5 0 1 1 1 

Service ability 1 0 0 0 0 

Total score: 0 3 4 3 

Weighted score: 0 5.5 8 6.5 

Concluded from the Pugh matrix concept number 2 is selected for further development. A 

combination of a split channel configuration of the rotor and a slim stator design enables for a 

compact solution with relatively high total channel hydraulic diameter.   
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3.7 Detailed prototype concept development 

3.7.1 Primary seals 

As no specific seal is selected a mock-up CAD model was created to ensure sufficient mounting 

space. As seen in Figure 42 a spring energized mechanical face seal is chosen because it was 

considered to be the best available solution for this specific seal application. This also ensures 

that if the FRJ prototype later is to be manufactured, a plastic primary seal solution can be 

selected without the risk of increasing the axial length. 

 

Figure 42. The primary seal solution is CAD modelled as a mechanical face seal. 

To ensure realistic geometrical size the general dimensions, as seen in Figure 43, are based on 

the AESSEAL B02 Range mechanical face seals (Westlin, 2014). 

 

Figure 43. Basic dimensions of the mechanical seal mock-up CAD model. 

N.b. the shaft mounted side is clamped to the rotor with screws which are not included in this 

simplified model.   

3.7.2 Channel seal 

The channel seal is modelled as an elastomer energized plastic seal with the design, as illustrated 

in Figure 44, based on the Trelleborg Roto Glyd Ring (Trelleborg, 2009).  
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Figure 44. The channel seal design is based on the Trelleborg Roto Glyd plastic seal. 

3.7.3 Secondary seals 

The dynamic secondary seals are modelled with a similar designed as the Trelleborg Roto VL 

elastomer energized plastic seal (Trelleborg, 2009), as seen in Figure 45. 

 

Figure 45. Secondary seal design is inspired by the Trelleborg Roto VL seal. 

3.7.4 Static seals 

Static seals used in the FRJ concept as listed in are modelled as typical round section rings, i.e. 

O-rings, and a nitrile (NBR – N70) with a hardness of 70 Sh. A. is chosen because of its 

suitability in application with presence of antifreeze chemicals (Olsson, 2014). A total number of 

ten static seals of seven different dimensions are used as displayed in Figure 46.  

 

Figure 46. The ten static seals that are used in assembly of the FRJ module. 

3.7.5 Bearings 

The dimensions of the tapered roller bearing model, as seen in Figure 47, are based on the SKF 

bearing with designation “L 327249/210” (SKF, 2008). 



54 

 

 

Figure 47. A single row tapered roller bearing is selected. 

3.7.6 Assembly geometry 

Normally seals and bearings are aligned axially one after the other, as seen in Figure 48, such 

configuration when using mechanical face seals does however result in a too long axial length 

regardless of housing and stator design. 

  

Figure 48. An axial alignment of seals and bearings.  

With this alignment the stator and housing is designed, resulting in a model as seen in Figure 49. 

 

Figure 49. Assembly is simplified with bearings placed outside the seals. 

N.b. the rotor channels confluence points are integrated in the lid retaining one of the bearings, 

rather than being situated in a separate part as in the conceptual design as presented in Figure 39. 
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3.7.7 CFD Analysis and validation 

Initially, on the basis of results presented in Figure 31, an internal in- and outlet channel 

diameter of 30 mm was selected to provide a reasonable margin to the specified maximum value 

of total pressure loss. To reduce the radial width of the FRJ a split channel configured rotor was 

selected and dimensioned in accordance to Figure 33, thus each channel diameter is set to 26 

mm. Furthermore to reduce flow loss the hydraulic diameter is kept as consistent as possible 

along the whole flow path through the FRJ and the configuration of channel opening between 

rotor and stator, i.e. flow redirection through the FRJ module, is kept as simple as possible.  

3.7.7.1 Flow channel geometry 

Based on the design as visualized in Figure 50 the flow channels geometries are modelled and 

exported for CFD analysis.  

 

Figure 50. The two FRJ flow channels illustrated in blue and red. 

N.b. the rotational position of the stator relative the rotor is set as the worst possible, i.e. shifted 

by 180 degrees as seen in Figure 51, thus providing the longest flow path. 

 

Figure 51. The simplified channels used for CFD simulation. 

Due to restrictions in terms of a maximum quantity of mesh nodes when using a student licence 

of ANSYS Workbench 14.5 the flow channels are simplified and the gap outside and around the 

mechanical face seal spring is neglected, resulting in a reduced hydraulic cross section of the 
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stator groove. To eliminate problems with reversed flow at the outlet boundaries when 

simulating of the channels were modelled slightly longer.  

3.7.7.2 Mesh 

The mesh is defined with fine global sizing complemented with an inflation layer with all flow 

channel walls as boundary. The inflation mesh consists of 25 layers and a growth rate of 1,2 

which provides a gradual transition from a very fine mesh at the wall to a more coarse mesh at 

the middle of the flow tube as seen in Figure 52. 

 

Figure 52. The inflation mesh provides a fine mesh at the wall gradually growing towards the centre. 

An inflation is used as the finer mesh along the walls created by the "inflation" helps to resolve 

the boundary layer (Richards, Martin and Cimbala, 2010). 

3.7.7.3 Input parameters 

The CFD simulation performed in Ansys Fluent is setup as a k-epsilon flow model with 

enhanced wall treatment. The fluid parameters used for simulations are set as ethylene glycol 

mix at 20°C, as presented in Table 6.  

The gauge pressure is not considered critical when calculating pressure loss due to the 

assumption of incompressible flow and constant material data, e.g. density and viscosity (Wallin, 

2014). Why the outlet boundary is defined as a pressure outlet and the inlet boundary is setup as 

a mass flow inlet with a rate of 1.5 kg/s, both with a gauge pressure of 0 Bar and a reference 

pressure of 1 bar. The pressure-velocity coupling in solution method is defined as "simple" and 

with settings as presented in Table 22.  

Table 22. Setup of spatial discretization in solution methods. 

Gradient Least Squares Cell Based 

Pressure Standard 

Momentum Second Order Upwind 

Turbulent Kinetic Energy Second Order Upwind 

Turbulent Dissipation Rate Second Order Upwind 

To ensure residual convergence of each of the six differential equations of the three dimensional 

k-epsilon incompressible flow model the convergence criterion are set to 0.0001. The simulation 

required 650 iterations before the solution converged as displayed in F. 
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Figure 53. The six residuals of channel 1 reached convergence after 650 iterations. 

To ensure convergence the pressure loss relative to number of iterations is plotted, in Figure 54. 

 

Figure 54. Simulated pressure loss for channel 1 relative number of solution iterations. 

The resulting Y-plus variable for channel 1 varies as seen in Figure 55 but is keep well below an 

appropriate maximum value of 1 (Wallin, 2014). 

 

Figure 55. Y-plus plotted over the whole channel 1 model. 



58 

 

3.7.7.4 Results 

Using the same methods and settings channel 2 was simulated and the pressure loss of the total 

pressure between the inlet and outlet as seen in Table 23, is calculated from the solution using an 

area-weighted average surface integral.  

Table 23. Established pressure loss per channel. 

 Pressure loss 

Channel 1 0,0063 MPa 

Channel 2 0,0064 MPa 

With the flow velocity plotted as seen in Figure 56 it can be seen that there are inevitable 

accelerations present at tight turns, especially in the stator at the outer 90 degree turn.  

 

Figure 56. Flow velocity plotted in the flow channel geometry of channel 1. 

Maximum flow rate 

Using the same settings and methods the mass flow rate was stepped from 0.7 kg/s to 3.5 kg/s 

and the pressure loss of channel 1 simulated and logged as seen in Figure 57. 

 

Figure 57. Pressure loss relative mass flow through flow channel 1. 
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Influence of rotor rotational position 

Using the same simulation setup but with a parameter model of flow channel 1, which enables 

variation of the rotational position of the inlet relative to the outlet, the pressure loss at a flow 

rate of 1.5 kg/s was simulated. A position angle of 0 degrees implies the shortest flow length 

between in- and outlet, i.e. lowest pressure loss as seen in Figure 58 where logged values of 

pressure loss is plotted. 

 

Figure 58. Pressure loss relative the rotational position of the stator. 

N.b. this result does not consider possible pumping actions or other dynamic phenomena. 

Impact of adding corner radius 

Using the same simulation setup as previously described but with a parameterized model of flow 

channel 1 that allows change of the corner radius in the stator-rotor groove the pressure loss at a 

flow rate of 1.5 kg/s was simulated. The rotational position between out- and inlet is fixed to 180 

degrees and the pressure loss is logged as corner radius is varied providing results as viewed in 

Figure 59.  

 

Figure 59. Adding corner radiuses in the rotor-stator groove is found to increase pressure loss.   
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3.7.8 Dimensioning of statically sealed part splits 

Even though both stator and rotor can be manufactured without being split up (Jansson, 2014) 

the design requires being split up to enable mounting of bearings and seals. Splits require 

statically sealed screwed connections, which has to be dimensioned properly to ensure sufficient 

clamp pressure to attain static seal. The splits of the stator are the most extreme of all splits as 

they are dimensioned to statically seal the fluid pressure, at the largest cross section as illustrated 

in Figure 60, and also support the pre-tensioning of the mechanical face seals due to the 

mounting geometry.  

 

Figure 60. Hydraulic cross sections at possible splits of the rotor and stator. 

By calculating the total axial force Fja created by the specified highest operational pressure of 1.5 

MPa, a total channel cross section area of 5475 mm
2
 and a MFS pre-load of 300 N the FRJ split 

joints can be dimensioned as follows:  

  F Area Bj rk,  2007,  p. 2Pressure ö   (51) 

 2

jaF =1.5 MPa 5475 mm 300N 8512N    (52) 

The screws of a flange joint should be pre-tensioned axially approximately 2 to 3 times the axial 

force applied by the system, but not exceeding 70% of the specified yield strength of the screw 

(KTH, 2008). If assuming A2-70 classed screws of stainless steel will be used, the maximum 

yield stress of 410 N/mm
2
 (BIX, 1993, p.12:20) determines the minimum number of screws Ns: 
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Where: 

                   [   ] 

                                                       [   ] 

                              [    ⁄ ] 

                                      [  ] 

If calculated for standard metric screws average cross section diameter (Björk, 2007, p.13) the 

result as presented in Table 24 can be obtained. 

Table 24. Relation between screw type and quantity in a part split connection. 

 M3 M4 M5 M6 M8 M10 

Average cross section diameter (mm) 2.675 3.545 4.48 5.35 7.188 9.026 

Minimum required quantity (pieces) 16 9 6 4 3 2 

This worst case scenario is used as a reference for further dimensioning of screwed statically 

sealed connection of parts. 
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3.7.9 Static structural analysis 

Dimensioning is conducted by FEM simulating the stator and rotor structure in normal operation, 

when subjected to shock loads and one worst case scenario; where the FRJ module is subjected 

to shock accelerations during nominal operation loads. The FRJ spacer, from which the FRJ 

module is fastened as seen in Figure 61, is assumed rigid and stiff. 

 

Figure 61. Mounting position of the FRJ in the RJ subassembly. 

If the weight of the liquid in the FRJ module at normal operation is included total weight of the 

two subassemblies can be estimated as presented in Table 25. N.b. the rotor total weight includes 

the rotor connector housing as well as the mechanical face seals. 

Table 25. Total weight including rotor connectors and the weight of the liquid in the channels at 20°C. 

 Bearings included Bearings excluded 

Stator assembly 19 kg 15.7 kg 

Rotor assembly 21 kg 17.7 kg 

The material assumed for both stator and rotor is stainless steel SS-2333-02, i.e. SS-EN-1.4301, 

with a specified with yield strength of 490-690 MPa (Björk, 2007, p.54). 

Simplifications and assumptions 

When modelling the FRJ for the structural simulations, simplifications and assumptions were 

made as stated below. Due to restrictions in terms of a maximum quantity of mesh nodes when 

using a student licence of ANSYS Workbench 14.5 some extra simplifications had to be added. 

 Frictional forces caused by bearings and seals are neglected. 

 Rotational motion of the rotor relative the stator is neglected. 

 Only one bearing is assumed to carry axial load. 

 The centre of gravity of both stator and rotor assemblies are assumed to li.e. in the centre 

of the rotational axis. 

 Screwed connections are modelled as bonded contact surfaces and screw pretension is 

neglected. 

 The external piping connected to the stator, i.e. in- and outlet piping, is neglected. 

 The attachment flange is assumed stiff and rigid, thus serving as the system border.   

 Influence of cables passing through the FRJ module is neglected. 

 Mechanical face seals are assumed to be fully supported by the rotor alone when 

subjected to radial and axial accelerations. The seals are simplified to one part with 

equivalent mass, centre of gravity and rotor contact surface, i.e. clamp surface.  

 All plastic seals, the rotor guide pins and all screws are neglected. 

 The connector housing is modelled as a single part, as seen in Figure 62, with equivalent 

wall materials, thicknesses and size compared to that of the real part as a simplification 

when performing structural and modal analysis.  

 A pre-tension force applied by a MFS is assumed to be distributed uniformly around the 

rotor at the contact surface. 
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Figure 62. The simplified connector housing (in beige) compared to a real connector housing (faded white). 

To provide a perception of the stresses arising in the structures at the different load cases only 

figures displaying equivalent stress are presented in the sections below. Full results, such as 

equivalent stress, principal stress and deformations in all load cases are attached in Appendix B. 

Convergence analysis was conducted for each simulation where stress is evaluated in relation to 

mesh element size. Convergence, i.e. adequate model accuracy, is assumed when the change of 

maximum stress is less than 3% per refinement step when doubling the number of nodes. 

However due to the level of detail of the models and the student license quantity restriction of 

mesh nodes no complete convergence study could be completed. 

3.7.9.1 Rotor 

As the FRJ rotor is only connected by drive pins to the rotors of modules above it in the RJ 

subassembly no shock loads acting from these are considered as the centre of gravity of those is 

assumed to li.e. in the rotational axis, i.e. no rotational accelerations generated. The housing of 

the RJ rotor connectors at the bottom, as illustrated in Figure 61 and Figure 63, are directly 

connected to the FRJ rotor as well as the mechanical face seals thus accelerations caused by 

shock loads has to be structurally supported by the rotor.  

 

Figure 63. Axial position of the rotor assembly centre of gravity.  

The centre of gravity of the rotor assembly including the connectors housing is estimated to li.e. 

in the rotational axis with a distance hCG depending on what parts that are included as described 

in Table 26. 
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Table 26. Position of the centre of gravity of the rotor assembly. 

 hCG 

Bearings included 207.3 mm 

Bearings excluded 217.9 mm 

The bearing seats of the rotor assembly are defined as cylindrical supports with free tangential 

movement. The retaining of rotational forces is obtained by fixed supports at the drive peg holes 

on the upper side of the rotor assembly. The pre-tension of the mechanical seals are only applied 

at the contact surface, as illustrated by Figure 64. 

 

Figure 64. Surface sections marked in red where MFS´s are attached. 

At all fluid channel walls a pressure is applied equivalent to the specified maximum value of 1.5 

MPa. The rotational torque of 40 Nm is applied at the surface where the connector housing is 

attached to the rotor. The two dimensioning load cases are summarized in Table 27. 

Table 27. Structurally dimensioning load cases of the rotor. 

 Force Direction Magnitude 

Shock loads 

Acceleration of the Rotor-CG 

(Bearings excluded) 
Axial (both directions) 392,5 m/s

2
 

Acceleration of the Rotor-CG 

(Bearings excluded) 

Radial (all four 

orthogonal directions) 
245,3 m/s

2
 

Normal operation 

Rotational torque Axial 40 Nm 

Support own weight Axial 1g 

Internal channel pressure At channel walls 1.5 MPa 

Pre-tension of MFS Axial 300 N 

It was found that equivalent stress in the combined worst case scenario reached levels of about 

84.3 MPa at the inner walls of the pressurized flow channel, as seen in Figure 65. 

 

Figure 65. Equivalent stress when subjected to loads as specified for a worst case scenario. 

For full analysis result, see Appendix B. 
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3.7.9.2 Stator 

As the stator housing in this RJ subassembly is fastened only to the flange that is assumed rigid, 

the load cases includes forces and torques caused by acceleration of the housing itself and the 

rotor assembly including the mechanical face seals situated inside the housing.  

 

Figure 66. The stator assembly and its contact surfaces. 

The upper attachment surface as seen in Figure 66 is defined as a fixed support and at the lower 

attachment surface a rotational torque of 40 Nm is applied. At all internal fluid channel walls a 

pressure is applied equivalent to the specified maximum value of 1.5 MPa. The two 

dimensioning load cases are defined as described in Table 28. 

Table 28. Structurally dimensioning load cases of the stator. 

 Force Direction Magnitude 

Shock loads 

Acceleration of the Rotor-CG 

(Bearings & MFS included) 
Axial (both directions) 392,5 m/s

2
 

Acceleration of the Rotor-CG 

(Bearings & MFS included) 

Radial (all four 

orthogonal directions) 
245,3 m/s

2
 

Acceleration of the stator housing Axial (both directions) 392,5 m/s
2
 

Acceleration of the stator housing 
Radial (all four 

orthogonal directions) 
245,3 m/s

2
 

Normal operation 

Rotational torque Axial 40 Nm 

Support own weight Axial 1g 

Support rotor assembly 

(Bearings & MFS included) 
Axial 1g 

Internal channel pressure At channel walls 1.5 MPa 

Pre-tension of MFS Axial 300 N 

It was found that equivalent stress in the combined worst case scenario reached levels of about 

99.4 MPa under the piping adapters of the stator module, as seen in Figure 67. 
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Figure 67. Equivalent stress when subjected to loads as specified for a worst case scenario. 

For full analysis result, see Appendix B. 

3.7.10 Modal analysis 

A modal analysis is performed to provide an initial estimate of dynamic behaviour of the FRJ 

module, determining its resonant frequencies as presented in Table 29. Due to student licence 

restrictions of a maximum quantity of mesh nodes further simplifications are implemented, e.g. 

absence of screw holes and grooves for plastic seals in the model. 

Table 29. Modal analysis results. 

Mode Frequency 

1 583.1  Hz 

2 603.7  Hz 

3 1284.2 Hz 

4 1354.9 Hz 

5 1410.1 Hz 

6 1817.5 Hz 

The modes are preferably kept above 100 Hz, particularly in naval application where vibrations 

from engines and other systems can be significant (Carltoft, 2014). 

The model used in the simulation includes the simplified aluminium connector housing as 

illustrated by Figure 62 with bearings simplified as solid parts with material properties set as 

steel. The three first modes can be visualized in Figure 68 and additional results are found in 

Appendix B.  

 

Figure 68. The three first modes found in the modal analysis illustrated by plotting a scaled up total deformation.  
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4  RESULTS  

This chapter compiles the results obtained during the development process implementing 

methods as described in the introduction chapter. 

 

 

4.1 Prototype specifications 

The final FRJ design, as seen in Figure 69, features wide internal channels, bearings mounted in 

an O-arrangement and mechanical face seals. 

 

Figure 69. The new FRJ prototype design and its internal configuration. 

Frictional torque cannot be specified due to uncertainties of primarily the dynamic seals, thus a 

physical testing and verification has to be conducted to ensure requirement specification 

compliance. General specifications are compiled in Table 30.   

Table 30. Design specifications of the fluid rotary joint prototype. 

External mounting diameter 299 mm 

Stator flange to flange length 275,8 mm 

Dry weight (including bearings and seals) 29.13 kg 

Pressure loss at specified flow rate (1,5 kg/s) 0,0064 MPa 

Flow rate at specified maximum pressure loss 

(At nominal operation temperature: 20°C) 
2.5 kg/s 

In/outlet connection M35 Thread 

Equivalent centre bore diameter 58 mm 

Life expectancy >  50,000,000 Rev. 
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4.2 Rotor 

The rotor is divided into four parts to enable mounting inside bearings and seals housed by the 

stator as seen in Figure 70. 

 

Figure 70. The rotor is split into four different parts. 

A total quantity of 20 M5 screws is used to assemble the rotor assembly which, including its 5 

statics seals and two drive pegs, weighs approximately 9.5 kg. The rotor features a centre bore 

minimum cross section area of 2658 mm
2
, i.e. equivalent to a diameter of 58 mm, and overall 

general dimensions and structural interfaces as illustrated by Figure 71.  

 

Figure 71. The interfaces to other RJ modules and overall dimensions of the rotor assembly. 

4.3 Stator 

As seen in Figure 72 the stator is divided into five parts, all joined by a total of 30 screws and 4 

static seals, weighing approximately 14.8 kg. 

  

Figure 72. The stator is split up into five parts to enable mounting of seals. 
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The identical end pieces features attachment flanges which easily can be modified to 

accommodate mounting in other RJ assemblies. As seen in Figure 73 the maximum diametrical 

width, i.e. required mounting clearance, is 300 mm.  

 

 

Figure 73. The overall dimensions of the stator and its interfaces to other RJ modules. 

4.4 Purchased components 

The standard components required to assemble the FRJ module, as illustrated by Figure 74, are 

specified as in Table 31. 

 

 

Figure 74. The complete FRJ assembly with the bought components marked with position ballons. 

O-rings are designated according to Trelleborg standards (Trelleborg, 2012, p.49) and screws 

and dowel pins are designated according to BIX standards (BIX, 1993).  
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Table 31. Detailed list of standard components. 

Component Position Designation Quantity 

Tapered roller bearings 1 SKF – L 327249/210 2 

Static seals 

(Stator) 

2 OR 30 01580 – N70 2 

3 OR 30 00570 – N70 2 

Static seals 

(Rotor) 

4 OR 30 01285 – N70 2 

5 OR 30 01020 – N70 1 

6 OR 25 00115 – N70 1 

7 OR 30 00485 – N70 2 

Dynamic seals 

8 MFS: TBD 2 

9 Roto Gly Ring M12 – Ø110 mm 1 

10 Roto VL Z80 – Ø125 mm 2 

11 Roto VL Z80 – Ø177 mm 2 

Screws 

(FRJ Assembly) 

12 MC6S M5 x 45 A2 16 

13 MC6S M5 x 25H A2 20 

14 MC6S M6 x 20H A2 14 

Screws  

(RJ Interfaces) 

15 MC6S M5 x 25H A2 6 

16 MC6S M5 x 30 A2 16 

Dowel pins 17 CP m6 8x40 A1 2 

Mechanical face seals are specified with the designation TBD (To Be Decided), implying the 

required future selection of a specific product.  

N.b. no piping or piping connectors are specified and such components are considered outside 

the system border of the FRJ module. Models of the stator and rotor piping connections, which 

are specified as M35 thread, can easily be changed if needed.   
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5 DISCUSSION AND CONCLUSIONS 

In this chapter the project result and development process are discussed, from which conclusions 

are drawn and presented. 

 

 

5.1 Discussion 

The limitation of axial length is the only demand in the requirement specification that was found 

difficult to address. The decisive factor is primarily the choice of seals and it will most likely 

entail mechanical face seals which combined with normally sized bearings will occupy an axial 

length exceeding 250 mm unless the rotor channel openings are significantly reduced. Such 

reduction of channel opening axial width could be feasible, but will initially have to be verified 

in CFD- simulation to ensure not exceeding specified pressure loss limitations. It should 

however be noted that a reduction of axial length is not essential; due to the wide rotor centre 

bore a slightly longer module is permitted. 

Another possibility could be to have the bearings mounted over the primary and secondary seal, 

thus greatly reducing the overall axial length. Such configuration as seen in Figure 75 provides a 

total length of within 240 mm including necessary confluence of the rotor channels, but with the 

disadvantage of complex bearing mounting and assembly. It would also prevent drain outlets 

situated in the stator, if such configuration would be desirable. 

 

Figure 75. A bearing over seal configuration can provide a total axial length of less than 240 mm. 

Such complex bearing mounting geometry could also possibly involve issues of structural 

stiffness, which could be particularly disadvantageous for bearing operating conditions.   

Even though the FEM results demonstrated small deflections of the rotor and stator when 

subjected to high accelerations, these should be put in perspective to allowable angular 

deflection of the bearings and the seals. This aspect was neglected at this point but it is 

considered to be a vital aspect when dimensioning against structural stiffness. Furthermore the 

simulations at this point are considered to be rough estimations, only suitable as an indication of 

overall stress magnitude. Assuming that the equivalent and principal stress results obtained as 

seen in Appendix B conforms to reality within reasonable limits the design is considered 
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adequately dimensioned relative structural loads and fatigue. If comparing the high stress 

magnitudes reached at normal operation to those in the case of only shock acceleration, the 

significant difference indicates that it is the internal pressure that is the dimensioning factor. 

However the insubstantial difference of stress magnitudes between normal operation and the 

combined worst case could possibly be an indication of a need for a more detailed FEM model. 

This aspect combined with the harsh mesh node limitation of the Ansys student license, 

restricting possibilities of a convergence study, results in a second comprehensive FEM analysis 

being considered as unconditionally imperative.  

When performing the structural analysis the external piping was neglected as a simplification but 

consideration should be given to the dimensioning of the piping adapters, particularly those of 

the stator assembly. The fastening and installation of the connecting piping has to provide 

assurance that no axial forces or torques, as illustrated by Figure 76, is applied to the piping 

adapter. 

 

Figure 76. Depending on how the external piping is fastened forces could be introduced to the piping adapters. 

Such loading could risk leakage and structural damage of both the stator housing and the piping 

adapters, why it should be evaluated and additional piping fastening possibly set as a 

requirement during the design of the rotary joint assembly.  

The modal analysis is only performed to provide a rough estimation, as it is most likely highly 

dependent on influence of other connected modules. Depending on how the fluid piping 

connected to the stator is fastened it could provide a noticeable support, counteracting and 

stiffening the structure particularly at the first and fifth mode oscillations (583.1 Hz and 1410.1 

Hz). Also if a detailed modal analysis is required the method of modeling the bearings, e.g. 

stiffness of the hertzian contact between race and ball or roller, should be evaluated to determine 

a suitable equivalent model. 

The result presented in Figure 58, where the influence of the rotational position to the resulting 

pressure loss per channel was plotted, is considered to reveal the importance of not calculating 

maximum pressure loss at the optimal stator to rotor rotational position. This aspect could 

seriously question the previous FRJ module performance, as presented in Section 2.1.1.2, 

provided by the hired company. It would imply a maximum pressure loss of almost 40% higher 

than the specified value of 0.0118 MPa, if assuming conforming ratio between pressure losses at 

different rotational positions. Fortunately such increased value would still be within specified 

maximum values of pressure loss for that specific product, but with a noticeable reduced margin 

of safety. 

As all CFD simulation conducted in this thesis is modelled as steady state, i.e. with a static rotary 

position, the impact of rotational movement to flow is not considered.  There could be a potential 

risk that a pumping effect, similar to the basic principle of a centrifugal pump, possibly reduces 

or increases pressure loss depending on flow direction. The probability however is considered 

negligible (Wallin, 2014) due to the magnitude of the peripheral velocity, i.e. approximately 0.35 
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m/s as derived in Equation (48), relative the average flow velocity, varying between 1.5 to 3 m/s 

as seen in Figure 56. This conclusion can be further supported if calculating the centrifugal 

acceleration an equivalent to a curvilinear translation with a radius of 55 mm: 

 
2 2

20.35
2.23 m  (Bj rk, 2007, p.19)

0.055
ön

v
a s

r
    (54) 

Such acceleration, i.e. not even a quarter of the gravitational acceleration, along the radial 

distance of around 30 mm is considered to be of insignificant magnitude. In addition the fact is 

that the previous FRJ module has been operating in field with satisfying result despite a 

simulated higher pressure loss compared to that of the new prototype.  

From the result presented in Figure 59, where pressure loss is plotted relative an increased 

channel corner radius, a clear pattern can be distinguished, indicating that a large hydraulical 

area is of greater importance prior to round corners in the stator-rotor groove. The impact of radii 

at turns and points of flow redirection, e.g. in the stator piping adapters, can possibly be of 

noticeable magnitude but consequently due to the substantial margin between the simulated 

values of pressure loss and the specified limits this aspect was omitted. Furthermore it should be 

noted that because of the simplification in the CFD simulation where the volume between the 

MFS´s and stator housing is neglected, thus reducing hydraulical cross section area, it is 

plausible that the total pressure loss is even lower than as specified in the result.  

Due to the critical requirement of life expectancy and low pressure loss a solution utilizing 

mechanical face seals as primary seals is considered the only solution. It is obviously not 

favourable to deliver a FRJ unit with high demands of maximum contamination particle size and 

quantity, i.e. most likely requiring additional filtering of the fluid, demands that most likely 

would be needed if plastic seals were installed as primary seals.  

If mechanical face seals are selected as primary seals and plastic seals as secondary seals, the 

secondary seal will most likely fail prior to the primary seals due to its shorter material life. Such 

scenario could result in fluid passing through the bearing and its environmental seal instead of 

exiting through the drain channel, thus risking contamination and failure of other components 

within the closed compartment of the antenna housing. A passive collection to the drain channel, 

as illustrated by Figure 77, could be a suitable extra safety against such scenario. The part of the 

FRJ module that is kept stationary relative the system and houses the drain channels, in this case 

the rotor, could feature a chute which collects the liquid that runs down due to gravitational 

forces.    

 

Figure 77. The rotor features a leakage chute connected to drain channels.   

The functionality is obviously highly dependent on a maintained vertical operational position. 

Another important factor that has to be considered is wetting capacity, which of the two parts is 

rotating and the influence of the centrifugal forces it creates. The small overhanging lip of the 



74 

 

stator into the rotor chute, as visualized in Figure 77, could be a solution to ensure the water is 

transferred as intended.  

This does however complicate both manufacturing and assembly, and provides no guarantee 

especially at high leakage flow rates. This aspect of manufacturability can be addressed by 

introducing a separate flange extension featuring a leakage chute as illustrated in Figure 78.  

 

Figure 78. The collective leakage chute could be mounted as a separate component of the FRJ assembly. 

Such chute could also be integrated in an attachment flange or module spacer connected to the 

FRJ in a rotary joint assembly. An external chute should however only be considered as an extra 

safety against leakage as it most likely implies leakage draining through and contaminating the 

bearing.  

Another interesting design aspect which could be combined with a chute design is the possibility 

of replacing the secondary seals with the integrated seals of an angular contact ball bearing. A 

conclusion drawn is the fact that a plastic secondary seal most likely will fail prior to the primary 

seal, given it is a mechanical face seal. If so the use of a separate secondary seal can be 

questioned, thus emphasizing a design with seal integrated bearings acting as secondary seal. 

Unless experiencing a total failure, the leakage from a mechanical face seal will be of small 

quantities and since the drain channels are not pressurized, i.e. same pressure on both sides of the 

bearing, there is a possibility that the integrated seal of a bearing could be sufficient to maintain 

seal capacity until the leakage is detected when exiting the drain piping. The bearing over seal 

configuration as illustrated in Figure 75 could provide such solution where the complex rotor 

bearing seat acts as collective chute. These possibilities, including determining the quantities and 

occurrence of leakage at different modes of operation, are therefore considered an important 

design aspect which should be further evaluated. 

The life expectancy calculations performed in Section 3.2.3 is performed to obtain an estimation 

of life and it was found that both types of bearings met the minimum life time of 50 million 

revolutions. Considering the results as presented in Table 12, angular contact bearings could be 

assumed to provide a longer life but it is important to consider that constant shock acceleration 

was assumed. Reoccurring momentary shock loads could result in higher damage to bearing 

races, a factor which makes the larger contact of a roller compared to that of a ball advantageous.  

As life expectancy of any dynamic seal is determined by its suitability in terms of material and 

configuration for the given operational conditions, evidently the surfaces in contact with a seal 

should be specified to adequate tolerances and surface finish. Experience shared with Flowsys 

indicates a potential risk of leakage caused by antifreeze particles sticking to the seal surface of a 

mechanical face seal. This aspect combined with difficulties of achieving a hydrodynamic seal 

between the MFS surfaces at relatively low rotational velocities (Nilsson, 2014), as in the case of 

rotary joint application, demonstrates the importance of ensuring fluid and seal compatibility. 
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The mechanical face seals are arguably the component with the most influence on break out and 

running torque. Because of Flowsys being the only manufacturer that was able to specify torque 

at start and during operation it cannot be determined if the limits defined by the requirement 

specification are attainable or not. The limit for running torque, i.e. 35 Nm, is most likely not an 

issue as two mechanical face seals delivered from Flowsys would add up to 7,54 Nm. However 

the same seals at break out would require 30.16 Nm, thus not leaving much margin to the 

specified maximum limit of 40 Nm for frictional forces of other components and inertia of the 

system. It is therefore recommended that the break out torque is carefully evaluated before 

manufacturing and subsequently verified through physical testing prior to delivery. 

As the bearings and primary seals but not secondary seals are considered to provide a life well 

within the required minimum level of 50 million revolutions, the interpretation and definition of 

the FRJ life expectancy can be questioned. The module will most likely provide an adequate life 

of operation but not with the safety of a fully functional secondary seal during the whole extent 

of that time, thus making the statement of a fulfilled life requirement discussable. 
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5.2 Conclusions 

 It could prove difficult but possible to attain aims of maximum axial length. The most 

decisive factor is primarily the choice of seals, but also to some extent the selection of 

bearings.  

 Goals in terms of weight are attainable even when all manufactured components are 

made in stainless steel.   

 The only available type of seal today suited as primary seal for this application is the 

mechanical face seal, due to operation condition and the required life expectancy.  

 Plastic secondary seals will most likely wear out and fail well before the primary seal, 

given it is a mechanical face seal. This is why the configuration and selection of 

secondary seals has to be performed to ensure adequate safety against leakage. 

 Specifications or recommendations of compatible fluids and instructions when installing 

and filling the fluid module should be included at delivery to ensure adequate 

performance and life. 

 This FRJ prototype could possibly be used in operations where mass flow rate amounts 

up to 2.5 kg/s and without exceeding a maximum pressure loss per of 0,02 MPa per 

channel. Physical testing and verification is however highly recommended.  

 It is possible to design and produce an in-house Cobham FRJ module capable of meeting 

demands as specified by the requirement specification found in Appendix A. 
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6 RECOMMENDATIONS AND FUTURE WORK 

This chapter comprises recommendations on further development and summarizes suggested 

future work. 

 

 

6.1 Recommendations 

6.1.1 Evaluate fluid compatibility 

Fluid particle contaminations is a factor which has been relatively unknown and on the basis of 

statements from the MFS manufacturer Flowsys (Nilsson, 2014) concerning know influence of 

antifreeze particles on life expectancy, it is recommended that the intended fluid compatibility 

with the selected seals will be properly verified. 

6.1.2 Secondary seals 

As it has been shown that plastic secondary seals most likely will fail prior to primary seals, their 

implementation should be further evaluated. A bearing with integrated seals might provide 

equivalent seal properties but with the advantage of reduced FRJ module axial length and 

slightly reduced weight. If combined with a collective chute as presented in the discussion the 

safety against leakage could most likely be improved even further.  

6.1.3 Customer installation procedure and operation recommendations 

Physical testing of the installation procedure should be conducted to ensure that the method 

recommended to a future customer ensures absence of entrapped air inside the FRJ module, due 

to the sensitivity of the mechanical face seals.  

It is also recommended to include a customer requirement ensuring that the module is turned at 

least once every 30 days to prevent seizure of the mechanical seals.   

6.1.4 FEM analysis with a higher level of detail  

As no specific mechanical face seal is selected at this point the assumption of uniform pre-

tension distribution was made. This is however most likely not the case in reality. The fastening 

of a MFS to the rotor is most likely achieved utilizing retaining screws. If so, the point load of a 

screw or clamp has to be considered, especially as the rotor has a relatively thin wall thickness. 

A detailed FEM analysis including this aspect should therefore be conducted using a model 

updated with the final choice of seals. With a higher level of detail in the structural simulations 

the angular deflections of the rotor relative the stator should be determined to verify that it does 

not exceed allowable levels of the bearings and seals.   

Also the modal analysis should be updated and performed on the whole rotary joint assembly to 

provide a more accurate result. 

6.1.5 Additive manufacturing 

An interesting aspect is the possibility of manufacturing the stator and rotor using additive 

manufacturing, which could enable channel designs with complex geometries, internal radiuses 

and a reduction of the number of splits thus reducing risk of leakage. Complete parts can be 

printed in metal, e.g. a lightweight aluminium alloy capable of post process finishing (Renishaw, 

2014), which also very well would facilitate a complex leakage drain chute design as described 

in the discussion.  
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6.1.6 Possible weight reduction 

Both sides of the stator housing have been designed as an attachment flange to enable mounting 

of other RJ modules, but this is however not necessarily always the case. A lower weight can be 

achieved by removing fastening elements on that particular side. There is also a possibility of 

further weight and size reduction which should be evaluated if mechanical seals are found to be 

capable of mounting in unequal sized pairs, as in the case of design concept 1 presented in 

Section 3.5.1. 

6.2 Future work 

Future work includes the following vital points; 

 Interfaces to other modules of the rotary joint have to be verified to ensure assembly 

compatibility.   

 Mechanical face seals must be selected. 

 FRJ module design and its configuration according to selected seals must be updated. 

 Further evaluation of maximum break out and running torque levels, possibly 

manufacture and assembling a physical prototype to verify. 

 Connecting fluid piping and its connectors have to be verified in terms of size and type 

and piping adaptors modified accordingly. 

 Detailed drawings and manufacturing documentation must be provided. 

 Manufacturability of custom components must be verified. 

 A complete purchase specification will be compiled. 
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APPENDIX A: REQ. SPEC. COMPILATION 

A requirement specification compilation for different sizes of fluid rotary joints.  

 

 FRJ-S FRJ-M FRJ-L 

Application Land and sea Land and sea Land 

Operation mode Non-rotating and rotating Non-rotating and rotating 
Non-rotating and 

rotating 

Rotational 

direction 
Both directions Both directions Both directions 

Rotational speed 0 – 60 rpm 0 – 60 rpm 0 – 24 rpm 

Maximum angular 

acceleration 
< 12 rad/s

2
 < 12 rad/s

2
 < 12 rad/s

2
 

Liquid channels Up and down Up and down Up and down 

Liquid 
Water/Ethylene glycol 

mix (weight ratio 40/60) 

Water/Ethylene glycol 

mix (weight ratio 40/60) 

Water/Ethylene glycol 

mix (weight ratio 

40/60) 

Working 

temperature 
-40°C to +75°C -40°C to +75°C -40°C to +75°C 

Storage 

temperature 
-46°C to +75°C -46°C to +75°C -46°C to +75°C 

Nominal working 

temperature 
20°C 20°C 20°C 

Nominal flow rate 0.75 kg/s 1.5 kg/s 3.0 kg/s 

Pressure drop at 

nominal 

temperature 

 
< 0.02 MPa up stream 

< 0.02 MPa down stream 
 

Design pressure 1 MPa 1 MPa 1 MPa 

Leakage at 0.5 

Mpa after 100 h 
< 25 ml/100h* < 25 ml/100h* < 25 ml/100h* 

Leakage at 0.5 

Mpa after 31500 h 
< 250 ml/100h* < 250 ml/100h* < 250 ml/100h* 

Connectors Coupling Coupling Coupling 

Transport 

orientation of 

rotational axis 

Horizontal and Vertical Horizontal and Vertical Horizontal and Vertical 

Operating 

orientation of 

rotational axis 

Vertical Vertical Vertical 

Starting torque 50 Nm max 50 Nm max 50 Nm max 

FRJ height    

FRJ maximum 

diameter 
300 mm 300 mm  300 mm 

MTBF 50,000,000 Rev. 50,000,000 Rev. 50,000,000 Rev. 

* 1h rotation, 1h non operation 
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APPENDIX B: FEM RESULTS 

Results from the FEM analysis performed in ANSYS Workbench 14.5.   

Rotor 

 

Figure 79. Equivalent stress when subjected to loads as specified for normal operation. 

 

Figure 80. Principal stress when subjected to loads as specified for normal operation. 

 

Figure 81. Total deformation (scaled up) when subjected to loads as specified for normal operation. 
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Figure 82. Equivalent stress when subjected to loads as specified for shock load. 

 

Figure 83. Principal stress when subjected to loads as specified for shock load. 

 

Figure 84. Total deformation (scaled up) when subjected to loads as specified for shock load. 
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Figure 85. Equivalent stress when subjected to loads as specified for a worst case scenario. 

 

Figure 86. Principal stress when subjected to loads as specified for a worst case scenario. 

 

Figure 87. Total deformation (scaled up) when subjected to loads as specified for a worst case scenario. 
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Stator 

 

Figure 88. Equivalent stress when subjected to loads as specified for normal operation. 

 

Figure 89. Principal stress when subjected to loads as specified for normal operation. 

 

Figure 90. Total deformation (scaled up) when subjected to loads as specified for normal operation. 
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Figure 91. Equivalent stress when subjected to loads as specified for shock load. 

 

Figure 92. Principal stress when subjected to loads as specified for shock load. 

 

Figure 93. Total deformation (scaled up) when subjected to loads as specified for shock load. 
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Figure 94. Equivalent stress when subjected to loads as specified for a worst case scenario. 

 

Figure 95. Principal stress when subjected to loads as specified for a worst case scenario. 

 

Figure 96. Total deformation (scaled up) when subjected to loads as specified for a worst case scenario. 
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Modal analysis 

 

Figure 97. The three first modes found in the modal analysis illustrated by plotting a scaled up total deformation.  

 

Figure 98. The three second modes found in the modal analysis illustrated by plotting a scaled up total deformation.  

 


