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ABSTRACT
Due to government regulations together with health and safety reasons, there are
increasing demands on reducing hazardous polluting chemicals from fossil fuel power
plants. Therefore, more efforts are imposed on using renewable resources such as
water, wind, solar and tide to produce clean/green electricity. On top of that, there is
another increasing demand from Original Equipment Manufacturers (OEMs) to operate
power plants with higher load while keep the power loss to the minimum. These
requirements drive conventional fluid film bearings to its mechanical and temperature
limits. This calls for the development of new bearing system designs. An outstanding
tribological performance such as low start-up and break-away friction, excellent
resistance to chemical attack and anti-seizure properties, can be achieved by
introducing compliant polymer liners. At the same time, bearings with compliant liners
may alter rotor-bearing system dynamic behaviour compared to the systems with
conventional white metal bearings. The research approach of this thesis is to implement
compliant liner on bearing surface, impose synchronous shaft excitation and investigate
the effect of bearing design parameters on bearing dynamic response..
Plain cylindrical journal bearings with different compliant liner thicknesses were
analysed using a FEM approach. The numerical model was compared with an in-house
developed code based on the finite difference method (FDM) for a bearing operated at
steady state conditions. Results obtained by the numerical models showed good
agreement. After verification of the numerical model for fixed geometry journal
bearings, models for tilting pad journal bearings were developed. Dynamic behaviour
of the tilting pad journal bearing with three pads with line pivot geometry was
compared with published data. A good agreement was obtained between the two
numerical models. The effect of pad pivot geometry on bearing dynamic response was
investigated. Vertical and horizontal shaft configurations were compared in terms of the
effect of preload factor, radial clearance, pivot offset, and pad inclination angles.
Influence of the elastic properties of compliant liners was also studied. All these factors
significantly affect bearing dynamic response. It is shown how these factors should be
selected to control the journal orbit sizes. Misalignments in compliant tilting pad
journal bearings were analysed for load between pivots and load on pivots with
consideration of thermal effects. Significant improvements in bearing performance
were obtained with compliant bearings compared to white metal bearings. Furthermore,
different polymer materials (PTFE, UHMWPE, pure PEEK and PEEK composite)
were characterized using Frequency Response Function (FRF). It was shown that as the
excitation frequency increased the equivalent stiffness was more or less constant while
equivalent damping decreased exponentially. PTFE had similar equivalent stiffness
compared to PEEK. As for equivalent damping, PTFE had slightly higher damping
compared to PEEK or UHMWPE. Oil film thickness, oil film temperature and loads on
tilting pad journal bearing were measured on 10 MW Kaplan hydroelectric power
machine. Test results were compared to FEM model. It was shown that stiffness of the
supporting structure may be more important to machine performance than the stiffness
of the bearing alone.

ABSTRAKT
På grund av statliga regleringar tillsammans med hälso- och säkerhetsskäl, ställs
det allt högre krav på att minska farliga och förorenande kemikalier från fossila
bränslen. Därför läggs allt större resurser på att använda förnyelsebar energi som
vatten, vind och sol för att producera el. Utöver det, finns en ökande efterfrågan från
kraftverksindustrin att driva kraftverk under högre belastning samtidigt som
effektförlusterna hålls minimala. Dessa krav driver konventionella hydrodynamiska
lager till dess mekaniska och termiska gränser. Detta kräver utveckling av nya
lagersystemkonstruktioner. Enastående tribologisk prestanda i egenskap av låg
uppstartsfriktion, utmärkt motståndskraft mot kemiska angrepp och mot skärning kan
uppnås genom att införa ett mjukt polymerfoder. Samtidigt kan hydrodynamiska lager
med mjuka foder förändra dynamisk beteende av rotorsystem jämfört med rotorsystem
med konventionella vitmetall lager. Forskningsansatsen med denna avhandling är att
införa ett mjukt polymerfoder på lagerytan och undersöka effekten av
lagerdesignparametrar på dess dynamiska respons vid synkron axelexcitation.
Cylindriska radiallager med olika fodertjocklekar analyserades med hjälp av en
finita elementmodel (FEM). Den numeriska modellen jämfördes med en egenutvecklad
kod baserad på finita differensmetoden (FDM) för ett lager vid stationära förhållanden.
Resultat som erhållits genom de numeriska modellerna visade god överensstämmelse.
Efter verifiering av den numeriska modellen för cylindriska radiallager med fast
geometri togs även modeller för radiallager med självinställande block fram. Dynamisk
beteende för lager med tre block jämfördes med publicerade data. God
överenstämmelse erhölls mellan de två numeriska modellerna. Effekten av
pivotgeometri på dynamisk respons av lager med självinställande block undersöktes.
Vertikala och horisontella axelkonfigurationer jämfördes med avseende på effekten av
förspänningsfaktor, radiellt spel, pivot offset, och blockets lutningsvinklar. Även
inverkan av de elastiska egenskaperna hos polymerfoder studerades. Alla dessa faktorer
påverkar betydligt lagrets dynamiska respons. I avhandlingen beskrivs hur dessa
faktorer bör väljas för att på bästa sätt styra axelns rörelse i lagret. Effekten av
snedställningar hos axeln i radiallager med självinställande block analyserades för last
centrerad mellan pivotpunkter samt last centrerad rakt över pivotpunkten. Hänsyn har
också tagits fram till termiska effekter. Signifikanta förbättringar i lagerprestanda
erhölls med polymerfoder jämfört med vitmetall lager. Vidare har olika polymera
material (PTFE, UHMWPE, ren PEEK och PEEK-kompositer) karakteriserats med
hjälp av frekvensfunktioner (FRF). Det visades att om exciteringsfrekvensen ökas,
minskas den ekvivalenta styvheten något, men för ekvivalent dämpning minskade den
exponentiellt om excitationsfrekvensen ökar. Dessutom hade PTFE liknande ekvivalent
styvhet jämfört med PEEK. När det gäller ekvivalent dämpning, hade PTFE något
högre dämpning jämfört med PEEK eller UHMWPE. Det visades att då
exiteringsfrekvensen ökade, var den ekvivalenta styvheten oförändrad medan den
ekvivalenta dämpningen minskade exponentiellt. PTFE hade en liknande ekvivalent
styvhet jämfört med PEEK. Vad gällande den ekvivalenta dämpningen hade PTFE en
något högre dämpning jämfört med PEEK eller UHMWPE. Oljefilmtjocklek,
oljefilmtemperatur och laster på glidlagrens plattor mättes i ett 10 MW vattenkraftverk
från Kaplan. Testresultaten jämfördes med en FEM-model. Det visades att maskinens
styvhet kan vara viktigare för prestandan än lagrets styvhet.
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INTRODUCTION

Bearings are one of the most critical machine components since they couple
rotating and stationary machine elements. There are two main types of bearings used to
support either or both radial and axial loads in rotating machinery. One is known as
rolling element bearings and the other one is known as sliding bearings. Rolling
element bearings provide very low friction due to the rolling motion but potentially
have limited service life due to the contact fatigue. Sliding bearings, also known as
fluid film bearings, provide better damping, have split design and can in principle have
an infinite lifetime if they are made to operate in a hydrodynamic lubrication regime.
Sliding bearings may operate in three different lubrication regimes. During startups and shut-downs of rotating machines, fluid film bearings operate in the boundary
and mixed lubrication regimes. As the rotational speed increases, the lubricant is
dragged in between the shaft and the bearing. The lubricant spreads out on the
contacting surfaces and finally the shaft is fully lifted up and enters into the
hydrodynamic regime. In the hydrodynamic lubrication regime, the load is completely
carried by the hydrodynamic pressure in the lubricant film. Figure 1.1 presents the
hydrodynamic pressure build-up in the plain cylindrical journal bearing.

Figure 1.1: Hydrodynamic pressure build-up [1]
Generally, three basic requirements should be fulfilled to allow bearings to
operate in the hydrodynamic regime: converging geometry, relative surface motion and
viscous fluid. As the shaft spins in the counter-clockwise direction (Figure 1.1), the
converging geometry between the bearing and shaft surfaces is formed due to the static
load (weight of the shaft) that forces the shaft off the bearing centre. The viscous
lubricant is dragged into the converging gap and the hydrodynamic pressure is created.
Due to the eccentricity of the shaft, a diverging gap is also formed. Hydrodynamic
pressure in the diverging gap falls to the cavitation level, and as a result, the shaft is
shifted in the direction of sliding. Furthermore, when the shaft centre of gravity does
not coincide with its geometrical centre, a shaft unbalance is created. This generates
synchronous vibration in the rotor-bearing system. The shaft unbalance is an inevitable
element of a rotor-bearing system due to manufacturing and assembly tolerances. Other
bearing geometries like offset halves, elliptical, pressure dam or tilting pads are used to
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decrease the oil film temperature and enhance the stability of the rotor-bearing system,
which highly depends on the operating characteristics.

1.1

BACKGROUND

Today, approximately 50% of the total electricity produced in Sweden is
generated by hydroelectric power plants [2]. In Norway, this share approaches 100%. A
question which can be asked is “why should we use hydroelectric power plants to
produce electricity?” The answer is simple. Hydroelectric power plants use a renewable
energy source, water, to produce electricity. Compared to nuclear power plants, which
use radioactive materials, or fossil fuel power plants, which produce enormous amount
of carbon dioxide, hydroelectric power plants are environmentally friendly.
Hydroelectric power plants nowadays undergo frequent transient periods during
start-ups and shut-downs due to the power grid regulations. For example, wind power is
produced on a windy day, solar power on a sunny day while hydropower is available
any time. These transient periods could damage the machine components in the power
plants due to excessive vibrations during start-ups and shut-downs. Therefore, the
developments of more reliable and efficient machine components for hydroelectric
power plants are needed.
Most hydroelectric power plants in Sweden are configured with vertical shafts.
However, there are hydroelectric power plants with a horizontal shaft configuration.
Figure 1.2 presents the schematic of the hydroelectric power plant. As water travels
from upstream to downstream through the penstock, the hydraulic thrust of the water
acting on the turbine runner rotates the shaft: potential energy of falling water is
converted into the rotational energy. The generator converts this energy into electricity,
which is then delivered to the end user. A larger height difference between the
upstream and downstream, or/and higher water flow rates allow more power to be
produced.

Figure 1.2: Hydroelectric power plant [3]
Figure 1.3 presents the schematic of a vertical shaft configuration typical for
many hydroelectric power plants (Figure 1.2). The vertical shaft is constrained by the
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thrust and journal bearings. Journal bearings are usually lightly loaded and control
machine dynamic behaviour. The thrust bearing supports the weight of the vertical
shaft and the force of the water acting on the turbine runner. It is usually heavily
loaded.
Typically, a vertical shaft has three guide bearings and one thrust bearing. The
journal bearing located close to the turbine is called the turbine guide bearing (#1). The
journal bearing located under the generator is called the lower guide bearing (#2). The
journal bearing located above the generator is called the upper guide bearing (#3). The
thrust bearing (#4) can be located above the generator or below.
These bearings are designed to operate in the full film lubrication regime but
during transient periods, they operate in the boundary and mixed lubrication regimes. A
solution for the heavily loaded thrust bearing is to lift up the shaft using high pressure
oil (hydrostatic system) during start-ups and shut-downs. For heavily loaded horizontal
machines, journal bearings are equipped with a hydrostatic system to avoid wear during
start-ups and shut-downs. However, use of hydrostatic systems increases manufacturing
and maintenance costs.

Figure 1.3: Schematic of a vertical hydroelectric power unit [4]
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1.2

HYDRODYNAMIC BEARINGS

Fluid film bearings are widely used in rotating machinery to support radial or
axial loads. Such bearings can be found in turbines, electric motors, generators, pumps,
etc. In the thesis, only journal bearings (radial bearings) are considered.

1.2.1 Plain Journal Bearings
Plain cylindrical journal bearings (Figure 1.4a) are found in various rotating
machinery from small electrical motors to large generators, turbines and pumps. They
are widely used because of their long-term performance, low cost, quiet operation, high
damping properties, split design, and smaller outside diameter compared to rolling
element bearings.

a)
b)
Figure 1.4: Plain cylindrical journal bearing [5] (a), and Waukesha tilting pad journal
bearing [6] (b)
Dynamic characteristics of a fixed geometry bearing are represented by four
stiffness and four damping coefficients, which are calculated at the journal equilibrium
position using a linearized approach. A detailed explanation is given in [7]. One of the
problems with fixed geometry bearings is instability due to the cross-coupling terms.
Depending on the load and rotational speed, subsynchronous, unwanted vibration may
occur due to the destabilizing cross-coupling forces. This phenomenon is also known as
‘oil whirl’, which occurs at half of the rotational frequency. The amplitude of the oil
whirl increases as the rotational speed increases and at a certain point, the amplitude of
the oil whirl increases dramatically. This is called an ‘oil whip’ which does not depend
on the rotational frequency but it locks itself at the rotational frequency at which the
first oil whip has occurred.

1.2.2 Tilting Pad Journal Bearings
The use of tilting pad journal bearings increases due to their superior dynamic
performance compared to other types of journal bearings. There are tilting pad journal
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bearings with different numbers of pads, Figure 1.4b (ranging from three pads and up)
[8] depending on the operating characteristics.
Hydrodynamic pressure causes the pad to tilt and creates a converging geometry
between the pad and the shaft. The tilt follows changes in bearing load and speed. The
tilting motion of the pads helps to minimize the cross-coupling effects. Since the crosscoupling stiffness coefficients are small, they are usually assumed to be zero. There is
an exception. If the tilting pad journal bearing has an anisotropic configuration (5 pads,
with load on pivot), then the cross-coupling coefficients are not equal to zero and an oil
whip can occur at certain operating conditions [9]. Tilting pad bearings have lower
damping and stiffness than fixed geometry bearings [10]. Since there are moving parts
in tilting pad bearings (mechanically more complex compared to plain cylindrical
journal bearings) there might be a higher risk of component failure like pivot fatigue.
Furthermore, they are more complex to analyse. When it comes to dynamic analysis of
tilting pad journal bearings, the complexity of linearized approach increases due to the
moving parts. The tilting pads provide extra degrees of freedom that result in (5N+4)
stiffness and (5N+4) damping coefficients, where N is the number of pads in the
bearing [11-12]. These coefficients can then be reduced to eight equivalent stiffness
and damping coefficients resulting in a possible loss of information in the process.

1.2.3 Cavitation
As shown in Figure 1.1 a diverging zone appears after a converging gap. In the
diverging zone, the oil film pressure rapidly decreases leading to oil film rupture. This
phenomenon is called cavitation. During cavitation, the oil may vaporize if oil film
pressure falls below its saturation or vapor pressure. On the other hand, if oil film
pressure falls below ambient pressure the dissolved gases in the oil are released.

Figure 1.5: Cavitation damage of a journal bearing
Cavitation is undesirable since it can damage bearing surface. Figure 1.5 shows
cavitation damage of unloaded upper lobe of a journal bearing [13]. Cavitation damage
is sometimes called cavitation erosion. It is a rare issue in bearings compared to the
runner blades. In hydropower stations, where turbine blades are rotating, cavitation
damage is a big problem.
Improperly treated cavitation can also lead to a decrease in load carrying capacity
in fluid film bearings. Furthermore, in dynamically loaded bearings, cavitation can
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cause rotordynamic instability of a rotor-bearing system [14]. Cavitation in the fluid
film bearings can be eliminated by an appropriate bearing design.

1.2.4 Bearing Liners
The purpose of having a bearing liner is to avoid shaft damage. Typically, white
metal also known as babbitt is used as bearing liner material. Contaminating particles in
the oil are embedded into the white metal preventing shaft damage in the thin oil film
regions. There is an operating temperature limitation for white metal bearings. If
bearings are subjected to higher loads and rotational speeds, operating temperature may
dramatically increase which softens the white metal. Furthermore, deformation of the
pads due to thermal effects becomes more pronounced with an increase in the size of
the bearings, for example, in large rotating machinery like hydroelectric power
turbines.
New bearing liner materials can solve a temperature limitation. Some compliant
liners have a much lower thermal conductivity and act like a thermal insulator for the
bearing. Therefore, thermal deformation of the pads can be considerably reduced
compared to the white metal bearings. Compliant liner on the load carrying side of the
bearing does not only improve bearing tribological performance (such as providing
lower coefficient of boundary friction, higher resistance to chemical attack and
moisture, and broader operating temperature range) but also increases its load carrying
capacity [4, 15]. Figure 1.6 shows plain bearings with compliant liners. Furthermore,
with the implementation of compliant liner, bearings can be made smaller (which will
result in lower power losses) but still provide the same load carrying capacity as before
the implementation, thus improving machine efficiency.

Figure 1.6: Plain bearings with compliant liners [16]
Compliant materials like polytetrafluoroethylene (PTFE) provide low start-up
and break-away friction [15]. A compliant liner can reduce wear and friction while
increasing the operating temperature range with excellent anti-seizure properties [4,
15]. Figure 1.7 shows breakaway friction at 25oC for different bearing liner materials
sliding against carbon steel plate [15]. A dramatic decrease in friction from white metal
to pure PTFE can be seen. The friction coefficient for pure PTFE is more or less
constant at different contact pressures. This shows that PTFE applied to the load
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carrying side of the bearings reduces friction in the bearings during start-ups and shutdowns and a complex hydrostatic system can be avoided.
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Figure 1.7: Break-away friction vs. contact pressure at 25oC (a) and
block on plate test arrangement (b)
Furthermore, it was shown using a thermohydrodynamic analysis of a plain
cylindrical journal bearing that oil film thickness and load carrying capacity can be
improved and maximum oil film pressure can be reduced by up to 40% by using the
compliant liner of 1mm thickness [17]. However, introduction of the compliant liner
may affect bearing dynamic characteristics [16, 18]. This issue requires further
investigation.

1.3

SUMMARY OF LITERATURE REVIEW

The research work in hydrodynamic bearings started as early as in 1883 when
Beauchamp Tower built a test-rig for journal bearings. He investigated the influence of
lubrication on friction at different sliding speeds. Inspired by Tower’s experiment,
Osborne Reynolds presented a pressure build up in self-acting bearings in 1886
analytically using a partial differential equation. Then in 1898, Albert Kingsbury
invented a pivoted shoe thrust bearing and filed a patent 1910 in US. However,
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Anthony Michell was first with patenting a tilting pad thrust bearing in 1905 in England
and Australia. Since then, many scientists and engineers used the Reynolds equation to
analyse hydrodynamic sliding bearings and carried out experiments. A detailed review
on tilting pad bearings is given in [19].
In 1978, Lund and Thomsen [20] presented a numerical algorithm based on small
shaft perturbation to calculate dynamic stiffness and damping coefficients. In 1987,
Lund [7] used linearized dynamic coefficients to obtain bearing reaction forces in the
equation of motion to find the limit cycle of the journal orbit. It was shown by Zhang et
al. [21] that the influence of the pressure perturbation on the compliant liner
deformation (so-called dynamic deformation or perturbation of the deformation) plays
a crucial role in the linear analysis. The difference between Lund’s model and the
modified approach that accounts for deformation perturbation of the liner was analysed
in [22] using a 2-axial groove journal bearing. The compliant liner was found to
increase journal critical mass if deformation perturbation is considered and decrease it
otherwise. A journal limit cycle obtained using linearized dynamic coefficients agrees
well with the nonlinear analysis for small shaft perturbations. However, at large journal
amplitudes, a linearized approach does not predict journal motion with acceptable
accuracy. Therefore, a nonlinear analysis should be used for large journal amplitudes.
[7].
Nonlinear analysis is usually used when the journal amplitude motion is greater
than 40% of the bearing diametrical clearance [7]. The time dependent Reynolds
equation and equations of motion should be solved to obtain the final journal
trajectories. There are limited number of publications on the topic of nonlinear analysis
of fixed geometry and tilting pad journal bearings. An isothermal nonlinear analysis
was used in [23] to investigate journal motion trajectories for compliant shell bearings.
It was concluded that deformation of the compliant liner influences bearing dynamic
performance to such an extent that the linear analysis could not be used even for small
shaft displacements. Damping was improved when a compliant liner was considered.
Van de Vrande [24] investigated short and long compliant journal bearings using a
nonlinear isothermal analysis. Critical journal speed was shown to decrease for short
bearings and increase for long bearings with more compliant liners. The influence of
two-dimensional pad deformations on the shaft trajectory was investigated by [25] for a
tilting pad journal bearing. It was shown that due to the pad deformations at a large
shaft unbalance, the journal orbit amplitude increased by 20% compared to the rigid
pad configuration. The importance of three-dimensional analysis to account for changes
in the bearing dynamic response due to pad deformations in the radial and axial
directions was demonstrated in [26]. A tilting pad journal bearing with rigid and elastic
pads subjected to a synchronous unbalance load was analysed in [27]. It was concluded
that pad flexibility must be taken into account. El-Butch and Ashour [28] investigated
an elastic tilting pad journal bearing operated in a misaligned condition. It was shown
that at low values of shaft misalignment, the elastic and thermal distortions of the pads
compensated for a decrease in the oil film thickness. The preload effects of a guide
bearing were investigated by [29]. Ha had performed in-situ measurements in a Francis
type hydraulic pump-turbine to compare the results with theoretical analysis. It was
concluded that without preload, the vibration level and bearing metal temperature were
very high. The rotor dynamics of a hydro-generator unit was analysed by [30]. The
finite volume method and the successive over relaxation iteration method were used to
analyse the rotor dynamics of the hydro-generator unit. It was shown that a squeeze
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effect cannot be neglected when solving the Reynolds equation. It was concluded in
[31] that an unbalance in a vertical rotor-bearing system forced the shaft to have a
precession motion at the rotational frequency. Thus, the unbalance had a stabilizing
effect preventing unstable whirl from occurring in the system.
None of the publications deals with nonlinear analysis of compliant tilting pad
journal bearings. Furthermore, tilting pad journal bearings have been investigated with
line pivot pads only. The implementation of the compliant liner on the load carrying
side of the tilting pads may further increase the compliance of the bearing. Also, oil
film pressure distribution in the compliant tilting pad journal bearings in dynamic
conditions may be different compared to the white metal bearings. Furthermore,
investigations of misalignment in tilting pad journal bearings are of importance.
Many rotating machines in the world may be inevitable from the misalignments
due to the manufacturing and assembly tolerances. Misalignment is not desirable since
it could increase the unbalance in the machine and may result in machine failure. A
simple solution to minimize the misalignment effects in rotating machines is to use
tilting pad journal bearings. Tilting pads give higher stability compared to fixed
geometry bearings.
Misalignments in rotating machines can be categorized in two ways; static and
dynamic. Many published data on misaligned fixed geometry and tilting pad journal
bearings are provided for static loading. Furthermore, experiments investigating
misalignment are not likely carried out due to safety reasons. Thus, a limited number of
studies on misaligned tilting pad journal bearing under dynamic loading can be found.
An experimental analysis of misalignment effects in a hydrodynamic plain
journal bearing was given in [32]. It was shown that the maximum pressure in the
bearing mid-plane was decreased by 20% for the largest misalignment torque. It was
concluded that the plain journal bearing performance was highly affected by lower load
and lower rotational speed. A three dimensional thermohydrodynamic analysis of a
misaligned plain journal bearing has been presented in [33]. Numerical model is
validated with the experimental measurements. It was shown that numerical model
provides a realistic estimation of misaligned bearing performance compared to the
experiments under steady state conditions. Energy loss due to misalignment in plain
journal bearing was analysed in [34]. It was shown that for the same load carrying
capacity, a misaligned bearing provided higher friction than an aligned bearing, which
means that a misaligned bearing consumed more power. Influence of the bushing
geometry on the thermohydrodynamic performance of a misaligned journal bearing
was investigated in [35]. The best bushing profiles were found to be either parabolic or
crowned at the bushing edge. It was concluded that both bushing profiles provided the
same behaviour.
Static and dynamic analysis of misaligned tilting pad journal bearings with four
pads with LBP configuration was presented in [36]. It was concluded that both static
and dynamic misalignment effects were significantly increased when lubricant
viscosity and bearing radial clearance decreased. Transient analysis of a misaligned
elastic tilting pad journal bearing with three pads was given in [37]. A finite element
analysis was used to calculate pad elastic deformation.
Another aspect to consider in bearing design is the viscoelasticity of the
compliant liner. As it was mentioned previously, various polymers can be used to
replace metallic machine components due to their better tribological properties such as
higher resistance to chemical attack and moisture, low start-up/break-away friction,
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higher operating temperature, and electrical and thermal properties [4]. Dynamic
behaviour of polymers strongly depends on loading frequency and temperature. And
this dependence is of importance in bearing design for rotating machinery. However, in
many numerical calculations, the effect of viscoelasticity is neglected due to the lack of
experimental data and complexity of describing damping in polymer liners. Yet, there
are continuous attempts to characterise damping in polymers. A 40 mm x 16 mm x 5
mm elastomeric test specimen in simple shear was investigated numerically in [38].
Two different forces were used: 1500 N and 3000 N (specific pressure of 2.3 MPa and
4.7 MPa). The temperature effect was also investigated. It was concluded that when the
temperature in the test specimen was rapidly increased, the amplitudes of vibration
increased. Dynamic mechanical properties of polymeric composites were analysed in
[39]. It was observed that the damping factor increased as a function of increasing
temperature. It was also concluded that fibre orientation with respect to the direction of
applied load significantly affected the damping factors.

1.4

RESEARCH OBJECTIVES

The objective of this research is to study the dynamic response of compliant
hydrodynamic journal bearings subjected to synchronous shaft excitation. In order to
accomplish this goal, the research was carried out in several consecutive steps with a
gradual increase in model complexity using a commercial finite element software
package, COMSOL Multiphysics.
At the first stage:
• Develop a numerical model and investigate the dynamic response of plain
cylindrical journal bearings with and without compliant liners
• Investigate the dynamic response of the plain cylindrical journal bearings with
viscoelastic properties of the compliant liner
At the second stage:
• Increase the complexity of the numerical model to simulate tilting pad journal
bearings with different pad design parameters
• Compare the nonlinear dynamic response of compliant bearings in vertical and
horizontal shaft configurations
At the third stage:
• Consider the thermal effects in compliant bearings
• Investigate dynamic response of polymer materials for bearing applications
• Full-scale experimental study in Porjus hydropower unit U9
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2 NUMERICAL MODEL
2.1

GOVERNING EQUATIONS

The time dependent Reynolds equation in a cylindrical coordinate system is
written as follows:
∂h
∂
1 ∂  ρh 3 ∂p  ∂  ρh 3 ∂p 

 + 
 = 6ωρ
+ 12 (ρh )
2
∂θ
∂t
R ∂θ  η ∂θ  ∂z  η ∂z 

Eq. (2.1)

where R is the radius of the bearing, h is the oil film thickness, η is the dynamic
viscosity of lubricant, ω is the rotational speed, z is the axial coordinate of the bearing,
p is the oil film pressure, ρ is the density of lubricant, θ is the angular coordinate
measured from the line of centres and t is time.

Figure 2.1: Cross-section view of a plain cylindrical journal bearing
Motion of the journal mass centre in the Cartesian coordinate system is described
as follows (Figure 2.1):
M&x& = Fx + M ξω 2 sin (ωt )
M&y& = F y + Mξω 2 cos (ωt ) − W

Eq. (2.2)

where M is the mass of the shaft, ξ is the shaft unbalance eccentricity, Fx , Fy are the
oil film reaction forces, W is the static load, and &x&, &y& are accelerations of the journal.
The second term on the right hand side of Eq. (2.2) is the unbalance force. For a
vertical shaft, the static load is neglected.
Journal bearings, especially plain cylindrical, are highly influenced by the low
pressure zone where cavitation occurs. The diverging gap is always present in journal
bearings. Therefore, in order to satisfy the flow continuity condition, a density-pressure
cavitation model was introduced. This cavitation model was used in [40, 41]. The
density of lubricant is kept constant when the pressure is above saturation pressure but
when the pressure is below the saturation pressure, then the lubricant density, ρ , is
governed by the following mathematical expression:
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ρ0

if
2
3
 
 p  
ρ =    p 
if

− 2
ρ 3
 0   p sat 
p sat  




 

p > p sat
p ≤ p sat

Eq. (2.3)

where ρ 0 is the initial density of the lubricant, p sat is the saturation pressure and p is
the pressure in the lubricant. The flow continuity is satisfied in the cavitation region by
the above expression.
For the plain cylindrical journal bearings, oil film thickness can be represented as
the sum of two terms: journal displacement and bearing deformation.
h(θ ) = Cb (1 + e cosθ ) + δ r

Eq. (2.4)

where C b is the bearing radial clearance, and e is the relative journal eccentricity
(Figure 2.1). Since bearing housing is assumed to be rigid, bearing deformation, δ r ,
only represents compliant liner deformation. It is a function of pressure and compliant
liner properties. Liner deformation increases film thickness in the mid-plane of the
bearing and affects its dynamic response [40].

Figure 2.2: Cross-section of a journal bearing with 3 tilt pads
The oil film thickness expression for tilting pad journal bearings is written as
follows [26]:

h(θ ) = C P − (C P − C b ) cos(θ − ψ i ) − (R + d )δ i sin (θ − ψ i ) + x cos θ + y sin θ + δ r
Eq. (2.5)
where C P is the pad radial clearance, ψ i is the pivot position of pad i, d is the pad
thickness, x, y are the journal displacements, and δ i is the initial tilt angle of pad i
(Figure 2.2). The term δ r describes pad liner and pad backing deformation. In tilting
pad journal bearings, there is a parameter, which can be adjusted to achieve higher
bearing stability. It is called preload factor. Figure 2.3 shows its definition.
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Figure 2.3: Preload in the tilting pad journal bearing
The preload in tilting pad journal bearings is defined as follows:

m =1 −

(Rb − RS )
C
=1 − b
(RP − RS )
CP

Eq. (2.6)

where RS is the radius of the shaft, Rb is the radius of the bearing, and R P is the radius
of the pad. Usually, lightly loaded bearings are purposely preloaded to stiffen the rotorbearing system.
In general, misalignment in the journal bearings can be both axial ( d m ) and
angular ( β m ) [36]. Figure 2.4 explains axial and angular misalignments. C0 is the shaft
centre position in the bearing mid-plane, C1 and C2 are the shaft centre positions at
each end of the bearing. The axial misalignment is the distance between C1 and C2
while the angular misalignment is the angle measured between the bearing loading
direction and the line connecting C1 and C2 in the bearing mid-plane as described in
[36].

Figure 2.4: Misalignment definition
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The oil film thickness in a case of misalignment is given as follows [36]:

h = C p − (C p − C b )cos (θ − ψ i ) − (R + d )δ i sin (θ − ψ i )
z
+ x cos(θ ) + y sin (θ ) + d m cos(θ − β m ) + δ r
L

Eq. (2.7)

The misalignment moment is calculated as follows:
np

M mx = ∑

i
L / 2 θ out

∫ z ∫ Rp cos(θ −ψ )dθdz

Eq. (2.8)

i

i =1 − L / 2 θ i
in

np

M my = − ∑

i
L / 2 θ out

∫ z ∫ Rp sin(θ −ψ )dθdz

Eq. (2.9)

i

i =1 − L / 2 θ i
in

2
2
M m = M mx
+ M my

Eq. (2.10)

It was shown by many researchers [42-45] that in thermohydrodynamic analysis
of journal bearings is to use analytical expressions for temperature distribution across
the film thickness good approximation technique to simplify full energy equation.
Assuming that the heat conduction in the cross-film direction is much larger compared
to the heat conduction in the circumferential and axial directions, full energy equation
can be simplified as follows.

 ∂u  2  ∂w  2 
∂ 2T
∂T 
∂T
 ∂T
  = 0
K 2 − ρc  u
+w
+ µ   + 
 − ρc
∂y
∂z 
∂t
 ∂θ
 ∂y   ∂y  
where

u=

1 ∂p 2  h ∂p U
y +  −
−
2 µ ∂θ
 2 µ ∂θ h

w=

1 ∂p 2  h ∂p 
 y
y +  −
2 µ ∂z
 2 µ ∂z 

Eq. (2.10)


 y + U


K is lubricant thermal conductivity, ρ is lubricant density, c is specific heat capacity,

U is sliding speed, θ , y, z are circumferential, radial and axial coordinates. Assuming
that the shaft temperature is independent of the circumferential coordinate
∂T / ∂θ = ∂TJ / ∂θ = 0 for y = h and evaluating Eq. (2.10) on both the shaft and the
bearing surfaces yields the following relations [42] in steady state conditions:
∂ 2T
TB′′ = 2
∂y

y =0

2
2
1  ∂u   ∂w  
 
= − µ   + 
K  ∂y   ∂y  



y=h

2
2
1  ∂u   ∂w  




= − µ   + 

K  ∂y   ∂y  



2

TJ′′ =

14

∂T
∂y 2

Eq. (2.11)

The derivatives TB′′, TJ′′ are independent of heat convection. Eqs. (2.10) and (2.11) can
be integrated by setting the following boundary conditions at the surfaces and the midplane of the film,

T (0) = TB
T (h) = TJ

Eq. (2.12)

h

1
T ( y )dy = Tm
h ∫0
The temperature profile across the film is approximated by a fourth order polynomial
and thereby the analytical expression of the temperature profile is given by:
T ( y ) = Ay 4 + By 3 + Cy 2 + Dy + E ,
where

1
A= 4
h

Eq. (2.13)


5 h2  ″
5
″ 
 5 T m − (T B + T J ) +
 T B + T J  

2
24 



7h 2 ″ h 2 ″ 
 − 10 T m + 5(T B + T J ) −
TB −
T J 
12
4


1 ″
C = TB
2
h2 ″ h2 ″ 
1
7
3
D =  5T m − T B − T J −
TB +
T J 
h
2
2
8
24

B=

1
h3

Eq. (2.14)

E = TB
The heat exchange at the surfaces is determined as follows:
∂T
qB = K
∂y

y =0

∂T
∂y

y =h

qJ = K

K
7
3
h2 ″ h2 ″
= (5Tm − T B − T J −
TB +
TJ )
h
2
2
8
24
Eq. (2.15)
K
3
7
h2 ″ h2 ″
= − (5Tm − T B − T J +
TB −
TJ )
h
2
2
24
8

Shaft temperature is calculated by integrating the heat exchange at the shaft surface. At
the pad leading edge, at the pad trailing edge and at the back of the pad, free convection
hypothesis is employed:

∂T
∂θ
∂T
∂θ
∂T
∂r

=
θ =θ IN

hp
kp

=−
θ =θ OUT

=−
r = rOUT

(T
hp
kp
hp
kp

θ =θ IN

− T0

(T

θ =θ OUT

(T

r = rOUT

)

Eq. (2.16)

− T0
− T0

)

)

Eq. (2.17)

Eq. (2.18)

Cold and hot oil mixing at the pad leading edge is determined using a simple mixing
condition, as an average of inlet supply temperature and maximum temperature in the
oil film. Viscosity variation with temperature in the oil film:
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µ = µ 0 exp − β (T −T )
0

2.2

Eq. (2.19)

DEFORMATION MODELS

Deformations of the compliant liner and pad backing are calculated using a 6 by
6 elasticity matrix, which takes stress and strain into account in x , y and z directions
[46] when purely elastic case is considered. As it was stated previously, compliant
liners have damping and thus viscoelasticity should be considered. However, there are
no available publications on PTFE viscoelastic properties. Therefore, measurements of
the viscoelastic properties of PTFE and other polymers were carried out in-house.

2.2.1 Generalized Maxwell Model
A deformation model of polymer materials can be represented as a combination
of Hooke’s law (elastic component) and Newton’s law (viscous component). The
Maxwell model is used to combine these two components, which is a common
approach to describe solid body viscoelastic properties [47]. It is represented by an
elastic spring at one end and a series of elastic springs and viscous dashpots connected
as shown in Figure 2.5 [47]. This model is also known as the generalized Maxwell
model.

Figure 2.5: Generalized Maxwell model

η i is the relative damping coefficient, τ i is the relaxation time constant, and Gi is the
relative stiffness coefficient.
A stress in spring is represented as σ k = Eε k and a stress in damper is
represented as σ c = ηε&c . A mathematical representation of Maxwell viscoelastic
model:
σT = σc = σk

Eq. (2.20)

The spring and damper are connected in series, therefore the stress in both elements is
the same. The sum of the strains in the spring and damper will equal to the total strain
occurring in the system.

εT = εc + εk

16

Eq. (2.21)

Therefore, the rate of change in stress and strain in Maxwell model with respect to time
is governed by

ε& (t ) =

σ 1 d σ (t )
+
η E dt

Eq. (2.22)

Material deformation is given by
 ε 
t 
 η 

σ (t ) = σ 0 exp  −

Eq. (2.23)

Thus, by implementing Eq. (2.23) in the numerical simulations, a validation of
experimental measurements and simulations can be made.
In the generalized Maxwell model, relaxation time constants and relative stiffness
determine how a compliant liner would behave. Table 2.1 presents the polymer liner
material properties and Table 2.2 gives viscoelastic properties, which were obtained
from our measurements.
Table 2.1: Polymer liner properties
Young’s modulus, E P
0.11 × 10 9 [ Pa ]
Poisson’s ratio, ν
0.46 [--]
Density, ρ
2200 [ kg / m 3 ]
Compliant thickness, d
1, 2 , 3, 4 [ mm ]

Table 2.2: Measured viscoelastic properties
Branch Relaxation time Relative
constant (s)
stiffness
1
1
0.1272
2
6
0.1109
3
40
0.0033
4
251
0.0408
5
1585
0.0233
6
10000
0.0270

2.2.1.1 Measurements of Maxwell Viscoelastic Properties

A tensile strength machine was used to measure PTFE (polytetrafluoroethylene)
viscoelastic properties, Figure 2.6. 40mm x 40mm x 4mm PTFE blocks were used as
samples. From the measurements, viscoelastic properties are found using a Prony
series.
To verify the viscoelastic properties, a simple simulation is carried out. A load is
applied on top of the rectangular block, which has the material properties of PTFE.
After loading the block for 3s, the load is released and kept constant. Figure 2.7 shows
the results obtained from this simple simulation.
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Figure 2.6: Tensile strength machine

Figure 2.7: Verification of viscoelastic properties
In the purely elastic case, the material finds its equilibrium state instantaneously when
the load is released (at 5s) and kept constant (at 8s). In the viscoelastic case, it takes
much longer time for the material to find its equilibrium state after releasing the load.
Since there is no damping in the elastic case, the deformation of the block is larger
compared to the viscoelastic case.
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2.2.2 Kelvin-Voigt Model
A mathematical representation of Kelvin-Voigt viscoelastic model is shown
below. Since the spring and damper are connected in parallel, the strain in both
elements is the same.
Eq. (2.24)

εT = εc = εk

The sum of the stresses in the spring and damper will equal to the total stress occurring
in the system.
Eq. (2.25)

σT = σc +σk

Therefore, the rate of change in stress and strain with respect to time in the KelvinVoigt model is governed by

σ (t ) = Eε (t ) + η

dε (t )
dt

Eq. (2.26)

Then the deformation in the material is given by

ε (t ) =

σ 0 
E 

1− e

E
− t

η






Eq. (2.27)

Thus, implementing Eq. (2.27) in the numerical simulations, the validation of
experimental measurements and simulations can be made. Figure 2.8 presents the
schematic of Kelvin-Voigt viscoelastic model.

Figure 2.8: Schematic of Kelvin-Voigt viscoelastic model

2.2.2.1 Measurements of Kelvin-Voigt Viscoelastic Properties
Figure 2.9 shows a schematic of the test rig used to find equivalent stiffness and
damping coefficients. Three displacement sensors are used to measure vertical
displacement of the top plate. A force transducer is connected by a stinger between the
shaker and the top plate. A harmonic excitation force imposed by the shaker on the top
plate is measured with the force transducer. The top plate weighs 4 kg, which
approximately gives a static load of 40 N. The harmonic excitation force ranges from 0
to 45 N. The shaker frequency ranges from 0 to 20 kHz. A measurement uncertainty for
the force transducer and the displacement sensor is ± 1% of maximum force and
maximum displacement.
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Figure 2.9: Schematic of test rig – shaker (1), bottom plate (2), top plate (3), sensor
holder (4), displacement sensor (5), guiding rod (6), force transducer (7), stinger (8),
test object (9) [48]
Tests with PTFE, PEEK (polyether-ether-ketone), UHMWPE (ultra-highmolecular-weight polyethylene), and a PEEK composite are conducted with an
excitation amplitude of 5 µm. A frequency sweep is carried out from 10 to 100 Hz in 5
s. Two specific loads of 1.1 and 4.4 MPa are used. In large vertical water turbines, a
shaft usually rotates slower than 600 rpm and the loads on the journal bearings are
usually below 2 MPa (assuming that unbalance is negligible). In electrical motors, a
shaft rotates below 4000 rpm and the loads on the journal bearings are up to 4 MPa.
In order to check if polymer sample temperature may increase due to a harmonic
excitation force, a test with a 4 mm thick sample, frequency of 60 Hz, specific load of
4.4 MPa and excitation amplitude of 10 µm is conducted for one hour for each
polymer. Temperature in the sample polymer is measured with temperature gun
infrared thermometer with laser sight. No temperature increase in the sample was
observed after one hour of dynamic force application. Thus, the results obtained in the
tests are not biased by thermal effects.
Four test specimens are tested for duration of 5 minutes. Results from three tests
are averaged in the analysis. Since the weight of the top plate is fixed to 4 kg, specific
load is changed by changing the polymer projected load area from 6 mm x 6 mm (1.1
MPa) to 3 mm x 3 mm (4.4 MPa). The test rig can be represented as an equivalent
mechanical system as shown in Figure 2.10.
Equivalent mechanical system is one degree of freedom system. A harmonic
excitation force, F (t ) with frequency ω is applied to the top plate. The vertical
movement of the top plate is described by y (t ) . In order to find equivalent stiffness
and damping coefficients, a mechanical system must be linearized. Thus, a small
harmonic amplitude is applied. At high amplitude or at high excitation frequency, a
mechanical system does not behave linearly. The stinger, which is connected to the
shaker, contributes another degree of freedom and thus this mechanical system
becomes two degrees of freedom system.
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Figure 2.10: Equivalent mechanical system
Assuming that the mechanical system is linear, the equation of motion is given by:
M&y& + C Polymer y& + K Polymer y = F (t )

Eq. (2.28)

A harmonic excitation force is represented by F (t ) = F0 e iωt . A system response due to
the harmonic excitation force is expressed as y (t ) = Y0 e iωt . Using the same method as
presented in [49], Eq, (2.28) can be written in the frequency domain as follows:
Y0
1
=
F0 H (ω ) − M (ω )

Eq. (2.29)

where
H (ω ) = K Polymer (ω ) + iωCPolymer (ω )

The ratio shown in Eq. (2.29) is determined experimentally. Since Eq. (2.29)
corresponds to frequency response function of the system [48], it can be expressed as
follows:
S y (ω )
Y0
= FRF (ω ) =
F0
S F (ω )

Eq. (2.30)

where S y (ω ) corresponds to the power spectral density of the measured displacement
y (t ) . Power spectral density gives information about the distribution of the signal
power as a function of frequency. S F (ω ) corresponds to the cross-power spectral
density of the excitation force F (t ) relative to the measured displacement. Cross power
spectral density gives information about the phase between the two signals. The
equivalent stiffness and damping coefficients of polymer can be then calculated as
follows:
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1 + Mω 2 FRF (ω ) 
K Polymer (ω ) = Re 

FRF (ω )


C Polymer (ω ) =

2.3

1 + Mω 2 FRF (ω ) 
Im 

ω 
FRF (ω )

1

Eq. (2.31)

Eq. (2.32)

BEARING GEOMETRY

Plain cylindrical journal bearings with and without compliant liners are modelled
first. They are much simpler to model compared to other bearing geometries and there
are many available publications to verify the numerical model. The numerical FEM
model developed using a commercial software package [46] is compared with the inhouse FDM numerical code. Then, a gradual increase in complexity of the FEM
numerical model is carried out. Tilting pad journal bearings with different pad design
parameters are investigated.

2.3.1 Plain Cylindrical Journal Bearings
A reference case with a white metal bearing is compared to compliant bearings with
different liner thicknesses to investigate dynamic response under synchronous
excitation. Figure 2.11 shows a typical pressure distribution in the plain cylindrical
journal bearing.

Figure 2.11: Pressure distribution (in Pa) in the plain cylindrical journal bearing
(L=50mm, D=100mm, c=50.8 µm , 3000rpm, 1.5kN, 6.895mPas)
Figure 2.12 illustrates heat conduction in the two axial groove journal bearings. In the
white metal bearing (Figure 2.12a), heat generated from shearing of lubricant is
efficiently conducted through the lobes. In the compliant bearing (Figure 2.12b), due to
much lower thermal conductivity of a compliant liner, heat generated in the lubricant
film does not dissipate through the lobes. Thus, much lower temperature in the lobes is
obtained for the compliant bearing Higher temperature in the film in the compliant
bearing is a result of low conductivity of the liner and higher liner expansion.
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a)
b)
Figure 2.12: Temperature field (in °C) in the two axial groove, white metal (a) and
compliant (b), journal bearings (L=200mm, D=397mm, c=237 µm , 1800rpm, ε =0.6,
39.8mPas)

2.3.2 Tilting Pad Journal Bearings
Figure 2.13 presents typical oil film pressure distributions in the tilting pad
journal bearings. Three and four pad journal bearings are modelled. A reference case
with a white metal bearing is compared with compliant bearings with different liner
thicknesses.

a) L=72mm, D=120mm, c=120 µm ,
b) L=70mm, D=100mm, c=79 µm ,
3000rpm, 10kN, 13mPas
4000rpm, 2kN, 27.7mPas
Figure 2.13: Pressure distribution (in Pa) in the tilting pad journal bearings
Figure 2.14 presents typical pressure and temperature distributions in white metal
tilting pad journal bearings with misaligned shafts. Unlike Figure 2.13, where pressure
distribution is symmetrical on the upper and lower pad surfaces, misalignment leads to
skewed pressure distributions with sharp pressure peaks as shown in Figure 2.14a.
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a)
b)
Figure 2.14: Misalignment effects in white metal tilting pad journal bearing, pressure
distribution, Pa, (a) and temperature distribution, °C, (b) (L=70mm, D=100mm,
c=79 µm , 4000rpm, 2kN, d m =133 µm , 27.7mPas)
Due to high thermal conductivity of the white metal liner, high heat conduction from
the oil film to the pads is observed (Figure 2.14b). With an implementation of a
compliant liner, heat conduction to the pads is restricted as shown in Figure 2.12b.

2.4

NOTES ON THE NUMERICAL PROCEDURE

A finite element simulation tool [46] is used to model and analyse nonlinear
dynamic behaviour of journal bearings. For isothermal case, starting with an initial
guess of oil film thickness, the Reynolds equation, equations of motion, and structural
deformation equation are simultaneously solved until the final equilibrium journal
orbits are obtained. For thermal case, simplified energy equation, and heat conduction
equation are added to the isothermal case. The analysis is performed for compressible,
viscous and laminar flow of a Newtonian lubricant.
Convergence criteria are chosen in a way that a smaller value results in no visible
discrepancies in the results, while a larger value produces considerably higher deviation
in the results. A comparison of different convergence criteria for the viscoelastic
simulations was carried out. Large differences between 10-3, 10-5 and 10-7 are found. At
the same time, 10-8 shows no visible discrepancy in the results when compared to 10-7.
Therefore, a convergence criterion of 10-7 is used for pressure, displacements, and
temperature.
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3 RESULTS AND DISCUSSION
The numerical models developed using the software package [46], COMSOL
Multiphysics were verified with published data. Plain cylindrical journal bearings are
studied using both FDM and FEM models as a starting point to verify our numerical
approach. A comparative analysis of plain cylindrical journal bearings were carried out
to investigate applicability of the following aspects used in the journal bearing analysis:
FDM approach vs. FEM method; plain strain hypothesis vs. full liner deformation
model; and liner elastic strain vs. viscoelastic deformation.
After the verification of the plain bearing models, tilting pad journal bearings
were modelled to investigate the effects of pad compliance (pad backing and liner
materials, pad support design) and shaft configuration (vertical and horizontal). FEM
analysis was used due to the expected large amplitudes of shaft vibration in
hydroelectric power plants with vertical shafts typical in some operating conditions.

3.1

FDM VS. FEM MODELS

Plain cylindrical journal bearings were considered when comparing the FDM and
FEM models. A complex FDM model was developed in-house for the fixed geometry
journal bearings [17, 18]. Thus, as a starting point in developing a FEM model, it was a
good approach to compare it with the in-house FDM model.

Figure 3.1: Large amplitude journal motion in compliant bearings with 2mm liner
thickness. Solid line - FDM analysis and dotted line - FEM analysis
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For large journal amplitudes, the unbalance, Mξω 2 = W / 2 , as in [7] is used.
20% of the calculated large unbalance eccentricity is used for small journal amplitudes.
Figure 3.1 presents large journal motions in compliant bearings with 2mm thickness.
The solid line is obtained using linearized coefficients whereas the dotted line is
calculated using FEM analysis. It is clear that the results from the FDM analysis do not
agree well with the results obtained by the FEM analysis. This discrepancy increases as
the compliant liner deformation increases.
The results obtained by the FDM analysis are commonly used in practice to
predict bearing behaviour. However, this may be only valid with an assumption that the
machine is operating with no large vibrations.

3.2

COMPLIANT LINER

Modelling of a compliant liner is carried out in two steps: first, considering only
purely elastic liner and second, accounting for the viscoelastic properties of the liner.

Figure 3:2: Pressure profiles obtained using plane strain (PS) and full deformation (3D)
models

3.2.1 Plane Strain vs. Full Deformation
A plane strain hypothesis can be used in both FDM and FEM models when a
complaint liner is relatively thin, 2 mm or less (in our case). A full deformation model
must be used for a relatively thick compliant liner, more than 2 mm thick. Thickness
criterion will be different if geometry, load or material properties are changed. Figure
3.2 shows pressure distributions obtained using a plain strain hypothesis (PS – solid
line) and full deformation (3D – dot) for a compliant bearing with liner thickness of 4
mm. Different rotational speeds are considered. At 1000 rpm, the pressure is not so
high. Therefore, the deformation of the compliant liner is small and both plain strain
hypothesis and full deformation models give reasonably good agreement. This
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discrepancy increases with an increase in rotational speed. At 3000 rpm, full
deformation model results in 10 percent lower maximum oil film pressure compared to
the plain strain hypothesis model. This is due to the material deformation in the radial
and the axial directions. The plane strain deformation model can be safely used instead
of the full deformation model to reduce the computational time for compliant liner
thickness of 2 mm or less (in our case).

3.2.2 Elastic vs. Viscoelastic
Viscoelasticity was found to decrease the journal orbit amplitude by reducing the
amount of deformation compared to the pure elastic case. Thus, it results in a smaller
final journal orbit as shown in Figure 3.3 for the plain cylindrical journal bearings. The
compliant liner thickness of 4 mm is considered and compared to the white metal
bearing at a rotational speed of 500 rpm.
Even though the implementation of the compliant liner results in higher journal
eccentricity compared to the white metal bearing, the journal amplitude motion is
indeed smaller for the compliant bearing with viscoelastic properties (both in the radial
and circumferential directions). In the viscoelastic case, the journal amplitude is the
smallest in the radial direction whereas in the purely elastic case, it is the largest. White
metal bearing gives a journal orbit with an amplitude size between the two cases (in the
radial direction, white metal and purely elastic cases result in 4 percent and 2 percent
larger journal amplitude compared to the viscoelastic case. In the circumferential
direction, white metal and viscoelastic cases result in 13 percent and 3 percent larger
journal amplitude compared to the purely elastic case).

Figure 3.3: Journal orbit comparison: white metal, elastic and viscoelastic
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Liners with viscoelastic properties are also considered in a tilting pad journal bearing
with vertical (Figure 3.4a) and horizontal (Figure 3.4b) shaft configurations. The
properties of VISCO1 and VISCO2 are shown in Table 2.2.

a)
90

270
0.2

0.4

0.6

White metal
VISCO1
VISCO2
ELASTIC

0

b)
Figure 3.4: Comparison of the viscoelastic and elastic liner responses, 3mm thickness,
vertical shaft (a) and horizontal shaft (b)
Viscoelasticity always results in the final equilibrium journal orbit positioned between
those for the white metal and purely elastic compliant bearings. If a stiffer viscoelastic
material is used, the journal orbit is expected to approach a journal orbit of the white
metal bearing as shown in Figure 3.4 (VISCO2).
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3.3

INFLUENCE OF PAD COMPLIANCE

A journal bearing with 3 tilt pads is used to investigate the effect of pad
compliance on shaft behaviour. The compliance in the bearing is varied by changing
stiffness of the pad backing, introducing a compliant liner and considering different pad
support geometries. It is shown that these factors can either increase or decrease shaft
vibration. Dynamic behaviour of journal bearings with line pivot pads and ball-socket
pivot pads is compared. White metal bearings are compared to compliant bearings with
a compliant liner thickness of 1mm.

3.3.1 Compliant Liner
Implementation of a compliant liner with 1 mm thickness on the load carrying
side of the tilting pads increases pad compliance. The trend is the same for pads with
line and ball-socket pivots. A compliant liner with properties shown in Table 2.1 is
used in the simulations.
When the dynamic load is small (unbalance eccentricity ξ = 100 µm , 33% W
where W = 30kN ), the shapes of the journal orbits are similar but the size of the orbit
is slightly larger for the compliant bearing, Figure 3.5. The compliant liner increases
journal eccentricity as expected. For a large dynamic load ( ξ = 300 µm , 100% W ), the
journal transient motion is extremely large in the compliant bearing compared to the
white metal bearing. Two small peaks observed at the bottom corner of the journal orbit
in the white metal bearing are significantly amplified in the compliant bearing case.

Figure 3.5: Journal orbits, line pivot pads
A combined effect of pad backing elasticity and compliant liner on the journal orbits
was then investigated. Young’s modulus of the pad backing is set to E = 10E 0 , where
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E0 is the Young’s modulus of steel. Figure 3.6 presents the journal orbits at different
unbalance eccentricities, 100 µm and 300 µm .

Figure 3.6: Journal orbit, line pivot pads, 10E 0
As expected, even though the compliance of the pad backing is decreased by one order
of magnitude, the final orbit is still larger for the bearings with compliant liners.
However, lower pad backing compliance provides slightly lower journal eccentricity
and decreases journal amplitude at the bottom corner of the orbit for both 100 µm and
300 µm unbalance eccentricities. In order to illustrate the advantage of the compliant
liner, contour plots of the oil film thickness and oil film pressure on pad is shown in
Figure 3.7. Variation in the oil film thickness in the white metal pad shows a diverging
gap in the outlet part of the pad (Figure 3.7a). This is not the case for the compliant
liner, which produces a pocket-shape oil film distribution with the thinnest film at the
trailing edge and pad side edges (Figure 3.7b).

3.3.2 Pad Support Configuration
Another degree of freedom for the tilt motion can be added to study the influence
of pad support configuration. Figure 3.8a shows journal orbits for line and ball-socket
pad support configurations. A significant change in dynamic behaviour can be
observed. First of all, the size of the journal orbit is much larger for the pads with a
ball-socket pivot. The ball-socket pivot pads provide higher eccentricity due to the
additional pad bending in the axial direction. The pad support area for the line pivot is
larger and the pads are supported in the axial direction. Thus, pad deformations are
much smaller in the axial direction. Ball-socket pivot pads are deformed in the axial
direction, which leads to an increase in lubricant side leakage, reducing load carrying
capacity.
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a)

b)
Figure 3.7: Distribution of transient oil film thickness ( µm ) and pressure (MPa) over a
white metal pad (a) and compliant pad with tapers (b), ξ = 300 µm
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a)

b)
Figure 3.8: Journal orbits, steel backing (a) and E = 10E 0 (b)
When the pad backing compliance is decreased ( 10E 0 ), the journal orbits for the line
and ball-socket pivot pads have about the same size and shape (Figure 3.8b) at an
unbalance eccentricity of 500 µm (166% W ). With the ball-socket pivot pads journal
orbit is slightly larger but comparable to the line pivot pads. If the pad backing
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compliance is even further decreased ( 100E 0 ), orbits for both pad supports match
perfectly.

Figure 3.9: Evolution of maximum oil film pressure, ball-socket pivot pads, 166% W
Figure 3.9 presents the variation of maximum oil film pressure for all pads as a function
of time during one revolution. There are two loops in the journal orbit (Figure 3.8): at
the right and bottom corners. At 0.046s, pad 1 is highly loaded (Figure 3.9) compared
to other pads. The resultant pressure force from pad 1 pushed the journal upwards
creating a loop. In the vicinity of the bottom corner at 0.0515s, both pads 1 and 2 are
loaded. The journal approaches pad 2 increasing the load faster than on pad 1. The
resultant pressure force from pad 2 finally pushes the journal to the left, forcing the
journal to change direction of movement and make a loop. As the journal moves up,
pressure on pads 1 and 2 reduces to 0 at 0.053s. So the journal falls back on pad 2,
causes pressure to rise again. Increased pressure on pad 2 forces the journal to move
upwards again at 0.0555s. The oil film pressure then falls again and the bouncing
movement is repeated.

3.4

INFLUENCE OF SHAFT CONFIGURATION

The nonlinear dynamic behaviour of vertical and horizontal shafts in compliant
tilting pad journal bearings is compared. Different preload factors and adjustability of
the pads are considered. By adjusting the inclination angle of each pad, it is possible to
stiffen the bearings and decrease the size of the journal orbits.
Figure 3.10 presents the effect of compliant liner thickness on the size and shape
of a vertical shaft orbit. Dynamic load of 5 kN (100% W ) is considered and the sliding
direction is counter-clockwise. When the dynamic load is small (< 50% W ), the
journal orbit is a circle. As the dynamic load increases, the journal orbit becomes less
circular. This is because the journal moves in between the pads.
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Figure 3.10: Effect of compliant
liner thickness
on the orbit size and shape
for a vertical shaft

Since there are four pads in the bearing, four distinguishable corners are present. As the
compliant liner thickness increases, the journal orbit rotates in the sliding direction.
This is due to the compliant liner deformation.
90

270
0.2
0.4
0.6

White Metal
1mm

0.8

3mm

Figure 3.11: Effect of compliant liner thickness on the orbit size and shape
for a horizontal shaft
Figure 3.11 presents the effect of compliant liner thickness on the size and shape for a
horizontal shaft orbit. Dynamic load of 2.5 kN (50% W ) is considered. Due to the
numerical instability, a smaller dynamic load is chosen in the horizontal shaft case. The
orbits are all lined up in the loading direction. This is due to the pad tilt.
The white metal bearing has a maximum journal eccentricity of 0.42. For the
compliant liner thickness of 1 mm, the maximum journal eccentricity is 0.48 and the
orbit size is slightly larger than in the white metal bearing. For the compliant liner
thickness of 3 mm, the maximum journal eccentricity is 0.6 and the orbit shape is
changed slightly compared to the other two cases (white metal and liner thickness of 1
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mm). The bottom corner is stretched out in the sliding direction, which is due to the
deformation of the compliant liner.

3.4.1 Preload Effect
Different preload factors for the vertical shaft configuration are investigated.
Figure 3.12 shows results for the case of unbalance eccentricity of 100 µm (100% W )
and compliant liner thickness of 3 mm. Preload is changed by altering pad clearance.
As pad clearance increases (preload factor also increases), the size of the journal orbit
decreases. This is due to the increase of the tilt angle of the pads resulting in higher
bearing stiffness [29].
It can be concluded that compliant bearings require higher preloads compared to
white metal bearings to achieve a similar orbit size. For example, orbit size in a white
metal bearing with a preload factor of 0.5 is comparable with that in a complaint
bearing (liner thickness of 3 mm) with a preload factor of 0.7.

Figure 3.12: Journal orbits for pads with different preload factors, vertical shaft case
Influence of preload for a horizontal shaft configuration is investigated for an
unbalance eccentricity of 50 µm (50% W ) and a compliant liner thickness of 3 mm,
Figure 3.13.
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Figure 3.13: Effect of preload on the orbits in the horizontal shaft case
The conclusion for the horizontal shaft case is the same as for the vertical one. The
compliant bearings need to be preloaded more in order to stiffen the bearing pads and
provide higher pad inclination.

3.4.2 Adjustable Pad Inclination
A trend in hydrodynamic lubrication is towards controllable and adjustable fluid
film bearings. Such fluid film bearings can reduce vibrations and instabilities (avoiding
cross-coupling destabilizing effects), modify dynamic characteristics (stiffness and
damping) [50, 51]. The principle of an adjustable fluid film bearing is to change the
hydrodynamic conditions during operation by continuously controlling and adjusting
the pads [50]. Thus, different pad inclination angles are simulated which mimics the
adjustable pads. Figure 3.14 presents journal orbits at different pad inclination angles
for vertical and horizontal shafts, compliant liner thickness is 3mm. Setting the pad
inclination angle to 0.05 degrees gives a good agreement, in terms of the orbit size and
shape, with tilting pad compliant bearings for a vertical shaft configuration (Figure
3.14a). An inclination angle lower than 0.05 degree results in a larger journal orbit.
Larger pad inclination angles provide smaller journal orbits. Similar trends can be
observed for the horizontal shaft (Figure 3.14b). At low inclination angles (less than 0.1
degrees), the final journal orbit is shifted in the sliding direction. Furthermore, an
inclination angle greater than 0.1 degrees results in lower journal eccentricity.
By adjusting the pad tilt angles, it was shown that the journal orbits could be
decreased for both vertical and horizontal shafts. In some cases, controlling the pad
inclination angles can result in smaller orbit size than tilting pad journal bearings. This
shows the potential of active bearing technology that can make the bearings operate
with higher efficiency and reliability.
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a)

b)
Figure 3.14: Adjustable pads, unbalance eccentricity of 30 µm (60% W ) for
vertical shaft (a) and horizontal shaft (b)

3.4.3 Variable Elasticity Liner
A variation in tilting pad deformation as a function of time shows that the
maximum deformation occurs at the front portion of the pads (from the leading edge to
the pivot position). Thus, by stiffening the inlet half of the pads (circumferential EHS)
as shown in Figure 3.15a (blue colour for Young’s modulus of 0.11 GPa and red colour
for Young’s modulus of 1.2 GPa), the journal orbit size can be decreased. For the
vertical rotor configuration (Figure 3.16a), the white metal bearing has the maximum
journal eccentricity of 0.39 whereas the modified pad design has the maximum journal
eccentricity of 0.42 (circumferential EHS). Due to the change in compliance of the
bearing pads, the journal orbit is shifted 5 degrees in the sliding direction. For the
horizontal rotor configuration (Figure 3.16b), the trend is similar to the viscoelastic
case (Figure 3.4b). Liner modification reduces deformation as shown by the journal
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orbit size and time for the bottom corner of the journal orbit. Orbit corner time
positions are exactly the same for the white metal and modified pads.
A variation in the elasticity can also be provided in the axial direction (axial ESH),
Figure 3.15b. The journal orbit size and shape are then similar to the orbit in the case of
variable elasticity in the axial direction. Maximum journal eccentricity becomes
slightly higher, Figure 3.16b.

a)

b)
Figure 3.15: Pad with variable elasticity of the liner, higher Young’s modulus in the
inlet part (a) and higher Young’s modulus towards the pad edge in the axial direction
(b)
Figure 3.17 shows oil film pressure and oil film thickness profiles in the pad 4
midplane for the horizontal rotor configuration. In the 3mm PTFE bearing, maximum
oil film pressure is 6.2 MPa whereas in the white metal bearing, maximum oil film
pressure is 7.3 MPa in the pad midplane. Lower maximum pressure and pressure
gradients in the PTFE bearing are due to the compliance of the PTFE liner. Oil film
profile in the 3mm PTFE bearing is almost flat with a slight constriction at the outlet,
41µm film thickness, similar in shape to the EHD contacts. The film profile in the
white metal bearing has a minimum value of 35 µm in the maximum pressure region
and a diverging part near the pad trailing edge.
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a)

b)
Figure 3.16: Journal orbits, vertical rotor, ξ = 100 µm (a), and horizontal
rotor, ξ = 50 µm (b)
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a)

b)
Figure 3.17: Oil film pressure (a) and oil film thickness (b) profiles for pad 4,
horizontal rotor, 5 kN load; Circ EHS = circumferentially decreasing E modulus from
the leading edge to the pivot area; Circ ESH = circumferentially increasing E modulus
from the pivot area to the trailing edge; Axial EHS = axially decreasing E modulus
from the pad midplane to the pad side edge; Axial ESH = axially increasing E modulus
from the pad midplane to the pad side edge.
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With the variable elasticity in the circumferential direction (Figure 3.15a,
circumferential EHS), the pressure profile is significantly modified producing a
maximum pressure of 7.9 MPa and a dip in the outlet pad of the pad. This dip
corresponds to the increase in film thickness located after the minimum oil film
thickness of 33µm . The loss of pressure in the outlet part of the pad forces the
maximum pressure to rise above maximum pressure for the white metal bearing. If
elasticity modulus is increased in the sliding direction from the pivot area to the trailing
edge (circumferential ESH) pressure raises even higher reaching 9 MPa. Oil film
thickness profile is deformed in the inlet part (softer inlet part) and has a minimum
value of 29 µm . A further increase in the maximum pressure to 9.2 MPa and a decrease
in the minimum film to 28 µm can be achieved if the elasticity modulus is gradually
decreased from the pad midplane to the pad side edges (axial EHS). This increase in
pressure is due to the formation of the steep divergence in the outlet part of the pad.
However, if elasticity gradually increases in the axial direction (Figure 3.15b,
axial ESH) from the pad midplane, oil film pressure in the midplane reduces to 5.9
MPa while minimum oil film thickness increases to 50 µm . Two pressure maxima of
6.6 MPa shifted towards the pad side edge in the axial direction are produced. This case
gives also much smaller journal orbit compared to the PTFE 3 mm case.

3.5

MISALIGNMENT EFFECTS IN TILTING PAD JOURNAL BEARINGS

Tilting pad journal bearings can decrease the misalignment moment (reduce
maximum oil film pressure and increase minimum oil film thickness) compared to
fixed geometry bearings. Compliant liner can further improve the bearing static and
dynamic performance.
The influence of misalignment effects (static and dynamic) on the compliant
tilting pad journal bearings with different loading and shaft configurations is
investigated. Load between pivots (LBP), load on pivot (LOP), horizontal and vertical
shaft configurations in case of line type pivot pad geometry are considered.

3.5.1 Static Loading
3.5.1.1 Effect of Load Configuration
Figure 3.18 shows performance parameters of the white metal bearing as a
function of axial misalignment for different loading configurations (LBP and LOP).
When loading configuration is changed from LBP to LOP, maximum oil film pressure
is increased approximately from 6.5 MPa to 13 MPa at an axial misalignment of
133µm (Figure 3.18a). Although the LOP configuration results in higher maximum oil
film pressure at the axial misalignment of 133µm , it gives slightly lower maximum oil
film pressure at the axial misalignments from 50 µm to 110 µm . Minimum oil film
thickness is decreased by approximately 80% for the LOP configuration at the axial
misalignment of 133µm compared to the LBP configuration (Figure 3.18b). Higher oil
film thickness is observed for the LOP configuration at the axial misalignment of
13µm to 110 µm . A significant increase in the axial misalignment moment is observed
for the LOP configuration at the axial misalignment of 133µm compared to the LBP
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configuration (from approximately 110 Nm to 178 Nm) as shown in Figure 3.18c.
Journal eccentricity at the bearing mid-plane becomes higher for the LOP configuration
(Figure 3.18d). For the maximum axial misalignment it is increased 0.058 and 0.092 for
the LBP and LOP respectively. Since the load is mostly carried by the bottom pad,
which is highly loaded, a large deformation on the bottom pad can be expected for the
LOP configuration. This is the reason why LOP provides a higher journal eccentricity
compared to LBP.
The misalignment effects can be decreased by replacing white metal to compliant
liner. As discussed previously, compliant liners on the bearing inner surface can
improve bearing steady state performance. Furthermore, due to the elasticity of the
compliant liner, the misalignment effects can be reduced significantly.

a)

b)

c)
d)
Figure 3.18: White metal bearing performance parameters, LBP vs. LOP loading
configurations a) maximum oil film pressure b) minimum oil film thickness c) axial
misalignment moment d) journal eccentricity at the bearing mid-plane

3.5.1.2 Effect of Compliant liner
A compliant liner (PL) significantly reduces maximum oil film pressure at an
axial misalignment of 133µm (from approximately 13 MPa to 4 MPa) for the LOP
configuration as shown in Figure 3.19a. A decrease in maximum oil film pressure for
the LBP configuration is also observed (from approximately 6.5 MPa to 3.8 MPa) but it
is not as significant as for the LOP configuration.
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Minimum oil film thickness is increased from approximately 1µm (white metal) to
6 µm (compliant liner) at an axial misalignment of 133µm for the LOP configuration
as shown in Figure 3.19b. For the LBP configuration, minimum oil film thickness is
also increased (from approximately 5µm to 10 µm ). Similar positive trends can be
observed for the axial misalignment moments (Figure 3.19c). Compliant liner decreases
misalignment moment from 178 Nm to 120 Nm for the LOP configuration. Journal
eccentricities are increased when compliant liner is introduced (Figure 3.19d). For the
LOP configuration, the journal eccentricity is increased from 0.078 (white metal) to
0.115 (compliant liner).

a)

b)

c)
d)
Figure 3.19: White metal and compliant liner bearing performance parameters
a) maximum oil film pressure b) minimum oil film thickness c) axial misalignment
moment d) journal eccentricity at the bearing mid-plane

3.5.2 Dynamic Loading
3.5.2.1 Dynamic Misalignment
Unbalance load of 4000 N imposed on misaligned shaft is shown in Figure 3.20
for vertical and horizontal shafts. Over one revolution of the vertical shaft, the number
of peaks corresponds to the number of pads. Since there is no gravitational load, four
misalignment moment peaks have all equal value. A time between each peak is
3.75ms which represents a shaft movement from one pad to the next. Compliant
bearings result in lower misalignment moment compared to the white metal bearings.
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Misalignment moments are decreased by approximately 7% for the vertical shaft with
compliant bearings (Figure 3.20a). Since the deformation in a compliant bearing is
higher, the misalignment moment is a repetition of the white metal case but with lower
amplitudes. Four misalignment moment peaks are also obtained for the horizontal shaft
with the LBP configuration (Figure 3.20b). Two high peaks are related to two bottom
pads, which are heavily loaded, and two small peaks represent two upper pads, which
are lightly loaded. For the LOP configuration, the highest peak represents the bottom
pad, which is heavily loaded, and lowest peak represents the upper pad, which is lightly
loaded. Second highest peak is for the previous pad before the shaft reaches the bottom
pad. Third peak is for the pad next to the bottom pad in the direction of rotation. White
metal bearings produce higher misalignment moments compared to the compliant
bearings for both shaft configurations.

a)
b)
Figure 3.20: Transient misalignment moment, vertical (a) and horizontal (b) shafts

3.5.2.2 Axial Oil Flow Rate
Figure 3.21 shows transient axial oil flow rates. For the vertical shaft, axial flow is
nearly constant over time as shown in Figure 3.21a. A small variation is found with the
white metal bearing. A transient axial oil flow for the vertical shaft shows four small
bumps, related to the number of pads in the bearing (Figure 3.21b). Smoother flow is
obtained with the compliant bearing compared to the white metal bearing supporting
horizontal shaft. It is hard to distinguish four peaks as it can be seen with white metal
bearing, especially for the LBP configuration. With the LOP configuration, few peaks
are obtained with the compliant bearing. In general, compliant bearings result in lower
axial oil flow rate compared to the white metal bearings. This is due to the pocket like
shape of the oil film distribution [17, 52] that helps in decreasing side leakage.
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a)
b)
Figure 3.21: Transient axial oil flow rate, vertical (a) and horizontal (b) shafts

3.5.2.3 Power Loss
Figure 3.22 shows transient power loss in the bearing during one shaft revolution.
Similar to transient misalignment moment, power loss for the vertical shaft has four
peaks over one shaft revolution. Compliant bearings provide approximately 9% lower
power loss compared to the white metal bearings (Figure 3.22a). For the horizontal
shaft, LBP and LOP configurations result in similar power loss (Figure 3.22b). White
metal bearing (red solid line) has the highest power loss when there is a maximum
misalignment moment for LBP configuration (0.02375 s). The number of pads in the
bearings can be clearly seen with the power loss plots.

a)
b)
Figure 3.22: Transient power loss, vertical (a) and horizontal (b) shafts

3.6

DYNAMIC RESPONSE OF POLYMERS

Polytetrafluoroethylene (PTFE), polyether-ether-ketone (PEEK), ultra-high
molecular-weight polyethylene (UHMWPE) and a PEEK based composite of various
thicknesses are investigated. Small harmonic amplitude is applied to test specimens.
Measured data are analysed with a frequency response function to identify equivalent
stiffness and damping of polymers.
Using frequency response function, magnitude, phase and coherence as a
function of displacement and force can be obtained (Figure 3.23) from the test data. As
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an example, PTFE thickness of 4 mm with specific load of 1.1 MPa is shown for
frequency up to 300 Hz.
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Figure 3.23: Frequency response function for 4mm PTFE, specific load of 1.1 MPa, H
magnitude (a), H phase (b), and coherence (c)
There is one natural frequency for one degree of freedom system. However, as
shown in Figure 3.23a, there are two resonances, one at 122 Hz and another one at 230
Hz. When a mechanical system operates near the natural frequency, H magnitude
increases and starts to decrease after the resonance. The second resonance frequency is
due to the shaker. At high frequencies, a shaker contributes another degree of freedom
to the mechanical system. When the system is passing through the resonance, there is a
phase shift as shown in Figure 3.23b. Coherence function illustrates the reliability of
obtained results. Coherence of 1 indicates that a mechanical system is at anti-resonance
whereas coherence below 0.8 indicates that a mechanical system is at resonance. As
described previously, results near the second resonance frequency is not reliable.
Therefore, to obtain more accurate results, measurements are carried out with a
frequency sweep up to 100 Hz to avoid the movement of the shaker, which is well
below the first resonance of the dynamic system (test rig mass plus test material). Each
material generates a new dynamic system with one degree of freedom. As an example,
PEEK composite stiffness and damping coefficients are shown in Figures 3.24.
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Figure 3.24: PEEK composite stiffness (a) and damping (b); 1.1 MPa load
Equivalent stiffness increases from 0 Hz to approximately 20 Hz for all PEEK
composite thicknesses. After 20 Hz, the stiffness starts to decrease until approximately
80 Hz and starts to slightly increase again. For equivalent damping, exponential
decrease is observed for all thicknesses. Similar to the equivalent stiffness, damping
decreases until approximately 60 Hz for the 2 mm thickness, 68 Hz for the 3 mm
thickness and 78 Hz for the 4 mm thickness. Then damping starts to increase again for
the next 20 Hz before decreasing again.

3.7

FULL-SCALE HYDROELECTRIC POWER EXPERIMENTS

Experiments were conducted in a full-scale hydropower unit. A hydropower unit
had upper guide bearing with six pads, lower guide bearing with six pads and turbine
guide bearing with 8 pads. Each journal bearing pad consisted of two proximity sensors
to measure oil film thickness, two thermocouples to measure oil film temperature and
one load cell to measure the load on bearing. Figure 3.25 presents the schematic of pad
arrangement below the generator in full-scale hydropower unit.

Figure 3.25: Pad arrangement in the Porjus U9 guide bearing
located below the generator
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Average dynamic load measured in lower guide bearing is approximately 1600 N as
shown in Figure 3.26a. Using this dynamic load, FEM simulation has been carried out
to predict the shaft movement inside the lower guide bearing. Shaft orbit is shown in
Figure 3.26b.

a)

b)
Figure 3.26: Experiment and FEM simulation comparison of
a) dynamic load and b) shaft orbit
Although FEM model predicted a shaft motion with circular orbit, an actual measured
shaft orbit was non-circular shape. It is believed that the non-circular shape of the shaft
orbit is due to a combination of the construction of the machine with three bearings
arranged on three different axes as well as possibility of misalignment in the bearing.
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4 CONCLUSIONS
Plain cylindrical and tilting pad journal bearings are modeled to study their
dynamic response when subjected to synchronous excitation. A polymer liner in the
bearings is shown to increase oil film thickness and decrease maximum oil film
pressure in the bearing mid-plane. This results in higher load carrying capacity for the
compliant bearings at static equilibrium. At dynamic equilibrium, the journal transient
motion of the compliant bearing is larger compared to that of the white metal bearing.
The following conclusions can be drawn from this research:

•

When the journal amplitude is small
clearance), linearized coefficients can
equilibrium orbits in both white metal
larger journal amplitudes, a non-linear
predict bearing dynamic behaviour.

(less than 37% of bearing diametral
be used to predict the final journal
and compliant bearings. However, for
analysis should be used to accurately

•

A plane strain hypothesis can be used to accurately evaluate liner deformation if
the compliant liner is thin (in our case, for the PTFE liner thickness less than 2
mm). The thickness value depends on contact geometry, load or material
properties.

•

Compliant liner increases oil film thickness in the pad mid-plane by forming a
pocket shape oil film distribution. It can also significantly reduce the
misalignment effects compared to the white metal. Furthermore, viscoelasticity
of the compliant liner reduces the journal amplitudes when compared to a
purely elastic case.

•

A compliant pad liner that is stiffer at the pad side edges compared to the
uniform elasticity liner provides similar maximum oil film pressure (with two
peaks) and increased minimum oil film thickness (in the pad mid-plane).

•

PTFE has similar equivalent stiffness compared to PEEK. As for equivalent
damping, PTFE has slightly higher damping compared to PEEK or UHMWPE.
When a liner thickness is decreased the equivalent stiffness and damping are
increased for both frequencies and loads all polymer materials. Lower specific
load has higher equivalent stiffness and damping compared to higher specific
load.

•

Stiffness of the supporting structure may be more important to machine
performance than the stiffness of the bearing alone and the stiffness can vary
widely through a start-up process due to the machine’s thermal transients.
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5 FUTURE WORK
Suggestions for the future work.
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•

Further investigations of polymer characteristics as a function of temperature
need to be carried out to evaluate polymer behaviour at elevated temperatures.

•

Numerical investigation of polymer bearings operating under extremely low
viscosity lubricant need to be carried out to evaluate advantage of polymer
liners over white metal liners.

•

Investigation of different shapes and sizes of textures on polymer liner surface
in journal bearings need to be carried out to understand advantage of textures on
polymer bearings.

•

Full-scale hydropower experiments with compliant liner tilting pad journal
bearings need to be carried out to further investigate the steady state and
dynamic performance characteristics.
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