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Sammanfattning 
Detta examensarbete har utförts i samarbete med Scania CV AB, en lastbils- och busstillverkare. 

Scania tror att en stor del i att behålla en ledande position är att erbjuda sina kunder pålitlighet, 

bland annat i form av livslängd. På grund av detta så är utbyggnad av kompetens och kunskap 

kring utmattningsanalys alltid aktuellt. Simuleringsdriven produktutveckling har dessutom ökat 

intresset för simuleringar tidigare i produktutvecklingen. Detta skapar nya utmaningar då det 

kräver att utmattningsanalyser utförs innan en fysisk prototyp finns. Då laster krävs för 

utmattningsanalyser är en tänkbar lösning att skapa lastfall med multibody simulations (MBS) med 

virtuella prototypfordon körandes en virtuell provbana. 

 

Huvudsyftet med detta arbete är att undersöka potentialen för att utföra analyser med laster från 

MBS. Fyra olika analysmetoder, som används inom Scania, har utförts med laster från MBS istället 

för från provbana. En utvärdering av metodernas robusthet och deras resultat jämfört med resultat 

från testrigg var tänkt att ge en indikation för vilken virtuell metod som har störst potential. Ett 

rammonterat inverterfäste som gått sönder i testrigg analyserades under arbetet. En modell av 

komponenten genererades i Abaqus och importerades i Adams för MBS. Laster som uppmättes i 

Adams användes för att utföra de olika utmattningsanalyserna. 

 

Det visade sig att två metoder var mer lovande än övriga: Dynamisk simulering med PSD och 

Superposition av modala spänningar. Men, utmattningsuppskattningarna från de genererade 

lasterna överensstämde inte med utfallet från det fysiska testet. I testrigg gick komponenten sönder 

medan analyserna indikerade att den inte skulle komma nära utmattningsbrott. Genom att jämföra 

lastsignalerna från testrigg och MBS uppdagades det att signalerna avvek kraftigt från varandra. 

Analys med testriggsignal indikerade att komponenten skulle gå sönder, vilket den också gjorde. 

Användande av lastsignalen från provbanan ledde däremot till ungefär samma skada som 

analyserna med MBS gav. 

 

Dessa resultat indikerar att det finns potential för utmattningsanalyser med virtuellt anhållna laster. 

Vidare undersökningar med ytterligare komponenter behöver dock genomföras innan definitiva 

slutsatser kan dras. Att utröna anledningen till att provet i testrigg varit tuffare än verkligheten är 

också av intresse. 

 

Nyckelord: Utmattning, Simuleringsdriven produktutveckling, MBS, PSD  
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Abstract 
Scania is a truck and bus developer. They believe that reliability, which is strongly associated with 

life length, has been critical in achieving a leading position and is key to retaining it. Therefore, 

there is a continuous drive to increase their capability to simulate life length, specifically fatigue. 

Additionally, the recent popularity of simulation driven product development has created an 

additional interest in performing simulations earlier in the product development process. This 

creates a challenge since it requires fatigue analyses to be performed before prototype vehicles are 

available. Since loads are required for fatigue analyses, one solution is to perform a multibody 

simulation (MBS) of a virtual prototype vehicle on a virtual test track and derive load cases. 

 

This thesis investigated the possibility of using loads derived from MBS simulations to perform 

fatigue analyses. Four different simulation methods which are currently used by Scania were 

evaluated with MBS loads instead of physically measured loads. By comparing the methods’ 

results to those of physical tests, the virtual methods with the greatest potential were identified. A 

chassis mounted inverter bracket was analyzed in this work. The component was modeled in 

Abaqus, a model which then was merged into a complete bus model in Adams. Next, this model 

was run as an MBS over the virtual test track and load data was extracted. The component was 

then analyzed with different fatigue analysis methods, with the data from the MBS used as input. 

The fatigue results were then compared with the results of a physical shake rig test of the same 

component. 

 

Two methods were found to be most promising: Dynamic simulation with PSD and Superposition 

of modal stresses. Interestingly, the fatigue estimation for these methods substantially differed 

from the outcome of the physical test. The component failed in the physical test but according to 

the simulation it should have survived. Upon further investigation, it was found that the component 

was subjected to higher loads in the shake rig than on the shake track. A fatigue simulation using 

the signal from the shake rig agreed with the outcome of the physical test, namely failure. Analysis 

using the figures from the test track gave values similar to the results for analyses with MBS loads. 

 

These results suggest that this type of virtual analysis has potential. But before more definite 

conclusions can be drawn further investigations with more than one component need to be 

performed. Another path of investigation is to look at why the shake rig test is more severe than 

the virtual shake track. 

 

Keywords: Fatigue, Simulation Driven Product Development, MBS, PSD  
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NOMENCLATURE 

Notations and abbreviations that are used in this Master thesis are listed here. 

Notations 

Symbol Description 

D Damage (-) 

F Force (N) 

I Moment of inertia (kgm2) 

N Wöhler-curve cycles (-) 

W PSD-value ((m/s2)2/Hz) 

c Damping (Ns/m) 

e Wöhler-curve slope (-) 

f Frequency (Hz) 

k Stiffness (N/m) 

m Mass (kg) 

n Cycles (-) 

t Time (s) 

γ Irregularity factor (-) 

ξ Relative damping (-) 

σ Stress (Pa) 

ω Oscillation speed (rad/s) 

Used Software 

Software Developer 

Abaqus/CAE Dassault Systémes 

ADAMS/Car MSC Software® 

DesignLife nCode 

FEMFAT Magna Powertrain 

MATLAB MathWorks® 
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Abbreviations 

CAD Computer Aided Design 

CAE Computer Aided Engineering 

DOF Degree of Freedom 

FEA Finite Element Analysis 

FEM Finite Element Method 

FFT Fast Fourier Transform 

FRF Frequency Response Function 

MBD Multi Body Dynamics 

MBS Multi Body Simulations 

PDF Probability Density Function 

PSD Power Spectral Density 

RMS Root-Mean-Square 

SDD Simulation Driven Design 

SDOF Single Degree of Freedom 

SDPD Simulation Driven Product Development 

S-N Stress to Number of cycles 
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1 INTRODUCTION 

This part of the report aims to provide the reader with a background and description of the 

problem at hand. The limitations and methods used to solve the problem are also discussed. 

Scania is one of the world’s leading truck and bus developer and manufacturer. The key to reaching 

that position and also to keep hold of it is to produce products that satisfy the customer. One 

substantial part in this satisfaction is the reliability of the vehicles. This thesis is performed at the 

group responsible for Strength Analysis and Auxiliaries Installation in buses and coaches and 

focuses on fatigue analysis of chassis mounted components. A major interest for simulation driven 

development exist within Scania’s organisation. This interest has given rise to a wish to use 

simulations to generate fatiguing load cases before a physical prototype is produced. Thorough 

investigations regarding performance of any new method has to be performed before it can be 

implemented in the product development process. 

1.1 Problem description 

Vibrations arise in vehicles during operation; these vibrations can be harmful as they induce an 

environment of fatigue loads for systems and components. To avoid failures due to these loads, 

components are dimensioned to withstand specific fatiguing conditions for a certain distance. 

Methods that are based on measured loads from real vehicles have therefore been generated for 

both numerically and physically estimating the life length. In order to avoid extensive physical 

testing, which is both time - and cost consuming, the strength of designs during the design phase 

is often evaluated numerically. This allows for a variety of designs being evaluated within a short 

time frame and ideally the only physical test will be on the final design. Concerns exist regarding 

the numerical fatigue analysis methods that are used today. Not only are some of them based on 

major simplifications, but all of them require measured loads. As of today, the loads are measured 

on actual vehicles driving a test track. The wish is to replace the physical measurements with loads 

acquired through simulations. Developing a completely virtual method would make it possible to 

perform analyses before a prototype vehicle is produced. 

 

Multi Body Simulations (MBS) is a possible source of virtual measurements. MBS are already 

used within Scania as of now, but for other applications. As these simulations are becoming more 

and more lifelike, the possibility to widen the field of application for them should increase as well. 

It is believed that they can come to replace physical measurements within a near future. This would 

enable measurement of loads before physical prototypes are produced. 

1.2 Purpose 

The aim of this MSc degree project is to investigate the possibility of developing the currently 

used fatigue analysis methods for chassis mounted bus components by implementing virtually 

generated loads. The main goal is to end up with a recommendation for a method that seem to have 

the greatest potential. 
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1.3 Delimitations 

A large variety of fatigue analysis methods exist. In order to restrict the study and to make it more 

effective, four methods that already exist within Scania’s organisation will be evaluated. The first 

method is the only that cannot utilize loads from MBS. 

 

 Fatigue analysis based on static loads (rule of thumb). 

 Fatigue analysis based on a dimensioning load calculated from dynamic properties and 

PSD-spectrum of accelerations. 

 Fatigue analysis based on a dynamic simulation with PSD-spectrum of accelerations as 

input. 

 Fatigue analysis based on superposition of modal stresses. 

 

The results for the various methods will be compared to one another and results from a physical 

test. Focus will be put on performing the virtual fatigue analyses since that is the main scope of 

the project. Therefore, limitations with the intention to steer the focus to the fatigue analyses are 

made. Only evaluating one component will save time and still allow for indications of the methods’ 

potential being acquired. It is decided that a chassis mounted component will be evaluated since 

the capability of measuring road induced vibrations is greater than measuring driveline vibrations 

in MBS. It has also been decided that no physical testing will be performed and that the MBS will 

be outsourced. A summary of the project’s delimitations follows:  

 

 Four fatigue analysis methods will be evaluated and compared. 

 One component will be evaluated. 

o Chassis mounted bus component. 

 No thorough investigation of the component’s material. 

o Standard material from software material library. 

 No physical testing will be performed. 

o Test results already exist. 

o Dynamic properties of the component will be determined virtually. 

 Work with MBS will be outsourced. 

1.4 Method 

The main purpose of the project is to evaluate different fatigue analysis methods in search of the 

one with greatest potential. Therefore, it is believed that the major part of the work will be 

consumed by understanding and performing various analyses. A large variety of fatigue analysis 

methods exist and are used within various industrial sections. A selection of these methods, some 

that are used within Scania’s organisation, will be evaluated during this project. This restriction 

will allow for the methods to be thoroughly analysed. It will also be beneficial for the reason that 

expert help will be attainable within the company. 

 

In order to select what component that is to be assessed, a list of requirements is set up (see 

Appendix A). The goal of the requirements is to make sure that as much time as possible is put on 

the fatigue analyses and not lost in preparing for them. The most important demand is that the 

component does not include any welds since that would change the component’s fatigue 

behaviour. Welds would reduce the fatigue strength and the analysing methods would be more 

complex since they would have to be adjusted for that. 

 

With a selected component, both a CAD and a meshed model can be acquired. A CAD-model of 

the component should exist and will be delivered by the responsible designer. This will then be 
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meshed in the FEM-software Abaqus, which (as explained below) will be used for the analyses. 

The meshed part will be exported to the group that performs MBS on buses at Scania. An 

experienced engineer will perform the MBS, in ADAMS, and then deliver the resulting loads from 

them. The reason for outsourcing the simulations is that they are complex and it is deemed that 

there will be a too heavy work load if they also are to be included in the project.  

 

With loads from the MBS, the various analysis methods are to be evaluated one at a time. There 

are two alternatives for performing the analyses, manually or with an FEM-software. Since the 

mechanics behind vibration fatigue are complex it is believed that manual calculations only would 

consume unnecessary time and be a source of unnecessary errors. Therefore the FEM-software 

Abaqus, FEMFAT and DesignLife will be used during this project. Abaqus will be used to find 

the stresses in the component and also to find its structural dynamics. The fatigue estimations will 

then be performed in either FEMFAT or DesignLife. The reason that two different software are 

used is that all fatigue analyses except one will be performed in the time domain, which FEMFAT 

will be used for. DesignLife will be used for an analysis in the frequency domain since no license 

for that purpose is available in FEMFAT at Scania. 

 

In order to draw conclusions regarding the performance of the methods, their fatigue estimations 

are to be analysed. Focus will be put on how robust the methods are and how well they agree with 

results from a physical test performed in a rig. 
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2 FRAME OF REFERENCE 

This chapter aims to provide the reader with a theoretical background that is relevant to the 

project. It will start of by describing simulation driven product development, before focusing on 

fatigue. Theory on both fatigue as a concept and techniques for analysing it is included. 

2.1 Simulation Driven Product Development (SDPD) 

A drive exists for expanding the part of the product development that is done through simulations. 

The automotive industry is no exception, rather the opposite (Johansson & Sätterman, 2012). There 

is a vast variety of reasons for this drive. To start with, an expanded world market has led to 

reduced product prices whilst the quality demand has been maintained in many markets. More 

virtual work instead of physical work will lead to reduced expenses, which is the solution for the 

equation of decreasing price at constant quality (Wall, 2007). Another injector is the fact that the 

product life cycle has reduced and still is reducing for a variety of products, because of this it is 

desirable to reduce the time-to-market. Transforming work from being performed physically into 

virtually will achieve this as well. (Johansson & Sätterman, 2012) 

 

Customer awareness regarding sustainability is also a factor that is gaining more and more 

importance. A product’s socio-ecological impact over its entire life cycle can be improved through 

more virtually based decisions during the product development. Working virtually instead of 

physically has great potential for both saving resources and minimising waste. Hence, SDPD can 

be useful from a sustainability perspective as well. (Wall, 2007) 

 

Historically, simulations (in particular finite element analysis (FEA)) have been used for 

verification of a close to finalized design. Instead of this usage, the desire now is to utilize this tool 

during the design process (Adams, 2006). By doing so, the total lead-time would be reduced since 

correct decisions would be made regarding a design at an earlier stage instead of at the last minute. 

Expanding the use of simulations has, and still is, becoming more and more feasible since 

techniques and software are getting mature and more accurate. (Larsson, 2001) 

 

This progression is the same as saying that the process is going from being based on Simulation 

Driven Design (SDD) to being based on Simulation Driven Product Development (SDPD). 

Sellgren (1999) has defined SDD as “a design process where decisions related to the behavior and 

the performance of the design in all major phases of the process are significantly supported by 

computer-based product modeling and simulation”. 

 

Johansson & Sätterman (2012) has described the evolvement from SDD to SDPD as “simulations 

are the basis for the entire product development process, not only decisions related to the design 

phase ... physical testing is a support function to virtual testing and not vice versa.”. 

2.1.1 Computer Aided Engineering (CAE) 

Computer Aided Engineering is the technology that enables engineering tasks being performed 

virtually. The idea of this technology is to replace reality with mathematical models. A vast variety 

of software with different focus are included in this concept, for example FEA and MBD software. 

(Raphael & Smith, 2013) 

 

A CAE process can be explained as consisting of four distinct steps. First of all is the analysis of 

the mathematical phenomenon defined, which is followed by defining the equations. With the 

mathematical theory in place, the next step is to create a model of the physical configuration that 
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is to be assessed. CAD, Computer Aided Design, is commonly used for this and is often seen as a 

natural complement to CAE. Finally, the model is applied to an actual production mechanism. 

(Janssen, 2012) Simplified, the CAE process can be explained as stating what physical 

phenomenon that is to be investigated and then defining the interesting geometry and the 

conditions it is subjected to. 

2.1.1.1 Multi Body Simulations (MBS) 

The purpose of multibody dynamics (MBD) is to analyse the dynamics of a system. Dynamics is 

a part of mechanics that deals with motion of bodies under the influence of external forces and can 

be divided into the two distinct areas kinematics and kinetics. Kinematics is pure analysis of 

motion and takes no consideration to the forces causing it. Kinetics, on the other hand, relates 

external forces to resulting motion. (Larsson, 2001) 

 

Virtual studies of this area are usually performed through multibody simulations (MBS). Certain 

input is required in order for an MBS to be run. Before running the simulation, the geometry in 

form of flexible and rigid parts and connection joints that restrict their relative motion need to be 

defined. Previously, rigid body simulations were standard, but as the capacity has increased so has 

the complexity. This means that flex bodies often are used instead of rigid bodies in the MBS 

environment (Bladh, 2012). The external condition this design will be subjected to during the 

simulation also has to be defined. This can be done by either predefined motions or external loads. 

An example of a predefined motion is a vehicle running on a test track for which certain parts of 

the geometry has to move according to the track. Regardless of what external condition (motion 

or force) the system is subjected to, it is possible to analyse the motion of all the parts in the system 

and what forces that arise in the connections between them. (Blundell & Harty, 2004) 

 

A major strength with this technique, besides saving resources, is that it enables loads being 

measured in locations that are not easily accessed in reality. For example, bolts can be difficult to 

access and are usually associated with narrow spaces that reduce the possibility of fitting a sensor. 

But in MBS, the possibilities for measuring forces on bolts are as great as in any other location. 

(Smith, 2014) 

2.2 Fatigue 

The most common reason for failure in mechanical components and systems is fatigue. Fatigue is 

when repetitive loads act on a structure and eventually failure occurs. This happens even though 

the load is well below the load that the structure would have withstand for static loading (Berglund, 

2005). Fatigue failure is complex and depends on various factors. Variations in material, geometry 

and manufacturing have great influence on the fatigue behaviour. This makes it very difficult to 

predict when failure due to fatigue will occur. (Richloow, 2012) The reason that these factors are 

influential is that they control a component’s residual stresses. Residual stresses regulate a 

structures ability to handle stresses and they also have influence on what stresses that will arise in 

the structure. High stresses are normally found nearby holes, notches and corners, so called stress 

concentrators. (Kokcharov & Burov, 2013) 

 

When fatigue occurs it is generally in the shape of a crack. The results of fatigue can be divided 

into three different steps, crack initiation, crack propagation and final failure. Crack initiation is 

when a crack starts to develop; this happens at a microscopic level and is invisible to the eye 

(Schijve, 2007). The next step, the crack propagation, is when the stress intensity factor increases, 

which is caused by either an increased load or by the proceeding crack growth itself. When this 

happens, microscopic cracks join together and forms bigger cracks that become visible. The final 

failure step is when the remaining, intact material no longer can cope with the load and experiences 
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a rapid fracture (Totten, 2008). A crack for which the steps can be visually distinguished is seen 

in Figure 1. 

 

 

Figure 1. The three crack steps (Totten, 2008) 

2.2.1 Cyclic load 

Cyclic loading, the same as repetitive loading, is the reason for fatigue failures. A load cycle is 

defined as loading followed by unloading; it is this fluctuating load that eventually makes the 

structure break. According to Ikechukwu (2006) cyclic loading can generally be divided into three 

different types, zero-to-max-to-zero, fully-reversing and varying. The two first types follow a strict 

behaviour, zero-to-max-to-zero is when an unloaded structure is loaded and then returns to being 

unloaded and fully-reversing is when a load is directly followed by an equal load in the opposite 

direction. A fully-reversing load, that also is periodic since it follows a recurring pattern, is seen 

in Figure 2. 

 

 

Figure 2. Fully-reversing load (Engineering Archives, 2012) 

A varying load, on the other hand, is, as the name suggests, not as predictable since the load pattern 

is varying. This includes completely random load signals, which means that loads of any direction 

and amplitude can occur at any time. A common source of this fatigue type is vibrations, which in 

general is a combination of various mechanical oscillations that act together (for example when a 

vehicle is driving on a bumpy road) (Broch, 1968). An example of a varying (random) load is seen 

in Figure 3. 

 

 

Figure 3. Varying load (Agerskov, 2000) 
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Two parameters are of great interest when determining the severity, from a fatiguing point of view, 

of a cyclic load. The stress-range, Δσ, of the loading cycles has the biggest influence and is found 

as  

 

 ∆𝜎 = 𝜎𝑚𝑎𝑥 − 𝜎𝑚𝑖𝑛, (1) 

 

which is a subtraction of the minimum load, σmin, from the maximum one, σmax, within the studied 

cycle. Besides this, the absolute stress value (the mean stress) also has some effect. (Kuoppa, et 

al., 2010) 

2.2.2 Cycle count 

Distinguishing the load cycles is of great importance in fatigue analyses. There is no problem to 

do that for, e.g., pure sinusoidal loads, but it is considerably more complex for random loads. The 

general way to handle a random load signal is to generate a stress-range histogram through cycle 

counting. A stress-range histogram visualizes how many cycles within a certain stress-range that 

occurs, see Figure 4. 

 

 

Figure 4. Stress-range histogram (Gabrielsson & Lindström, 2005) 

Cycle counting, which has the purpose of gathering this information, is used when fatigue is 

evaluated for random cyclic loads. (Richloow, 2012) 

2.2.2.1 Rainflow cycle count technique 

The most commonly used cycle counting method for uniaxial random loads is the rainflow cycle 

counting technique, developed by Matsuishi and Endo in 1968. This was the first method to acquire 

international acceptance. Visualisation of this procedure strongly reminds of water falling down a 

pagoda. It is this resemblance that has given the method the name “rainflow”. (Lee, et al., 2012) 

 

 

Figure 5. Visualisation of rainflow cycle counting technique (Kern, 2010) 
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Before the cycle counting is started, the load curve is rotated 90° so that the time axis is oriented 

vertically downwards, see Figure 5. The first step in defining cycles for this method is to let a 

“rainflow” start at every local minimum and maximum. The starting points of the “rainflows” are 

considered in decreasing order. This means that the rain from the biggest maxima or smallest 

minima is allowed to flow first, it continues on downwards along the curve until it falls of it (A-D 

in Figure 5). The flows are then drawn one at a time until all of them have come to a stop. There 

are three possible endings to a flow: 

1. Falling of the curve, as A-D. 

2. Being consumed by a previous flow, for example C-B’ in Figure 5. 

3. Passing a more negative or positive (depending on direction of flow) extreme value than 

its own starting value during a drop, for example B-C passing D in Figure 5. 

Each flow represents half a cycle with a stress range as great as the difference between its start and 

end point value. (Maddox, 1991) 

 

Variations of this method exist for calculating cycles for a multiaxial random load. One accepted 

method is the critical plane approach, for which the fatigue damage parameters for potential 

failure planes are summed up according to the uniaxial method. Another is the equivalent stress 

or strain approach for which the fatigue damage parameter is represented by an equivalent stress 

or strain value. For more detailed information on these methods it is recommended that work by 

Lee, Barkey & Kang (2012) is studied.  

2.2.2.2 Reservoir method 

The rainflow cycle count technique is most widely used, even though Eurocode 3 (standard for 

design of steel structures) recommends the reservoir method. The reason for this is that the 

majority of theory claims that the two methods give equal results anyhow. (Janhunen & Mikus, 

2010) 

 

The reservoir method is also visualized with help of water. For this method, the orientation of the 

load signal is not altered (time axis horizontal). The simplest way to describe this is to imagine 

that water is poured over the curve and fills all “dells” and creates a “reservoir”, see Figure 6. 

 

 

Figure 6. Visualisation of reservoir method (top – full reservoir, bottom – tapped at lowest 

trough) (ESDEP, u.d.) 
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From this starting point, the next step is to open a “crane” at the lowest trough, visualized in Figure 

6. The first cycle’s stress-range is defined as the difference between the initial adjacent surface 

level and the level of the trough. After this the next lowest trough is “drained” and so on till the 

curve is completely “dried out”. One more cycle is added after that, namely one that has a stress-

range equal to the maximum value (Janhunen & Mikus, 2010). This method distinguishes itself 

from the rest (in a positive way) by calculating complete load cycles instead of half ones, which is 

most common. (Maddox, 1991)  

2.2.3 Basquin relation (S-N curve) 

The S-N curve (also known as Wöhler curve) is a common way of presenting fatigue data. In it, 

the relation between cyclic load with constant amplitude and life length is visualized. An example 

of a S-N curve is seen in Figure 7. (Kumar & Kumar, 2010) 

 

 

Figure 7. S-N curve for steel and aluminium (Dressel, 2014) 

It can be seen that the curve is plotted in a logarithmic scale. It can also be seen that the life length, 

in cycles, decreases linearly (in logarithmic scale) with increasing load up until a point where the 

curve flattens out. From there on, the load level has no influence on the life length that, at least 

theoretically, has become infinite. This load value, at which the life goes from definite to indefinite, 

is called the endurance limit or fatigue limit. No fatigue will occur as long as the structure is 

subjected to a load below the fatigue limit. (Kumar & Kumar, 2010) 

 

The results in an S-N curve does however tend to have a wide spread (see Figure 8), which is 

explained by the fact that fatigue is complex and depend on a large variety of parameters. It is 

customary to plot the curve along the median values, which leads to the curve representing a 50 % 

probability of breakage. 

 

 

Figure 8. Spread in a S-N curve (Richloow, 2012) 
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Depending on analysis, it is usual that customized curves with alternative probabilities are 

extracted. For example, a breakage probability of 2.3 % (equivalent to two standard deviations) is 

used when welds are evaluated. (Richloow, 2012) 

2.2.4 Palmgren-Miner linear damage rule 

Palmgren & Miner developed a method for estimating damage, the Palmgren-Miner linear 

damage rule. As the name of it intends, the damage is believed to have a linear behaviour for this 

method (Janhunen & Mikus, 2010). This allows for the damage (D) caused by a certain cyclic load 

to be found as 

 

 𝐷 =
𝑛

𝑁
, (2) 

 

where n is the number of cycles for that load and N is the cycle limit for the current load amplitude 

(found in S-N curve). These various cycle values are visualized in Figure 9. 

 

 

Figure 9. Visualisation of cycle limit (black) and number of cycles (red) at certain load level 

(Richloow, 2012) 

Furthermore, Palmgren & Miner assumed that the damage for the separate loads could be summed 

up to a total damage. This gave the following expression for the total damage, 

 

 𝐷𝑡𝑜𝑡 =∑
𝑛𝑖
𝑁𝑖

𝑖

. (3) 

 

The structure is predicted to be fatigued when this damage, Dtot, reaches a value of 1. (Gabrielsson 

& Lindström, 2005) 

 

This method assumes unchanged (linear) fatigue behaviour over time. However, it has been proven 

that this assumption is not correct. The fatigue limit actually decreases with increasing damage, 

which means that loads below the fatigue limit will have influence on the damage for fluctuating 

loads. This is missed out by the rule and therefore it has a tendency to overestimate life for 

components that are subjected to random loads that act below the fatigue limit for a substantial 

part. In order to account for this, methods to generate S-N curves with alternative below fatigue 

limit behaviour have been developed. (Miller, et al., 1986) 

 

Alternative damage estimation methods have also been generated, for example The Corten-Dolan-

Marsh hypothesis. No alternative methods will be explained further here since it is Palmgren & 

Miner’s method that is most widely used because of its simplicity and relatively accurate results. 

The accuracy is particularly high when S-N curves with alternative below fatigue limit behaviour 

are used. (Miller, et al., 1986) 
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2.3 Methods for measuring vibration environments and testing 
fatigue in buses 

Estimating fatigue through calculations is difficult since it depends on a large variety of factors. 

As stated in chapter 2.2 Fatigue, material, geometry and manufacturing has great influence. The 

component’s properties are not the only varying parameters that have influence on fatigue though. 

The environment in which the object is put is non-stationary and also has great effect on fatigue. 

Therefore, it is important to map the loading condition that the component will be subjected to. 

Both the way these conditions are measured and how they are used can vary. The goal of all 

variations is the same though; namely to make sure that the vehicle and its components will live 

up to expectation, which includes not prematurely failing due to fatigue. (Richloow, 2012)  

2.3.1 Field study 

The conditions that vehicles, and their comprised systems/components, will be subjected to are 

found at the customers. Each customer has its own way of using a vehicle, which means that the 

loading each vehicle is subjected to will differ. But there is one thing that the customers have in 

common; they expect their vehicles to run for a long time. Because of this, it is important that the 

vehicles are designed to withstand all of these conditions for a satisfactory time space (individual 

for customers). (Richloow, 2012) 

 

Measuring the loads on customers’ vehicles gives an accurate image of what the vehicle and its 

components need to withstand. A vehicle is to run for years and can also be used in many different 

conditions, which means that the measured data cannot be directly assessed. Of course it is neither 

convenient nor realistic to asses each component for each complete loading history. Instead, the 

purpose of the measured data is to find an equivalent loading condition that can be used for all 

conditions that are found at the customers. (Richloow, 2012) 

2.3.2 Test track 

The main part of the fatiguing load (vibration), at least for chassis mounted components, is induced 

by irregularities in the road. A vehicle will drive along roads of different quality throughout its 

life, which is the same as saying that the vehicle will be subjected to roads with varying influence 

on its durability. The idea of a test track is to gather the demanding driving environments in one 

place to create a track that represents an accelerated, from a fatigue point of view, version of reality. 

This is illustrated in Figure 10. (Richloow, 2012) 

 

 

Figure 10. Compiling a test track from various representative road passages (Richloow, 2012) 
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A method that was used more frequently in the past, than it is now, is to drive a vehicle on the test 

track until failure occurs. Performing a complete life investigation of a single component on the 

test track is both time and cost consuming. Instead, the test track is focused on evaluating the 

vehicle as a whole and its most crucial systems. The attention paid to single components is limited 

to measuring what loads they are subjected to, mainly with accelerometers. These measurements 

can then be used for testing isolated components in test rigs instead. 

2.3.3 Test rig 

A wide variety of test rigs, that test different component properties, exist. One of the most common 

properties to investigate is fatigue since it is a very common source of failure. The purpose of 

performing tests in rigs is that the components can be closely monitored and observed during the 

test. It also offers the tester control of the conditions, which means that several different conditions 

can be assessed at one location. (Kipp, 2001) 

 

Two different rig types are used for fatigue testing, “Wöhler-rig” and shake rig. In the “Wöhler-

rig”, Wöhler-tests are performed. The purpose of a Wöhler-test is to acquire the S-N curve for a 

structure. This is achieved by subjecting the structure to constant amplitude loads and noticing for 

how long it lasts for each one. The shake rig, on the other hand, is purposed to test a structure’s 

durability in a certain vibration environment. Therefore, a prerequisite for performing a test in a 

shake rig is that a load signal has been measured and is available. The goal with the rig is to recreate 

the signal and either run it until the object fails or for as long as the component is required to last. 

Recreating the signal is accomplished with actuators and accelerometers in the same locations as 

was the case when the signal was initially measured. Some issues are related to this method though. 

A single measurement does not offer any statistical significance and it is not possible to compile 

multiple trips to increase the significance either. This means that all measurements need to be 

assessed individually which is not time effective. This in combination with the fact that it is not 

possible to accelerate these tests, the local maximum loads quickly become unrealistic, makes 

them unappealing. (Kipp, 2001) 

 

It is more common to translate a time signal to a PSD-spectrum of the vibration instead. What this 

means will be explained later (chapter 2.4.2.1 Power Spectral Density (PSD)), but simplified it 

can be explained as defining the load in the frequency domain instead of the time domain. Steering 

the rig according to this is found to be more satisfactory since it eliminates the shortcomings found 

for using the time signal. It has been found that big populations can be represented by smoothened 

individual spectrums. It is also possible to accelerate tests built on PSD-spectrums, an area which 

has been researched and mapped. (Kipp, 2001) 

2.3.3.1 Accelerated test 

Accelerating a test is to increase the loading so that the damage for a certain time history can be 

acquired in a shorter time. The idea is built on the fact that an increased vibration amplitude, hence 

energy as well, leads to a linear stress increase. Because of this, the principal is valid for physical 

testing as well as virtual testing. (Richloow, 2012) 

 

It is possible to calculate the new load according to 

 

 

𝑖𝑇 = 𝑖0√
𝑡0
𝑡𝑇

 (4) 

 

where iT and i0 is the intensity (in root-mean-square acceleration) of the accelerated and original 

test. The value underneath the square root sign is the time reduction and hence also the acceleration 

factor. (Young, 1993) By using this expression, accelerating a test with a factor of five is 
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represented by a minor translation upwards in the PSD-spectrum. This means that the peak loads 

will not increase rapidly. Figure 11 visualizes the impact of test acceleration with a factor of five. 

 

 

Figure 11. PSD-spectrum (lower curve) with corresponding spectrum for an accelerated test 

(upper curve) (Kipp, 2001) 

2.3.4 Virtual test 

Virtual testing is what the ongoing evolution of product development, the wish of increased 

implementation of SDPD, is based on. This field is growing stronger and stronger within most 

leading companies and today it is possible to perform virtual tests that are equivalent to the 

previously explained physical ones (chapter 2.3.2 Test track & 2.3.3 Test rig). Different software 

offer different capabilities that can be utilized at different steps in the product development. It is 

possible to assemble complete vehicles and run them over different roads, for example extracts of 

a test track (see Figure 12). 

 

 

Figure 12. Simulation of a vehicle on a test track (Smith, 2014)  

The capability to measure a wide range of parameters is offered during these simulations (Smith, 

2014). Measured loads can either be incorporated in a test rig or be used for further virtual 

investigations. 

 

Other software can be used to estimate the fatigue of a component. Internal loads in a component 

are found with help from the external loads, which are used as input. The internal loads are then 

used to perform a fatigue analysis, which is based on load cycles and material properties. More 

detailed information on various fatigue estimation methods that can be used for performing virtual 

fatigue analyses are found in a later chapter, 2.6 Fatigue dimensioning. 
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2.4 Signal analysis 

In order to understand how loads are represented, an essential understanding of signal analysis is 

needed. A signal can be defined as a description of a parameter’s behaviour, for example over 

time. An example is seen in Figure 13 where a deterministic (follows a determined pattern, sine 

wave in this case) signal is found. 

 

 

Figure 13. Periodic signal (Richloow, 2012) 

The area under the curve is interesting when it comes to analysing a signal’s content. As seen in 

Figure 13, the area is zero for every cycle for periodic signals that have a mean value of zero (the 

two red zones are cancelled out by each other). Because of this, the energy of a signal is defined 

as the area underneath the signal squared, see Figure 14. (Richloow, 2012) 

 

 

Figure 14. Periodic signal squared, its energy is marked in red (Richloow, 2012) 

This gives an expression for the energy of a signal, Ex, as 

 
𝐸𝑥 = ∑ |𝑥(𝑛)|2

∞

𝑛=−∞

, (5) 

 

where x(n) is the function of the signal. Power, Px, is defined as the energy over time, which gives 

an expression according to 

 

 

𝑃𝑥 = lim
𝑁→∞

1

2𝑁
∑ |𝑥(𝑛)|2
𝑁−1

𝑛=−𝑁

. (6) 

 

But this implies that a periodic signal would have infinite power, which is not compatible with 

reality. Therefore, the power is calculated per cycle instead, which gives the power as 

 

 

𝑃𝑥 =
1

𝑁
∑|𝑥(𝑛)|2.

𝑁−1

𝑛=0

 (7) 

 

Another signal parameter of great interest for this project is the root-mean-square value (RMS-

value). As the name of the parameter implies, it is the square-root of the squared mean value of 

the power and can be used as a measurement of a signal’s total strength. The RMS-value is found 

as (Prandoni & Vetterli, 2008) 
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𝑥𝑅𝑀𝑆 = √
1

𝑁
∑|𝑥(𝑛)|2
𝑁−1

𝑛=0

. (8) 

 

2.4.1 Stochastic signals 

A stochastic signal is the same as a random or non-deterministic signal, which for example can 

represent a varying load (see chapter 2.2.1 Cyclic load). This means that the exact value that it will 

attain at every time step is not known. Instead, what is characteristic of a stochastic signal is that 

it is known within what range the value will lie at a certain time. (Allen & Mills, 2004) This is the 

same as saying that different time signals will be obtained every measurement. But if the signal is 

reasonably long, the statistics of each time sample should be constant. Describing a signal of this 

nature can only be done in probabilistic terms. (Bishop & Caserio, 1999) 

 

A stochastic signal is normally expressed in terms of a probability density function (PDF). The 

objective of PDF is to define the probability of a variable obtaining a certain value. To accomplish 

this for a random signal, all values of it are read and divided into groups containing certain ranges. 

This process can be visualized with a histogram, see Figure 15. 

 

 

Figure 15. Histogram of a stochastic signal (Richloow, 2012) 

Each group with values within a certain range is represented by a bar and the height of it indicates 

how many values that were found within that range. In order to get the probability of each bar (the 

signal obtaining a value within the bar’s range), the number of values within it is divided by the 

total amount of values. If a variable is assessed multiple times and the range of the bars approach 

zero, a continuous function called PDF is acquired (see Figure 16). 

 

 

Figure 16. Probability density function of a stochastic signal (Richloow, 2012) 
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It can be seen in the plot that the PDF has probability and not quantity on the y-axis. This enables 

the probability for a signal taking a value within a certain range being found as the area under the 

curve for that range, see red area in Figure 16. Therefore, no probability for an exact value can be 

found since the probability would be zero when the width of the area under the curve is zero. 

(Broch, 1968) 

2.4.1.1 Irregularity, peaks and zero crossings 

Two of the most important parameters, from a fatigue analysis standpoint, of a stochastic signal 

are the number of peaks (E(P)) and (upward) zero crossings E(0). A visualisation of these 

parameters is found in Figure 17. A zero crossing is not necessarily when a signal crosses zero (as 

in Figure 17); it is when the mean value of the signal is crossed. 

 

 

Figure 17. Peaks and zero crossings of a signal (Bishop & Caserio, 1999) 

These parameters can be used to express the irregularity of a signal as 

 

 
𝛾 =

𝐸(0)

𝐸(𝑃)
. (9) 

 

The irregularity factor, γ, is used as an indicator of signals’ bandwidth. An irregularity factor that 

approaches a value of one indicates that each peak is followed by a trough, which is the same as 

saying that the signal is narrow banded. A value close to zero, on the other hand, is significative 

of wide banded signal. (Bishop & Caserio, 1999) 

2.4.2 Signal processing 

Signal processing covers the theory of how to, with mathematical methods, represent, transform 

and manipulate signals and their information. Through this technique, it is possible to map and 

transfer a signal between different domains, for example from time to frequency domain. A domain 

indicates what the independent parameter of the signal is. (Richloow, 2012) This capability is of 

great interest within the field of fatigue analysis and focus will be put on how to create a PSD-

spectrum of a signal’s content.  

2.4.2.1 Power Spectral Density (PSD) spectrum 

Fourier found that any periodic signal could be decomposed into a series of harmonic signals (sine- 

or cosine functions) with different phase, frequency and amplitude (see Figure 18).  
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Figure 18. Periodic signal split up into harmonic signals 

Random loads, which are of greatest interest in this project, are not periodic and can therefore not 

be expressed by a definite combination of harmonic signals. Main focus for these signals is put on 

amplitude and frequency. The phase is relatively unimportant since stochastic signals are supposed 

to be statistically stationary. Therefore, the amplitude spectrum (amplitude against frequency) is 

valid for random loads as well. Two steps need to be performed in order to generate an amplitude 

spectrum from a random signal. 

1. Firstly, the signal is filtered so that a signal that only contains the wanted frequency 

harmonics remain. 

2. Secondly, the average amplitude of the signal is to be measured. But since the signal 

contains both positive and negative values, its average will tend to zero. To overcome this, 

the signal is multiplied by itself (technique borrowed from statisticians). This leads to the 

average representing the mean-square amplitude. 

In order to generate a plot with mean-squared amplitude against frequency these two steps have to 

be repeated. This time, the steps are performed through a discrete range of frequencies and the 

change in mean-squared amplitude is calculated over each step. The result of this is a Power 

Spectrum, see Figure 19. (Halfpenny, 2014) 

 

 

Figure 19. Power spectrum 

Generating a continuous curve from the Power Spectrum is done by dividing the power values by 

the steps between the assessed frequencies. The result of this is the so called Power Spectral 

Density (PSD) function, see Figure 20. The unit on the y-axis is the assessed entity squared per 
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frequency. This leads to the area under the curve representing the squared mean of the signal and 

the root of this being its RMS-value. 

 

 

Figure 20. PSD of the Power Spectrum in Figure 19 

In order for a PSD-spectrum to be valid, the time signal needs to fulfil certain demands. It needs 

to be stochastic and statistically stationary. Furthermore, it has to be both ergodic (a segment of 

the signal should have the same statistical values as the complete signal) and normally distributed. 

Even though these are demands, usage of PSD is still deemed to be valid as long as a majority of 

them are met. (Prandoni & Vetterli, 2008) 

 

Analysis of a PSD-spectrum can give information regarding a wide variety of parameters. For this 

project the focus is put on the spectral moments. They are of great interest for fatigue analysis in 

the frequency domain since they are used to highlight important correlations between the time and 

frequency domain of a random process. The spectral moments, Mn, are expressed as 

 

 

𝑀𝑛 = ∫ 𝑓𝑛𝐺(𝑓)𝑑𝑓

∞

0

 (10) 

 

where f is the frequency and G(f) is the PSD-function. In theory, an infinite amount of spectral 

moments are needed to describe the correlation between the two domains, but using only the first 

four have been found to provide sufficient information for a fatigue analysis. One of the important 

capabilities the spectral moments offer is to express the number of peaks, E(P), as 

 

 

𝐸(𝑃) = √
𝑀4

𝑀2
 (11) 

 

and zero crossings, E(0), as 

 

 

𝐸(0) = √
𝑀2

𝑀0
. (12) 

 

The spectral moments and these two parameters are of great interest for performing a fatigue 

analysis in the frequency domain, which will be explained later (chapter 2.6.2.2 Frequency 

domain). (Braccesi, et al., 2005)  

 

Since the irregularity of a signal is expressed as number of zero crossings divided by the number 

of peaks (equation 9), it is also possible to determine the bandwidth of a signal with the spectral 
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moments. Another, more intuitive way of determining the bandwidth is simply to look at the PSD-

spectrum. Since the bandwidth is a measurement of the frequency range in a signal, it can be found 

by investigating the range in the PSD. The peaks in a PSD of a narrow band signal are closely 

gathered (often only one peak), which is opposite to a wide band signal which has peaks that are 

spread out over the frequency plane. A comparison of the resulting PSDs for these two types of 

signals is seen in Figure 21. 

 

 

Figure 21. Comparison of PSD-spectrum for narrow band signal (left) and wide band signal 

(right) (MSC Software Corporation, 2010) 

2.5 Structural dynamics 

The goal with structural dynamics is to model loading, structural parameters and material 

parameters as realistically as possible. (Schuëller, 1991) This area is of great interest within fatigue 

analysis as structures’ response to external loads is what determines their fatigue behaviour. This 

chapter will focus on structures’ behaviour in form of eigenfrequencies and damping and how to 

extract information regarding this. 

2.5.1 Eigenfrequencies and eigenmodes 

All physical objects have eigenfrequencies that depend on their properties, for example geometry, 

mass (m) and stiffness (k). An eigenfrequency is a frequency at which a structure “wants” to 

oscillate and therefore also will vibrate with if it is allowed to oscillate freely. (Berglund, 2005) 

The speed for this free oscillation is expressed as 

 

 

𝜔𝑛 = √
𝑘

𝑚
 (13) 

 

for a system without damping and as 

 

 𝜔𝑑 = 𝜔𝑛√1 − 𝜉2 (14) 

 

for dampened systems. (Janhunen & Mikus, 2010) ξ is the relative damping, which will be 

described in the next chapter (2.5.2 Damping). An external load that lies close to an undamped 

object’s eigenfrequency can lead to the object oscillating, in theory, with infinite amplitude. This 

is called resonance and can be very harmful. But saying that loading close to an eigenfrequency 

always is disastrous is not completely true, because all systems have losses (damping). Therefore, 

the eigenfrequencies are of both great importance and interest when designing a system or 

component. The goal is always to avoid resonance. But if loading close to an eigenfrequency 

occurs, it could also be relevant to study the oscillations and try to oppose them by introducing 

suitable damping. This method is not recommended though. 
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Each eigenfrequency has a corresponding eigenmode which includes a mode shape. Mode shapes 

describe different configurations that the structure naturally displaces into. This is the same as 

saying that they describe how the structure will oscillate for each eigenfrequency. (Kalny, 2013) 

The first three mode shapes of a beam that is clamped in one end and simply supported in the other 

are presented in Figure 22.  

 

 

Figure 22. First three mode shapes of a beam (Janhunen & Mikus, 2010) 

The mode shapes for an as simple geometry as this one can be found numerically. But reality 

normally is not basic and finding the natural behaviour (eigenfrequencies and eigenmodes) of 

structures is generally complex and cannot be achieved numerically. At least not with great 

precision. 

2.5.2 Damping 

As well as eigenfrequencies, all physical objects also have built in damping that mainly consists 

of frictions within and between materials. This damping controls how heavily the object will 

oscillate and therefore also is the most important parameter for preventing resonance. Without 

damping, the amplitude of a structure’s oscillation would be constant, but in reality it decreases as 

in Figure 23. The reason for this is damping. 

 

 

Figure 23. Damping reduces the amplitude of a structure’s oscillation (Janhunen & Mikus, 

2010) 



 32 

The damping of a SDOF-system consisting of a mass connected to a spring and damper is 

dependent of mass, stiffness and a parameter called critical damping, Ccr. Critical damping is found 

as 

 

 𝑐𝑐𝑟 = 2√𝑘𝑚. (15) 

 

The relationship between this critical damping and the actual damping, C, according to 

 

 𝜉 =
𝑐

𝑐𝑐𝑟
 (16) 

 

gives the relative damping, ξ. This parameter is used to describe what damping that will occur and 

how the oscillations will proceed. A relative damping of zero (ξ=0) indicates that a system lacks 

damping and will oscillate with constant amplitude. The relative damping is almost always below 

one (ξ<1). This means that the system is under dampened and the oscillations will decrease for 

every period until equilibrium is regained. A value of more one (ξ>1) gives an over dampened 

system. This type of damping erases all oscillations; instead the response slowly decreases until it 

reaches equilibrium. The final type of damping gives a critically dampened system (ξ=1). This 

damping reminds of over damping, but instead of decreasing slowly the system regains balance 

after exactly one period. The response (oscillation) of systems with all of these different damping 

types is visualized in Figure 24 below. (Janhunen & Mikus, 2010) 

 

 

Figure 24. Comparison of the effect of different relative damping values (Richloow, 2012) 

Most physical structures have a relative damping between 0.01 and 0.1, which means that they 

oscillate with decreasing amplitude. 

2.5.3 Modal analysis 

Knowing the dynamic characteristics, at what frequencies the eigenfrequencies lie and what the 

mode shapes look like, is of great importance when designing components and systems. Lacking 

knowledge on what loads that are extra harmful to a structure and what damping that is optimal to 

cancel out eventual resonance can lead to poor designs that will not live up to expectation. 

 

The process of determining a system’s dynamic characteristics in form of eigenmodes, called 

modal analysis, is therefore of great interest. Investigation of a structure’s response under 

excitation is used to formulate a mathematical model of its dynamic behaviour. The mathematical 

model, called modal model, can be found through either physical experiments or numerical finite 

element analysis. (He & Fu, 2001) 
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2.5.3.1 Modal testing 

Modal testing is an experimental way of performing a modal analysis of a vibratory system. The 

theory behind the method is to find the relationship between the vibratory response at one location 

in a structure and an excitation at the same or another location as function of excitation frequency. 

This relationship is called the frequency response function (FRF) and is generally found to be a 

complex mathematical model. An example of a FRF is visualized in Figure 25. 

 

 

Figure 25. Frequency response function (Kurth, u.d.) 

A modal test requires multiple combinations of excitation, response and locations in order for a 

modal model to be derived. The amount of FRFs that is required to derive the model alternates 

with testing method, but generally it can be said that the more FRFs that are extracted the more 

precise the modal model will become. (He & Fu, 2001) 

2.5.3.2 Virtual modal analysis 

It is possible to perform an equivalent modal analysis in a virtual environment. Today, FEM 

software offers the capability of performing a modal analysis. The only input that is required, 

beside geometry and material properties, is damping settings for all modes. A damping value that 

is 10 % off leads to approximately a factor 2 error in a durability evaluation (Fischer & Witteveen, 

2000). This in combination with complexity and uncertainty of the structure leads to this virtual 

analysis not being fully representative of reality. (He & Fu, 2001) But this method is still widely 

implemented. Performing an experimental test is, in contrast to a virtual analysis, both resource 

demanding and requires a physical prototype of the structure. It is deemed that the results of virtual 

analyses are satisfactory in relation to the resources they require. 

2.6 Fatigue dimensioning 

Dimensioning with regard to fatigue is useful for most components that are found in dynamic 

environments. In order to execute it, information of external loading is required. It is possible to 

estimate the behaviour of the external loading. The risk is that the precision of the analysis will 

suffer severely from this though. For example is it not possible to foresee random load cases. 

Because of this, the general way to go is to measure loads either physically or virtually (as 

mentioned previously). With the loads in place, the fatigue dimensioning can be initiated. 

 

Fatigue dimensioning generally includes two distinct steps, stress analysis and fatigue analysis. In 

the first analysis the stress field in a component is extracted. The stress field is then used to perform 

the fatigue analysis, from which an estimation of the damage is acquired. 
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2.6.1 Stress analysis 

A stress analysis can be performed in either the time domain or frequency domain. Various 

methods exist for both domains and a selection of these are presented below. Regardless of what 

method that is selected it is custom to perform the analysis in an FEM-software. 

2.6.1.1 Quasi-static 

The idea of this method is to replace transient load history with static loading. The history can 

consist of, theoretically, an infinite amount of load histories (segments) and each of these load 

segments are replaced by a static unit load. The static unit loads act at the same locations and in 

the same directions as the transient loads. Individual stress analyses are performed for all of the 

static unit loads. The stress fields that are found for the unit loads are then multiplied to the 

corresponding load histories, which give dynamic stresses. Superposing the dynamic stresses then 

gives the total dynamic stress history. (Haiba, et al., 2002)  

2.6.1.2 Transient dynamic 

This method is usually used to calculate stress history for structures that are dynamically loaded. 

The purpose of the method is to determine a structure’s behaviour when subjected to dynamic 

loading. Two variations of this method are commonly found in commercial FEM-software; namely 

the direct transient method and the modal transient method. (Haiba, et al., 2002) For the direct 

transient method the complete coupled equations of motion are solved through numerical 

integration. Therefore, this method requires a lot of resources.  

 

The main purpose of the modal transient method is to perform the same analysis at the cost of less 

resources. As the name implies, the modal method utilizes the mode shapes of the structure. By 

solving the modes individually the equations of motion are reduced and uncoupled, which saves 

resources. The final result is then found through superposition of the individual modal responses. 

(MSC Software Corporation, 2011) 

2.6.1.3 Harmonic 

A structure that is subjected to a sinusoidal load will get a response of a varying stress with the 

same frequency. The fact that the load is proportional to the stress gave rise to the idea of a transfer 

function. The relationship between the load and stress is expressed with a frequency response 

function (FRF). This transfer function is used to predict the amplitude of the stress by multiplying 

the amplitude of the load to the function’s local value corresponding to the load’s frequency. 

Furthermore, if a PSD-spectrum of the load is available it can be multiplied to the transfer function 

and give a PSD of the stress. This means that the stress would be in the frequency domain as well. 

(Haiba, et al., 2002) 

2.6.2 Fatigue analysis 

The goal of the fatigue analysis step is to convert the obtained stress data into a damage estimation. 

The outline for this is to map the loading and then compare it to the structure’s fatigue properties. 

It is possible to perform this in both the time domain and frequency domain. (Haiba, et al., 2002) 

2.6.2.1 Time domain 

Performing a fatigue analysis in the time domain utilizes cycle count and S-N curve. It is exactly 

as explained previously in the report. The cycles and their stresses are calculated according to 

optional technique, rainflow method is most widely used, and then the damage estimation is found 

according to Palmgren-Miner’s rule. Fatigue analysis in the time domain is found to be the most 

accurate, but it requires a lot of resources in comparison to the frequency domain methods. 

(Quigley & Lee, 2012) 
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2.6.2.2 Frequency domain 

Estimating the damage from stresses in the frequency domain (PSD of stress) is also built on cycle 

counting and S-N curves. The difference is that processing is needed in order to get the data on a 

form that allows the techniques to be utilized when the analysis is performed in the frequency 

domain. A variety of methods, varying in complexity, for generating cycle information from 

frequency domain analyses, enabling a rainflow cycle count, exist. 

Bendat 

Bendat’s method, proposed in 1964, was the first frequency domain method. It showed that the 

PDF of peaks for a narrow banded signal tended to a Rayleigh distribution as the bandwidth 

decreased. This in combination with assuming that all peaks would be followed by troughs of 

similar magnitude led to the PDF of stress range also tending to a Rayleigh distribution. An 

estimation of the number of cycles, N, of each stress range, S, occurring in t seconds was then 

expressed as 

 

 
𝑁(𝑆) = 𝐸(𝑃)𝑡 [

𝑆

4𝑚0
𝑒
−

𝑆2

8𝑚0], (17) 

 

where the expression within the brackets is the Rayleigh distribution. The other variables are the 

expected number of peaks (E(P)) and the first spectral moment (M0) and expressions for these are 

found in chapter 2.4.2.1 Power Spectral Density (PSD) spectrum. A major problem with this 

method is that it is only suited for narrow band signals. The assumption regarding troughs 

following the positive peaks leads to conservative results for wide band signals. (Halfpenny, 1999)  

Steinberg 

Steinberg’s method focused on broad band signals and was developed as a complement to Bendat’s 

method. It was found that a broad band time series tend to a Gaussian distribution and not a 

Rayleigh one. Steinberg assumed that the PDF of stress range also would tend to a Gaussian 

distribution, from which he proposed a method based on multiples of the RMS-value of the stress 

PSD-spectrum. (Halfpenny, 2010) This resulted in the number of cycles being expressed as 

 

 
𝑁(𝑆) = 𝐸(𝑃)𝑡 |

0.68 × 2𝑅𝑀𝑆
+0.271 × 4𝑅𝑀𝑆
+0.043 × 6𝑅𝑀𝑆

. (18) 

 

This is the same as saying that 68 % of the stress cycles will have a value of 2 times the RMS 

stress, 27.1 % will be the RMS multiplied by four and the rest (4.3 %) will reach a value of six 

times the RMS. This means that no stress cycles with a greater value than six times the RMS 

amplitude will occur according to this method. (Bishop & Caserio, 1999) 

 

Dirlik 

The first method that was insensitive to the bandwidth was Dirlik’s method. Dirlik realised that 

the PDF of peaks is not the same as the PDF of rainflow range. By performing extensive 

simulations in which he strived to minimize the normalized error between the rainflow range and 

his own model (Cebon & Fu, 2000) he came up with an empirical solution for estimating the PDF 

of rainflow range. (Halfpenny, 2010) It turned out that the best way of expressing the PDF of 

rainflow range was by summing an exponential function and two Rayleigh functions (one standard 

and one with a variable Rayleigh parameter). What a typical curve of cycles versus load for Dirlik’s 

method looks like is presented in Figure 26. The contributions of the three different functions are 

also seen in the plot. (Quigley & Lee, 2012) 
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Figure 26. Dirlik cycles together with its contributing functions (Quigley & Lee, 2012) 

The curve is mathematically expressed as 

 

 𝑁(𝑆) = 𝐸(𝑃)𝑡𝑝(𝑆), (19) 

 

where p(S) is expressed according to 

 

  

 

𝑝(𝑆) =

𝐷1
𝑄 𝑒

−𝑍
𝑄 +

𝐷2𝑍
𝑅2

𝑒
−𝑍2

2𝑅2 + 𝐷3𝑍𝑒
−𝑍2

2

2√𝑀0

. (20) 

 

All variables can be expressed in terms of spectral moments (Mi) and the expressions are found in 

Appendix B. (Cebon & Fu, 2000) 

 

Even though this method contains a lot of equations and variables it is still deemed to be fairly 

convenient to implement since only the spectral moments are required to solve it (Halfpenny, 

1999). It is also considered to be one of the most accurate methods and is commonly used for 

automotive purposes even though further improvements of the method exist. According to Mrsnik 

et al. (2013), a method called enhanced Zhao-Baker method is the optimal method for automotive 

industry, but it does not outperform Dirlik’s method by much. 

2.7 Fatigue analysis methods at Scania 

Several different methods are used for fatigue analysis of components within Scania. Some of 

these methods have been developed within Scania and some are more general and applied within 

numerous companies. What method that is used for what case depends on what component that is 

to be analysed (there are different methods for chassis - and engine mounted components) and who 

is performing the analysis. Both methods that presently are used for either chassis mounted or 

engine mounted components will be included in this project, some variations in the implementation 

of them will also be regarded. A closer look at the theory behind the analysis methods that are to 

be investigated during this project follow. 
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2.7.1 Static loads 

The idea of this method is to replace a random load history with a periodic load with constant 

amplitude. A variety of versions, that are application dependent, exist for this analysis method. 

What differentiates the methods from each other is the magnitude of the cyclic loads. All cyclic 

loads (one positive and negative along each principal axis) are case independent and have been 

determined through iterative testing. The loads are supposed to represent a condition in which a 

chassis mounted component should withstand a certain amount of cycles. If all stress amplitudes 

are below the component’s limiting stress at the specified amount of cycles, it can be concluded 

that the design is satisfactory without acquiring an actual damage estimation for the total amount 

of cycles. 

 

A major shortcoming of this analysis method is that eigenfrequencies are not taken into account, 

which means that resonance is overlooked. In order to compensate for this a mode analysis is 

usually performed and it is investigated whether eigenfrequencies are found within a specified 

critical range. 

 

This is a commonly used method when analysing chassis or engine mounted components. The 

main reason for this is its case independency, which leads to it being both easily and quick to 

perform. It is known, and taken into account, that this analysis is not fully reliable and the purpose 

of it is to give an indication of a component’s potential to complete a test in rig.  

2.7.2 Dimensioning force calculated from dynamic properties and PSD-
spectrum of accelerations 

An in-house analysis method that was developed, in the early 90’s, in an attempt to move from 

analysing chassis components physically to doing it virtually. For this analysis method, it is 

assumed that the analysed component is a SDOF system represented by a mass connected to a 

spring and a damper. The damage this system experiences is then estimated for both being objected 

to a Wöhler-test and for being mounted in vehicle. Visualisations of these systems are found in 

Figure 27. 

 

 

Figure 27. Single DOF systems of Wöhler-test (left) and test drive (right) (Mattola, 1990) 

The damage of these two systems are supposed to be identical, a correlation that enables a 

calculation of a dimensioning force. All variables that are required for this calculation are found 

in Table 1. 
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Table 1. Variables needed for damage calculations  

Variable Description 

m Mass of component 

k Spring coefficient 

c Damping 

z Displacement of component 

σz-y Standard deviation of displacement 

F Outer load (amplitude) 

y Displacement of frame 

f Eigenfrequency 

ξ Damping ratio 

W Acceleration PSD value at eigenfrequency 

nw Cycles in Wöhler-test 

nt Laps around test track 

tt Time for a test track lap 

e Slope in Wöhler-curve 

 

The damage is found as 

 

 
𝐷𝑤 = 𝑛𝑤 (

𝑧

𝑐
)
𝑒

 (21) 

 

for the Wöhler-test and as 

 

 
𝐷𝑑 = 𝑛𝑑𝑡𝑑𝑓0 (

𝜎𝑧−𝑦

0.46𝑐
)
𝑒

 (22) 

 

in the vehicle. All variables are known except the displacement and the standard deviation of the 

displacement. They are expressed as 

 

 
𝑧 =

𝐹

4𝑚𝜋2𝑓0
2 (23) 

 

and 

 

 

𝜎𝑧−𝑦 =
1

8𝜋
√

𝑊0

𝜋𝜉𝑓0
3 (24) 

 

respectively. All of this leads to a dimensioning force being found as 

 

 

𝐹𝐴 =
𝑚

0.46
√
𝜋𝑓0𝑊0

4𝜉
(
𝑛𝑑𝑡𝑑𝑓0
𝑛𝑤

)

1
𝑒
. (25) 

 

If the component survives this load being assessed for nw cycles in its centre of gravity, it will 

survive nt laps around the test track. This analysis is performed for one principal direction at a time 

and the requirement is that all directions are survived. (Mattola, 1990) 
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2.7.3 Dynamic simulation with PSD of accelerations as input 

This analysis method is built on the usage of a PSD-spectrum and focuses on evaluating a 

structure’s response to it. What stresses a PSD-spectrum of acceleration will give rise to in a 

structure is determined with the help of its frequency response functions. The FRFs, each node has 

its own function, are found in a modal analysis and are then used to recalculate the PSD-spectrum 

of acceleration into PSD of stress. This stress calculation is visualized in Figure 28. 

 

 

Figure 28. Using FRF to find PSD of stress 

There are two different ways of interpreting the severity of the stresses. The first alternative is to 

estimate the maximum stress amplitude and comparing it to the fatigue limit. The estimation of 

the maximum stress is found by scaling the RMS-value of the PSD-spectrum of stress with a factor 

of 3.5. This factor is supposed to correspond to the relation between the RMS-value and maximum 

stress amplitude.  

 

Alternative two is to generate a stress history in the time domain from the stress PSD. This is done 

with a frequency domain fatigue analysis method, preferably Dirlik’s method (see chapter 2.6.2.2 

Frequency domain). Individual damage estimations are generated for each principal direction. It 

is assumed that the worst damage for the different directions is not found in the same area. This 

leads to the requirement of the analysis being that failure is not allowed for any direction. 

(Tjernberg, 2011) 

  

  



 40 

2.7.4 Superposing modal stresses 

The theory behind modal superposition is that all states of a component or system can be expressed 

as a combination of its eigenmodes. The concept is visualized in Figure 29. 

 

 

Figure 29. Modal superposition (Kalny, 2013) 

Modal coordinates indicate how much of each mode that is present in each state (Wright & Cooper, 

2007). These coordinates multiplied to their respective mode shapes and then summed gives the 

actual deformation (state) of a structure. (Paultre, 2010) 

 

This method can be used to accurately determine the deformation of a structure. But in order to 

get correct values, all eigenmodes of a system need to be included in the analysis. This is never 

fulfilled in reality since it would demand too much resources. The analysis can be performed with 

sufficient accuracy even if only a selection of the modes is included though. Each state is normally 

dominated by some of the modes, the first ones, and as long as none of these influential modes are 

left out, the analysis will still perform well. (Braccesi, et al., 2005) The reason for the first modes 

usually being dominant is that they are most natural to a structure, a structure’s tendency for its 

eigenmodes decrease with increasing eigenfrequency. 

 

But as the name of this method implies, the focus is put on modal stresses and not deformations. 

Modal stresses are the stress fields that correlate to the modal deformations. Individually they do 

not represent anything of interest but treated in the correct way as a unit they can deliver stress 

fields for a structure’s different states. In order to acquire values for the modal stresses, each mode 

is given a unit deformation. The stresses corresponding to these unit deformations are of interest 

as it is them that are scaled with the modal coordinates later on. Modal coordinates for the 

deformation, in respect to the unit deformations, are then extracted. But instead of superposing the 

deformations, the modal stresses are scaled with these coordinates and then superposed. Even 

though the stresses do not give reasonable information by themselves, it has been found that the 

superposition of them generates accurate results. (Kurowski & Kurowski, 2009) 

 

For this method to be precise, an accurate damping value is needed for every mode. Since, as 

explained in chapter 2.5.2 Damping, every mode has losses (damping) it is of great importance to 

get these values right since they will strongly affect the structure’s dynamical behaviour. (Paultre, 

2010) If information regarding the damping is missing, Scania has a standard value that is assumed.  
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3 PROCESS 

In this chapter, the working process of the project is described. First of all is the component to be 

investigated selected and the physical testing of it explained. The rest of the chapter explains all 

the modelling work that was performed during the project. Individual evaluation with focus on 

robustness is also included for the various fatigue analysis methods. 

3.1 Component 

Before the analyses could be started, what component that was to be investigated had to be 

selected. The requirement specification that is presented in Appendix A was set up and used as 

foundation for the decision. This resulted in a frame bracket for an inverter, which has been fully 

developed within the group and therefore knowledge of it exists. But the final decision was based 

on the fact that it is one of few chassis mounted components, without welds, for which any physical 

testing had been performed. The component is seen in Figure 30, where it also is pointed out where 

it is connected to the frame, which is done with bolts. 

 

 

Figure 30. Frame brackets 

It can be seen that there are two, mirrored, frame brackets. Their purpose is to hold another bracket, 

which has direct contact with the inverter (hence called inverter bracket). These three brackets are 

connected through two bolts; spacers are used to make sure that the parts are not deformed by the 

tightening of the bolts. The inverter bracket has five more bolt holes that are used for mounting 

the inverter. The complete system and how it is assembled is presented in Figure 31. Something 

that is left out of this drawing is a set of cables that are connected to the inverter. These cables 

were left out of the project’s analyses as they were believed to, relatively speaking, add more 

complexity than they would improve quality. 
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Figure 31. Complete inverter system 

In order to study the frame brackets, the adjacent components need to be taken into account as 

well. All of them are closely connected and will have great influence on each other. Therefore, 

information regarding all three components will be used in the analyses. The two brackets, frame 

and inverter bracket, are laser cut from sheets of class 35 steel, which has a yield strength of 355 

MPa. The inverter bracket is 4 mm thick and the frame brackets are 5 mm thick. 

 

The inverter is the biggest and heaviest component in the system, with its 22 kg. This means that 

it will have the greatest influence on the vibration loads that arise in the system. The centre of mass 

of the inverter will be of interest for the analyses. Where it is located can be seen together with the 

inverter’s outer dimensions in Figure 32. 

 

 

Figure 32. Outer dimensions and centre of gravity (red measurements) of inverter 

3.2 Physical testing 

The component has been tested in test rig. A shake rig was used to recreate frame accelerations 

that had been measured in a real vehicle. The vehicle was driven over passages found on Scania’s 

test track. The passages are designed to resemble roads for which the component is not allowed to 

show any visible damage after a certain amount of laps. Three different passages (S1, S4 and S5) 

were driven, but one of them (S4) was omitted in the test rig because of its restricted influence. 

During the drive the accelerations that arose in two locations at the inverter and one at the frame 

were measured. A sampling frequency of 1 000 Hz was used. 
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The goal of the test rig is to recreate an equivalent loading environment and run it for the amount 

of cycles the test track is designed for. In order to run the test in a convenient manner, a PSD-

spectrum is generated from the time signal and used as foundation when running the test rig.  

3.2.1 Test set up 

The test was performed in a four channel shake rig. The rig consists of a truck frame that is 

connected to four hydraulic actuators, two vertical and two horizontal. For this test, the inverter 

system was mounted on a small piece of the bus frame that in turn was attached to the truck frame. 

Two aluminium distances were used for the mounting of the bus frame to the truck frame, see 

Figure 33.  

 

 

Figure 33. Test set up 

Accelerometers were positioned at the same locations as was the case in the vehicle that was run 

on the test track. The purpose of these is to make sure that the test rig generates the same vibration 

environment that the test track did. The actuators’ signals were iteratively adjusted until the PSD-

spectrum of the accelerometers’ signals had approximately the correct outline. 

3.2.1.1 Test quality 

Scania use two values for evaluation of the resemblance of the test rig signal and wanted signal, 

from the test drive. The results, which are calculated along all principal directions for every 

accelerometer, for the first of these is presented in Figure 34. 

 

 

Figure 34. First quality checking parameter (Gelin, 2013a) 
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The aim is 100 % and for the signal to be deemed good it should not diverge with more than 10 % 

and if it misses the mark with more than 15 % it is deemed to be a poor simulation. As seen, most 

of the values lie within the acceptance criteria (not poor), but only half of them gave good signals. 

It is noticeable that the worst accuracy was acquired for the accelerations in z-direction. The results 

for the second parameter are shown in Figure 35. 

 

 

Figure 35. Second quality checking parameter (Gelin, 2013a) 

For this parameter, all values that exceed 0.4 are deemed to be unsatisfactory. It shows in the plot 

that only three of the eight signals are on the verge of being satisfactory, the rest exceed the border 

value of 0.4. The worst results for this parameter was found for the signals along the x-direction. 

Even if these results were not optimal, the testing staff still deemed them to be satisfactory when 

considering the rough test set up. The test was also strengthened by calculations of test toughness 

(regarding fatigue) performed by the test staff. They found that the test track conditions and shake 

rig conditions were similar in regard to fatigue. (Gelin, 2013a)  

3.2.2 Test result 

The test was run for, an equivalent of, the amount of test track cycles that the component have to 

withstand. Throughout the test the system seemed to be okay, the only problems that occurred 

were some boltss that needed to be retightened. But when the system was dismantled from the test 

rig, one of the frame brackets split into two pieces (see Figure 36). 

 

 

Figure 36. Crack in the left (from the frame’s point of view) frame bracket during testing (Gelin, 

2013b) 
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It turned out that a bolt, which was positioned over and concealed the crack, had held the part 

together even though it was broken. Therefore it could be concluded that the component did not 

last for the required amount of test track cycles, but it could not be distinguished after how many 

cycles it had failed. (Gelin, 2013b) 

3.3 Modelling 

The fatigue analyses were to be performed in Abaqus, FEMFAT and DesignLife, therefore a model 

of the inverter structure had to be generated. The first step was to acquire CAD-models of the 

geometries, which already existed and was supplied by the engineer that designed the frame 

bracket.  

3.3.1 Abaqus (FE model) 

The models were imported into Abaqus, where it was decided that the inverter itself would be 

omitted. It was built up by hundreds of components and was left out in order to restrain the 

complexity. It was assumed that the inverter was stiff and would act as a rigid body, therefore it 

was deemed that a point mass could replace it. The point mass was kinematically coupled to the 

five attachment holes on the inverter bracket. Furthermore it was decided that shell elements could 

be used for the frame and inverter brackets since they are made out of thin plates. These 

simplifications are visualized in Figure 37. 

 

 

Figure 37. Abaqus model 

The global coordinate system of the model is also seen in Figure 37. It is along that system’s 

principal directions all fatigue analyses that are direction dependent will be performed. Table 2 

clarifies the model’s orientation in relation to the vehicle. 

Table 2. The model’s principal axes in relation to the vehicle 

Model direction Vehicle direction 

x Longitudinal 

y Lateral 

z Vertical 
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The point mass was given a mass of 22 kg and was positioned according to the inverter’s centre 

of gravity. Furthermore, the inverter’s moment of inertia about its centre of mass was calculated. 

For these calculations the geometry of the inverter was represented by a cube with the same mass 

and depth as the actual component, as shown in Figure 38. 

 

 

Figure 38. Simplification of inverter geometry for moment of inertia estimation (left – actual 

inverter geometry, right – simplified geometry) 

The moments of inertia were then calculated according to 

 

 
Ix =

1

12
m(w2 + d2) (26) 

   

 
Iy =

1

12
m(w2 + h2) (27) 

   

 
Iz =

1

12
m(h2 + d2), (28) 

 

where d is the depth of the inverter (144 mm). This resulted in the moments presented in Table 3. 

Table 3. Inverter’s moments of inertia 

Moment of inertia Value [kgm2] 

Ix 0.24 

Iy 0.38 

Iz 0.22 

 

No bolts or contacts were included in the model in order to avoid non-linearity and reduce 

complexity and computational time. Instead of the bolts that attach the frame bracket to the frame, 

the hole edges’ translational and rotational motion was locked in all directions. The connection 

between the frame bracket and inverter bracket, which is also achieved with bolts and spacers, also 

had to be simplified. 

3.3.1.1 Connection modelling 

Three different ways to resemble the bolt connection between the brackets were modelled. The 

reason for this was to evaluate whether the modelling technique influenced the outcome. If that 

was the case, it could be possible to see if any of the techniques seemed less suited for this 

structure. Three methods that are used from time-to-time within the group and adjacent groups 

were evaluated. 
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The first method used tie constraints, which completely locks surfaces to each other. Constraints 

of this kind were used in the connections between the different brackets, they were assigned around 

the bolt holes. The size of the constrained area was set to 1.5 times the diameter of the screw head, 

which is a rule of thumb for replacing bolts with tie constraints. The spacers positioned between 

the two sides of the inverter bracket were modelled as kinematic couplings between the two sides 

of the inverter bracket. This meant they would move as a unit. The model can be seen in Figure 

39. 

 

 

Figure 39. Tie constraint connection 

The spacers were modelled in the same way for the second method; only the representation of the 

bolts was changed. Instead of tie constraints the centre points of the holes were connected 

(kinematic coupling) to the edges of the holes and were then connected to each other as well. The 

appearance of this model strongly resembles the appearance of the next model, the only noticeable 

difference is the size of the area which the centre points of the holes are connected to. 

 

For the last model, the centre points were not connected to the edges of the holes but to an area 

with twice the diameter of the holes. Furthermore, the connection between the frame brackets and 

inverter bracket and the inverter bracket’s two sides was modelled as a rigid beam, which would 

fulfil the same function as the kinematic couplings did in the previous models. This model can be 

seen in Figure 40, where one of the areas that the centre points are connected to is highlighted in 

purple. 

 

 

Figure 40. Rigid beam connectors 

The three different models were compared for six different gravity loads. For this evaluation an 

overall fine mesh that had been further refined in critical areas (where results would be noted) was 

used. von Mises stress values were read and compared from the areas that are marked in Figure 

41. 
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Figure 41. Stress extraction areas for connection technique comparison 

The comparison of the results from the different models is presented in form of graphs in Figure 

42. The position indexes are the maximum stress (index 1) and the ones presented in Figure 41. 

Only graphs for three loads are included since the others did not add any information. 

 

 

Figure 42. Comparison of connection techniques (top left - gravity load along x-axis, top right - 

gravity load along y-axis, bottom - gravity load along z-axis) 

It can be seen that the results for the model based on tie constraint (blue line) differs from the other 

models’ results, which generate more cohesive results. Therefore, that model was deemed to be 

non-satisfactory and instead the choice stood between the other two. The only noticeable 

difference in the results for the two models was the maximum stress that was found in different 

locations, see Figure 43. The stresses are higher closer to the hole, which means higher stresses 

are found for the model where the constraint is set to the hole edge. 
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Figure 43. Difference in maximum stresses (left - connected to hole edge, right - connected to 

greater area) 

It is assumed that the crack propagated from the outside of the bracket and not from the screw 

hole, therefore the model with a greater area coupled to the centre of the hole was deemed to be 

more realistic. But, the location of the stresses at the perimeter of the bracket was not satisfactory. 

A comparison to the crack in the tested part showed that the maximum stress concentration was 

not found at the expected location, see Figure 44. 

 

 

Figure 44. Non-satisfactory stress concentration positioning 

Whether this misplacement was due to the simplified connections or not had to be analysed. 

Therefore, a more comprehensive model that included pre-tensioned bolts and non-linearity 

(contact), instead of constraint and couplings, between the components was generated to see if a 

better placed stress concentration could be acquired. The new model included both bolts and 

spacers and can be seen in Figure 45. 
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Figure 45. More detailed model with bolts and spacers 

The bolts were given a pre-tensioning of 28 kN and general contact was assessed to the model, 

this means that no components can intersect each other. To be able to evaluate this model, the 

analysis had to be divided into three steps. First of all, a step in which the pre-tensioning of the 

bolts are performed followed by a step where the bolts are fixed and in the final step the external 

gravity loads can be assessed. These three steps are summarized in Table 4. 

Table 4. Steps for model with pre-tensioned screws 

Step Explanation 

Pre-tensioning of bolts Bolts are given a pre-tensioning force 

of 28 kN. 

Fixating of bolts The bolts are fixed in their current 

configuration for the rest of the steps. 

Loading System is objected to external loading. 

 

When this model was evaluated, with the same mesh and was loaded in the same manner as the 

simplified models were, it was found that the stress concentration got a better positioning, see 

Figure 46. 

 

 

Figure 46. Comparison of stress field with simplified model (left) and detailed model (right) 
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Since this model showed a better stress behaviour, it was deemed to be more satisfying and it was 

decided that it would be used for the fatigue analyses. The only drawback with this, more detailed, 

model is that it will require more resources because of increased complexity. 

3.3.1.2 Mesh convergence study 

In order to ascertain that a proper mesh was used, a mesh convergence study was performed. To 

save time, the simplified model with rigid beams was used for the convergence study even though 

it would not be used for the fatigue analyses. It was assumed that the mesh convergence behaviour 

would be similar for the detailed and simplified model. 

 

All meshes were evaluated for a gravity load in positive z-direction. The element type was set to 

S4R, which is a linear shell element with reduced integration. The study was started with a coarse 

mesh with a global element size of 4 mm. Local refinements with mesh size 2, 1 and 0.5 mm 

respectively were then introduced in the areas that showed the greatest stresses (for the frame 

bracket), the same areas as for the comparison of the various connection models. The exact areas 

are shown in Figure 47. It can be seen that the inverter bracket was given the same global and local 

mesh size as the frame brackets. 

 

 

Figure 47. Areas with refined mesh (top – frame bracket, bottom – inverter bracket) 

A comparison of these meshes showed that the stresses increased for every refinement, even 

though the pace of the increase decreased rapidly. The local mesh could not be further refined 

(than a mesh size of 0.5 mm) as long as the global mesh was set to 4 mm. Therefore, the global 

mesh size was decreased to 2.5 mm for further study. Firstly it was evaluated whether this decrease 

in global mesh size would make a difference for the same local mesh size (1 and 0.5 mm). It turned 

out that the results only were dependent of the local mesh size for these global mesh sizes, see 

Table 5. 

Table 5. Comparison of different global mesh sizes (4 and 2.5 mm) 

 Local size = 1 mm Local size = 0.5 mm 

Stress Global size 

= 4 mm 

Global size 

= 2.5 mm 

Global size 

= 4 mm 

Global size 

= 2.5 mm 

1 171.22 MPa 171.21 MPa 174.82 MPa 174.84 MPa 

2 183.84 MPa 183.87 MPa 190.16 MPa 190.16 MPa 

3 153.28 MPa 153.41 MPa 156.13 MPa 156.04 MPa 
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Stress index 1, 2 and 3, in the table, refers to different locations at which the stresses were 

extracted, these locations are presented in Figure 48. 

 

 

Figure 48. Locations at which the stresses for the mesh convergence study are extracted 

The local mesh size was minimized for a global mesh size of 2.5 mm, the limit turned out to be at 

0.25 mm. This modification had effect on the stresses, but the effect was small in comparison to 

the increase in elements it introduced. This relation is presented in Figure 49, where number of 

elements is plotted against stress values for all meshes with a global size of 4 mm and the mesh 

with a local size of 0.25 mm. A mesh with a global size of 3 mm with its minimum local size of 

0.3 mm is also included in the plot. The evaluated meshes are represented by the stars along the 

curves in the plot. 

 

 

Figure 49. Mesh convergence study results 

The mesh that consist of approximately 40 000 elements (global size of 4 mm and local size of 0.5 

mm) was deemed to be appropriate to use since it seemed to have a margin of error of 

approximately 2 % even though it included less than 25 % of the number of elements that the fully 

converged mesh did. The final mesh of the shells (brackets) is seen in Figure 50. 
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Figure 50. Final mesh (top – frame bracket, bottom – inverter bracket) 

A last check to clarify whether this mesh was satisfactory was performed by varying the element 

type. Quadratic elements (S8R) and elements that were not reduced (S4) were evaluated. For these 

element types each element get four stress components instead of one homogenous stress, which 

is the case for S4R elements. It was found that similar stress values were acquired with all three 

element types. It was decided that the reduced linear elements would be retained since they require 

about one fourth of the resources that the other types would (one instead of four stress values per 

element). 

 

The components that were not included in the mesh convergence study, the bolts and spacers, were 

given a homogenous mesh with a global mesh size of 2. The element type was set to C3D8R. 

3.3.2 MBS 

The goal with the MBS was to get acceleration data for the chassis, close to the bracket, as well as 

modal coordinates for the bracket. In order to get an equivalent comparison between the real test 

and the analyses, the idea was that the simulations would be run over the same test track passages 

with a similar vehicle as was the case in real life. This was not completely fulfilled as no model of 

the bus configuration that was used in reality was available. Instead, a similar configuration with 

less ground clearance, as the most noticeable difference, was used. The simulations included the 

bus driving over two different passages (S1 and S5) and during this both accelerations and modal 

coordinates were extracted. A sampling frequency of 200 Hz was used. 

 

The load signals from MBS and test track were not identical. It was obvious that the physically 

measured plots were denser and generally fluctuated with greater amplitude. The explanation for 

this is that a lower sampling frequency was used for the measurement in ADAMS, 200 Hz in 

comparison to 1 000 Hz. Another source that builds on this difference is that a simplified driveline 

was used in the MBS, which means that more vibrations from the driveline are found in the 

physical measurements. Therefore, the graphs were not expected to be replicas of each other. But 

the ADAMS extracted and physically measured values were similar though, which indicates that 

the same routes were driven in both cases. 
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The locations that the accelerations were measured at, along all principle axes, are marked out in 

Figure 51. Mainly the results found at the frame by the mounting holes, Lower frame, was planned 

to be used throughout the analyses. 

 

 

Figure 51. Inverter attached to frame in MBS with points for data extraction marked 

The modal coordinates were saved in a matrix with time along one dimension and modes along 

the other.  

 

Minor problems were encountered for exporting the FE model to ADAMS. The FE model was 

modelled in Abaqus, but NASTRAN models are used for implementation in ADAMS at Scania. 

This meant that the model had to be converted, something that is problematic for a model with 

contact. In order to get around this problem, the areas of contact found for the pre-tensioning step 

in Abaqus were manually given tie constraints in NASTRAN. This solution gave stress reduction 

of approximately 10 % for the pre-tensioning, compared to the Abaqus model. Reworking the 

NASTRAN model until it would generate exact would be time consuming. Therefore, it was 

decided that the most convenient way to deal with this difference would be to scale the constant 

stress from the pre-tensioning during the fatigue analysis.  

3.3.2.1 PSD 

PSD-spectrums of the acceleration along the coordinate axes were generated from the time data 

acquired in the MBS. This was performed in MATLAB, where a built-in function for Welch’s 

method was utilized. It was set that each window would include 1024 samples and that they would 

overlap by 50%. These settings led to a total of approximately 14 windows. Hann distribution was 

used for these windows in order to make sure that the influence of single samples would not be 

overestimated. It was also decided that 5120, five times the window sample amount, FFT points 

would be used to calculate the PSD estimate in each window. A frequency resolution of 0.2 Hz 

was obtained with this setting. This meant that the PSD would stretch from 0.2 to 100 Hz, the 

upper limit is found as half the sampling frequency. An example of an obtained PSD is seen in 

Figure 52 where the acceleration PSD-spectrum along the vertical (z) axis is plotted for both the 

frame and the inverter. 
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Figure 52. PSD-spectrum of the acceleration for the inverter (left) and frame (right) for the 

second of the test track passages (S5) 

It can be seen that there is more energy in the inverter’s motion than in the frame’s, which is 

expected since the frame is stiffer and should vibrate less. What is not shown in Figure 52, though, 

is that the PSD-spectrum for the other frame point, the upper one, gave almost the exact same 

spectrum as the lower frame point. This is also because of the stiffness in the frame and it reveals 

that the data from any of the two points can be used during the analyses. 

 

PSD-spectrums were generated for each of the passages and for a combination of the two, all of 

these are found in Appendix C. Theoretically the fatigue should not be affected by the order the 

passages are driven as long as they are driven for an equal amount of times. Therefore, it should 

not matter whether the passages are evaluated individually and then summed up or if they are 

evaluated together. The purpose of generating PSDs for both of these cases is to analyse whether 

theory is supported by the various methods or not. 

3.4 Fatigue analysis 

With an Abaqus model in place, PSD-spectrums generated and modal coordinates acquired; the 

fatigue analyses could be performed. The methods were evaluated one at a time and the results for 

them were then to be compared. Here follows explanations of the analyses in the different software 

and their results. But first, a general description of what factors and settings that were taken into 

account for the damage estimations is presented.  

3.4.1 Damage estimation factors 

Damage estimation depends on many varying factors. In order to get a fair comparison between 

the evaluated methods, it needed to be made sure that the material settings were similar for all 

analyses regardless of them being performed in FEMFAT or DesignLife. Besides the material 

settings, it also needed to be decided what fatigue affecting factors (see chapter 2.2 Fatigue) that 

would be taken into account. The base settings for these factors were decided in FEMFAT, since 

all analyses but one would be performed in that software. This meant that for the analysis in 

DesignLife, the same settings would be attempted to be recreated.  

3.4.1.1 FEMFAT settings 

The settings for the damage analyses in FEMFAT are similar for all methods. First of all, a material 

is selected. No attempt was done to get a material that would precisely represent the material of 

the physical component. Instead a material from FEMFAT’s built-in material library was picked, 

which resulted in SAE-1024FKM2002. This material has the same yield strength as class 35 steel, 
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namely 355 MPa and has previously been used to represent class 35 steel at Scania. The default 

settings for the material were maintained with one exception. A fatigue exponent of 12 was deemed 

to deviate too heavily from the general values for steel that are about 5 to 6. Because of this, this 

value was manually changed to 5 for all analyses. It was also decided that the component would 

not have infinite life below the fatigue limit. Instead, a reduced slope was defined after the fatigue 

limit had been reached. This slope was set to be calculated according to a built-in method called 

Miner Modified. For this method, the decreased slope is found as  

 

 𝑒2 = 2𝑒1 − 1, (29) 

 

which is the initial slope multiplied by two and then that product minus one. These material settings 

would not generate an exact representation of the actual material. But as long as the same settings 

were used for all analyses, a fair comparison of the methods’ results could be achieved. 

 

Besides the material settings, the part was set to have a surface roughness of 20 µm, which is a 

realistic roughness at the edges of a laser cut part. This value is strongly dependent of cutting speed 

and power and can, theoretically, attain both lower or higher value (Kuoppa, et al., 2010). Before 

the analyses were run, stress gradient, surface roughness, technological size influence and 

statistical influence were activated under the influence factors tab. This meant that influence from 

stress concentrators, surface roughness, the thickness of the part (the smaller the tougher (Magna 

Steyr, 2005)) and a manually defined survival probability of 50 % would be taken into account in 

the analyses. The program uses these settings to adjust the component’s fatigue properties, both 

globally and locally.  

 

All general settings in FEMFAT are summarized and presented in Table 6. 

Table 6. FEMFAT settings 

Parameter Value 

Material SAE-1024FKM2002 

Slope of S/N Curve 5 

Damage Miner Modified 

Surface roughness 20 µm 

Survival probability 50 % 

Stress gradient On 

Technological size influence On 

Statistical influence On 

Surface roughness On 

 

3.4.1.2 DesignLife settings 

The goal was to recreate the FEMFAT settings in DesignLife. First of all, a new material was 

generated. The procedure of generating a material is divided into defining general information and 

creating an S-N curve. The general information includes both material properties and limitations 

of the S-N curve. It contains information regarding material type, tensile strength, elastic modulus, 

endurance limit in cycles and what stress that should be found on the vertical axis (range, amplitude 

or maximum). All these settings are found in Table 7. 
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Table 7. DesignLife material settings, general settings 

Parameter Value 

Material type  Steel (code 99 in DesignLife) 

Ultimate tensile strength 510 MPa 

Elastic modulus 207 GPa 

Endurance limit (cycles) 2E6 

Stress type Amplitude 

 

The next step was to define S-N curves, curves for different mean stresses could be defined. This 

meant that when a material is generated, it is automatically given the type SN mean multi-curve 

and not Standard SN, which is the general type. Defining curves was done by giving mean stress 

and coordinates for start -, transition - and end point of the related curve. One curve with a mean 

stress of 0 MPa was defined. Only defining one curve should not affect the analysis as the material 

type setting is used to control the influence of mean stress on the particular material. The 

coordinates for the single curve is found in Figure 53 where the S-N curves for FEMFAT and 

DesignLife are presented. 

 

 

Figure 53. Wöhler-curves in FEMFAT (top) and DesignLife (bottom) 
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It can be seen that the two materials seem to have similar fatigue behaviour above the fatigue limit. 

Below it, the curves do not have the same slope. This is explained by the fact that the new slope, 

below the fatigue limit, is defined in the analysis step in FEMFAT, a step that comes after the 

material is defined. Hence are the two curves supposed to be close to identical even if it does not 

seem that way.  

 

The next step was to take the same influence factors into account in DesignLife as in FEMFAT. 

A surface roughness of 20 µm is defined for the complete system in the material mapping window. 

The influence of the survival probability is always taken into account in DesignLife. The only 

action is to set it to 0.5, which corresponds to the desired probability of 50 %. But when it comes 

to the remaining settings, the influence of stress concentrators and the thickness, issues were 

encountered. Taking these parameters into account is possible but requires extra work in form of 

manual calculations of scaling factors for a PSD-analysis in DesignLife. A limited time frame led 

to this adjustment being omitted in DesignLife. This difference in settings for different methods 

would, naturally, have effect on the outcome of the analysis. 

 

Besides this, both the Material type (found in the Material mapping window) and the SNMethod 

(SNEngine tab) settings had to be changed in order for an anslysis to run properly with a SN mean 

multi-curve material.  The settings in DesignLife are summed up in Table 8. 

Table 8. DesignLife analysis settings 

Parameter Value 

Material type SN mean multi-curve 

SNMethod MultiMeanCurve 

Surface roughness 20 µm 

Survival probability 0.5 

3.4.2 Static loads 

The analysis was started with the most basic method, a rule of thumb built on static load cases. 

For this method the whole structure is subjected to static gravity loads operating along the frame’s 

coordinate system, one positive and negative along each axis.  

 

All six loads were put on the structure one at a time, in Abaqus. Hence, stresses in the system were 

extracted for each and every one of them. An evaluation of the von Mises stresses for all load cases 

resulted in Table 9, where the stresses at the interesting edge at which the bracket broke are 

presented.  

Table 9. Maximum stresses for all static gravity load cases 

Load direction Maximum stress [MPa] 

positive x-direction 169 

negative x-direction 116 

positive y-direction 217 

negative y-direction 228 

positive z-direction 270 

negative z-direction 275 

 

All loads in negative directions generated a maximum stress that was found in the top (inner) layer 

of the bracket and the ones with positive direction gave a maximum stress in the bottom (outer) 

layer. It can be seen that the load in negative z-direction generated the highest stresses in the 

evaluated frame bracket (left one from the frame’s perspective). The maximum stress along the 

edge of the component was found in about the same location for all load cases. This location is 
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seen in Figure 54, where the stress field with the highest maximum stress (load in negative z-

direction) is presented. 

 

 

Figure 54. Worst load case 

The maximum stresses are not of greatest interest from a fatigue point of view though. As 

explained in the reference frame, the stress amplitude has the biggest impact on fatigue. Therefore, 

the main emphasis was put on the difference between the pre-tensioning stress and the maximum 

stress, which is the amplitude of the stress. A visualisation of the stress amplitude is found in 

Figure 55, where maximum stress, pre-tensioning stress and amplitude stress for loading in 

negative z-direction is included. It should be noted that the maximum amplitude stress for all load 

cases was found at the perimeter of the component, in roughly the same location. 

 

 

Figure 55. Extraction of stress amplitude (right) from maximum stress (left) and pre tensioning 

stress (middle) 

The highest amplitude stress that arose was, as for the maximum stresses, found for loading in 

negative z-direction and had a value of 192 MPa. This value is below the defined material’s fatigue 

limit of 230 MPa, hence is the component deemed to be satisfactory out of a fatigue perspective. 

But, to be able to perform a straight comparison with the other methods it was decided that the 

analysis was to be fulfilled and evaluated for the total amount of cycles even though it is deemed 

to be unnecessary when the amplitude stress is below the fatigue limit. The sole purpose of this 

was to acquire an estimation of the damage. 

 

The worst stress field in the bracket, negative z-direction, was imported into FEMFAT for this 

analysis. In order to get the correct stress behaviour over all cycles, the stresses from the pre-

tensioning was set as mean stress and the stress amplitude was given as well. It was found that the 
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worst damage along the perimeter would reach a value of 0.04 % after completing all cycles. 

Corresponding damage field with this worst damage marked is seen in Figure 56. This damage 

value was later to be used for the comparison to the other methods. 

 

 

Figure 56. Damage results (maximum marked with black dot) 

The location at which the highest damage values were found corresponds well to the position of 

the crack in the physical test. But the low value of less than one percent indicates that the 

component would have close to infinite life. 

3.4.3 Dimensioning force calculated from dynamic properties and PSD-
spectrum of accelerations 

The second analysis method, dimensioning force from dynamic properties and PSD-spectrum of 

accelerations, would be the first to utilize results from MBS. The calculation of the dimensioning 

forces was performed in MATLAB and took every eigenfrequency that fell within the PSD-

spectrums’ range (0.2-100 Hz) into consideration. These eigenfrequencies where found in a modal 

analysis step, which was inserted between the bolt fixing and loading step in the Abaqus model 

and resulted in Figure 57.  

 

 

Figure 57. Eigenfrequencies within the PSD-spectrums range 

To find what PSD values that were to be used for the calculations, it was decided that the highest 

value within a margin of error of 0.5 Hz from each eigenfrequency would be used. This procedure 

is showcased in Figure 58 where an example with an eigenfrequency of 22.5 Hz is found. 
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Figure 58. Selection of PSD-value (eigenfrequency of 22.5 Hz) 

A dimensioning force was calculated for every main direction for each of the two test track 

passages respectively and for them put together into a twice as long sequence. The relative 

damping for all modes was set in accordance to Scania standard. All resulting forces are presented 

in Table 10. 

Table 10. Dimensioning forces 

Direction S1 S5 S1 & S5 

x 2 901 N 2 503 N 2 685 N 

y 1 563 N 1 526 N 1 552 N 

z 1 567 N 1 773 N 1 807 N 

 

These forces were then, one at time, defined in the centre of mass of the inverter. This positioning 

of the force is not fully coincident with the instructions for this method, which states that the force 

should work in the centre of mass of the whole system. But since the inverter constitutes almost 

80 % of the systems total mass it was assumed that its centre of mass could be used instead. The 

worst stress amplitude that was found for any of these loads reached a magnitude of 449 MPa and 

was found for a load along the x-axis when driving passage S1, corresponding stress field is seen 

in Figure 59. 

 

 

Figure 59. Highest stress 
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The stress results from the Abaqus simulations were imported into FEMFAT according to the same 

procedure as for the previous method, amplitude stresses and mean stresses (pre-tensioning 

stresses). The damage values that are presented in Table 11 were obtained for the number of test 

track laps that the component is required to withstand. 

Table 11. Damage for dimensioning force method 

Direction S1 S5 S1 & S5 

x 106 % 43 % 67 % 

y 7 % 6 % 7 % 

z 1 % 2 % 3 % 

 

The maximum damage for all load scenarios were found in about the same location. Because of 

this, for the sake of simplifying, it was assumed that the total damage would be found as the 

maximum damage value found for the two test track passages driven in sequence. This led to the 

worst damage, found along the x-axis, reaching a value of 67 %. 

 

It should be noted that this value is lower than the result a summation of the individual passages 

would give. In fact, it even turned out that one of the passages (S1) gave a higher damage value 

than the combination of the passages did along the x-axis. This behaviour was not expected, since 

it should not make any difference in what order the passages are driven. But it was decided that 

the main focus would be put on the results for the sequence since that simulation most information. 

 

Eigenfrequency sensitivity 

Further evaluation regarding this method’s robustness was performed by changing the 

interaction/connection between the inverter and frame. Instead of fixing the frame attachment 

holes in all six degrees of freedom, the rotations were unlocked and only the translational motions 

were locked. This modification led to a small, but still noticeable, change in the system’s 

eigenfrequencies, see Figure 60. 

 

 

Figure 60.Eigenfrequencies for alternative connection between bracket and frame 

It turned out that this change in the eigenfrequencies (at most 5 Hz) had major impact on the results 

of the fatigue analysis. The biggest difference for the two eigenfrequency extractions was found 

in y-direction for a combination of the passages, which differed with more than a factor of 100. 

All result for the various eigenfrequency extractions are presented in Table 12, where Eigen 1 

refers to all DOF locked and Eigen 2 refers to only the rotational DOF locked. 
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Table 12. Comparison of damage estimations for different eigenfrequency extractions 

 S1 S5 S1 & S5 

Direction Eigen 1 Eigen 2 Eigen 1 Eigen 2 Eigen 1 Eigen 2 

x 106 % 35 % 43 % 15 % 67 % 46 % 

y 7 % 562 % 6 % 615 % 7 % 865 % 

z 1 % 14 % 2 % 28 % 3 % 31 % 

 

It can be seen that the results along the x-axis were decreased with a relatively small factor (at 

most a factor of three) for all runs. At the same time, the results along both the y- and z-axis were 

vastly increased, factors of more than 100 and 15 respectively. This led to the y-direction being 

critical instead of the x-direction. The results prove that this method is highly sensitive to the 

values of the eigenfrequencies and the values in the PSD. 

3.4.4 Dynamic simulation with PSD-spectrum of accelerations as input 

Two different ways of performing this analysis, that include different methods for evaluating the 

results, are used within Scania and were therefore also performed. The first method is performed, 

solely, in Abaqus and focuses on finding a root mean square (RMS) stress and comparing it to the 

fatigue limit. The other method, on the other hand, can offer results in form of a damage estimation. 

This is achieved by combining the capabilities of Abaqus and DesignLife, which includes a 

frequency domain damage estimator. The methods will be referred to as Abaqus method and 

DesignLife method. 

 

This analysis is strongly dependent of the location of the peaks in the PSD-spectrums in relation 

to the systems eigenfrequencies, see chapter 2.7.3 Dynamic simulation with PSD of accelerations 

as input. Therefore, envelopes of the PSD-spectrums were generated in order to minimize the 

influence of the exact frequencies at which the modes and PSD peaks were located. This was 

performed manually by selecting a few points and draw lines between them. The result of it can 

be seen in Figure 61, where one of the envelopes is plotted together with its original PSD-spectrum. 

All approximate PSDs are presented along with their corresponding actual PSDs in Appendix C. 

 

 

Figure 61. PSD-approximation (blue) along with its corresponding exact PSD (black) 
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3.4.4.1 Abaqus method 

To run this analysis in Abaqus, the eigenmodes of the structure need to be extracted before the 

structure is excited according to the acceleration PSD-spectrums. In order to perform this, both a 

frequency step and a random response step were added after the pre-tensioning steps. The 25 first 

eigenmodes were extracted, which resulted in some modes with frequencies over 1 000 Hz. These, 

higher, eigenmodes would have no influence on the outcome of the analysis and were thus omitted 

in the random response analysis, in which the eigenfrequency range was set to 0.5-150 Hz, in order 

to reduce the computational time. Besides that, the modal damping for all modes was set in 

accordance to Scania standard for missing knowledge of the damping. From this information, 

Abaqus determines the system’s FRF. This function along with an excitation at the boundaries 

(connection to the frame) according to the acceleration PSD-spectrums would give stress PSD-

spectrum. All directions (x,y,z) were evaluated for each of the two test track passages individually 

and for them in a sequence. The acquired stress PSD-spectrums were used to calculate the RMS-

stress, which Abaqus does automatically. The resulting stress field for excitation in y-direction 

along test track passage S1 is seen in Figure 62. The worst stress concentrations (marked) were 

found in about the same area for all directions and passages. 

 

 

Figure 62. RMS-stress field 

Grey colour indicates even higher values than red, so it is apparent that the highest stresses were 

found in another area (1 in Figure 62) than what was expected. These stresses are overlooked since 

they most certainly occur because of issues with the linearisation of the model, which is done for 

the random response step. Any modal analysis (frequency extraction) that is performed in Abaqus 

requires a linear model. In order to deal with the non-linear model in this project, the software 

replaces the contact with tie constraints in all locations that contact emerged during the pre-tension 

step. Figure 63 highlights the areas that were given tied constraints. 
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Figure 63. Zone with tie constraint (red and green areas) during random response analysis 

This constraint leads to a singularity right around the location of the highest stress, marked out in 

Figure 63. This is not representative of reality and therefore the results in this area were neglected. 

Instead, focus was put on the area with the second worst stress concentration (2 in Figure 62), the 

curvature where the component actually broke. In order to evaluate whether the component would 

break or not, the maximum RMS-stress that was found in this area was multiplied by 3.5. The 

scaled value is supposed to represent the maximum stress value during a lap and can be directly 

compared to the fatigue limit. The resulting maximum stress for all of the analyses can be seen in 

Table 13. 

Table 13. Stress results for Abaqus method 

Direction S1 S5 S1 & S5 

x 81 MPa 72 MPa 63 MPa 

y 182 MPa 161 MPa 161 MPa 

z 70 MPa 72 MPa 70 MPa 

 

The worst stress amplitude that was found reached a value of 182 MPa, which is well below the 

fatigue limit of 230 MPa. This indicates that the component would have “infinite” life.  

 

In order to get a rough damage value, a quick comparison to results from a previous analysis 

method was made. The maximum stress reached, roughly, the same magnitude as was the case for 

the first analysis method (192 MPa), see 3.4.2 Static loads. By rescaling the worst damage for the 

Static load method, in respect to the number of cycles for the two methods, it was deducted that 

the worst damage for this method would be in the region of 0.004 %.  This is a rough approximation 

since only the individual worst load cycle for a test track cycle is taken into account. But all other 

loads would not make a noticeable difference to the damage, which with certainty would remain 

well below 0.1 %. 

 

A counterintuitive result found in this analysis is that the stresses decrease when the passages are 

put in sequence. Theoretically, the maximum stress for the sequence should be equal to the highest 

stress found along the two individual passages. 
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Lastly, before moving on to the DesignLife method, an analysis with an exact PSD was also 

performed in order to get a feeling for the influence of the approximation of the PSD-spectrum. A 

drive along the first test track passage (S1) was evaluated in the y-direction and resulted in a 

rescaled stress value of 123 MPa. This is about two thirds of the results obtained with the 

approximate PSD. 

3.4.4.2 DesignLife method 

The DesignLife method procedure is started in Abaqus where, in comparison to the Abaqus 

method, a frequency response step is added instead of a random response one. This analysis settles 

with determining the FRF, which then can be evaluated in DesignLife instead of in Abaqus. 

 

The Abaqus result file, containing the FRF, is imported to DesignLife along with the acceleration 

PSD-spectrum. This input along with material data is used to estimate damage according to a 

frequency domain fatigue estimation method; Dirlik’s method was selected here. What the 

DesignLife model looked like can be seen in Figure 64. 

 

 

Figure 64. DesignLife model 

From this model, the damage in damage per second, the life in seconds and RMS-stress was 

acquired. The highest RMS-stress, and hence damage as well, was found in the same region as for 

the Abaqus method. The reason for this was the same and so was also the action, to ignore the 

region. To evaluate whether the component would fail or not during a test, the highest damage 

value in the region of the actual failure was compared to the time it would take to drive the current 

passage(s). This meant that the damage results for the individual passages were multiplied by 

factors that would generate results that were equivalent to running the test track for the 

component’s required amount of laps. What this resulted in is presented in Table 14.  

Table 14. Damage results for DesignLife method 

Direction S1 S5 S1 & S5 

x 0.009 % 0.003 % 0.002 % 

y 3.3 % 1.2 % 2.2 % 

z 0.001 % 0.002 % 0.002 % 
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It is evident that the vibrations along the y-axis are dimensioning according to this simulation. The 

damage along this direction does not exceed 4 % for any of the test track passages, which indicates 

that the component would withstand the conditions it was subjected to. This outcome, that the 

component does not come close to failing, can be verified by a look at the maximum stress 

amplitudes that the Dirlik analysis gave rise to. The maximum stress amplitude for each load case 

can be found in Table 15. 

Table 15. Maximum stress amplitudes for DesignLife method 

Direction S1 S5 S1 & S5 

x 59 MPa 53 MPa 48 MPa 

y 125 MPa 110 MPa 110 MPa 

z 50 MPa 52 MPa 51 MPa 

 

It can be seen that the highest stress amplitude, 125 MPa, does not exceed the fatigue limit of 230 

MPa and therefore should not the structure be at any risk. A comparison of these amplitudes and 

the maximum stresses found for the Abaqus method indicates that the stresses for the Abaqus 

method are about 40 % higher. This is equivalent to the maximum stress amplitudes from the 

Dirlik analysis being roughly 2.5 times the RMS-stresses. One thing that is lost when only looking 

at the stresses, though, is the duration of the different runs. This is highlighted in a comparison of 

the results for S5 being run individually and in sequence with S1. Both of these runs generate equal 

maximum stresses but the sequence with both passages gives about twice the damage. But at the 

same time, it can also be seen that just running passage S1 gives more damage than running the 

sequence. This is the same non-desirable behaviour that was found for Dimensioning force 

method. 

 

Before closing the book on this method, a comparison to an analysis with an exact PSD-spectrum 

was performed. This would give an indication of what impact the approximation of the PSD had 

on this method. Just as for the Abaqus method, the actual PSD along the y-axis for driving the first 

passage (S1) was evaluated. The worst damage results in the region of failure reached 0.09 %, 

which is less than 3 % of the value found with an approximate PSD. 

 

Eigenfrequency sensitivity 

The eigenfrequency sensitivity check that was performed for the previous method (Dimensioning 

force) was also performed for this method. It turned out that the differently acquired 

eigenfrequencies (only rotational freedoms locked) gave similar results, which is presented in 

Table 16. 

Table 16. Damage estimations for different eigenfrequency extractions  

 S1 S5 S1 & S5 

Direction Eigen 1 Eigen 2 Eigen 1 Eigen 2 Eigen 1 Eigen 2 

x 0.009 % 0.1 % 0.003 % 0.03 % 0.002 % 0.05 % 

y 3.3 % 3.0 % 1.2 % 0.9 % 2.2 % 4.2 % 

z 0.001 % 0.003 % 0.002 % 0.003 % 0.002 % 0.004 % 

 

No difference was found in the relative toughness of the directions for these analyses. Both 

indicated that y-direction was the critical direction and the results along this axis deviated with a 

factor of less than 2 at most. The other directions did not have any noticeable fatiguing impact for 

either of the analyses. All of these results were acquired with approximate PSD-spectrums. In 

order to investigate whether this method was fully robust to eigenfrequency differences, an 

analysis with an exact PSD was also run. This gave a damage estimation of 0.06 % for the y-

direction over passage S1. Compared to the value found for the equivalent analysis with the initial 

eigenfrequencies, 0.09 %, it barely diverged at all. 
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3.4.4.3 Comparison of Abaqus and DesignLife method 

In order to validate that the two methods had been performed in an equivalent manner, the RMS-

stresses they produced were compared to each other and to manually calculated values. Dirlik’s 

method was used for the manual calculation, which means that it was expected to give similar 

values to the DesignLife method. In order to perform the manual calculation, the PSD-spectrum 

of acceleration and the FRF, from Abaqus, were needed. The FRF is unique for each and every 

node and three different locations, marked out in Figure 65, were picked for the comparison. 

 

 

Figure 65. Locations used for the RMS-stress comparison 

There are only two points marked in Figure 65 as results for both top and bottom layer were 

investigated at point 2 and only bottom for point 1. The RMS-stresses for all three extraction 

methods at all three locations in y-direction over passage S1 are presented in Table 17. 

Table 17. Comparison of RMS-stresses from Abaqus method, DesignLife method and manual 

calculation 

Location Abaqus method DesignLife method Manual calculation 

1 - bottom 52 MPa 47 MPa 49 MPa 

1 - top 19 MPa 17 MPa 18 MPa 

2 - bottom 81 MPa 76 MPa 82 MPa 

 

The correlation between the different methods seems strong, which indicates that the Abaqus and 

DesignLife models are equivalent. 

3.4.5 Superposing modal stresses 

The final analysis method was performed in FEMFAT. Results for modal stresses and coordinates 

were provided by an MBS-engineer at a neighbouring group. Since the model had been 

transformed into NASTRAN for the MBS, the modal stresses were compiled in an OP2-file and 

the modal coordinates were given in RPC-files. 49 modal stresses and coordinate vectors were 

included. This high number of modes is explained by the fact that each completely restrained hole 

(frame attachment hole) has six modes, which adds up to 24 modes at the boundaries. Hence, the 

25 first modes for the complete structure were included in the analysis, which was the case for the 

previous method too. Besides the modal stresses, an OP2-file withholding the pre-tensioning stress 
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was also included. All these result files make up the information that needs to be imported into 

FEMFAT in order to run a fatigue analysis. 

 

Evaluating these modal stresses in FEMFAT is quite different from evaluating static stresses. 

Instead of using FEMFAT’s basic solver, one called ChannelMAX is used. For this solver, all 

stress fields are coupled to load histories in which intensity factors (the modal coordinates) over 

time are defined. The stress is multiplied to the intensity factor and information regarding the stress 

at every time increment is acquired. A manual scaling factor of the stress is also possible. This 

factor was set to 1.1 for the stress from the pre-tensioning in order to compensate for the stress 

reduction of approximately 10 % that followed the transformation from Abaqus to NASTRAN. 

Time history for the pre-tensioning stress is given as a vector with a constant value of 1, which is 

defined directly in FEMFAT. 

 

With correct material properties and influence factors set, see chapter 3.4.1.1 FEMFAT settings, 

individual analyses for each of the two test track passages and one analysis with them in a sequence 

were run. What the damage field looked like for all runs is visualized in Figure 66. 

 

 

Figure 66. Stress field for modal superposition 

The acquired damage results corresponded to driving one lap along the passages so they had to be 

scaled in order to represent the full test. This resulted in Table 18, where the results for all runs are 

gathered. 

Table 18. Damage results for modal superposition 

S1 S5 S1 & S5 

0.26 % 1.25 % 1.51 % 

 

The worst damage reached a value of 1.51 % and was found for the combination of the passages. 

Summing the results for the two passages seems to work well for this analysis method as the sum 

of the individual passages also is 1.51 %. This value is lower than the damage found for the PSD-

simulation over both passages in a sequence, which gave a damage of approximately 2.2 %. An 

explanation for this can be the fact that the PSD-simulation did not include any influence from the 

concentrators or component thickness as it was performed in DesignLife. In order to investigate 

this, these influences were inactivated in FEMFAT as well. A modal superposing with these, 

DesignLife replicating, settings resulted in Table 19. 
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Table 19. Damage results for modal superposition with “DesignLife settings” 

S1 S5 S1 & S5 

0.31 % 1.95 % 2.26 % 

 

It can be seen that the damage values were slightly increased and their sum came close to the result 

from the previous analysis method, at least for the passages driven in a sequence.  
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4 RESULTS 

In this chapter, the results for the different fatigue analysis methods are compared and analysed. 

The goal of this chapter is to end up with a recommendation of what method that shows the greatest 

potential. The recommended method is then used for a comparison to the signals measured on the 

test track and in the test rig. 

4.1 Comparison of analysis methods 

In order to get an indication of what methods that seemed to be more suitable for performing this 

analysis, the results and the robustness (parameter sensitivity) of the various methods were 

compared. Two methods stood out, in a negative manner, when the results were analyzed. Static 

loads was the only method to indicate that z-direction was critical and Dynamic simulation with 

PSD in Abaqus indicated that the bracket would have “infinite” life (damage well below 1 %). 

Therefore, it was believed that these methods were not the best suited for analyzing the inverter 

bracket. 

 

The rest of the analysis methods were compared. Both eigenfrequency extractions for 

Dimensioning force and Superposition with and without the influence of stress gradient 

(concentrators) and component thickness was included. The dimensioning results (critical 

direction for the methods that investigate the directions individually) for these methods along the 

test track passages individually and in a sequence are compiled in Table 20.  

Table 20. All damage results for the passages run individually and in sequence 

Passage Dimensioning force PSD in DesignLife Superposition 

 Eigen 1 Eigen 2  FEMFAT 

settings 

DesignLife 

settings 

S1 106 % 562 % 3.3 % 0.26 % 0.31 % 

S5 43 % 615 % 1.2 % 1.25 % 1.95 % 

S1 & S5 67 % 865 % 2.2 % 1.51 % 2.26 % 

 

The table shows that the results for Dimensioning force deviates strongly from the other methods 

that show good conformity. Dimensioning force is the only of the three that agrees with reality as 

it indicates that the component should fail. A major problem with Dimensioning force, though, is 

that the damage values are strongly dependent on the eigenfrequencies both when it comes to 

magnitude of the individual passages and the relative magnitude between them. Another weakness 

of this method was that the dimensioning direction also changed for the different eigenfrequency 

extractions (x- and y-direction respectively). These behaviors were only encountered for 

Dimensioning force. This unreliability in form of sensitivity to parameters led to the conclusion 

being that this method was not the optimal even though it was the only method that generated 

results that coincided with the results from the rig. The PSD in DesignLife seemed to be more 

consistent. The fact that the results for PSD in DesignLife and Superposition showed good 

conformity indicated that these two methods showed similar potential. As they were most robust 

and performed similarly, it was believed that these methods had the greatest potential. 

 

In order to compare these methods, the Superposition results without influence of stress 

concentrators and component thickness were assessed. The reason for this was to get a just 

comparison to PSD in DesignLife, which had those settings. It is noticeable that the magnitude of 

the damage estimations found for these methods were similar and ranged from approximately 

0.5 % to 3 %. Some differences in behaviour were found, though. Summing damage estimations 
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from individual passages and comparing it to driving the passages in sequence followed different 

patterns for the methods. Only Superposing modal stresses showed the expected behaviour of 

giving the same damage for driving passages in sequence as for summing the results for them run 

individually. Dynamic simulation with PSD in DesignLife showed a tendency for giving more 

damage when the passages were driven individually, see Table 21. 

Table 21. Comparison of assessing the test track passages individually and as a combination for 

the two best performing methods 

Analysis PSD in DesignLife Superposition 

S1 + S5 4.4 % 2.26 % 

S1 & S5 2.2 % 2.26 % 

 

One more aspect that gives Superposition an advantage is that it is the only method that is not 

direction dependent. Instead it utilizes the actual vibrations and not the principal components of it. 

It is not believed that this had any major effect on the precision of PSD in DesignLife in this case. 

As good as no damage was indicated for any direction except the critical one. But there is a 

possibility, even though not proven in this project, that substantial damage could be obtained for 

more than one loading direction. 

 

It is evident that the results from the analyses do not coincide with the physical outcome, namely 

failure. To investigate whether this was a result of poor analysis method performance (MBS 

problems) or the test rig procedure, analyses were performed with the signals from the test rig as 

well. 

4.2 Comparison to test results 

Since no modal coordinates or stresses can be extracted in a physical test, PSD-analysis in 

DesignLife was used for this investigation even though Superposition was deemed to be most 

promising. The frame’s acceleration in all principal directions was measured throughout the shake 

rig test. Resulting PSD-spectrum along the y-direction and an approximation of it are presented in 

Figure 67. This spectrum is for both test track passages, S1 and S5 in sequence. 

 

 

Figure 67. Acceleration PSD-spectrum along y-axis for the shake rig test 
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This PSD-spectrum does not have a strong resemblance to the one extracted from the MBS when 

ran over S1 and S5 in sequence. The most noticeable difference is the increased number of peaks; 

the MBS measurements only generated the first peak. A PSD-analysis with the PSD-spectrums, 

both approximate and exact one, from the test rig resulted in substantial damage. Both cases 

indicated that the component would break. The difference between the two PSDs (MBS and test 

rig) and their related damage estimations is extensive and has to be looked into.  

 

It needed to be concluded whether it was the precision in the MBS or the non-ideal test set-up that 

was the main reason for the variation in results. In order to accomplish this, the actual 

measurements, and their corresponding PSD-spectrums (see Appendix C), from the vehicle on the 

test track were evaluated in DesignLife. A comparison of the results for this and the previously 

performed analyses are found in Table 22. The presented results were found for the different PSD-

measurements (virtual, test rig and test track) along the y-axis when driving the test track passages 

in sequence. 

Table 22. Comparison of the outcome for the different PSD-measurements 

 MBS Test rig Test track 

Exact PSD 0.1 % 163 % 1.5 % 

Approximate PSD 2.2 % 346 % 1.4 % 

 

It can be seen that the results for the MBS and test track shows good correlation, about 1-2 % 

damage. At the same time, the analysis for the test rig load claims that the component would break. 

All of these results are in favour of the analysis method and indicates that it has potential. First of 

all the analysis indicates that the component should break when loaded as in the test rig, which it 

did. Secondly, the magnitude of the results for the MBS - and test track measurements are close to 

each other, which indicates that the virtual measurements could be rather accurate. In an attempt 

to draw conclusions on this subject, the remaining directions, x and z, were also analysed and 

compared for the test track and MBS. Results are gathered in Table 23. 

Table 23. Comparison of damage results for MBS and test track 

 Direction MBS Test track 

Exact PSD x 0.0004 % 0.00006 % 

z 0.0002 % 0.7 % 

Approximate PSD x 0.002 % 0.000003 % 

z 0.002 % 0.3 % 

 

These results do not show the strong resemblance that was found in the y-direction. But all of them 

are below 1 %, which means that they agree on the y-direction being dimensioning. This is the 

reason why the comparison that included the test rig only was performed along that axis.  
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5 DISCUSSION AND CONCLUSIONS 

A discussion of the results and the conclusions that have been drawn from the outcome of the thesis 

are presented in this chapter. 

5.1 Discussion 

The exact damage values found in this report should be viewed with caution since the actual 

properties of the component and its material have not been investigated. Assumptions of values of 

parameters that can have great influence on the outcome have been made. The modal damping was 

set according to Scania standard and the surface roughness was assumed to be 20 μm. The same 

goes for the material properties as the material selection was solely based on the yield strength. 

Because of this, the magnitude of the damage estimations in this report is not exact. But, all 

analyses have had the same input, which means that the relation between them should be valid. 

The main focus of the evaluation of the methods was put on robustness of the methods and the 

relation between their results, two parameters that should be reliable. Therefore, the final 

conclusion of Modal superposition being most promising should be valid.  

 

One major advantage with Modal superposition was that it was the only method that gave the same 

results regardless of what order the test track passages were driven. The reason for this can 

probably be described by the fact that it is the only method that does not utilize PSD-spectrums. 

As mentioned in chapter 2.4.2.1 Power Spectral Density (PSD) spectrum, certain requirements 

need to be fulfilled for the use of PSD-spectrums to be valid. These requirements are not fulfilled 

at the test track since it is not random. Furthermore, the signal is not statistically stable, which 

means that looking at one of the passages is not valid since it is not representative of the whole 

lap. This is the reason why the methods that are solved in the frequency domain give unintuitive 

results regarding accumulated damage. It can be concluded that for analyses with PSD-spectrums 

to be valid, the whole signal has to be included in the PSD. 

 

Another issue with the PSD-analysis is that the values that have been given greatest interest in this 

project actually were calculated using approximate PSDs. No theoretical ground was used in the 

generation of these approximate curves as they only were drawn from arbitrary points that were 

picked manually. The purpose was to encapsulate the actual PSDs throughout the whole frequency 

range and thereby increasing its energy (see Appendix C). The reason for this is to overestimate 

the damage (conservative results) and by doing so hopefully make up for possibly diverging (in 

relation to reality) eigenfrequencies or PSD-peaks. An investigation of how much heavier these 

approximate spectrums are from a fatigue point of view is needed, though. No conclusions can be 

drawn regarding the PSD-calculations’ accuracy without such an investigation.  

 

A diverging behaviour that was found, regarding the PSDs and their approximations, was that the 

approximate PSDs for the test track measurements led to a reduction in damage. This behaviour 

strongly contradicts the idea behind the approximations, which is to increase damage. It was found 

that the PSDs for the test track measurements, which had the highest sampling frequency, had a 

high peak close to 0 Hz, see Appendix C. These peaks were not included in the approximate PSDs 

and are believed to be the source of this behaviour. 

 

This highlights the fact that the approximate spectrums were not based on any theory and also 

proves that the influence of the approximations is unknown. Hence, it is possible that the good 

correlation between the two best performing methods is a coincidence that appears due to 
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uncontrolled actions. With this in mind, it might be more convenient to look at the results for the 

exact PSD-spectrums instead.  

 

A review of the results for the exact PSDs does not alter the standpoint of the two methods (PSD-

calculation and Modal superposition) performing quite well and being deemed to be the best. 

Because, even though reduced, the results for a PSD-calculation with the exact signal for running 

the two passages in sequence still agree well with the modal superposition. The difference of the 

methods’ results along the y-axis for running the passages in sequence is about 2 Hz (0.1 Hz and 

2.26 Hz respectively). The same difference was found for the comparison of performing PSD-

calculations with differently acquired eigenfrequencies, namely 2.2 Hz and 4.2 Hz. Therefore, it 

cannot be concluded that the difference is not imposed by imprecise eigenfrequencies or PSD-

peaks. 

 

It is even more interesting that this investigation indicated that the component would break for the 

test rig conditions, but not come close to it for either test track - or MBS measurements. So, it is 

reasonable to assume that the methods perform quite well and the conclusion of these two methods 

being best should not be altered. 

 

One thing that should be kept in mind, tough, is that PSD-calculations with test rig signals might 

not be accurate. Even though the high damage values that were found for the test rig signal showed 

correlation with the physical result (breakage), it cannot be concluded that the damage results are 

correct. Most certainly, the values are overestimated. 

 

Implementing the PSD-spectrums for the test rig in the analysis software might be misleading. The 

PSD-spectrum for the frame in the test rig might not be directly implementable in the PSD-

calculation since it is not the only signal that is controlled during the test. Both this point and two 

points on the inverter are regulated simultaneously, which means that there is a trade-off between 

the precision of three different signals. It is up to the tester to decide what signals that are of 

greatest interest, this could mean that the frame signal was not prioritized for this particular test. 

This, in turn, could imply that even though the frame signal was not optimal, the inverter signal 

still might have been. Basically, what is being said here is that the environment is not completely 

the same in the rig as on the track and therefore it might be possible that different frame vibrations 

give rise to similar inverter behaviour. Something that could mean that it is not relevant to assess 

the frame signal. Whether this was the case during this test has not been investigated. 

 

What can be concluded from the test is that the frame PSDs seem to agree quite well with reality 

up to 20 Hz. After that, the test rig PSD has three further peaks that are not found in the PSD for 

the test track drive. That these peaks lie close to the component’s first eigenfrequencies is probably 

the greatest reason why the results for this damage estimation differs heavily from the rest. It is 

believed that the effect of these peaks was dampened, which would coincide with the behaviour 

described in the previous paragraph. The test set up included cables that were attached to the 

inverter, cables that might have restricted the inverter’s motion. Therefore, it is quite conceivable 

that the assumed damping values are not representable, at least not for all modes. 

 

It has not been fully investigated, but it still feels safe to state that the test rig signal was severer 

than the desired signal, at least in the y-direction. It could be possible that the signals in the other 

directions agree better with reality and therefore does not increase the fatigue damage as much. 

Because, there is a trade off in controlling the different directions as well. It is conceivable that the 

y-direction was not prioritized during the test since preceding fatigue calculations had suggested 

that another direction was critical (Static loads was used). This means that the actual critical 

direction (according to the results of this analysis) might have been given a tougher signal than 

relevant, something that could get catastrophic consequences. Therefore, it is highly recommended 
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that it is made sure that there is no risk that the uncontrollable parts of the signals lead to mode 

excitation. This should be done for all directions, regardless of what suggestions that have been 

given regarding critical direction. Performing this might be dependent of what fatigue analysis 

method that has been used though. This report suggests that the possibility to identify the critical 

direction is more likely with the PSD-calculation. This might be a potential application of virtual 

analyses in the future, regardless of how exact their actual fatigue estimation values are. If they 

can be used to make sure that relevant physical tests are performed, they would still be valuable 

assets. 

 

It would be very interesting to take part of the calculations the testing staff performed since they 

led to the conclusion of the signals being equivalent from a fatiguing point of view. The reliability 

of these results is questioned. Because, even though the results for the analysis most likely are 

overestimated, it is still not deemed to be realistic that they would overestimate the difference of 

the two signals’ impact by a factor of about 100. Hence, the signals are not believed to be 

equivalent. 

5.2 Conclusions 

Following conclusions were drawn as result of the project: 

 The results indicate that fatigue analysis with loads from MBS has potential. 

 Superposing modal stresses is believed to be the method with greatest potential.  

 The Static loads method underestimate fatigue as it neglect the influence of 

eigenfrequencies. 

 The Dimensioning force calculations widely exaggerate eigenfrequencies’ influence on 

fatigue. 

 PSD-calculation can be used to improve shake rig testing as it shows potential in 

identifying the critical loading direction. 

 Road induced vibrations and the loads they give rise to in MBS seem to correlate well with 

reality. Using the correct bus configuration and including more vibration sources, as a 

complete driveline, would probably further increase the resemblance. 

 Damping needs to be mapped in order for these methods (MBS loads) to be fully 

applicable.  
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6 RECOMMENDATIONS AND FUTURE WORK 

In this chapter, recommendations on more detailed solutions and what future work that should be 

undertaken are presented.  

6.1 Recommendations 

It is recommended that further investigations regarding this subject are undertaken as the results 

suggest that virtual fatigue analyses has potential. There is no statistical significance in only 

assessing one component, especially not when the results for the physical testing of it was not 

conclusive. Therefore, more physical tests with components that are expected to break should be 

performed. Closely monitoring test with breakage so that it is possible to get a good approximation 

of when the component broke would be invaluable.  

 

Question marks that have been raised regarding the signal for the physical test are probably 

worthwhile looking into. The possibility of unrealistically tough tests should be a source of alert 

since it would lead to more expensive designs than necessary. Investigating whether the failure, of 

the component assessed in this project, might have been caused by a tough signal in the critical 

direction or mode excitation is of great interest. 

6.2 Future work 

The following future work is recommended. 

 Investigation of additional components is needed to strengthen or discard both the proposed 

method and its alternatives. This is needed both in terms of estimating exact damage values 

and for identifying the critical load direction. 

 Include vibrations from other sources than the road in the MBS and evaluate how great the 

effect is on the method’s performance. 

 Investigate whether use of the correct bus configuration has noticeable effect on the 

outcome. 

 The procedure for the shake test might need to be overlooked, in particular the calculations 

of the generated signal’s fatiguing impact in comparison to the desired signal (test track). 
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 I 

APPENDIX A: REQUIREMENT SPECIFICATION 

Component election: 

 

Frame mounted D* 

No welds in geometry D 

Currently used in vehicle W** 

Test data for component exists D 

Vehicle used during physical test exists in MBS W 

CAD-model of component exists W 

 

* D = Demand 

** W = Wish  



 II 

APPENDIX B: DIRLIK VARIABLES 

 

 
𝐷1 =

2(𝑥𝑚 − 𝛾2)

1 + 𝛾2
 

 

 

 
𝐷2 =

1 − 𝛾 − 𝐷1 − 𝐷1
2

1 + 𝑅
 

 

 

 𝐷3 = 1 − 𝐷1 − 𝐷2  

 

 
𝑍 =

𝑆

2√𝑀0

 
 

 

 
𝑄 =

1.25(𝛾 − 𝐷3 − 𝐷2𝑅)

𝐷1
 

 

 

 
𝑅 =

𝛾 − 𝑥𝑚 − 𝐷1
2

1 − 𝛾 − 𝐷1 + 𝐷1
2 

 

 

 
𝛾 =

𝑀2

√𝑀0𝑀4

 
 

 

 

𝑥𝑚 =
𝑀1

𝑀0

√
𝑀2

𝑀4
 

 

 

  



 III 

APPENDIX C: PSD-SPECTRUMS 

MBS 

First test track passage (S1) 

 
 

Strength (RMS-value) 
Exact 0.067 
Approximate 0.133 

 

 

 
 

Strength (RMS-value) 
Exact 0.100 
Approximate 0.227 

 



 IV 

 
 

Strength (RMS-value) 
Exact 0.150 
Approximate 0.430 

 

 

 

 

Second test track passage (S5) 

 
 

Strength (RMS-value) 
Exact 0.054 
Approximate 0.093 

 



 V 

 
 

Strength (RMS-value) 
Exact 0.076 
Approximate 0.145 

 

 

 
 

Strength (RMS-value) 
Exact 0.173 
Approximate 0.524 

 

 

  



 VI 

Both test track passages (S1 + S5) 

 
 

Strength (RMS-value) 
Exact 0.055 
Approximate 0.095 

 

 

 
 

Strength (RMS-value) 
Exact 0.079 
Approximate 0.165 

 



 VII 

 
 

Strength (RMS-value) 
Exact 0.139 
Approximate 0.401 

 

 

 

 

Test rig 

 

Both test track passages (S1 + S5) 

 

 
 

Strength (RMS-value) 
Exact 0.136 
Approximate 0.205 

 

 

  



 VIII 

Test track 

 

Both test track passages (S1 + S5) 

 

 
 

Strength (RMS-value) 
Exact 0.017 
Approximate 0.023 

 

 

 
 

Strength (RMS-value) 
Exact 0.140 
Approximate 0.213 

 



 IX 

 
 

Zoomed in (excluding the peak above) 

 
 

Strength (RMS-value) 
Exact 5.419 
Approximate 7.511 

 

 


