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Abstract 

This thesis presents the experimental work on testing the seasonal performance of a 40 kW air-to-water 
propane heat pump, as a part of the research project Next Heat Pump Generation working with Natural 
fluids (NxtHPG) that has been carried out in ‘Applied thermodynamics and refrigeration 
Division’ in the department of Energy Technology, KTH. The thesis work involves three parts: 
preparation of the HP unit test rigs, experimental campaign and the evaluation of test results. 
 
In the first part, the set-up of the measurement device and necessary modifications to the heat pump unit 
as well as the test rigs have been completed to create an accurate measuring environmental for the 
experimental campaign. During the second stage, two series of experimental campaign have been done in 
the heating mode of the heat pump unit, and satisfactory results have been obtained in parts of the test 
conditions. Finally, the evaluation on the system performance as well as the behaviors of the components 
is discussed. The variation between experimental results and the simulation conducted by IMST-ART 
model is within reasonable range, proving that the heat pump unit has been working in good conditions. 
The compressor is proved to have been performing as manufacturer expected. However, some further 
investigations on the behaviors of the heat exchangers and expansion valve, such as superheat oscillation, 
are recommended be carried out in the future work. The completion of the rest of tests in which minus air 
temperature should be maintained and the ones with the desuperheater working should be done as well. 
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Nomenclature 

 

 ∆ℎ𝑖𝑠 enthalpy difference of isentropic compression work kJ/kg 

�̇�𝑒𝑙 Compressor motor power kW 

�̇�𝑚𝑎𝑝 Mass flow rate calculated by ARI-correlation kg/s 

�̇�𝑛𝑒𝑤 Mass flow rate after superheat correction calculated by ARI-correlation kg/s 

�̇�𝑟𝑒𝑓,𝑑𝑠 Mass flow rate of propane calculated by heat balance is desuperheater kg/s 

�̇�𝑟𝑒𝑓 Mass flow rate of propane kg/s 

�̇�𝑎𝑚𝑏 Heat loss from the compressor crankcase to the ambient air kW 

�̇�𝑑𝑖𝑠 Heat losses from discharge cooling-down kW 

�̇�𝑑𝑠 Heating capacity of desuperheater kW 

�̇�𝑠𝑢𝑐 Heat gain in the suction heating-up kW 

�̇�𝑑𝑖𝑠 Displacement volume m3/h 

�̇�𝑤,𝑐𝑜𝑛𝑑  Volumetric flow rate of condenser water loop m3/h 

�̇�𝑤,𝑑𝑐 Volumetric flow rate of dry-cooler water loop m3/h 

�̇�𝑤,𝑑𝑠 Volumetric flow rate of desuperheater water loop m3/h 

�̇�𝑙𝑜𝑠𝑠 Electromechanical losses from the compressor shaft power kW 

�̇�𝑚𝑎𝑝 Compressor power calculated by ARI-correlation kW 

�̇�𝑛𝑒𝑤 Compressor power after superheat correction kW 

𝐴𝑚𝑖𝑛 Minimum room area m2 

𝑐𝑝,𝑤 Specific heat capacity of water kJ/kg 

ℎ0 installation height m 

ℎ14 Inlet enthalpy of propane at the desuperheater side kJ/kg 

ℎ15 Outlet enthalpy of propane at the desuperheater side kJ/kg 

ℎ16 Inlet enthalpy of propane at the condenser side kJ/kg 

ℎ17 Outlet enthalpy of propane at the condenser side kJ/kg 

𝑁𝑢𝐷1
 Nusselt Number in smooth circular tube - 

𝑁𝑢𝐷2
 Nusselt Number for external air flow - 

𝑃1 Discharge pressure bar 

𝑃2 Suction pressure bar 

𝑃𝑟1 Prandtl Number in smooth circular tube - 

𝑃𝑟2 Prandtl Number for external air flow - 

𝑅𝑒𝐷1
 Reynolds Number in smooth circular tube - 
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𝑅𝑒𝐷2
 Reynolds Number for external air flow - 

𝑇1 Temperature of desuperheater outlet (water) oC 

𝑇10 Temperature of condenser inlet (water; unit) C 

𝑇11 Temperature of evaporator outlet (refrigerant) C 

𝑇12 Temperature of condenser outlet (water; unit) C 

𝑇13 Temperature of compressor inlet (refrigerant) C 

𝑇14 Temperature of compressor outlet (refrigerant) C 

𝑇15 Temperature of desuperheater outlet (refrigerant) C 

𝑇16 Temperature of condenser inlet (refrigerant) C 

𝑇17 Temperature of condenser outlet (refrigerant) C 

𝑇18 Temperature of evaporator inlet (refrigerant) C 

𝑇2 Temperature of desuperheater inlet (water) oC 

𝑇3 Temperature of condenser outlet (water; pump rig) C 

𝑇4 Temperature of condenser inlet (water; pump rig) C 

𝑇5 Temperature of evaporator outlet (air) C 

𝑇6 Temperature of evaporator inlet (air; left side) C 

𝑇8 Temperature of evaporator inlet (air; frontal side) C 

𝑇9 Temperature of evaporator inlet (air; right side) C 

𝑇𝑑𝑖𝑠,1 Discharge temperature of the scroll C 

𝑇𝑠𝑢𝑐,1 Suction temperature of the scroll C 

𝑉𝑚𝑖𝑛 Minimum room volume  m3 

𝜂𝑖𝑠 isentropic efficiency - 

𝜂𝑜𝑣𝑒𝑟𝑎𝑙𝑙 overall efficiency - 

𝜂𝑣𝑜𝑙 volumetric efficiency - 

𝜌𝑚𝑎𝑝 Refrigerant density at suction point of nominal superheat level kg/m3 

𝜌𝑛𝑒𝑤 Refrigerant density at suction point kg/m3 

𝜌𝑟𝑒𝑓,𝑠𝑢𝑐 Density of the propane at the suction of the compressor kg/m3 

𝜌𝑤 Density of water kg/m3 

∆ℎ𝑖𝑠𝑒𝑛,𝑚𝑎𝑝 enthalpy difference of isentropic compression work calculated by ARI-

correlation 

kJ/kg 

∆ℎ𝑖𝑠𝑒𝑛,𝑛𝑒𝑤 enthalpy difference of isentropic compression work after superheat 

correction 

kJ/kg 

∆ℎ𝑟 Refrigerant enthalpy difference between inlet and outlet of the 

condenser 

kJ/kg 
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∆𝑃𝑤𝑎𝑡𝑒𝑟.𝑐𝑜𝑛𝑑 Pressure difference between condenser inlet and outlet (water) kPa 

𝐶1~ 𝐶9 Equation coefficient, represents compressor performance - 

CFC Chlorofluorocarbon - 

COP Coefficient Of Performance - 

D Discharge dew point temperature C 

DB Dry-bulb temperature C 

DHW Domestic Hot Water - 

EXV Electronic Expansion Valve - 

𝑓 friction factor - 

𝐹 Correcting coefficient of mass flow rate in ARI-correlation  - 

GWP Global Warming Potential - 

HC Hydrocarbon - 

HCFC Hydrochlorofluorocarbon - 

HFC Hydrofluorocarbon - 

HP Heat Pump - 

KG1 Compressor contactor 1 - 

𝑚 refrigerant charge kg 

ODP Ozone depletion potential - 

PI Proportional-Integral - 

PID Proportional-Integral-Derivative - 

PL practical limit kg/m3 

𝑅𝐻 Relative humidity in climate chamber % 

S Suction dew point temperature C 

SPF Seasonal Performance Factor - 

TEWI Total equivalent warming impact - 

VDC Volts of Direct Current - 

WB Wet-bulb temperature C 

℥ Heat loss fraction from the condenser to the ambient air - 

 

  

https://en.wikipedia.org/wiki/Chlorofluorocarbon
https://en.wikipedia.org/wiki/Hydrochlorofluorocarbon
https://en.wikipedia.org/wiki/Hydrofluorocarbon
https://en.wikipedia.org/wiki/Ozone_depletion_potential
https://en.wikipedia.org/wiki/Volt
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1 Introduction 

1.1 Background of NxtHPG Project 

The utilization of natural fluids as refrigerant may lead to a higher efficiency in the refrigeration, heat 

pump and air-conditioning systems and will contribute to the better conditions for the environment by 

reducing their global warming potentials. However, the use of natural refrigerants, more specifically 

speaking, carbon dioxide and hydrocarbons, is still facing both the non-technical and technical barriers.  

For the non-technical aspects, the major concern for using CO2 in refrigeration applications is that the 

cost of refrigerating equipment is relatively high. With regard to the hydrocarbons, the flammability may 

potentially cause accidents, leading to the reluctance of the original equipment manufacturers to produce 

equipment for flammable refrigerants. In terms of the technical barriers, the key point for the 

development of HCs equipment is to find solutions in which the extra costs for safety measures could be 

compensated by the reduction in energy consumption as well as its costs, in other words, to increase the 

efficiency of HCs systems. 

Thus, more studies specified on giving a definitive step forward to overcome those barriers and impeding 

the spread of natural refrigerants should be further conducted, in order to provide commercially-

competitive solutions for the manufacturers, as called new generation heat pumps working with HCs and 

CO2. NxtHPG (Next Generation of Heat pumps working with Natural fluids), is one of research projects 

in Seventh Framework Programme as shown in Figure 1, aiming at developing several safe, reliable and 

energy-efficient heat pumps working with natural refrigerants in high capacity. The hydrocarbons and 

carbon dioxide are of the most interest, and improving corresponding system components dedicated for 

those two kinds of refrigerants are within the researching scope. The final objective is to develop 

integrated heat pump units that could reach higher efficiency (10-20% SPF improvement) and lower 

carbon footprint (20% lower TEWI) comparing to currently used HFCs/HCFCs heat pumps. (NxtHPG, 

2012) 

 

Figure 1 Project title and acronym 

1.2 Project Structure 

The NxtHPG project has a strong consortium, consisting of top European manufacturers and prestigious 

research institutions to overcome those barriers and step forward in the spread of natural refrigerants. The 

RTD team is divided into three parts, specified on HCs, CO2 and heat exchangers studies respectively. As 

demonstrated in the Figure 2 for HCs team, Danfoss CC will be responsible for the compressor 

manufacturing and improvements, while ALFA-LAVAL and LU-VE are responsible for the heat 

exchangers. CIAT takes charge in the heat pump unit design and refrigerant circuit enhancement. 
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Figure 2 Project structure of NxtHPG (Source: NxtHPG website) 

As a major part of HCs team, KTH is responsible for carrying out the first and the second experimental 
campaigns of two prototypes working with propane, CASE 1 and CASE 2. CASE 1 is an air-to-water heat 
pump aiming at producing hot water for heating applications, and it also covers a low demand of DHW 
(domestic hot water) with the use of a desuperheater. The unit is going to be reversible on the refrigerant 
circuit, so providing heating in winter and cooling in summer. The heating capacity of CASE 1 heat pump 
is 40 kW at the design condition. Similarly, CASE 2 is a water-to-water heat pump simulating the ground 
source with the same functions as the CASE 1 heat pump. It has a larger designed heating capacity at 50 
kW.  

 
Figure 3 Final definitions of selected case studies (Source: Report D1.3) 
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1.3 Work packages and the thesis work 

There are 11 work packages defined in the work-plan, covering the case studies, reviewing of standards, 

initial designing, experimental campaigns in two cycles with improvement, and the final assessment and 

management (Table 1). KTH has been involved in the modelling, designing and experimental campaigns 

so far. 

Table 1 Work plans of the NxtHPG project 

Work Packages Descriptions 

WP 1 Analysis of applications and case studies 

WP 2  Modelling of heat pumps and systems 

WP 3 HP prototypes design 

WP 4 HP prototypes construction 

WP 5 1st experimental campaign 

WP 6 Analysis of seasonal performance and initial assessment 

WP 7  Improvement of HP prototypes design and construction 

WP 8 2nd experimental campaign and control optimization 

WP 9 Design Guidelines. Final assessment of results 

WP 10 Dissemination and exploitation of results 

WP 11 Management 

The thesis work is about the 1st experimental campaign about the CASE 1, air-to-water heat pump unit. 

The work majorly falls in the WP5, including completing the installation of the adequate instrumentation 

of the test rigs, the full experimental characterization of the prototypes, as well as the analysis of 

experimental results. The results obtained within in the thesis would be served as parts of the deliverables 

in NxtHPG project.   
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2 Background Studies 

2.1 Propane as refrigerants 

Along with the prohibition of CFCs in many countries and the gradual displacement of HCFCs and CFCs 

due to their negative environmental impacts, natural refrigerants, especially propane and carbon dioxide, 

have been considered to be the developing direction of the refrigeration industry in the future. The 

utilization of fluorinated gases as refrigerant has been in the stage of phasing out, for example, the 

European Parliament published directives, aiming at banning fluorinated gases with GWP larger than 150 

in newly manufactured automobiles in 2014.  

However, the flammability of the hydrocarbons has been a major concern considering the compatibility of 

the compressor. Besides paying attention to the flammability of the hydrocarbons, their thermodynamic 

properties are also important. In the review written by Palm (2008), a comparison among hydrocarbons 

and other normally used refrigerants, such as R134a, R22, etc. is made to explain the feasibility of 

hydrocarbons. The vapor pressure curves for propane and other fluids show that their application areas 

are quite similar. At the assumed condensing and evaporation temperatures at +40/-20 oC, propane is 

proved to have rather good behaviors in volumetric refrigerating effect and similar COP as the other 

common refrigerants in ideal cases of the whole refrigeration process. It is concluded that propane used as 

refrigerants would give mostly equal system efficiencies to R22 and R134a systems.   

As mentioned in that paper, mostly used materials in HFC systems, including metal alloys and typically 

used polymers, are compatible with hydrocarbons. Therefore, components for HFC systems in the market 

should be mostly usable for propane and other hydrocarbon systems. However, because of the 

flammability, the choice of compressors would be largely limited since few large-capacity compressors that 

could be working with hydrocarbons are available on the market.  

The review also studies on the applications of hydrocarbon refrigerants, mostly propane in the market. It 

is found that European manufacturers are much more interested in developing small-scale systems (mostly 

up to 15kW) working with propane. Some companies, such as Italian manufacturer De’ Lonhi, Austrian 

manufacturer Neura, German company Dimplex and Swedish company Nibe, have made some 

successfully applications in the market. The principle of those applications is consistently trying to 

decrease the possibility of refrigerant leakage and reduce the refrigerant charge by possible means. 

There have been some successful commercial products using propane as refrigerants on type of air-to-

water heat pumps. The manufacturers are mostly located in Sweden (Octopus Energi, Terrawatt, Nibe), 

Germany (Alpha-InnoTec, Dimplex, KVS) and Switzerland (Calmotherm Ag, Novelan). Unlike the 

prototype developed in NxtHPG which is 40kW, those products’ capacity mostly ranges from 5 kW to 15 

kW. Totally speaking, the number of producers using hydrocarbons has been found to decrease, probably 

due to the lack of available large-capacity hermetic compressors in the markets. 

The advantages of propane comparing to other commonly-used fluids could be summarized as the 

following points: 

 Zero ODP (ozone depletion potential) and extremely low global warming potential (<4); 

 Good thermodynamic properties and high energy efficiency; 

 Good compatibility with the available system components in the market. 

2.2 Previous studies of propane heat pump 

There have been many studies working on optimizing the system performance of propane heat pump 

units. A research that done by Tammaro (2015) studies on a propane water-to-water heat pump prototype 
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which can adapt its condensing pressure to optimize COP. The water source temperature is changed from 

the tank to reach highest COP at 4,8 when the it is the coldest. It could produce sanitary hot water at 60 
oC from a heat sink at 15 or 25 oC.  

Also, an experiment has been done by a 100 kW propane heat pump unit with low refrigerant charge. The 

papar written by Cavallini (2010) shows that using plate exchangers for both the evaporator and 

condenser, the 100 kW water-to-water heat pump can run with 3 kg propane without liquid receiver, and 

with shell-and-tube condenser can reduce the charge up to 0,8 kg. The average COP is around 3,8 when 

the condenser water outlet temperature is 45 oC and evaporator inlet/outlet temperature is 12/7 oC. It has 

been found that minichannel exchanger saves 25% of the total charge mass, but causes in around 2% 

reduction in COP. 

A research was made through a R290 air-to-water reversible heat pump unit for optimized design of the 

heat exchanger (Castro, 2005). Two fin-and-tube heat exchangers (coils) have been compared in terms of 

the system performance of the whole unit. The experimental results show that the coil-2 with fewer 

refrigerant circuits but higher length of the circuit has better performance (6% higher COP in heating 

mode and 4% higher COP in cooling mode), and the model simulates that the heat transfer coefficient is 

33-40% larger in the coil-2 than coil-1. The COP is dependent on the superheat level, and it gets the peak 

value at around 3,4 when the superheat is 6 K (Air temperature at 12 oC and water outlet temperature at 

50 oC). It is concluded in the paper that an optimal relationship among the circuit number, inner tube 

diameter could yield the highest efficiency of a heat pump unit.  

The reviewed relevant studies  focused mainly on optimizing the components’ performance, mostly heat 

exchangers. Reducing refrigerant charges are of interest as well. However, some specific studies on the 

compressors working with propane are lacked, probably due to the minor manufactured compressors 

dedicated for R290 in the market. 

2.3 Standards of heat pump working with hydrocarbons 

As noted before, the safety issue is the most important concern of the refrigeration and air-conditioning 

applications. Therefore, special requirements of system charge, safe design and components’ properties 

have been formulated in international or regional standards and directives about the utilization of 

hydrocarbons as the refrigerant. 

According to the review of the relevant standards (Corberán J. M., 2008), some existing standards, for 

example, EN 378:2000, prEN 378:2006, DIS ISO 5149, required the maximum and allowable refrigerant 

charge sizes according to different locations and occupancy. The occupancy category is sorted into three 

classes, representing the locations where general occupancy is not restricted, to a certain level or with only 

authorized access respectively. Also, each occupancy category is divided into two classes, which are the 

applications of refrigeration, heat pumps and air conditioning for (Comfort HPAC) and not for human 

comfort (PHPAC) respectively. As summarized in the paper: 

 For systems under “RHPAC”, 𝑉𝑚𝑖𝑛 = 𝑚/𝑃𝐿 

 For systems under “Comfort HPAC”, 𝐴𝑚𝑖𝑛 = (𝑚/(2,5𝐿
5

4ℎ0 )) 

Where 𝑉𝑚𝑖𝑛 𝑎𝑛𝑑 𝐴𝑚𝑖𝑛 refer to the minimum room volume and area, m is the refrigerant charge, ℎ0 is the 

installation height (𝑚) and PL it the practical limit (in kg/m3). 

Also the mechanical ventilation is required for the machinery room or an enclosure where the 

hydrocarbon applications are located. Some other requirements, such as the ones for compressors, 

materials and piping, etc., are defined in those standards and directives as well. Generally speaking, more 
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amendments are needed to improve the developments of natural refrigerants, encouraging or forcing the 

substitution of synthetic refrigerants.  
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3 Experimental Rigs Description 

As already noted in the first chapter, CASE 1 in NxtHPG Project is a reversible propane air-to-water heat 

pump for heating application as well as domestic hot water use, and the heating capacity of that is 40 kW 

at the design point. The heat pump unit was built by our NxtHPG partner CIATESA, which is Spanish 

company, and the unit was placed inside of the climate chamber on the rooftop of the EGI labs in KTH, 

as shown in Figure 4. In the following sections, the detailed descriptions of the heat pump unit along with 

the test rig instrumentation are introduced. 

 

Figure 4 Overview of CASE 1 unit and test rigs 

3.1 Heat pump unit components 

3.1.1 Refrigeration circuit 

The propane air-to-water heat pump prototype is designed by the cooperation among the project partners 

and constructed by CIATESA. The original sketch is shown in Figure 5. In the heating mode, the large 

brazed plate heat exchanger is used as condenser to provide hot water for space heating, and the fin-and-

tube heat exchanger coil is used as evaporator. In the cooling mode, the functions of those two heat 

exchangers are exchanged in order to produce cold water in the condenser loop. The adjustment of the 

flow directions between heating and cooling modes is achieved by the 4-way valve placed after the 

desuperheater. In the newly updated report D 7.2, the refrigeration circuit is modified by deleting the 

water pump, two check valves and some pipes, for the improvements in the second experimental 

campaign. (A. Cerezuela, 2015) 
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Figure 5 Original scheme of refrigeration circuit (Source: Report D7.2) 

The heat pump unit is equipped with a microprocessor-controlled electronic circuit board, called 

CONNECT 2. The CONNECT 2 control module is served as the brain of the entire unit to control the 

components by the console, as well as monitoring working conditions and diagnosis the faults. However, 

due to failures of controlling fan and compressor speed by this control module at present, some 

modifications have been made on the connections of J2 3-4, and J3-1 with KG1, which are demonstrated 

in the Figure 6. Figure 6.(a) shows the original design of the main card and Figure 6.(b) illustrates the 

modifications that have been done. In this way, the fan could be started and the high pressure fault in the 

module could be by-passed. 

  

(a) Original design (b) Modified design 

Figure 6 Electrical schemes for CIAT control board 

3.1.2 Compressor 

The compressor selected in the heat pump unit is Danfoss PSH051-9. It is a hermetic scroll compressor 

configured with inverter located on unit control box. Danfoss Commercial Compressors has extensive 

experiences in manufacturing compressors with hydrocarbons, and PSH compressors are recommended 

to carry out the researches working with R290 as they were used to work with R410a and R407c in the 

market. The basic parameters of the model are summarized in Table 2. Figure 7 shows the compressor 

installed in the test rig.  
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Table 2 Basic parameters of PSH051-9 compressor 

 
Unit PSH051-9 

Swept volume cm3 227,60 

Displacement at 50Hz m3/h 39,60 

Oil charge dm3 6.7 

Lubricant viscosity cSt 68 

Lubricant family -- POE 

Voltage nominal V@60Hz 380 

 

The capacity control of the heat pump unit is achieved by the inverter and the VLT Compressor Drives 

CDS302 located besides the main electrical board. The speed control by the inverter could be done by 

varying the compressor drive console or providing analogue input within the range of 4-20 mA by the 

main control module. In the test conditions, the inverter frequency is set to be 50 Hz. 

 

Figure 7 Insulated Danfoss scroll compressor in HP unit 

3.1.3 Heat exchangers  

In the heat pump unit, three heat exchangers are configured in the heat pump unit. Two of them are 

brazed plate heat exchangers and the other one is fin-and-tube heat exchanger. In the heating mode, the 

larger brazed plate heat exchanger, manufactured by ALFA-LAVAL, is operated as the condenser, and the 

coil manufactured by LU-VE as the evaporator. Since it is a reversible air-to-water heat pump, the 

functions of those two heat exchangers are reversed in the cooling mode. The introductions of the heat 

exchangers would be made as in the heating mode. 

3.1.3.1 Condenser and desuperheater 

The products used as condenser and desuperheater are AC-70X-80M and CB30-24H respectively. The 

objective of installing the desuperheater is for producing DHW with the temperature up to 55 oC by 

cooling down the high-temperature discharge gas from the compressor. Obviously the desuperheater has 

smaller size than the condenser, and their positions are demonstrated in Figure 8. The detailed 

descriptions of two heat exchangers can be found in Appendix A. 
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Figure 8 Piping designs of hydraulic loops in HP unit 

3.1.3.2 Evaporator 

LU-VE is the responsible manufacturer for providing the air-to-refrigerant coil heat exchanger in the 

project, and the selection of that has been updated due to the size adjustment of the heat pump unit 

frame. The final selection is the SRX25/ED/48T3R2500A/CuAl/36V01. The tubes, headers and 

connectors are made of copper and the fins are made of aluminum. Some important parameters about the 

evaporator are concluded in the Table 3. 

Table 3 Descriptions about the fin-and-tube coil heat exchanger 

Nomenclature  Description 

SRX25 fin geometry 

ED direct expansion 

48T 48 tubes in height for each row 

3R 3 rows 

2500A finned length (mm) 

 

3.2 Climate chamber 

The climate chamber was constructed for creating specific ambient conditions for the air-to-water heat 

pump unit according to the European Standards of testing the seasonal performance of the unit. The 

range of dry-bulb air temperature required can be as low as -7  oC in the heating mode and up to 35 oC in 

the cooling mode. All the structures of the climate chamber are made of insulating materials in order to 

create a compact and stable indoor climate. A horizontal view of the climate chamber could be found in 

Figure 9, and the detailed design in a top-view could be found in Appendix B. 
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Figure 9 Horizontal view of the climate chamber  

3.2.1 Air temperature control 

The air temperature is cooled down by the evaporator at the same time the heat is extracted from the 

condenser and dissipated to the water tank which is located outdoor. Another hydraulic loop connecting 

the ALFA-LAVAL water-to-air heat exchanger and the water tank is also built up to increase the indoor 

air temperature at the same time to compensate the excessive extracted heat or in the cooling mode. The 

Figure 10 illustrates the control method of the air temperature realized by a PID-controller and the 3-way 

mixing valve on the water loop mentioned above. 

 

 

 

 

Figure 10 Regulation system of the indoor air temperature 

The model of PID-controller is Eurotherm 3508, and the type of motor actuator of the 3-way valve is 

ESBE ARA 600. By regulating the flow rates of the warm water coming from the outdoor tank in the dry-

cooler loop, the heat dissipated by the water-to-air heat exchanger into the climate chamber is 

continuously adjusted to maintain the desired room temperature. Based on the measured indoor 

temperature by the thermocouple and the set-point of the desired room temperature, the PID-controller 

gives a 0-10 VDC signal to the motor actuator. The position of the 3-way valve would be accordingly 

rotated to adjust the water flow. By achieving the balance between the heat loss and gain in the climate 

chamber, the air temperature is controlled as expected. 
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3.2.2 Relative humidity control 

Besides the dry-bulb temperature, the relative humidity is also required to be controlled, in order to meet 

the requirements of the wet-bulb temperature according to the test matrix.  

Cooperated with the humidity sensor, the PI-controller configured in the humidifier controls the signal to 

the tank heater and the valve to regulate the amount of steam produced from the humidifier, and thus the 

humidity is controlled in the climate chamber. 

3.2.3 Safety measures 

Due to the flammability of propane, special cases should be taken to avoid the accidents if unfortunately 

the leakage happens in the heat pump unit. Thus, gas detectors and exhaust fan are placed in the climate 

chamber around the unit. The exhaust fan discharges the air from inside of the heat pump unit, beside the 

compressor, and it is kept running constantly when the experiments are conducted. 

 

Figure 11 Exhaust fan in the climate chamber 

3.3 Test rig instrumentation 

Generally, apart from the heat pump unit, the test rig consists of the measurement devices and the 

hydraulic loops connecting the unit and the water tank. The scheme of the heat pump and the testing 

facility is shown in Figure 12. 

 

Figure 12 scheme of hydaulic loop and measurement devices 



-23- 
 

3.3.1 Hydraulic loops 

The hydraulic loop simulates the loads of the unit in the water-side of the heat pump unit. It consists of a 

1 m3 water tank, one loop connecting the outdoor ALFA-LAVAL dry-cooler used for tank cooling, one 

loop connecting the indoor ALFA-LAVAL dry-cooler for space heating and two loops connecting the 

condenser and desuperheater respectively for load simulation. As drawn in the scheme, four motorized 3-

way valves are placed in every water loop to regulate the water flow rates in agreement with the operation 

conditions. Since the water inlet/outlet temperature to the desuperheater and condenser is supposed to be 

precisely measured and controlled to fit the test conditions, motorized 3-way valves with the function of 

constantly controlling water temperature are installed as shown in Figure 13. Such motorized 3-way valve 

model consists of the controller ESBE CRA110 and the 3-way valve VRG130.  

  
(a) Motorized 3-way valve VRG130 (b) Hydraulic loops on the pump rig 

Figure 13 Hydraulic loops demonstration 

3.3.2 Measurement devices 

In Figure 12, all the locations where different kinds of measurement devices are marked in the scheme. All 

the measurement devices set up by KTH, together with their measured parameters and their types are 

listed in Table 4. The measured data are integrated and interpreted through the data acquisition system, 

consisting of data logger Agilent 34970A and the software VEE.  

Table 4 List of measurement devices 

Measured 

parameter 

Measurement 

device 
Description Model 

Temperature (oC) 
T-type 

thermocouples 

𝑇1, 𝑇2 
Desuperheater 

outlet/inlet 

T-type 

thermocouples 

𝑇3, 𝑇4 

Condenser 

outlet/inlet (water; 

pump rig) 

𝑇5 
Evaporator outlet 

(air) 

𝑇6, 𝑇8, 𝑇9 Evaporator inlet (air; 
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left, frontal, right 

side) 

𝑇10, 𝑇12 

Condenser 

inlet/outlet (water; 

unit) 

𝑇11 
Evaporator outlet 

(refrigerant) 

𝑇13, 𝑇14 
Compressor 

inlet/outlet 

𝑇15 Desuperheater outlet 

𝑇16, 𝑇17 

Condenser 

inlet/outlet 

(refrigerant) 

𝑇18 
Evaporator inlet 

(refrigerant) 

Volumetric flow 

rate (m3/h) 

Magnetic flow 

meter 

�̇�𝑤,𝑐𝑜𝑛𝑑 
Condenser water 

loop 

RXF032G �̇�𝑤,𝑑𝑠 
Desuperheater water 

loop 

�̇�𝑤,𝑑𝑐 
Dry-cooler water 

loop 

Relative humidity 

(%) 
Humidity sensor 𝑅𝐻 

Relative humidity in 

climate chamber 
CHT (D/N) 

Pressure (bar) Pressure transducer 
𝑃1 Discharge pressure ClimaCheck 35 bar 

𝑃2 Suction pressure ClimaCheck 10 bar 

Pressure (kPa) 
Differential 

pressure transmitter 
∆𝑃𝑤𝑎𝑡𝑒𝑟.𝑐𝑜𝑛𝑑 

Pressure difference 

between condenser 

inlet and outlet 

EJA110E 

Power Power meter �̇�𝑒𝑙 
Compressor motor 

power 
Yokogawa WT130 
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4 Model Description 

In order to evaluate the system performance as well as the working conditions of system components, a 

calculation model is required to define the values of some important parameters, for example, COP, 

compressor efficiencies, etc. The simulating software IMST-ART, developed by UPV, has been utilized as 

a tool for the analysis and optimization of refrigeration equipment in NxtHPG project. Besides IMST-

ART models built for each test condition, an Excel model has been constructed as well to load the 

measurement data and providing the evaluation of the refrigeration unit performance.  

4.1 IMST-ART model 

IMST-ART models have been used for designing all the prototypes in NxtHPG project and simulating the 

performance of each system components in the unit. It has a user-friendly interface as shown in Figure 14. 

Each sub-model characterizing each system component (compressor, heat exchangers, expansion valve, 

accessories and piping) constitutes the global model for the refrigeration cycle, involving a series of non-

linear equations describing the thermos-physical properties. The detailed equations employed in the 

software for modelling could be found in previous paper done by (Corberán J. M., 2002) and Report D 

2.1 (Carla Montagud I. G., 2013).  

 

Figure 14 Interface for IMST-ART model 

4.1.1 Model input and simulation results 

IMST-ART has a user-friendly interface, where the required input data could be visually found and typed 

in the blanks. From Figure 14, it is shown that the working conditions of each system component are 

required to be defined. The input values to each sub-model are basically the pressure, enthalpy and mass 

flow rate at the inlet and the outlet, and the general governing equation could be summarized in equation 

(4.1) as the additional closure equation for the system of equations. 

 𝑓(𝑝𝑖𝑛𝑙𝑒𝑡 , ℎ𝑖𝑛𝑙𝑒𝑡 , 𝑝𝑜𝑢𝑡𝑙𝑒𝑡 , ℎ𝑜𝑢𝑡𝑙𝑒𝑡 , �̇�) = 0 (4.1) 
 

The input data of each sub-model will be described in the following sections. 

4.1.1.1 Compressor 

Some manufacturing data of the compressor are needed to characterize its behavior. The basic product 

specifications that have been already summarized in Table 2, the empirical parameters involved in defining 

the mass flow rate, power input and the outlet enthalpy are needed to map the compressor efficiencies. 

Here the ARI polynomial equation is used according to ARI Standard 540, which is: 
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𝑋 =  𝐶1 + 𝐶2 · 𝑆 + 𝐶3 · 𝐷 + 𝐶4 · 𝑆2 + 𝐶5 · 𝑆 · 𝐷 + 𝐶6 · 𝐷2 + 𝐶7 · 𝑆3 + 𝐶8 · 𝐷

· 𝑆2 + 𝐶9 · 𝑆 · 𝐷2 + 𝐶10 · 𝐷3 
(4.2) 

 

Where:  

C = Equation coefficient, represents compressor performance; 

S = Suction dew point temperature, C; 

D = Discharge dew point temperature, C; 

X can represent any of the following variables: 

 Power Input, W or kW [kW]  

 Mass flow rate, lb/h [kg/s]  

 Current, A [A]  

 Compressor or Compressor Unit Efficiency 

The equation coefficients regarding the above variables are provided by the manufacturer, and they are 

tabulated in Appendix C. Additionally it is noted that in Appendix C, all the coefficients are provided on 

the basis of the suction gas is superheated at 10 K. However, the superheat level at the compressor inlet in 

the experiments may differ from the design conditions where the polynomials coefficients are defined. 

The superheat correction is needed in terms of the mass flow rate, and equation would be: 

 
�̇�𝑛𝑒𝑤

�̇�𝑚𝑎𝑝
= 1 + 0,75(

𝜌𝑛𝑒𝑤

𝜌𝑚𝑎𝑝
− 1) (4.3) 

 

4.1.1.2 Heat exchangers 

The sub-models of heat exchangers should be primarily constructed based on the geometries and the 

materials of the chosen heat exchangers by inputting the information in the interface shown in Figure 15. 

In Appendix A, detailed designing information of three heat exchangers is provided by manufacturers. 

With the definitions of the working conditions of the secondary fluids in each test condition, the sub-

models would be completed. 

 

Figure 15 Heat exchanger configuration in IMST-ART 

4.2 Excel model 

A specific data post-processing program is needed to process the measurement data and analyze the 

system performance on each single test. Excel model is utilized to load the measurement data created in 
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data acquisition program VEE and perform the calculation by extracting physical properties of R290 from 

REFPROP 9.0.  

4.2.1 Running procedure of the model 

The running procedure of the model is conducted in the following steps: 

(1) Select the period when all the measured figures are steadily matching the test conditions; 

(2) Allocate measurement data into corresponding columns, all the needed measured data are shown 

in Table 4. 

(3) The calculation is subsequently performed based on the average values from the chosen 

measurement data. Calculated cycle and components’ performance would be shown in 

automatically generated tables with the comparisons between manufacturers’ data and the 

measurement data in the tests. 

(4) Pressure-enthalpy diagrams are created showing the refrigerant cycle, the report containing main 

averaged experimental data and performance assessment is generated.  

4.2.2 Main equations in the model 

The step of calculation contains a series of equations which help to characterize the total cycle 

performance as well as to assess the working conditions of system components. Among those equations 

could be summarized in the following page, and the nomenclatures used are in accordance with the 

measurement data in Table 4. 

(1) The heat balance over the condenser defines the heating capacity based on the heat gain on the 

water side: 

 �̇�𝑐𝑜𝑛𝑑 =  �̇�𝑤,𝑐𝑜𝑛𝑑 ∙  𝜌𝑤  ∙  𝑐𝑝,𝑤  ∙ (𝑇3 − 𝑇4) (4.4) 

Where, 

𝜌𝑤  and 𝑐𝑝,𝑤 are the density and specific heat capacity of water, taking the average temperature of 

inlet and outlet of the condenser. 

 

(2) The mass flow rate of propane, �̇�𝑟𝑒𝑓  in the refrigerant circuit. It is calculated with the heat 

balance in the condenser on the propane side.   

 �̇�𝑟𝑒𝑓 =  
�̇�𝑐𝑜𝑛𝑑

ℎ16 − ℎ17
 (4.5) 

Where, 

ℎ16 and ℎ17 are the inlet and outlet enthalpy of the condenser at the propane side, and they are 

calculated based on high pressure (P1) and the measured temperatures 𝑇16 and 𝑇17 of propane by 

REFPROP. 

 

(3) The same calculating produces would be processed if the desuperheater is working by the heat 

balance between refrigerant and water sides. 

 �̇�𝑑𝑠 =  �̇�𝑤,𝑑𝑠 ∙  𝜌𝑤  ∙  𝑐𝑝,𝑤  ∙ (𝑇1 − 𝑇2) (4.6) 

 

 �̇�𝑟𝑒𝑓,𝑑𝑠 =  
�̇�𝑑𝑠

ℎ14 − ℎ15
 (4.7) 

Where, 
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ℎ14 and ℎ15 are the inlet and outlet enthalpy of the desuperheater at the propane side, and they 

are calculated based on high pressure (P1) and the measured temperatures 𝑇14 and 𝑇15  of 

propane by REFPROP. 

 

(4) Considering the compressor efficiencies, the following equations are employed to evaluate the 

working conditions of the compressor. 

The volumetric efficiency of the compressor is: 

 𝜂𝑣𝑜𝑙 = 3600 ∙  
�̇�𝑟𝑒𝑓

𝜌𝑟𝑒𝑓,𝑠𝑢𝑐  ∙   �̇�𝑑𝑖𝑠

 (4.8) 

The isentropic efficiency is 

 𝜂𝑖𝑠 =  
∆ℎ𝑖𝑠

ℎ13 − ℎ14
 (4.9) 

The overall efficiency is: 

 𝜂𝑜𝑣𝑒𝑟𝑎𝑙𝑙 =  
�̇�𝑟𝑒𝑓 ∙   ∆ℎ𝑖𝑠

�̇�𝑒𝑙

 (4.10) 

Where, 

𝜌𝑟𝑒𝑓,𝑠𝑢𝑐 is the density of the propane at the suction of the compressor, calculated by T13 and P2 

by REFPROP; 

�̇�𝑑𝑖𝑠 is the total displace volume in [𝑚3/ℎ] of the working compressor PSH051-9. The value 

comes from the manufacturer datasheet, and it is marked in Table 2. (�̇�𝑑𝑖𝑠 = 39, 60 [ 𝑚3/ℎ ]) 

 ∆ℎ𝑖𝑠 is the isentropic difference in enthalpy between the compressor inlet condition and outlet 

pressure; 

(ℎ13 − ℎ14) is the enthalpy difference of propane across the compressor; 

The mass flow of propane �̇�𝑟𝑒𝑓 is calculated with the energy balance in the condenser using data 

from the water side (Equation (4.4) and (4.5)). For the tests with the desuperheater active a similar 

calculation is performed in the desuperheater in order to compare the two values obtained for the 

mass flow of propane. 

(5) The cycle performance is usually evaluated by COP, and its definition is shown in the equation 

below. 

 𝐶𝑂𝑃 =  
�̇�𝑑𝑠 + �̇�𝑐𝑜𝑛𝑑

�̇�𝑒𝑙

 (4.11) 
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5 Preliminary tests 

With the installation of experimental rigs primarily completed, the first series of tests were planned to be 

conducted on heating mode with desuperheater off, based on the test matrix in Report D5.1. The detailed 

information of test conditions is demonstrated in Table 5, referring to the design point of CASE 1 as well 

as EU Standard for calculation of seasonal performance.  

Table 5 Test matrix of heating mode with desuperheater off 

Nb. External Air DB/WB (°C) 

Equivalent 

Relative 

Humidity (%) 

Water Inlet (°C) Water Outlet (°C) 

1 

7/6 86.6% 

40 45 

2 28 33 

3 47 55 

4 28 36 

5 

2/1 83.6% 

Fixed water flow 45 

6 32 37 

7 Fixed water flow 55 

8 34 42 

9 

12/11 88.8% 

Fixed water flow 45 

10 Fixed water flow 55 

11 23 28 

12 22 30 

13 

-7/-8 72.1% 

Fixed water flow 45 

14 37 43 

15 Fixed water flow 55 

16 45 52 

a) Design condition is Nb.1; 

b) Compressor runs with nominal frequency at 50Hz; 

c) Fixed water flow means adopting the same water flow rate through the condenser as 7(6) 

Due to some technical problems in the test rig, the first series of tests were primarily conducted among 

test number 1 to 10 according to Table 5 to examine the operation conditions of all the system 

components as well as the measurement device. After comparing the results calculated by the Excel model 

and IMST-ART simulated ones according to the design conditions, the deviations mostly lie in the 

following aspects: 

 Compressor performance: Refrigerant mass flow, volumetric efficiency, overall efficiency, motor 

power, discharge temperature, etc.  

 Total cycle performance: Heating capacity, COP, superheat, subcooling, etc.; 

5.1 Preliminary analysis for compressor performance 

Focusing on the compressor performance primarily, a general discrepancy has been found between the 

two series of data. The comparison between the experiment and Danfoss manufacturing data indicates 

lower volumetric efficiency and mass flow rate are found in experimental data. Such discrepancy is around 
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10% in average according to Figure 16.(b) and (d). In terms of the overall efficiency, the agreement is 

better between the experiment and Danfoss expectation, and the discrepancy is found to be within 10% 

(Figure 16.(f)).  

  

(a) Volumetric efficiency comparison (b) Percentage difference of volumetric 
efficiency 

  

(c) Refrigerant mass flow comparison (d) Percentage difference of refrigerant 
mass flow 

  

(e) Overall efficiency comparison (f) Percentage difference of overall 
efficiency 

Figure 16 Comparisons of compressor performance 
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Referring to equation (5.1) showing the heat balance in the condenser, the formula could be expressed as: 

 �̇�𝑟𝑒𝑓 =
�̇�𝑐𝑜𝑛𝑑,𝑤

(1 − ℥)∆ℎ𝑟
=

�̇�𝑤,𝑐𝑜𝑛𝑑 ∙ 𝜌 ∙ 𝑐𝑝,𝑤 ∙ (𝑇𝐶𝑜𝑛𝑑,𝑜𝑢𝑡 − 𝑇𝐶𝑜𝑛𝑑,𝑖𝑛)

(1 − ℥)∆ℎ𝑟
 (5.1) 

Where: 

℥ is the heat loss fraction from the condenser to the ambient air, assumed to be 0 in calculation model; 

∆hr is the enthalpy difference between inlet and outlet of the condenser on the refrigerant side. 

The refrigerant mass flow rate is calculated by the heat balance in the condenser, and the discrepancy in 

the volumetric efficiency should be mainly due to the differences in the refrigerant mass flow rate and the 

density of the refrigerant vapor at the suction point to the compressor. Such hypothesis is supported by 

equation (4.8). Since the superheat correction has been done to avoid the underestimate of density, by 

plotting the differences of volumetric efficiency versus the ones of refrigerant mass flow rate, a linear 

correlation is discovered in the following Figure 17. 

 

Figure 17 Correlation between percentage differences 

It is inferred that the discrepancy of the volumetric efficiency between experiments and Danfoss 

expectation is due to the underestimation of refrigerant mass flow. To validate such hypothesis, a detailed 

comparison between experimental results and IMST-ART simulation is tabulated in Table 6, using a 

specified case of test Nb.5 where the largest discrepancy of mass flow rate was found. The water 

temperatures at the condenser inlet and outlet are the same for both cases. 

Table 6 Comparison of experimental and simulation results on test Nb.5 

 Experimental result IMST-ART simulation 

Condensing temperature (°C) 48,4 48,25 

Evaporation temperature (°C) -5,83 -6,01 

Condensing capacity (kW) 27,90 32,39 

Volumetric water flow rate (m3/h) 6,44 7,48 



-32- 
 

Refrigerant  mass flow rate (kg/s) 0,774 0,088 

 

The difference mainly exists in the calculation of heat exchanged in the condenser in terms of the water 

and refrigerant flow rate. Looking back to the energy balance calculation in the condenser which 

computes the refrigerant mass flow rate, it was assumed that the plate heat exchanger had 100% heat 

exchange efficiency and no heat was lost from the heat exchanger to the ambient air, on the basis of the 

fact that the plate heat exchanger was well insulated. However, there are many factors affecting the 

accurate estimation of the refrigerant mass flow rate going through the condenser. If considering the heat 

loss fraction, the calculation equation would be: 

Therefore, the possible reasons causing an underestimated refrigerant mass flow rate might be: 

 Inaccurate measurement of water volume flow rate, �̇�𝑤,𝑐𝑜𝑛𝑑; 

 Improper measurements for the water temperature at condenser outlet/inlet, 𝑇𝐶𝑜𝑛𝑑,𝑜𝑢𝑡 /𝑇𝐶𝑜𝑛𝑑,𝑖𝑛; 

 Inaccurate calculation of enthalpy for the propane due to wrong measurements of pressure and 

temperature; 

 Heat loss from the heat exchanger to ambient air exists. 

In order to evaluate the significance of errors in each measured physical variables, the model of the entire 

heat pump cycle built in EES is applied to analyze that by the function of ‘Uncertainty Propagation’. Table 

7 shows the accuracies of measurement device which are related to the calculation of refrigerant mass flow 

rate in the test rig, on the condition that all the measurement devices have been calibrated. 

Table 7 Accuracy of the measureing devices 

Measured Variable Measurement device Calibrated accuracy 

Temperature (°C) T-type thermocouple ±0,5 

Pressure (bar) Pressure transmitter ±1% of reading 

Volume flow rate (m3/h) Magnetic flow meter ±0,35% of reading 

 

The Nb.6 test was chosen again to evaluate the uncertainties of calculated refrigerant mass flow rate and 

volumetric efficiency of the compressor. The results are demonstrated in the following Figure 18. 
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Figure 18 Results of uncertainty propagation in EES 

The computed results from EES model indicates that the uncertainty of the temperature measurement by 

thermocouples on the water side would bring a dramatically significant impact on the refrigerant mass 

flow rate evaluation, while the other measurements are much less important regarding that. Although the 

discrepancy between the experimental and simulated results is within the uncertainty ranges, it is found 

that all the experimental tests are located below the expected results from Danfoss (Figure 16(a)-(d)). The 

calibration of the magnetic flow meter is carried out, and the calibration results showed that the flow 

meter is found to be accurate in measurement. Consequently, more focus should be put on correcting the 

temperature measurements of the water side at the condenser inlet and outlet.  

Apart from the systematic errors of T-type thermocouple measurements that may influence the accuracy 

of refrigerant mass flow rate calculation, it is more likely that temperature measurement points are playing 

an important role. Since the condenser is laid at the top-right corner inside the heat pump unit, and the 

thermocouples are placed in the pockets on the pipe rig, there is a long distance of insulated copper pipes 

inside the heat pump unit between them, with two hoses connecting the unit and pump rig uninsulated in 

the ambient air, as shown in Figure 19. 
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Figure 19 Schematic of condenser hydraulic loop and temperature measuring points 

Instead of measuring the exact outlet and inlet water temperature of condenser, Thermocouple TCond,in and 

TCond,out are giving a lower measured temperature difference between outlet and inlet, underestimating the 

heating capacity when the heat loss through the water loop to the ambient air is not compensated. 

Therefore, a simplified model studying on the heat loss from the pipes and hoses has been created in EES 

to roughly estimate the impact from that to the total energy performance of cycle.  

Regarding the pipes and hoses as cylinders in horizontal external flows of air at ambient temperature, 

three formulas of calculating Nusselt Number are employed for internal flow inside of the copper tube 

and corrugated metal hose equation (5.2) and (5.3), as well as the calculation for the external air flow: 

Gnielinski equation a smooth circular tube for large range of Reynolds Number: 

 𝑁𝑢𝐷1
= (

f

8
∙ (𝑅𝑒𝐷1

− 1000) ∙ 𝑃𝑟1)/(1 + 12,7 ∙ (
f

8
)

0,5

∙ (𝑃𝑟1

2
3 − 1)) (5.2) 

The friction factor can be obtained from: 

 f = (0,79 ∙ ln(𝑅𝑒𝐷1
) − 1,64)

−2
 (5.3) 

 
Churchill and Bernstein equation for the condition when 𝑅𝑒𝐷 ∙ 𝑃𝑟 ≥  0.2: 
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 (5.4) 
Where all properties are evaluated at the film temperature of water for NuD1

and of air for NuD2
.The 

detailed calculation process could be found in Appendix D. 

The heat loss from the uninsulated corrugated hoses as well as the insulated copper pipes is varied 

dependent on the ambient air temperature, water temperature and volumetric water flow rate. Since the air 

velocity either outside or inside of the heat pump unit is not accurately measurement by anemometer, it is 

assumed within a certain range based on one important finding that the air velocity inside of the unit is 

relatively much higher because of the extract fan on the top. The results are tabulated in the following 

Table 8. 
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Table 8 Heat loss summary 

Nb. 

External 
Air 

DB/WB 
(°C) 

Heat loss (W) Condenser 
Capacity 

(kW) 

Percentage of 
underestimated 
mass flow (%) 

Hose Cu pipe Total 

1 

7/6 

240,8 52,73 293,53 36,03 0,81% 

2 159,71 34,91 194,62 35,48 0,55% 

3 298 65,36 363,36 34,05 1,07% 

4 169,85 37,14 206,99 35,15 0,59% 

5 

2/1 

279,3 61,15 340,45 27,90 1,22% 

6 220,9 48,3 269,2 29,61 0,91% 

7 338,5 74,23 412,73 29,00 1,42% 

8 204,08 44,58 248,66 28,27 0,88% 

9 
12/11 

206,71 45,29 252 37,93 0,66% 

10 260,5 57,16 317,66 37,12 0,86% 

Those results are based on the assumptions that the air velocity flowing over the hoses is 2 m/s and that 

inside of the heat pump unit is 5m/s. The neglected heating capacity in the condenser due to the heat loss 

takes up around 1% of the total heating capacity, accounting for 1% reduction of the calculated refrigerant 

mass flow rate, however, this need to be compared to around 10% of discrepancy of that according to 

Figure 16.(d).  

Therefore, some other hypotheses except the systematic errors caused thermocouples are brought up to 

explain the mass flow rate discrepancy, and they are to be verified in the following contents or future 

work: 

 The heat loss from the corrugated metal hoses was underestimated by the simplified model.  

 Longitudinal conduction is happening on the pockets on the pump rig where the thermocouples 

are placed, because a large temperature difference exists between the insulated pipes and 

uninsulated hoses.  

 Heat loss from the condenser, expressed as the coefficient ℥, exists. The condenser is located at 

the corner close to the extract fan, where rather high air velocity causes severe forced convection 

from the plate heat exchanger surface.  

5.2 Preliminary analysis for other parameters of cycle 

performance 

Besides meeting requirements of those variables in Table 5, degrees of superheat and subcooling should 

be controlled properly as close to the design conditions as possible. The basic control methods of the 

air/water temperature and humidity have been introduced in the previous chapter regarding the 

experimental set-up. 

(1) Subcooling 

With the liquid receiver installed in the liquid line of the cycle, the subcooling at the condenser outlet 

should be regulated to be low and constant, as the accumulated subcooled refrigerant would flow into the 
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liquid receiver and be stored there. According to the simulated results from IMST-ART, the chosen liquid 

receiver, whose volume is 7.5 L, is capable of containing around 3.25 kg of propane at highest condensing 

temperature. The subcooling at the condenser outlet is considered to be 1 K by default IMST-ART setting 

if the liquid receiver is adopted in the system.  

However, during the first tests of the system, it was found that the subcooling remained at levels of 2 – 4 

K. It was inferred that the refrigerant charge had been too much at 5 kg for the liquid receiver to store. 

(2) Superheat 

Another important factor affecting the cycle performance is the degree of superheat at evaporator outlet 

or compressor inlet. According to the design conditions of CASE 1, the superheat at evaporator outlet 

should be controlled at 5 K. Since higher the superheat is, lower the evaporation temperature would be, 

which results in a reduction of COP.  

However, referring to the superheat level in the preliminary tests, it was controlled to be 8 K at the 

compressor inlet at minimum. The temperature measurement at the evaporator outlet was absent in the 

preliminary tests. Thus, it is important to set up another temperature measurement point directly at the 

evaporator outlet and insulate the suction pipes.  

5.3 Improving measures after preliminary tests 

From above, the following important measures have been adopted to reach a more precise measurement 

and better system performance: 

 Propane charge of the system was reduced to 3,5kg from 5kg; 

 Insulation was put on the suction line to reduce extra superheat; 

 New temperature measurement point at the evaporator outlet; 

 Corrugated metal hoses were insulated to reduce heat loss as well as decrease the possibilities of 

longitudinal conduction around thermocouple pockets. 

With the improvements mentioned above in the system completed, the second the series of tests were 

conducted to make deeper analysis of the heat pump cycle and its major components. 
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6 Experimental results of improved tests and analysis 

With the improving measures mentioned in the previous chapter completed, the second series of tests 

were conducted among test Nb.1 to test Nb.10 according to Table 5. The main improvements achieved 

are more precise refrigerant mass flow rates comparing to Danfoss prediction and lower superheat degrees 

at the compressor inlet. This chapter aims at demonstrating the cycle performance of the air-water heat 

pump unit and focuses on exploring the major difference between the experimental results and simulated 

data from both IMST-ART and Danfoss expectation dedicated on the compressor. 

6.1 Cycle performance 

One of the most important indicators of the system cycle performance is COP for the heat pump 

application in heating mode. According to equation (4.11),  the COP is calculated as the heating capacity 

divided by the power consumption. 

The total power input here is considered to only include the power consumption from the compressor, 

using the measured data from the power meter. By plotting the calculated COP from experimental data 

and simulated results from IMST-ART, an overview of such comparison is illustrated in Figure 20. 

 

 

Figure 20 Comparisons between experimental results and IMST-ART Design conditions 

In Figure 20, the X-axis represents the condensing temperature and the Y-axis represents the COP for 

each case. The points are arranged in three curves based on different evaporation temperatures, and they 

are marked as ‘Test dry-bulb (wet-bulb) temperature’. The trend lines in Figure 20 are created based on 

the simulated results from IMST-ART design conditions. In the original design conditions of tests applied 

in IMST-ART, the superheat is controlled to be 5 K at the evaporator outlet, and the subcooling is set to 

be 1 K by default when using the liquid receiver. As is mentioned in the previous chapter that those two 

test conditions were not satisfactorily achieved before, they were controlled to be closer to design 

conditions in the second series of tests. The superheat is normally controlled around 6 K and subcooling 

around 2 K (detailed measurement values can be found in Appendix E). 
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Comparing the experimental and simulated results, small discrepancies are found between those two. 

However, COP is the ratio of heating capacity to the total power consumption, which means that it is 

necessary to check corresponding values of those in each case to ensure experimental and simulated COPs 

are not coincidentally approximate to each other. The detailed comparisons are tabulated in the following 

Table 9. 

Table 9 Summary of experimental data and IMST-ART simulation 

N
b. 

Test 
Conditions(°C) Item 

 

Cond. 
Capac

ity 

(kW) 

Percentage 
Difference 

(%) 

Comp. 
Power 

(kW) 

Percentage 
Difference 

(%) 

COP 
Percentage 
Difference 

(%) 

Air Water 

1 

7 

(6) 

45/40 
Experiment 36,59 

3,35% 
10,29 

2,40% 
3,56 

0,93% 
IMST-ART 37,82 10,54 3,59 

2 33/28 
Experiment 38,24 

6,46% 
8,61 

1,51% 
4,44 

4,88% 
IMST-ART 40,71 8,74 4,66 

3 55/47 
Experiment 34,94 

7,18% 
11,74 

3,99% 
2,98 

3,07% 
IMST-ART 37,45 12,21 3,07 

4 36/28 
Experiment 38,04 

6,36% 
8,81 

2,64% 
4,32 

3,62% 
IMST-ART 40,46 9,04 4,47 

5 

2 

(1) 

45/Fixed 
Experiment 31,88 

7,53% 
9,95 

4,72% 
3,20 

2,69% 
IMST-ART 34,28 10,42 3,29 

6 37/32 
Experiment 31,12 

13,61% 
8,76 

4,06% 
3,55 

9,18% 
IMST-ART 35,35 9,12 3,88 

7 55/Fixed 
Experiment 30,46 

8,67% 
11,42 

4,76% 
2,67 

3,73% 
IMST-ART 33,10 11,97 2,77 

8 42/34 
Experiment 32,13 

8,25% 
9,31 

4,56% 
3,45 

3,52% 
IMST-ART 34,78 9,74 3,57 

9 
12 

(11) 

45/Fixed 
Experiment 42,19 

5,45% 
10,44 

2,36% 
4,04 

3,03% 
IMST-ART 44,49 10,68 4,17 

10 55/Fixed 
Experiment 40,10 

6,22% 
12,05 

3,32% 
3,33 

2,81% 
IMST-ART 42,59 12,45 3,42 

a) IMST-ART model is simulated on the conditions of Superheat at 5K and subcooling 1K (Liquid receiver) 

From the detailed comparisons, the same trends that the IMST-ART simulated results are always larger 

than the experimental results have been found for both the condenser capacity and compressor power. 

The discrepancy of COP is under 4% for most cases. It can be noticed that test Nb.6 has rather larger 

deviation of COP and condenser capacity than the others, which may result from the underestimation of 

refrigerant mass flow rate or other factors. Therefore, deeper analysis of the system components such as 

heat exchangers and compressor should be made to explore the reasons of such pattern. 
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6.2 Heat exchangers  

Since only the heating mode with desuperheater off has been conducted in the tests, the emphasis of heat 

exchanger analysis would be placed on evaluating the condensing capacity associated with refrigerant and 

water sides. The superheat oscillation occurred when reducing the set-point would be simply discussed 

based on the behaviors of the evaporator. 

6.2.1 Condenser 

After insulating the corrugated metal hoses in the condenser water loop as mentioned before in previous 

chapter, significant improvements in the condenser capacity as well as estimated refrigerant mass flow rate 

have been found on the same test conditions (Figure 21 and Figure 22). The two figures show that such 

variations between two series of tests are similar for each test condition.  

 

Figure 21 Comparison of condenser capacity between preliminary and improved tests 

 

Figure 22 Comparison of refrigerant mass flow rate between preliminary and improved tests 

However, the compensated heat loss from the hoses according to the simplified calculation model is not 

large enough to account for the increments in the capacity (Table 8). Therefore, it is inferred that the 

longitudinal conduction through the thermocouple pockets to the uninsulated hoses may have played a 

more important role in affecting the correct estimation of refrigerant mass flow rate. As the temperature 



-40- 
 

difference between the pockets and uninsulated hose surface has been eliminated due to the newly placed 

insulation, the heat loss is supposed to become insignificant in most cases. 

In the IMST-ART model, the water inlet and outlet temperatures are set to be exactly the same as the 

experimental conditions, which means that the boundary conditions are the same in both conditions. 

Besides the possibilities that condenser capacity was underestimated because of the heat loss and 

inaccurate temperature measurements, the heat exchanger efficiency, or more specifically speaking, the 

HTC (heat transfer coefficient) is probably overrated in the IMST-ART model, leading to the 

overestimated heat exchanged in the same condition. The detailed comparison of experimental and 

simulated values from IMST-ART can be found in Figure 23, and the discrepancy is around 7% for most 

cases. 

 

Figure 23 Comparison of condensing capacity between experimental and simulated values 

In order to study the behaviors of heat exchangers in IMST-ART, the function called standalone heat 

exchanger analysis has been simply utilized to analyze the differences between the experiments and 

simulation. In Figure 24, the results of the standalone analysis for heat exchanger are illustrated. A 

coefficient named enhancement factor is employed as a correction to the HTC in the IMST-ART model 

comparing to the actual experimental values. 

Another phenomenon is that the subcooling level still remains above 2 K after the refrigerant charge was 

reduced from 5 kg to 3,5 kg. It is presumed that probably the pressure drop of the refrigerant side in the 

condenser results in the overestimation of the subcooling, as the condensation temperature is overrated if 

the pressure drop is ignored. 
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Figure 24 Standalone analysis of condenser in IMST-ART 

By running the standalone heat exchanger analysis tool in IMST-ART, a proper value of enhancement 

factor of the refrigerant side, 0,86 in the design point of air-water heat pump unit (test Nb.1, 7(6) 45/40) 

was found when the boundary conditions are set to be the same in the model as the experiments. The 

result means that when adjusting the HTC on the refrigerant side to be 86% of its originally calculated 

value in the condenser sub-model, the simulated condensing capacity matches the experimental value. 

Applying this factor would help correct the heat exchanger behavior according to the actual conditions. 

6.2.2 Evaporator 

During the tests under the condition when the ambient air temperature was maintained at around 2 °C, 

superheat oscillation was happening more frequently than the other two conditions with higher air 

temperature. It was found that once the frost occurred on the middle parts of the evaporator surface, the 

superheat started to become unstable, as is shown in Figure 25.(a). Some infrared pictures were taken 

showing that there is an uneven distribution of temperature on the evaporator surface, and an example is 

shown in Figure 25.(b). The maldistribution behaviors indicated by Figure 25 are shown as in the middle 

parts of the channels the refrigerant is not fully evaporated or slightly superheated, while in the upper and 

bottom parts the degree of superheat is rather high. Therefore, it is inferred that the maldistribution of the 

refrigerant mass flow is occurring in the channels, and this probably affects the superheat control at the 

evaporator outlet. 
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(a) Frost occurs when air temperature is 2 °C (b) Infrared pictures captured when air 

temperature is 7 °C 

Figure 25 Maldistribution behaviors of the evaporator 

Referring to the design sketches of the fin-and-tubes evaporator, there are 12 identical channels in parallel 

coming from the distributor and each channel has 4 tubes. The possible reasons could be:  

(1) Uneven vapor/liquid phase distribution in the distributor;  

(2) Asymmetric air flow distribution over the evaporator surface.  

Kærn (2011) in his doctoral thesis indicated that due to the differences in channel length, more refrigerant 

mass may flow through the middle parts since the channel path is shorter and the pressure drop is lower. 

Besides that, the circuit bends or some possible blockages in the distributor may also result in the 

improper distribution of the refrigerants. Therefore, one hypothesis is that the maldistribution of the 

refrigerant mass flows causes the superheat oscillation. When the superheat set-point was set to be 5-6 K, 

the opening percentage of the expansion valve would be higher to increase the mass flow of the 

refrigerant. Thus, the propane flowing through the middle channels is higher. Since the maldistribution of 

the distributor causes larger portion of the liquid refrigerant flowing through the middle parts, the 

propane would not be fully evaporated. At the meantime, the propane flowing through the upper and 

bottom parts is largely superheated, for vapor propane is more likely going to those parts. The superheat 

level of the mixture of the superheated and not-fully-evaporated propane at the evaporator outlet would 

possibly be hard to control, leading to the instability of superheat happening in some cases. 
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Figure 26 Upper and middle circuits in the evaporator (Source: LU-VE) 

Another hypothesis is that the non-uniform air distribution is the main cause. The studies done by Choi 

(2003) show that rather low air velocity on parts of the evaporator surface may lead to reduced superheat 

and the flooding in those parts of the circuits. There are some possible reasons causing the variation of air 

volumes and face velocity on different parts of the evaporator surface, such as the blower arrangement or 

heat exchanger geometry, etc. Referring to the fan outlet velocity profile in Figure 27, it is indicated that 

the air flows in the middle parts have higher velocities when the flow is fully developed, comparing to the 

bottom and upper parts.  

 

Figure 27 Axial fan outlet velocity profile (McQuiston, 2005) 

Therefore, further investigations on the main reasons of the maldistribution should be done in the future 

work. For instance, a hot wire anemometer could be used to measure the actual air velocity profiles on the 

evaporator surface. 

6.3 Electronic expansion valve 

It is mentioned before that the superheat oscillation occurred when the set-point of the superheat level 

was reduced below 6,5 K at the evaporator outlet. After the insulation was put on the suction pipes, the 

external superheat has been reduced to 1 K and the minimum stable superheat becomes 6 K at the 

evaporator outlet. However, stable superheat controlled at 5 K at the evaporator outlet is still not 

achievable.  

One of the hypotheses is that the electronic expansion valve selected in this heat pump unit is not capable 

of handling all the operating conditions. The EXV used is CAREL E2V30, and it has been verified on the 

application called “ExVLab” developed by CAREL that such model suits all the operating conditions. 

Another possibility is that the control method of EXV is not optimum.  

Taking example of the design point (Test Nb.1), Figure 28 illustrates a normal controlling process of the 

superheat degree by the CAREL electronic expansion valve. When the set-point in the EXV driver was set 

to be under 6,5 K (point 2 in Figure 28), the superheat level started to oscillate in the range of 1 K at the 

compressor inlet, and even the oscillation was getting more severe at the evaporator outlet. The 
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experimental results showed that the stable control of the superheat to be as low as 5 K at the evaporator 

outlet was hardly possible. 

 

Figure 28 Superheat oscillation during a normal test 

Some hypotheses were made in terms of the electronic expansion valve and the evaporator respectively. 

For the electronic expansion valve, the PID Values are suspected to be improperly set, result in the 

excessively rapid actions of the valve opening and closing. Considering the fin-and-tube coils, the possible 

reasons could be related to the maldistribution behaviors of the evaporator. 

6.4 Compressor 

As was mentioned that the refrigerant mass flow rate, volumetric efficiency and overall efficiency are 

found to be lower than the Danfoss expectation in the preliminary tests, the deep analysis regarding each 

parameter of the compressor performance would be conducted. These key parameters are: 

 Compressor power; 

 Discharge temperature; 

 Refrigerant mass flow rate; 

 Volumetric efficiency; 

 Isentropic efficiency; 

 Overall efficiency 

An overview showing the percentage discrepancies of those parameters between the experiments and 

Danfoss expectations are shown in the following Figure 29. 
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(a) Volumetric efficiency comparison (b) Percentage difference of volumetric efficiency 

  

(c) Refrigerant mass flow comparison (d) Percentage difference of refrigerant mass flow 
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(e) Overall efficiency comparison (f) Percentage difference of overall efficiency 

Figure 29 Compressor’s key parameters comparisons 

The reference values provided by Danfoss are calculated based on the ARI-Correlation (4.2). The major 

input values in the equation are discharge and suction dew point temperature, which are corresponding to 

the saturated temperatures of high pressure and low pressure respectively. What should be noticed is that 

the those sets of map values are given at fixed condenser subcooling and compressor inlet superheat 

degrees, which are 0 K and 10 K respectively. Therefore, the discrepancies in the parameters mentioned 

above between experimental and mapping values are probably due to the differences in subcooling or 

superheat.  

In the following evaluation, the effects from the oil behaviors would be neglected in hermetic scroll 

compressors. According to the previous theoretical studies done by Navarro (2005), the extra superheat 

caused by oil temperature before entering the scroll wrap would be much less comparing to reciprocating 

compressors. A review of hermetic compressor models has been done by Bryne (2004) indicates that most 

of the simulation models dedicated on studying scroll compressor models neglect the effects from the oil.  

Referring to Table 9 and the Figure 29.(a), simulated results from IMST-ART and mapping values 

calculated from ARI-correlation coefficients given by Danfoss are different. According to the 

computational methods of IMST-ART, the parameters demonstrated in Figure 29 are calculated based on 

ARI-Correlation (4.2). However, the discharge and suction dew point temperatures that are computed by 

the measured high and low pressure are slightly different from those simulated by IMST-ART. In order to 

compare those two on the same condition, the values calculated directly from Danfoss ARI-correlations 

based on the measurement data are adopted here as the reference of manufacture’s data, instead of using 

the simulated results from IMST-ART. 

6.4.1 Compressor power 

It is noticed that measured compressor power is within 10% lower than the Danfoss expectation for all 

the cases. The hypotheses for finding such pattern may be: 

 Reduction in superheat (7 K for experiments) bringing a negative effect on compressor power; 

 Inaccuracy possibly exists in the pressure measurement; 

The prototype used in the heat pump unit is PSH051-9, which is a hermetic scroll compressor developed 

by Danfoss. According to the Danfoss profiles, such type of compressor is designed as 100% suction gas 

cooling for the motor windings, which means that an extra superheat acts on the suction gas from the 

shell inlet to the suction port of the scroll. Referring to the study done by Winandy (2002), after a 



-47- 
 

polytrophic compression, the refrigerant would be cooled down when dissipating heat to the compressor 

shell. Such process could be illustrated in the Figure 30. 

 

Figure 30 conceptual scheme of the compressor model (Winandy, 2002) 

In order to figure out the temperature profile inside of the scroll compressor, a fictitious isothermal 

envelope is assumed to represent all the heat transfer through the compressor shell and motor windings as 

a whole. Besides the heating-up of the suction gas and the cooling-down of the discharge gas, the 

electromechanical losses and heat loss from the compressor shell to the ambient air are also considered, 

constituting a heat balance through the fictitious wall in steady state as: 

 �̇�𝑙𝑜𝑠𝑠 + �̇�𝑑𝑖𝑠 = �̇�𝑠𝑢𝑐 + �̇�𝑎𝑚𝑏 (6.1) 
According to (Byrne, 2014), the terms in (6.1) are determined as following: 

�̇�𝑙𝑜𝑠𝑠 – Electromechanical losses from the compressor shaft power to the fictitious isothermal envelope; 

�̇�𝑑𝑖𝑠 – Heat losses from discharge cooling-down; 

�̇�𝑠𝑢𝑐 – Heat gain in the suction heating-up; 

�̇�𝑎𝑚𝑏 – Heat loss from the compressor crankcase to the ambient air. 

The pressure drops in the suction heating-up and discharge cooling-down is neglected. The heat transfer 

coefficients are considered to be constant in different working conditions.  

Applying the measurements data in test Nb.1 (Design condition of air-water heat pump), a simplified 

model referring to previously mentioned studies has been set up in EES to estimate the temperatures at 

the real suction and discharge of the scroll (𝑇𝑠𝑢𝑐,1 and 𝑇𝑑𝑖𝑠,1) by the function of iteration, which are 11,6 

°C and 84,05 °C respectively (EES Model is displayed in Appendix F). A previous study done by Dabiri  

(1981) indicated the effects of the superheat reduction to the compressor power, and an equation can be 

obtained when evaluating the ratio difference of the compressor between a different superheat level with 

mapping value and the map. It is assumed that the isentropic efficiency is not varying with the superheat 

level.  

 
�̇�𝑛𝑒𝑤

�̇�𝑚𝑎𝑝

=
�̇�𝑛𝑒𝑤

�̇�𝑚𝑎𝑝
∙

∆ℎ𝑖𝑠𝑒𝑛,𝑛𝑒𝑤

∆ℎ𝑖𝑠𝑒𝑛,𝑚𝑎𝑝
 (6.2) 

 

Where, 

 
�̇�𝑛𝑒𝑤

�̇�𝑚𝑎𝑝
= 1 + (0,75 ∙

𝜌𝑛𝑒𝑤

𝜌𝑚𝑎𝑝
− 1) (6.3) 
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Using 𝑇𝑠𝑢𝑐,1 as the actual suction gas temperature to the compression process, the ratio of the compressor 

power lower than 10 K to the map value at 10 K is tabulated in the following Table 10. 

Table 10 Compressor power reduction vs. superheat level 

Superheat (K) 5 6 7 8 9 10 

�̇�𝑛𝑒𝑤

�̇�𝑚𝑎𝑝

 0,9936 0,9944 0,9956 0,9948 0,9973 1 

Reduced Comp. power (%) 0,64% 0,56% 0,44% 0,52% 0,27% 0% 

 

On a theoretical basis, it has been found that the work per unit mass of refrigerant will increase when 

superheat increases (Jacobs, 1976). The calculation validates such theory, however, the extent of reduced 

compressor power because of the superheat is within 1% according to the previous calculation in Table 

10, and it is not significant enough to justify the discrepancy between the experimental and Danfoss 

values. 

Another hypothesis is that the pressure transducer may give higher measurement than the real values. As 

is mentioned before that the accuracy of that is 1%, it may overestimate the compressor power in Danfoss 

ARI correlations for the computed compressor power is positively correlated with the discharge dew 

point temperature. Assuming the high pressure transducer is measuring the pressure 1% higher than the 

actual value, the overestimated compressor power is calculated to be 0,74% at the design condition, which 

is not able to justify the discrepancies mentioned above.  

After simple calculation, those two hypotheses have been evaluated that those influences are not 

significant enough to account for the discrepancy. It is then inferred that probably some other factors are 

influencing the compressor power, which are: 

 The electromechanical loss from the compression process is lower in the experiments; 

 The internal compression work is less in the experiments. 

However, further studies should be carried on to validate the EES simulation model and discover the 

causes of the discrepancy of compressor power between experiments and simulation. 

6.4.2 Discharge temperature  

Referring to the experimental data, the discharge temperature is always 5-6 K lower than the Danfoss map 

values. There are some possible reasons explaining this phenomenon, including: 

 Larger superheat level (10 K) in the Danfoss map values than experimental data (around 7 K at 

compressor inlet); 

 High heat loss from compressor shell to the ambient increases the discharge cooling-down 

(equation(6.1)). 

For the first hypothesis, it is easy to infer that a higher suction gas temperature would result in a higher 

discharge temperature through the same compression process. Since both the Danfoss manufacturing data 

and IMST-ART compressor simulation are based on ARI-correlations (equation (4.2)), the predicted data 

are only dependent on the variables of discharge and suction dew point temperatures. However, a 

significant difference between those two values has been found and shown in Figure 31, where the 

discrepancy of measured discharge temperature and Danfoss expectation is around 10%, but the IMST-

ART simulation agrees well with the measurements. Since the condensing and evaporating temperatures 

simulated in IMST-ART are slightly different from the measurements, the difference in superheat level 

may play a much more important role when predicting the discharge temperature. It is inferred that in 

IMST-ART model, the effects of superheat are taken into account, and the prediction of discharge 

temperature is more accurate considering the difference in suction temperature. 
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Figure 31 Prediction of discharge temperature in Danfoss and IMST-ART 

As is noticed that the air temperature in the experiment is 7 °C, 2 °C and 12 °C and air velocity inside of 

the unit is rather high, it is reasonable enough to expect a much higher heat loss from the compressor 

shell to the ambient than in the Danfoss lab, where the ARI coefficients were determined. According to 

equation (6.1), higher the term �̇�𝑎𝑚𝑏 representing that heat loss, higher the cooling-down of the 

compressed refrigerant from the discharge of the scroll is presumed to be. Therefore, the larger drop in 

the shell discharge temperature could be expected if the hypothesis proved to be right by more accurate 

temperature measurements inside of the scroll compressor or better control of the compressor ambient 

environment. 

6.4.3 Refrigerant mass flow rate and volumetric efficiency 

Since the refrigerant mass flow rate and the volumetric efficiency can be expressed as: 

 �̇�𝑟𝑒𝑓 = 𝜂𝑣𝑜𝑙 ∙ 𝜌 ∙ �̇�𝑑𝑖𝑠 (6.4) 
 

Since they are linearly correlated according to the experimental data, they would be discussed together in 

the following contents. 

It has been discussed in the previous chapter that the heat balance calculation of the heat exchanger may 

influence the accuracy of the refrigerant mass flow rate estimation. When comparing the experimental 

data in the improved tests with Danfoss expectation in Table 11, it is found that the discrepancy between 

them is almost within 5%, lower than that when comparing the preliminary tests and Danfoss expectation 

(around 10%). 
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Table 11 Refrigerant mass flow rate and volumetric efficiency comparisons 

T air 7(6) 2(1) 12(11) 

Test Nb. 1 2 3 4 5 6 7 8 9 10 

�̇�(%) 1,64% 2,62% 3,13% 2,36% 1,28% 7,88% 5,46% 4,29% 0,79% 2,91% 

𝜂𝑣𝑜𝑙(%) 1,64% 2,62% 3,13% 2,36% 1,28% 7,88% 5,46% 4,29% 0,79% 2,91% 

Ave.(%) 2,44% 4,73% 1,85% 

 

Except for the minor heat loss from the corrugated metal hoses and copper pipes which were computed 

in Table 8, the heat loss from the condenser and the pockets to the ambient air could explain such 

discrepancy as well. Although the amount of completed tests is limited, a general tendency showing that 

higher predicted reduction in mass flow rate in lower room temperature is found in Table 11. Therefore, it 

is presumed that the heat loss affecting the computed refrigerant mass flow rate is possibly one of the 

factors. 

The other hypothesis is that the correction factor is probably not accurate enough to estimate the mass 

flow rate in different superheat levels. In previous studies by Dabiri (1981), the analysis of the effect of the 

superheat on the compressor parameters has been done. As the heat transfer to the suction gas moving 

from the compressor shell inlet to the suction port of the scroll (�̇�𝑠𝑢𝑐 in (6.1)) is calculated by: 

 �̇�𝑠𝑢𝑐 = �̇� ∙ 𝑐𝑝 ∙ (𝑇𝑠𝑢𝑐1
− 𝑇𝑠𝑢𝑐) (6.5) 

 

When superheat decreases, the suction mass flow rate will increase. Instead of directly correcting the new 

mass flow rate by the ratio of density, another linear correction has been proved to be more accurate, 

which is  

 
�̇�𝑛𝑒𝑤

�̇�𝑚𝑎𝑝
= 1 + (𝐹 ∙

𝜌𝑛𝑒𝑤

𝜌𝑚𝑎𝑝
− 1) (6.6) 

 

F is the chosen coefficient representing the correlation between the mass flow rate increase with density 

increase. It was set to be 0,75 as the default values in IMST-ART model and our calculation model, for it  

is the  average value selected to obtain closer results to compressor manufacturers’ data. However, Jacobs 

(1976) in his studies shows that for hermetic compressor, F was reported to be 0,62 to get more accurate 

results. After calculation, the effect of correcting the F value from 0,75 to 0,62 is minor, at around 0,3% of 

mass flow rate reduction in Danfoss map values. Therefore it is inferred that the effects of heat balance 

calculation may play a more important role. 

6.4.4 Isentropic efficiency 

In the calculation model, the isentropic efficiency is directly calculated by the measured discharge 

temperature and suction temperature by the equation: 

 𝜂𝑖𝑠 =
ℎ𝑑𝑖𝑠,𝑖𝑠 − ℎ𝑠𝑢𝑐

ℎ𝑑𝑖𝑠 − ℎ𝑠𝑢𝑐
 (6.7) 
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Figure 32 suction and discharge temperatures in the scroll compressor 

As is mentioned before, the discharge temperature at the compressor shell outlet is lower than supposed 

be, which may give a wrong indication on the isentropic efficiency calculation. After employing the 

suction and discharge temperature at the scroll ports, which were calculated in the simplified EES model 

for the design point (test Nb.1) that was mentioned before, the corrected expression for isentropic 

efficiency, would be: 

 𝜂𝑖𝑠,1 =
ℎ𝑑𝑖𝑠,1,𝑖𝑠 − ℎ𝑠𝑢𝑐,1

ℎ𝑑𝑖𝑠,1 − ℎ𝑠𝑢𝑐,1
, (6.8) 

 

Where all the values are illustrated in Figure 32. 

The corrected isentropic efficiency is 59,2% instead of the 64,12% before, comparing to the Danfoss 

expectation at 60,6%. It is implicated that for whole the tests such correction would give more satisfactory 

results of isentropic efficiency. 

6.4.5 Overall efficiency 

According to Figure 29.(f) and the following Figure 33, the experimental data and computed data from 

Danfoss are showing nice consistency. The variations between those two are within the range of 2% for 

most cases.  
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Figure 33 Overall efficiency vs. Pressure ratio 

What is worthy of noticing is that for the tests where the refrigerant mass flow rate and volumetric 

efficiency are rather lower than expectation, the overall efficiency is accordingly lower at around 2%. Such 

behavior could be explained by the equation of calculating the overall efficiency of the compressor as: 

 𝜂𝑜𝑣𝑒𝑟𝑎𝑙𝑙 =
�̇� ∙ ∆ℎ𝑖𝑠

�̇�𝑒𝑙

=
𝜂𝑣𝑜𝑙 ∙ 𝜌 ∙ �̇�𝑑𝑖𝑠 ∙ ∆ℎ𝑖𝑠

�̇�𝑒𝑙

 (6.9) 
 

Consequently, in the tests where the mass flow rates are similar, the overall efficiency would be slightly 

higher in the experimental data than the Danfoss expectation, for the lower measured compressor power 

in all the cases.  

General speaking, the compressor utilized in the heat pump unit prototype is in a good working state, the 

major parameters of the compressor performance are evaluated in fine consistency with the manufacturer 

data in the main experimental campaign. However, the experimental results are still in absence regarding 

some testing points in heating mode and cooling model. The integral evaluation of the compressor 

functionality is still in need of verifications through completed tests in all defined conditions. 
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7 Conclusions and further suggestions 

7.1 General conclusion about the experimental campaign 

In this thesis work, a 40 kW air-to-water heat pump working with propane has been tested in the heating 

mode in order to collect experimental data for the seasonal performance according to pre-defined test 

matrix. The differences between experiments and IMST-ART simulation have been studied to evaluate 

the performance of the heat pump unit, as well to detect the potential problems of the test rigs.  

In general, two series of tests have been partially completed in the heating mode without the 

desuperheater working. After the preliminary tests, some necessary modifications have been done on the 

system to improve cycle performance, including optimizing the refrigerant charge, regulating measurement 

and controlling devices, completing system components, etc. Despite of some test conditions which have 

been hard to reach temporarily due to the test rig configuration, the experimental results from the second 

series of tests are showing good consistency with the previously simulated results. The COP obtained 

from the experiment reaches 3,56 at the design point of air-to-water heat pump, whose discrepancy with 

the simulation is only 1% smaller than the simulation(COP=3,59) while at other testing points it reaches 

around 9%(Air temperature at 2 oC and water inlet/outlet at 32/37 oC). Such variation mostly results from 

the difference of condenser capacity between the experiments and simulation, and it is up to around 13% 

in the case mentioned above. The variation is within 5% between experiments and simulation, the cycle 

performance of the heat pump unit has been proved to work as expected in heating mode with 

desuperheater off. 

In terms of the system components, the compressor has been running in a good state providing 

satisfactory performance data. The overall efficiency of the compressor agrees well between the 

experimental and manufacturing data, and the discrepancy is almost within 2%. However,  some variations 

are found regarding the compressor power, discharge temperature and efficiencies. A hypothesis that the 

ambient air temperature and the level of superheat may affect these parameters is put forward to account 

for those differences. A simplified model has been built and used for basic calculation, but needed to be 

further developed. For the condenser, the discrepancy between the experimental and simulated results is 

around 7% for most of the cases, and it is inferred that HTC is overestimated in the IMST-ART model. 

Such discrepancy could be compensated by employing the enhancement factor in IMST-ART simulation, 

but this method should be validated. The errors of measuring the condenser capacity may also result from 

the heat loss through the water pipes. It has been calculated that such heat loss may lead to the 

underestimation of the heating capacity of the condenser on the water side, but the actual heat loss would 

be hard to accurately calculate. Speaking of the evaporator, maldistribution has been found as the propane 

is not fully evaporated or little superheated and frost in the middle coils. The phenomenon that the 

superheat level started to oscillate when the frost occurred has also been detected. The superheat 

oscillation is probably due to the behavior of the electronic expansion valve when the controlling method 

is not set up correctly, or the mixture of differently superheated propane in different circuits is hard to be 

maintained stably superheated at 5 K. Those problems are remained to be explored in the future work. 

7.2 Suggested further improvement 

However, there still exists some limitation in the system. These drawbacks have been found influencing 

the accuracy of measurement as well as the performance optimization of the heat pump unit. Therefore, 

some further improvements are proposed to create a more stable working condition for the heat pump 

unit and help to solve the existing or potential problems of the system. 

During the commissioning phase of the heat pump unit, there exist some problems in the electrical 

connections in the control panel of the air-to-water heat pump unit. These problems are affecting the 

operation of compressor and fan speed controls. Measures of by-passing some of the connections have 
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been take to temporarily avoid such problems, but precise corrections on the connections should be done 

by the manufacture to ensure the long-term safe operation of the unit. These corrections should include: 

 Fixing the automatic control of the fan speed: For the time being a separate power supply 

providing 0-10 VDC is used to replace the analogue output from the main card on the control 

board. The function of fan speed control based on the low pressure is not realized at present. 

 Fixing the connection of high pressure switch on main card: the high pressure switch is now by-

passed to start the system at J3-2 stalled with a manual switch to turn on or off the unit. This may 

cause some safety problems. 

As mentioned before that the requirements of subcooling and superheat were hard to reach in the tests, 

some measures are also proposed to explore the causes and discovering the working conditions of the 

system components. 

 To discover the maldistribution behaviors of the evaporator, it is suggested that an infrared 

camera could be fixed around the heat pump unit to detect the temperature distribution of the 

evaporator coils. Also, it could be also used for examining the heat loss spots around the heat 

exchangers or compressor crankcase where the insulation may not be compactly installed. 

Another measure is to install thermocouples at the end of each channel on the evaporator coil. It 

would help to precisely measure the temperature distribution of the evaporator.  

 In order to understand why subcooling stays at rather high level when the liquid receiver is under 

operation, a liquid receiver sensor could be installed to see the refrigerant charge level in the 

receiver. It could be utilized for knowing the changes of refrigerant charge in different test 

conditions.  

 An internal panel separating the right part where the fan is located and the left part where the heat 

exchangers and compressor are located is suggested to be placed. It could block the strong air 

volume flows extracted by the top fan, to reduce the possibilities of the heat loss in the left part. 

Other than the electrical connections, some configurations of the test rigs should be modified to be 

adapted to test conditions where the air-temperature is controlled to be -7 oC. When the air temperature 

inside of the climate chamber becomes minus, it is risky that the water flowing through dry-cooler loop 

freezes to break the coils. Neither turning off the dry-cooler fan nor increasing the water flow rates is 

feasible since the air temperature would be hard to maintain at -7 oC if doing so. It is proposed to 

construct a new water loop dedicated for the dry-cooler, working with brines or other kings of fluids 

whose freezing point are lower than 0 oC. However, such ideas should be further discussed. 
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Appendix  

Appendix.A Manufacturing data of heat exchangers 

a. Condenser 



 

 

 
 

 



 

b. Desuperheater 

  



 

 

  



 

c. Evaporator 

  



 

Appendix.B Top-view of the climate chamber 

 

  



 

Appendix.C polynomial coefficients for PSH051-9 

 

  

  

PSH051-9 50 Hz 10 K / 0K 
     

 
q_mf Qo P I_M t_g2 q_mf 

 
kg/s W W A °C kg/h 

C1 0,104588002 41200,5 4926,6499 12,9116001 33,8350983 376,516807 

C2 0,00323871 1413,98999 44,3392983 -0,0600996 0,0124157 11,6593564 

C3 0,000183253 -219,745 65,4680023 0,00370363 0,68017399 0,65971079 

C4 3,84E-05 19,3976002 0,95949399 -0,0069336 0,0226957 0,13821012 

C5 7,81E-06 -6,0622501 -1,06976 0,0100934 -0,0168957 0,0281101 

C6 -3,94E-06 -1,40373 1,13125002 0,00048996 0,00580884 -0,0141766 

C7 1,99E-07 0,087501 0,0142011 -0,0002462 0 0,0007176 

C8 3,17E-08 -0,107838 -0,0278067 0,00014966 0 0,000114 

C9 -9,09E-08 -0,047536 0,0163491 -9,34E-05 0 -0,0003271 

C10 1,16E-08 0,00144767 -1,11E-05 1,55E-05 0 4,1808E-05 



 

Appendix D EES model for heat loss calculation in metal 

hoses 

 

 

 



 

 

 
 

Appendix E Experimental results and IMST-ART simulated results 

 

Summary table 1 2 3 4 5 6 7 8 9 10 

 
 

45/40 
7(6) 

33/28 
7(6) 

55/47 
7(6) 

36/28 
7(6) 

45/FIXED 
massflo
w 2(1) 

37/32 
2(1) 

55/FIXED 
massflo
w 2(1) 

42/34 
2(1) 

45/FIXED 
massflo

w 12(11) 

55/FIXED 
massflo

w 12(11) 

Pressures 
HP bar 16.76 12.98 20.03 13.45 16.60 13.83 19.87 15.04 16.77 20.30 

LP bar 4.72 4.67 4.81 4.68 4.04 4.03 4.22 4.10 5.44 5.60 

Saturated temperatures 
Tcond °C 48.98 37.71 57.34 39.21 48.56 40.43 56.94 44.10 49.02 57.97 

Tevap °C -0.18 -0.49 0.42 -0.45 -5.14 -5.23 -3.80 -4.70 4.54 5.55 

Temperatures level water 
/ air (tests conditions) 

Twater,cond,in °C 40.01 28.28 46.92 27.94 40.74 32.23 47.82 33.97 38.76 45.99 

Twater,cond,out °C 45.15 33.43 55.07 36.10 45.25 37.17 54.92 41.88 44.70 55.32 

Tair,db °C 6.85 6.96 6.99 7.02 2.01 2.04 2.05 1.93 11.99 12.06 

Relative 
humidity 

% 
86.55

% 
85.63

% 
86.38

% 
85.60

% 
84.37% 

84.42
% 

85.57% 
85.23

% 
87.87% 90.73% 

Tair,wb °C 5.49 5.60 5.61 5.70 0.64 0.58 0.63 0.53 10.75 11.05 

Flow rates water 
DS. flow rate 

m
3
/

h 
1.10 0.42 1.08 0.47 1.10 0.24 0.10 0.10 1.06 0.41 

Cond. flow 
rate 

m
3
/

h 
6.19 6.43 3.74 4.04 6.14 5.46 3.74 3.52 6.17 3.75 

Compressor Characteristic Pressure Ratio - 3.55 2.78 4.17 2.87 4.11 3.43 4.71 3.67 3.09 3.62 

(*) Direct measurement 



 

Compressor 
Power 

kW 10.29 8.61 11.74 8.81 9.95 8.76 11.42 9.31 10.44 12.05 

Compressor 
Power D. 

kW 10.84 8.99 12.41 9.22 10.60 9.27 12.17 9.87 10.99 12.71 

Isentropic 
efficiency 

% 
64.12

% 
61.79

% 
63.67

% 
62.55

% 
63.20% 

62.50
% 

61.75% 
62.59

% 
64.88% 65.11% 

Isentropic 
efficiency D. 

% 
60.64

% 
58.85

% 
60.26

% 
59.30

% 
58.87% 

58.76
% 

58.38% 
59.15

% 
61.64% 62.08% 

Volumetric 
efficiency 

% 
95.49

% 
95.44

% 
93.26

% 
95.59

% 
94.43% 

89.37
% 

89.94% 
92.23

% 
97.56% 94.72% 

Volumetric 
efficiency D. 

% 
97.06

% 
97.93

% 
96.18

% 
97.85

% 
95.64% 

96.41
% 

94.86% 
96.18

% 
98.33% 97.48% 

Overall 
efficiency 

% 
62.52

% 
59.59

% 
61.31

% 
60.33

% 
61.59% 

57.50
% 

58.28% 
59.86

% 
64.06% 63.23% 

Overall 
efficiency D. 

% 
61.31

% 
59.53

% 
60.82

% 
59.99

% 
59.29% 

59.50
% 

58.78% 
59.90

% 
62.37% 62.98% 

R290 mass 
flow 

kg/s 0.1043 0.1034 0.1038 0.1037 0.0887 0.0839 0.0884 0.0882 0.1222 0.1225 

R290 mass 
flow D. 

kg/s 0.106 0.106 0.107 0.106 0.090 0.090 0.093 0.092 0.123 0.126 

Discharge 
temperature 

°C 75.66 62.91 85.70 64.41 79.16 69.22 88.71 73.00 72.81 82.47 

Discharge 
temperature 

D. 
°C 81.24 68.06 91.54 69.73 85.31 74.96 95.33 79.07 77.91 88.12 

Suction 
temperature 

°C 6.77 6.37 7.28 6.44 2.42 1.99 2.74 2.06 11.45 11.88 

Suction 
temperature 

D. 
°C 9.82 9.51 10.42 9.55 4.86 4.77 6.20 5.30 14.54 15.55 

Heat loss 
fraction 

% 2.50% 3.57% 3.72% 3.55% 2.56% 7.99% 5.62% 4.36% 1.26% 2.90% 

Heat loss 
fraction D. 

% -1.09% -1.16% -0.93% -1.17% -0.70% -1.25% -0.68% -1.27% -1.18% -1.44% 

Refrigerant Cycle Condenser kW 36.59 38.24 34.94 38.04 31.88 31.12 30.46 32.13 42.19 40.10 



 

capacity 

Desuperheate
r capacity 

kW 0.00 0.00 0.00 0.00 0.00 0.00 0.00 0.00 0.00 0.00 

Cooling 
capacity 

kW 26.92 30.23 24.04 29.81 22.51 23.34 20.08 23.55 32.26 28.75 

Cooling 
capacity D. 

kW 0.00 0.00 0.00 0.00 0.00 0.00 0.00 0.00 0.00 0.00 

Subcooling K 2.17 2.78 1.82 2.68 2.06 2.47 1.81 2.34 2.28 1.83 

Superheating 
(comp_inlet) 

K 6.95 6.85 6.86 6.89 7.55 7.22 6.54 6.75 6.91 6.32 

Superheating 
(evap_outlet) 

K 6.00 6.09 5.78 5.98 6.32 6.16 5.20 5.68 6.19 5.27 

COP - 3.56 4.44 2.98 4.32 3.20 3.55 2.67 3.45 4.04 3.33 

COP Carnot - 6.55 8.14 5.81 7.88 5.99 6.87 5.43 6.50 7.24 6.32 

Carnot 
Efficiency 

% 54.28 54.57 51.27 54.81 53.49 51.70 49.06 53.08 55.82 52.68 

IMST-ART (Original 
design) 

COP IMST-ART - 3.59 4.66 3.07 4.47 3.29 3.88 2.77 3.57 4.17 3.42 

Difference 
(test & IMST-

ART) 
% 0.93% 4.88% 3.07% 3.62% 2.69% 9.18% 3.73% 3.52% 3.03% 2.81% 

Condenser 
capacity 

kW 37.82 40.71 37.45 40.46 34.28 35.35 33.10 34.78 44.49 42.59 

 
  3.35% 6.46% 7.18% 6.36% 7.53% 

13.61
% 

8.67% 8.25% 5.45% 6.22% 

Compressor 
power 

kW 10.54 8.74 12.21 9.04 10.42 9.12 11.97 9.74 10.68 12.45 

 
  2.40% 1.51% 3.99% 2.64% 4.72% 4.06% 4.76% 4.56% 2.36% 3.32% 

Refrigerant 
mass flow rate 

kg/s 0.108 0.11 0.11 0.11 0.10 0.10 0.10 0.10 0.13 0.13 

 
  3.65% 7.76% 7.68% 7.78% 8.35% 

14.98
% 

7.96% 9.06% 6.62% 6.86% 

Water mass 
flow rate 

kg/h 6.40 6.844 4.005 4.293 6.613 6.206 4.066 3.815 6.511 3.979 



 

 
  3.33% 6.41% 7.17% 6.28% 7.73% 

13.71
% 

8.78% 8.33% 5.53% 6.20% 

Discharge 
temperature 

°C 75.12 61.46 85.52 63.60 78.11 68.10 89.81 72.93 71.22 82.24 

Suction 
temperature 

°C 6.47 7.12 7.84 7.24 2.87 2.72 3.01 2.74 12.41 12.91 

Condensing 
temperature 

°C 48.05 36.56 57.05 38.60 48.01 39.94 56.72 43.88 47.92 57.49 

Evaporation 
temperature 

°C 0.47 1.12 1.84 1.24 -3.13 -3.28 -2.98 -3.26 6.41 6.91 

 



 

 

 
 

Appendix F EES model for compressor 

 

 

 

 


