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Abstract 

The Swedish company Strömsholmen AB, which develops and manufactures gas springs for the tool 

and die industry, have entered the market of heavy duty off-road vehicles where they advertise their 

hydropneumatic suspension system. One of their customers is the Finnish defense company Patria, 

which produces the eight-wheeled military vehicle Patria AMV. 

In order to produce a more optimized suspension system for Patria, Strömsholmen is in need of 

learning more about how the vehicle dynamic properties such as handling are influenced by the 

suspension settings. To achieve this knowledge Strömsholmen started a collaboration with the 

consultant company FS Dynamics and initiated this master thesis work. 

The aim with this master thesis is to produce a simulation model of Patria AMV and investigate the 

influence of the suspension system settings on vehicle dynamic properties such as handling. 

The thesis work has resulted in a vehicle model in Adams/Car that is verified against experimental 

data from two slalom maneuvers. The model shows a good correlation with the validation data, 

taking into account the many assumptions and estimations that had to be made during the work due 

to lack of vehicle parameter data. 

A suspension parameter study was performed investigating vehicle maneuvers such as steady-state 

cornering and single-lane change. The results are summarized in a lookup table which can be used 

during future vehicle tests. 

Recommendations for future work is to verify some of the estimated vehicle parameters in the 

vehicle model as well as correlate test drivers subjective feel of the vehicle response to the 

calculated objective handling measures in this work. 
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Sammanfattning 

Det svenska företaget Strömsholmen AB, som utvecklar och tillverkar gasfjädrar för 

verkstadsindustrin, har relativt nyligen tagit sig in på marknaden för tunga terrängfordon där de 

marknadsför sitt hydropneumatiska fjädringssystem. En av deras kunder i detta affärsområde är det 

finländska försvarsföretaget Patria, som tillverkar det fyraxliga militärfordonet Patria AMV. 

I syfte att tillhandahålla ett mer optimerat fjädringssystem till Patria, behöver Strömsholmen en 

större kunskap om hur fordonets dynamiska egenskaper påverkas av fjädringsinställningarna. 

Strömsholmen inledde därför ett samarbete med konsultföretaget FS Dynamics, vilket resulterade i 

detta examensarbete. 

Syftet med examensarbetet är att skapa en simuleringsmodell av Patria AMV och med denna modell 

undersöka hur fjädringsinställningarna inverkar på fordonets dynamiska egenskaper såsom handling-

egenskaper. 

Examensarbetet har resulterat i en fordonsmodell för Adams/Car som har verifierats mot 

experimentell data från två slalommanövrar. Fordonsmodellen visar en god korrelation med 

valideringsdata, detta med hänsyn till det flertalet antaganden och uppskattningar som behövdes 

göras under arbetets gång på grund av bristfällig fordonsdata. 

En parameterstudie av fjädringen genomfördes för två fordonsmanövrar, stationär kurvkörning och 

enkelt filbyte. Resultaten är sammanfattade i en tabell som kan användas vid framtida fordonstester. 

Rekommendationer till framtida arbete är att verifiera några av de uppskattade 

fordonsparametrarna samt att korrelera testförarens subjektiva känsla av fordonets respons mot de 

beräknade objektiva parametrarna i detta arbete. 
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Nomenclature 

Below are the complete lists of all the Notations and Abbreviations used in this Master Thesis.  

Notations 

An additional subscript j to a symbol indicates the specific wheel axle j = 1, 2 ... (Front-Rear). 

Symbol  Units Descr iption  Symbol  Units Descr iption  

𝑎 mm 
Inside radius of the main cylinder 
(hydropneumatic suspension unit) 

𝐶𝑀𝑧,𝛼 
Nm

deg
 Self-aligning moment stiffness of a tire 

𝑎𝑦 
m

s2 
Vehicle acceleration in the y-direction 
(a.k.a. lateral acceleration) 

𝐶𝑀𝑧,𝛾 
Nm

deg
 

Self-aligning moment camber stiffness 
of a tire 

𝐴𝑎 mm2 
Annulus area of the piston 
(hydropneumatic unit) 

𝐶𝑠 N Longitudinal stiffness of a tire 

𝐴𝑀 − Percent Ackerman 𝑒 
m

s
 Error signal to the PID-controller 

𝐴𝑝 mm2 
Circular cross sectional area of the 
piston (hydropneumatic suspension 
unit) 

𝐸 Pa Young’s modulus 

𝐴𝑝𝑟 mm2 
Circular cross sectional area of the 
piston rod (hydropneumatic suspension 
unit) 

𝐹𝑎 N 
External reaction force on the piston 
rod (hydropneumatic suspension unit) 

𝐴𝑟𝑡 − Aspect ratio of a tire 𝐹𝑏 N 
External reaction force on the cylinder 
(hydropneumatic suspension unit) 

𝑏 mm 
Outside radius of the main cylinder 
(hydropneumatic suspension unit) 

𝐹𝐷 N 
Driving force at the contact patch of a 
tire 

𝑐𝑝 
J

kg K
 

Specific heat capacity (constant 
pressure) 

𝐹𝑑𝑎𝑚𝑝 N 
Damping force (hydropneumatic 
suspension unit) 

𝑐𝑝𝑙𝑎𝑡 mm 
Change in the lateral distance taken 
from the vehicle center to the tire’s 
contact patch 

𝐹𝑔𝑎𝑠 N 
Gas spring force (hydropneumatic 
suspension unit) 

𝑐𝑣 
J

kg K
 

Specific heat capacity (constant 
volume) 

𝐹𝑔𝑎𝑠,𝑛𝑜𝑚 N 
Gas spring force at nominal length 
(hydropneumatic suspension unit) 

𝑐𝑧 
Ns

mm
 Vertical damping coefficient of a tire 𝐹ℎ𝑦𝑑𝑟𝑜𝑝 N 

Total force (hydropneumatic suspension 
unit) 

𝐶𝛼 
N

deg
 Cornering stiffness of a tire 𝐹𝑘,𝑐 N 

Damping force at the compression knee 
point (hydropneumatic suspension unit) 

𝐶𝐶𝛼 
1

deg
 Cornering stiffness coefficient of a tire 𝐹𝑘,𝑟  N 

Damping force at the rebound knee 
point (hydropneumatic suspension unit) 

𝐶𝛾 
N

deg
 Camber stiffness of a tire 𝐹𝑟  N Rolling resistance force of a tire 
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Symbol  Units Descr iption  Symbol  Units Descr iption  

𝐹𝑥  N 
Tire contact patch force in the x–
direction (a.k.a. longitudinal/tractive 
force) 

𝐿𝑙𝑠,𝑟 
Ns

mm
 

Linear damping coefficient in the low 
speed rebound region (hydropneumatic 
suspension unit) 

𝐹𝑦 N 
Tire contact patch force in the y-
direction (a.k.a. lateral force) 

𝐿𝑛𝑜𝑚 mm 
Nominal length of the hydropneumatic 
suspension unit 

𝐹𝑧 N 
Tire contact patch force in the z-
direction (a.k.a. /vertical force, normal 
force/load) Negative in the SAE-system 

𝐿0 mm 
Distance between the installation points 
when fully extended (hydropneumatic 
suspension unit) 

𝑔 
m

s2 Gravitational constant 𝑚 kg Mass 

ℎ𝑅𝐶  mm Roll center height 𝑚𝑓𝑝  kg Mass of the floating piston 

𝐼𝑥𝑥  kgm2 
Principal moment of inertia around the 
x-axis 

𝑚ℎ𝑠,𝑐 N 

Intersection with the y-axis of the linear 
𝐹𝑑𝑎𝑚𝑝 curve in the high speed 

compression region 

𝐼𝑦𝑦 kgm2 
Principal moment of inertia around the 
y-axis 

𝑚ℎ𝑠,𝑟 N 

Intersection with the y-axis of the linear 
𝐹𝑑𝑎𝑚𝑝 curve in the high speed rebound 

region 

𝐼𝑧𝑧 kgm2 
Principal moment of inertia around the 
z-axis 

𝑚𝑝,𝑝𝑟  kg 
Mass of piston and piston rod 
(hydropneumatic suspension unit) 

𝑘𝑔𝑎𝑠 
N

mm
 

Gas spring stiffness (hydropneumatic 
suspension unit) 

𝑚𝑣 kg Total vehicle mass 

𝑘𝑔𝑎𝑠,𝑛𝑜𝑚 
N

mm
 

Gas spring stiffness at nominal length 
(hydropneumatic suspension unit) 

𝑀𝑥 Nm Overturning moment of a tire 

𝑘𝑧 
N

mm
 Vertical spring coefficient of a tire 𝑀𝑦 Nm Rolling resistance moment of a tire 

𝐾 Pa Bulk modulus 𝑀𝑧 Nm Self-aligning moment of a tire 

𝐾𝑢𝑠 
deg

g
 Understeer gradient 𝑛 − Polytropic index 

𝐿 mm 
Length, longitudinal distance between 
two wheel axles 

𝑁 N 
Normal load on a wheel axle (a.k.a. 
normal/vertical force) i.e. total load at 
both of the tires contact patches 

𝐿𝑒𝑞 mm 
Equivalent wheelbase for a complex 
vehicle, i.e. the distance between two 
imaginary wheel axles 

𝑝 Pa Pressure 

𝐿ℎ𝑠,𝑐 
Ns

mm
 

Linear damping coefficient in the high 
speed compression region 
(hydropneumatic suspension unit) 

𝑝𝑎𝑝 Pa 
Pressure above the piston at the gas 
accumulator side (hydropneumatic 
suspension unit) 

𝐿ℎ𝑠,𝑟 
Ns

mm
 

Linear damping coefficient in the high 
speed rebound region (hydropneumatic 
suspension unit) 

𝑝𝑏𝑝 Pa 
Pressure below the piston at the rod 
side (hydropneumatic suspension unit) 

𝐿𝑙𝑠,𝑐  
Ns

mm
 

Linear damping coefficient in the low 
speed compression region 
(hydropneumatic suspension unit) 

𝑝𝑔𝑎𝑠 Pa 
Gas pressure inside the gas accumulator 
(hydropneumatic suspension unit) 
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Symbol  Units Descr iption  Symbol  Units Descr iption  

𝑝𝑔𝑎𝑠,𝑛𝑜𝑚 Pa 
Gas pressure inside the gas 
accumulator at nominal length 
(hydropneumatic suspension unit) 

𝑇 K Temperature 

𝑝𝑙𝑜𝑐𝑎𝑙 Pa Local pressure at the tire contact patch 𝑣𝑟𝑒𝑓 
m

s
 Reference vehicle speed 

𝑝0 Pa Initial pressure 𝑣𝑤𝑐 
m

s
 Velocity at the wheel center 

𝑄𝑙𝑠,𝑐 
Ns2

mm2 

Quadratic damping coefficient in the 
low speed compression region 
(hydropneumatic suspension unit) 

𝑣𝑥 
m

s
 Vehicle speed in the x-direction 

𝑄𝑙𝑠,𝑟 
Ns2

mm2 

Quadratic damping coefficient in the 
low speed rebound region 
(hydropneumatic suspension unit) 

𝑣𝑦 
m

s
 Vehicle speed in the y-direction 

𝑟 mm Radius or distance from/to a point 𝑉 mm3 Volume 

𝑅 m Vehicle turn radius 𝑉𝑔𝑎𝑠 mm3 
Gas volume inside the gas accumulator 
(hydropneumatic suspension unit) 

 𝑅𝑒 mm Effective radius of a tire 𝑉𝑔𝑎𝑠𝑎𝑐𝑐 mm3 

Available volume inside the gas 
accumulator (hydropneumatic 
suspension unit) 

 𝑅𝑖 m 
Kinematic turn radius for the vehicle 
based on the inner wheels 

𝑉𝑔𝑎𝑠,𝑛𝑜𝑚 mm3 

Gas volume inside the gas accumulator 
at nominal length (hydropneumatic 
suspension unit) 

 𝑅𝑖,𝑗 m 
Kinematic turn radius for an inner 
wheel located on wheel axle 𝑗 

𝑉𝑚 
mm3

mol
 Molar volume of a real gas 

𝑅𝑙 mm Loaded radius of a tire 𝑉𝑚𝑎𝑖𝑛𝑐𝑦𝑙  mm3 

Available volume in the main cylinder 
when fully extended (hydropneumatic 
suspension unit) 

 𝑅𝑜 m 
Kinematic turn radius for the vehicle 
based on the outer wheels 

𝑉𝑚,𝑖𝑑𝑒𝑎𝑙  
mm3

mol
 Molar volume of an ideal gas  

 𝑅𝑜,𝑗  m 
Kinematic turn radius for an outer 
wheel located on wheel axle 𝑗 

𝑉𝑜𝑖𝑙  mm3 
Oil volume (hydropneumatic suspension 
unit) 

 𝑅𝑢 mm Unloaded radius of a tire 𝑉𝑜𝑖𝑙,𝑛𝑜𝑚 mm3 
Oil volume at nominal position 
(hydropneumatic suspension unit) 

�̅� 
J

mol K
 Universal gas constant 𝑉𝑡𝑜𝑡 mm3 

Available volume for oil and gas when 
fully extended (hydropneumatic 
suspension unit) 

𝑆 − Longitudinal tire slip 𝑉0 mm3 Initial volume 

𝑡 mm 
Wall thickness of the main cylinder 
(hydropneumatic suspension unit) 

𝑤𝑏 mm 
Wheelbase, the distance between a 
wheel axle  and the virtual rear wheel 
axle 

𝑡𝑤 mm 
Track width, the distance between the 
centers of the tires contact patches on 
a wheel axle 

 𝑤𝑡 mm Width of a tire 
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Symbol  Units Descr iption  Symbol  Units Descr iption  

𝑥𝑐𝑦𝑙  mm 
Displacement of the main cylinder 
(hydropneumatic suspension unit) 

𝛾𝑎𝑑 − Adiabatic index 

𝑥𝑓𝑝 mm 
Displacement of the floating piston 
(hydropneumatic suspension unit) 

𝜆 − 
Ratio of the distance between the first 
wheel axle and the COG, to the distance 
between the first and fourth wheel axle 

𝑥ℎ𝑦𝑑𝑟𝑜𝑝 mm 
Effective displacement 
(hydropneumatic suspension unit) 

𝜇𝑟  − Rolling resistance coefficient of a tire 

𝑥𝑝,𝑝𝑟  mm 
Displacement of the piston and piston 
rod (hydropneumatic suspension unit) 

 𝜇𝑠𝑑 − Coefficient of sliding friction 

𝑥𝑝𝑡  mm Pneumatic trail of a tire  𝜇𝑠𝑑,𝑙𝑜𝑐𝑎𝑙  − Local coefficient of sliding friction 

𝑍 − Compression factor  𝜇𝑠𝑡 − Coefficient of static friction 

𝛼 deg Slip angle of a tire  𝜇𝑠𝑡,𝑙𝑜𝑐𝑎𝑙  − Local coefficient of static friction 

𝛽 deg Vehicle slip angle 𝜐 − Poisson’s ratio 

𝛿 deg 
Equivalent steer angle based on the 
inner and outer wheel at a wheel axle 

𝜔 
rad

s
 Angular velocity 

𝛿𝑖 deg Steer angle of an inside wheel in a turn 𝜔𝑒𝑛𝑔𝑖𝑛𝑒  
rad

s
 Angular velocity of the engine 

𝛿𝑜 deg 
Steer angle of an outside wheel in a 
turn 

𝜔𝑤ℎ𝑒𝑒𝑙  
rad

s
 Angular velocity of a wheel 

𝛿𝑜,𝑖𝑑𝑒𝑎𝑙 deg 
Ideal steer angle of an outside wheel in 
a turn for pure (100%) Ackerman 
steering 

𝜔0 
rad

s
 Angular velocity of a free rolling wheel 

𝛿𝑥  mm Distance in the x–direction 𝜓 deg Vehicle yaw angle 

𝛿𝑦 mm Distance in the y–direction 𝜎𝜑 Pa Stress in the tangential direction 

𝛿𝑧 mm Distance in the z–direction 𝜎𝑟 Pa Stress in the radial direction 

휀𝜑 − Strain in the tangential direction 𝜎𝑧 Pa Stress in the axial direction 

휀𝑧 − Strain in the axial direction 𝜏𝑒𝑛𝑔𝑖𝑛𝑒  Nm Engine torque 

𝛾 deg Camber angle of a tire 𝜏ℎ𝑢𝑏 Nm Wheel hub torque 
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Symbol  Units Descr iption  Symbol  Units Descr iption  

𝜏𝑙𝑜𝑐𝑎𝑙  Pa 
Local shear stress in the tire contact 
patch 

Δ𝑝 Pa Pressure difference 

∆𝐿 mm Length difference ∆𝑉 mm3 Volume difference 

 

Abbreviations 

A1-A4 Wheel Axle nr:1-4 L1-L4 Left wheel station at wheel axle nr: 1-4 

ABS Anti-lock Braking System MBS Multi-Body System 

ADAMS 
Automatic Dynamic Analysis of 
Mechanical Systems 

MOI Moment Of Inertia 

AMV Armored Modular Vehicle MSC MacNeal-Schwendler Corporation 

APFSDS 
Armor Piercing Fin Stabilized Discarding 
Sabot 

NBC Nuclear Biological Chemical 

ATGM Anti-Tank Guided Missile QP Quadratic Programming 

AWD All-Wheel Drive R1-R4 Right wheel station at wheel axle nr: 1-4 

CA1-CA4 
Compression damping (low speed) at 
wheel Axle nr:1-4 

RA1-RA4 
Rebound damping (low speed) at wheel 
Axle nr:1-4 

CAD Computer-Aided Design RC Roll Center 

CAE Computer-Aided Engineering SAE Society of Automotive Engineers 

COG Center Of Gravity SSAB 
Svenskt Stål AktieBolag (Swedish Steel 
Limited Company) 

CTIS Central Tire Inflation System STEP 
Standard for The Exchange of Product 
model data 

DAS Defensive Aid Suite ST4 Synchronous Technology 4 

DOF Degrees Of Freedom TC Turn Center 

IED Improvised Explosive Device WC Wheel Center 
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1. Introduction 

Established in 1876 and based in Tranås in southern Sweden, is the company Strömsholmen AB 

which develops and manufactures gas springs and hydraulic systems under the brand name KALLER.  

Up until quite recently has their focus mainly been on providing solutions to the tool and die 

industry, but lately they have also entered the market of heavy duty off-road vehicles where they 

advertise their hydropneumatic suspension system.  

One of their customers in this business area is the Finnish defense company Patria, which produces 

the eight-wheeled military vehicle Patria AMV. This vehicle is available in a range of different versions 

and at the time when this thesis started, Patria had entered the final stages of yet another version 

fitted with a tailored hydropneumatic suspension system from Strömsholmen. 

Now, over the years, Strömsholmen has naturally gained a great deal of experience and knowledge in 

how their products works and performs within the tool and die industry, but within the area of 

vehicle dynamics, which applies to their newer market of heavy duty off-road vehicles, their 

knowledge is more limited. 

For this reason, Strömsholmen started to collaborate with the Swedish consultancy company FS 

Dynamics, a company which offers a broad range of services within computer simulations. Besides 

offering these services in areas such as fluid and structural dynamics, FS Dynamics also possess a high 

expertise in the field of vehicle dynamics, where simulations are made using the CAE software 

Adams/Car. 

It was then through this collaboration, that the idea of this thesis started; a thesis aiming to increase 

Strömsholmen’s knowledge in how their hydropneumatic suspension system interacts with the 

vehicle, which in this case is the new version of the Patria AMV. 

1.1 Purpose and Main Goals of the Study 

As previously mentioned, the main purpose of this study is to increase Strömsholmen’s knowledge in 

how their hydropneumatic suspension system interacts with the upcoming version of the Patria 

AMV. How will modified suspension settings, i.e. settings in the gas springs and dampers, alter the 

vehicle’s handling performance? 

In order to answer this question, there are some main goals that first must be achieved: 

 A representative and accurate vehicle model of the new Patria AMV has to be created within 

the simulation software Adams/Car; a model suitable for vehicle handling. 

 

 Some sorts of vehicle handling maneuvers must be found, maneuvers that can be quantified 

upon some selected key variables.  

 

 Lastly, a couple of suspension parameter studies have to be carried out on the above, 

selected, key variables. 
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1.2 Sub-Goal Statements 

The main goals stated earlier can also be broken down, or placed, in a list of sub-goals. This to 

provide a clearer picture of what is needed to be achieved: 

 Acquire knowledge on the vehicle and the hydropneumatic suspension system. 

 

 Get oriented on the simulation software Adams/Car. Find out what is required in terms of 

vehicle and tire data to simulate vehicle handling maneuvers. 

 

 Gather necessary data. If that is not possible, come up with justified estimations. 

 

 Modell the Patria AMV in Adams/Car.  

 

 Regarding the gas spring of the hydropneumatic suspension system, it has to be 

implemented as a physical model to allow for changes in the right settings, i.e. the spring 

force and stiffness in nominal position.  

 

 The damping force of the suspension system can on the other side be based on an empirical 

model. 

 

 Validate the vehicle model against measured data.  

 

 Find a couple of suitable handling maneuvers, preferably one transient maneuver and one 

steady-state maneuver. 

 

 Quantify the handling maneuvers upon selected key variables. 

 

 Conduct a suspension parameter study, one for each of the two maneuvers, on the selected 

key variables. 
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2. Patria AMV 

The eight-wheeled military vehicle Patria AMV (Armored Modular Vehicle), successor of the six 

wheeled Sisu Pasi, is manufactured by the company Patria located in Finland [1].  

The company has two owners, where the largest one is the state of Finland (73.2 %) and the other a 

company named European Aeronautic Defense and Space Company (26.8 %). Besides armored 

wheeled vehicles the company Patria, among other things, also manufactures mortar systems, 

ammunition products and cares for the maintenance of the Finnish Defense Forces material [2]. 

Patria AMV, which one can tell by its abbreviation, can be built in a wide range of versions with 

different areas of usage, all thanks to its modular design. Possible versions are, to mention some, 

armed personnel carrier, mortar carrier (see Figure 1), ambulance and ATGM vehicle [1]. 

 

 

Figure 1. Patria AMV equipped with Patria Nemo 120 mm mortar system [3], [4]. 

 

Several countries have chosen the Patria AMV as a member of their military vehicle fleet and besides 

Finland there are six other countries, namely, Poland, Croatia, Slovenia, South Africa, United Arab 

Emirates and Sweden [1].  

Sweden’s order to Patria includes 113 vehicles and system material with an additional option of 113 

vehicles. Delivery started in 2012 and they will be taken into service in 2014. The agreement includes 

full industry collaboration to the same amount as the value of the order, approximately 2.5 billion 

Swedish crowns. Swedish companies involved are, among others, Scania building the engine, SSAB 

producing armor steel and Åkers Krutbruk for the protection [5]. The vehicle suspension system is 

manufactured by the company Strömsholmen under the brand name KALLER, located in Tranås, 

Sweden. Their suspension system can also be found in other military vehicles, such as the eight-

wheeled Piranha V, a competitor to Patria AMV. 

A grand total of 1 625 Patria AMV’s has been ordered [1] and the Swedish Defense Forces states that 

some reasons for its popularity across the globe is due to its modular design, operational reliability 

and resistance to mines and shelling [6].  
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Some key vehicle data, regarding the existing available versions of the Patria AMV, can be seen in 

Table 1 below. The main focus for this thesis regards the vehicles suspension layout, which consists 

of eight identical fully independent wheel stations, all of double wishbone type. Connected to the 

lower wishbone and the vehicle body are the hydropneumatic suspension system designed and 

manufactured by Strömsholmen, incorporating both the shock absorber and the spring in a single 

unit.  

Another thing worth mentioning here is, since the vehicle has more than two wheel axles, there is an 

opportunity to vary the normal load that each axle, or pair of wheels, is carrying. This can be done by 

adjusting the preload of the spring. The steering of the vehicle is done on the first and second axle, 

while the rear axle is steered only at low speeds for taking sharp turns. 

 

Table 1. Patria AMV vehicle data [7].  

Dimensions   Performance (7.9 m version)  

Lengths 7.9 m  Speed >100 km/h  
 8.3 m (Long version)  Climbing capacity 60 %  
Heights 2.4 m  Side slope 30 %  
 2.7 m (High version)  Obstacle, trench 0.7 m, 2.1 m  
Width 2.8 m  Swimming 6-10 km/h  
Track width 2.5 m  Fording 2.0 m  
Weight 17000-27000 kg  Operating radius 600-800 km  

      
Driveline   Protection   

Power 405 kW  APFSDS Up to 30 mm with  
Torque 2090 Nm   modular ballistic   
Driven axles AWD   protection  
Transmission Automatic 7+1 gears  Blast mine Up to 10 kg  
Tires 14.00R20 with run  IED On customer demand  
 flat devices and CTIS  NBC Yes  
Brakes Hydraulically activated  DAS Yes  
 disc brakes with ABS  Fire suppression Yes  

      
Suspension      

Suspension type Fully independent     
 double wishbone     
 wheel stations     
Spring type Gas hydraulic with     
 optional height     
 adjustment     
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3. Vehicle Suspension Systems 

A vehicle suspension system usually involves springs and dampers, one of each at every wheel. The 

displacements and accelerations from the road to the vehicle body could be well isolated with only 

the springs, if it was not for the fact that springs stores energy. All this energy would then moments 

later be fed back to the vehicle body causing it to oscillate. This is why the dampers are fitted to the 

system; they take care of the released energy from the springs, transforming it into waste heat that 

dissipates to the surroundings [8]. 

3.1 The Importance of Vehicle Suspension 

There are two main objectives for a vehicles suspension system. The first one is to isolate the 

suspended mass, the mass of the vehicle supported by the springs, from displacements and 

accelerations of the road it is operating on. By doing this it prevents exposed vehicle parts from 

damage and offers the occupants inside the vehicle a more comfortable ride [8]. 

The second main objective is to smooth out the dynamic vertical wheel forces from the road, arising 

from vehicle accelerations. This allows the tires of the vehicle to transfer higher lateral and 

longitudinal forces to the road, increasing the vehicle performance and making it easier and safer to 

drive [8]. 

Besides from the two objectives mentioned above, the suspension also contributes to achieve 

tolerable vehicle pitch and roll behavior as preventing the road of taking too much damage due to 

high wheel forces [8]. 

Figure 2 below gives a good picture of the main objectives of the vehicle suspension system and its 

effects. 

 

 

Figure 2. Vehicle suspension systems tasks and functional requirements [8].  
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3.2 The Hydropneumatic Suspension System 

As mentioned in the previous chapter the Patria AMV is equipped with a hydropneumatic (a.k.a. gas 

hydraulic, hydrop) suspension system which is known for its robustness under heavy loads and in 

challenging environments, typical for off-road and military vehicles. This system contains a cylinder, a 

piston with flow resistors connected to a piston rod, a floating piston and of course the gas and 

hydraulic oil, see Figure 3. There are several other types of hydropneumatic suspension system 

layouts, but they all follow the same principles. For example, due to space issues, the portion of the 

cylinder containing the gas (usually called gas accumulator) could be separated from the cylinder and 

connected with hydraulic lines instead [8].  

 

Figure 3. Layout of the hydropneumatic suspension unit. 

 

The spring component in a hydropneumatic suspension system consists of the gas medium, sealed in 

by the floating piston and the cylinder walls. As the piston rod is displaced inwards it occupies more 

volume inside the cylinder than before and as a consequence to this the hydraulic oil, seen as 

incompressible, has to take up the same amount of volume further up in the cylinder. The hydraulic 

oil then acts to push the floating piston inwards thus compressing the gas medium. This pressure 

increase in the gas accumulator is what, via the hydraulic oil, gives the increase of force at the piston 

rod and thus acts like an elastic spring [8]. 

As said in the beginning of the chapter, there is also need of some sort of damping mechanism and 

this is where the flow resistors come in use. As the piston, together with the piston rod, goes into 

compression and rebound the hydraulic oil gains kinetic energy and it is parts of this energy that the 

flow resistors convert into heat. This is what prevents the system from oscillating, together with 

boundary friction forces made up by components moving against each other [8]. 
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3.2.1 A Comparison with the Mechanical Suspension System 

There are several differences between the hydropneumatic suspension system and the common 

suspension setup consisting of a linear wound coil spring joined together with a viscous damper, seen 

in Figure 4. In this section some of these differences will be discussed. 

 

Figure 4. Mechanical spring and viscous damper [9].  

 

Comparing the force versus displacement curves for both systems reveals a major difference, 

namely, the coil spring has a linear relationship while the hydropneumatic system with its gas spring 

has a progressive curve, see Figure 5. The spring rate for the coil spring is constant while the spring 

rate for the hydropneumatic suspension gets stiffer and stiffer with compression [8]. 

 

 
Figure 5. Spring force versus displacement curves. 

 

This is a major problem for vehicles equipped with linear coil springs, when travelling on uneven 

roads with large wheel load variations. The risk of the suspension hitting the end stops is much 

greater here than for a vehicle equipped with a hydropneumatic suspension system. Another thing is 

when the suspended mass is increased, e.g. by extra luggage, passengers etc. The available 

suspension travel in compression will be less for the linear coil spring vehicle in comparison to the 

one with a hydropneumatic suspension [8].  
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With the hydropneumatic suspension system there is also the ability to change the stiffness of the 

spring, which can be rather difficult when dealing with mechanical suspensions. For the 

hydropneumatic suspension system on the other hand, this is easier done. Changing the amount of 

gas inside the gas accumulator alters the spring stiffness [8].  

Another important feature is something called level control, a special function found in certain 

suspension systems with the purpose of keeping the vehicle at nominal height. Now, for coil springs 

level control is a more challenging task to solve and less effective than for the hydropneumatic 

suspension, which already has this feature built in; the level control is done simply by adding or 

subtracting hydraulic oil. Combining this together with the ability to change spring stiffness makes it 

possible to have a constant vehicle ride height while also maintaining the stiffness of the spring [8].  

When looking at the techniques to generate damping forces it is the same for both suspension 

systems, the use of flow resistors combined with the viscosity of the hydraulic oil generates these 

forces [8].  

In terms of needed occupied space the hydropneumatic suspension system has a major advantage; 

the potential high internal pressure together with its working principle gives the opportunity to use 

very small cylinder diameters [8].  

As seen, there are many advantages with this suspension system in comparison with the mechanical 

spring and damper, but as usual, advantages come with disadvantages. For the hydropneumatic 

suspension system these disadvantages are mainly costs and service requirements. A third 

disadvantage is the relatively high unwanted damping forces, originating from boundary friction [8]. 

Table 2 below shows a summary of the two suspension systems advantages/disadvantages within 

these different areas. 

 

Table 2. Fulfillment of requirements - Hydropneumatic system versus mechanical coil spring and damper system [8]. 

 Spring 
characteristics 

Damping/friction 
characteristics 

Level 
control 

Cost Space 
Reliability/ 
robustness 

Service  

Hydropneumatic 
suspension 
system 

++ + ++ - + + o  

Mechanical spring 
and damper  

o ++ - ++ o + +  
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4. MBS Simulation Software Adams/Car 

The CAE software used in this master thesis is Adams/Car, a multibody dynamics software program 

provided by MSC Software to be used in vehicle simulations.  It works as a module to the basic 

program Adams, which in turn consists of Adams/View, Adams/Solver and Adams/Postprocessor. So 

beyond this Adams/Car provides the user with a wide range of customized tools, all useful in the area 

of modeling and simulating the behavior of vehicles, down to component level. In order to take full 

advantage of every feature in Adams/Car, licenses for several add-ons are needed such as 

Adams/Driveline, Adams/Chassis and Adams/Tire among others. 

Adams/Car lets the user work in two different operational modes, template and standard mode. The 

template mode allows the user to build vehicle systems out from a clean sheet and this template 

then holds information on the systems default geometry and topology. For an overview of the typical 

working procedure in Adams, see Figure 6 below. 

 

Figure 6. Working procedure in Adams. 

 

A bit more specific, a template consists of rigid/flexible parts joined together with appropriate 

constraints and attachments that define how the parts can/will move and react in relation to each 

other. Typical constraints and attachments are joints, gears, bushings and force elements.  

Later on, when a template is used to form a subsystem within an assembly, there is also need of 

some sort of information exchange between all these subsystems. This is where the so called 

communicators come into use; they are created in template mode and it is their job to share all vital 

information. 

The other mode, standard mode, is used to create subsystems out from templates and joining them 

together in order to form an assembly. It is also in this mode that all simulations are set and 

executed. 
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The basis of a subsystem is its template and this template, as said earlier, holds the default geometry 

and topology of the system. So when creating a subsystem, changes can then be made to some of 

the model parameters to make it fit into a specific vehicle.  

The next natural step is to merge these subsystems together with a special type of subsystem, a test 

rig, which imposes motion to the whole system. All these subsystems are then what constitute the 

final assembly.  

With an assembly up and working, the next step is to choose what kind of simulation to perform. 

There are several types of simulations that can be done with the two default test rigs provided; with 

the suspension test rig one can simulate the behavior of a vehicle’s suspension and steering system, 

while the vehicle test rig gives the opportunity to execute full vehicle simulations.  

Having everything set and ready to go, Adams/Car then provides the numerical solver Adams/Solver 

with all necessary input files from the system and the upcoming simulation scenario. Naturally, 

Adams/Solver then attempts to solve the problem, creating all standard output files (as well as user 

selected data) which can be easily accessed with Adams/Postprocessor to display and investigate 

how the simulation passed through, by looking at graphs or animations of the event.  

There are many advantages with simulation software such as Adams/Car, where perhaps the major 

benefit is how it can cut costs and time, thus increasing efficiency. At an early stage one can get a 

good understanding on how a system works and make appropriate changes in its design if needed, 

instead of being forced to build an expensive and time consuming physical model.  

For additional and more detailed information about Adams/Car visit http://www.mscsoftware.com. 

 

http://www.mscsoftware.com/
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5. Preparations before Modeling in Adams/Car 

To be able to build a representative and accurate model of the new upcoming version of the Patria 

AMV in order to conduct handling performance tests in the simulation software later used, 

Adams/Car, typical vehicle data was needed such as:  

 Parts mass, COG and MOI 

 Wheel station geometries and mounting points 

 Characteristic vehicle lengths such as track width and distances between axles 

 Steering relationships within the wheel pair located on a common axle, as well as the 

relationship between wheel pairs on different axles 

 Tire data suitable for one of the tire models in Adams/Car 

Now, collecting this data was quite difficult and it had several reasons, where the major issue was 

due to the fact that the maker of the vehicle, Patria, was not itself involved in this thesis. This meant 

that there were several question marks in the list above that had to be searched for or estimated.  

In the following sections of this chapter these estimations will be presented, as well as finding a 

suitable way to describe the hydropneumatic suspension system that later could be implemented in 

Adams/Car. 

For a complete list of input data to the vehicle model, together with the estimations made in this 

chapter, see Appendix A. 

5.1 Estimations of Vehicle Data 

Starting with the wheel stations of the Patria AMV, there were no exact data regarding their 

geometries, but two blueprints and a STEP-file of the lower control arm were given and therefore 

used to measure in, see Appendix B and Figure 7 on next page. It required a bit of thought, but with 

the help of some photo editor software and the known lengths of the hydropneumatic units when 

the vehicle is at its ride height, it is believed that the measurements came out fairly accurate. 

The next thing that had to be determined was the mass of the wheel stations individual components 

and the vehicle body. For a wheel suspension of this type, double wishbone, these components 

typically are; a lower and an upper control arm, a spindle, a wheel hub, the wheel itself and in this 

case the hydropneumatic suspension unit. Other linkages and drive shafts were ignored, due to lack 

of information.  

The procedure to determine this was as follows: 

1. To have some sort of starting point to begin from, the STEP-file of the lower control arm was 

opened with 3D-CAD software, Solid Edge ST4. The density of the part was then assumed and 

changed to steel, which gave information on its mass. 

 

2. The upper control arm seems to be weaker studying the blueprints and it is probably not affected 

by the same magnitude of forces as the upper control arm, which is connected to the 

hydropneumatic unit. Therefore its mass was assumed to be two-thirds of the upper control 

arms mass.  
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3. The dimensions of the wheel were known, 14.00R20, but the exact mass of the tire and rim was 

not. This data was therefore taken from an off-road tire with equal dimensions, a 14.00R20 

Goodyear AT-2A tire [10] matched together with a military vehicle rim [11]. Some additional 

mass was then added to the rim since it seemed a bit light. 

 

4. The unsprung mass, which was given, is approximately made up by the mass of the components 

in the wheel station subtracted by half the mass of the control arms and the mass of the piston 

rod, belonging to the hydropneumatic suspension unit. The remaining part of the unsprung mass 

was thereafter evenly distributed between the wheel hub and the spindle.  

 

5. The mass of the vehicle body was set to the total mass of the vehicle, a given value, subtracted 

by the total unsprung mass as well as half the mass of the control arms, the pistons and piston 

rods of the hydropneumatic suspension units. 

 

 

Figure 7. CAD model of the lower control arm. 

 

Continuing with the vehicle body, there was a need to decide its longitudinal COG 𝜆𝐿14, see Figure 8. 

The total mass at the tires contact patches for the front and rear axle had been measured by Patria 

and with the assumption that the vehicle mass is linearly distributed over all axles, the longitudinal 

COG was estimated as follows. 

The difference in mass at rear and front axle per vehicle length can be written as, 

 
𝑘 =

(𝑚4 − 𝑚1)

𝐿14
 (1) 

   
The corresponding mass at the middle axles with linear mass distribution are, 

 𝑚2 = 𝑚1 + 𝑘𝐿12, 𝑚3 = 𝑚1 + 𝑘(𝐿12 + 𝐿23) (2) 
   
Moment equilibrium around the vehicles COG can now be calculated as, 

 𝑁1𝜆𝐿14 + 𝑁2(𝜆𝐿14 − 𝐿12) + 𝑁3(𝜆𝐿14 − 𝐿12 − 𝐿23) + 𝑁4𝐿14(𝜆 − 1) = 0 (3) 

Confidential information. 
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Solving Equation (3) for 𝜆𝐿14 and substituting 𝑁𝑗  for 𝑚𝑗𝑔 then gives, 

 
𝜆𝐿14 =

𝑚2𝐿12 + 𝑚3(𝐿12 + 𝐿23) + 𝑚4𝐿14

𝑚𝑣
 (4) 

   

 

Figure 8. Linear load distribution over the wheel axles. 

 

This distance 𝜆𝐿14 is the longitudinal COG for the whole vehicle and not just for the body. But since 

the body, by far, is the heaviest part of the vehicle it was assumed that this estimated value holds for 

the body itself.  

Some other important things that had to be given proper initial values were the vehicle body’s three 

MOIs. A representable graphical model of the body was therefore made in Solid Edge ST4 out from 

images found on the internet together with the blueprints in Appendix B. This CAD-model was then 

used, on one hand, to estimate these MOIs and on the other hand to better visualize the model of 

the vehicle in Adams/Car. 

The MOIs were taken as the averages of those belonging to a solid body with constant density and 

those of a body with thin walls, see Figure 9. This estimation seemed fairly decent, but it would 

probably been more realistic and accurate if there was some information on the engine 

compartment and the distribution of the protective armor.  

The COGs and MOIs for all other parts were estimated in the same way, using Solid Edge ST4 and 

building more or less simple solids with constant density, see Appendix C. 
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Figure 9. CAD-model of Patria AMV’s body (left) and a cross section view of the body with thin walls. 

 

5.2 Steering Relationships 

In order to get a satisfying vehicle model that behaves in the same manner as the physical vehicle, it 

is important to have correct steering relationships between all steered wheels and their input, the 

steering wheel. In this case, with the Patria AMV, the steered wheels are located at the two front 

axles and the rear axle. However, since the steering of the rear wheels only occur at very low speeds, 

assisting in taking sharp turns, it was ignored because of the higher speeds this model was intended 

to operate within. 

The information that was available was the relationship between the left wheel steer angle on the 

first axle and the corresponding steering wheel angle, see Figure 10. 

 

Figure 10. Left wheel steer angle at first axle versus steering wheel angle. 

 

Obviously, this information not only shows the relationship between the steering wheel angle and 

the steer angle of the first axle left wheel, but also the steering relationship between the wheels 

themselves.  

Confidential information. 
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Beginning with the kinematic turn center, for an ordinary passenger car with a front and a rear axle, 

this turn center is situated on a point on an extended line out from the rear axle [12]. But in this case 

the turn center TC is assumed to be on a line extended out from a virtual axle, placed in between the 

third and fourth axle, see Figure 11. 

 

Figure 11. Patria AMV with pure Ackerman steering geometry. 

 

Continuing with this pure kinematic point of view, in order for the wheels to roll and not slip when 

the vehicle negotiates a turn, the following has to be fulfilled; the wheel on a steered axle situated 

nearest to the turn center, called the inner wheel, has to have a larger steer angle 𝛿𝑖  than the 

corresponding outside wheel steer angle 𝛿𝑜. This is because the wheels travel around circles with 

different radius and in order for the wheels to follow their intended path on the circles, they have to 

be aligned tangential to them [12]. Therefore, looking at Figure 10 again, it is very likely that a wheel 

at the first axle acts as an inner wheel for positive steering wheel angles and as an outer wheel for 

negatives.  

So, all necessary data needed for the model to mimic the operational behavior of the physical 

vehicles first axle existed, but for the second axle there had to be some idea of its steering 

relationship with the first axle. A number of different types of steering geometries exist and one 

common way to describe them is in terms of percent Ackerman.  

Ackerman was the last name of a person named Rudolf, who patented an invention made by George 

Langensperger back in the beginning of the 1800s. Langensperger’s invention was a way on how to 

arrange the linkages in the steering system, of a four wheeled horse carriage, allowing the steered 

wheels to roll on two circles with different radius when taking a turn [12].  
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To achieve pure Ackerman steering for a specific axle j the following must be true, looking into Figure 

11, starting with the steer angle of an inner wheel 𝛿𝑖,𝑗, 

 
cot (𝛿𝑖,𝑗) =

𝑅 − 0.5𝑡𝑤

𝑤𝑏𝑗
 (5) 

   
The steer angle of the outer wheel 𝛿𝑜,𝑗 can be written as, 

 
cot (𝛿𝑜,𝑗) =

𝑅 + 0.5𝑡𝑤

𝑤𝑏𝑗
 (6) 

   
Solving Equation (5) for the radius of the turn 𝑅 and substitute it into Equation (6) then gives, 

 
cot (𝛿𝑜,𝑗) = cot (𝛿𝑖,𝑗) +

𝑡𝑤

𝑤𝑏𝑗
 (7) 

   
Using the track width 𝑡𝑤 in the equations above is a small simplification of the problem. For higher 

accuracy it should be replaced with the distance between the intersections of the kingpin axes with 

the ground [13]. This since a wheel’s contact patch, generally, is not turned around the wheel’s 

vertical axis, but instead around a point where the kingpin axis intersects with the ground. This 

distance between the contact patch of the wheel and the intersection point is usually called the 

scrub radius.  

The same applies for the wheelbase 𝑤𝑏; a more exact way would be to replace it with the distance 

between the intersection of the kingpin axis with the ground, dictated by the caster angle, and the 

virtual rear axle.  

Now, percent Ackerman for a specific axle j can be defined as [14], 

 
𝐴𝑀𝑗 = 100

𝛿𝑖,𝑗 − 𝛿𝑜,𝑗

𝛿𝑖,𝑗 − 𝛿𝑜,𝑖𝑑𝑒𝑎𝑙,𝑗
 (8) 

   
where the ideal outer steer angle 𝛿𝑜,𝑖𝑑𝑒𝑎𝑙,𝑗 equals the outer steer angle 𝛿𝑜,𝑗 in Equation (7). 

So pure Ackerman is the same as having 100 % Ackerman, which means that the lines perpendicular 

to the steered wheels intersect in a common point at an extension of the rear axle, or in this case, 

the virtual rear axle.  

An Ackerman percentage less than 100 % means that the outer wheel steer angle is larger than the 

ideal outer steer angle for achieving 100 % Ackerman and the lines get their intersection behind the 

rear axle, or the virtual axle. The opposite applies to the event of an Ackerman percentage higher 

than 100 %. 

The Ackerman percentage for the first axle on the Patria AMV, calculated with an inner wheel angle 

ranging from 0 deg to x deg, is shown in Figure 12. As one can see it is less than pure Ackerman 

steering up to an inner wheel angle of approximately x deg, were it hits the 100 % mark. 
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Figure 12. Percent Ackerman associated with the first axle of Patria AMV. 

 

With the additional knowledge about the steering geometry of the first axle, a decision was made to 

let the wheel pairs on each side of the vehicle have an Ackerman percentage of 100 %, for all steering 

wheel angles, see Figure 13.  

 

Figure 13. Steering geometry for the model of Patria AMV. 
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In order to achieve this, a steered wheel on the second axle has to have the following relationship 

with the steered wheel in front of it, 

 
cot (𝛿−,2) = cot (𝛿− ,1)

𝑤𝑏1

𝑤𝑏2
, (9) 

   
regardless of whether it is the inner or outer wheels, hence the indexing -. Now, it might be some 

other type of relationship between the first and second axle on the Patria AMV, but in lack of 

information this seemed to be a reasonable solution to go with. 

Figure 14, located below, shows this particular steering setup calculated for the model of Patria AMV.  

 

 

Figure 14. Steering relationship between the first and second axle for the model of Patria AMV. 
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5.3 Tire Characteristics 

The only contact between the vehicle and the road it travels on is through its tires, or more precisely, 

through the contact patches of the tires. It is the tires that, with the inputs from the driver through 

various control systems, generate the forces needed to turn and accelerate/decelerate the vehicle. 

To really emphasize the tires importance within vehicle dynamics, in the book Chassis Handbook, 

authors B. Heissing and M. Ersoy begin the chapter Tire Traction and Force Transfer to the Roadway 

by saying;  

“The tire is the most critical component for vehicle dynamic behavior in the longitudinal, lateral 

and vertical directions.” 

Hence, in order to provide the reader with some basic understanding in the area of tire dynamics, 

before looking into the tire models in Adams/Car, a brief description will now follow on how these 

pure static tire forces and moments are generated. With pure tire forces means that there are no 

interactions between different cornering and tractive forces in the tire contact patch, they are all 

treated separately. For a deeper and more thorough description, involving combined tire forces and 

tire transient behavior among other things, the reader is referred to the sources used in this chapter. 

5.3.1 A Brief Explanation of Tire Forces and Moments 

With the help of a tire axis system defined by the SAE an overview of the forces and moments acting 

on a tire is shown in Figure 15 below. The intersection of the ground plane and the wheel plane is 

defined as the wheel 𝑋𝑆𝐴𝐸-axis, positive in the direction of wheel heading. The 𝑍𝑆𝐴𝐸-axis of the wheel 

is positioned perpendicularly to the ground plane and defined as positive downwards. The right hand 

rule then defines the direction of the 𝑌𝑆𝐴𝐸-axis and its position in the ground plane. The wheel’s spin 

axis is defined perpendicularly to the wheel plane out from the wheel center 𝑊𝐶 [15]. 

The angle 𝛾 between the wheel plane and the 𝑍𝑆𝐴𝐸-axis is the so called camber angle while the angle 

𝛼 taken from the wheel direction of heading to its direction of travel is named the slip angle [15].  

 

Figure 15. Forces and moments in the SAE tire axis system [15].  
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As can be seen in Figure 15, there are a total of six forces and moments acting on the tire. The forces 

are always considered to act at the contact point P; their actual displacements from the contact point 

give rise to the moments [15]. Since the lateral force 𝐹𝑦 and the tractive force 𝐹𝑥 are dependent of 

the normal force 𝐹𝑧 acting on the tire, this force will be described first.  

Normal Force 𝑭𝒛 

A pneumatic rubber tire shows both spring and damping properties in its radial direction, a 

consequence of the tire’s structure and the viscoelastic material property of the tire’s rubber 

compound [14]. So, when loading and unloading a tire on a flat surface it is usually enough to think of 

the tire as a single mass connected with a spring in parallel with a damper [15], see Figure 16. 

 

Figure 16. Tire modeled as a single spring in parallel with a damper [15].  

 

Thus, the normal force acting on the tire in the negative 𝑍𝑆𝐴𝐸  direction can be modeled as [15], 

 𝐹𝑧 = −𝑘𝑧𝛿𝑧 − 𝑐𝑧�̇�𝑧 (10) 
   
For very heavy vehicles the linear model of the normal force may have to be switched to a non-linear 

model [15].  

The spring coefficient 𝑘𝑧 of the tire is dependent on variables as wheel load, wheel load frequency, 

rolling speed, inflation pressure and the construction of the tire. So is the damping coefficient 𝑐𝑧, it 

also has dependency on different boundary and operating conditions. When comparing the tire’s 

damping coefficient 𝑐𝑧 with the damping coefficient of the suspension unit, the former is usually very 

small and can therefore sometimes be completely ignored [14].  

Rolling Resistance Moment 𝑴𝒚 

For a stationary tire, non-rolling, the normal pressure distribution acting at the contact patch is 

symmetric about the tire’s 𝑌𝑍𝑆𝐴𝐸  plane. But for a rolling tire (either free rolling or 

accelerating/decelerating) this pressure distribution will be higher at front of the tire contact patch. 

This implies that the normal force 𝐹𝑧 is shifted towards the leading edge of the contact patch, 

generating a rolling resistance moment around the 𝑌𝑆𝐴𝐸-axis [15], see Figure 17.  
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This phenomenon, with a shift of the pressure distribution, has to do with the viscoelastic material 

property of a tire’s rubber compound. As a result from this material property, rubber shows 

something called hysteresis, which means that the force for a given displacement of a piece of rubber 

is greater during the loading phase than the unloading phase. So, when a tire rolls the part of the tire 

that is ahead of the contact point P is being compressed, thus subject to a normal pressure that is 

greater than the normal pressure of the unrolling part [15]. 

Now, the rolling resistance moment 𝑀𝑦 can be written as [15],  

 𝑀𝑦 = 𝐹𝑧𝛿𝑥 (11) 
   

The rolling resistance moment 𝑀𝑦 can also be substituted by a rolling resistance force 𝐹𝑟 as [15], 

       𝐹𝑧𝛿𝑥 = 𝐹𝑟𝑅𝑙  →  
   

 
𝐹𝑟 = 𝐹𝑧

𝛿𝑥

𝑅𝑙
 (12) 

   

 

Figure 17. Pressure distribution in the contact patch for a stationary (left) and free rolling tire (right). 

 

The rolling resistance force is, compared with all the other forces acting at the contact patch of a tire, 

very small. Dividing the rolling resistance force 𝐹𝑟 by the normal load 𝐹𝑧 obtains the so called rolling 

resistance coefficient 𝜇𝑟  and it is in the magnitude of 0.01 for the usual car tire [15]. This coefficient 

mainly depends on variables such as inflation pressure, longitudinal speed, camber angle and slip 

angle [12]. 

Tractive Force 𝑭𝒙 

All horizontal forces acting in the contact patch of a tire are always accompanied by some amount of 

tire slip. This tire slip is related to the deformation of a tire tread block in the contact patch and the 

relative speed between the tire tread block and the road surface [14]. 
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A side view of a tire subjected to a driving force 𝐹𝐷, as a result from an applied driving torque at the 

wheel spin axis, is shown in Figure 18. As the tread blocks on the tire’s outer circumference rolls 

towards and finally adheres to the road, they start to bend forward under a shear stress 𝜏𝑙𝑜𝑐𝑎𝑙. All as 

a consequence to the local normal pressure 𝑝𝑙𝑜𝑐𝑎𝑙, the local coefficient of static friction 𝜇𝑠𝑡,𝑙𝑜𝑐𝑎𝑙 and 

the local deformation slip at the leading edge of the contact patch [14]. 

As the tire continues to roll, the shear stress in the tread blocks gradually increases and the local 

deformation slip determines the rate of this increase. When the stress gets higher than the local 

pressure times the local coefficient of static friction the tread blocks will begin to slide relative to the 

road. Since the coefficient of sliding friction 𝜇𝑠𝑑,𝑙𝑜𝑐𝑎𝑙 is less than the coefficient of static friction, the 

shear stress reduces and will continue to do so until the tread blocks detach from the road. 

Integrating the shear stress over the contact patch now equals the total driving force 𝐹𝐷 and the total 

tire slip relative to the road can be seen as a combination of the two different types of slip 

mentioned at the beginning [14].  

 

 

Figure 18. Shear stress distribution and tread block deformation in the contact patch of a driven tire. 

 

The theory used here to explain how the resultant force is generated in the contact patch of a tire 

under acceleration also holds for a tire subject to a braking torque. The thread blocks will then bend 

in the opposite direction, creating a resultant braking force.  

Now, for a tire with angular velocity 𝜔 subject to a driving or braking force 𝐹𝑥, the total tire slip 𝑆 can 

be defined as [15],  

 𝑆 =
𝜔 − 𝜔0

𝜔0
 (13) 

   
In the equation above, the angular velocity 𝜔0 belongs to a free rolling wheel with a wheel center 

velocity 𝑣𝑤𝑐 that is equal to the wheel center velocity of the wheel subject to the tractive force [15]. 

There are several of similar definitions on tire slip and this particular one is negative for a braked 

wheel and positive for a driven wheel. 
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Typical curves showing braking force versus braking slip for different wheel loads can be seen in 

Figure 19, where both braking force and tire slip is positive for convenience. The curves for a driven 

tire have approximately the same appearance; particularly true for tires with tread patterns that are 

direction-independent [14]. 

 

Figure 19. Braking force versus braking slip for different wheel loads [15].  

 

The slope of a curve at the origin is called the longitudinal stiffness 𝐶𝑠 and it is an important 

coefficient describing the rate of change in tractive force versus mainly deformational tire slip [15]. 

Thus, for longitudinal slip 𝑆 in the linear region of the curve the tractive force 𝐹𝑥 can be calculated as, 

 𝐹𝑥 = 𝐶𝑠𝑆 (14) 
   
Apart from the traction force dependency on wheel load, it is also dependent on variables as 

longitudinal speed, tire inflation pressure and road surface. The longitudinal stiffness 𝐶𝑠 however is 

not particularly dependent upon road surface; it affects mainly the peak value of the curve and the 

shape of it at higher tire slip [15].  

Lateral Force 𝑭𝒚 and Self-Aligning Moment 𝑴𝒛 - due to Slip Angle 𝜶 

There are two different ways to get a tire to generate a lateral force in the contact patch and both of 

them rely on the deformation made in the tire tread as it interacts with the road. The first way 

originates from forcing a tire to travel in a direction that is different from its direction of heading, see 

Figure 20.  

The angle between these two directions is called the slip angle 𝛼 and the deformation in the tire 

contact patch, which the lateral force depends upon, is highly related to this angle.  

The slip angle can be defined as [14], 

 𝛼 = 𝑎𝑡𝑎𝑛 (
𝑣𝑤𝑐{𝑌𝑆𝐴𝐸}

𝑣𝑤𝑐{𝑋𝑆𝐴𝐸}
) (15) 
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The mechanisms behind the generation of a lateral force, due to tire slip angle, are very similar to the 

ones associated with the tractive force treated in the previous part [14]. 

The tire tread blocks at the leading edge of the contact patch are, due to the slip angle, the local 

pressure and the static coefficient of friction, forced to trail the road in the wheel’s travelling 

direction.  

As the wheel continues to roll the deflection of the tread blocks steadily increases, up until the point 

when the shear stress gets higher than the local pressure times the local coefficient of static friction.  

At that point the tread blocks starts to slide relative to the road and the deformation will, as the 

shear stress, decrease; a consequence of the coefficient of sliding friction being smaller than the 

coefficient of static friction. This continues as the tread blocks travels towards the trailing edge of the 

contact patch where they detach from the road [14]. 

 

Figure 20. Tire contact patch deformation due to a slip angle 𝜶. 

 

The integral of the shear stress over the contact patch now results in a total lateral force 𝐹𝑦. This 

force is oriented perpendicular to the wheel plane in the negative direction of the lateral velocity 

vector 𝑣𝑤𝑐{𝑌𝑆𝐴𝐸} [14].  

Typical curves for lateral force 𝐹𝑦 versus slip angle 𝛼 for different wheel loads can be seen in Figure 

21. Be aware that the slip angles in the figure are negative, this since a positive lateral force is 

defined by negative slip angle [15]. 
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Figure 21. Lateral force versus slip angle for different wheel loads [15]. 

 

The slope of the curve at the origin is called the cornering stiffness 𝐶𝛼 and for small slip angles, 𝛼 < 3 

deg [14], the lateral force can be calculated as [15], 

 𝐹𝑦 = −𝐶𝛼𝛼 (16) 

   
Apart from the influence that wheel load has on the lateral force, the lateral force also depends on 

variables as longitudinal speed, tire inflation pressure and road surface conditions [12]. The cornering 

stiffness however, is mainly affected by the wheel load and the inflation pressure [16].  

Noticed in Figure 21 is that the cornering stiffness is not changing proportionally with wheel load; as 

wheel load increase its impact on cornering stiffness decrease. Dividing the cornering stiffness with 

the correspondent wheel load gives the so called cornering stiffness coefficient 𝐶𝐶𝛼 and this 

coefficient is almost declining linearly with an increase in wheel load [17]. 

Together with the lateral force a moment is also created around the wheel’s 𝑍𝑆𝐴𝐸-axis when a slip 

angle is introduced. This moment, called the self-aligning moment 𝑀𝑦, consists of the lateral force 

and a lever arm called the pneumatic trail 𝑥𝑝𝑡, see Figure 20 again.  

A curve of the aligning moment versus slip angle shows that it is approximately linear with small slip 

angles, so together with the slope of the curve at the origin called the self-aligning moment stiffness 

𝐶𝑀𝑧,𝛼, it can be written as [14], 

 𝑀𝑧 = 𝐶𝑀𝑧,𝛼𝛼 (17) 

   
For low slip angles this moment tends to push the wheel into its direction of travel, reducing the slip 

angle. As the slip angle increases the lateral force moves towards the 𝑍𝑆𝐴𝐸-axis, reducing the aligning 

moment and for even higher slip angles the moment could turn sign and shift direction [14].  
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Lateral Force 𝑭𝒚 and Self-Aligning Moment 𝑴𝒛 - due to Camber Angle 𝜸 

The second lateral force that can arise in the contact patch originates from the wheel’s inclination 

angle, the camber angle 𝛾. This lateral force is always acting in the same direction as the inclination 

of the wheel and a positive lateral force in the SAE tire axis system is defined by a positive camber 

angle; refer to the SAE tire axis system in Figure 15 [15].  

Now, consider a wheel that is forced to roll in the 𝑋𝑆𝐴𝐸  direction with a camber angle 𝛾, Figure 22. 

The tire thread blocks that moves into the leading edge of the contact patch adheres to the road 

under the influence of the local normal pressure and the local coefficient of static friction. As they 

continue to move through the contact patch they are now forced to follow the wheel’s direction of 

travel, which is a straight line, instead of the non-deformed wheel’s outer circumference. This means 

that the thread blocks and tire structure will bend laterally as they roll, thus subject to a shear stress 

distribution that is symmetric about the tire’s 𝑌𝑍𝑆𝐴𝐸 plane. The integral of this shear stress over the 

contact patch equals the total lateral force 𝐹𝑦 due to this camber angle 𝛾 [14].  

 

Figure 22. Shear stress distribution 𝝉𝜸 in tire contact patch due to camber angle 𝜸 [14]. 

 

A typical plot of lateral force versus camber angle for various wheel loads can be viewed in Figure 23. 

The initial slope of a curve is called the camber stiffness 𝐶𝛾 and usually it is in the range of 10 % to 20 

% of the tire’s cornering stiffness 𝐶𝛼 [16]. 

 

Figure 23. Lateral force versus camber angle for different wheel loads [15]. 
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Also seen in Figure 23, the lateral force is approximately linear with small camber angles. So for small 

camber angles the lateral force can be written [14], 

 𝐹𝑦 = 𝐶𝛾𝛾 (18) 
   
Apart from wheel load, other variables influence on camber stiffness such as inflation pressure, road 

surface conditions and longitudinal speed, seems to be low to non-existing [16]. 

A cambered tire is not only developing lateral force as it rolls straight ahead; it is also producing a 

self-aligning moment 𝑀𝑧 around its 𝑍𝑆𝐴𝐸-axis. Along the inner and outer side of the contact patch a 

force couple is created due to longitudinal stresses and this moment will be positive in the SAE tire 

axis system for positive camber angles [15].  

For small camber angles the curve of the self-aligning moment versus camber angle is approximately 

linear and with the slope of the curve at the origin, the self-aligning moment camber stiffness 𝐶𝑀𝑧,𝛾, 

the moment can be written as [14], 

 𝑀𝑧 = 𝐶𝑀𝑧,𝛾𝛾 (19) 

   
Comparing the self-aligning moments produced for a tire running with different camber angles, with 

those created with slip angles, shows that the self-aligning moments associated with camber angles 

are significantly lower. Lower than 10 % of those produced by slip angles [16].  

Overturning Moment 𝑴𝒙 

The third and final moment is called the overturning moment and it acts about the tires 𝑋𝑆𝐴𝐸-axis, 

see Figure 24. It is a consequence of the lateral tire deformations caused by a present slip angle 𝛼 

and/or camber angle 𝛾, which in turn shifts the resultant normal force 𝐹𝑧 a distance along the 𝑌𝑆𝐴𝐸  

direction [15].  

 
Figure 24. Overturning moment due to tire deformation [15].  
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5.3.2 Chosen Tire Model in Adams/Car 

With the previous part of the chapter in mind it should be clear that in order to be able to simulate 

the complex behavior of a vehicle it is essential to have an adequate tire model. The tire model must 

be able to describe how the tire forces and moments are generated, throughout a certain driving 

scenario that the vehicle is put up against.  

The simulating software Adams/Car provides the user with several different tire models to choose 

from, all with their suitable areas of application, see Table 3.  

Table 3. Tire models and their areas of application [18].  

 
Event / Maneuver 

ADAMS/ Handling Tire Specific models 

 PAC2002 PAC2002* PAC-TIME PAC89 PAC94 FIALA 5.2.1. UA Tire PAC-MC FTire SoftSoil 

H
an

d
lin

g 

 Stand still and start + + o/+ o/+ o/+ o/+ o/+ o/+ o/+ + - 

 Parking (standing steering effort) + + - - - - - - - + - 

 Standing on tilt table + + + + + + + + + + - 

 Steady-state cornering + + + o/+ + o o o/+ + o/+ + 

 Lane change + + + o/+ + o o o/+ + o/+ + 

 ABS braking distance + + o/+ o/+ o/+ o o o/+ o/+ + o/+ 

 Braking/power-off in a turn + + + o o o o o + o/+ + 

 Vehicle Roll-over + + o o o o o o o + o/+ 

 On-line scaling tire properties + + - - - - - - - o - 

R
id

e 

 Cornering on uneven roads1 o/+ + o o o o o o o + o 

 Braking on uneven roads1 o/+ + o o o o o o o + o 

 Crossing cleats / obstacles - + - - - - - - - + o 

 Driving over uneven road - + - - - - - - - + o 

 4 post rig (A/Ride) + + o/+ o/+ o/+ o/+ o/+ o/+ o/+ + - 

C
h

as
si

s 
C

o
n

tr
o

l 

 ABS braking control o/+ + o o o o o o o + - 

 Shimmy2 o/+ + o o o o o o o + - 

 Steering system vibrations o/+ + o o o o o o o + - 

 Real-time + - - - - - - - - - - 

 Chassis control systems > 8 Hz o/+ + - - - - - - - + o 

 Chassis control with ride - + - - - - - - - + - 

D
u

ra
b

ili
ty

 

 Driving over curb - o/+ - - - - o o - + o 

 Driving over curb with rim impact o o/+ - - - - o o - + - 

 Passing pothole - o/+ - - - - o o - + o 

 Load cases - o/+ - - - - o o - + o 

M
is

c.
  Design of Experiments - + - - - - - - - + - 

 SMP parallel + + + + + + + + + + + 

          

-  Not possible/Not realistic  1 Wavelength road obstacles > tire diameter 

o  Possible  2 Wheel yawing vibration due to suspension flexibility and tire dynamic response 

o/+  Better  * PAC2002 with belt dynamics 

+  Best to use  Tire models assumed to be used in transient and combined slip mode 
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These different tire models can also be separated and placed into four different categories, based on 

the approach used when the tire models were developed, see Figure 25. 

 

Figure 25. Four tire model categories and their development approach [19]. 

 

On the far left side of Figure 25, in category one “from experimental data only” with a more empirical 

approach, one finds the tire models named PAC in Table 3. These tire models are all based on the 

work done by Egbert Bakker, Lars Nyborg and Hans B. Pacejka, who developed the so called Magic 

Formula. The formula, which undergoes continual development, is a sin(arctan) expression and it is 

used to fit force and moment curves gathered from tire test data with the use of several coefficients. 

As seen in Table 3, for vehicle handling studies, the PAC2002 tire model should be the preferred one 

to use.  

On the other side of the scale in Figure 25, in category four “through complex physical model”, is 

where one finds tire models such as FTire developed by cosin scientific software. This is heavy 

theoretical models, leaning against the real physics of the tire and they are the most appropriate tire 

models for vehicle ride investigations. 

The other tire models can be located in between these two empirical/theoretical extremes, for 

example the tire models named UA Tire and Fiala can be placed in category three “through simple 

physical model”. Tire models like these two should be the ones to use in handling studies when there 

are little to no tire test data, since they require very few input parameters in comparison with other 

tire models. This holds even truer when there are additional vehicle parameters in the model that are 

uncertain and need to be corrected, through validation procedures. With too many unreliable 

parameters it might be a hopeless task creating an acceptable vehicle model that holds for future 

simulations.  
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For additional and more detailed information regarding all the tire models incorporated into 

Adams/Car, refer to tire_2013.pdf “Welcome to Adams/Tire” [18]. 

Since there were almost no tire test data available, other than tire dimensions 14.00R20 and the 

deflection versus tire load curve, the choice fell upon using one of the simpler tire models. Namely 

the Fiala handling tire model. However, efforts were made to find tire test data so that a PAC tire 

model could have been used, but unfortunately nothing was found. 

The simplicity of the Fiala tire model comes at the expense of its accuracy. The main drawbacks are: 

 Interactions between tire forces at combined tire slip are ignored  

 Cornering stiffness is constant and does not change with wheel load 

 Tire camber angle has no influence on lateral force and aligning moment 

 Offsets in the lateral force and aligning moment at zero slip angle cannot be implemented 

Another drawback with the Fiala tire model is that the overturning moment 𝑀𝑥 is not considered. 

However, when simulating handling scenarios for passenger cars this limitation can generally be 

accepted, but for large tire displacements the overturning moment becomes more important [15].  

Now, in order to be able to use the Fiala tire model together with a 2D flat road, a minimum 

requirement of ten parameters must be provided by the user in the tire property file used by 

Adams/Car. There is also a possibility to include tire transient behavior by means of tire relaxation 

lengths, that is, the distance the tire has to roll for a certain slip angle in order for the tire forces to 

reach their steady-state value. This effect was though omitted, since there were already enough of 

uncertain parameters prior to the validation process. Another thing is that the effect of the 

relaxation lengths probably will be more noticeable at high excitation frequencies and low vehicle 

speeds [18].  

The ten parameters needed by the Fiala tire model are: 

 Unloaded radius 𝑅𝑢 

 Width 𝑤𝑡 

 Aspect ratio 𝐴𝑟𝑡 

 Spring coefficient 𝑘𝑧 

 Damping coefficient 𝑐𝑧 

 Rolling resistance coefficient 𝜇𝑟 

 Coefficient of static friction 𝜇𝑠𝑡  

 Coefficient of sliding friction 𝜇𝑠𝑑  

 Cornering stiffness 𝐶𝛼 

 Longitudinal stiffness 𝐶𝑠 

The first three parameters, originating from the dimensions of the tire, were taken from a similar 

14.00R20 off-road tire; see Table 4 on next page. 
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 Table 4. Tire data Goodyear AT-2A 14.00R20 [10].  

Goodyear AT-2A 14.00R20 at 6.5 bar  

Tire size 14.00R20  

Rim width 10.00 in  

Overall width 384 mm  

Overall diameter 1250 mm  

Aspect ratio 0.95  

Weight 120 kg  

Maximum speed 90 km/h  

Load limit 4350 kg  

   

 

The spring coefficient 𝑘𝑧 of the tire was set to zero and instead a tire deflection versus wheel load 

curve was used at a tire inflation pressure of x bar, see Figure 26.  

 

 

Figure 26. Tire deflection versus wheel load for various inflation pressures. 

 

The damping coefficient 𝑐𝑧 was assumed to be very small compared to the damping of the 

suspension and was therefore arbitrarily set to 1 Ns/mm.  

Confidential information. 
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The rolling resistance coefficient 𝜇𝑟 was set to zero. This since it was considered that its influence on 

the handling studies was to be undetectable in comparison with the other forces acting at the 

contact patch. 

The coefficients of friction were leaved at their default values listed in the tire property file. That is, 

the coefficient of static friction 𝜇𝑠𝑡 was leaved to 1 and the coefficient of sliding friction 𝜇𝑠𝑑 to 0.9. In 

reality these values are not constant for a specific tire, they change continuously with parameters 

such as vehicle speed, road surface and tire inflation pressure. However, most likely their real values 

are not so far away from those stated above [16]. 

The cornering stiffness values 𝐶𝛼 for various wheel loads, Figure 27 below, were derived out from a 

slightly larger tire with dimensions 11.00R22.5, Figure 28. 

 

Figure 27. Cornering stiffness versus wheel load. 

 

Figure 28. Lateral force versus slip angle for various wheel loads [20]. 
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The cornering coefficient curve was then calculated by dividing the cornering stiffness’s with their 

respective wheel load; see the blue curve in Figure 29. 

 

Figure 29. Cornering stiffness coefficient versus wheel load. 

 

This curve was then approximated with the linear curve in Figure 29 which served as an initial 

starting point for the tires cornering stiffness values at the dynamic validation of the vehicle model. 

The longitudinal stiffness 𝐶𝑠 for each tire was approximated to 500 kN. This data was also taken from 

the tire with dimensions 11.00R22.5, at a wheel load of 40 kN, see Figure 30. 

 

Figure 30. Braking force versus longitudinal tire slip for various wheel loads [20]. 



Preparations before Modeling in Adams/Car 

34 
 

A more accurate way would have been to calculate and set an individual value for each tire, 

corresponding to its wheel load, in the same manner as was done with the cornering stiffness. 

However, this approximation was considered to be acceptable since the validation of the vehicle 

model as well as all subsequent parameter studies were to be done with constant vehicle speed, 

which means relatively low driving forces. The focus was therefore mainly to make sure that 

longitudinal tire slip would stay within reasonable levels. 

5.4 Normal Load Distributions over the Four Axles 

If one were to draw a free-body diagram of an ordinary passenger car, with a symmetry plane 

stretching out in its longitudinal and vertical direction, that problem would be statically determined 

considering the normal load at the front and rear axle. That is, except from the ordinary equilibrium 

equations, no further equations are needed to solve the problem and it is not possible to vary the 

normal load ratio of the axles. But if the vehicle would have had just one additional axle, the problem 

would have shifted to become statically undetermined. The latter applies for a vehicle such as the 

Patria AMV, which has four axles; there is a theoretical possibility to have numerous different types 

of load distributions, see Figure 31.  

This feature had therefore to be closer looked at, since the normal load distribution of the vehicle 

determines what preload to use in the hydropneumatic suspension units. The main focus of this part 

was to find different methods to create normal load distributions and not to study their impact on 

vehicle behavior. 

 

Figure 31. Various sets of normal load distributions for Patria AMV. 
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Method I 

Previously, in section 4.1 Estimations of vehicle data, the longitudinal COG was estimated with the 

help of an additional equation, which stated that the normal load over the axles had to be distributed 

in a linear fashion, Figure 31 (top left). Solving a similar problem as that particular one would, with 

the normal loads as unknowns instead of the vehicles longitudinal COG, resulted in a problem with a 

linear system of five equations. The remaining fifth unknown variable would then be the linear 

change of the normal load with respect to vehicle length.  

Now, the solution to this problem starts with writing down the equilibrium equation in the vertical 

direction as, 

 𝑁1 + 𝑁2 + 𝑁3 + 𝑁4 = 𝑚𝑣𝑔 (20) 
   
Moving on with moment equilibrium around the vehicles COG gives, 

 𝑁1𝜆𝐿14 + 𝑁2(𝜆𝐿14 − 𝐿12) + 𝑁3(𝜆𝐿14 − 𝐿12 − 𝐿23) + 𝑁4𝐿14(𝜆 − 1) = 0 (21) 
   
As said before, at this point there are fewer equations than unknowns which results in infinite 

solutions. The three additional equations needed are, in this case for linear load distribution, 

 
𝑁2 − 𝑁1

𝐿12
= 𝑘 (22) 

 
 𝑁3 − 𝑁2

𝐿23
= 𝑘 (23) 

 
 𝑁4 − 𝑁3

𝐿34
= 𝑘 (24) 

   
where 𝑘 is the change of normal load with respect to vehicle length. Writing this set of equations in 

matrix form now yields the final linear system of equations as,  

 

 

[
 
 
 
 
 
 
 
 

1 1 1 1 0

𝜆𝐿14 𝜆𝐿14 − 𝐿12 𝐿14 − 𝐿12 − 𝐿23 𝐿14(𝜆 − 1) 0

−1 𝐿12⁄ 1 𝐿12⁄ 0 0 −1

0 −1 𝐿23⁄ 1 𝐿23⁄ 0 −1

0 0 −1 𝐿34⁄ 1 𝐿34⁄ −1]
 
 
 
 
 
 
 
 

 

[
 
 
 
 
 
 
 
𝑁1

𝑁2

𝑁3

𝑁4

𝑘 ]
 
 
 
 
 
 
 

=

[
 
 
 
 
 
 
 
𝑚𝑣𝑔

0

0

0

0 ]
 
 
 
 
 
 
 

 (25) 

   

Method II 

Another method in order to create a normal load distribution for the vehicle could be to construct 

linear relationships between pairs of axles, thus giving the additional equations needed. 

For example, creating a linear relationship between the two front axles 𝑁1 = 𝑎𝑁2 and another for 

the third and fourth axle 𝑁3 = 𝑏𝑁4, gives a linear system with four unknowns together with four 

equations, 
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[
 
 
 
 
 

1 1 1 1

𝜆𝐿14 𝜆𝐿14 − 𝐿12 𝐿14 − 𝐿12 − 𝐿23 𝐿14(𝜆 − 1)

1 −𝑎 0 0

0 0 1 −𝑏 ]
 
 
 
 
 

 

[
 
 
 
 
 
 
𝑁1

𝑁2

𝑁3

𝑁4]
 
 
 
 
 
 

=

[
 
 
 
 
 
𝑚𝑣𝑔

0

0

0 ]
 
 
 
 
 

 (26) 

   

Method III 

A third way could be to set a desired normal load for two specific axles and solve for the remaining 

two. For instance, if one where to choose to set the load of the first and second axle that would 

result in the following system, 

 

 [
1 1

𝐿14 − 𝐿12 − 𝐿23 𝐿14(𝜆 − 1)
] [

𝑁3

𝑁4

] = [
𝑚𝑣𝑔 − 𝑁1 − 𝑁2

𝑁2(𝐿12 − 𝜆𝐿14) − 𝑁1𝜆𝐿14

] (27) 

   

Method IV 

A way to gain some control over the normal load at all axles could be to optimize the normal load on 

each axle to a preferred normal load curve, in a least square sense. As an example, to optimize the 

normal load to a flat normal load curve, 𝑚𝑣𝑔/4 for all axles, the problem turns out to be a quadratic 

programming problem with linear equality constraints and non-negative variables, 

 

Minimize: (𝑁1 −
𝑚𝑣𝑔

4
)
2

+ (𝑁2 −
𝑚𝑣𝑔

4
)
2

+ (𝑁3 −
𝑚𝑣𝑔

4
)
2

+ (𝑁4 −
𝑚𝑣𝑔

4
)
2

 →  

   
 

 (
𝑚𝑣𝑔

2
)
2

+ ∑𝑁𝑗
2

4

𝑗=1

−
𝑁𝑗𝑚𝑣𝑔

2
 (28) 

 

subject to [
1 1 1 1

𝜆𝐿14 𝜆𝐿14 − 𝐿12 𝐿14 − 𝐿12 − 𝐿23 𝐿14(𝜆 − 1)
] 

[
 
 
 
 
 
 
𝑁1

𝑁2

𝑁3

𝑁4]
 
 
 
 
 
 

= [
𝑚𝑣𝑔

0
] (29) 

      𝑁1, 𝑁2, 𝑁3, 𝑁4 ≥ 0  
   
 
Now, writing the problem in standard QP-form yields, 

Minimize:  
1

2
𝑵𝑇𝑯𝑵 + 𝒄𝑻𝑵 + 𝑐0 (30) 

 

 
subject to 𝑨𝑵 = 𝒃 (31) 

 𝑵 ≥ 0  
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where 𝑯 =

[
 
 
 
 
 
2 0 0 0

0 2 0 0

0 0 2 0

0 0 0 2]
 
 
 
 
 

 (32) 

 

 𝒄𝑻 = [−
𝑚𝑣𝑔

2
−

𝑚𝑣𝑔

2
−

𝑚𝑣𝑔

2
−

𝑚𝑣𝑔

2
] (33) 

 

 𝑐0 = (
𝑚𝑣𝑔

2
)
2

 (34) 

 

The solution to this specific problem turns out to be identical with the solution for the linear system 

in Equation (25), easily obtained with the use of numerical software, e.g. Matlab and the quadprog-

function. A code made in Matlab for the general problem of a vehicle with four axles can be found 

Appendix D.  

Which one of all these methods to use in order to find a certain preferred normal load distribution 

has to be evaluated from case to case; all depending on which parameters necessary to control. 

5.5 Force Equations for the Hydropneumatic Suspension System 

As a preparation for finding and developing the internal force equation associated with the 

hydropneumatic suspension system, a simple free body diagram of the unit was made, Figure 32. The 

illustrated suspension unit has a similar topology as the ones that were installed in the Patria AMV 

test vehicle, see Appendix B. One minor difference is that the flow resistors were located on the 

outside of the cylinder housing on the test vehicle, instead of in the piston. However, this 

modification does not matter here since both of these solutions have the same outcome; a pressure 

drop over the piston.  

Some other simplifications of the problem were also made, namely: 

 Ambient air pressure was ignored 

 The weights of components were not included 

 The acceleration force of the floating piston was omitted 

 Frictional forces were ignored 

The ambient air pressure does not affect the internal force equation and this also applies to the 

weights of all three components except for one, the weight of the floating piston. But since this 

weight is vanishingly small, in comparison with the other forces acting on the floating piston, it was 

assumed as an acceptable simplification.  

The acceleration force, related to the same part, is also most likely vanishingly small compared with 

the other forces acting on it. For instance, with a gas accumulator pressure of 100 bars, a floating 

piston with a diameter of 100 mm and mass of 1 kg, then the acceleration of the floating piston has 
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to be 800 m/s2 in order to reach just 1 % of the gas force exerted on the floating piston. Accelerations 

of this magnitude were considered unrealistic in this type of application and therefore the 

acceleration force of the floating piston was considered negligible. 

 

Figure 32. Layout of the hydropneumatic suspension unit (left) and a free body diagram of the main parts (right). 

 

The frictional forces in this type of suspension system stems from the Coulomb type of friction 

created by the guiding and oil seal elements inside the cylinder. The portion of friction originating 

from the oil seals, which increase with pressure, may add 10 % to 20 % to the fluid forces for a 

conventional damper [21]. With that in mind, it is probably not unlikely that this percentage may be 

even higher for a hydropneumatic suspension system, having very high pressures needed to be 

sealed off. However, with no data on the frictional forces they were left out. 

Now, applying Newton’s second law to the piston and piston rod, as well as to the floating piston, 

gives the following two equations; 

Piston and piston rod 

 𝑚𝑝,𝑝𝑟�̈�𝑝,𝑝𝑟 = 𝐹𝑎 + 𝑝𝑏𝑝(𝐴𝑝 − 𝐴𝑝𝑟) − 𝑝𝑎𝑝𝐴𝑝 (35) 

   
Floating piston 

 𝑚𝑓𝑝�̈�𝑓𝑝 = 𝑝𝑎𝑝𝐴𝑝 − 𝑝𝑔𝑎𝑠𝐴𝑝 (36) 
   
The annulus area at the rod side of the piston can be expressed in the piston and piston rod area as, 

 𝐴𝑎 = 𝐴𝑝 − 𝐴𝑝𝑟 (37) 
   
Rewriting Equation (35) with the help of Equation (37) gives, 

 𝑚𝑝,𝑝𝑟�̈�𝑝,𝑝𝑟 = 𝐹𝑎 − (𝑝𝑎𝑝 − 𝑝𝑏𝑝)𝐴𝑎 − 𝑝𝑎𝑝𝐴𝑝𝑟  (38) 
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If the acceleration force of the floating piston is ignored, then Equation (36) can be written as, 

 𝑝𝑎𝑝 = 𝑝𝑔𝑎𝑠  (39) 

   
Finally, combining Equation (38) with Equation (39) yields, 

 𝑚𝑝,𝑝𝑟�̈�𝑝,𝑝𝑟 = 𝐹𝑎 − (𝑝𝑔𝑎𝑠 − 𝑝𝑏𝑝)𝐴𝑎 − 𝑝𝑔𝑎𝑠𝐴𝑝𝑟  (40) 

   
The internal force 𝐹ℎ𝑦𝑑𝑟𝑜𝑝, acting between the mounting points A and B, can now be identified as, 

 𝐹ℎ𝑦𝑑𝑟𝑜𝑝 = ∆𝑝𝐴𝑎 + 𝑝𝑔𝑎𝑠𝐴𝑝𝑟, (41) 
   
where  

 ∆𝑝 = 𝑝𝑔𝑎𝑠 − 𝑝𝑏𝑝 (42) 

   
Noticed is that Equation (42) is positive during compression and negative during expansion. 

The first term in Equation (41), which contains the pressure drop over the piston ∆𝑝, can be referred 

to as the suspensions damping force 𝐹𝑑𝑎𝑚𝑝, 

 𝐹𝑑𝑎𝑚𝑝 = ∆𝑝𝐴𝑎 (43) 

   
The pressure drop acting on the annulus area of the piston and thus the damping force depends on 

the volumetric flow rates of hydraulic oil through the piston, which in turn are controlled by the 

design of the flow resistors.  

The second term in Equation (41) can be said to represent the suspension spring force 𝐹𝑔𝑎𝑠 exerted 

by the gas pressure on the circular cross section area of the piston rod, 

 𝐹𝑔𝑎𝑠 = 𝑝𝑔𝑎𝑠𝐴𝑝𝑟 (44) 

   

5.5.1 A Physical Model for the Gas Spring Force 

To model the behavior of the gas spring force, Equation (44), the gas inside the accumulator was 

considered an ideal gas. The gas used in the accumulator is nitrogen gas N2 and in order for it to 

mimic an ideal gas, certain conditions have to be fulfilled. More precisely, it must work within [22]: 

 Relatively low pressures 

 Moderate to high temperatures 

One way to determine this is to look at the so called compression factor 𝑍 for the specific gas [23], 

 𝑍 =
𝑝𝑉𝑚

�̅�𝑇
=

𝑉𝑚
𝑉𝑚,𝑖𝑑𝑒𝑎𝑙

 (45) 

   
For an ideal gas Equation (45) always equal one, but a real gas deviates from this value with pressure 

and temperature. Figure 33 shows the compression factor versus gas pressure for nitrogen gas, at 

different temperatures.  
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Figure 33. Compression factor Z - nitrogen gas N2 [24]. 

 

From this figure it can be seen that the compression factor for nitrogen gas approximately equals one 

for gas pressures below 200 bars at temperatures stretching between 25°C to 125°C. Hence, it was 

assumed that the nitrogen gas could be seen as an ideal gas in this particular application. 

Now, as indicated in Figure 34, the nominal length of the hydropneumatic suspension unit 

(corresponding to the vehicles ride height) together with its fully extended length, is what 

determines its initial displacement ∆𝐿, 

 ∆𝐿 = 𝐿0 − 𝐿𝑛𝑜𝑚 (46) 
   

 

Figure 34. Characteristic lengths of the hydropneumatic suspension unit. 

 

The relationship between the displacements of the mounting points and the resulting effective 

displacement 𝑥ℎ𝑦𝑑𝑟𝑜𝑝 of the suspension unit can be written as, 

 𝑥ℎ𝑦𝑑𝑟𝑜𝑝 = 𝑥𝑝,𝑝𝑟 − 𝑥𝑐𝑦𝑙  (47) 

   
The total available internal volume 𝑉𝑡𝑜𝑡 for hydraulic oil and gas when the unit is fully extended, 

 𝑉𝑡𝑜𝑡 = 𝑉𝑚𝑎𝑖𝑛𝑐𝑦𝑙 + 𝑉𝑔𝑎𝑠𝑎𝑐𝑐 (48) 
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The initial gas volume 𝑉𝑔𝑎𝑠,𝑛𝑜𝑚 occupying the gas accumulator at the nominal length, 

 𝑉𝑔𝑎𝑠,𝑛𝑜𝑚 = 𝑉𝑡𝑜𝑡 − 𝑉𝑜𝑖𝑙 − ∆𝐿𝐴𝑝𝑟  (49) 

   
As the suspension unit deviates from its nominal length, the gas volume trapped inside the 

accumulator 𝑉𝑔𝑎𝑠 change as follows,  

 𝑉𝑔𝑎𝑠 = 𝑉𝑡𝑜𝑡 − 𝑉𝑜𝑖𝑙 − ∆𝐿𝐴𝑟 − 𝑥ℎ𝑦𝑑𝑟𝑜𝑝𝐴𝑝𝑟 ⟹ 𝑊𝑖𝑡ℎ 𝐸𝑞. (49) ⟹  
   

 𝑉𝑔𝑎𝑠 = 𝑉𝑔𝑎𝑠,𝑛𝑜𝑚 − 𝑥ℎ𝑦𝑑𝑟𝑜𝑝𝐴𝑝𝑟 (50) 
   
Now, when a gas considered an ideal gas undergoes a polytropic process, the following statement 

holds from the initial state to the final state [8], 

 𝑝2𝑉2
𝑛 = 𝑝1𝑉1

𝑛 (51) 
   
Using the polytropic equation of state requires that the process can be seen as quasi-static, thus, at 

every state it is assumed that the gas inside the accumulator has had time to reach its equilibrium. In 

order for this to be valid the compression/expansion speed of the gas has to be much more slowly 

than the speed of sound in the gas [25]. Now, this does not have to be calculated and checked since 

the answer is obvious in this case.  

In Equation (51), 𝑛 is known as the polytropic index and for different values of 𝑛 it is possible to 

identify various known thermodynamic processes, e.g. the isothermal process (𝑛 = 1), the isobaric 

process (𝑛 = 0). For an adiabatic state of change on the other hand, meaning no heat exchange as 

the process takes place quite rapidly, the polytropic index equals the adiabatic index 𝛾𝑎𝑑 [8], 

 𝛾𝑎𝑑 =
𝑐𝑝

𝑐𝑣
 (52) 

   
For a specific gas this index changes with pressure and temperature and for a diatomic gas, such as 

nitrogen 𝑁2, the adiabatic index equals 𝛾𝑎𝑑 = 1.4 at low pressures and room temperature. Figure 35 

shows the adiabatic index for nitrogen gas at temperatures from 200-400 K with pressures ranging 

from 1-500 bar [8]. 

 

Figure 35. Adiabatic index as function of pressure and temperature - Nitrogen gas N2 [8]. 
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Assuming that the hydropneumatic suspension system works with such speeds that approximately 

no heat exchange would occur, then for pressures up to 200 bar with temperatures reaching from 

25°C the adiabatic index would probably be somewhere around 1.4 ≤ 𝛾𝑎𝑑 ≤ 2. But taking into 

consideration that there is always some amount of heat exchange, the thermodynamic process is 

more certainly to be somewhere between an isothermal and adiabatic process. That is, a polytropic 

index somewhere in between 1 < 𝑛 ≤ 2. Either way, the most natural thing was to wait until the 

validation process with determining this value. 

Continuing with Equation (51), it is now possible to derive an expression of how the gas pressure 

𝑝𝑔𝑎𝑠 changes with the effective displacement 𝑥ℎ𝑦𝑑𝑟𝑜𝑝 of the suspension unit, 

 𝑝𝑔𝑎𝑠𝑉𝑔𝑎𝑠
𝑛 = 𝑝𝑔𝑎𝑠,𝑛𝑜𝑚𝑉𝑔𝑎𝑠,𝑛𝑜𝑚

𝑛 ⟹  

   
 

𝑝𝑔𝑎𝑠 = 𝑝𝑔𝑎𝑠,𝑛𝑜𝑚 (
𝑉𝑔𝑎𝑠,𝑛𝑜𝑚

𝑉𝑔𝑎𝑠
)

𝑛

⟹ 𝑊𝑖𝑡ℎ 𝐸𝑞. (50) ⟹ 
 

   
 

𝑝𝑔𝑎𝑠 = 𝑝𝑔𝑎𝑠,𝑛𝑜𝑚 (
𝑉𝑔𝑎𝑠,𝑛𝑜𝑚

𝑉𝑔𝑎𝑠,𝑛𝑜𝑚 − 𝑥ℎ𝑦𝑑𝑟𝑜𝑝𝐴𝑝𝑟
)

𝑛

 (53) 

   
Multiplying Equation (53) with the circular cross sectional area of the piston rod 𝐴𝑝𝑟  finally gives the 

equation of the gas spring force 𝐹𝑔𝑎𝑠 as, 

 𝐹𝑔𝑎𝑠 = 𝑝𝑔𝑎𝑠𝐴𝑝𝑟 = 𝐹𝑔𝑎𝑠,𝑛𝑜𝑚 (
𝑉𝑔𝑎𝑠,𝑛𝑜𝑚

𝑉𝑔𝑎𝑠,𝑛𝑜𝑚 − 𝑥ℎ𝑦𝑑𝑟𝑜𝑝𝐴𝑝𝑟
)

𝑛

 (54) 

   
Out from Equation (54) it is now also possible to derive the stiffness of the gas spring, 

 𝑘𝑔𝑎𝑠 =
𝑑𝐹𝑔𝑎𝑠

𝑑𝑥ℎ𝑦𝑑𝑟𝑜𝑝
= 𝑛𝐹𝑔𝑎𝑠,𝑛𝑜𝑚

𝑉𝑔𝑎𝑠,𝑛𝑜𝑚
𝑛

(𝑉𝑔𝑎𝑠,𝑛𝑜𝑚 − 𝑥ℎ𝑦𝑑𝑟𝑜𝑝𝐴𝑟)
𝑛+1

𝐴𝑝𝑟  (55) 

   
Evaluating Equation (55) at 𝑥ℎ𝑦𝑑𝑟𝑜𝑝 = 0 gives the gas spring stiffness at nominal length, 

 𝑘𝑔𝑎𝑠,𝑛𝑜𝑚 = 𝑛
𝐹𝑔𝑎𝑠,𝑛𝑜𝑚

𝑉𝑔𝑎𝑠,𝑛𝑜𝑚
𝐴𝑝𝑟 (56) 

   
To be able to use Equation (54), describing the gas force, the initial gas volume occupying the 

accumulator 𝑉𝑔𝑎𝑠,𝑛𝑜𝑚 must firstly be determined. This can be done with Equation (56) by choosing a 

preferred preload in gas spring force 𝐹𝑔𝑎𝑠,𝑛𝑜𝑚 together with preferred spring stiffness in nominal 

position 𝑘𝑔𝑎𝑠,𝑛𝑜𝑚.  

Worth mentioning is also that two additional assumptions have been made in the calculations 

leading towards the final expression of the gas force, Equation (54). The first assumption has to do 

with the compressibility of the hydraulic oil and the second assumption with the widening of the 

hydropneumatic cylinder. As seen in the equations, it is assumed that the oil is incompressible and 

that the cylinder walls are rigid, the gas volume is governed only by the volume displaced by the 

piston rod.  
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Now, liquids are commonly seen as incompressible, but at very high pressures the compressibility 

might have to be taken into consideration. A way to estimate the compressibility of a liquid under 

uniform pressure is to look at its bulk modulus 𝐾 [26], 

 𝐾 = −𝑉
𝑑𝑝

𝑑𝑉
 (57) 

   
If it is assumed that the volume changes in a linear fashion with applied pressure, then with Equation 

(57) the change in volume ∆𝑉 may be expressed as, 

 
∆𝑉 = 𝑉 − 𝑉0 = −𝑉0

(𝑝 − 𝑝0)

𝐾
 (58) 

   
The influence of having flexible cylinder walls instead of rigid walls can be estimated with Lamé’s 

equations for a thick walled cylinder. The stresses in the wall of a thick cylinder, i.e. 𝑎 𝑡⁄ < 10 [27], 

exposed to a change in internal pressure ∆𝑝 = 𝑝 − 𝑝0 can thus be written [28], 

 𝜎𝑟 = ∆𝑝
𝑎2

𝑏2 − 𝑎2 (1 −
𝑏2

𝑟2) (59) 

 

 𝜎𝜑 = ∆𝑝
𝑎2

𝑏2 − 𝑎2 (1 +
𝑏2

𝑟2) (60) 

 

 𝜎𝑧 = ∆𝑝
𝑎2

𝑏2 − 𝑎2
 (61) 

   
The associated strain in the tangential and axial direction can be formulated using the generalized 

Hooke’s law [28],  

 휀𝜑 =
1

𝐸
(𝜎𝜑 − 𝜈(𝜎𝑧 + 𝜎𝑟) (62) 

 
 

휀𝑧 =
1

𝐸
(𝜎𝑧 − 𝜈(𝜎𝑟 + 𝜎𝜑) (63) 

   
Resulting change in cylinder length Δ𝐿 and inner radius Δ𝑎 can now be written as [28], 

 Δ𝑎 = 휀𝜑𝑎 (64) 

 
 Δ𝐿 = 휀𝑧𝐿 (65) 
   

Finally, the change in internal cylinder volume Δ𝑉 may be identified as, 

 Δ𝑉 = 𝑉 − 𝑉0 = 𝜋(𝑎 + 휀𝜑𝑎)
2
(𝐿 + 휀𝑧𝐿) − 𝜋𝑎2𝐿 (66) 

   
By using the above expressions and applying those to a simplified/compact version of the physical 

hydropneumatic suspension unit, Figure 36, the influence of having compressible oil and flexible 

cylinder walls was now investigated. The working process for the gas was set to be isothermal 𝑛 = 1, 

i.e. constant system temperature, slowly moving piston rod. 
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The initial equilibrium position of the system was then taken as the one shown in Figure 36, 

illustrating the hydropneumatic unit at its nominal position. The corresponding gas pressure with this 

position was set to 𝑝𝑔𝑎𝑠,𝑛𝑜𝑚 = 𝑝1 bars, which together with a spring stiffness of 𝑘𝑔𝑎𝑠,𝑛𝑜𝑚 = 𝑥 N/mm 

gave the initial gas volume occupying the gas accumulator. The remains of the total volume hence 

equaled the amount of hydraulic oil needed in the system.  

 

Figure 36. A simplified/compact version of the hydropneumatic suspension unit. 

 

The first step was then to determine the needed amount of displacement in order to reach gas 

pressures ranging from 𝑝1 to 𝑝2 bars. These calculations were therefore based on Equation (54), 

were the displacement corresponds to the ideal situation with incompressible oil and rigid cylinder 

walls. 

The second step was to determine the corresponding change in oil volume for these gas pressures, 

using Equation (58). The bulk modulus was here set to 𝐾 = 1.5 GPa, taken from a mineral based 

hydraulic fluid at a reference pressure of 140 bars at 22°C [29]. These changes in oil volume thus 

equal the additional effective displacement needed in order to reach the certain gas pressures. 

The last step was to study the influence of having flexible cylinder walls, using Equations (59) to (66). 

The material properties for the cylinder were set to those belonging to steel, a Young’s modulus of 

205 GPa together with a Poisson’s ratio of 0.3 [28]. As in the previous step, the additional volume 

generated for a certain gas pressure, has to correspond to an increase in displacement. 

The results from the calculations are presented in Figure 37. Noticed is that, adding complexity to the 

system by having flexible cylinder walls provides almost nothing to the model’s accuracy. The 

amount of displacement for increased pressures is as near as identical with the ideal case of having 

incompressible oil and rigid cylinder walls. Of course, this assumes that the cylinder consists of only 

steel. 

The influence of having compressible oil on the other hand, can be seen to show a more pronounced 

difference in terms of displacement. This result in a sort of sponginess in the system not captured 

when modeled with incompressible oil.  
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Figure 37. Gas pressure versus displacement for different levels of system complexity (isothermal process). 

 

At a gas pressure of 𝑝2 bars the difference in displacement is approximately 7 % in between having 

incompressible and compressible oil. However, setting this in comparison with the other 

uncertainties in the model, it was believed that modeling the oil as incompressible would be 

acceptable enough. 

5.5.2 An Empirical Model for the Damping Force 

When the suspension moves in compression and rebound the hydraulic oil is forced to flow from one 

side of the piston to the other side and if a flow resistor is placed in this fluid flow then the internal 

fluid friction, due to the viscosity of the fluid, creates a pressure increase upstream of the resistor [8]. 

Hence, a pressure drop is generated over the piston leading to the damping force 𝐹𝑑𝑎𝑚𝑝 seen in 

Equation (43) that was developed earlier, 

 𝐹𝑑𝑎𝑚𝑝 = ∆𝑝𝐴𝑎 (43) 

   
The internal fluid friction that cause this pressure drop is highly dependent on the amount of volume 

flow through the resistors, which means that the damping force in Equation (43) is dependent on the 

suspension velocity [8], 

 �̇�ℎ𝑦𝑑𝑟𝑜𝑝 = �̇�𝑝,𝑝𝑟 − �̇�𝑐𝑦𝑙  (67) 

   
Now, in contrast to how the gas spring force was derived, which was based on a physical model to 

describe the behavior of the gas, the damping force of the hydropneumatic suspension unit was 

modeled just with the use of simple mathematical functions to describe how the damping force 

change with the suspension velocity �̇�ℎ𝑦𝑑𝑟𝑜𝑝. Therefore, the model for the damping force could be 

said to be based on empirical knowledge. 
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Typical ideal curves, showing the damping force as a function of suspension velocity, can be seen in 

Figure 38 below for Strömsholmen’s hydropneumatic unit, 

 

Figure 38. Ideal curves showing the damping force of the hydropneumatic suspension versus the suspension velocity. 

 

As seen in Figure 38, there are two distinct curves for the damping force on both the compression 

and rebound side and these pair of curves can be controlled independently, this since the flow in 

compression and rebound goes through different flow resistors.  

In the so called low speed regions of the suspension unit, which can be selected arbitrarily, the 

adjustable damping force is controlled by fluid flow through small orifices. These are known to return 

the quadratic type of curves that can be seen in the low speed regions of Figure 38 [8]. According to 

this, the damping force when the suspension works in compression can be expressed as, 

 𝐹𝑑𝑎𝑚𝑝 = 𝑄𝑙𝑠,𝑐�̇�ℎ𝑦𝑑𝑟𝑜𝑝
2   (68) 

   
where the variable 𝑄𝑙𝑠,𝑐 is related to the adjustable opening area of the orifice. The damping force in 

the low speed region for rebound can almost identically be written in the same way, 

 𝐹𝑑𝑎𝑚𝑝 = −𝑄𝑙𝑠,𝑟�̇�ℎ𝑦𝑑𝑟𝑜𝑝
2  (69) 

   
with the exception of the minus sign, a result from how the direction of a positive damping force is 

defined. 

With steadily increased suspension velocity there will be a point in time when the damping force is so 

high that an additional opening for the flow start to emerge, this occurs at the knee point seen in 

Figure 38. This opening is for low velocities and damping forces closed with the help of a mechanical 

spring, but it gradually opens up when the fluid forces overcomes the spring preload. When this 

happens the damping force will start to trace one of the linear curves in the high speed regions 

instead, which for compression can be expressed as, 

 𝐹𝑑𝑎𝑚𝑝 = 𝐿ℎ𝑠,𝑐�̇�ℎ𝑦𝑑𝑟𝑜𝑝 + 𝑚ℎ𝑠,𝑐  (70) 
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Here the variable 𝐿ℎ𝑠,𝑐 is related to the stiffness of the spring whilst the other variable 𝑚ℎ𝑠,𝑐 can be 

said to be related to the spring preload for a given spring stiffness. The same type of equation can 

also be applied for the damping force in rebound, 

 𝐹𝑑𝑎𝑚𝑝 = 𝐿ℎ𝑠,𝑟�̇�ℎ𝑦𝑑𝑟𝑜𝑝 − 𝑚ℎ𝑠,𝑟 (71) 

   
with the same explanation as before regarding the minus sign.  

So, these were then the four equations that were implemented into the Adams/Car vehicle model, in 

order to represent the damping force of the hydropneumatic suspension system. 
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6. Modeling the Patria AMV in Adams/Car 

This chapter is intended to provide the reader with an overview of how the Patria AMV was modeled 

in Adams/Car. It will also go through how the different vehicle component systems were validated, in 

order to make sure that they worked as intended prior to the full vehicle validation. 

All physical data, installation points and so forth can be found in Appendix A. 

6.1 A Template for the Vehicle Body 

For the main body of the vehicle model an already existing template, provided with the program, was 

used named _rigid_chassis.tpl. Despite this, a few minor corrections were needed to be done in 

order to be able to use it.  

These changes included renaming/adding some output communicators, as well as moving the part 

were all vehicle measurements takes place to the location of where the test vehicles sensor was 

positioned. A more cosmetic correction was to switch the graphics for the vehicle body to make it 

resemble the real Patria AMV. 

In order to facilitate for easy and quick setups of the vehicle model, a script “vehicle_setup.txt” was 

written, were all important vehicle settings were to be located including the physical data of the 

vehicle body. 

6.2 Building the Wheel Stations 

Two almost identical templates were built from scratch to serve as platforms for the steered/non-

steered axles of the vehicle. Hence, both templates consisted of two wheel stations where each 

wheel station was created out of seven rigid parts, appropriate joints and communicators, to form 

the double wishbone suspension system seen in Figure 39 below. 

 

 
  

Figure 39. Right side wheel station as seen in Adams/Car (left) with an exploded view of its parts and joints (right). 

Confidential information. 
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The slight difference between the templates was the type of joint connecting the spindles with the 

dummy parts. To allow for steered wheels, revolute joints were here placed in the template for the 

steered axles and fixed joints in the template for the non-steered axles. 

The Gruebler equation [15] was then used to check if the two templates were properly built and not 

over constrained, 

 𝑇𝑜𝑡𝑎𝑙 𝐷𝑂𝐹 = 6 ∙ (𝑁𝑢𝑚𝑏𝑒𝑟 𝑜𝑓 𝑝𝑎𝑟𝑡𝑠 − 1) − (𝑁𝑢𝑚𝑏𝑒𝑟 𝑜𝑓 𝑐𝑜𝑛𝑠𝑡𝑟𝑎𝑖𝑛𝑡𝑠) (72) 
   
giving an answer of 3 DOF for a steered wheel station and 2 DOF for a non-steered; consistent with 

how they were planned to operate. 

Another important thing that had to be looked into at this stage was that the motion ratio for the 

suspension was correct, that is, the vertical wheel displacement versus the displacement of the 

hydropneumatic suspension unit. Since all installation points etc. had been measured out from two 

blueprints and a single CAD file, there were some uncertainties if everything had been set correctly.  

For that reason a parallel wheel travel analysis was performed in the suspension test rig, where the 

motion ratio for the vehicle model was compared with the measured values that had been provided 

by the vehicle manufacturer Patria. The result from this comparison can be seen in Figure 40 below. 

 

Figure 40. Motion ratio for the Adams/Car vehicle model compared with the measured values given by Patria. 

As seen in the figure, the motion ratio for the vehicle model was quite consistent with the measured 

values but there are some deviations for larger wheel displacements, particularly in rebound. Now, 

even though it was seen as unlikely for the model to work in these extremes in the upcoming 

handling tests, a small study was performed in order check if there was a possibility to get even 

closer to the measured values. 

The study was done by changing the location of where the hydropneumatic suspension unit connects 

to the vehicle body. There are a number of other installation points in the wheel station that, with 

probable minor changes, may affect the motion ratio but this specific point was chosen since it was 

one of the more uncertain ones from the earlier measurements.  
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A script was then written that performed the necessary simulations; as it changed the x-y location of 

the installation point with small equal increments within the grid shown at the right side of Figure 41, 

it also kept the suspension unit at nominal length and after each change a parallel wheel travel 

analysis was executed.  

All output data from the simulations were then compared with the curve of the motion ratio given by 

Patria, using the method of least squares. The results from this can be seen at the left side of Figure 

41; the colder the color, the smaller the error in motion ratio.  

 

Figure 41. Results from the motion ratio study (left), together with an top view of the wheel station (right).  

The circle marked with number one indicates the initial earlier installation point to the vehicle body 

while the other circle, marked as number two, was the location of where the error was smallest. The 

motion ratio curve with the installation point moved to point number two can be seen in Figure 42, 

where it is impossible to deduce any error when comparing the two curves.  

 

Figure 42. Motion ratio comparison as the suspension installation point was moved to point number two. 
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So in terms of motion ratio, the new refined location for the installation point did provide a better 

match than the previously measured point did. But since the deviation from the original position was 

quite significant and that relocating it closer to the vehicle center reduces the vehicle’s roll stiffness, 

a decision was made to go with the measured installation point instead.  

6.2.1 Implementing the Gas Spring and Damping Forces 

To implement the gas spring forces into the templates, a single-component force was created for 

each wheel station to act between the parts representing the hydropneumatic suspension unit, i.e. 

between the cylinder and the piston rod. The expression used for the gas spring force was the one 

developed earlier in chapter 5.5.1, 

 𝐹𝑔𝑎𝑠 = 𝐹𝑔𝑎𝑠,𝑛𝑜𝑚 (
𝑉𝑔𝑎𝑠,𝑛𝑜𝑚

𝑉𝑔𝑎𝑠,𝑛𝑜𝑚 − 𝑥ℎ𝑦𝑑𝑟𝑜𝑝𝐴𝑝𝑟
)

𝑛

 (54) 

   
In order for Adams/Car to be able to calculate the displacement of the hydropneumatic unit from 

nominal position 𝑥ℎ𝑦𝑑𝑟𝑜𝑝, a state variable was created to continuously read the distance between 

the suspension unit’s installation points during simulations. The value of the state variable was then 

subtracted with the design value of the same distance, a distance which was equal to the nominal 

length of the suspension unit. Thus, the resulting value then equaled the effective displacement of 

the suspension unit 𝑥ℎ𝑦𝑑𝑟𝑜𝑝. 

All other variables seen in Equation (54), as well as the gas spring stiffness at nominal position, were 

incorporated into the script “vehicle_setup.txt”. When executed, the script calculates the gas volume 

at nominal position based on Equation (56) and then passes all necessary information to the vehicle 

model. 

To verify that the gas spring force worked as intended, a parallel wheel travel analysis was performed 

in the suspension test rig. The input data for the hydropneumatic unit in nominal position was here 

set to a gas spring force of x kN, a spring stiffness of y N/mm together with an adiabatic index of 1.4. 

The result from this simulation can be seen in Figure 43 and the conclusion that was drawn here was 

that everything was working properly. 

 

Figure 43. Result from the gas spring verification. (𝑭𝒈𝒂𝒔,𝒏𝒐𝒎 = x kN, 𝒌𝒈𝒂𝒔,𝒏𝒐𝒎 = y N/mm, 𝜸𝒂𝒅 = 𝟏.𝟒) 

A similar approach was used to incorporate the damping forces into the templates holding the wheel 

stations. As with the gas spring force for a wheel station, a single-component force was also here 
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created to act between the two parts of the suspension unit. But in contrast to the gas spring force, 

which was made up by one single equation, the damping force had two different equations for both 

compression and rebound; 

Compression damping 

Low speed region 𝐹𝑑𝑎𝑚𝑝 = 𝑄𝑙𝑠,𝑐�̇�ℎ𝑦𝑑𝑟𝑜𝑝
2   (68) 

 
High speed region 𝐹𝑑𝑎𝑚𝑝 = 𝐿ℎ𝑠,𝑐�̇�ℎ𝑦𝑑𝑟𝑜𝑝 + 𝑚ℎ𝑠,𝑐   (70) 

   
Rebound damping 

Low speed region 𝐹𝑑𝑎𝑚𝑝 = −𝑄𝑙𝑠,𝑟�̇�ℎ𝑦𝑑𝑟𝑜𝑝
2  (69) 

 
High speed region 𝐹𝑑𝑎𝑚𝑝 = 𝐿ℎ𝑠,𝑟�̇�ℎ𝑦𝑑𝑟𝑜𝑝 − 𝑚ℎ𝑠,𝑟  (71) 

   
In order to create a single expression out of these four equations, to be able to use the single-

component force, the following was done. 

Firstly, the script “vehicle_setup.txt” was extended with a number of variables determining the 

appearance of the graph of the damping force. The variables chosen were: 

 The quadratic damping coefficients at low speed damping 𝑄𝑙𝑠,𝑐 and 𝑄𝑙𝑠,𝑟 

 The damping forces at the two knee points 𝐹𝑘,𝑐 and 𝐹𝑘,𝑟   

 The linear damping coefficients at high speed damping 𝐿ℎ𝑠,𝑐 and 𝐿ℎ𝑠,𝑟  

With the values of these variables the script then calculates the suspension velocities at both knees, 

as well as the values for the y-intercepts of the linear curves and after that it constructs a spline out 

of the four damping force curves. This spline was then, together with a state variable reading the 

velocity of the suspension unit, what was implemented as a single expression into the single-

component force. 

Lastly, to verify that the damping force worked as planned, a dynamic suspension analysis was 

performed which showed that everything functioned properly, see Figure 44 below. 

 

Figure 44. Result from the verification of the damping force.  
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6.2.2 A Template for the Tires 

The template used for the tires was the built-in tire template named _handling_tire.tpl, referenced 

to a property file of the Fiala format. To be able to change all eight tires property files in a quick way, 

a code was created for this in the script “vehicle_setup.txt”. 

6.3 Building the Steering and Propulsion System 

To construct a steering system for the vehicle, a built-in template of a rack and pinion steering 

system was used named _rack_pinion_steering.tpl, see Figure 45. This template consists of a steering 

wheel coupled with a chain of parts, as well as necessary gears, joints and communicators; 

everything needed when the purpose is to create a mechanical steering system of this kind. 

 

Figure 45. Rack and pinion steering system. 

Since it probably would have been quite time consuming in trying to adapt this system to produce 

the wheel steer angles developed in chapter 5.2 an alternative method was used, commonly known 

as “steer-by-wire”. This method made the modeling of the steering system much easier but it also 

came with some drawbacks, as wheel steer angles induced by suspension movement would not 

appear in the vehicle model as well as compliance in the linkage between the steering wheel and the 

wheels. 

The template was cleared of most parts due to this approach, leaving mainly the steering wheel and 

a state variable was created to read the steering wheel angle during the simulations, passing it 

through an output communicator to the subsystems for the first two axles.  

The next step was to build two joint-motion actuators in the steered axle template, one for each of 

the two revolute joints that connects the spindles to the dummy parts. The script “vehicle_setup.txt” 

was then extended to calculate the two front axle’s wheel steer angles based on the information 

gathered and developed in chapter 5.2, for steering wheel angles between -1000 deg to 1000 deg.  

Out of these two vectors with wheel steer angles the script was then also made to create two splines, 

which were, together with the information from the output communicator regarding the steering 

wheel angle, what were implemented in the joint-motion actuators. 

To make sure that the newly created steering system generated the correct wheel steer angles, a 

steering analysis was performed in the suspension test rig for each axle.  
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The results from these two simulations showed that the steering system operated almost perfectly. 

Almost, since the king pin and caster angles imposed a predicted minor error on the wheel steer 

angles. This was easily solved though, since the wheel steer angles showed a linear relationship with 

the wheels rotation around their steer axes, see Figure 46, the same axes where the joint-motion 

actuators were placed. 

 

Figure 46. Wheel steer angles versus steer axis rotation. 

 

As a consequence to this, the input motions from the joint-motion actuators were scaled with the 

value obtained from the linear relationship and a couple of new steering simulations were then run; 

this time without any errors. The wheel steer angles of the first axle now matched the curve Patria 

had provided and the ones of the second axle followed the expression that was developed in chapter 

5.2, see Figure 47 below. 

 

Figure 47. Results from the validation of the wheel steer angles. 

At this point one last thing had to be examined and that was the steering relationship between the 

axles themselves. The wheel steer angles of the second axle were derived from an idea of having 



Modeling the Patria AMV in Adams/Car 

56 
 

100% Ackerman between each pair of steered wheels located on the same side of the vehicle. This 

meant that the vehicle’s kinematic turn radius based on the inside wheels, as well as for the outside 

wheels, had to be the same for all steering wheel angles. 

The result from this comparison regarding the inner wheels of the vehicle can be seen in Figure 48, 

where the two curves of the kinematic turn radius are positioned almost directly over each other 

with negligible difference. 

 

Figure 48. Kinematic turn radius based on the inner wheels versus steering wheel angle. 

For the outside wheels on the other hand, there exists no prepared output data for the kinematic 

turn radius. This since Adams/Car always calculates the vehicle’s turn radius based on the wheel 

closest to turn center.  

Hence an expression had to be developed for this with respect to the outer wheels and with the 

available output data from the simulations this expression was then formulated as, 

 
𝑅𝑜 = cos(𝛿𝑜,𝑗) 𝑅𝑜,𝑗 −

𝑡𝑤

2
+ 𝑐𝑝𝑙𝑎𝑡 (73) 

   
The computed values for the kinematic turn radius based on the outer wheels can now be seen in 

Figure 49 below. Also here, the maximum difference between the two curves was insignificantly low. 

 

Figure 49. Kinematic turn radius based on the outside wheels versus steering wheel angle. 
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Based on all positive results from the validation studies of the steering system there was no need for 

any further examinations or any changes to it, thus the modelling continued with the creation of a 

propulsion system for the vehicle no more complex than capable of holding a constant vehicle speed. 

Similar to how the steering system was built; without any actual parts connecting the steering wheel 

to the steered wheels, the propulsion system was built; without any mechanical coupling between 

the power source and the wheels. Hence, if the steering system was labeled “steer-by-wire” then this 

type of propulsion system probably falls into the category labeled “drive-by-wire”. 

Just as before joint actuators were used to solve parts of the problem and this time they were placed 

to impose an action-only rotational force on the wheel hubs inside both of the vehicle axle 

templates. The input signal to these joint-force actuators came from a simple speed 𝑃𝐼𝐷 controller 

passed through a step function.  

More specifically, the controller was built as a state variable in the template of the vehicle body as, 

 
𝜏(𝑡)ℎ𝑢𝑏 = 𝑃𝑒(𝑡) + 𝐼 ∫𝑒(𝑡) 𝑑𝑡 + 𝐷 

𝑑𝑒(𝑡)

𝑑𝑡
 (74) 

   
having the gain factors 𝑃, 𝐼 and 𝐷 all implemented as variables within the script “vehicle_setup.txt”. 

The error signal 𝑒(𝑡) fed to the controller was taken as the longitudinal speed error of the model and 

since the actual speed 𝑣(𝑡)𝑥 already existed as a state variable, there was only a need to create the 

variable for the reference speed 𝑣𝑟𝑒𝑓. The expression for the error signal was then, 

 𝑒(𝑡) = 𝑣𝑟𝑒𝑓 − 𝑣(𝑡)𝑥  (75) 
   
Now, in Adams/Car two different types of system elements were created in order to hold the value 

of the error signal. On one hand a single state variable and on the other hand a differential equation.  

The state variable was then used as the input signal to the proportional 𝑃-part of the controller while 

the differential equation was, after having been integrated as well as derived, used with the other 

two parts of the controller. 

As mentioned earlier, the output signal from the 𝑃𝐼𝐷 controller was also sent through a step 

function before it was implemented into the joint-force actuators. This was to avoid unrealistically 

high input torques and the maximum value before cutting was set to 1000 Nm for each one of the 

eight wheel hubs. 

This maximum value of torque was simply calculated out from the ideal case of having all output 

torque from the engine equally shared over all eight wheels of the vehicle as, 

 𝜏ℎ𝑢𝑏,𝑚𝑎𝑥 =
𝜏𝑒𝑛𝑔𝑖𝑛𝑒,𝑚𝑎𝑥𝜔𝑒𝑛𝑔𝑖𝑛𝑒,𝜏𝑚𝑎𝑥

8 𝜔𝑤ℎ𝑒𝑒𝑙
 (76) 

   
The maximum output torque from the engine 𝜏𝑒𝑛𝑔𝑖𝑛𝑒,𝑚𝑎𝑥 was here set to 2000 Nm (Table 1) at an 

engine speed of 1200 rpm [30]. The rotational speed of the wheels 𝜔𝑤ℎ𝑒𝑒𝑙 was then set to a value 

corresponding to a vehicle speed of y km/h, the vehicle speed which all upcoming simulations were 

to be run around.  
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7. Validating the Vehicle Model 

This chapter will focus on the various steps that were taken in order to validate the Adams/Car 

model of the Patria AMV against the actual test vehicle.  

For a complete list of input data to the vehicle model, together with the updated values from the 

validation process, refer to Appendix A.  

As for all input data to the suspension and the results from the dynamic vehicle validation, refer to 

Appendix E. 

7.1 Vehicle Testing in Northern Finland 

In early mars 2013, a vehicle test week was carried out in northern Finland, Ivalo airfield, by a team 

of test specialists from the vehicle manufacturer Patria in collaboration with their colleagues from 

the suspension supplier Strömsholmen, see Figure 50. It has to be mentioned here, that the author 

himself, also was given this unique opportunity to accompany and observe all test activities during 

the entire week; all possible thanks to Strömsholmen, Patria and FS Dynamics. 

 

 

Figure 50. Side and rear view of the test vehicle for the upcoming new version of the Patria AMV at Ivalo, Finland. 

 
The aim and goal with this test week was to investigate the impact of different suspension settings 

on the handling performance of the new, upcoming version, of Patria AMV. All test events were 

carried out on the flat runways of Ivalo airport and the three handling tests conducted where: 

 Slalom course, five traffic cones distanced x m apart, speed y km/h, see Figure 51 

 Constant radius cornering, radius x m, speed y km/h 

 Braking to standstill, speed y km/h 

 

 

Figure 51. An illustration over the slalom course. 



Validating the Vehicle Model 

60 
 

From these tests two slalom runs with different suspension settings were picked out from 

Strömsholmen and handed over as a starting point for the validation of the Adams/Car model.  The 

data recorded from these tests can be viewed below in Table 5. 

Table 5. Data recorded from the vehicle tests. 

     

Vehicle speeds/accelerations Longitudinal acceleration (g)  
 Lateral acceleration (g)  
 Vertical acceleration (g)  
 Longitudinal speed (km/h)  

   

Vehicle angular displacements/speeds Roll rate (deg/s)  
 Pitch rate (deg/s)  
 Yaw rate (deg/s)  
 Steering wheel angle (deg)  

   

Hydropneumatic suspension data Pressure above/below piston (bar)  
 Distance between installation points (mm)  
 Relative speed between installation points (mm/s)  

   

 

 

7.2 General Data Preparations 

The first thing that had to be dealt with was, after all data had been organized and all suspension 

forces had been calculated using Equation (41), to capture the time span containing mainly the 

slalom maneuver. The recorded data from the test runs were approximately between a sec to b sec 

long, where the slalom maneuvers stood for about x sec of the total time.  

Apart from capturing the specific slalom event, it was also critical that the first cut started at a point 

in time where the test vehicle was as close to steady-state as possible. This since the simulations of 

the slalom runs were to start from steady-state with a constant longitudinal vehicle speed. Even so, it 

was at times necessary to make a small shift of the data points about the y-axis, so that they passed 

through zero. That is for the damping force, the accelerations and angular rates.  

Confidential information. 
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The last preparation was to get ahold of the parameters governing the shapes of the gas spring force 

and damping force curves, in order to implement these into the vehicle model. This was done with a 

curve fit of the expressions for the gas spring force (Equations (54) and (56)) and the damping force 

(Equations (68) to (71)) with the corresponding data, see Figure 52. 

At this point it was found that the equations for the damping force in the low speed regions 

(Equations (68) and (69)) had to be extended with a linear term, this since they occasionally fitted 

poorly at very low speeds close to zero.  

The old expressions for the damping forces in the low speed regions were thus rewritten as; 

Compression damping 𝐹𝑑𝑎𝑚𝑝 = 𝑄𝑙𝑠,𝑐�̇�ℎ𝑦𝑑𝑟𝑜𝑝
2 + 𝐿𝑙𝑠,𝑐�̇�ℎ𝑦𝑑𝑟𝑜𝑝  (77) 

 
Rebound damping 𝐹𝑑𝑎𝑚𝑝 = −𝑄𝑙𝑠,𝑟�̇�ℎ𝑦𝑑𝑟𝑜𝑝

2 + 𝐿𝑙𝑠,𝑟�̇�ℎ𝑦𝑑𝑟𝑜𝑝  (78) 

   
For the curve fits to the data of the gas spring forces, it was discovered that an adiabatic index of 

𝛾𝑎𝑑 = 1.4 provided the best overall match. 

With eight hydropneumatic suspension units, a total of 80 parameters (16 for the gas springs and 64 

for the damping) had to be collected for each one of the two tests, in order to adjust the suspension 

of the vehicle model according to the setup of the test vehicle. 

 

Figure 52. Curve fitting to suspension data of wheel station R3. Gas spring force (left) and damping force (right). 

 

7.3 Static Validation 

In order to validate the vehicle model´s COG in the lateral and longitudinal direction, as well as its 

total mass, the data from slalom test 058 was used. This since it showed a more pronounced steady-

state period prior to the slalom run in comparison to test number 078. 

During this time period, which lasted about y seconds before the test vehicle initiated its first turn, 

the average values of the gas spring forces were calculated, see Table 6 on the following page. 

The next step was to feed the hydropneumatic suspension units of the vehicle model with their gas 

spring stiffness and preloads at nominal position, gathered from the curve fits. 
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 Table 6. Average steady-state values for the gas spring forces at test 058. 

 

  Gas spring force (kN)  Gas spring force (kN)  

L1 … R1 …  
L2 … R2 …  
L3 … R3 …  
L4 … R4 …  

     

 

A static simulation was then performed within Adams/Car revealing that the vehicle model was too 

lightweight compared with the test vehicle. The mass of the vehicle hull was therefore increased in 

small increments, as well as changing its COG in the lateral and longitudinal direction. This method 

was used iteratively until it was not able to get any significant improvements, see Table 7. 

Using this method of course implies that the suspension units are installed in the exact same way as 

on the test vehicle, since the force in a gas spring increase/decrease with the suspension unit’s 

inclination angle with respect to the ground’s vertical axis Z. 

Another thing which most likely had some influence here is the absence of static friction forces inside 

the hydropneumatic units of the vehicle model, as well as the absence of compliant elements at 

mount points in the suspension.  

 Table 7. Differences in static gas spring forces before/after the static validation. 

     

 Gas spring Total gas spring force Total gas spring  

 force (kN) at each side (kN) force (kN)  

L1 3.4/0.4 

12.3/0.2 

33.1/0.2 

 

L2 2.5/-0.6  

L3 2.8/-0.1  

L4 3.6/0.5  

R1 5.2/0.0 

20.8/0 

 

R2 5.3/0.1  

R3 6.5/0.9  

R4 3.8/-1.0  

     

 

The vertical position of the model’s COG was set according to a given value, x mm taken from ground 

level and this was done with the same approach as above, iteratively, by simulating the static case in 

Adams/Car while changing the body hull’s vertical COG. 
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7.4 Dynamic Validation 

For this kind of validation, there are several vehicle parameters that may have greater or lesser 

importance on the dynamic behavior of the vehicle. But, as in the static validation it was assumed 

that the geometry of the vehicle, that is, suspension hardpoints, vehicle track width and so forth, as 

well as suspension parts mass and center of mass, all were accurate enough.  

Either way, it was absolutely necessary to bring the uncertain parameters of the model down to a 

reasonably manageable level, in order to be able to carry through with this validation. 

The major parameter here, with the highest uncertainty, was thought to be the cornering stiffness’s 

of the tires which are governed by the cornering coefficient curve (in turn controlled by two 

parameters, the slope of the curve and the intersection with the y-axis). The other two uncertain 

parameters were believed to be the MOIs of the vehicle hull, more specifically the roll and yaw MOIs. 

Three other parameters with known influence would be the COG of the vehicle hull in the 

longitudinal and vertical direction, as well as the vehicle mass, but since the static validation came 

through pretty decent these were left out. 

Slalom test 058 was then picked out to be the first test to validate the vehicle model against. Using 

the event builder inside Adams/Car, the slalom maneuver was then built and set as an .xml-file. The 

reference speed to the PID speed controller was set to y km/h and a driving control data file, .dcd-

file, was also created to give instructions to the driving machine on the steering wheel angles 

recorded from the test vehicle. 

A static simulation was executed to get the normal loads on the tires and together with the cornering 

coefficient curve, the cornering stiffness’s for the eight tires was calculated and implemented into 

the tires property files. 

In the beginning of the simulations the four parameters were varied manually, but this approach was 

soon discovered to be far too time consuming and that a different method was needed. Therefore a 

script was written, working itself through a large number of different combinations of the four 

parameters while executing the driving maneuver after each change.  

The parameters with the greatest spans and smallest increments between each value were the slope 

and y-intersection of the cornering coefficient curve, see Figure 53. A large quantity of property files 

for the tires was therefore needed and to solve this issue a program in Matlab was written, creating 

all these files.  

Matlab was then used to process all output data from the simulations and comparing it with the 

recorded test data, using the method of least squares. The four parameters of the vehicle model was 

then updated with the values that provided the best overall match to all output data and the result 

from this validation came out surprisingly well.  

The next task was to validate the model against the second slalom maneuver, test 078. At this 

instance only some manual fine tuning to the four parameters were done. This since the overall 

appearance of all simulation output data was quite consistent with the recorded data from test 078, 

i.e. period times and magnitudes of the curves. 
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Though improvements could be noted with greater changes in the values of the four parameters, 

these changes had a significantly bad impact on the results when rerunning test 058. 

 

Figure 53. One set of different cornering coefficient curves (top) and the matching cornering stiffness curves (bottom). 

7.5 Discussion of Results 

Static Validation 

Most likely the new updated value for the vehicle model’s mass is a bit too high when compared with 

the mass of the test vehicle, a number that was said to be approximately x tons. The model differs 

from this with an extra 1850 kg.  

A portion of this overweight can probably be explained by the mass of the occupants of the vehicle 

during the tests; seven crew members which probably could be estimated to add around half a ton. 

But, even with this in consideration there is still over y kg left to explain and the given value of x tons 

is highly unlikely a value rounded to the nearest tens of tons.  

In addition to what was mentioned above, there are a number of other factors that may also 

contribute, more or less, to the deviation in mass. The ones closest to mind are; measurement errors 

in the recorded data from the hydropneumatic suspensions, inaccuracies made in the model’s wheel 

stations and the small deviations that was seen in the gas spring forces during the period of time 

when the vehicle was taken to be in steady-state. 

The first one, measurement errors, is hard to say anything about but for the second one, the models 

of the wheel stations, there is not unlikely that some important elements are missing or that some 

Confidential information. 
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geometries have been set incorrectly. One such important element which is not present in the 

models of the wheel stations are elastic elements, i.e. bushings and so forth.  

Now, if these do exist in the physical vehicle they may contribute to greater inclination angles for the 

hydropneumatic suspension units with respect to the ground, resulting in higher gas spring forces 

and reaction forces in the control arms.  

Other model faults, of a more geometric kind, may also play some role but since the motion ratio for 

the suspension was set correctly (except for very large wheel movements) it is believed that these 

errors play a less significant role when compared to the possible errors with having no bushings. 

Lastly, during the believed y second long steady-state period of the test vehicle, prior to the slalom 

run, individual gas spring forces oscillated a bit around their averaged values, see Figure 54. Since the 

mass of the model was adjusted accordingly to the average values during this period it is not 

farfetched to believe that the deviation in mass has a part of its origin from here. 

 

Figure 54. Gas spring force at L1 during the steady-state period prior to the 058 slalom run. 

The same type of conclusion can also be drawn for the refined location of the vehicle body’s COG, 

whom also leaned against the calculated average gas spring forces during the steady-state period. 

But in contrast to the high uncertainty in mass of the model’s body, the COG is believed to be 

reasonably correct and this belief is based upon two observations.  

For one thing, it did not differ much from the estimation that was made in chapter 5 with the values 

obtained from Patria. The other observation is that the gas spring forces for the vehicle model were 

very near the gas force distribution that the test vehicle had as it entered the slalom maneuver for 

test 078. 

With all this said, one approach to get rid of these uncertainties and get higher accuracy in the 

vehicle mass and the COG would be to get measurements of the gas forces as the vehicle is at stand 

still, for different normal load distributions over the wheel axles. An alternative to this would be to 

place scales under each wheel and then read the loads. Finally, the geometries of the wheel stations 

and locations of possible bushings would have to be looked at and implemented into the model. 
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Dynamic Validation 

The final results that came out from the two dynamic validations must probably be seen as pretty 

positive and as a good starting point for further model improvements, considering the limited 

available input data together with the estimations that had to be done.  

Looking at the results for the vehicle directional data (i.e. lateral acceleration, yaw rate etc.) shows 

that the model has a better correlation with the first slalom run, test 058, than for the second slalom 

run, test 078. But in overall the shapes of all graphs are very similar to the output data from the two 

runs with the test vehicle.  

The graphs with the largest deviations with respect to the reference data from the test vehicle are 

the ones for the yaw angles and also the one for the roll angle in test 078. These reference curves 

were though created through integration of the recorded data of the angular rates and not through 

actual measures during the test runs.  

Now, integrating these curves means that small errors and disturbances will follow through, a fairer 

picture would obviously be to compare the curves of the angular rates instead. Doing this shows that 

they move almost in phase with each other but the peaks in the curves of the vehicle model are 

slightly larger in magnitude. Figure 55 below depicts this for the yaw rate of the vehicle model when 

simulating test 078. 

 

Figure 55. Sensor’s yaw rate versus time for test 078. 

The first idea that comes to mind to lower these peaks might be the one of increasing the vehicle 

body´s yaw inertia 𝐼𝑧𝑧 and roll inertia 𝐼𝑥𝑥. The increased yaw inertia will then bring down the peaks in 

the curves for the yaw and roll rates, but it will in the same time significantly change their 

frequencies by compressing the curves along their time-axes. An increase in roll inertia on the other 

hand will raise the peaks further, as well as compressing the curves. Of course, there will also be an 

impact on the vehicle’s lateral acceleration with changed inertias.  

All this will then naturally lead to a need of tweaking other variables to correct for the negative side 

effects, e.g. alter the distribution of the cornering stiffness’s over the tires and pretty soon it will be 

understood that it will be very difficult, if not impossible, to keep track of everything. 
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Moving on by examining the curves of the hydropneumatic suspension system, for both tests, reveals 

that the overall shape of all curves matches the recorded data from the test track quite well. But 

there is unfortunately a rather large difference in the magnitudes of the peaks for both the gas spring 

forces as for the damping forces.  

One part of the explanation for the high peaks in the damping forces can be related to the previously 

addressed fact of the vehicle model being more prone to roll with higher angular velocity compared 

to the test vehicle, see Figure 56. Then lowering the roll rate will lower the peaks in the damping 

force, but if this is the major explanation to the high damping forces is though hard to tell. 

 

Figure 56. Comparison between the vehicle model and the test vehicle for roll rate and damping force at L1. 

The high roll rate is most likely a combination of several errors, e.g. incorrect values for certain 

parameters, absence of compliance between elements and incorrect geometries in the wheel 

stations. The last two contributes to an incorrect location of the vehicle’s static and instantaneous 

roll center RC, see Figure 57, affecting the roll rate among other things during vehicle maneuvers. 

 

Figure 57. The location of the static roll center (RC) for a vehicle. 

A known physical property which has not been considered during the modelling phase of the 

hydropneumatic suspension system is the hysteresis in the damping forces. This means that the 

magnitudes of damping force is not only dependent on piston velocity, but also on acceleration, see 

Figure 58. 
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Figure 58. Hysteresis shown in the damping force for R4 (test 058).  

This will inevitably lead to differences in the levels of the damping forces between the model and the 

test vehicle. Differences up to around x kN should, even for an perfect model of the vehicle, show up 

at certain speeds in the low speed region for some of the dampers. In the high speed region there 

may also be some gaps, but not as high as the ones seen at the peaks. But then again, there might be 

so that the absence of hysteresis in the dampers of the model is a factor contributing to the higher 

peaks. 

As with the damping forces, hysteresis can also be found in the curves over the gas spring forces. 

When looking at the recorded data for a specific gas spring and then comparing the force given at 

compression with the one obtained for rebound, at a certain displacement, the difference can 

sometimes be as high as x kN, see Figure 59. 

 

 

Figure 59. Gas spring force at R1 for test 058. Recorded data (green) and simulation output (red). 

This means that there is nothing strange if individual gas spring forces, belonging to the vehicle 

model, deviates from the recorded data with approximately y kN. At maximum and minimum 

displacement on the other hand, there should not be any difference between the model and the test 

data from a hysteresis point of view. But, as with the peaks in the damping forces of the model the 
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higher peaks in the gas spring forces might be the result of, or at least have something to do with not 

having this hysteresis implemented. 

A final thing worth looking at is of course the comparison between the roll angles of the model and 

the test vehicle, while at the same time examining the displacements of the hydropneumatic 

suspension system.  

Naturally, the suspension displacements for the two should then match when their roll angles are 

equal. The pitch angles should probably also be taken into consideration during this kind of 

comparison to get a more exact picture, but since the recorded data of the pitch rate from the test 

vehicle had a lot of noise (probably from road/wheel vibrations) this was not included. However, it is 

believed that the pitch angle does not have such a big impact on the suspension displacements 

during this kind of maneuver, compared to the displacements caused by the roll angle. 

Now, as can be seen in Figure 60 below, there is a clear gap between the curves for suspension 

displacement when their roll angles are equal. This would in fact indicate that there is something 

important missing in the wheel stations of the model, flexibility in certain parts or bushings. 

 

Figure 60. Comparison between the test vehicle’s and the model’s suspension displacements for equal roll angles. 

As was said before, the calculated roll angles for the test vehicle might not correspond to its actual 

precise roll angles, due to small errors in the integrated roll rate data. Even so, it is believed to have 

come out fairly accurate to hold for this kind of comparison.  
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Lastly, two other things which are believed to add to the divergence of the vehicle model with the 

test vehicle are the absence of frictional forces inside the model of the hydropneumatic suspension 

system, as well as absence of compliance in the steering system.  

The former one, is most likely not negligible in the physical suspension due to the high gas pressures. 

Implementing these would, among other things, lower the roll angles and suspension forces which 

could mean e.g. that the roll center height ℎ𝑅𝐶  in fact should be increased, see Figure 57 again. 

The latter one, the absence of steering system compliance, indicates that the cornering coefficient 

curve should probably be higher and steeper than the one that was obtained after the validation. 

That is, with compliance in the system, smaller slip angles will be generated for the same amount of 

steering wheel angle and the tires at the steered axles will need to be compensated for this by an 

increase in cornering stiffness’s. 

Having a closer look at the final values of the parameters that were changed during the dynamic 

validation shows that almost everyone is within a reasonable range in relation to its estimated value.  

The final cornering coefficient curve for the tires did not differ much from the initial one and follows 

the theory of pneumatic tires. That is decreasing values with increased wheel load, meaning a 

positive cornering stiffness curve with respect to wheel load while its rate of change drops off. 

Another thing that can be noted here is that the cornering stiffness’s of the tires is around x times 

their individual wheel load, when they are expressed in force per radians. This is a value that is 

consistent with what is stated by H.B. Pacejka in his book Tire and Vehicle Dynamics, namely that the 

value of a tire’s cornering stiffness should be within the range of 6-30 times its wheel load [19]. 

The value of the yaw inertia increased slightly from the estimated value but still remained within the 

range of the two values that was determined with the CAD model. The roll inertia on the other hand 

decreased significantly and this is the parameter which feels most uncertain.  

To sum up, based on the results of the validation, it is believed that the vehicle model is accurate 

enough to represent the actual vehicle (or others in this category with changed vehicle properties) in 

order to study and draw conclusions of vehicle behavior for different suspension setups.  

The above applies, however, primarily to the type of slalom maneuvers that was used to validate the 

vehicle model with, but it is probably also applicable to other types of handling maneuvers that does 

not involve acceleration/braking. The most important factor determining the response of the vehicle 

model is the tire model, where a change to the PAC2002 tire model most likely would increase 

precision in the simulations.  

To be able to say the above with greater certainty would require the model to be validated against 

some more types of handling runs, along with different suspension settings. 
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8. Suspension Parameter Studies 

In order to get some increased insight and understanding of how different suspension settings 

influence the vehicle response, two different types of parameter studies was performed.  

On one hand a transient dynamic study, this to get information of how different suspension setups 

alter the vehicle’s behavior during time-dependent loads, e.g. corner entries. During these kinds of 

maneuvers, both springs and dampers play a role in how the vehicle behaves. The investigated 

suspension parameters in this study were the quadratic low speed damping stiffness in compression 

and rebound, as well as the gas spring stiffness in nominal position. 

On the other hand a steady-state study was to be performed, this to improve understanding of how 

the vehicle acts as it is in dynamic equilibrium, e.g. taking a long sweeping turn. Unlike a transient 

maneuver, these kinds only involves the springs of the suspension. The suspension parameter that 

was changed here was therefore the gas spring stiffness at nominal position. 

Now, one of the first things that had to be determined, before the actual studies could begin, was 

the one to find an appropriate baseline of suspension settings to which the chosen suspension 

parameters could be altered from.  

First of all it was decided that the normal load distribution was to be the same as the one used in test 

058. The reason for this was that the vehicle model showed a better correlation with this particular 

setup at the dynamic vehicle validation. 

However, since the gas spring force at nominal position (with the setup of test 058) was a bit too low 

to keep the vehicle at preferred ride height (30-50 mm away from nominal position) the gas spring 

forces had to be increased. To achieve this, the Matlab script in Appendix D was used to calculate the 

normal wheel loads for a similar load distribution over the four axles, see Table 8. 

Table 8. Normal loads at the wheels (Matlab). 

  

 Wheel load 𝐹𝑧 (N)  

L1,R1 …  
L2,R2 …  
L3.R3 …  
L4,R4 …  

 
 

 

 

With the newly computed wheel loads, a parallel wheel travel analysis was then performed in the 

suspension test rig of Adams/Car for each one of the four axles. At nominal suspension displacement, 

the wheel loads were then matched with the corresponding gas spring force to bring the axle into 

equilibrium.  

These gas spring forces were then implemented into the full vehicle assembly where a static 

simulation took place, giving the results seen in Table 9. As noticed, there is some difference 

between the initially calculated wheel loads with the given wheel loads of the full vehicle assembly. 
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This has to do with two things, the compliance of the tires and the small shift of the COG in the 

lateral direction, both not included into the Matlab script. 

Nonetheless, a significant improvement could be seen in the deviation of the suspension 

displacements from the nominal position. Individual suspension units were now only a few 

millimeters away from the nominal position, i.e. the desired ride height of the vehicle.  

Table 9. The results from the full vehicle static simulation (Adams/Car). 

        
 

𝐹𝑧 (N) 
𝐹𝑔𝑎𝑠,𝑛𝑜𝑚 

(N) 

𝑥ℎ𝑦𝑑𝑟𝑜𝑝 

(mm)  

 
𝐹𝑧 (N) 

𝐹𝑔𝑎𝑠,𝑛𝑜𝑚 

(N) 

𝑥ℎ𝑦𝑑𝑟𝑜𝑝 

(mm) 

 

L1 … … … R1 … … …  
L2 … … … R2 … … …  
L3 … … … R3 … … …  
L4 … … … R4 … … …  

        

 
The wheel loads seen in Table 9 were also used to create new tire property files with updated 

cornering stiffness’s. 

Having set the gas springs forces at nominal position in accordance to get the vehicle to ride height, 

the next step was to create the actual baseline for the suspension system. The values that were to 

form this baseline, see Table 10, were picked to be the average values of the suspension parameters 

used in test 058. These values can on the other side be seen in Appendix E, Fel! Hittar inte 

referenskälla..  

Table 10. The baseline of suspension values used in the two parameter studies.  

       
 𝑘𝑔𝑎𝑠,𝑛𝑜𝑚 𝑄𝑙𝑠,𝑐 & 𝑄𝑙𝑠,𝑟 𝐿𝑙𝑠,𝑐 & 𝐿𝑙𝑠,𝑟 𝐹𝑘,𝑐 & 𝐹𝑘,𝑟 𝐿ℎ𝑠,𝑐 & 𝐿ℎ𝑠,𝑟  

Baseline … … … … …  

       

8.1 Steady-State Cornering 

The steady-state cornering characteristics of the ordinary four-wheeled vehicle is, in contrast to 

other more complex multi-axle vehicles, discussed quite thoroughly in most of the literature covering 

the field of vehicle dynamics.  

A common approach here is to describe the vehicle with a simplified model, called the single-track or 

bicycle model, see Figure 61. This model relies on the following simplifications:  

 The height of the vehicle’s COG is assumed to be at ground level, meaning that the normal 

forces at the inner and outer wheels remain the same during cornering. Consequently, it is 

possible to combine each wheel pair on a common wheel axle into one single wheel, hence 

the name single-track [14]. Another consequence from this is that the vehicle roll angle is 

neglected. 
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 All angles are assumed to be small, meaning that the trigonometric functions can be 

linearized, i.e. sin(𝑥) = 𝑥, cos(𝑥) = 1 and tan(𝑥) = 𝑥. Furthermore, since the angles are 

considered small, the tires are assumed to be working in their linear region [14], see 

Equation (16). 

 

 The road is thought to be perfectly plane. Aerodynamic drag, rolling resistance and self-

aligning moments at the tires contact patches are all disregarded. 

 
Figure 61. A simplified model of the four-wheeled vehicle, known as the single-track model. 

Through geometrical relationships, together with the linear tire force equation and Newton’s laws, 

the following expression can then be developed for this type of vehicle during steady-state cornering, 

 𝛿 =
𝐿12

𝑅
+ 𝐾𝑢𝑠

𝑎𝑦

𝑔
 (79) 

   
an equation known as the handling equation [31].  

The equivalent wheel steer angle 𝛿 is here calculated out from the cot-average of the front axle’s two 

wheel steer angles as [12], 

 cot(𝛿) =
cot(𝛿𝑖) + cot (𝛿𝑜)

2
 (80) 

   
The first term on the right side of Equation (79), the wheelbase 𝐿12 multiplied with the path 

curvature 1 𝑅⁄ , can be recognized as (for small angles) the kinematic wheel steer angle needed to 

drive in a circle with radius 𝑅 at very low speed, i.e. infinitesimal lateral vehicle acceleration 𝑎𝑦 ≈ 0. 

This angle is typically called the Ackerman angle. 
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The vehicle’s lateral acceleration 𝑎𝑦, normalized with the gravitational constant 𝑔, can for steady-

state circular motion be written as the centripetal acceleration of the vehicle’s COG (for small 

angles 𝑣𝑥 ≫ 𝑣𝑦) as [31], 

 a𝑦 =
𝑣𝑥

2

𝑅
 (81) 

   
The last remaining variable 𝐾𝑢𝑠, typically called the understeer gradient, is the one who defines the 

vehicle’s steady-state cornering characteristics and depending on its sign, the following conclusions 

can be drawn [31]: 

 𝐾𝑢𝑠 > 0 →  Understeered vehicle 

 𝐾𝑢𝑠 < 0 →  Oversteered vehicle 

 𝐾𝑢𝑠 = 0 →  Neutrally steered vehicle 

This means that for a vehicle tracking a circular path with constant radius 𝑅, at a steady-state 

operating point, there exists three different scenarios accordingly to what has been stated above. 

Looking into Figure 62, if the driver is to increase the vehicle speed and the understeer gradient is 

positive, then the kinematic wheel steer angle will be less than the required steer angle 𝛿, hence the 

term understeered. The driver then needs a larger wheel steer angle in order to keep the vehicle 

going on the same circular path 𝑅.  

Conversely, when a vehicle’s understeer gradient is negative, the driver needs to reduce the wheel 

steer angle for higher speeds, hence oversteered. 

The third scenario, having a vehicle with an understeer gradient equal to zero, means that the 

required wheel steer angle will always equal the kinematic wheel steer angle as the driver increase 

speed, hence neutrally steered. 

 

Figure 62. Required wheel steer angle versus lateral acceleration for circular driving (constant radius R). 

What should be clarified here is that this type of linear vehicle response, with the understeer 

gradient being a constant, is only true for small lateral accelerations hence slip angles. 

In reality for higher lateral accelerations, but still in the region where the small angle approximation 

is valid (i.e. for steer angle, slip angles and hence the kinematic steer angle), there are additional 
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mechanisms influencing the lateral tire forces, making them non-linear with respect to their slip 

angles [31]. 

These mechanisms are load transfer between the vehicle’s left and right sides as well as the influence 

from wheel camber induced lateral forces. (Remark: If the expression of the understeer gradient is 

based on the steering wheel angle instead of the wheel steer angle, a couple of other effects also turn 

up that needs to be accounted for, e.g. compliances in the suspension/steering system have an effect 

on the understeer gradient.) 

A more general equation of the understeer gradient, that takes all this into account, is therefore [31], 

 𝐾𝑢𝑠(𝑎𝑦) =
𝜕(𝛿 − 𝐿12 𝑅⁄ )

𝜕(𝑎𝑦 𝑔⁄ )
 (82) 

   
Now, D. E. Williams has in his work titled Generalised multi-axle vehicle handling [32] been able to 

show that the handling equation of the four-wheeled vehicle is directly applicable to more complex 

vehicles with an arbitrary number of steerable and non-steerable axles, vehicles such as the Patria 

AMV, by introducing something called an equivalent wheelbase 𝐿𝑒𝑞.  

The concept of the equivalent wheelbase can be explained by looking into Figure 63, which illustrates 

the four-wheeled single-track model of Patria AMV, driving around a large circle with very low 

speed 𝑎𝑦 ≈ 0. This means, with the centripetal force seen as negligible, that either the tire forces or 

the sum of the tire forces and their moments have to be zero. 

The latter holds for this complex vehicle which will, in contrast to an ordinary passenger car, always 

be accompanied by some amount of tire slip 𝛼 during low speed cornering. This fact is due to the 

dual rear axles and their yaw resisting moment. 

 

Figure 63. Low speed circular driving for a complex vehicle. The actual turn center TC will be behind the virtual axle. 



Suspension Parameter Studies 

76 
 

This means that for the vehicle to be in equilibrium, the actual turn center TC cannot be at a point on 

the virtual axle, but instead somewhere in between the virtual axle and the contact patch of the 

rearmost wheel. Only then will it be possible for the lateral force at the third tire 𝐹𝑦,3 to cancel out 

the one at the rearmost tire 𝐹𝑦,4 and the two lateral forces at the front 𝐹𝑦,1 and 𝐹𝑦,2. The latter two 

are in turn needed to cancel out the yaw resisting moment arising from the forces at the rear tires.  

The equivalent wheelbase is then the wheelbase of an ordinary four wheeled vehicle which shows 

the same low speed cornering properties, i.e. steer angle and turn radius, as the complex vehicle but 

without any tire slip. Having this wheelbase then makes it possible to construct the kinematic steer 

angle that the complex vehicle shows for low speed turning, i.e. 𝐿𝑒𝑞 𝑅⁄  and use the same handling 

equation as the one obtained for the simple vehicle. 

The derivation of the equivalent wheelbase for the Patria AMV, together with its linear understeer 

gradient, can be seen in Appendix G. Even though the equation of the equivalent wheelbase is based 

upon the vehicle operating with small slip angles and thus linear lateral tire forces, it is also believed 

that it holds reasonably well to be used to compute the understeer gradient for higher lateral 

accelerations [33].  

As can be seen in Equations (81) and (82) , there are several ways of conducting an experiment to 

determine the vehicles understeer gradient, namely: 

i. Constant radius 𝑅 - Increase vehicle speed incrementally while adjusting the steering angle 

to the path curvature 1/𝑅 
 

ii. Constant speed 𝑣𝑥 – Maintain a constant vehicle speed while changing the steer angle 

incrementally 
 

iii. Constant steer angle 𝛿 - Maintain a constant steer angle while increase vehicle speed 

incrementally 

The decision here fell upon the second alternative; constant speed 𝑣𝑥. A reason for this was that it 

does not need a driver model in Adams/Car, in contrast to the first alternative. 

The change in the understeer gradient was then to be investigated for eight different types of gas 

spring stiffness distributions (in nominal position), see Table 11.  

Table 11. Gas spring stiffness distributions for all tests (left columns) and stiffness levels (right column). 

          

Test 
nr 

Axle 1  
𝑘𝑔𝑎𝑠,𝑛𝑜𝑚 

Axle 2  
𝑘𝑔𝑎𝑠,𝑛𝑜𝑚 

Axle 3  
𝑘𝑔𝑎𝑠,𝑛𝑜𝑚 

Axle 4  
𝑘𝑔𝑎𝑠,𝑛𝑜𝑚 

     
Level 𝑘𝑔𝑎𝑠,𝑛𝑜𝑚 ∆ Baseline  

1 - - - - - - - -  + + … +15%  
2 - - - - ++ ++  + … +6.1%  
3 - - ++ ++ - -  - … -6.4%  
4 ++ - - - - ++  - - … -15%  

5 ++ ++ - - - -      
6 ++ ++ ++ ++      
7 ++ + - - -      
8 - - - + ++      
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The high/low stiffness levels were here set to be +/- 15% away from the baseline setting and the two 

intermediate levels were chosen to provide a linear distributed stiffness between the front and rear 

wheel axle for the last two tests. 

A script was then written with the task to carry out a left turn quasi-static ramp-steer maneuver in 

Adams/Car for each one of the eight tests. The cruise controller was here set to y km/h and the 

driving machine was set to ramp the steering wheel angle at a rate of 0.5 deg/s from straight-line 

driving to x deg.  

The rate at which the lateral acceleration increases would then always be lower than 0.1 (m/s2)/s 

which satisfies the requirements stated in the ISO 4138 Constant radius test [34]. Also, for the 

maximum steering wheel angle, the first axle’s inner wheel steer angle would roughly be 4 deg, i.e. 

good enough for a small angle approximation.  

8.1.1 The Influence of Load Transfer on Lateral Tire Force - due to Body Roll 

When a vehicle undergoes a steady-state cornering maneuver, a normal load transfer has taken place 

from the inside to the outside tires of the vehicle. This is a necessity in order to keep the vehicle in 

equilibrium, so it can continue its steady-state circular motion.  

Now, what happens when the vehicle turns is that the centrifugal force, acting on the vehicle body 

and made up by the vehicle’s lateral acceleration and the mass of the vehicle body, tends to draw the 

vehicle out from the turn center. For equilibrium in the lateral direction, this centrifugal force must in 

turn be counterbalanced by the lateral tire forces [16] (small wheel angles).  

In addition to this, the centrifugal force will also create a moment about the vehicle’s longitudinal 

axis in the ground plane, a moment which will need to be counterbalanced by the normal loads at 

the tires. In order for them to accomplish this task, a part of the normal load that the inner tires see 

during stand still, will need to be transferred to the outer tires. Hence the expression load transfer, 

which in this case equals the total load transfer [16]. 

In chapter 5.3.1, it was mentioned that a tire’s lateral force was not only dependent upon its slip 

angle, but also on the normal load it is subjected to. Figure 64 below illustrates this fact in a clear and 

concise manner. What can be noticed, when looking into the figure, is that a tire’s lateral force surely 

increases with higher normal load, but it does not do so in a proportional way.  

 

Figure 64. A carpet plot showing lateral force versus slip angle and normal load for a passenger car tire [16]. 
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In order to clarify, by looking into Figure 64; if a tire runs at a slip angle of 4 deg under a normal load 

of 1400 lb, it can be seen that the same tire would get a loss in lateral force if the normal load would 

decrease with 400 lb to 1000 lb. On the other hand, if the tire was to be subject to an increase of 400 

lb in normal load to 1800 lb, then the lateral force would indeed rise, but with less magnitude as 

when compared to the former case. 

By taking this one step further, by applying this knowledge onto a wheel axle instead, a wheel axle 

mounted onto a vehicle that is cornering in steady-state, the following conclusion can be drawn.  

The normal load on the inner wheel must have decreased by some value ∆𝐹𝑧, while the outer wheel 

must have increased its normal load by the same amount ∆𝐹𝑧. Thus, as a consequence of this, the 

average lateral force of that wheel axle must have decreased, when being compared to the 

theoretical average lateral force that the wheel axle would produce without any load transfer. This is 

being illustrated in Figure 65 below and what can also be seen in this figure is that a larger load 

transfer will result in a larger decrease in average lateral force. 

 

Figure 65. Average lateral force of a wheel axle with/without load transfer. 

Now, since a vehicle usually is equipped with some kind of suspension, a part of the total load 

transfer will travel through the springs as the vehicle turns, due to the induced body roll.  

This part of the total load transfer originates from the roll moment that the centrifugal force creates 

about the vehicle’s roll axis and it is this part that can be controlled by adjusting the spring stiffness’s 

of the suspension [16]. (Remark: The roll axis is the imaginary line connecting all four roll centers; see 

Figure 57 again for the location of the roll center).  

By stiffening the springs on a wheel axle, that axle will need to take care of a greater amount of roll 

moment and as a consequence of this, as stated above; the average lateral force on that axle will 

decline. The other wheel axles on the other hand, would in turn be subject to a lesser amount of roll 

moment, thus the average lateral force on those would instead increase.  
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If this were to be done at the rear axle of a common passenger car while cornering in steady-state, 

then that car would need to rotate itself inwards to the turn center as well as decreasing its steering 

wheel angle, in order to keep its steady-state motion. 

The lateral force at the rear axle would then increase, as its slip angle would increase due to the 

inward rotation of the vehicle, while the lateral force at the front axle would decrease, due to the 

decreased slip angle controlled by the steering wheel. Obviously, with this change the car would now 

have become more oversteered. 

(Remark: In the far more complex reality, there are additional factors contributing to the difference in 

wheel loads during steady-state cornering, e.g. body weight transfer (due to the roll of the body and 

thus the movement of the COG in the lateral direction) as well as influences from the unsprung mass.) 

8.1.2 Results and Discussion 

The results from the simulations can be seen in the handling diagram below; Figure 66. In this type of 

diagram, the vehicle’s lateral acceleration is plotted against the equivalent steer angle of the first 

axle subtracted by the Ackerman angle. The slope then indicates the understeer gradient, all in 

accordance with Equation (82).  

 

Figure 66. The resulting handling diagram from the steady-state cornering study. 

The equivalent wheelbase, that was used to compute the Ackerman angles with, was here calculated 

to 𝐿𝑒𝑞 = 𝑥 mm. Notice that this value is consistent with the theory behind the equivalent wheelbase 

given earlier. Out from Figure 63, it can be seen that the equivalent wheelbase has to be longer than 

the distance from the first axle to the virtual axle, in this specific case x mm longer. 
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Looking back into the handling diagram again, for lateral accelerations up to approximately x g, the 

vehicle response for all eight setups are characterized by understeer. Another thing seen is that they 

are all identical and linear with the steer angle, which then indicates that the tires are operating in 

their linear region with small slip angles.  

Beyond the value of x g, the vehicle enters its non-linear region, where the load transfer starts to play 

a more significant role on the vehicle response and the curves therefore starts to separate from each 

other in the handling diagram.  

Now, load transfer is of course always present when cornering, that is, even in the linear low lateral 

acceleration region below x g and this is especially true for heavier vehicles, vehicles such as this 

particular one. But still, as previously mentioned, in this region it does not seem to have any 

significant effect on the linearity of the effective lateral forces of the wheel axles. This can however 

be explained by looking into Figure 64 again, which shows that the normal load dependency of a 

tire’s lateral force gets weaker and weaker as the slip angle approaches zero. 

Another thing is the dependency of a tire’s cornering stiffness on normal load. As stated in chapter 

5.3.2, the Fiala tire model does not have this property incorporated and due to this, it is believed that 

a more realistic location of the linear/non-linear break point in fact would be at an earlier lateral 

acceleration than x g.  

For the same reason, it is also believed that the response curves should be more separated from 

each other. This since a constant cornering stiffness provides to overestimate/underestimate a tire’s 

lateral force for lower/higher normal loads [15]. 

To provide a better overview of the results in the handling diagram, they are also summarized in 

Table 12 below.  

Table 12. The vehicle’s steady-state characteristics for the different gas stiffness distributions. 

        

Setup 

Axle 1  
𝑘𝑔𝑎𝑠,𝑛𝑜𝑚 

Axle 2  
𝑘𝑔𝑎𝑠,𝑛𝑜𝑚 

Axle 3  
𝑘𝑔𝑎𝑠,𝑛𝑜𝑚 

Axle 4  
𝑘𝑔𝑎𝑠,𝑛𝑜𝑚 More understeer Oversteer 

 

A ++ ++ - - - -  /  
B ++ + - - -  /  
C - - - - - - - -  /  
D ++ - - - - ++  /  

Baseline … … … …  /  
E - - ++ ++ - -  /  
F ++ ++ ++ ++  /  
G - - - + ++  𝑎𝑦 > … g  

H - - - - ++ ++  𝑎𝑦 > … g  

     Less understeer   

 
It should be mentioned here, that no simulation was done with the vehicle having the spring 

stiffness’s of the baseline, this was unfortunately missed out. Despite this, it is strongly believed that 

this setup would have given an understeered vehicle with a steady-state response in between setup 

D and E, i.e. a curve in between the green curves seen in the handling diagram.  
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Furthermore, in the upcoming discussion it will be assumed that all lateral tire forces points in the 

same direction as the vehicle corners. This in contrast to what was illustrated in Figure 63 for low 

speed cornering; with higher vehicle speeds and thus in regions of higher lateral accelerations, it is 

strongly believed that the turn center will be located ahead of the third wheel axle instead of behind 

it. This assumption was verified with the four-wheeled single-track model, which did confirm that the 

yaw resisting moment only exists for very low speeds. 

As can be seen in Table 12, there are four setups A to D which have a common outcome of making 

the vehicle more understeered, as they are being compared to the vehicle response given with the 

baseline setup. Their four opposites on the other hand, setups E to H, can be seen trying to push the 

vehicle’s steady-state cornering characteristic towards oversteer.  

It is also noticed that the results seem to agree with the theory that was given previously in chapter 

8.1.1. Setup A and B both have an spring stiffness distribution biased towards the front axles, 

meaning that these axles will have to take care of a greater amount of the roll moment as the vehicle 

corners, when being compared to the case with the baseline setup. The opposite, on the other hand, 

is true for the rearmost axles. They will need to provide a lesser torque to counteract the roll 

moment. 

Now, for a specific operating point in the non-linear region of the handling diagram, this then leads 

to a reduction in the effective lateral tire forces of the two front axles, whilst the two rear axles will 

have their effective lateral tire forces increased instead. In order for the vehicle to keep circling at 

this steady-state operating point, while having one of these two new spring stiffness distributions, 

the effective lateral tire forces at the front axles must thus be increased, whilst the forces at the rear 

axles must be decreased. 

For these lateral force adjustments to take place, the correct counteraction from the vehicle must be 

to rotate itself outwards from the turn center as well as increasing its steering wheel angle. As a 

consequence from all this, the vehicle should now have become more understeered than previously 

and this is exactly what shows in Table 12. Furthermore, since setup A has an even higher spring 

stiffness biased towards the front, in comparison to setup B, the former will thus provide to an even 

more understeered vehicle. The same type of approach also explains the vehicle oversteer 

characteristics given by setups G and H. 

A conclusion that can be drawn here is that these different kinds of changes, from an original spring 

stiffness distribution, might prove to be a preferable way to use when tuning the vehicle’s steady-

state cornering characteristics. 

Moving on to the vehicle characteristics given by the other four remaining configurations, setups C to 

F, it can be seen that these results cannot be explained by using the baseline setup and its 

corresponding vehicle response as the reference point; this because they are all symmetrical around 

the vehicle’s longitudinal COG. An approach like that would probably require more exact information 

on how the lateral tire forces changes with their normal loads, as well as how the roll center/COG 

migrates as the vehicle turns etc.  

But by using one of the former discussed configurations as a reference instead, for instance setup A, 

it is at least possible (by using the same theory as before) to show that these four remaining setups in 
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fact would yield vehicle responses in between the ones given by setups B and G. However, it would 

still not be possible to determine the relative order of them to each other; that would probably 

require the additional information that was stated in the paragraph above. 

Lastly, there is one more thing needed to be mentioned and that has to do with the linear understeer 

gradient below x g. Out from the handling diagram, this coefficient was measured to 𝑧1 rad/g 

whereas with the four-wheeled single-track model, it was calculated to 𝑧2 rad/g.  

The source, or one of the sources to this mismatch, might have something to do with the self-aligning 

moments of the tires, a factor which contributes to vehicle understeer. If this physical property 

would have been implemented into the single-track model, then the gap between the two values 

would have been smaller.  

The expression of the equivalent wheel base, which was also developed through the single-track 

model, would on the other hand not change its value significantly by an introduction of this property. 

Due to this, it is still believed that Equation (97) holds reasonable accuracy to be used in future 

analyses. 

8.2 Single-Lane Change 

For the transient dynamic study, the vehicle was to be put through an open-loop single-lane change 

maneuver. This means that there was no need for a driver model to follow a specific vehicle path; the 

only input to the steering wheel was going to be a single sine wave and during the entire event the 

vehicle speed was to be held constant, using the speed controller. 

The period and amplitude of the sine wave were then matched with the first cycle in the graph over 

the steering wheel angle that was recorded in test 058. Out from Fel! Hittar inte referenskälla. in 

Appendix E, these values were estimated to approximately a period of x sec, together with the 

average amplitude of y deg.  

The same was done with the vehicle speed, it was also matched with the one used in the slalom runs 

with the test vehicle, i.e. a target speed of z km/h. 

By using these values, it was hoped that the simulations would somewhat mimic the test vehicle’s 

initial turn around the first traffic cone of the slalom course, making the results from the study as 

useful as possible for Strömsholmen to apply in future vehicle tests. 

As for the three suspension input parameters that were to be changed during this study, namely; 

 Low speed damping stiffness in compression 𝑄𝑙𝑠,𝑐 

 Low speed damping stiffness in rebound 𝑄𝑙𝑠,𝑟 

 Gas spring stiffness at nominal position 𝑘𝑔𝑎𝑠,𝑛𝑜𝑚 

it was decided to change them per wheel axle, rather than wheel station. This since a vehicle usually 

should be as balanced as possible from side to side, in order to not behave differently when taking 

left or right turns.  

Altogether, this would then sum up to twelve different suspension parameters to be varied 

throughout the study; three suspension parameters for each and every one of the four wheel axles. 
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The output data from the simulations, that were judged to be important to investigate with respect 

to changed suspension settings, were the curves over the vehicle’s lateral acceleration, yaw rate and 

roll angle. 

To quantify these curves, four specific response variables (all illustrated in Figure 67) were to be 

collected for each simulation/test run: 

 Gain peak 1 (amplitude of peak 1 divided by maximum steering wheel angle) 

 Gain peak 2 (amplitude of peak 2 divided by maximum steering wheel angle) 

 Response time (elapsed time between maximum steering wheel angle and peak 1) 

 Peak to peak time (elapsed time between peak 1 and peak 2) 

 

Figure 67. An illustration of the output variables for the single-lane change study. 

Now, the experimental design that was going to be used was a two-level full factorial design, i.e. all 

possible combinations of the input parameters, at two distinct levels (+/-), are tested. A typical layout 

for this design, with three input parameters A, B and C in two levels, can be seen in Table 13 below. 

Table 13. A full factorial design with three parameters in two levels, also known as an orthogonal L8 design matrix. 

Test nr A B A*B C A*C B*C A*B*C  𝑥 m/s2  

1 - - + - + + - 12  
2 - - + + - - + 20  
3 - + - - + - + 22  
4 - + - + - + - 10  
5 + - - - - + + 6  
6 + - - + + - - 12  
7 + + + - - - - 14  
8 + + + + + + + 16  
          

 
This type of design, in contrast to e.g. the one-factor-at-a-time design (OFAT), does not only give 

information on how a response variable varies with a change in one of the input parameters (called a 

main effect). In addition to this, it also reveals how the input parameters interact with each other on 

the response variable (called interaction effects). 

Coefficient columns Response column 



Suspension Parameter Studies 

84 
 

Another thing that can be said about a two-level design is that it assumes that the response variable 

of the system change in a linear fashion between the two levels of the input parameters. But, even 

though there might be some curvature in the response variables of this particular system, as the 

suspension settings are varied, it was decided that this approach was accurate enough. 

(Remark: The main objective was not to create an exact mathematical model of the suspension 

system on these response variables, or try to optimize the suspension settings to specific response 

values. Instead, as mentioned in the beginning of the chapter, the purpose was to try and provide a 

more general picture of how changes in the suspension settings influence the selected vehicle 

response variables.)  

As for the number of tests in a two-level full factorial test design, it equals to the number of levels 

raised by the total number of input parameters 𝑘 [31], 

 𝑁𝑢𝑚𝑏𝑒𝑟 𝑜𝑓 𝑡𝑒𝑠𝑡𝑠 = 2𝑘 (83) 
   

According to this, in order to cover all possible combinations between e.g. three input parameters, 

eight tests would be required. This conforms to the full factorial design that was shown in Table 13; 

by looking into coefficient columns 1, 2 and 4, it can be verified that all possible combinations 

between the input parameters A, B, and C are present, when moving through all eight test rows from 

top to bottom. 

The remaining coefficient columns in a full factorial test design are used solely to compute the 

interaction effects. These interaction columns are created by element-wise multiplication of the 

coefficient columns associated with the input parameters [31], e.g. the interaction column between 

input parameters A, B and C in Table 13 is calculated as, 

[A ∗ B ∗ C] = [A] ∙ [B] ∙ [C] =

[
 
 
 
 
 
 
−1
−1
−1
−1
−1
−1
−1
−1]

 
 
 
 
 
 

∙

[
 
 
 
 
 
 
−1
−1
−1
−1
−1
−1
−1
−1]

 
 
 
 
 
 

∙

[
 
 
 
 
 
 
−1
−1
−1
−1
−1
−1
−1
−1]

 
 
 
 
 
 

=

[
 
 
 
 
 
 
−1
−1
−1
−1
−1
−1
−1
−1]

 
 
 
 
 
 

 

In order to get ahold of the total number of effects, as well as their respective order, Pascal’s triangle 

may be used. The effects that will be present in a design with n input parameters are then simply 

obtained by studying the row with row number n, see Figure 68 below. 

 

Figure 68. Pascal’s triangle can be used to obtain the effects and their respective order. 
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All main and interaction effects can then be calculated as the scalar product between each 

coefficient column and the response column, divided by the number of times each factor has been 

tested at the respective level.  

For instance, by looking into Table 13 again, the main effect that belongs to input parameter A can 

hence be calculated to, 

𝑀𝑎𝑖𝑛 𝑒𝑓𝑓𝑒𝑐𝑡 𝐴 =
[A] ∙ [𝑥]

4
= −4 𝑚 𝑠2⁄ ∆A 

Here, the symbol ∆A represents the change from one of parameter A’s two settings (+/-) to the 

opposite setting, i.e. ∆A = Low level → High level = 1 and ∆A = High level → Low level = −1. 

Likewise, in order to calculate one of the interaction effects, e.g. the interaction effect between input 

parameter B and C, the same approach as above is applied, 

𝐼𝑛𝑡𝑒𝑟𝑎𝑐𝑡𝑖𝑜𝑛 𝑒𝑓𝑓𝑒𝑐𝑡 𝐵 ∗ 𝐶 =
[B ∗ C] ∙ [𝑥]

4
= −6 𝑚 𝑠2⁄ ∆B ∆C 

and the symbols ∆B and ∆C are interpreted in the exact same way as earlier. 

Now, in order to keep the amount of information down to a fairly manageable level, in these first 

steps towards a better understanding of this complex system, it was decided to ignore the 

interaction effects between the springs and the dampers.  

That is, instead of a single full factorial design dealing with all twelve suspension parameters, the 

study was separated into two sub-studies; one dealing with the gas spring stiffness’s, having the 

damping stiffness’s at their baseline values, while vice versa for the other one. The test designs for 

these two separate studies can be viewed in Table 14 below.  

Table 14. The test designs for the gas spring stiffness (left matrix) and damping stiffness (right matrix). 

         

 Sub-study 1: Gas spring stiffness   Sub-study 2: Damping stiffness  
            

Test 
nr 

Axle 1 Axle 2 Axle 3 Axle 4 
 

Test 
nr 

Axle 1 Axle 2 Axle 3 Axle 4 
 

𝑘𝑔𝑎𝑠,𝑛𝑜𝑚 𝑘𝑔𝑎𝑠,𝑛𝑜𝑚 𝑘𝑔𝑎𝑠,𝑛𝑜𝑚 𝑘𝑔𝑎𝑠,𝑛𝑜𝑚 𝑄𝑙𝑠,𝑐 𝑄𝑙𝑠,𝑟 𝑄𝑙𝑠,𝑐 𝑄𝑙𝑠,𝑟 𝑄𝑙𝑠,𝑐 𝑄𝑙𝑠,𝑟 𝑄𝑙𝑠,𝑐 𝑄𝑙𝑠,𝑟 

1 - - - -  1 - - - - - - - -  
2 - - - +  2 - - - - - - - +  
3 - - + -  3 - - - - - - + -  
4 - - + +  4 - - - - - - + +  
↓ … … … …  ↓ … … … … … … … …  
16 + + + +  256 + + + + + + + +  

                

 
The final thing that had to be decided was the high/low levels of the input parameters and the 

decision here fell upon varying them +/- 15% away from the baseline, see Table 15. 

Table 15. The high/low levels in the input parameters. 

     

  𝑘𝑔𝑎𝑠,𝑛𝑜𝑚 𝑄𝑙𝑠,𝑐 & 𝑄𝑙𝑠,𝑟  

 +15%  … …  
 -15% … …  
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With everything set, a script was then executed within Adams/Car, changing the suspension 

parameters accordingly to the test designs of Table 14, as well as conducting a single-lane change 

maneuver after each adjustment. 

The output data was then imported into Matlab, where the response variables were extracted and all 

effects were calculated. To provide for an easier and faster way to interpret the magnitudes of the 

effects, they were all calculated in percentage of the average value of the corresponding response 

variable from all tests.  

This can be explained with the help of Table 13 again, where the average value of the response 

variable 𝑥 is, 

�̅� =
∑[𝑥]

8
= 14𝑚 𝑠2⁄  

The expected change in the response variable 𝑥, taken in percentage of the average response 

value �̅�, due to a change in parameter A, can then be calculated as, 

𝑀𝑎𝑖𝑛 𝑒𝑓𝑓𝑒𝑐𝑡 𝐴 = 100 ∙
[A] ∙ [𝑥]

4
∙
1

�̅�
= 100 ∙

−4

14
≈ −29% ∆A 

8.2.1 Results and Discussion 

The complete results from the two sub-studies, in form of bar diagrams (main effects) and Pareto 

charts (most significant effects), can be found in Appendix F. 

In the beginning of this chapter, a general discussion will be held on the effects (i.e. the main and 

interactions effects) that were derived out from the two sub-studies. Topics will be, e.g., “main 

versus interaction effects in terms of significance”, “most significant main/interaction effects” etc. 

The chapter ends with a compilation of all main effects for all response variables, in form of a lookup 

table.  

Sub-Study 1: Change of Gas Spring Stiffness 

Starting by comparing the main effects with the interaction effects, out from all twelve Pareto charts 

in Appendix F, it is noticed that the main effects are the most significant ones. As an example of this, 

see Figure 69 below. 

 

Figure 69. Lateral acceleration gain peak 1. All effects shown are due to a positive (+30%) increase of 𝒌𝒈𝒂𝒔,𝒏𝒐𝒎 taken from 

the baseline setting. The color of the bar tells if the effect gives an increase/decrease in the response variable. 
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In fact, the two most significant effects for all response variables (except from Yaw rate gain peak 2) 

are main effects and for seven out of all twelve response variables the most significant effects are the 

four main effects.  

What can also be said, is that the number one spot in the Pareto charts is dominated by the main 

effect given by 𝑘𝑔𝑎𝑠,𝑛𝑜𝑚 at the front or rear axle, never by the ones in between. 

Another thing noticed, is that the two most significant main effects always appear as a pair out of 

these three pairs:  

 𝑘𝑔𝑎𝑠,𝑛𝑜𝑚 at the two front axles 

 𝑘𝑔𝑎𝑠,𝑛𝑜𝑚 at the two rear axles 

 𝑘𝑔𝑎𝑠,𝑛𝑜𝑚 at the front and rear axle 

When examining the interaction effects, it can be seen the most significant ones are the 2nd order 

interaction effects. Furthermore, the 2nd order interaction effects with the greatest impact on the 

response variables are the ones listed above, where the interaction between 𝑘𝑔𝑎𝑠,𝑛𝑜𝑚 at the two 

front axles dominates. 

Now, a positive thing, with the main effects being so dominant over the interaction effects, is that 

when a change is made in the spring stiffness at two or more wheel axles, with a common aim to 

either increase or decrease the value of a specific response variable, then that desired increase or 

decrease will occur. The interaction effects present will either only enhance or reduce the magnitude 

of the change in that response variable. 

Lastly, a couple of words about the bar diagrams over the main effects found in Appendix F. These 

diagrams were created to shed light over the regularities/symmetries that appear in the main effects, 

the kind of regularities/symmetries shown in Figure 70 below. 

 

Figure 70. Yaw rate peak to peak time, percent change from the average value due to the main effects. 
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Sub-Study 2: Change of Damper Stiffness 

The results from this part of the study stay in sharp contrast to the ones given by the former, where 

the main effects were dominating the interaction effects.  

Unfortunately, the same behavior is not displayed here; for almost all response variables, nine out of 

twelve, main and interaction effects generally have the same significance and it is almost impossible 

to tell them apart, a fact shown through Figure 71 below. This is especially true for the yaw rate 

response time, where all effects were infinitely small; an explanation to the absence of the results 

belonging to this response variable. 

 

Figure 71. Lateral acceleration gain peak 2. All effects shown are due to a positive (+30%) increase of 𝑸𝒍𝒔,𝒄 and 𝑸𝒍𝒔,𝒓 taken 

from the baseline setting. The color of the bar tells if the effect gives an increase/decrease in the response variable. 

All this then means, that when adjusting the damper settings, solely by looking at their main effects 

in order to change one of the response variables, the outcome might not be the expected one. This 

since the interaction effects also has to be accounted for; it might be that the interaction effects 

cancel out the main effects, shifting the desired outcome to the opposite. 

However, it has been verified here, that if all eight damper parameters are adjusted according to 

what their main effects tells, to either commonly increase or decrease a specific response variable, 

then the interaction effects will only enhance or reduce the looked-for result. 

The only response variables where the main effects are the absolute most significant effects, are for 

the three response variables tied to the gain of the first peak, i.e. Lateral acceleration gain peak 1, 

Roll angle gain peak 1 and Yaw rate gain peak 1 (see Figure 72). 

 

Figure 72. Yaw rate gain peak 1. All effects shown are due to a positive (+30%) increase of 𝑸𝒍𝒔,𝒄 and 𝑸𝒍𝒔,𝒓 taken from the 

baseline setting. The color of the bar tells if the effect gives an increase/decrease in the response variable. 
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This then implies that, even if only a few of the eight damper parameters are adjusted, to commonly 

push one of these three responses into a certain direction, then the interaction effects will always 

only enhance or reduce the looked-for result.  

For these three responses, the most significant main effects are given by the low speed compression 

and rebound damping (i.e. 𝑄𝑙𝑠,𝑐 and 𝑄𝑙𝑠,𝑟) at the front and rear axle.  

Compilation of all Main Effects into a Lookup Table 

In order get a better overview of how the suspension parameters (i.e. the main effects) influence the 

response variables, Table 16 was created. 

Table 16. Needed adjustments in the suspension settings when aiming to increase a response variable. 

  Lateral acceleration  Roll angle Yaw rate  

  Variable to increase Variable to increase Variable to increase  
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𝑘𝑔𝑎𝑠,𝑛𝑜𝑚  

Axle 1 

A
d

ju
st

m
en

t - + - + - - + - - + - +  

Axle 2 - + - + - - + - - - - +  

Axle 3 + + - + - - + - + - + -  

Axle 4 + - + + - - + - + - + -  
 

             
 

𝑄𝑙𝑠,𝑐  

Axle 1 

A
d

ju
st

m
en

t + - + - - - - + - - … -  

Axle 2 + - + - - - + + - + … -  

Axle 3 - - - + - - + + + + … +  

Axle 4 + - + - - - + + + + … +  
 

             
 

𝑄𝑙𝑠,𝑟  

Axle 1 

A
d

ju
st

m
en

t - + + - - - + - - + … -  

Axle 2 + + + - - - + - + + … +  

Axle 3 + + + - - - + - + + … +  

Axle 4 + + + + - - + - + + … +  
 

 

             

 
This lookup table, along with the bar diagrams over the main effects in Appendix F, might become a 

useful assistive tool in future vehicle field tests, when trying to adjust the vehicle’s handling 

characteristics towards how the test driver wants the vehicle to behave.  

But, before this can happen, it still remains to correlate the test driver’s subjective feel of the vehicle 

with these objective handling measurements.  

(Remark: A more thorough discussion around the results seen in Table 16 has here been left out and a 

reason for this is that it would not have fitted into the time-frame of this thesis work. Another reason 

is the complexity surrounding this topic, i.e. the influence of suspension settings on transient vehicle 

behavior. It should be said here, that not much was found on this topic in the vehicle dynamics 

literature gone through by the author. But, even so, it can be seen that the changes of some response 

variables, with changed suspension settings, seem to agree with what is stated in chapter 8.1.1. Even 

though that chapter is based on steady-state cornering, the same types of mechanisms are also active 

in transient cornering.) 
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9. General Discussion and Conclusions 

The overall purpose of this master thesis work was to investigate how the suspension settings of 

Patria AMV influenced its vehicle dynamic behavior. In order to investigate it, a vehicle simulation 

model in Adams/Car has been developed and validated against experimental measurements. There 

are quite a few assumptions and estimations that had to be done during this work due to lack of data 

of some vehicle parameters. However, despite this, the vehicle model fits the validation data well, 

see Appendix E. 

Generally, it can be seen that the shapes of the graphs over the directional data (lateral acceleration, 

yaw rate and roll angle) are very similar to the output data from the test vehicle. They move almost 

in phase with each other, but the magnitudes of the peaks are slightly different. 

The above also applies to the hydropneumatic suspension system of the vehicle model to the test 

vehicle. The data are very similar and almost in phase, but the peaks in the gas spring and damping 

forces does show a rather large difference in magnitude, when being compared to the ones 

belonging to the test vehicle. 

It is difficult to precisely pinpoint which of all vehicle parameters that contributes the most to these 

differences, this since there are uncertainties in almost all input data to the vehicle model. But most 

likely, there is a combination of unknown errors, simplifications and assumptions in the list below, 

that gives rise to these deviations: 

 Insufficient accuracy in the values governing the mass of the vehicle and its MOIs  

 Absence of bushings in the suspension system 

 Incorrect placements of the hardpoints in the wheel stations 

 Absence of frictional forces in the suspension system  

 Absence of steering system compliance 

 Absence of hysteresis in the gas spring and damping forces 

 Absence of fluid compressibility in the suspension system 

 Incorrect values for the tires cornering stiffness’s 

 The tire model being too simple (the PAC2002 model would most likely increase precision) 

 Wrong assumption of the steering relationship between the two front axles 

In future work, aiming to increase the accuracy of the model, this list should be the first thing to go 

through. For more detailed information on these topics, see chapter 5 and 7. 

Now, despite the differences between the vehicle model and the test vehicle, it is believed that the 

model is accurate enough to represent the actual vehicle (or others in this category with changed 

vehicle properties) in order to study and draw conclusions of vehicle handling behavior for different 

suspension setups.  

The above applies, however, primarily to the type of slalom maneuvers that was used to validate the 

vehicle model with, but it is probably also applicable to other types of handling maneuvers that does 

not involve acceleration/braking. For greater certainty though, the model should be validated against 

some more types of handling runs, along with different suspension settings.  
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Moving on to the suspension parameter studies, chapter 8. Looking at the steady-state cornering 

study, some of the results indicated that the vehicle behaves as an ordinary passenger car with 

changed spring stiffness’s in the nominal position 𝑘𝑔𝑎𝑠,𝑛𝑜𝑚, see Table 12. That is, with a spring 

stiffness biased towards the front axles of the vehicle, it tends to get more understeered and vice 

versa. This behavior was also explained and verified with the theory of load transfer, a phenomena 

that is present during cornering. 

The other spring stiffness setups in between these, together with their corresponding steady-state 

vehicle characteristics, did also conform to this theory. That is, with the load transfer theory it was 

possible to explain why their vehicle responses ended up in between the ones given by the spring 

stiffness’s biased towards the front/rear. The theory could though not explain the internal order of 

these setups and their vehicle responses, when ranking them from “more understeer” to “less 

understeer”. 

For the second study, where a single-lane change was used to investigate the impact on a number of 

response variables with changed spring stiffness (𝑘𝑔𝑎𝑠,𝑛𝑜𝑚) and low speed damping stiffness’s (𝑄𝑙𝑠,𝑐 

& 𝑄𝑙𝑠,𝑟), the final outcome was a lookup table developed out from the main effects. See Table 16.  

This lookup table shows, in a clear manner, the needed adjustments in the suspension settings when 

aiming to increase one of these response variables. Along with the bar diagrams over the main 

effects in Appendix F, this table might become a useful assistive tool in future vehicle field tests, 

when trying to adjust the vehicle’s handling characteristics towards how the test driver wants the 

vehicle to behave.  

Still, it remains to correlate the test driver’s subjective feel of the vehicle with these objective 

handling responses and this might be something to look at in future works.  
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Appendix A 

Vehicle Data for Adams/Car 

Confidential information. 
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Appendix B 

Blueprints 

Confidential information. 
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Appendix C 

Pictures of Vehicle Components Made in Solid Edge ST4 

Confidential information. 





A Hydropneumatic Suspension Parameter Study on Heavy-Multi Axle Vehicle Handling 

101 
 

Appendix D 

Matlab Code – Optimization of Axle Loads to a Preferred Load Distribution 

%% User data input 

  
mv = …;            % Total vehicle mass 
g = …;             % Gravitational constant  
lambda = …;        % Distance 1:st axle to COG divided by total wheelbase  

L12 = …;           % Distances between wheel axles  
L23 = …;        
L34 = …;        
L14 = L12+L23+L34; % Total wheelbase 
N1pref=0.25*mv*g;  % Preferred normal load at each wheel axle 
N2pref=0.25*mv*g; 
N3pref=0.25*mv*g; 
N4pref=0.25*mv*g; 
Npref=[N1pref N2pref N3pref N4pref]; 

  
%% Solving QP-problem with "quadprog" 

  
H = [2 0 0 0;0 2 0 0;0 0 2 0;0 0 0 2]; 

  
c = [-2*N1pref;-2*N2pref;-2*N3pref;-2*N4pref]; 

  
Aeq = [1 1 1 1;lambda*L14 lambda*L14-L12... 

       lambda*L14-L12-L23 lambda*L14-L14]; 

  
beq = [mv*g;0]; 

  
A = []; 

  
b = []; 

  
lb = zeros(4,1); 

  
opts = optimset('Algorithm','interior-point'); 
[x,fval,exitflag,output,lam] = quadprog(H,c,A,b,Aeq,beq,lb); 

  
%% Plot 

  
axledistance = [0 L12 L12+L23 L14]; 
totalwheelbase = [0 L14]; 
equalmassdistribution=[mv*g/4 mv*g/4]; 
plot(axledistance(1),x(1),'o',axledistance(2),x(2),'o',axledistance(3),... 
x(3),'o',axledistance(4),x(4),'o',totalwheelbase,equalmassdistribution,... 
axledistance,Npref,axledistance,x) 
xlabel('Distance from 1:st axle') 
ylabel('Normal load (N)'),title('Normal load distribution over wheel... 

axles'),legend('1:st axle','2:nd axle','3:rd axle','4:th axle',... 
'Equally divided normal load,'Preferred normal load distribution') 

 





A Hydropneumatic Suspension Parameter Study on Heavy-Multi Axle Vehicle Handling 

103 
 

Appendix E 

Results from the Dynamic Vehicle Validation 

Confidential information. 
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Appendix F 

Results from the Single-Lane Change Parameter Study 

Confidential information. 
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Appendix G 

The Four-Wheeled Single-Track Model 

The eight-wheeled vehicle Patria AMV is here approximated with a simplified four-wheeled single-

track model, which can be seen in Figure 73 below. This model is primarily based on the work of D. E. 

Williams [32] but most of the signs and conventions were taken from the compendium Vehicle 

Dynamics [31] written by Wennerström et al. 

The following simplifications have been made:  

 The height of the vehicle’s COG is assumed to be at ground level, meaning that the normal 

forces at the inner and outer wheels remain the same during cornering. Consequently, it is 

possible to combine each wheel pair on a common wheel axle into one single wheel, hence 

the name single-track [14]. Another consequence from this is that the vehicle’s roll angle is 

neglected. 

 

 All angles are assumed to be small, meaning that the trigonometric functions can be 

linearized, i.e. sin(𝑥) = 𝑥, cos(𝑥) = 1 and tan(𝑥) = 𝑥. Furthermore, since the angles are 

considered small, the tires are assumed to be working in their linear region [14], see 

Equation (16). 

 

 The road is thought to be perfectly plane. Aerodynamic drag, rolling resistance and self-

aligning moments at the tires contact patches are all disregarded. 

 

Figure 73. The four-wheeled single-track model of Patria AMV. 
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Now, out from Figure 73, the slip angle 𝛼𝑗 for a specific axle j can be written as,  

 
𝛼𝑗 =

𝑣𝑦 + �̇�𝑥𝑗

𝑣𝑥
− 𝛿𝑗  (84) 

   
where the steer angle 𝛿𝑗  is defined as positive counterclockwise taken from the vehicle’s direction of 

heading 𝑥 to the wheel’s direction of heading 𝑥𝑤𝑐,𝑗. The same holds for the slip angle 𝛼𝑗, positive 

counterclockwise taken from the wheel’s direction of heading 𝑥𝑤𝑐,𝑗 to the wheel’s direction of 

travel 𝑣𝑤𝑐,𝑗. 

With the expression of the slip angle, the lateral tire force 𝐹𝑦,𝑗 can now be defined as, 

 
𝐹𝑦,𝑗 = −𝐶𝛼,𝑗𝛼𝑗 ⟹ 𝑊𝑖𝑡ℎ 𝐸𝑞. (84) ⟹ 𝐹𝑦,𝑗 = 𝐶𝛼,𝑗 (𝛿𝑗 −

𝑣𝑦 + �̇�𝑥𝑗

𝑣𝑥
) (85) 

   
where the cornering stiffness 𝐶𝛼,𝑗 is the sum of both tires cornering stiffness’s at axle j. 

Moving on by writing down the vehicle’s lateral and rotational equations of motion, in the reference 

frame (𝑥, 𝑦) attached to vehicle’s COG, yields, 

 
𝑚𝑣(�̇�𝑦 + �̇�𝑣𝑥) = ∑𝐹𝑦,𝑗

4

𝑗=1

 (86) 

 
 

𝐼𝑧𝑧�̈� = ∑𝐹𝑦,𝑗𝑥𝑗

4

𝑗=1

 (87) 

   
Lastly, the slip angle 𝛽 of the vehicle’s COG can be written as, 

 𝛽 =
𝑣𝑦

𝑣𝑥
 (88) 

   
Now, joining Equation (85) together with Equation (86) gives, 

 
𝑚𝑣(�̇�𝑦 + �̇�𝑣𝑥) = ∑𝐶𝛼,𝑗 (𝛿𝑗 −

𝑣𝑦 + �̇�𝑥𝑗

𝑣𝑥
) ⟹

4

𝑗=1

  

   
 

𝑚𝑣�̇�𝑦 + 𝑚𝑣�̇�𝑣𝑥 = ∑𝐶𝛼,𝑗𝛿𝑗

4

𝑗=1

−
𝑣𝑦

𝑣𝑥
∑𝐶𝛼,𝑗

4

𝑗=1

−
�̇�

𝑣𝑥
∑𝐶𝛼,𝑗𝑥𝑗

4

𝑗=1

⟹ 
 

   
 

�̇�𝑦

𝑣𝑥
= ∑

𝐶𝛼,𝑗𝛿𝑗

𝑚𝑣𝑣𝑥

4

𝑗=1

+ ∑
−𝐶𝛼,𝑗𝑣𝑦

𝑚𝑣𝑣𝑥
2

4

𝑗=1

+ �̇� (∑
−𝐶𝛼,𝑗𝑥𝑗

𝑚𝑣𝑣𝑥
2

4

𝑗=1

− 1) ⟹ 𝑊𝑖𝑡ℎ 𝐸𝑞. (88) ⟹ 

 

   
 

�̇� = ∑
𝐶𝛼,𝑗𝛿𝑗

𝑚𝑣𝑣𝑥

4

𝑗=1

+ ∑
−𝐶𝛼,𝑗𝛽

𝑚𝑣𝑣𝑥

4

𝑗=1

+ �̇� (∑
−𝐶𝛼,𝑗𝑥𝑗

𝑚𝑣𝑣𝑥
2

4

𝑗=1

− 1) (89) 
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Equation (89), with 𝛿3 = 𝛿4 = 0, can also be expressed in vector form as, 

 
�̇� = [∑

−𝐶𝛼,𝑗

𝑚𝑣𝑣𝑥

4

𝑗=1

∑
−𝐶𝛼,𝑗𝑥𝑗

𝑚𝑣𝑣𝑥
2 − 1

4

𝑗=1

] [
𝛽

�̇�
] + [

𝐶𝛼,1

𝑚𝑣𝑣𝑥

𝐶𝛼,2

𝑚𝑣𝑣𝑥
] [

𝛿1

𝛿2
] (90) 

   
Continuing with Equation (87) and putting it together with Equation (85) gives, 

 
𝐼𝑧𝑧�̈� = ∑𝐶𝛼,𝑗 (𝛿𝑗 −

𝑣𝑦 + �̇�𝑥𝑗

𝑣𝑥
)𝑥𝑗

4

𝑗=1

⟹  

   
 

�̈� = ∑
𝐶𝛼,𝑗𝑥𝑗

𝐼𝑧𝑧
𝛿𝑗

4

𝑗=1

− ∑
𝐶𝛼,𝑗𝑥𝑗

𝐼𝑧𝑧

𝑣𝑦

𝑣𝑥

4

𝑗=1

− ∑
𝐶𝛼,𝑗𝑥𝑗

2

𝑣𝑥𝐼𝑧𝑧
�̇�

4

𝑗=1

⟹ 𝑊𝑖𝑡ℎ 𝐸𝑞. (88) ⟹ 
 

   
 

�̈� = ∑
𝐶𝛼,𝑗𝑥𝑗

𝐼𝑧𝑧
𝛿𝑗

4

𝑗=1

+ ∑
−𝐶𝛼,𝑗𝑥𝑗

𝐼𝑧𝑧
𝛽

4

𝑗=1

+ ∑
−𝐶𝛼,𝑗𝑥𝑗

2

𝑣𝑥𝐼𝑧𝑧
�̇�

4

𝑗=1

 (91) 

   
Equation (91), with 𝛿3 = 𝛿4 = 0, can now also be expressed in vector form as, 

 
�̈� = [∑

−𝐶𝛼,𝑗𝑥𝑗

𝐼𝑧𝑧

4

𝑗=1

∑
−𝐶𝛼,𝑗𝑥𝑗

2

𝑣𝑥𝐼𝑧𝑧

4

𝑗=1

] [
𝛽

�̇�
] + [

𝐶𝛼,1𝑥1

𝐼𝑧𝑧

𝐶𝛼,2𝑥2

𝐼𝑧𝑧
] [

𝛿1

𝛿2
] (92) 

   
The four-wheeled single-track model is then created by joining Equations (90) and (92) into one 

single matrix expression,  

 

[
�̇�

�̈�
] =

[
 
 
 
 
 

∑
−𝐶𝛼,𝑗

𝑚𝑣𝑣𝑥

4

𝑗=1

∑
−𝐶𝛼,𝑗𝑥𝑗

𝑚𝑣𝑣𝑥
2 − 1

4

𝑗=1

∑
−𝐶𝛼,𝑗𝑥𝑗

𝐼𝑧𝑧

4

𝑗=1

∑
−𝐶𝛼,𝑗𝑥𝑗

2

𝑣𝑥𝐼𝑧𝑧

4

𝑗=1 ]
 
 
 
 
 

[
𝛽

�̇�
] +

[
 
 
 

𝐶𝛼,1

𝑚𝑣𝑣𝑥

𝐶𝛼,2

𝑚𝑣𝑣𝑥

𝐶𝛼,1𝑥1

𝐼𝑧𝑧

𝐶𝛼,2𝑥2

𝐼𝑧𝑧 ]
 
 
 

[
𝛿1

𝛿2
] (93) 

   
Before moving on, in order to get ahold of a single steering input to the system, the steering 

relationship (small angles) between the two steered front axles was used, see Figure 74 below, 

 
𝛿2 =

𝑤𝑏2

𝑤𝑏1
𝛿1 (94) 

   

 

Figure 74. Steering relationship between the two steered front axles. 
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For steady-state cornering the vehicle slip rate �̇� and the yaw angular acceleration �̈� both equals 

zero. Putting this in Equation (93) and solving for the vehicle slip angle 𝛽 and the yaw rate �̇� gives, 

 

[
0
0
] =

[
 
 
 
 
 

∑
−𝐶𝛼,𝑗

𝑚𝑣𝑣𝑥

4

𝑗=1

∑
−𝐶𝛼,𝑗𝑥𝑗

𝑚𝑣𝑣𝑥
2 − 1

4

𝑗=1

∑
−𝐶𝛼,𝑗𝑥𝑗

𝐼𝑧𝑧

4

𝑗=1

∑
−𝐶𝛼,𝑗𝑥𝑗

2

𝑣𝑥𝐼𝑧𝑧

4

𝑗=1 ]
 
 
 
 
 

[
𝛽

�̇�
] +

[
 
 
 

𝐶𝛼,1

𝑚𝑣𝑣𝑥

𝐶𝛼,2

𝑚𝑣𝑣𝑥

𝐶𝛼,1𝑥1

𝐼𝑧𝑧

𝐶𝛼,2𝑥2

𝐼𝑧𝑧 ]
 
 
 

[
𝛿1

𝛿2
] ⟹ 𝑊𝑖𝑡ℎ 𝐸𝑞. (94) ⟹  

   
 

[
𝛽

�̇�
] =

[
 
 
 
 
 
𝑚𝑣𝑣𝑥 ∑𝐶𝛼,𝑗𝑥𝑗

2

4

𝑗=1

∑−𝐶𝛼,𝑗𝑥𝑗 − 𝑚𝑣𝑣𝑥
2

4

𝑗=1

𝑚𝑣𝑣𝑥
2 ∑−𝐶𝛼,𝑗𝑥𝑗

4

𝑗=1

𝑣𝑥 ∑𝐶𝛼,𝑗

4

𝑗=1 ]
 
 
 
 
 

[

𝐶𝛼,1

𝑚𝑣𝑣𝑥

𝐶𝛼,2

𝑚𝑣𝑣𝑥

𝐶𝛼,1𝑥1 𝐶𝛼,2𝑥2

] [

𝛿1

𝑤𝑏2

𝑤𝑏1
𝛿1

]… 

(95) 

  

∙
1

∑ 𝐶𝛼,𝑗
4
𝑗=1 ∑ 𝐶𝛼,𝑗𝑥𝑗

24
𝑗=1 − (∑ 𝐶𝛼,𝑗𝑥𝑗

4
𝑗=1 )

2
− 𝑚𝑣𝑣𝑥

2 ∑ 𝐶𝛼,𝑗𝑥𝑗
4
𝑗=1

 

   
Taking a look at the handling equation of the four-wheeled vehicle, Equation (79), it is possible to 

rearrange it into the following form, 

 
δ =

𝐿12

𝑅
+ 𝐾𝑢𝑠

𝑎𝑦

𝑔
⟹  

   
 �̇�

𝛿
=

𝑣𝑥

𝐿12𝑔 + 𝐾𝑢𝑠𝑣𝑥
2 (96) 

   
Now, by extracting row number two from Equation (95) above and rewriting it into the same form as 

Equation (96), it is then possible to identify the so called equivalent wheelbase 𝐿𝑒𝑞 and understeer 

gradient 𝐾𝑢𝑠 for this more complex vehicle, 

 
𝐿𝑒𝑞 =

(∑ 𝐶𝛼,𝑗
4
𝑗=1 )(∑ 𝐶𝛼,𝑗𝑥𝑗

24
𝑗=1 ) − (∑ 𝐶𝛼,𝑗𝑥𝑗

4
𝑗=1 )

2

𝐶𝛼,1𝑥1 ∑ 𝐶𝛼,𝑗
4
𝑗=1 − 𝐶𝛼,1 ∑ 𝐶𝛼,𝑗𝑥𝑗

4
𝑗=1 −

𝐶𝛼,2𝑤𝑏2

𝑤𝑏1
∑ 𝐶𝛼,𝑗𝑥𝑗

4
𝑗=1 +

𝐶𝛼,2𝑥2𝑤𝑏2

𝑤𝑏1
∑ 𝐶𝛼,𝑗

4
𝑗=1

 (97) 

 
 

𝐾𝑢𝑠 =
−𝑚𝑣𝑔∑ 𝐶𝛼,𝑗𝑥𝑗

4
𝑗=1

𝐶𝛼,1𝑥1 ∑ 𝐶𝛼,𝑗
4
𝑗=1 − 𝐶𝛼,1 ∑ 𝐶𝛼,𝑗𝑥𝑗

4
𝑗=1 −

𝐶𝛼,2𝑤𝑏2

𝑤𝑏1
∑ 𝐶𝛼,𝑗𝑥𝑗

4
𝑗=1 +

𝐶𝛼,2𝑥2𝑤𝑏2

𝑤𝑏1
∑ 𝐶𝛼,𝑗

4
𝑗=1

 (98) 

   
Having identified these two variables, the handling equation of the four-wheeled single-track model 

can now finally be written as, 

 
𝛿1 =

𝐿𝑒𝑞

𝑅
+ 𝐾𝑢𝑠

𝑎𝑦

𝑔
 (99) 

   
an expression which can be seen is identical with the one belonging to the four-wheeled vehicle. 


	Abstract
	Sammanfattning
	Preface and Acknowledgements
	Nomenclature
	1. Introduction
	1.1 Purpose and Main Goals of the Study
	1.2 Sub-Goal Statements

	2. Patria AMV
	3. Vehicle Suspension Systems
	3.1 The Importance of Vehicle Suspension
	3.2 The Hydropneumatic Suspension System
	3.2.1 A Comparison with the Mechanical Suspension System


	4. MBS Simulation Software Adams/Car
	5. Preparations before Modeling in Adams/Car
	5.1 Estimations of Vehicle Data
	5.2 Steering Relationships
	5.3 Tire Characteristics
	5.3.1 A Brief Explanation of Tire Forces and Moments
	Normal Force ,𝑭-𝒛.
	Rolling Resistance Moment ,𝑴-𝒚.
	Tractive Force ,𝑭-𝒙.
	Lateral Force ,𝑭-𝒚. and Self-Aligning Moment ,𝑴-𝒛. - due to Slip Angle 𝜶
	Lateral Force ,𝑭-𝒚. and Self-Aligning Moment ,𝑴-𝒛. - due to Camber Angle 𝜸
	Overturning Moment ,𝑴-𝒙.

	5.3.2 Chosen Tire Model in Adams/Car

	5.4 Normal Load Distributions over the Four Axles
	Method I
	Method II
	Method III
	Method IV

	5.5 Force Equations for the Hydropneumatic Suspension System
	5.5.1 A Physical Model for the Gas Spring Force
	5.5.2 An Empirical Model for the Damping Force


	6. Modeling the Patria AMV in Adams/Car
	6.1 A Template for the Vehicle Body
	6.2 Building the Wheel Stations
	6.2.1 Implementing the Gas Spring and Damping Forces
	6.2.2 A Template for the Tires

	6.3 Building the Steering and Propulsion System

	7. Validating the Vehicle Model
	7.1 Vehicle Testing in Northern Finland
	7.2 General Data Preparations
	7.3 Static Validation
	7.4 Dynamic Validation
	7.5 Discussion of Results
	Static Validation
	Dynamic Validation


	8. Suspension Parameter Studies
	8.1 Steady-State Cornering
	8.1.1 The Influence of Load Transfer on Lateral Tire Force - due to Body Roll
	8.1.2 Results and Discussion

	8.2 Single-Lane Change
	8.2.1 Results and Discussion
	Sub-Study 1: Change of Gas Spring Stiffness
	Sub-Study 2: Change of Damper Stiffness
	Compilation of all Main Effects into a Lookup Table



	9. General Discussion and Conclusions
	References
	Appendix A
	Vehicle Data for Adams/Car

	Appendix B
	Blueprints

	Appendix C
	Pictures of Vehicle Components Made in Solid Edge ST4

	Appendix D
	Matlab Code – Optimization of Axle Loads to a Preferred Load Distribution

	Appendix E
	Results from the Dynamic Vehicle Validation

	Appendix F
	Results from the Single-Lane Change Parameter Study

	Appendix G
	The Four-Wheeled Single-Track Model


