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ABSTRACT�
�

A diesel fuel injector has been modified to allow rotation around its axis, driven 
by an electric motor. Injections at up to 6000 rpm from the rotating injector have 
been investigated under the influence of air swirl on one optical research engine 
and one optically accessible heavy-duty diesel engine. 

The experiments show that changing from a normal, static injection to a 
sweeping injection has profound effects on spray formation, dispersion and 
penetration. This influences the fuel/air-mixing, autoignition, combustion rate 
and emissions formation. The spray propagation is stronger influenced by 
injector rotation than by air swirl. 

The air entrainment into the spray increases for counter-swirl rotation of the 
injector and this speeds up the vaporization and decreases the formation of 
soot. In addition, the oxidation of soot is enhanced since the counter-swirl 
injection forces the intense fuel-rich and soot containing spray core to penetrate 
into fresh air instead of replenishing the rich regions in the head of the spray. 
Fuel accumulation along the piston bowl wall decreases as an effect of the 
reduced penetration with counter-swirl injection. Altogether, this decreases the 
smoke emissions for low and intermediate engine loads. 

For the combustion system studied, counter-swirl rotation of the injector cannot 
decrease the smoke emissions at high engine load since the reduced spray 
penetration impairs the air utilization. Fast and efficient combustion at high load 
requires spray induced flame spread out into the squish region. Spray induced 
flow of cool fresh air from the bottom of the piston bowl in towards the injector is 
also important for low soot formation rates. 

Co-swirl rotation of the injector reduces the air entrainment into the spray and 
increases the soot formation. The increased smoke and CO emissions for co-
swirl injection are also attributed to the excessively large fuel-rich regions built 
up against the piston bowl wall. 

Increased air swirl generally reduces smoke and CO emissions. This is mainly 
an effect of enhanced burnout due to more intense mixing after the end of fuel 
injection.  

Changes in smoke as an effect of injector rotation are generally accompanied 
with opposite, but relatively small, changes in NO. Fast and efficient burnout is 
important for low smoke emissions and this raises both the temperature and 
production of NO. NO production is strongly influenced by the in-cylinder 
conditions during the latter part of the mixing-controlled combustion and in the 
beginning of the burnout. 

Keywords: diesel spray combustion, rotating injector, air swirl, air/fuel-mixing, 
soot, NO, CO, flame visualization, Chemkin modeling, soot deposition 
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1.1. Motivation 

The modern society is to a great extent dependent on combustion. 90% of the 
world’s primary energy comes from combustion of fossil fuels - coal, oil and 
natural gas - according to the International Energy Agency (IEA) [1]. The 
reference scenario of the World Energy Outlook 2000 by IEA includes recent 
policies and measures to combat climate destabilization. Nonetheless, this 
scenario forecasts that CO2-emission escalate by 60 % from 1997 to 2020. 
Developing countries will account for more than two-thirds of the increase, with 
China’s new emissions matching those of the whole OECD. Emissions from 
power generation will increase by more than three-quarters and those from the 
transport sector by nearly as much. The forecast is that oil consumption will 
surge from 76 million barrels a day now to 115 million barrels a day in 2020. 

This scenario clearly prompts for more decisive action to avoid unwanted 
climate change from increasing emissions of CO2. And indeed, IEA sees 
alternative, brighter scenarios if additional measures are taken. The transport 
sector is a major consumer of fossil fuel and additional efforts to cut emissions 
from road vehicles and airplanes are very important. These include increasing 
fuel efficiency, wider use of alternative fuels, altering the shape of transport 
demand and imposing taxes on carbon-emitting fuels. Of these methods, the 
Outlook study finds improved fuel efficiency to be the most promising within the 
Kyoto time frame. A concentrated effort in the transport area could stabilize CO2 
emissions from the transport sector after 2010 but not before [1]. 

The diesel engine is well known to offer superior fuel consumption compared to 
the SI engine. It is therefore the dominating power plant for heavy-duty 
transportation needs. The market share for diesel powered passenger cars is 
increasing in Europe and more than a third of the car buyers choose diesel-
powered cars. This is positive from the point of global warming. However, 
compared to the conventional, catalyst equipped, gasoline engine, diesel 
engines emit higher level of oxides of nitrogen (NOx) and particulate matter.  

According to the Environmental Protection Agency (EPA) [2] NOx … 

…is one of the major species involved in the formation of ground-level 
ozone, which can cause serious respiratory problems. 

…reacts to form nitrate particles, acid aerosols, as well as NO2, which also 
cause respiratory problems.  

…contributes to acidification.  
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…contributes to nutrient overload that deteriorates water quality.  

…contributes to atmospheric particles that impair visibility. 

…reacts to form toxic chemicals.  

…contributes to global warming. 

Particulate matter (PM) can accumulate in the respiratory system and is 
associated with numerous adverse health effects, possibly including cancer [3]. 
PM is also the major cause of reduced visibility. Moreover, airborne particles can 
cause fouling of buildings. 

In order to improve air quality, legislation on emissions from mobile sources has 
tightened considerably over the last decade, both in the U.S. and in Europe. 
Table 1.1 shows existing and proposed legislation for heavy-duty vehicles in 
Europe. 

Table 1.1. Overview of emissions legislation for heavy-duty vehicles in Europe. 
Steady-state test procedure, limits for the transient part of the test in 
Euro 3-5 are shown in parentheses, [4,5]. 

Legislation / Year CO [g/kWh] HC [g/kWh] NOx [g/kWh] PM [g/kWh] 

Euro 0 / 1988 11.2 2.4 14.4  

Euro 1 / 1992 4.5 1.1 8.0 0.36 

Euro 2 / 1995 4.0 1.1 7.0 0.15 

Euro 3 / 2000 2.1 (5.45) 0.66 (0.78) 5.0 0.10 (0.16) 

Euro 4 / 2005 1.5 (4.0) 0.46 (0.55) 3.5 0.02 (0.03) 

Euro 5 / 2008 1.5 (4.0) 0.46 (0.55) 2.0 0.02 (0.03) 

 

It is clear that the emission limits are becoming increasingly tougher. Similar 
trends are found in the U.S. EPA recently announced very stringent emission 
standards to come in effect from 2007. For heavy-duty highway engines these 
are [4]: 

• PM - 0.014 g/kWh  

• NOx - 0.27 g/kWh  

• NMHC - 0.19 g/kWh 

Combined use of in-cylinder emissions reduction and exhaust aftertreatment is a 
must to comply with there standards. Sulphur is recognized as harmful for many 
aftertreatment devices. The diesel fuel regulation therefore limits the sulfur 
content in on-highway diesel fuel to 15 ppm (wt.) from 2006. 

As can been seen in Table 1.1, CO and HC are also regulated exhaust 
components. Carbon monoxide enters the bloodstream through the lungs and 
forms carboxyhemoglobin, a compound that inhibits the blood's capacity to carry 
oxygen to organs and tissues. Infants, elderly persons, and individuals with 
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heart and/or respiratory diseases are particularly sensitive to carbon monoxide 
poisoning. Hydrocarbons together with nitrogen oxides react in sunlight to form 
ground-level ozone, a major component of smog. A number of exhaust 
hydrocarbons are also toxic, with the potential to cause cancer [2]. 

As outlined above, exhaust emission from diesel engines is a serious problem. 
The fundamental background for the high emissions of NOx and soot from the 
diesel engine, despite an overall lean operation, is the fuel heterogeneity in the 
combustion chamber. This fuel heterogeneity stems from the procedure to 
introduce the fuel into a hot atmosphere when the piston is at top dead center 
(TDC). Diesel fuel autoignites readily when heated and the mixing between fuel 
and air is thus very limited before combustion sets in. This creates a mixing-
controlled combustion situation with very hot combustion zones were the fuel 
and oxygen meet. The production of NOx is favored here. Fuel rich regions are 
encountered in the central parts of the reacting fuel spray and these promote the 
formation of soot. Professor Hans-Erik Ångström proposed a unique way to 
avoid excessive fuel accumulation in the central parts of the spray: introduce the 
fuel with a sweeping motion of the discharge hole. This is most conveniently 
achieved with rotation of the whole injector. This invention is the foundation for 
this investigation of spray formation, combustion and emissions formation in the 
DI diesel engine. 

1.2. Objectives / Approaches 

The objectives of this study are to: 

a) Show the fundamental nature of spray formation and penetration for 
sweeping injection with a rotating DI diesel injector. This is done in two 
optical studies: one very simple atmospheric setup and one more 
sophisticated study in an optical engine. 

b) Demonstrate the emission reduction potential with the rotating injector. 
This is done experimentally with a heavy-duty diesel engine where 
injector rotation is enabled for one of the cylinders. 

c) Clarify the different influences from rotating injector and from air swirl on 
spray development. This is done in a modeling study coupled to the 
results from the optical engine. 

d) Clarify the different influences from rotating injector and from air swirl on 
combustion and emissions formation. This is done experimentally where 
emissions and heat-release rates are recorded for different operating 
conditions, injector speeds and air swirl levels. These data are compared 
with flame imaging of the combustion event. 

e) Provide a better understanding of DI diesel combustion processes under 
the influence of air swirl. The approach is similar to d) but CFD modeling 
provides further in-sights. 
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����� Outline of the thesis�

The thesis consists of twelve chapters, with not previously published results. In 
addition, four SAE-papers and an internal report contribute to the whole picture. 
The motivated reader is encouraged to read the thesis in the following order: 

a) Chapter 1 to 3 as an introduction to this piece of research and to get 
acquainted with the characteristics of the heavy-duty engine which was 
used extensively in this work. It is recommended to browse through 
Appendix C which shows the injection characteristics of the injection 
system used for the heavy-duty engine tests. 

b) Chapter 4 and 5 together with Appendix B and the optical study found in 
Appendix E convey the fundamentals of spray formation and penetration, 
both for a normal static injector and for the rotating injector. The 
difference between air swirl and rotating injector is clarified. 

c) Chapter 6 and 7 provide insight into combustion and emission formation 
as well as different in-cylinder strategies to reduce the production of soot 
and NOx. 

d) Appendix A and Chapter 8 together describe the optical setup on the 
heavy-duty engine and the influence of injector rotation and air swirl on 
combustion and emissions formation at a low engine load. Spray/wall 
interaction and the action of reverse-squish are demonstrated. 

e) Chapter 9 treats combustion and emissions formation under the influence 
of injector rotation for different boost and air swirl levels at an 
intermediate load which appears to be a less optimized load point. 

f) Chapter 10 exemplifies a well-optimized load point where injector rotation 
cannot improve the combustion for the nominal air swirl level. This 
chapter includes result from CFD-modeling which shows the well 
functioning fluid dynamics of the combustion system at this load point. 

g) Chapter 11 shows the characteristics of soot deposition onto combustion 
chamber surfaces. A phenomenon which might contribute to the exhaust 
emissions, depending on the soot removal mechanisms involved. 

h) Appendices D and E provide more experimental result from the heavy-
duty engine. 

i) Chapter 12 summarizes main findings. 

����� References�

1. International Energy Agency, www.iea.org 

2. United States Environmental Protection Agency, www.epa.gov 

3. Health Effect Institute, www.healtheffects.org 

4. DieselNet, www.dieselnet.com 

5. S.P. Edwards, G.R. Fränkle, K. Binder, F. Wirbeleit, “Strategic Analysis of 
Technologies for Future Truck Engines”, SAE paper 2000-01-3458. 

http://www.iea.org/
http://www.epa.gov/
http://www.healtheffects.org/
http://www.dieselnet.com/
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2.1. Understanding of DI diesel combustion 

The diesel spray combustion processes are exceedingly complex. Nonetheless, 
systematic exploration of the involved mechanisms has in recent years revealed 
that diesel spray combustion is a time sequence of interrelated events. Those 
include: 

• Fuel discharge. 

• Spray formation. 

• Air entrainment. 

• Vaporization. 

• Autoignition. 

• Premixed combustion. 

• Mixing controlled combustion (governed by the spray induced 
turbulence). 

• Burn out (governed by air swirl, reverse squish flow and remaining fluid 
motion from the injection process). 

The two major mechanisms for soot-precursor formation are: 

• The distributed rich combustion at the time of autoignition (the premixed 
burn). 

• The rich premixed “standing” reaction zone. 

This is illustrated with help of the conceptual model by Dec [1] as shown in 
Figure 2.1 and 2.2. 
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4.5� aSOI 

  

5.0� aSOI

 

  

6.0� aSOI 

 
��������	
 Temporal sequence of autoignition and the premixed combustion 

phase according to the conceptual model of Dec [1]. 

 
��������	� Quasi-steady combustion phase according to the conceptual 

model of Dec [1]. 
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The primary soot particles formed inside the “spray” undergo growth in a 
complex manner before most of them are combusted in the diffusion flame 
interface surrounding the fuel containing central part of the reacting jet. The 
longer time for growth, the larger the particle [2]. And indeed, the largest soot 
particles are found in the head of the penetrating jet [1]. As the size of the 
particle increases with time, so does the chance for its survival throughout the 
expansion stroke. 

Thermal NO dominates the NOx production in the DI Diesel Engine. According to 
Dec’s conceptual model NO is formed on the lean side of the diffusion flame 
where high temperature and oxygen are present simultaneously. 

2.2. Formation of hypothesis  

The initial idea with the rotating injector was to avoid forming large, excessively 
rich regions by employing sweeping injection instead of injecting all fuel in the 
same direction. Based on the author’s understanding of DI diesel combustion, 
four part-hypotheses were formed in the initial stage of the investigation of the 
rotating injector: 

Influence of injector rotation or increased air swirl on Smoke and CO: 

1. The counter-swirl rotating injector is effective at reducing the soot 
(smoke) emissions since the sweeping injection enhances the air 
entrainment into the spray. This lowers the fuel/air-equivalence ratio, both 
in the rich autoigniting combustion volume and in the premixed standing 
reaction zone downstream of the liquid core during the mixing controlled 
combustion phase. Consequently, the formation of soot-precursors 
decreases. Also the soot particle growth will be counteracted since the 
soot formed in the rich reaction zones moves radially outwards into 
“fresh” air and oxidizes promptly at contact with oxygen. However, the 
reduced penetration can lead to problems with air utilization, thus 
increasing the soot and CO emissions for excessive injector speed. 
Moreover, spray-to-spray interaction at high injector speed can also lead 
to deteriorating combustion. 

2. Increased air-swirl decreases the smoke emissions. The increased air 
swirl enhances the air entrainment into the spray and speeds up the main 
combustion to some extent. However, the main reason for the lower 
smoke level is the faster burnout thanks to the more intense bulk mixing 
after the end of injection. 

Influence of injector rotation or increased air swirl on NO: 

3. The NO-formation rate is very temperature sensitive [3]. However, the 
formation does not occur instantly since it is a kinetically controlled 
process. Thus, changes in peak temperature and residence time at peak 
temperature will determine the changes in NO-level. Influence on NO-
production can be anticipated together with changes in heat-release rate, 
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i.e. faster combustion with higher peak pressure would lead to increased 
NO-emissions.  

4. Increased air swirl level mainly affects the burnout and is not expected to 
influence the NOx-emission considerably. 

These four part-hypotheses together form a framework for the investigation. 
They will be evaluated in the end of the investigation and, depending on the 
experimental result, possibly be reformulated. 

�	�	� References�

1. J.E. Dec, “A Conceptual Model of DI Diesel Combustion Based on Laser-
Sheet Imaging”, SAE paper 970873. 

2. H. Fujimoto, K. Kurata, G. Asai, J. Senda, “OH Radical Generation and Soot 
Formation/Oxidation in DI Diesel Engine”, SAE paper 982630. 

3. J.B. Heywood, “Internal Combustion Engine Fundamentals”, McGraw-Hill, 
ISBN 0-07-100499-8. 
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3.1. Engine layout 

The engine is shown in Figure 3.1. It is a 6-cylinder in-line 4-stroke turbocharged 
engine. It does not utilize exhaust gas recirculation and the gas flow through this 
turbocharged system therefore becomes straightforward as the right image of 
Figure 3.1 shows. The main specifications are given in Table 3.1 

  
Figure 3.1 Left: The engine in the test stand coupled to the dynamometer. 

Right: Gas management with turbocharger and intercooler. 

 

Table 3.1   Engine specifications. 
_______________________________________________________________ 
Model:       Scania DSC12-01  
Type:        6-cylinder in-line, Directly injected, Turbocharged 
Valves:        4 per cylinder (2 inlet, 2 exhaust)  
Bore:        127 mm   
Stroke:        154 mm 
Connecting rod length:  255 mm   
Swept volume:      11.7 L  
Compression Ratio:   18:1 
Nominal power:     294 kW at 1800-1900 rpm 
Combustion system:   Central re-entrant bowl in piston  
Nominal air swirl ratio:   1.7  
Valve actuation:    Under head cam and pushrod/rocker assembly 
Weight:       1150kg (excl. water and oil) 
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3.2. Combustion chamber 

Combustion and emissions formation is the main topic of this thesis. The 
combustion chamber is therefore of outmost importance. It comprises two 
volumes, the piston bowl and the cylindrical volume above the piston “squish 
plane”. The latter volume changes with the piston motion. Figure 3.2 shows 
photos of piston and the combustion chamber with the cylinder head removed. 
(The rusty appearance is due to a water leakage.) 

  

Figure 3.2 Left: The piston with steel crown and aluminum skirt. 
Right: The piston mounted in the cylinder. 

Figure 3.3 shows the combustion chamber in cross-section for two piston 
positions, 8 and 24° from Top Dead Center (fTDC). Schematic sprays are 
included to show how the spray-targeting relative the piston bowl changes with 
piston movement. 

 

 
Figure 3.3 Upper: The piston 2 mm from the cylinder head at 8° fTDC. 

Lower: The piston 9.6 mm from the cylinder head at 24° fTDC. 



THE HEAVY-DUTY DI DIESEL ENGINE    

 

11

It is obvious that the distribution of volume changes with piston movement. This 
is important to consider when matching the spray to the combustion chamber. At 
full load, the injection continues to around 24° after Top Dead Center (aTDC). 
As we shall see examples of later, radial penetration of the spray and the flames 
is often considered when analyzing the combustion system. It can then be 
beneficial to know how much volume that specific radius represents for a given 
crank angle position. As shown in Figure 3.3, the volume in the, at TDC narrow, 
squish region increases as the piston descends. This is quantified in Figure 3.4. 
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Figure 3.4 Combustion chamber volume distribution over radius for different 
piston positions. 

At TDC the function resembles the piston bowl shape but as the piston 
descends the function approaches a straight line representative of a cylinder. It 
can be read out that at close to TDC, the most “valuable” radius is around 
37mm. But at 90° from Top Dead Center (fTDC) most volume per radius is 
found by the cylinder liner. A perhaps more comprehensible representation of 
how the volume is redistributed as the piston moves is presented in Figure 3.5 
where the total combustion chamber volume is divided into two parts. The first 
including the bowl and the volume above. The second volume is located in the 
squish region at radius above 40mm. 

Only 8% of the volume is located in the squish region at TDC. But the fraction 
increases rapidly as the piston descends and by 24° fTDC 35% of the volume is 
located in the squish region, by 48° fTDC 50%. For good utilization of the air, 
flame spread into the squish region appears important. 
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Figure 3.5 Bowl and squish region volume distribution as functions of crank 

angle. Percentage volume in the squish region is also plotted. 

3.3. Injection system 

The engine is equipped with an in-line fuel injection pump that rotates with the 
same speed as the camshaft, i.e. half of the crankshaft speed. Each injector is 
fed from its own plunger that drives the fuel through the high-pressure line to the 
injector. An exterior view is shown in Figure 3.6. 

 
Figure 3.6 In-line high-pressure fuel injection pump mounted on the engine. 

The amount of fuel injected is determined by the angular position of the pumping 
element, the plunger, as Figure 3.7 illustrates. 
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            A            B               C 

Figure 3.# Fuel delivery control using a toothed rack. A => zero delivery, B => 
partial delivery, C => Maximum delivery. 1 – Pump barrel, 2 – Inlet 
port, 3 – Pump plunger, 4 – Helix, 5 - Control rack, Robert Bosch 
GmbH [1]. 

The start of injection cannot be influenced “on the fly” while the engine is running 
since the start of the plunger pump stroke is fixed. It can be adjusted 
mechanically when the engine is stopped however. The start of injection shifts 
slightly to later crank angles as the engine speed increases since there is a time 
delay from the start of the pumping stroke until the injector cracks open. This 
delay is influenced by several factors: the length of the fuel line and pulse 
propagation speed in the fuel line being among the most important. To reduce 
cavitation and to improve the hydraulic stability a constant pressure valve 
located above the plunger maintains a pressure of about 100 bar between 
injections [1]. The valve is illustrated in the left image of Figure 3.8. The nozzle 
is a closed nozzle with cylindrical hole sack as shown in the right image of 
Figure 3.8. The use of hole sack keeps the hole-to-hole variation low but causes 
more fuel dribble after the end of injection compared to VCO-nozzles (valve 
covered orifice) [2]. 

        

Figure 3.8 Left: Constant-pressure valve. Right: Sac-hole nozzle. Robert 
Bosch GmbH [1]. 
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Table 3.2  Fuel injection system specifications 
_______________________________________________________________ 
Injection system:   Pump-Line-Nozzle 
Injection pump:    Bosch in-line pump with GDV-valve 
Injector:      Bosch KDEL109 P 62 
Nozzle type:      Hole-type with cylindrical hole sack, DLLA 147 P538  
Injection holes:     8 x 0.22 mm, spark eroded 
Spray direction:    16.5° from horizontal 
Opening pressure:   280 bar 
�����
������     1.9 L/min @ 100 bar 

3.4. The rotating injector installation / emissions sampling. 

The installation of the rotating injector on the Scania DSC12-01 engine is 
described in Appendices A, B, C, D & E and will not be repeated here. The 
effects of the fuel-line swivel on the injection rate are described in Appendix C.  

The emissions sampling from the affected cylinder is accomplished with a probe 
inserted into the exhaust port of that cylinder. This is illustrated in Figure 9E 
(where E refers to appendix E). Sampling from the port is a simple way to 
extract exhaust gases from the cylinder of interest. It was shown in Appendix E 
that the entrainment of gases from the neighboring cylinder is negligible. 
However, there are at least two error sources: First, iso-kinetic sampling of soot 
particles is not realized and this likely overestimates the smoke number. 
Second, sample biasing occurs because the cylinder content is not perfectly 
homogenous at the time of exhaust valve open. However, this can be corrected 
for since we know that the combustion efficiency is close to 100%. Thus, 
significant changes in CO2-production shall not be expected within an injector 
speed sweep (or for changes in air swirl) as long as HC- and CO-levels are 
reasonably low. The observed changes in CO2 and O2 (up to ± 10% was 
observed for CO2) can be used to correct the emissions of CO, NO and Smoke. 
The assumption is then that all emissions are affected by the same sample 
biasing. This correction was done for the emissions data presented in chapter 8, 
9 and 10 and in Appendix A. 

3.5. Engine characteristics 

The nominal full load torque curve is shown in Figure 3.9. It is evident that this 
engine has a lot of low rpm torque. Around 1800 Nm is obtained between 1000 
and 1500 rpm. Also the power output exhibits a plateau with around 290 kW 
between 1500 and 1900 rpm. Most of the work on the rotating injector has been 
performed at 1000 and 1200 rpm for two reasons: First, the rotating injector has 
mechanical and tribological constrains which limits the maximum sustainable 
speed capability. Thus, the engine tests have generally been limited to injector 
speeds below 5000 - 6000rpm. Given the nominal air swirl ratio of the engine, 
1.7, it was felt reasonable to conduct the experiments at 1000 – 1200 rpm so 
that the injector could rotate as fast as the in-cylinder air at TDC. The average 
rotational speed of the air in the piston bowl close to TDC is approximately 
3000rpm for an engine speed of 1000 rpm [3]. Second, this engine generally 
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exhibits the highest smoke numbers for low engine speed. This is likely coupled 
to the lower injection pressure at low engine speed. In any case, it was felt that 
the soot reducing potential was highest for low engine speeds. Confirmation on 
this was later gained from tests at higher engine speed as reported in Appendix 
D. 

0

250

500

750

1000

1250

1500

1750

2000

500 1000 1500 2000 2500
$������	�����
����

$
�
�
��
��
��
� 
�
��

%
�
�

0

50

100

150

200

250

300

350

400


�
&
��
�

�'

�

Torque Power

 
Figure 3.9 Full load torque and power vs. engine speed. 
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Figure 3.10 Measured exhaust NO, CO and Smoke as functions of indicated 

mean effective pressure. Engine speed 1200 rpm. The emissions 
are sampled from one of the cylinders as illustrated in Figure 9E. 
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Figure 3.10 shows how the emissions of NO, CO and Smoke changes with 
indicated mean effective pressure at an engine speed of 1200 rpm. Initially all 
emission concentrations increase with load up to approximately 12 bar imep. 
The NO-concentration thereafter levels out and stays around 900 ppm from 12 
to 20 bar imep. However, the smoke level exhibits a maximum around 12 bar 
imep where after it decreases with increasing load. A local minimum is found at 
19 bar imep where after the smoke level starts to increase again. Also CO 
shows a maximum around 13 bar imep. This behavior might appear a little 
peculiar since one might expect CO and smoke to increase monotonically with 
load [4]. The situation is however complicated by two factors, namely the 
turbocharger boost and the injection rate shape. Figure 3.11 shows how the 
concentrations of CO2 and O2 change with indicated mean effective pressure. 
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Figure 3.11 Measured exhaust CO2 and O2 as functions of indicated mean 
effective pressure. Engine speed 1200 rpm. 

As expected, an increase in CO2 corresponds to a decrease in O2. What is 
interesting to note however, is that the CO2 increases slower and slower as the 
load increases. This is caused by the increasing boost pressure. Figure 3.12 
shows this together with the fuel/air-equivalence ratio. It is clear that the 
turbocharger responds to the increasing fuel loading and counteracts the 
increase in fuel/air equivalence ratio. This can partly explain why the smoke and 
CO do not increase that much with increasing load. To explain why the smoke in 
fact decreases between 12 and 19 bar imep we have to consider the spray 
penetration and injection rate. Figure 3.12 shows that the boost pressure 
increases 105% when going from 3 to 20 bar imep. This will surely influence the 
spray penetration and flame spread in the combustion chamber. Naber and 
Siebers investigated spray penetration [5]. In one specific experiment with 
vaporizing sprays in hot (1000 K) ambient conditions, they increased the air 
density 105% from 28.6 to 58.6 kg/m3. For example, this decreased the spray 
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penetration from 62 to 50 mm 1 ms after start of injection. Similar effect has 
been observed in the heavy-duty engine. It can be suspected that the sprays are 
“overpenetrating” for the intermediate engine loads when the boost pressure is 
low. Furthermore, as shown in Appendix C, the injection rate increases 
throughout the injection event. This is exemplified in Figure 3.13 which shows 
measured injection rate for two engine loads at 1200 rpm. 
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Figure 3.12 Measured absolute inlet pressure and calculated fuel/air 

equivalence ratio as functions of indicated mean effective pressure. 
Engine speed 1200 rpm. 
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Figure 3.13 Measured injection rate for an engine speed of 1200 rpm. 100 and 

200 mg injected fuel equivalent to approximately 10 and 20 bar 
indicated mean effective pressure. 
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The injection rate is initially similar for the two cases. This is what we should 
expect from a pump barrel design shown in Figure 3.7. The start of injection and 
the initial rate does not change with increasing amount of fuel delivered. What 
do change however, is the end of the injection and the maximum injection rate. 
The cam profile in the pump obviously increases the speed of the plunger during 
the stroke, causing the injection rate to increase with time. It can be interesting 
to note that both the delivered amount of fuel momentum and the total kinetic 
energy of the fuel increase faster than the delivered amount of fuel. Doubling the 
amount of fuel injected, as in Figure 3.13, increases the total delivered fuel 
momentum by 130% and the kinetic energy by 170%! These estimates were 
calculated from the data presented in Figure 3.13 using (Eq. 1) and (Eq. 2): 

)(~)()(~ 2 ������� ��� ⋅                   (Eq. 1) 

where �� is momentum flow, )(���  is injection rate and  !	" is the fuel exit 
velocity. 

)(~)()(~ 32 ������� �� ⋅                   (Eq. 2) 

where # is the kinetic energy delivery rate, or “power” in other words. 

This increase in both momentum and kinetic energy is important to recognize 
since it will increase the mixing rate of the in-cylinder content. And given that the 
“mixing energy” is used to mix fuel with oxygen (as opposed to mixing fuel with 
combustion products), the mixing rate will determine the combustion intensity 
[6]. Figure 3.14 shows how the maximum injection pressure changes with 
engine load. 
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Figure 3.14 From injection- and cylinder-pressure estimated maximum 

pressure drop over injection orifice. Calculated maximum mixing 
controlled heat release rate. 1200 rpm. 
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It is clear that the maximum injection pressure drop increases with load. Also 
shown in Figure 3.14 is the maximum heat-release rate during the mixing 
controlled combustion phase. There appears to be a coupling between the 
injection pressure and the combustion intensity. No data points for the mixing 
controlled heat-release rate are given for lower loads than 6.5 bar imep. This is 
because no local maximum is found during the mixing controlled combustion 
phase for the lowest loads. Figure 3.15 exemplifies how the heat-release 
changes with load. 
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Figure 3.15 Calculated heat release rate for indicated mean effective pressure 
of 2.9, 9.7 and 18.9 bar. 1200 rpm. 

At low loads, the heat-release rate is dominated by the premixed peak followed 
by a long “burn-out tail” whereas at high load the premixed peak is small and 
most of the heat is released during the “mixing controlled” combustion phase. 
Figure 3.12 showed how the fuel/air-equivalence ratio increased with load. Quite 
naturally, higher fuel/air-equivalence ratio requires more complete utilization of 
the in-cylinder air. Bulk mixing of the cylinder content is required to mix the 
remaining fuel with the remaining oxygen and this causes the burnout to have 
longer duration for higher loads, despite the higher momentum delivered by the 
more forceful injection. This causes the angle for 90% burned to shift towards 
later crank angle for increasing load as Figure 3.16 displays. 
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Figure 3.16 Calculated angle for 50 and 90% burned fuel. 1200 rpm. 
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4. SPRAY FORMATION AND DEVELOPMENT 
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4.1. Fuel discharge 

DI diesel combustion is totally dependent on the injection process that creates 
fuel jets which penetrate across the combustion chamber and mix with air. The 
high fuel pressure is obtained by the use of a fuel injection pump. There are 
different types of pumps. In this work, an in-line pump was used since it offered 
the possibility to mount a swivel on the high-pressure fuel line. This facilitated 
fuel flow into the rotating injector. The principle of operation for the in-line pump 
was described in Chapter 3. The fuel line swivel and its effects on the injection 
rate are described in Appendix C. 

The nozzle used is of closed type where a needle seals of the combustion 
chamber gases between injections. Details of the nozzle tip with cylindrical sac 
hole are displayed in Figure 4.1. 

 

Figure 4.1 Detailed view of the injector tip of a nozzle with cylindrical sac hole. 
1 – Shoulder, 2 – Seat entrance, 3 – Needle seat, 4 – Needle tip, 
5 - Injection orifice, 6 – Injection orifice entrance, 7 – Sac hole, 8 -
Throat radius, 9 – Nozzle-tip cone, 10 – Nozzle body seat, 11 – 
Damping cone, Robert Bosch GmbH [1]. 

The nozzle in Figure 4.1 is illustrated with only one hole visible. 5 – 8 holes are 
commonly used in DI diesel engines. The needle is pressed against the nozzle 
body seat by a spring. The pretension of the spring is adjusted so that a suitable 
opening pressure is obtained. In the heavy-duty engine, this opening pressure 
was 280 bar. During needle opening and closing, significant pressure drop 
occurs over the needle seat. However, for a fully lifted needle, most of the 
pressure drop is over the discharge holes [2]. The Bernoulli equation then 
determines the maximum possible fuel discharge velocity: 
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I

�
�

ρ
2

max

⋅∆=              (Eq. 1) 

where ∆� is the pressure drop over the hole and ρI is the density of the fuel. This 
velocity is not obtained in practice however. Some head losses occur due to 
viscosity and non-optimal flow field. The discharge velocity, vo can be related to 
vmax by a coefficient as shown in (Eq. 2): 

max���
YR
⋅=              (Eq. 2) 

The injection mass flow rate can be calculated using 

IKROHDY ����� ρ⋅⋅⋅⋅= max�           (Eq. 3) 

where Ahole is the minimum cross section area of the discharge hole and Ca is 
the area contraction coefficient. This area contraction is caused by cavitation 
and “hydraulic flip“ inside the hole which reduces the effective fuel flow area. Cv 
and Ca are usually not measured and this is a shortcoming since they are 
needed to describe the exit conditions for the fuel. What is commonly measured 
however is the discharge coefficient, Cd. It relates to Cv and Ca by (Eq. 4) [3]. 

DYG
��� ⋅=              (Eq. 4) 

To which extent cavitation occurs varies and is dependent on nozzle geometry. 
For example sharp discharge hole inlet causes more cavitation than rounded 
inlet. Cavitation tends to increase with injection pressure drop and decreasing 
combustion chamber pressure [4]. This is also indicated in the work by Siebers 
[3] as Cv increased and Ca decreased with increasing pressure drop. This is 
illustrated in Figure 4.2. 

 
Figure 4.2 Orifice discharge, area-contraction, and velocity coefficients versus 

injection pressure for a 267µm diameter orifice with an l/d of 8.0, 
Siebers [3]. 
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Figure 4.2 indicates that if only Cd is measured and either Cv or Ca is assumed 
to be unity, considerable error in the estimated spray momentum flux can occur. 

As an effect of the turbulent conditions inside the nozzle, the fuel flow has 
started to disintegrate already in the hole exit plane [4,5,6]. As the fuel flows out 
into the ambient air, the strong velocity gradient between the fuel and the 
surrounding air induces shear forces that breaks up the fuel into droplets [7]. 
The final size droplet distribution is a result of balance between further droplet 
breakup due to aerodynamic forces and collisions and coalescence between 
droplets [8]. To characterize the spray, the Sauter mean diameter is often sited. 
It is the diameter of the droplet that has the same surface/volume ratio as that of 
the total spray. The Sauter mean diameter is dependent on nozzle geometry, 
pressure drop, ambient gas density, fuel viscosity and surface tension. Typical 
value for the Sauter mean diameter is 30 to 40 µm. 

4.2. Air entrainment / Penetration / Vaporization 

The perhaps most studied feature of the fuel spray is the penetration. It is 
important to match the spray to the combustion chamber geometry as discussed 
in Chapter 3. Too short penetration deteriorates the air utilization. 
Overpenetration and spray impingement can lead to detrimental effects on 
emissions and soot contamination of the lubrication oil [8,9]. 

Close to the nozzle, the spray is dominated by the fuel and the spray tip 
penetrates with a velocity close to the fuel exit velocity, v0. However, the action 
of turbulent mixing causes the spray cross-section to increase and the spray tip 
penetration is governed by the entrained gas after some distance. The basic 
nature of turbulent mixing is illustrated in Figure 4.3, though at much lower 
Reynolds number than for normal diesel sprays. 

 

Figure 4.3 Turbulent jet issuing into a quiescent reservoir. The flow 
visualization technique makes visible the jet fluid in a plane 
containing the jet centerline, Turns [10]. 

At the higher Reynolds number encountered in diesel sprays the smallest eddies 
are much smaller than shown in Figure 4.3. This makes the interior more 
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homogenous. One example of a non-vaporizing spray appearance is shown in 
Figure 4.4. 

 
Figure 4.4 Non-evaporating spray, ultraviolet illumination from behind. Ta = 

298 K, ρa = 16.6 kg/m3, ∆p = 885 bar, t = 1.56, d0 = 0.21mm, Zhang 
et al. [11]. 

The structure of the spray is quite clear from Figure 4.4. The fuel issuing from 
the nozzle creates an intense spray core. The shear forces on the spray create 
vortices and a quite inhomogeneous spray periphery. Each fluid parcel that 
comes flowing in the interior of the jet and meets the surrounding gas at the 
spray tip slows down and is pushed aside by fluid from behind. This aspect of 
the penetrating fuel jet is nicely illustrated in the work by Schmalzing 
	���� [12]. 
They developed a spray model and the schematic is shown in Figure 4.5. 
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Figure 4.5 Schematic liquid and vapor spray penetration obtained from 

contributions of the different spray parcels, Schmalzing et al. [12]. 

I can be seen that the spray penetration is the envelope of all individual spray 
parcels’ penetration curves. Support for this model is found in the work by 
Winklhofer 
	�����[13] who investigated sprays with a line camera. Their images 
clearly show that the fuel parcels inside the spray move faster than the spray tip 
itself. This means that fuel from the spray core “bulges out” in the head of the 
spray while pushing “older” fuel parcels aside. This causes a stretching of the 
spray tip. And indeed, the flame radiation from the spray tip has been observed 
to be weak [14]. This could be an effect of local flame extinction due to 
excessive stretch and intense turbulence [15]. This is illustrated in Figure 4.6. 
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Figure 4.6 Left image shows example of local flame extinction in the head of 
early penetrating diesel sprays due to excessive flame stretching, 
Schwarz et al. [14]. Right image shows burner setup for 
investigating diffusion flames under different strain rates, Warnatz 
et al. [15]. 

Naber and Siebers investigated the effects of gas density and vaporization on 
the penetration and dispersion of diesel sprays [16]. The lines in Figure 4.7 
exemplify how the non-vaporizing sprays penetrate for different air densities. 

 
Figure 4.7 Penetration versus time for vaporizing (the symbols) and non-

vaporizing sprays (the lines). Orifice diameter 0.257 mm, pressure 
drop 1370 bar, ambient temperature 1000 K, Naber et al. [16]. 

It is interesting to see the strong influence of density on the spray tip 
penetration. When the fuel jet is issuing into hot atmosphere the fuel droplets 
begin to vaporize as they are heated by the entrained hot gases. The 
vaporization of the fuel requires energy in the form of heat. This energy is 
supplied from the hot surrounding gases by the air entrainment into the spray. 
The vaporization cools the interior of the spray and this causes the entrained 
gases to contract. As a result, vaporizing sprays have smaller cone angles than 
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non-vaporizing sprays. The effect of vaporization on penetration is most 
pronounced at low ambient densities as a comparison between the lines and 
symbols in Figure 4.7 shows.  

Droplet vaporization has been investigated in detail by several researchers 
[8,10,15,17,18,19,20]. Droplet vaporization is essential for diesel combustion. 
However, modern fuel injection systems produce small droplets with large 
surface/volume ratio. Siebers [21] investigated liquid penetration in diesel sprays 
and found that the vaporization is limited by air entrainment into the spray and 
turbulent mixing within the spray rather than individual droplet vaporization. We 
shall therefore not further consider droplet vaporization here. From the result of 
Siebers’ [21] study we can note that: 

a) The liquid length is directly proportional to the orifice diameter. 

b) Injection pressure has no significant effect on liquid length. 

c) Increasing ambient temperature and/or density decreases the liquid length. 

d) The liquid length decreases with increasing fuel temperature. 

Furthermore, Naber and Siebers [16] developed a non-dimensional spray 
penetration correlation which take the following parameters into account: Fuel 
exit velocity, spray exit diameter, fuel density, ambient gas density and spray 
spreading angle. By considering fuel mass and overall momentum balance, the 
spray penetration correlation made it possible to condense data from a wide 
range of conditions into a single graph showing non-dimensional penetration 
versus time. This is illustrated in Figure 4.8. 
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Figure 4.8 Non-vaporizing penetration data (the symbols) versus time in 

dimensionless coordinates compared to the spray penetration 
correlation (the solid line), Naber et al. [16]. 

It can be observed that the spray penetration for all cases first increases linearly 
with time (constant velocity) and then proportional to the square root of the time 
from start of injection. Around a non-dimensional time of 1 the transition from 
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linear to square root dependence occurs. This means that the spray changes 
from being dominated by the fuel to being dominated by the entrained ambient 
gas. And as Figure 4.7 shows, this transition occurs closer to the nozzle for 
increasing ambient density. 

����� Surrounding flow field�

As indicated in Figure 4.4, the shear forces between the high-velocity spray and 
the ambient air cause eddies to develop. As a consequence of this, air is 
entrained into the jet by “roll-up” of the eddies [15,22]. The entrained air now 
moves with the jet and has to be replaced by new air. This drives a flow from the 
outer parts of the combustion chamber and the spray tip region towards the 
injector and the spray periphery as illustrated in Figure 4.9. 

 
Figure 4.9 Vector plots for non-vaporizing sprays. Ambient temperature = 

293 K, Injection pressure = 1448 bar, 6-hole nozzle, orifice 
diameter 0.158mm, Rhim et al. [23]. 

It is here relevant to reflect about what is actually entrained into the spray. For a 
6-hole nozzle like in Figure 4.9, it appears to be “fresh air”. But if the holes are 
spaced closer together for a nozzle with larger number of holes, or if the sprays 
start to overlap as has been observed in this work with the rotating injector, what 
is then entrained? Moreover, the combustion of diesel causes combustion 
products to spread in the combustion chamber. We should therefore expect that 
towards the end of long injections at high load, the entrained gases contain 
more and more hot combustion products. 

����� Mixture strength�

The ultimate goal for the fuel injection process is to mix fuel and air so that the 
combustion can go to completion within the available time frame. What fuel/air 
equivalence ratio can we expect in the different regions of the spray? This was 
investigated by Zhang et al. [11]. They used the fact that light attenuation in the 
fuel varies with wavelength of the light and is dependent on the aggregational 
state of the fuel (liquid or vapor). An example of fuel/air equivalence distribution 
is shown in Figure 4.10. 
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Figure 4.10 Fuel/air equivalence ratio of vapor and liquid phase fuel 

(Dimethylnaphtalene). Ta = 833 K, ρa = 16.6 kg/m3, ∆p = 859 bar, 
t = 0.74, d0 = 0.21mm, Zhang et al. [11]. 

It is interesting to see how a sheet of fuel vapor surrounds the liquid phase fuel. 
The richest regions are clearly encountered in the central parts of the spray 
close to the nozzle. It should be noted here that the ambient gas temperature is 
rather low. This in combination with the use of dimethylnaphtalene makes the 
liquid length quite long. In DI diesel engines for heavy-duty trucks, the liquid 
length is typically between 15 and 40 mm [3,25,26]. 

Figure 4.10 can be coupled to the initial motive for the rotating injector. Would 
not the fuel/air mixing benefit from a sweeping injection that forces the rich spray 
core to penetrate into fresh air? As it seems for a stationary spray, a large 
portion of the kinetic energy put into the fuel is dissipated in the interior of the 
spray, helping the fuel/air mixing very little. 
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 5.  MODELING SPRAY PENETRATION 
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5.1. Development of a spray model 

Why bother to rotate the injector when it is much easier to rotate the air? At a 
glance, fuel distribution must simply be a result of the difference in rotational 
speed between the injector and the air. But this is NOT the case! The main 
objective of this modeling study is to illustrate the fundamental differences 
between sweeping injection and air swirl. 

Naber and Siebers have developed an idealized spray model [1]. It is based on 
integral control surface techniques and assumes the following: 

a) A uniform velocity profile 

b) A constant injection velocity 

c) No velocity slip between the fuel and the entrained air. 

d) Quasisteady flow with a constant cone angle. 

Assumption c) combined with conservation of mass and momentum leads up to 
the following expression for the local flow velocity in the spray, which can be 
interpreted as the penetration speed: 
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    (Eq. 1) 

where U(x) = local flow velocity, or penetration speed [m/s] 
  Uf(x) = fuel exit velocity [m/s] 
  Af(0) = fuel area at nozzle exit [m2] 
 A(x) = local cross sectional area of the spray [m2] (calculated from the 

penetration distance and the cone angle) 
  ρf = fuel density [kg/m3] 
  ρa = ambient air density [kg/m3] 
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Naber and Siebers showed that this model accurately reproduces experimental 
data over a wide range of conditions. Extending this spray model to account for 
swirling air might be possible but it was beyond the scope of this brief modeling 
study. One simple way of modeling the spray penetration in a (2-D) plane is to 
assume the spray tip to consist of only one (large) droplet. The ballistic pathway 
of this droplet is then determined solely by the drag force vector: 
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⋅⋅= ρ�
       (Eq. 2) 

where Cw = drag force coefficient [-] 
A(x,y) = local droplet cross sectional area [m2] 

  Urel(x) = local droplet velocity through the air [m/s]  

Assuming the diameter and droplet mass to be constant (Cw⋅Adroplet/mdroplet= 3.2 
m2/kg) results in penetration characteristics according to Figure 5.1. 
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Acc = -U^2 (Eq. 2)

Naber/Siebers (Eq. 1)

 
Figure 5.1 Penetration vs. Time for Naber/Siebers model and one simple 

ballistic droplet model. Orifice pressure drop = 1370 bar, d0 = 
0.257mm (orifice diameter), ρa =  30.2 kg/m3, ρf =  708 kg/m3 
(Tf = 440K),  Ca = 0.81, Cv = 0.77. 

It can be observed that this simple model does not predict the spray penetration 
very well. The deceleration is too low initially and too high after a certain 
penetration distance.  It is impossible to adjust Cw to make the curves overlap. A 
more sophisticated model was therefore developed. Figure 5.2 shows the 
physical background for this model. 
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Figure 5.2 Schematics of the “growing ball” spray model. 

The spray tip penetration is treated as a growing ball that is influenced by the 
swirling airflow. The gray outline symbols the “real” spray boundary. It has been 
observed that the spray outline resembles a cone under quiescent conditions 
[1,3,4,5]. The cone angle of the real spray is taken as an input to the model. The 
empirical correlation for non-vaporizing sprays by Naber and Siebers [1] is used 
here: 
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tan(θ/2) is a measure of how fast the radius of the spray outline grows with 
penetration distance. The radius of the growing ball is related to the spray 
outline radius by a constant b. The value of b is set to 0.45 since this 
reproduces the result of (Eq. 1) best. In other words, the Siebers/Naber model 
serves as a datum for the model developed here. However, this model deals 
with cross flow of air. We should therefore relate the spray width growth to the 
traveled distance through the air rather than the traveled distance relative to the 
injector. The expression for ball radius growth therefore becomes: 
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where Urel is the traveling speed relative the air. Fuel discharge was treated in 
chapter 4.1. The orifice exit conditions for the ball are: 
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∆P is the orifice pressure drop. Ca is the area contraction coefficient and Cv is 
the velocity coefficient of the orifice. They are related to the discharge coefficient 
by (Eq. 8) as described by Siebers [2] (and in chapter 4.1). The last factor 
1/(1+b⋅tan(θ/2)) in (Eq. 6) makes the exit velocity of the mass unphysical low. 
But the ball is growing from the start and the factor is necessary to have the 
correct spray tip penetration speed at the exit.  

DYG
��� ⋅=              (Eq. 8) 

V0 is the exit volume of the growing ball. The increase of the volume of the 
growing ball is determined by the growth rate of the ball radius. The increase in 
mass is simply assumed to be a result of ambient air entrainment. 
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The pathway of the growing ball in the xy-plane is governed by two forces: 
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Urel is the velocity of the ball relative to the swirling air. X and y coordinates are 
defined as zero in the center of the axisymmetric combustion chamber. aair is 
the centripetal acceleration of the air and Uair is the tangential velocity of the air 
swirl. r is the radial distance from the center of the axisymmetric combustion 
chamber. Buoyancy comes from the pressure gradient built up by centrifugal 
forces in the swirling air. It must be accounted for if the ball should move 
realistically in the swirling air. This will be exemplified later. The expression for 
buoyancy force in (Eq.11) was derived by considering the force needed to keep 
a gas bubble flowing in a circular motion with the surrounding air. 

The drag force coefficient, Cw, had to be adjusted for the density of the fuel and 
air to reproduce the results of Naber and Siebers model (Eq. 1) (without 
influence of air swirl). Cw was set to 0.192 for the baseline arbitrarily chosen 
“operating conditions” with ρf = 708.1 kg/m3 and ρa = 30.2 kg/m3. The Cw 
dependence on input parameters is shown in (Eq.12). 
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Over a wide range of input parameters, Cw has to be adjusted only for changes 
in the fuel and ambient density. The trajectory of the growing ball is calculated 
numerically in Excel. Rotation of the injector was treated simplistically by shifting 
the angular position of the ball relative the injector tip for each time step in 
accordance with the angle that the injector had moved from the start of injection. 
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However, we know that rotating the injector counter-swirl leads to shorter radial 
penetration. Cw was therefore adjusted for each calculation with the rotating 
injector so that the total length of the leading tip trajectory equaled that of the 
static injector. The spray outline for both the static and rotating injector was 
calculated from the spray tip trajectory and the ball radius divided by the factor b 
for each time step. Figure 5.3 shows the agreement between (Eq. 1) and the 
developed “growing ball” model. The two curves are essentially on top of each 
other. 
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Figure 5.3 Penetration vs. Time for the Naber/Siebers spray model and the 

developed “growing ball” model. Orifice pressure drop = 1370 bar, 
d0 = 0.257mm (orifice diameter), ρa =  30.2 kg/m3, ρf =  708.1 
kg/m3. 

5.2. Comparison with experiments 

The influence of injector rotation on the liquid portion of the spray was 
investigated in an optical engine at AVL in Graz, Austria. This is reported in 
Appendix B. Figure 5.4 shows a comparison between images and modeling 
results. Given the simple model, the agreement is very good. The injections 
were conducted during the compression stroke and the air density was 
approximately only 4.5 kg/m3. The air swirl ratio was 2.8. This gives an air swirl 
of 2800 rpm for this engine speed of 1000 rpm. But the images and modeling 
show that the effect of the air swirl on the spray core is very small. Chiu et al. 
and Kobayashi et al. [6,7] developed spray models. Both their models account 
for the fact that a part of the fuel is swept downwind of the spray core by a 
crosswind. This makes the trailing edge of the spray cross-section quite wide. 
The current model does not account for this and the spray outline in the result 
plots should be interpreted as the intense spray core. Furthermore, it can be 
noted that the injector rotation does not impede the initial penetration just as 
quantified in Figure 9B (B refers to Appendix B). However, the wall wetting in  
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   Static     -6000 rpm 

-43.5°   

 

    

 

-43.5°

  

-41.0°    

       

-41.0°

   
Figure 5.4 Comparison of images and modeling. SOI = -45.2° aTDC. The 

diameter of the images is 70mm which corresponds to the inner 
circle in the model. The outer circle in the model represents the 
cylinder which had a diameter of 85mm. d0= 0.11mm, ∆P = 160 bar, 
ρa =  4.5 kg/m3, ρf =  771 kg/m3  
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the optical engine was substantially less with the rotating injector. Figure 19E 
shows that the sprays eventually slow down significantly compared to the static 
case and form a toroidial fuel cloud, even for atmospheric conditions. The 
modeling can give us an indication of the spray behavior outside the imaged 70 
mm. Figure 5.5 tells us that the spray from the counter-swirl spray touches the 
cylinder wall by a crank angle of -38° aTDC. The spray from the static injector 
has by then impacted onto the liner.  

         

Figure 5.5 -38.0° aTDC. Static and –6000 rpm counter-swirl rotating injector. 

It has been shown that the developed model can reproduce both (Eq. 1) and 
experimental data with the rotating injector. It is therefore reasonable to use this 
model to demonstrate similarities and differences between a rotating injector 
and rotating air. This is done in the following subchapter. 

5.3. Comparison of air swirl and injector rotation 

The influence of air swirl is very modest for low in-cylinder densities as Figure 
5.4 and 5.5 show. The effects of injector rotation at -6000 rpm were on the other 
hand striking. Figure 5.6 compares rotating air and rotating injector, both at 
2800 rpm. 

   

Figure 5.6 -41.0° aTDC. Left: Static injection into air rotating at 2800rpm. 
Right: −2800 rpm injector speed. No air swirl. 
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It is clear that sweeping injection into quiescent air creates more spray curvature 
than static injection into air swirl. The fundamentally different influence on the 
spray by injector rotation compared to rotating air is as follows: 

For a static injector, each fuel “parcel” is injected in the same direction 
throughout the injection duration. The observed spray curvature in a swirling 
airflow is due to the “cross-wind” acting on the sprays. It causes the spray 
parcels to accelerate tangentially. We should therefore expect the curvature to 
be dependent on the air density. Injection into air of extremely low density but 
with high rotational speed will result in straight sprays. But for the sweeping 
injection there is no need for a crosswind to create a curvature. Each fuel parcel 
leaves the injector with mainly a radial velocity. (The radius of the tip is very 
small and the tangential velocity due to rotation is negligible.) Each fuel parcel 
then moves radially in the direction it was injected and slows down due to drag 
forces. The total swept angle of the spray is therefore a product of the injection 
duration and the rotational speed of the injector, as opposed to the static 
injection in swirling air where the “swept angle” is dependent on how fast 
tangential momentum is transferred from the air to the fuel. Naturally, the 
curvature is in both cases dependent on the ambient gas density and the 
injection pressure since theses two parameters are strongly influencing the 
penetration speed. 

It is of course possible to create spray dispersion by increasing the air swirl 
sufficiently. The left image of Figure 5.7 shows the spray curvature when the 
rotational speed of the air is raised to 9000 rpm. The curvature is comparable to 
injector rotation at –2800rpm which was displayed in Figure 5.6. Thus, it can be 
concluded that we need to rotate the air faster than the injector to create a 
similar dispersion. It can here be interesting to observe that the rotating air 
introduces considerable centripetal acceleration. The pressure gradient shown 
in the middle chart of Figure 5.7 was calculated from (Eq.13). The influence of 
the pressure gradient on the spray is considered in the model as buoyancy 
(Eq.11). The effect of buoyancy on the calculated spray penetration is 
exemplified in the right image of Figure 5.7 where the buoyancy is deactivated.  

       with               without 
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Figure 5.7 -41.0° aTDC. 9000 rpm air swirl. Static injector with (left) and 

without (right) buoyancy activated in the model. Pressure profile 
shown in the middle chart, ρa = 4.5 kg/m3, Ta = 620 K. 
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It is clear that the radial penetration of the spray is retarded somewhat by the 
pressure gradient alone. 

As discussed above, the air density affects the influence of air swirl on the spray 
curvature. Higher air density was therefore tested in the model. The input 
parameters are given in the legend of Figure 5.8 which shows how the 
increased air density affects the spray curvature.  
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Figure 5.8 Static injector, ρf = 771 kg/m3, Injection pressure drop = 160 bar, 

Orifice diameter = 0.11mm, Injection duration 0.87 ms in the low-
density case, 3.5 ms in the high-density case. The air swirl profile 
resembles a “solid body” rotating at 2800rpm for both densities as 
the rightmost chart shows. 

The effect of increased air density is clear. To reach the same radial distance 
we need to inject longer. This allows the higher density cross-flow to act on the 
spray for a longer period and the spray curvature becomes more pronounced. 
What curvature does the rotating injector create at this higher air density? As 
the left image of Figure 5.9 shows, the curvature is still more pronounced by 
injector rotation than by air rotation. Why? Studying the static injection in the 
middle image of Figure 5.8 reveals that the spray does not start to bend until 
after a certain distance. And indeed, the “solid body” air profile has very low 
tangential velocity close to the center of the combustion chamber as the right 
image in Figure 5.8 shows. The spray has to penetrate quite a distance until the 
tangential airflow can influence it. So what happens if we change the profile to 
have higher tangential velocity close to the center of the combustion chamber? 
The right image of Figure 5.9 shows this. 
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-2800rpm, No air swirl  Static, air swirl profile shown to the right 
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Figure 5.9 ρa = 45 kg/m3, ρf = 771 kg/m3, Injection pressure drop = 160 bar, 
Orifice diameter = 0.11mm, Injection duration 3.5ms. “Constant 
velocity” air swirl profile was used for the middle image. 

It is clear that spray starts to curve earlier thanks to the different air swirl profile. 
What can we learn from this? Well, the commonly used air swirl ratio is perhaps 
not the perfect indicator of the cross flow influence on the sprays. Maybe 
surprising, the two different profiles used in Figures 5.8 and 5.9 would give the 
same impulse torque in a flow bench using a honeycomb mesh. The angular 
momentum for a rotating “solid body” cylinder with the mass mtotal and an outer 
radius of router rotating with an angular velocity of ϕ can be calculated with: 
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vouter is the tangential velocity in the outmost part of the rotating cylinder. The 
angular momentum of a general rotating body is given by: 

  ∫ ⋅⋅= �
��              (Eq.15) 

but for a cylinder with constant density dm can be resolved by dr, 
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and for a constant tangential velocity v (Eq.15) is rewritten into: 
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RXWHU ⋅⋅⋅=⋅⋅⋅=⋅⋅⋅=⋅⋅= ∫∫  (Eq.17) 

If the angular momentum in the “solid body”-case is to be equal to the “constant 
velocity case, (Eq.14) and (Eq. 17) must equal each other and v can be 
resolved. 
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We see that a constant tangential velocity with a magnitude of 75% of the 
maximum tangential velocity in the “solid body”-case gives us the same air swirl 
ratio if measured with a honeycomb impulse meter. Yet is the influence on the 
sprays quite different as Figures 5.8 and 5.9 show. It can be noted that a 
constant velocity was not actually applied in the modeling. As the radius goes 
toward zero, the rotational speed goes to infinity for a constant velocity and that 
would not happen in reality. The model is set to limit the rotational speed to 10 
times the air swirl ratio (28,000 rpm in this case) and this results in the velocity 
profile displayed in Figure 5.9. Zhang et al. studied the effects of combustion 
chamber geometry on the flame spread [8]. By cross correlating images 
acquired with a short delay in between, the flame velocity could be calculated. 
The results show that the flow in the bowl is far from a solid body rotation. The 
highest tangential velocities were usually found a few millimeters from the piston 
bowl wall. Interestingly, the rotational speed in the center of the bowl appeared 
very high. 
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6.  EMISSIONS FORMATION� 
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6.1. Diesel Combustion 

Combustion, what is that? In his book, “An Introduction to Combustion”, Turns 
refer to Webster’s Dictionary which defines combustion as “rapid oxidation 
generating heat, or both light and heat; also, slow oxidation accompanied by 
relatively little heat and no light” [1]. For engine combustion we shall only 
consider rapid oxidation. 

The oxidizer is air, or to be more accurate, air with various degree of combustion 
products. The gas exchange process is not prefect and some residuals from one 
cycle will participate in the next. Moreover, the concentrations of combustion 
products increase during the combustion event. The first oxidation can be 
considered to take place in almost pure air but the burnout process definitely 
takes place in a mixture of unused air and combustion products. Disregarding 
the details of the in-cylinder processes for a moment we simply consider the air 
supply and the exhaust composition. According to Heywood [2] dry air consists 
of 20.95% O2, 78.09% N2, 9300 ppm argon and 300 ppm CO2. (Unfortunately, 
the immense consumption of fossil fuels raises the CO2-level so for the time 
being, the CO2-concentration for the globe as a whole is around 370ppm [3]. 
This is a 23% increase since 1973, the year of Heywood’s reference.) In 
combustion, oxygen is the active component and the inlet air can thus be treated 
as composed of 20.95% oxygen and 89.05% nitrogen. The molar ratio between 
oxygen and nitrogen is thus: 

773.3
2095.0

2095.01 =−
                    (Eq. 1) 

The commercially available diesel fuel is a very complex mixture of different 
hydrocarbons including alkanes, alkenes, alkynes and aromatics. However, for 
treatment of the composition of reactants (fuel and air) only an empirical formula 
of the hydrocarbon mixture is needed. The empirical formula for diesel fuel is 
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C10.8H18.7 according to Turns [1]. This means an H/C-ratio of 1.73. The fuel used 
for the tests reported in Chapter 3, 8, 9, 10 and 11 had a calculated H/C-ratio of 
1.89 and this value shall be used in the following. 

A stoichiometric mixture (λ = 1, φ = 1) has just enough oxygen to fully combust 
the fuel. The air excess factor λ is defined as: 

DFWXDO

V

��
��
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)/(=λ                     (Eq. 2) 

where (F/A)s is the mass-based fuel/air ratio for a stoichiometric mixture. The 
fuel/air-equivalence ratio is defined as the reciprocal of the air excess factor: 
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                   (Eq. 3) 

The diesel engine is normally operated with overall air excess. Based on one 
carbon atom, the global combustion reaction of a generic hydrocarbon on the 
form CHb can thus be written (assuming complete combustion): 

 

�
�

�
�

��
�

��

��
�

��
E

⋅⋅




 +⋅+⋅





 +⋅−+⋅+

⇒⋅+⋅




 +⋅+

773.3
4

1
4

1)1(
2

)773.3(
4

1

222

22

λλ

λ
      (Eq. 4) 

Figure 6.1 shows the exhaust composition calculated with (Eq. 4). 
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Figure 6.1 Exhaust composition for complete combustion of a hydrocarbon 
under fuel-lean conditions. H/C-ratio = 1.89. 

The exhaust concentrations vary in a close to linear fashion with fuel/air-
equivalence ratio. However, in practice the combustion is not fully complete and 
carbon monoxide, soot, unburned and partially burned hydrocarbons are found 
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in the exhaust. This is mainly a consequence of the heterogeneous fuel 
distribution within the combustion chamber. The exact concentration of exhaust 
species cannot be determined from an element balance like (Eq. 4).  

6.2. Soot and carbon monoxide 

Dec, Siebers and Higgins, and Flynn et al. report that diesel spray combustion 
essentially is a two-stage process [4,5,6,7,8]. Air is entrained into the spray 
upstream of the flame lift-off location as Figure 6.2 shows. This creates a fuel 
rich mixture that burns downstream of the liquid core and this constitutes the first 
combustion step. Figure 6.2 depicts the quasi-steady combustion phase during 
injection.  

 
Figure 6.2 Diesel spray combustion during the quasi-steady combustion phase 

according to Flynn et al. [8], as adapted from Dec [4]. 

The premixed burn that follows the ignition delay is also generally fuel-rich as 
displayed in Figure 2.1. Also the premixed combustion phase can therefore be 
considered the first stage of oxidation of the fuel, just like the reactions in the 
premixed zone during the quasi-steady combustion phase. The fuel-rich 
products of the premixed burn are quickly confined by a luminous diffusion flame 
that continues the oxidation of the fuel from the first stage of combustion. This is 
exemplified in Figure 6.3. Thus, the second stage combustion takes place at the 
periphery of the turbulent reacting jet where the fuel-rich combustion products 
from the first stage of combustion meet the surrounding oxygen. Most of the 
formation of CO and soot precursors occurs in the first “premixed” combustion 
stage. The amount of CO formed at fuel-rich conditions cannot be calculated 
from an element balance alone like in the preceding subchapter. Additional 
assumptions regarding the product composition must be made. For reasonably 
fuel-rich mixtures (φ < 1.4) equilibrium for the water-gas reaction provides the 
necessary information: 

CO + H2O ⇔ CO2 + H2                (Eq. 5) 
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 TDC            0.5�             1.0� 

   
Figure 6.3 Premixed combustion and evolving diffusion flame. Low load, 1000 

rpm, air swirl ratio = 2.47. High camera sensitivity. The arrow marks 
the blue light emission that stems from the chemiluminescence. 
The haze between the sprays is due to imperfections in the camera 
shutter that let light from later in the cycle shine through. 

However, for diesel combustion this approach is of little value since the first 
combustion step is usually very fuel rich so that not only CO and H2 are found in 
the products, but also soot precursors such as C2H2, C2H4, C3H3 [8]. 
Nonetheless, it can be helpful to recognize how the concentration of CO 
changes with fuel/air-equivalence ratio for a premixed system. Figure 6.4 shows 
how the CO-concentration in the exhaust of an SI-engine varies with air excess 
ratio. 

 
Figure 6.4 Variation of SI engine CO emissions with air excess ratio, Heywood 

[2]. 

It is interesting to note from Figure 6.4 that the CO-level increases almost 
linearly with fuel/air-equivalence ratio for rich mixtures. Soot on the other hand 
requires significantly richer conditions before it starts to form. Glassman reports 
the critical fuel/air-equivalence ratio for different fuels [9]. A selection is listed in 
Table 6.1.  
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Table 6.1 Critical fuel/air-equivalence ratio for different fuels premixed with air, 
Glassman [9]. (Some values are the average result from different 
reports.) 

Ethane     1.69       Propane       1.65 
n-Pentane    1.47       n-Cetane      1.35 
Ethene     1.86       n-Hexane      1.53 
Isooctane    1.58       Ethyne       2.03 
Cyclohexane   1.65       Benzene      1.49 
Toluene    1.39       Methyl naphthalene  1.12 

Although not a complete list, Table 6.1 indicates that a hydrocarbon fuel must be 
combusted fairly fuel-rich to make it start producing soot. Methyl naphthalene is 
an exception; it starts to produce soot already for a slightly fuel-rich mixture. The 
C/O-ratio of the reacting mixture can be helpful when considering soot 
formation. Heywood reports that the critical C/O-ratio is 0.5 to 0.8 depending on 
fuel type and experimental setup [2]. The soot yield increases rapidly with 
increasing C/O-ratio beyond the critical value. This is illustrated in Figure 6.5 
which shows the final soot volume fraction and soot yield dependence on 
temperature, pressure and C/O-ratio. 

 

Figure 6.5 Experimental temperature, pressure and C/O-ratio dependence of 
the final soot volume fraction and soot yield (fraction of C appearing 
as soot), Warnatz et al. [10]. 

It is clear from Figure 6.5 that the final soot volume fraction is very sensitive to 
the C/O-ratio. We should therefore expect the production of soot to increase 
faster than the production of CO when the fuel/air-equivalence ratio increases 
beyond a critical value. Further, it can be interesting to note that the maximum 
soot yield is found for temperatures around 1700 K. This is close to the 
temperature reported in the interior of the reacting diesel spray as shown in 
Figure 6.2. 
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6.3. Chemkin modeling of rich combustion 

In order to address the question about the chemical composition in the interior of 
the reacting diesel spray, downstream of the hypothesized standing rich 
premixed reaction zone, Flynn et al. used Chemkin [8]. They showed that for a 
mixture of n-heptane and air at a fuel/air-equivalence ratio of 4 all oxygen was 
consumed leaving a mixture of different compounds at 1600 K. The mass 
fraction of reformulated hydrocarbons was 12%, most of which can be 
considered soot precursors. 

This modeling approach was used even in the current study. The Chemkin 
computations were performed by John Dec at Sandia National Laboratories 
using 567 species and 2541 reactions. The data analysis was carried out by the 
author in progress. 

The computations were initiated at 900 K and 83 bar with air as the oxidizer and 
n-heptane as the fuel. The fuel air equivalence ratios calculated were 1,2,4,6 
and 8. This enables exploration of how the product composition changes with 
the amount of fuel. Table 6.2 shows the initial composition for the five runs. 

Table 6.2 Initial gas composition for the Chemkin computations 

φ [-] 

Mass 
fraction [%] 

1 2 4 6 8 

n-Heptane, C7H16 6.21 11.7 20.9 28.4 34.6 

Oxygen, O2 21.8 20.5 18.4 16.6 15.2 

Nitrogen, N2 72.0 67.8 60.7 54.9 50.2 

 

Constant pressure was assumed for the calculations. The temperature histories 
are plotted in Figure 6.6. First, it can be observed that the final combustion 
temperature decreases with increasing fuel/air-equivalence ratio. The ignition 
characteristics change with fuel/air-equivalence ratio. It is a pronounced two-
stage process for the φ = 1 and φ = 2 cases but for the richest conditions it is 
more like a single-step ignition followed by slower completion of the rich 
combustion. The ignition delay decreases monotonically with increasing fuel/air-
equivalence ratio. This might appear awkward but can be explained by the 
higher concentration of fuel that speeds up the formation of H2, H2O2 and OH. 
These three species are important for the chain-branching reactions leading up 
to autoignition [2,9,36]. Information about ignition delay acquired from these 
computations are however of minor importance. In diesel spray combustion the 
temperature increases as the mixture is leaned out by entrained hot ambient air, 
thus acting in the opposite direction compared to the influence of mixture 
strength alone. Figure 6.7 exemplifies how the chemical reactions proceed for a 
fuel/air-equivalence ratio of 4. 
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Figure 6.6 Calculated temperature for Air / n-Heptane mixtures of different 
fuel/air-equivalence ratios. Pressure = 83 bar. 
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Figure 6.7 Major species and OH for auto-ignition and combustion of 
n-heptane. Fuel/air-equivalence ratio = 4. 

Shown are the major species during the combustion: C7H16 and O2 as reactants, 
CO, H2O, CH4, CO2 and reformulated hydrocarbons as products. The 
reformulated hydrocarbons are all hydrocarbon species except n-heptane and 
methane. Also this includes partially oxidized hydrocarbons. Also OH is plotted 
since it plays an important role during autoignition and combustion. The amount 



 

 

50

of carbon dioxide is small since there is a deficit of oxygen. From an emissions 
point of view, it can be interesting to evaluate how the amounts of CO and soot 
precursors change with fuel/air-equivalence ratio. The time-histories for CO are 
shown in Figure 6.8. 
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Figure 6.8 Mass fraction of carbon monoxide. 

As expected, the lowest CO-level is found for stoichiometric conditions. The final 
level is around 1.5% by weight. This is in relatively good agreement with Figure 
6.4. The temperature is however high and dissociation of CO2 keeps the CO 
level higher than would be expected at normal exhaust temperature.  It can be 
interesting to note the peak at 0.23 ms. This peak coincides with the beginning 
of the final fuel breakdown and maximum heat-release. This shows that CO is 
an important intermediate species during stoichiometric combustion. The final 
CO-level is much higher for the rich combustion cases. Perhaps surprising, the 
highest CO-level among the mixture strengths considered is found for a fuel/air-
equivalence ratio of 2. Richer mixtures have somewhat lower CO-levels. This 
can be explained by considering that CO has to compete for oxygen with 
partially oxidized hydrocarbons. This is shown in Figure 6.9. It is clear that 
combustion at all fuel/equivalence ratios creates partially oxidized hydrocarbons. 
They are however effectively further oxidized for φ = 1 and φ = 2. Partially 
oxidized hydrocarbons are therefore absent in the products for these cases. For 
φ = 4 to 8 however, there is an increasing amount of partially oxidized 
hydrocarbons in the products, (likely including aldehydes [37]). 

To evaluate the soot-forming tendency of the product mixture we can for 
example look at the fraction of soot precursors. In the work by Flynn et al. [8], 
ethyne (acetylene), ethene and cyclopropane were considered the most 
significant soot precursors. Ethyne is formed in large quantities during fuel-rich 
combustion and is considered the most important precursor of PAHs (polycyclic 
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aromatic hydrocarbons). Cyclopropane (C3H3) is important since two such 
molecules can form the first ring (benzene, C6H6) after recombination to an 
aliphatic C6H6 and rearrangement [10]. Figure 6.10 shows how the mass 
fractions of soot precursors evolve for the different cases. 
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Figure 6.9 Mass fraction of partially oxidized hydrocarbons. 
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Figure 6.10 Mass fraction of soot precursors C2H2, C2H4 and C3H3. 

The stoichiometric case lacks soot precursors completely after the major heat-
release has occurred and the φ = 2 case has low amount. The paramount 
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difference between φ = 2 and φ = 4 is clear. At 1 ms, the φ = 4 case has 26 times 
higher mass fraction of soot precursors compared to the φ = 2 case. The mass 
fraction of soot precursors increases with fuel/air-equivalence ratio for φ = 6 and 
8 but the steps are not as great as between φ = 2 and 4. This suggests that soot 
formation is most sensitive to changes in the fuel/air equivalence ratio in the 
range between 2 and 4 and that the soot formation does not increase much 
when the fuel/air equivalence ratio is raised beyond 6. However, it should be 
remember that the calculations are for a single compound, n-heptane. Diesel 
fuel contains a variety of different hydrocarbons among which aromatics are 
important for the smoke emissions. (Effects of fuel composition on the emissions 
were demonstrated in Appendix D.) As will be shown in the next subchapter, 
aromatics can effectively contribute to the formation of soot particles via a direct, 
low-temperature route. This is shown in Figure 6.14. And as Figure 6.6 shows, 
the temperature is quite low for the φ  = 8 case and this would promote the direct 
route from aromatics to soot particles. And indeed, the calculations show that an 
increasing amount of the fuel remains unoxidized for increasing fuel/air-
equivalence ratio. This is illustrated in Figure 6.11.  
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Figure 6.11 Mass fraction of n-heptane. 

For the two lowest fuel/air-equivalence ratios the fuel is completely consumed 
during the second ignition step. The φ = 4 and φ = 6 cases show trace amounts 
of n-heptane after the main combustion has occurred. Only the richest case has 
significant amounts of intact n-heptane left after the main combustion. The 
message is clear even though the calculations are for n-heptane; the direct route 
to soot particle formation becomes more important for increasing fuel/air-
equivalence ratio. 

Figure 6.12 and 6.13 summarize the result regarding CO and soot precursor 
formation. It can be concluded that CO and soot precursor formation have 
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different dependence on the fuel/air-equivalence ratio. Specifically, it can be 
noted that concentration of soot precursors increases in the range φ = 2 – 8 
while the concentration of CO goes down.  
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Figure 6.12 Mass fraction of CO and soot precursors (C2H2, C2H4 and C3H3) 

1 ms after start of calculation. 

The total amount of soot precursors and CO formed is also of interest. On a fuel 
mass basis, Figure 6.13 shows how the production of soot precursors and CO 
change with fuel/air-equivalence ratio. 
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Figure 6.13 CO and soot precursors (C2H2, C2H4 and C3H3) gain 1 ms after 

start of calculation. 



 

 

54

It is interesting to see that the maximum CO gain is found for φ = 2 and then 
decreases strongly for richer combustion. The soot precursor gain peaks at 
φ = 4 and stays relatively stable for richer combustion. It is also interesting to 
see that the largest change in soot production is found between φ = 2 and 4. 
This can partly explain why increased injection pressure (which decreases the 
fuel/air-equivalence ratio [5,6]) is so effective at reducing the soot emissions. 

6.4. Particulate Matter 

The formation of soot particle is indeed very complex and despite decades of 
study, there is still no consensus regarding the formation of the soot nuclei. 
According to Heywood [2], there appears to be two different pathways active 
during diesel combustion. At low temperatures (<1700 K) only aromatics or 
highly unsaturated hydrocarbons of high molecular weight are very effective at 
forming solid carbon. This is because the aromatics can take a direct route to 
form soot. This is illustrated in Figure 6.14. 

 
Figure 6.14 Mechanistic model for formation of soot from aromatic and 

aliphatic compounds, Heywood [2]. 

At temperatures above 1800 K, all hydrocarbon fuels can produce soot if burned 
sufficiently rich. Then the mechanism is a less direct route via molecule 
fragmentation and dehydrogenation that produces soot precursors like 
acetylene. These soot precursors then form polycyclic aromatic hydrocarbons 
(PAHs) that grow by further addition of unsaturated fuel fragments combined 
with dehydrogenation. The formation of particle-like structures begins with 
conglomeration of molecules. This particle inception takes place at molecular 
masses between 500 and 2000 u [10]. The further particle growth is a result of 
surface growth and coagulation. The process is illustrated in Figure 6.15. 
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Figure 6.15 Schematic reaction path leading to soot formation, Warnatz et al. 

[10]. 

Several investigations show that the number of soot particles during rich 
combustion first reaches a maximum and then rapidly decreases. The average 
soot particle diameter increases throughout the main combustion event 
[2,11,12]. The agglomeration of numerous small particles into larger is illustrated 
in Figure 6.16. 

 
Figure 6.16 Variation in soot volume fraction Fv, particle number density N, 

particle size d and soot hydrogen/carbon ratio with time in a flame, 
Heywood [2]. 
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It is important to realize that as oxygen is present in the combustion chamber of 
a diesel engine, the process of soot formation and growth can be terminated at 
any instance if the soot particle meets oxygen and/or OH radicals [13,14]. By 
dumping experiments Pipho et al. [15] investigated the in-cylinder soot histories 
for different injection timings and piston bowl shapes. In addition to the, with 
time, increasing soot particle size they found that the total mass of soot peaked 
some 10° aTDC where after it decreased towards the final exhaust value. For 
the re-entrant piston investigated, the peak value of soot was 9.5 times higher 
than the exhaust level. This in combination with the steadily increasing soot 
diameter shows that most of the soot particles in fact oxidize and that the 
exhausted soot consists of soot that was able to escape combustion for some 
reason. We should expect the best conditions for soot particle growth in the 
central parts of the reacting jet, especially in regions were the oxygen 
entrainment is restricted; for instance where the reacting jets hit the piston bowl 
wall. This is also were we should expect the best chance for survival throughout 
the combustion event, at least at low engine load as discussed in Appendix A. 
Heywood points out that the soot particle size is important for the relative soot 
oxidation rate [2]. Soot oxidation is essentially a surface phenomenon and the 
volume/surface ratio increases with particle size. Thus, the combination of soot 
particle growth and delayed exposure to oxidizing atmosphere facilitated by 
sheltered regions in the combustion chamber represent the ideal conditions for 
the creation of engine out soot. 

So far, we have considered soot formation as an effect of the first rich premixed 
combustion stage in the two-stage combustion proposed by Dec [4]. This as 
opposed to individual droplet burning that often was discussed in older literature. 
The amount of individual droplet burning appears small in modern engines with 
high-pressure fuel injection. Regardless of the maximum injection pressure, all 
injections have to start and end with fuel injected at low velocities. Accordingly, if 
any droplet combustion is to be found in modern engines we should expect it in 
conjunction with the start and end of injection. And indeed, it has been reported 
that droplets can be shed of the accelerating spray core at the start of injection 
[2,16,17]. Even though the investigation by Higgins et al. [18] indicated that 
these droplets burns in a diffusive mode, their contribution to the engine out soot 
is probably negligible. It is rather the last, slowly injected fuel that contributes 
most to the engine out soot. High soot concentration in the tail of the fuel spray 
was observed by Inagaki et al. [19]. This was probably partly caused by the 
diffusive burning of the last injected large droplets. Schwarz et al. [20] observed 
that the “dribbling” at the end of injection was worse for common rail injection 
compared to a PLN-system (Pump-Line-Nozzle). Furthermore, Fettes et al. [21] 
observed that replacing the mini-sac nozzle with a VCO nozzle reduced the 
dribble for a common rail injector. 

Except at the lowest loads, diffusive combustion of droplets seems not to be a 
significant contributor to the exhaust smoke from the heavy-duty engine used in 
the current study. However, for the sake of completeness, Figure 6.17 shows 
one example of diffusive droplet burning at idle conditions.  
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Figure 6.17 Droplet diffusive burning at idle conditions. 500 rpm.  Air swirl ratio 

= 1.65. Intermediate camera sensitivity. Flashlight from the right. 
Special piston bowl shape. Crank angle aTDC is shown above 
each image. 

ADSORPTION/CONDENSATION - As the exhaust gases leaves the engine and 
mixes with ambient air, the temperature drops. This causes gaseous 
hydrocarbons in the exhaust to condense onto the soot particles that survived 
the combustion. Also adsorption contributes to the increasing mass of the soot 
particle, or rather, particulate. The hydrocarbons that adhere to the soot particles 
are most likely of relatively low-volatility and stems from both the fuel and the 
lubrication oil [2]. The adsorbed hydrocarbons are generally described as the 
soluble organic fraction (SOF). They are polycyclic aromatic compounds 
containing oxygen, nitrogen and sulphur. The fraction of SOF in the particulate 
varies with engine design and operating conditions. It ranges from less than 10 
% to over 90% by mass [22]. The upper values found for light engine load when 
the exhaust temperature and the amount of exhaust soot is lowest. 

6.5. Oxides of Nitrogen – NOx 

Together with particulate matter, oxides of nitrogen are in the main focus when it 
comes to emissions abatement for diesel engines. The oxides of nitrogen 
considered are nitric oxide (NO) and nitrogen dioxide (NO2) and they are usually 
grouped together as NOx emissions. They stem from oxidation of nitrogen, 
predominantly atmospheric nitrogen. If the fuel contains considerable amounts 
of nitrogen, then fuel NOx can become significant. However, normal diesel fuel 
contains very little nitrogen. Specifically, the fuel used for the tests reported in 
Appendix A and chapter 3,8,9,10 and 11 contained 28 ppm nitrogen by weight. 
Therefore fuel NOx is not considered further here.  

NO formation has been studied by numerous researchers 
[1,2,4,8,9,10,11,20,23,24,25,26,27,28,29,30,31,33,34,35]. It is generally 
accepted that the reactions shown in (Eq. 6 – 8) are governing the formation of 
NO in combustion engines. They are together dubbed the extended Zeldovich 
mechanism. 

N2 + O ⇔ NO + N                    (Eq. 6) 

N + O2 ⇔ NO + O                    (Eq. 7) 

N + OH ⇔ NO + H                    (Eq. 8) 
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These three reactions are considered responsible for thermal NO. “Thermal” 
because reaction (Eq. 6) has very high activation energy for the “right bound” 
NO formation reaction. Heywood [2] shows that the initial formation rate can be 
simplified to: 

HH
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22
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⋅⋅⋅⋅=
−⋅−    mol/cm3⋅s      (Eq. 9) 

where e denotes equilibrium concentration at temperature T in Kelvin. (Eq. 9) 
was derived by considering equilibrium for the reaction 

½ O2 ⇔ O                      (Eq. 10) 

Further, Heywood calculates a characteristic time for the NO formation process 
from 
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where p is given in atmospheres. This was done by considering equilibrium for 
the reaction 

N2 + O2 ⇔ 2NO                    (Eq. 12) 

which has equilibrium constant 

1216503.20
−⋅−⋅= 7

12
�  in the relationship 

HH12H
���� ][][(][ 22 ⋅⋅=   (Eq. 13) 

The strong temperature dependence for NO formation is exemplified in Figure 
6.18 which shows results from calculations using (Eq. 9), (Eq. 11) and (Eq. 13). 
The formation rate is much more dependent on the temperature level than the 
equilibrium concentration is. It has been reported that only a quite small fraction 
of the flames have a higher temperature than 2500 K [30,31]. Judging from the 
quite long characteristic NO formation time for temperature below 2500 K we 
should expect the total amount of NO formed in a diesel engine to be dependent 
on the time spent at high temperature. The residence time is roughly inversely 
proportional to the engine speed. This explains why it is more difficult to achieve 
low specific NOx emission with larger, low speed engines than for small high-
speed automotive engines. In fact, the regulated maximum specific NOx level 
from ship engines decreases with the rated speed of the engine [32]. 

Müller et al. [29] developed a two-zone model to describe NO and soot 
formation in diesel engines. They showed how the concentration of NO 
increases with time for different conditions. Figure 6.19 illustrates some of the 
result. 
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Figure 6.18 Characteristic NO formation time, initial NO formation rate and NO 
equilibrium concentration as given by (Eq. 9), (Eq. 11) and (Eq. 
13). [O2]e = 4.2 µmol/cm3, [N2]e = 0.43 millimol/cm3 (φ ≈ 1). p = 50 
bar. 

 

  
Figure 6.19 Calculated NO formation as functions of temperature and air 

excess ratio, Müller et al. [29]. 

The large influence of temperature on the formation of NO is clear from the left 
chart in Figure 6.19. During the 5 ms time span plotted, equilibrium is obtained 
only for the highest temperature considered, 2750 K. Fortunately, this high 
temperature is encountered in very limited regions of the combustion chamber 
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[20, 30, 31]. The right chart shows the influence of air excess ratio on the NO 
formation. NO formation is clearly favored by lean, hot conditions. Dec et al. [27] 
found that NO formation occurs on the lean side of the diffusion flame. This is in 
agreement with the right chart of Figure 6.19.  

It can be concluded that the total amount of thermal NO formed is dependent on 
the following: 

a) The temperature in the high temperature regions. 

b) The time spent at high temperature. 

c) The volume of the high temperature regions. 

d) The local air fuel/air-equivalence ratio. 

So far we have only considered thermal NO contribution to the engine out NO. 
There are however additional pathways. Mellor et al. [23] suggest that under 
high-pressure conditions found in engines, nitrous oxide (N2O) is formed from O-
attack on the N2-molecules via the three-body reaction: 

 O + N2 + M ⇔ N2O + M                 (Eq. 14) 

Further, they show that this reaction is faster than the Zeldovich mechanism for 
temperatures below 2400 K. This is illustrated in Figure 6.20. 

 
Figure 6.20 Reaction rate coefficients for thermal NO (k1f) and three-body 

reaction (k5f) shown in (Eq. 14), Mellor et al. [23]. 

This nitrous oxide is then reduced into NO via 

N2O + O ⇔ 2NO                    (Eq. 15) 

They proposed that this N2O mechanism contributes significantly to the engine 
out NO and refer to research on lean premixed combustion for gas turbines. 
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NO can also be formed via the “Prompt NO” pathway. This pathway involves the 
radical CH which reacts with N2 to form hydrocyanic acid (HCN). HCO reacts 
further to NO [10]. The contribution to the engine out NOx is considered 
negligible and will not be treated further here [23]. 

In addition to NO, NO2 is found in the exhaust. The NO2/NO ratio in the exhaust 
is usually quite low. However, the toxicity is higher than NO and this makes the 
control of NO2 important. Pipho et al. [25] conducted cylinder-dumping 
experiments. They found that the NO2/NO ratio could be as high as unity early 
during the combustion event. Heywood [2] states that this NO2 is formed in the 
flame zones from NO. Most of this NO2 is then reduced back to NO via 

NO2 + O ⇔ NO + O2                  (Eq. 16) 

However, this reaction can be quenched by mixing with cooler fluid. 
Consequently, the larger fraction of relatively cool regions at light engine load 
explains why the NO2/NO ratio generally is higher at low loads.  

Finally, it can be interesting to study how the total amount of NO evolves during 
the combustion event. This is presented in Figure 6.21 which shows results from 
cylinder dumping experiments. 
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Figure 6.21 NOx concentration (determined from cylinder dumping 
experiments) and heat-release vs. crank angle. The rightmost data 
point represents the exhaust level. DI diesel, φ = 0.5, SOI = -15° 
aTDC, Chan et al. [33]. 

For this engine and operating condition, the dumping experiment shows that the 
formation of NO is a gradual process. Most of the NO-production apparently 
takes place during the intense mixing controlled combustion phase. One other 
dumping experiment at an advanced injection timing and higher fuel/air-
equivalence ratio showed a more rapid NO-formation followed by some 
decomposition [2]. 
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Decomposition is dominated by the reverse Zeldovich mechanism as discussed 
by Easley et al. [26]. Furthermore, their experiments with injection of NO into the 
intake show that the importance of NO decomposition increases with load. This 
can contribute to the lower fuel-specific NOx often observed with increasing 
engine load. Figure 3.10 shows that the NO concentration stays constant 
between 10 and 20 bar imep despite an increasing fuel/air equivalence ratio. In 
addition to increasing NO decomposition, this can be explained by the longer 
injection duration which allows less time for the combustion of the last injected 
fuel to contribute to the NO formation. 

The total amount of NO can also be measured in-situ with optical means. This 
was done by Stoffles et al. [34] and Dec et al. [27]. Dec et al. applied planar 
laser-induced fluorescence (PLIF) imaging of the NO formation event. The 
images show that NO forms on the lean side of the diffusion flame around the 
reacting jet. Furthermore, the NO continues to form in the hot combustion 
products after the end of apparent heat-release. Figure 6.22 shows the result 
from total NO measurements.  

 
Figure 6.22 Raw and corrected NO PLIF intensity and apparent heat release 

rate. The heavy corrected-data line is the mean between the no-
mixing (top) error-limit line and the maximum-mixing (bottom) 
error-limit line, Dec et al. [27]. 

The raw NO fluorescence signal had to be corrected for changes in gas 
pressure and temperature. The pressure is known but the temperature has to be 
estimated. This can be done by assuming no mixing or maximum mixing 
between the combustion products and the ambient air. It is interesting to see 
that a large fraction of the NO formation occurs during the final burnout phase. 
This is in agreement with data from the dumping experiments shown in Figure 
6.21. Nonetheless, it must be realized that the NO history can differ substantially 
from Figure 6.21 and 6.22 since other dumping experiments have shown it to be 
sensitive to the engine specifications and operating conditions [33,35].  
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7. IN-CYLINDER EMISSION CONTROL STRATEGIES 
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7.1. Overview 

For controlling the emissions from DI diesel combustion the engine designer has 
the choice to use in-cylinder measures or to use exhaust aftertreatment. Using 
exhaust aftertreatment adds considerably to engine cost and complexity. In-
cylinder measures are therefore usually preferred. 

Some techniques used: 

• Smaller injection orifice 

• Air swirl 

• Combustion chamber geometry modifications 

• Turbo charging (with variable boost) 

• Variable injection timing 

• Increased injection pressure 

• Rate shaping 

• Pilot injection 

• Split/multiple injections 

• Exhaust gas recirculation 

• Water injection 

• Premixed combustion 

7.2. Discussion 

Bergstrand et al. [1] investigated the effects of reducing the orifice size. They 
found that replacing a 6 x 0.227 mm nozzle with a 15 x 0.130 mm could reduce 
the soot and CO emissions considerably at low engine load. This can be 
explained by faster air/fuel mixing for smaller holes. Siebers and Higgins [2,3,4] 
investigated flame lift-off of diesel sprays. They found that reduced hole 
diameter reduces the flame lift-off somewhat. However, the fuel flow in the spray 
decreases faster and the net result being a less rich mixture of fuel and air that 
enters flame zones. This leads to less soot formation within the spray as 
discussed in chapter 6. However, Bergstrand et al. found that the soot and CO 
emissions deteriorated at higher loads with the small orifice nozzle. This was 
attributed to worse air utilization due to the reduced spray penetration. Also 
Schommers et al. [5] demonstrated reduced emissions at part load by reducing 
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the nozzle hole diameter and increasing the injection pressure. Raising the 
injection pressure increases the flame lift-off. This in turn increases the amount 
of air entrained into the spray before the fuel reaches flame zones [2,3]. 
Reduced soot formation and more vigorous burnout thanks to the higher 
momentum introduced with the fuel can therefore explain the lower soot 
emission with increasing injection pressure.   

It is important to match the spray to the combustion chamber geometry and flow 
field. The flow field at TDC is a result of intake flow and piston bowl shape. 
Fuchs et al. [6] used CFD to investigate intake flow effects on combustion and 
emissions formation. They found that increased swirl decreases soot emission 
due to more intense diffusion burn. However, they also showed that increased 
swirl can lead to worse air utilization which limits the soot reduction potential. 
Also McCracken et al. [7] used CFD to investigate the effects of air swirl on 
combustion and emissions formation. They found that there exists an optimal 
swirl ratio beyond which the fuel/air-mixing suffers. The same conclusion was 
reached in a CFD-modeling study by Ogawa et al. [8]. Experimental support for 
this is found in the investigation by Chan et al. [42]. Miles [9] conducted an 
optical investigation in a small bore DI diesel engine and showed that the effect 
of increased air swirl is most pronounced during the burnout phase. For the 
heavy-duty engine used in the experiments with the rotating injector, increased 
air swirl with port deactivation lowers the smoke level considerably for most load 
points with only minor increase in NOx-emission. Also Schommers et al. [5] used 
port deactivation to increase the air swirl level. This could substantially improve 
the smoke/NOx trade-off. It seems that for modern combustion systems with 
high-pressure fuel injection increased air swirl is mainly in effect during the 
burnout phase. This can substantially improve the soot oxidation without much 
increase in NOx. Increased swirl could possibly increase NOx formation during 
the intense mixing-controlled combustion phase but this is then partly 
compensated for by earlier termination of the NO production in the post-
combustion gases due to faster bulk mixing as discussed by Dec et al. [10]. 
They found that, for the load conditions studied in their quiescent engine, 
considerable fraction of the NO-production occurs in the hot post-combustion 
gases after the end of apparent heat-release. This is shown in Figure 6.22. 

The piston shape, and especially the piston bowl geometry, has large influence 
on the DI diesel combustion process. This has been investigated by numerous 
researchers [11,12,13,14,15]. The fluid dynamics inside the combustion 
chamber is generally very complex but it appears that re-entrant bowl 
geometries exhibit favorable fuel/air mixing conditions that enhance the burn out 
and reduce the soot emissions compared to other bowl geometries. Hikosaka 
[16] showed that the re-entrant bowl maintains higher swirl ratio during 
expansion and this could explain the improved burn out. 

The boost pressure is important for two reasons: First, for a given engine load it 
determines the overall fuel/air-equivalence ratio. Second, the in-cylinder air 
density is directly proportional to the absolute inlet pressure and this has strong 
effect on the spray penetration as shown in Figure 4.7. Accordingly, the 
turbocharger boost has strong influence on the combustion and emissions 
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formation. This was studied by Tanin et al. [17]. Their experiments showed that 
increasing the boost could decrease the particulate emission for all operating 
conditions studied. However, for some operating conditions, an optimal boost 
with regards to particulate was found. Increasing the boost further increased the 
particulate emissions. CFD-modeling showed that this was caused by the 
reduced spray penetration. 

Since the combustion is closely coupled to the injection process, injection timing 
is of outmost importance for DI diesel combustion and emissions formation. 
Generally speaking, advancing the injection lowers the soot emissions and 
increases the NOx-emissions. This is due to the higher peak temperatures and 
longer residence time at high temperatures before expansion cooling freezes 
both NOx-formation and soot oxidation. As a response to tighter standards on 
NOx-emissions, the injection timing has been retarded. At the same time, to 
counteract the deteriorating soot emissions, the injection pressure has been 
raised. However, this strategy has limits since increasing the injection rate 
increases the amount of fuel injected during the ignition delay. High initial 
injection rate can therefore lead to large premixed fraction which brings noisy 
combustion and increases the NOx-emissions. The solution to this is injection 
rate shaping as studied by Needham et al. [18]. Low initial fuelling limits the 
premixed fraction and the NOx-emissions. High injection rate towards the end of 
injection enables fast mixing-controlled combustion for low fuel consumption and 
good soot burnout. Increasing injection rate is obtained at high load for the 
heavy-duty engine used in this work as reported in Appendix C. Kohketsu et al. 
[19] developed a common rail injector with injection rate shape capabilities. 
Using a boot type injection rate improved both the NOx – BSFC and NOx – PM 
trade-offs. Examples of injection rate shaping with a unit-injector are found in a 
paper by the author in progress and co-workers [43]. 

Common-rail injection systems are most common in light duty DI diesel engines. 
They usually have a top-hat injection profile. Smooth running is important for 
passenger car engines. To limit the premixed burn fraction, pilot injection is 
therefore often employed. Russell et al. [20] showed that the timing between the 
small pilot injection and the main injection is critical for desired noise-reduction. 

From pilot injection, the step is not far to split injection and multiple injection 
strategies. This was investigated experimentally by Montgomery et al. [21]. They 
showed that NOx and particulate emissions as well as fuel consumption could be 
reduced over the entire engine map with the use of multiple injections and EGR. 
CFD-modeling showed that the soot production with split injection is reduced by 
avoiding replenishing the soot cloud in the head of the penetrating spray [22]. 
This is illustrated in Figure 7.1. 
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Figure 7.1 Schematic diagram showing soot-reduction mechanisms of split 
injections. Left: Single injection. Right: Split injection. Han et al. 
[22]. 

By terminating the injection temporarily, the first soot cloud is allowed to oxidize 
effectively. The fuel from the second injection is then rapidly oxidized in a fuel 
lean and hot atmosphere without further soot accumulation. Split injection has 
similarities with the original motive of the rotating injector: Avoid accumulating 
the fuel into large soot-laden regions that provide the ideal growth situation for 
soot particles which then can survive the expansion stroke. One additional 
reason for the reduced soot emissions with split injection is enhanced mixing 
thanks to the momentum supplied from the second injection. Li et al. [23] found 
that high injection pressure in the second injection pulse was beneficial for soot 
burnout. 

Introducing inert gases is a very powerful way to decrease the formation of NOx. 
This is usually accomplished by the use of exhaust gas recirculation (EGR) and 
several different systems have been proposed [24,25]. EGR acts to reduce 
combustion temperatures in general by increasing the heat capacity of the 
products for a given amount of heat release. EGR must be applied with caution 
however, the burnout has been shown to deteriorate with diluents and this can 
cause the soot emissions to escalate, especially in combination with retarded 
injection [26]. 

Another way to increase the heat capacity of the in-cylinder charge is to add 
water. This can be done by port injection and Ishida et al. [27] reported at 50% 
NOx reduction by supplying 0.03 kg water per kg dry air. However, Wirbeleit et 
al. [28] found it more effective to employ stratified direct injection of diesel and 
water by the use of a special nozzle. Not only did the water injection reduce the 
NOx emissions thanks to the lower combustion temperatures but also particulate 
emissions were reduced. This was attributed to the higher injection pressure, 
larger injection quantity, micro explosions and increased amount of OH radicals 
due to dissociation of water. CFD-modeling by Bedford et al. [29] showed that 
the high latent heat of vaporization caused the liquid length to increase 
significantly. The decreased soot emissions can then be coupled to the work of 
Siebers and Higgins: Both decreasing temperature of the fuel and decreasing 
temperature of the ambient air increases the liquid length of the diesel spray 
[30]. Decreasing ambient temperature increases the flame lift-off and decreases 
the soot formation inside the spray [3,4]. From this it appears obvious that fuel-
water emulsion sprays burn with lower fuel-air equivalence ratio for three 
reasons: First, the cooling effect of water likely increases the flame lift-off, thus 
enabling more air entrainment before the fuel reaches combustion zones. 
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Second, for an unchanged flame lift-off the spray will burn less rich since a part 
of the fuel is displaced by water. Third, if the injection pressure (rate) is 
increased to compensate for the larger amount of liquid to be injected, then the 
flame lift-off will increase for this reason alone, thus decreasing the soot 
formation as discussed above.  

One drastic way to limit the production of both soot and NOx is to mix the fuel 
and air before ignition. This can be achieved by very early injection as in a 
combustion system dubbed PREDIC (PREmixed lean DIesel Combustion) [31]. 
Work on this has been in progress for a while and it appears quite difficult to 
manage the fuel/air mixing process when using a diesel fuel which has rather 
high boiling point. In order to reduce impingement onto the piston and/or cylinder 
liner different injector configurations has been tried. For example have impinging 
flow nozzles [32], pintle nozzles [33] and impinging sprays been tried [34]. The 
in-cylinder flow field is also important for the mixture formation [35]. Additionally, 
the ignition timing is also very difficult to control effectively [36]. The mixture 
formation potential with the rotating injector in a premixed diesel combustion 
system is demonstrated in Appendix B. 

Another concept for low NOx / soot combustion in DI diesel engines is dubbed 
MK (Modulated Kinetics). It uses EGR to suppress NOx-formation and injection 
retard to increase the ignition delay. This increases the premixed burn fraction 
and the soot formation can thus be suppressed [37,38]. The key to a successful 
MK-combustion system is to have longer ignition delay than injection duration. 
HC and SOF of the particulate are controlled by very high air swirl ratio which is 
obtained by the use of a helical port [39]. The MK concept has been introduced 
in series production but its use is limited to the lower speed and load range of 
the engine. Because normal diesel combustion and MK combustion must be 
realized on the same engine, transient control is of special interest [40]. 

Akihama et al. [41] demonstrated a special approach to simultaneously reduce 
the emissions of NOx and soot. A diesel engine was run with excessive amounts 
of cooled EGR at close to stoichiometric conditions. They showed that the in-
cylinder temperatures were too low to support the formation of soot particles 
from the PAHs formed in fuel-rich regions.�
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8. LOW ENGINE LOAD 
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8.1. Chapter introduction 

SAE-paper 2001-01-2003 is located in Appendix A. It describes the fluid 
dynamics and soot pathways for this low load operation in great detail. This will 
not be repeated here. The objective is rather to give a brief summary of the 
essential findings regarding soot formation and oxidation. The NO-formation was 
not treated in detail in the paper and two additional graphs are therefore 
presented. 

Table 3A (“A” refers to Appendix A) shows the operating conditions for this low 
load.  The intake air swirl ratio is 1.65 using both inlet channels. This case is 
referred to as low swirl. Using only one inlet channel increases the intake swirl 
ratio to 2.47. This case is referred to as high swirl. The fuel used is Shell Diesel 
with properties given in Table 4A. The same fuel is used for all optical tests with 
the Scania engine. This means that the fuel specification in Table 4A is valid 
even for chapters 3, 9, 10 and 11. 

The combustion is essentially a constant-volume process as Figure 8.1 shows. 
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Figure 8.1 p-V chart, 1.0 bar absolute inlet pressure, φ = 0.2, minj = 31 
mg/stroke. 
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8.2. Soot reduction 

Figure 3A shows that injector rotation counter-swirl at –4000rpm reduces the 
smoke level by 28%. This is substantially less than 63% reported for a similar 
load point with 3 bar imep that was reported in Appendix E, Figure 14E. The 
main reason for this is that the load point reported in Figure 14 had higher 
smoke level for a static injector. This in turn has three reasons: First, the fuel line 
swivel used for the tests in Appendix E had more leakage and this lowered the 
injection pressure. Second, the cooling water temperature was 80°C compared 
to 30°. This in combination with the slightly higher inlet pressure with the use of 
a turbocharger decreases the ignition delay. As an effect of less premixing 
during the ignition delay more soot is formed. However, the flame distribution is 
likely very similar for the two cases. The rather strong decrease in smoke for the 
load point reported in Appendix E, Figure 14E can thus be explained by the 
imaging in Appendix A: Counter-swirl rotation of the injector reduces the fuel 
accumulation along the piston bowl wall and enhances the fuel/air mixing 
throughout the combustion event. 

8.3. NO formation 

The influence of injector speed and air swirl level on the emissions of NO, CO 
and Smoke is shown in Figure 3A. Injector rotation counter-swirl at –4000rpm 
reduces the smoke level by 28%. This reduction is however accompanied by a 
33% increase of NO. This increase in NO has two possible reasons: 

1. The ignition delay is quite long and this means that the premixed 
combustion likely is close to stoichiometric in some areas. The fact that the 
injection is finished before significant heat-release takes place allows a 
rough estimate of the fuel/air-equivalence ratio of the premixed burn based 
on the integral heat-release. From Figure 5A it was estimated that the 
average fuel/air-equivalence ratio dropped from 2.2 for the static case down 
to 1.9 for counter-swirl rotation at –4000rpm. There are likely more 
stoichiometric regions in the counter-swirl case and this increases the 
contribution of NO from the premixed burn. 

2. The faster combustion in the counter-swirl case leads to higher peak mass 
average temperatures as Figure 8.2 shows. The formation of NO is very 
sensitive to the temperature level as described in Chapter 6.5. The counter-
swirl rotation of the injector therefore has higher NO-formation rate 
throughout the mixing controlled combustion phase. 

Comparing Figure 8.2 and 3A indicates that the coupling between exhaust NO 
and peak cylinder temperature is strong. And indeed, Figure 8.3 shows a linear 
relationship in a large portion of the injection sweep, from -4000 to +2100 rpm. 
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Figure 8.2 Peak cylinder temperature as function of injector speed for the non-
boosted case. The larger data point represents the static, high swirl 
condition. 
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Figure 8.3 The curve represents the relationships between peak cylinder 
temperature and NO-level for an injector speed sweep from 
−4000rpm to +4000rpm. The single data point represents the static 
high swirl case. 
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8.4. Summary 

The in-cylinder air swirl motion has modest influence on the penetrating sprays, 
even for the high air swirl level, see Figure A9. This causes the sprays from the 
normal, non-sweeping injections to impact onto the piston bowl wall. Since the 
injection is short, the fuel that first begins to accumulate is not pushed away by 
fuel that moves forward from behind. Rather is a large fraction of the fuel 
trapped stationary under the piston rim. The wall itself restricts the oxygen 
supply [1] and makes the mixing controlled burnout slower as Figure 6A shows. 
Since we know that soot particle growth occurs with time as discussed in 
conjunction with Figure 6.16 it is concluded that fuel along the wall contributes 
preferentially to the engine out soot. There are two mechanisms that govern the 
rate of burnout of the accumulated fuel: 

1. Reverse squish flow. Figures 9A and 22A show how the reverse squish flow 
agitates the fuel that accumulated along the wall. It is clear that fuel located 
on the lip is efficiently mixed with air that flows into the squish region when 
the piston starts to descend. However, fuel located along the wall under the 
lip does not benefit from the flow into the squish region.  

2. Air swirl imposed shear. The injection itself drives air from the central parts 
of the combustion chamber out towards the piston bowl wall. Air entrained 
into the spray close to the injector has low tangential velocity. This causes 
the spray to be essentially unaffected by the air swirl initially. But 
progressively more and more angular momentum is transferred into the 
slowing spray. Air swirl aided mixing seems to govern the burnout for crank 
angle later than 12° aTDC for the static low swirl case and somewhat earlier 
for the static high swirl case. 

Figure 8.4 exemplifies the difference between the low and high swirl case. The 
exposure time is 125µs and this results in some motion blurring. It is clear that 
the high swirl case exhibits larger tangential motion and smaller fuel blobs. The 
higher swirl breaks up the fuel blobs faster and this lower the exhaust smoke 
level. 

Low swirl       High swirl 

   
Figure 8.4 Fuel “blob” burnout at 12° aTDC for low and high swirl. Static 

injection. 125µs exposure time. 
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It is furthermore concluded that the amount of soot initially formed decreases for 
counter-swirl injection at high speed due to enhanced air entrainment into the 
spray during the ignition delay. Moreover, the soot particle growth is hindered by 
counter-swirl injection since fuel build-up can be avoided almost entirely. This 
speeds up the burnout as well. Nonetheless, the lowest smoke level was 
encountered for the high swirl case although the low swirl counter-swirl case 
appeared superior. This result was probably caused by a relatively high 
background smoke level in the low swirl case, caused by the last injected large 
droplets, i.e. injector dribble as exemplified in Figure 23A. Schwarz et al. found 
that fuel dribble increases the hydrocarbon and particulate emissions [2]. Using 
LII, Inagaki et al. [3] found that the last injected fuel contributed preferentially to 
the soot emissions. It is therefore concluded that increased swirl is an effective 
way to oxidize fuel dribble. 
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9. INTERMEDIATE ENGINE LOAD 
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9.1. Boosted case 

Table 9.1 shows the operating conditions of this intermediate load. The 
combustion is partly a constant-volume process as Figure 9.1 shows. 
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Figure 9.1 p-V chart, 1.3 bar absolute inlet pressure, φ = 0.37, minj = 68 
mg/stroke. 

�����	���		Operating conditions. 
_______________________________________________ 
#����
���

�$     1000 rpm 
%�
����������
�	
�:    68 mg/stroke�
&�	
��	
��
��	��
$    30 - 35°C 
����	
��
��	��
$�     40 - 50°C 
'�����	�"
�	
��
��	��
$    20 - 25°C 
%�
�(����
)�����
��
���	��$� � 0.37 
 *#+�,�	�	������
�	��-    7.1 bar 
�����
�������
����
$�� � � 1.3 bar 
�� $� �       -6.5° aTDC 
#� $� � � � � � � 4° aTDC 
 �	�"
�������������	���$�   1.65 (low) or 2.47 (high swirl, HS) 
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The influence of injector speed and air swirl level on the emissions of NO, CO 
and Smoke is shown in Figure 9.2. 
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Figure 9.2 Emissions of NO, CO and Smoke as functions of injector speed for 

an intake swirl ratio of 1.65.  The larger data points, dubbed HS, 
show the result for a static injector at a higher swirl level of 2.47. 

It can be noted that the smoke level decreases for counter-swirl rotation; from an 
average of 0.68 FSN at 0 rpm to 0.29 FSN around -2500 rpm, a reduction of 57 
%. Likewise, the CO level decreases approximately 30% by counter-swirl 
rotation. Furthermore, it can be noted that the Smoke and CO level starts to 
increase again as the speed against the air-swirl is raised beyond -4000rpm. 
Looking at the co-swirl side, it can be observed that both Smoke and CO reach 
maxima at +2500rpm. This can be explained by low relative speed between the 
injector and airflow in the bowl. 

A swirl ratio of 1.65 means that the in-cylinder air rotates 1.65 times faster than 
the crankshaft at the time of completed intake stroke. As the piston approaches 
TDC, more and more air is forced into the bowl and the rotational speed 
increases. CFD-calculations show that the air in the piston bowl rotates at 
approximately 3000 rpm by the start of injection for this engine speed of 
1000rpm [1]. 

Intuitively, low relative rotational speed between the injector and the air would 
reduce the air entrainment into the spray leading to long penetration and strong 
impact onto the piston bowl wall. CFD-studies by Konstanzer [2,3] show that this 
is the case. Reduced air entrainment and increased spray/wall interaction can 
together explain the higher smoke level. 

Another strategy for reducing the smoke and CO for this load point is to increase 
the air-swirl ratio from 1.65 to 2.47. This increases the rotational speed of the air 
in the bowl at TDC from 3000 to 4500 rpm. In fact, the observed changes in 
emissions with an increase in air swirl level very well match the changes that 
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comes from rotating the injector counter-swirl at 1500 rpm. This suggests that 
rotation of the injector is similar to air swirl. And indeed, there are similarities. 
However, there are also fundamental differences as discussed in chapter 5. It 
has been found that the air-swirl does not affect the spray very much during the 
injection period. Similarly, the rotation of the injector cannot directly affect the 
processes after the end of injection the way air swirl motion can. 

Further insights can be gained by studying the heat-release rate. Figure 9.3 
shows how the cylinder pressure and calculated heat-release are affected by 
rotation counter-swirl at -5000 rpm. The injection rate was measured in a 
separate setup as described in Appendix C. The crank angle position of the 
measured injection rate trace in Figure 9.3 was determined by a comparison 
between injection rate measurements and engine tests with a needle lift sensor 
installed. The injection pressure and heat-release was also used for the 
positioning. 
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Figure 9.3 Measured injection rate, cylinder pressure and calculated heat-
release for static and counter-swirl rotation at -5000 rpm. 

It is obvious that the sweeping injection affects the combustion process. The 
ignition delay becomes shorter and the heat-release increases, for both the 
premixed combustion and the injection driven combustion. This shows that the 
mixing between the fuel and the oxygen is enhanced by the sweeping injection. 
However, the static case exhibits higher heat-release rate after the end of 
injection. This has two reasons. Firstly, the static case has more fuel left to 
combust during the burnout phase. Secondly, several factors indicate that the 
counter-swirl case is now beginning to suffer from oxygen starvation in the 
central parts of the combustion chamber. Figure 9.2 shows that CO and Smoke 
increases as the injector speed approaches -5000rpm. Figure 9.4 shows how 
the crank angle positions for 50 and 90% burnt are affected by injector speed 
and increased air-swirl  
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Figure 9.4 Crank angle positions for 50 and 90% burned as functions of 
injector speed. The larger dots show result for higher air swirl with 
static injector. 

It is evident that the first half of the energy is released faster for counter-swirl 
rotation. However, the burnout deteriorates for counter-swirl rotation faster than 
−2500rpm. Figures 9.2 and 9.4 together show that the emissions formation is 
closely linked to the heat-release. The positions for 50 and 90% burned show 
that the slowest combustion coincides with the smoke maximum at +2500rpm 
co-swirl. The coupling between emissions and heat-release is slightly more 
complicated to interpret on the counter-swirl side. There is no doubt that the 
combustion speeds up for rotational speed up to -2500rpm. The curve-fit for 
50% burned shows that the first part of combustion becomes even faster 
between −2500 and −5000rpm. However, the position for 90% burned is delayed 
drastically. This fact coupled with the increased CO and Smoke indicates that 
we run into problem of air utilization at the highest injector speeds counter-swirl. 
The influence of increased air-swirl level on the heat-release is modest. 
Surprisingly, the angle for 50% burned is somewhat delayed by increased air 
swirl. This is likely due to the reduced premixed combustion associated with the 
shorter ignition delay. The burnout is however enhanced, in agreement with the 
emissions result. 

Images acquired through the cylinder-head window shown in Figure 2A can give 
further insights. Figure 9.5 shows image sequences at three different injector 
speeds and for a static injector at low and high swirl. 

First observing the flame distribution for the three rightmost columns showing 
static injection at high and low swirl and co-swirl injection at +2500 rpm. With 
current camera settings, significant luminosity begins 1° after TDC. That is in the 
end of the premixed combustion phase. The sprays have already reached  
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-5000 rpm    -2500 rpm           Static           High Swirl     +2500 rpm 
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Figure 9.5 Crank angle sequence of flame luminosity. The number shown left 
of the pictures indicates the crank angle after TDC for each row. 
The specific conditions for each column are given at the top. 
Exposure time = 63µs, gamma = 0.45. The swirl number is 1.65 for 
all cases expect the high swirl case which has an air swirl ratio of 
2.47. The air swirl is counter-clockwise (from the left to the right). 

the piston bowl wall and fuel begins to accumulate under the bowl lip, hidden 
from view. From a crank angle of 3 to 4° the flames start to flow out into the 
narrow squish region. This flow is driven partly by the spray and partly by the 
reverse-squish fluid flow that is induced by the descent of the piston.  
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The effect of the increased swirl is not overwhelming – the reacting jets appear a 
little broader and especially the flames in the squish region are forced to move 
with the air swirl motion which is from left to right in the images (counter-
clockwise). Co-swirl rotation of the injector does not change the spray 
appearance much. The effects of injector rotation counter-swirl are more 
obvious. The leftmost column shows the flame distribution for rotation counter-
swirl at -5000rpm. The sweeping injection progressively makes the sprays 
broader so that by 6° they completely fill the piston bowl. The emissions and 
heat-release indicated that the -5000rpm case suffers from bad utilization which 
slows down the late combustion. The images show the reason for this: First, 
almost no spray-induced flow into the squish region can be detected. The 
combustion is confined in the bowl until the reverse-squish fluid flow comes into 
play by 10° aTDC. Second, if we study the images from crank angle 3 to 6° we 
can observe that the sprays in the -2500rpm case have space in between 
whereas the sprays in the -5000rpm case overlap. This suggests that the air 
entrainment into the spray is better for the −2500rpm case. The -5000rpm case 
definitely has very intense mixing but it makes no sense to entrain combustion 
products from the neighboring spray and the production of soot particles 
increases consequently. The spray-to-spray interaction is visualized in Figure 
9.6 that shows result from the spray model described in Chapter 5. It is clear 
that the sprays start to “shoot” into each other by 5° aTDC. 

 

Figure 9.6 ρa = 28 kg/m3, ρf = 822 kg/m3, Injection pressure drop = 300 bar, 
Orifice diameter = 0.22mm, 5° aTDC. The left image shows static 
injection and the rightmost image shows injection at –5000rpm 
counter-swirl. The inner circle has a diameter of 80mm and 
represents the piston bowl wall. The outer circle represents the 
cylinder diameter which is 127mm. 

Once the reverse-squish starts to agitate the cylinder content there are however 
few signs in the images that the -5000rpm have bad burnout that could explain 
the higher emissions level compared to the -2500rpm case. Judging from the 
images, the burnout seems to be on par for the two counter-swirl cases, both of 
which seem superior to the static case. Now turning back to the burnout phase 
for the static cases. The images show luminous burning fuel parcels that appear 
at late crank angles (14 - 24°). This shows that the static injection concentrates 
the fuel into “blobs”. These fuel-rich regions need longer time to combust than 
the more evenly distributed fuel generated by the sweeping injection. There is 
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also some evidence in the images that the increased air swirl helps breaking up 
the fuel blobs, thus speeding up the burnout process. The co-swirl case certainly 
has the slowest burnout phase. Like the static cases, fuel has accumulated 
along the wall but the amount of fuel seems to be greater since larger soot-laden 
clouds can be observed for crank angles 14 and 20. 

The observed changes in Smoke and CO are accompanied by the opposite 
change in NO as Figure 9.2 shows. The changes in NO can be explained by 
considering the combustion rate which influences the peak temperatures. 
Thermal NO production is very sensitive to peak temperatures as discussed in 
chapter 6.5 and Figure 9.4 shows that the changes in the crank angle position 
for 50% burned for co-swirl rotation reasonably well match the observed 
changes in engine out NO.  

��+�	 ���������	aspirated	����	

The operating conditions are similar to the boosted case which was specified in 
Table 9.1 except that the engine now is run naturally aspirated. The inlet 
pressure is therefore approximately 1.0 bar and this increases the fuel/air 
equivalence ratio, φ  from 0.37 to 0.48 since the injected amount of fuel still is 68 
mg/stroke. This has clear influence on the emissions as Figure 9.7 displays. 
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Figure 9.7 Emissions of NO, CO and Smoke as functions of injector speed for 
an intake swirl ratio of 1.65.  The larger data points show the result 
for a static injector at a higher swirl level of 2.47, φ = 0.48. 

Comparing Figure 9.2 and 9.7 reveals that increasing the fuel/air-equivalence 
ratio 30% (from 0.37 to 0.48) increases the smoke level by almost 60%. This 
shows that the soot mass flow has increased by decreasing the boost level [4,5]. 
It can also be noted that both the smoke and CO now are more sensitive to 
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excessive injector speed counter-swirl than for the boosted case. Figure 9.8 
displays the ratio of the non-boosted to boosted case for CO- and smoke-level 
respectively.  
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Figure 9.8 CO-level for the naturally aspirated case divided by the CO-level for 
the boosted case as a function of injector speed. Smoke level for 
the naturally aspirated case divided by the smoke level for the 
boosted case as a function of injector speed. 

It is clear that the non-boosted case always leads to higher CO- and smoke-
levels. The difference between the two cases is accentuated as the injector 
speed counter-swirl increases. This is likely caused by increasing local oxygen 
starvation in the bowl as injector rotation counter-swirl limits the flame spread. 
Local oxygen starvation leads to slower combustion which allows soot particle 
growth and prohibits CO to be oxidized into CO2. This influences the exhaust 
emissions, especially for the non-boosted case which is reliant on high air 
utilization. 

Figure 9.9 compares the crank angle for 90% burned for the two cases. It can be 
observed that the low swirl non-boosted case always reaches the crank angle 
for 90% burned later than the boosted case. It is a consequence of the lower air 
excess ratio which makes in necessary to utilize the air in the combustion 
chamber better. If the flame spread into the deepest part of the bowl is impaired 
by injector rotation counter-swirl, then we can expect the burnout to suffer, 
especially for the non-boosted case which is dependent on high air utilization. It 
is interesting to see that increasing the air swirl advances the crank angle for 
90% burned more for the non-boosted case. 
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Figure 9.9 Crank angle positions for 90% burned as functions of injector speed 

for the boosted and non-boosted case respectively. 

0

10

20

30

40

50

60

70

-10 0 10 20 30 40 50 60 70
���� 	��"��	���"�	��#�

/
��
�	
�
�
��
��

	�

"
�

Boost -2475 rpm

No boost -2513rpm

 
Figure 9.10 Calculated mass burned for the boosted and non-boosted case 

respectively at an approximate injector speed of -2500rpm 
counter-swirl. 

Figure 9.10 shows the combustion progress for the two cases at an approximate 
injector speed of -2500 rpm counter-swirl. The non-boosted case has slightly 
longer ignition delay due to the lower TDC density. This is in agreement with the 
investigation by Aggarwal [6]. Nevertheless, the non-boosted case soon catches 
up thanks to its higher premixed fraction. It is clear that both cases exhibits 
similar combustion rate until 40-45 mg fuel has been burned. Thereafter it 
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seems as if the non-boosted case suffers more and more from local oxygen 
starvation leaving it behind the boosted case. The final burnout is much slower 
for the non-boosted case since it has to rely on large scale mixing of the 
combustion chamber content in order to have the fuel rich regions being 
reached by oxygen. Nonetheless, by a crank angle of 70° aTDC the combustion 
is almost complete even for the non-boosted case. Visualization of the 
combustion event can give more definite in-sights. Figure 9.11 compares the 
burnout for the two cases. 
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Figure 9.11 Comparison of flame luminosity for boosted and non-boosted 

operation with counter-swirl rotation at -2500 rpm. The injector 
rotates clockwise and the air swirls counter-clockwise. 
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A number of observations can be made from Figure 9.11. First, the images 
acquired at 2° shows that the non-boosted case has longer ignition delay, just 
like shown Figure 9.10. The images at 8° show both that the spray/wall 
interaction is pronounced and this leads to a strong flow of flames into the 
squish region. There is also some evidence that the flames in the squish region 
are more affected by the counter-clockwise air swirl for the boosted case. The 
14° images show that both cases have accumulated fuel under the piston bowl 
rim but also that the non-boosted case has more fuel build-up. Images 20° - 32° 
show that the burn-out of the fuel “blobs” are efficient for the boosted case 
where enough oxygen is available in the bowl. The non-boosted case has 
however depleted the oxygen in the vicinity of the remaining fuel and large soot-
laden clouds that burn in a slow diffusion-controlled mode can be observed. This 
is in agreement with the findings in Figure 9.10. Inevitably, some CO and soot 
escape combustion by being confined in such a cloud. Remember that the 
cases showed in Figure 9.11 are for counter-swirl rotation at –2500 rpm, the 
best emissions point at low swirl for both the boosted and the non-boosted case. 
The burnout situation is worse for other injector speeds. In order to quantify the 
observations made from Figure 9.11, two sets of images were analyzed 
regarding total luminosity using Macro-programming of Optimas. The analysis 
involves back-correction for the gamma value and compensation for soot 
deposition onto the window. The procedure is described in chapter 11.2. The 
result is shown in Figure 9.12. 
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Figure 9.12 Comparison of flame luminosity for boosted and non-boosted 

operation with counter-swirl rotation at -2500 rpm. Each data point 
represents the average of two images for the boosted and three 
images for the non-boosted case. MGV = Mean Grey Value. 

It can be observed that the boosted case initially has the highest luminosity but 
also that the non-boosted case peaks higher. The burnout is much slower for the 
non-boosted case. Again, this provides an explanation for the higher CO- and 
Smoke-levels. 
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Now turning back to Figure 9.2 and 9.7. In the boosted case, the lowest 
emissions were encountered for an injector speed of -2500rpm. In the non-
boosted case however, the lowest emissions level were encountered for a static 
injector in combination with high air swirl. (Note that we did not explore the 
combination of high air swirl and injector rotation in these two cases. This is 
reported in Appendix D.) What causes the increased air swirl to be more 
effective at reducing the smoke and CO emissions than injector rotation in one 
case and not in the other? The answer has two parts: 

1. Injector rotation can only influence the in-cylinder processes directly while 
injecting fuel whereas air swirl has its greatest influence after the injection 
has been completed. 

2. The more intense mixing by counter-swirl sweeping injection is only effective 
at reducing the engine out emissions as long as the reduced spray 
penetration and spray-to-spray interaction do not lead to local oxygen 
starvation that impairs the burnout. 

In other words, injector rotation at -2500rpm leads to reduced soot and CO 
production for both the boosted and the non-boosted case. But the soot 
oxidation is also important for the engine out emissions. The non-boosted case 
suffers from local oxygen starvation in the bowl when rotating the injector 
counter-swirl at excessive speeds. It is therefore better to allow higher soot 
production with a static injection since the soot oxidation is improved by the 
combination of longer penetration and more vigorous air/fuel mixing by the 
higher air swirl level. In the boosted case the reverse is true; it is better to limit 
the production of soot by counter-swirl rotation of the injector since there is 
enough oxygen available in the bowl to provide fast burnout. 
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Figure 9.13 Flame luminosity for the non-boosted operation with counter-swirl 

rotation at –2500 rpm and static injector at low and high swirl. 
Each data-point represents the average of two images. 
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Figure 9.13 shows the image luminosity a function of crank angle for the non-
boosted case. The −2500rpm case and the static high swirl case are quite 
similar initially but it can be noted that the counter-swirl case has the highest 
peak luminosity. The static low swirl case burns more slowly and exhibits higher 
luminosity late in the cycle. The best burnout is found for the high swirl case. 
These findings are in good agreement with the observed smoke emissions in 
Figure 9.7. 

THERMAL NO - Figure 9.7 shows that the observed changes in Smoke for the 
non-boosted case are accompanied by the opposite changes in NO emissions, 
just like the boosted case shown in Figure 9.2. In the boosted case, there was 
relatively good correlation between the crank angle for 50% burned and the NO-
level. This implied that the changes in NO-level were closely coupled to the 
intensity of the initial part of combustion. We know that thermal NO is very 
sensitive to the temperature level. Is this relationship between initial combustion 
rate and thermal NO as clear even for the non-boosted case? Figure 9.7 
indicates that it is not. It can be observed that the NO-level decreases when 
going from −2500rpm to −5000rpm counter-swirl despite the fact that we are 
expecting a more intense combustion the faster the injector spins. Figure 9.14 
shows the crank angle for 50% burned and peak cylinder temperature as 
functions of injector speed for the non-boosted case. 
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Figure 9.14 Crank angle position for 50% burned and peak cylinder pressure 
as functions of injector speed for the non-boosted case. The larger 
black data points represent the static, high swirl condition. 

Judging from the shape of the curve fits it is clear that the crank angle for 50% 
burned and the peak pressure show the same trend regarding how intense the 
initial combustion rate is. Firstly, we can observe that the maximum in smoke 
and minimum in NO for co-swirl rotation, as shown in Figure 9.7, corresponds to 
slow combustion with lower peak cylinder pressure. This shows that co-swirl 
rotation of the injector impairs the air/fuel mixing, leading to excessive soot 
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production. Figure 9.14 also shows that the combustion speeds up with 
increasing injector speed counter-swirl. At −5000rpm the combustion is faster 
with higher peak pressures than at −2500rpm. This is on the contrary from what 
we would expect from the decreasing NO emissions. As described in Chapter 
6.5, the local NO formation rate is dependent on both temperature and gas 
composition, i.e. oxygen concentration. Moreover, the total NO formation rate is 
the sum of the NO formation in all volumes. We shall therefore seek the answer 
in either reduced temperature or reduced oxygen concentration or reduced NO 
producing volume. Or perhaps more likely, a combination of these three factors. 
Figure 9.15 shows the calculated peak mass average cylinder temperature. 
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Figure 9.15 Peak mass average cylinder temperature as a function of injector 

speed for the non-boosted case. The larger black data point 
represents the static, high swirl condition. 

Comparing Figure 9.7 and 9.15 it is obviously very good correlation between 
changes in the peak mass average cylinder temperature and the changes in NO 
emissions, even on the counter-swirl side. It can be concluded that maximum 
mass average in-cylinder temperature is a better indicator for changes in the NO 
emission than peak pressure is. It might appear to be a contradiction between 
Figure 9.14 and 9.15 in that the peak cylinder pressure increases when going 
from −2500rpm to −5000rpm whereas the peak cylinder temperature goes down. 
The explanation to this apparent contradiction is shown in Figure 9.16. It is 
obvious that the cylinder temperature peaks later than the pressure does for all 
cases. This explains why the highest peak pressure does not necessarily have 
to be followed by the highest peak mass average in-cylinder temperature. 
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Figure 9.16 Measured cylinder pressure and calculated average in-cylinder 
temperature. 

Dec et al. [7] investigated NO formation using PLIF. They found that a large 
fraction of the NO formation occurs after the most intense heat release has 
occurred. Furthermore, it is well known that NO formation is very sensitive to the 
temperature level as discussed in Chapter 6.5. It is therefore not surprising that 
peak mass average cylinder temperature is a better indicator of NO formation 
rate than peak pressure is. Looking into the details of Figure 9.16 it can be 
observed that the two static cases have very similar temperature histories. The 
high air swirl case has nonetheless higher NO emissions. This indicates that 
also details of the fluid flow and in-cylinder mixing is important for the formation 
(and possibly reduction) of NO. It is also clear that the counter-swirl cases burns 
much faster than the static cases. The -5000rpm case initially has the highest 
cylinder pressure and temperature but as the oxygen supply to the flame zones 
deteriorates by 6° aTDC the combustion rate goes down and the maximum peak 
mass average cylinder temperature is reached by the -2500rpm case. 

9.3. Implications for emissions formation 

Based on the knowledge of how heat-release, exhaust emissions and flame 
distribution are influenced by injector rotation, air swirl and boost level at 
intermediate loads we are ready to suggest how the formation of exhaust 
emissions is related to the in-cylinder processes. 

Basic considerations regarding emissions formation were treated in chapter 6. It 
is a well-known fact that CO is an intermediate species on the way to a fully 
oxidized carbon-atom, i.e. CO2. Soot particle formation, on the other hand, is an 
unnecessary event when combusting a hydrocarbon fuel. Soot formation 
requires high fuel excess and high temperatures. Furthermore, it should be kept 
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in mind that the soot particle growth requires some time. This is important since 
we know that the larger the particle, the larger chance for survival throughout the 
burnout phase [8]. 

Based on this, it is concluded that: 

1. CO emissions in a diesel combustion system with global air excess result 
from of incomplete combustion due to local oxygen starvation and freezing 
of the reactions before mixing with available oxygen occur. The occurrence 
of pockets with carbon monoxide in the combustion chamber by the end of 
the expansion stroke increases with increasing (global) fuel/air-equivalence 
ratio. 

2. Efficient air utilization becomes increasingly important with increasing global 
fuel/air-equivalence ratio. This makes the reduced spray penetration and 
spray-to-spray interaction at high counter-swirl rotational speed a problem, 
especially for the non-boosted case. The air utilization is dependent on the 
spray induced flame spread in the combustion chamber. 

3. The initial amount of soot formed decreases for counter-swirl injection at 
high injector speed due to enhanced air entrainment into the spray.  

4. The soot particle oxidation is enhanced by counter-swirl injection thanks to 
less fuel build-up against the wall. 

5. Excessive injector rotation counter-swirl leads to spray-to-spray interaction 
and this increases soot production and impairs the soot oxidation since the 
oxygen entrainment into the spray is restricted. 

Based on the above, we would expect counter-swirl rotation of the injector to be 
accompanied by relatively larger reduction of smoke than CO since the amount 
of soot (and the soot particle size) is more influenced by the sweeping injection 
than the production of CO is. This is quantified in Figure 9.17 which shows the 
normalized ratio of Smoke to CO for both the boosted and non-boosted case. 

The normalized Smoke/CO-ratio may appear a little awkward initially. The 
usefulness can be understood by considering a hypothetical case where the 
ratio is unity, regardless of injector speed. This would then mean that the relative 
changes in CO and Smoke are the same for all injector speeds. The conclusion 
from such a scenario would be that engine-out soot and CO have very similar 
formation paths. But obviously this is not the case!  There are several messages 
to be extracted from Figure 9.17 in conjunction with Figure 9.2, 9.7 and 6.13. 
First, both Figure 9.2 and 9.7 show that smoke reaches maximum levels around 
+2500rpm co-swirl. Figure 9.17 then tells us that the relative increase in Smoke 
is higher than the relative increase in CO. The low relative speed between the 
spray and air swirl decreases the air entrainment into the spray. This together 
with the stronger wall impact enhances soot particle formation and growth. CO 
increases also but this is mainly a result of the impaired burnout caused by the 
less favorable fuel distribution with fuel build-up along the piston bowl wall. 
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Figure 9.17 Comparison of the Smoke/CO-ratio for the two different boost 

levels. The ratios are both independently normalized for a static 
injector. 

Furthermore, Figures 9.2 and 9.7 show that both the CO- and smoke-level 
decrease with increasing counter-swirl rotation for both cases until an injector 
speed of -2000rpm. Figure 9.17 then tells us that the associated CO reduction 
has a lower relative magnitude than the smoke reduction has. The soot 
emissions obviously benefit more from the enhanced air entrainment and 
reduced wall impact than the emissions of CO do. The two ratios then diverge 
for higher injector speeds counter-swirl. Figure 9.7 shows that the smoke level 
for the non-boosted case increases drastically between -2500rpm and -5000 
rpm. Likewise, Figure 9.17 shows that the ratio for the non-boosted case 
increases beyond -2500rpm. This means that the soot emissions are more 
sensitive to local oxygen depletion and spray-to-spray interaction than the CO 
emissions are. The CO emissions are on the other hand more sensitive to the 
global fuel/air-equivalence ratio. This is demonstrated in Figure 9.8 which shows 
that increasing the fuel/air-equivalence ratio 30% from 0.37 to 0.48 increases 
the smoke level by 56% and the CO level with as much as 112% for a static 
injector. 

To summarize, the soot production is stronger coupled to the spray 
development, oxygen entrainment into the spray and wall interaction than the 
production of CO is. This leads to a higher sensitivity to changes in injector 
speed for smoke than for CO. 

The changes in exhaust emissions of NO with changes in injector speed are 
closely coupled to the peak mass average in-cylinder temperature. Figure 9.18 
shows the relationship between peak mass average in-cylinder temperature and 
NO-level.  
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Figure 9.18 The curves represent the relationships between peak cylinder 

temperature and NO-level for injector speed sweeps from 
−5000rpm to +5000rpm for the boosted and non-boosted case 
respectively. The two data points dubbed HS represent the two 
static high swirl cases. 

It is clear that the relationship is almost linear for both the boosted and non-
boosted case. It can also be observed that the increase in NO with increased air 
swirl level seems for the boosted case to be a consequence of the faster 
combustion which increases the peak cylinder temperature. This makes the high 
swirl data point to fall on top of the injector speed sweep. However, the data 
point for the non-boosted case lies above the injector speed sweep. Examining 
Figure 9.16 in detail reveals that the static low- and high-swirl cases reach 
approximately the same peak mass average cylinder temperatures. The 
temperature histories are however different because of the different premixed 
burn fractions. This indicates that the relationship between premixed burn and 
mixing controlled combustion influences the total NO formation. The increased 
bulk mixing in the high swirl case might also become more influential on NO 
formation processes in the non-boosted case because of the higher fuel/air-
equivalence ratio. 

Figure 9.19 shows that the boosted static low- and high-swirl cases have very 
similar cylinder temperature initially since the premixed fractions are quite 
similar. The difference in combustion intensity does not show until after the end 
of injection. It is clear that the high swirl speeds up the late combustion phase 
leading to higher peak mass average cylinder temperature and NO formation. 
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Figure 9.19 Calculated mass average in-cylinder temperatures for the boosted 
case at low and high swirl for a static injector. 
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10.  HIGH ENGINE LOAD  
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10.1. Low swirl case 

Table 10.1 shows the operating conditions of this high load. The overall 
combustion duration is longer than for the lower loads and the constant volume 
combustion is very limited as Figure 10.1 shows. 
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Figure 10.1 p-V plot, 2.0 bar absolute inlet pressure, φ = 0.59, minj = 160 

mg/stroke. 

The emissions of NO, CO and Smoke vs. Injector speed are shown in Figure 
10.2. The influence of injector rotation is vastly different from the lower loads 
previously reported in Chapter 8 and 9 and in Appendices A, D & E. The curve 
fit indicates that the static case has the lowest smoke level. However, the 
situation for low and zero injector speeds is a little more complicated than it first 
seems. The gray data points dubbed “Bad smoke” are excluded from the curve 
fit. They show that the smoke level for a static injector sometimes is significantly 
higher than for a slowly rotating injector. It has been noted that the smoke level 
changes with static angular position of the injector. 
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Figure 10.2 Emissions of NO, CO and Smoke as functions of injector speed for 
an intake swirl ratio of 1.65.  

The combustion chamber is axisymmetric except for the inlet and exhaust 
valves. The explanation to the changes in smoke with angular position must 
therefore be sought in spray/valve interactions. It has been noted that soot 
quickly builds up on the cylinder head window, along the track of the spray. 
Naturally, this deposition must eventually level off so that a steady state soot 
layer thickness is established, otherwise the combustion chamber would 
completely fill with soot. Tree et al. [1] investigated soot deposition. They 
identified soot oxidation directly off the wall (by the flames) as the most plausible 
removal mechanism of soot for their operating conditions. Soot removed this 
way does not contribute to the exhaust emissions. However the smoke readings 
from this engine indicate that a significant fraction of the deposited soot is blown 
off the surfaces into the bulk gases by the incoming air or, more likely, directly 
into the exhaust port during the blow-down phase. The highest flow velocities 
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are encountered in the vicinity of the exhaust valve. Figure 10.1 shows that the 
cylinder pressure is 7 bar as the exhaust valve starts to open. The changes in 
soot blow-off for a given engine load is a consequence of how much soot that 
deposits along the valve seat. This in turn is a consequence of the spray 
direction relative the valve. Soot deposition and its contribution to the exhaust 
smoke level is further treated in Chapter 11. 

One striking observation from Figure 10.2 is that counter-swirl rotation of the 
injector is detrimental to the emissions of smoke and CO. Both the smoke- and 
CO-level increases more than 120% by counter-swirl rotation of the injector at 
−4000rpm compared to the “good” baseline smoke level for a static injector, i.e. 
excluding the “bad” smoke points. This is on the contrary to the smoke reduction 
by counter-swirl rotation that was found for the lower loads. A local smoke 
maximum can be identified on the co-swirl side around 2000-2500 rpm, similarly 
to the lower loads. It can be further noted that the changes in smoke level are 
accompanied by the opposite changes in NO, just like for the lower engine 
loads.  

What causes the counter-swirl rotation of the injector to be so detrimental? 
Some insight can be gained by studying the heat-release rate. Figure 10.3 
shows how the cylinder pressure and calculated heat-release are affected by 
injector rotation. The injection rate is calculated from the injection pressure and 
cylinder pressure for the static case as described in Appendix C. The start and 
end of injection is estimated from additional tests where a needle lift sensor was 
employed. The effects of injector rotation on the cylinder pressure and 
calculated heat-release are larger than previously has been found for the lower 
loads.  
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Figure 10.3 Calculated injection rate, cylinder pressure and calculated heat-
release for injector rotation at -3956, 0 and 2199rpm. 
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It can be observed that the counter-swirl rotation of the injector speeds up the 
initial combustion. This leads to a significantly higher peak pressure. But the 
pressure falls off rapidly thereafter, indicating that the combustion slows down. 
And indeed, the most intense heat-release during the injection driven, mixing 
controlled combustion is found for the static case. The co-swirl case burns most 
slowly and exhibits the lowest peak cylinder pressure. Further insights can be 
gained by plotting the mass burned. Figure 10.4 shows this. 
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Figure 10.4 Calculated mass burned. 

It is obvious that relative speed between the in-bowl air and the injector 
determines the initial combustion progress. The counter-swirl case burns much 
faster in the beginning but is halfway through the combustion overtaken by first 
the static and then the co-swirl case. It seems as if the counter-swirl case has 
depleted the oxygen in the part of the bowl that the sprays can reach just like 
what was observed for the non-boosted intermediate load in Chapter 9. This 
forces the combustion to rely on large-scale bulk mixing in order to mix the fuel 
with the oxygen needed. The burnout is accordingly much slower as Figure 10.4 
shows. The co-swirl case deserves some attention. It can be observed that the 
low relative speed between the in-bowl air and the injector impairs the fuel/air-
mixing. The co-swirl therefore lags the other two cases initially. However, the 
burnout is quite fast and it seems to gain from the longer spray penetration 
which ensures good air utilization. 

Figure 10.5 shows how the peak pressure and angle for 90% burned are 
influenced by the injector rotation. The peak pressure increases for counter-swirl 
rotation up to –3000rpm due to the more intense initial air entrainment into the 
sprays. The burnout is however delayed for counter-swirl rotation, as 
exemplified in Figures 10.3 and 10.4. The lowest peak pressure coincides with 
the position of maximum smoke as shown in Figure 10.2. The burnout is 
surprisingly unaffected by co-swirl rotation. The slow initial combustion seems to 
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be well compensated for by the apparently good air utilization. The explanation 
for the local smoke maximum on the co-swirl side should therefore not be 
sought in a generally slow burnout. It is rather caused by high initial formation 
rate of soot. 
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Figure 10.5 Peak cylinder pressure and crank angle position 90% burned as 

functions of injector speed. 

Figure 10.6 shows the Smoke/CO-ratio. It was introduced in Chapter 9 to clarify 
the reason behind the changes in Smoke and CO. 
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Figure 10.6 Smoke/CO-ratio. The ratio is normalized for a static injector. 
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We know from chapter 6 that the formation rates of CO and soot have different 
dependence on the fuel/air equivalence ratio in a rich combustion situation. It 
can be observed that the ratio stays quite close to unity for counter-swirl rotation 
of the injector. A local maximum is found on the co-swirl side, coincident with the 
smoke maximum shown in Figure 10.2. Figure 10.6 together with Figure 6.13 
shows that the increase in smoke on the co-swirl side is due to locally richer 
combustion because of the impaired air entrainment in to the spray. This 
enhances the production of soot more than CO. The interpretation on the 
counter-swirl side not as straightforward. The enhanced initial air entrainment 
decreases the initial formation of soot. This is followed by increased soot 
formation because of spray-to-spray interaction. General oxygen depletion in the 
combustion zones located in the bowl then hampers both soot and CO oxidation 
during the burnout and this leads to higher emission levels. 

Images acquired through the cylinder-head window shown in Figure 2A can give 
further insights. Figure 10.7 shows images sequences for injector speeds of 
−4000, 0 and +2000 rpm. 

First observing the flame distribution for the two rightmost columns showing 
static injection and co-swirl injection at +2000 rpm. The sprays are freely 
penetrating initially. The penetration clearly lags the intermediate case that was 
shown in Figure 9.5. This has two reasons; the engine speed is 20% higher and 
the ambient gas density is 55% higher. By a crank angle of 4° the reacting jets 
reach the piston bowl wall and this causes the fuel to spread out along the wall 
and subsequently into the narrow squish region. (This is however not that clear 
for the co-swirl case because of rapid soot deposition onto the window which 
obscures the view into the squish region, especially for the printed versions of 
the images.) The injection continues until 18° aTDC and the static case clearly 
has a strong spray driven flow into the squish region. Now observing the 
counter-swirl case. The sprays start to overlap markedly by a crank angle of 4°. 
They are also significantly less bright than the static case. This has likely two 
reasons. First, the air entrainment higher upstream is enhanced and this causes 
the combustion to be leaner and less soot producing. This was demonstrated by 
Higgins et al. [16]. The flame luminosity is dominated by the gray-body emission 
of heated soot particles as they are about to enter the diffusion combustion 
region. Second, the reaction zones in the leading edge of the reacting jet 
appears to be stretched by the “bulging” flow where the intense spray core 
meets fresh air. This causes a thinner and less luminous flame, possibly also 
local flame quenching as discussed in conjunction with Figure 4.6. 

The overlapping reacting jets completely fill the bowl by 8°, coincident with the 
maximum heat release according to Figure 10.3. The heat-release falls off 
thereafter. The counter-swirl case seems not to have any spray induced flow 
into the squish region like the static case. The observed flow into the squish 
region seems rather to be governed by the reverse squish flow that comes into 
play by 10° aTDC as the piston starts to descend. The flames in the bowl seem 
chaotic and it is not possible to identify individual sprays. Frequently there are 
black fuel “blobs” along the window. And indeed, the soot deposition rate onto 
the window is very high above the piston bowl and the pictures for late crank  
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Figure 10.7 Crank angle sequence of flame luminosity. Exposure time = 63µs, 

gamma = 0.45. The swirl ratio is 1.65. The air swirl is counter-
clockwise. 



 

 

106

angles are darkened by the light absorbing soot layer that builds up. (The Soot 
Deposition Rate, SDR is introduced in Chapter 11. The SDR in the bowl region 
increases from 7 to 15 when going from a static injection to –4000rpm counter-
swirl.) The static and co-swirl also have high soot deposition rates. In the static 
case, the soot is deposited mainly along the track of the spray, especially where 
the reacting jet hits the window as it flows into the squish region. In the co-swirl 
case the deposition rate is exceptionally high in the whole squish region and this 
obscures the view as mentioned above.  This indicates that the co-swirling spray 
has higher soot concentrations. And indeed, the co-swirling sprays appear 
brighter indicating that more soot was formed due to the reduced air entrainment 
higher upstream. The co-swirling spray is straighter and the reaction zones 
appears less “stretched” compared to the static, and especially, the counter-swirl 
sprays. This could make the reaction zone thicker and contribute to the brighter 
appearance. 

THERMAL NO – Rotating the injector counter-swirl reduced the exhaust NO 
despite a faster initial combustion rate. Russell et al. [2] suggested a positive 
correlation between peak cylinder pressure and exhaust level of NO. Figure 10.8 
shows the injector speed sweep plotted in Pmax – NO space. 
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Figure 10.8  Peak cylinder pressure and exhaust NO for an injector speed 
sweep from –4000 to +4000 rpm. 

The relationship between peak pressure and exhaust NO is obviously very 
complex. Positive correlation between the peak cylinder pressure and the NO 
level is only found for two injector speed intervals: from +3200 to +4000 rpm and 
from -4000 to -3100 rpm. The correlation is clearly negative between 0 and 
−3100rpm, as noted before. The more intense initial combustion for counter-
swirl rotation is accompanied by increasing smoke and decreasing NO. It can be 
specifically noted that the peak pressure does not change much within –2000 to 
–4000rpm but the NO-level drops significantly. It can be concluded that peak 
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cylinder pressure is a very poor indicator for the changes in NO-level for this 
combination of rotating injector and high engine load. The NO-level was on the 
other hand successfully correlated with the calculated peak mass average 
in-cylinder temperature as shown in Figures 8.3 and 9.18. Figure 10.9 shows the 
relationship for this higher engine load.  

575

600

625

650

675

700

725

750

775

800

825

1500 1510 1520 1530 1540 1550 1560 1570 1580
%�� 	���	�
���"�	��*��������	����������	���"	��

�
�
	�
�
�

�

-4000rpm

+4000rpm

+3200rpm
Static

-2000rpm

 

Figure 10.9  Peak mass average in-cylinder temperature and exhaust NO for 
an injector speed sweep from –4000 to +4000 rpm. 
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Figure 10.10 Measured cylinder pressure, injection rate and calculated mass 
average in-cylinder temperature. 
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There is clearly a positive correlation between the peak mass average cylinder 
temperature and the exhaust NO over the whole injector sweep. Specifically, the 
reduction of the peak mass average temperature is likely partially responsible for 
the decreasing NO-level with counter-swirl rotation. 

It was earlier concluded that the -4000rpm case suffers badly from local oxygen 
starvation. It can therefore be interesting to note that that the slope is steeper 
between -2000 and -4000rpm. It is well known that the oxygen concentration of 
the inlet charge has large impact on the exhaust level of NOx [3]. The instant 
oxygen concentration therefore likely influences the instant NO-formation rate. 
Figure 10.10 shows the measured cylinder pressure and calculated average 
temperature. It is clear that the cylinder temperature peaks approximately 15° 
after the cylinder pressure. Figure 10.8 and 10.9 showed that NO was much 
better correlated with the peak temperature than with peak pressure. This 
suggests that NO formation is more governed by the combustion conditions by 
the time of peak average temperatures than by earlier conditions. The timing of 
the peak mass average temperature coincides with the transition from injection 
driven heat-release to the burnout phase. Dec et al. [5] investigated NO 
formation using PLIF. They found that a large fraction of the NO formation 
occurs after the most intense heat release has occurred. This might be 
surprising since it is well known that NO formation is very sensitive to the 
temperature level and the flame temperature has been reported to have its 
maximum earlier in the combustion event [3]. Heywood [3] and Koyanagi [4] 
report that the NO level can be successfully correlated with the flame 
temperatures. The NO formation is certainly very intense locally when the flame 
temperatures are high. However, the involved volumes are small since the 
diffusion sheet surrounding the spray is thin [6]. So even if the flame 
temperatures and the local NO-production rate goes down during the later part 
of the heat-release, the gas volume with sufficiently high temperature to produce 
NO increases, thus speeding up the total production rate. Furthermore, Larsson 
used the 2-color method and reported that the maximum flame temperature 
stayed quite constant around 2700K after the start of diffusion combustion [7]. It 
did not start to drop until the burnout phase. He also found that the flame area 
with temperature above 2500K peaked approximately 5° after the end of 
injection. This can be considered to be in good agreement with the NO-
production measured by Dec et al. [5]. Schwarz et al. [8] successfully correlated 
flame images with engine out NO. They showed that the area of the hot flames 
peaked late in the cycle. With this background, the decreased NO level for a 
counter-swirl injection can be explained by both the reduced peak mass average 
temperature and a smaller combustion volume that is lacking oxygen. The 
images in Figure 10.7 show that the flames were concentrated inside the bowl 
until 8° aTDC. At this point in time, the heat-release rate drops rapidly as Figure 
10.3 shows. This is in contrast to the static case which still has an increasing 
heat-release rate that peaks around 13° aTDC. This raises the question whether 
or not the –4000 rpm case has depleted the air in bowl around 8°. This could 
provide further explanation to the increased CO and smoke as well as the 
reduction of NO. Figure 3.5 shows that the squish region contains 15% of the 
combustion chamber volume by 8° aTDC. The content of which seems to be 
pure air judging from the 8° image in Figure 10.7. Compared to -8° aTDC on the 
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compression stroke this pure air has been compressed from 88bar to 124 bar as 
Figure 10.3 displays. The temperature has therefore increased from 973 to 
1059K assuming the ratio of specific heats to be 1.33. Altogether, this means 
that almost 20% of the air mass is located in the squish region by 8° aTDC. 
95mg of fuel have been injected by 8° aTDC. There is still enough air to support 
the combustion and it burns fiercely as Figure 10.3 shows. But the heat-release 
drops thereafter. Why? Figure 10.11 shows result from the spray model that was 
described in Chapter 5.  

 

Figure 10.11 ρa = 40 kg/m3, ρf = 813 kg/m3, Injection pressure drop = 350 bar, 
Orifice diameter = 0.22mm, 8° aTDC. The left image shows static 
injection and the rightmost image shows injection at –4000rpm 
counter-swirl.  

Interestingly, the calculations indicate that the spray cores are starting to overlap 
by a crank angle of 8° aTDC. It is easy to image that as the injection continues 
for 10 more crank angle degrees this will lead to oxygen depletion in the center 
of the combustion chamber partly because the overlapping sprays effectively 
hinders the air to flow in between the sprays from the outer regions of the bowl 
in towards the injector tip. The static case has air in between the sprays as both 
Figure 10.11 and 10.7 show. CFD-modeling of static injection shows that the 
flame spread into the squish region simultaneously is accompanied by a flow of 
air in towards the center, driven by the part of the reacting jet that takes a 
downward loop along the piston bowl wall [9]. This is considered important for 
the air utilization and effective “breathing” of the sprays. Therefore, the drop in 
combustion intensity has likely two causes; spray-to-spray interaction and poor 
transportation of oxygen into the center of the combustion chamber. The images 
frequently show that the fuel is forced up against the window for counter-swirl 
rotation of the injector. This shows up at black blobs in the images, see for 
example 10° aTDC in Figure 10.7. The reason for this is believed to be gas flow 
along the piston bowl “floor” towards the center of the combustion chamber. 
Since the sprays are broad and overlapping but still driving a flow of gas from 
the center of the bowl outwards the flow towards the center starts interacting 
with the sprays, frequently forcing them up against the window. As mentioned 
above, the soot deposition rate onto the window is very high above the bowl as 
opposed to the static case which had the most intense soot deposition in the 
squish region where the reacting jets hit the window after a part of them being 
diverted upwards by impact onto the piston bowl wall. 
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So, could the oxygen depletion contribute to the decreased NO emissions? It 
seems likely. By the end of injection, 18° aTDC, the heat-release tells us the 
fuel/air-mixing equivalent to complete combustion of 90mg fuel has taken place. 
Thus, there is 70mg fuel left to combust but the heat-release has been inferior to 
the static case from 10° aTDC indicating that the oxygen supply is poor. And 
given the short penetration with the counter-swirl rotating injector, the later part 
of the injected fuel will probably not contribute to the NO-level much. 

���,�	-�".	�/���	����	

The operating conditions are similar to the low swirl case which was specified in 
Table 10.1 except that the engine now is run with one intake port blocked. This 
increases the air swirl ratio from 1.65 to 2.47. The influence on the emissions is 
clear as Figure 10.12 displays.  
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Figure 10.12  Emissions of NO, CO and Smoke as functions of injector speed 
for an intake swirl ratio of 2.47. 

Comparing Figure 10.2 and 10.12 reveals that increasing the air swirl ratio 
decreases the static smoke level from 0.9 to 0.6 FSN. The perhaps most striking 
feature is that the smoke can be further reduced by co-swirl rotation of the 
injector. This behavior has never been observed for lower loads and indicates 
that the combustion system is “overswirling” for a static injector. 

Figure 10.13 compares the flame spread for a static injector at low and high 
swirl conditions. It is clear that the spray in the right column is affected by the 
higher swirl level. The penetration into the squish region is not as efficient and 
that means that the utilization of all the air is delayed until after the injection 
when the more intense bulk motion agitates the cylinder content. This shows up 
in the heat-release. 
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Figure 10.13 Comparison of static injection at low and high swirl. The air swirl 

is counter-clockwise. 
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Figure 10.14 Calculated heat-release for static injection at low and high air 

swirl. 

Figure 10.14 shows that the two cases burn quite similarly until 10° aTDC. But 
between 10° and 20° the low swirl case burns more intensely since the spray 
penetrates into the squish region that contains fresh air. The high swirl case has 
more intense burnout however. This shows up in the flame luminosity as 
displayed in Figure 10.15. 
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Figure 10.15 Flame luminosity measured as the image mean gray value for the 

low and high swirl static injection. 

We see that the smoke level was reduced by the higher swirl despite non-
optimal air utilization caused by the impaired spray penetration. But as Figure 
10.13 shows, the smoke could be further suppressed by co-swirl rotation of the 
injector. The combustion progress for static and co-swirl rotation is displayed in 
Figure 10.16. Co-swirl of the injector counteracts the loss in spray penetration 
caused by the high air swirl and the air in the squish region can be effectively 
exploited. This is illustrated by spray modeling in Figure 10.17. 
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Figure 10.16 Calculated mass burned for static and co-swirl injection at +2100 
rpm. High swirl. 
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Figure 10.17 High swirl, ρa = 40 kg/m3, ρf = 813 kg/m3, Injection pressure drop 
= 350 bar, Orifice diameter = 0.22mm, 7° aTDC. The left image 
shows static injection and the right image shows injection at 
+2000rpm co-swirl. 

Comparing the left image of Figure 10.17 with the corresponding image at 7° 
aTDC in the right column of Figure 10.13 shows that the penetration is over-
predicted. However, it should be kept in mind that the calculations do not 
account for the piston bowl wall. Figure 10.13 shows that the high swirl spray 
has problems to flow over the rim and it can therefore be interesting to note that 
the modeling predicts that the spray will pass the “wall” at a certain angle. The 
modeling shows that the co-swirl case penetrates perpendicular to the “wall”. 
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Figure 10.18 Smoke/CO-ratio for an injector sweep at high swirl. The ratio is 

normalized for a static injector. 

Figure 10.18 shows the normalized Smoke/CO-ratio. The ratio is close to unity 
for counter-swirl rotation. This shows that counter-swirl rotation makes the air 
utilization worse and this causes the final oxidation to suffer and both soot and 
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CO rises. The Smoke/CO-ratio suggests that the smoke reduction by injector 
rotation up to +2000rpm co-swirl is due to the better air utilization that allows 
improved final oxidation of soot as well as CO. Increasing the co-swirl speed 
further to +3500 rpm improves the air utilization judging from the CO-emissions. 
But the soot-formation goes up since the relative speed between the air and the 
spray approaches zero. This makes the Smoke/CO-ratio to rise because a 
higher fuel/air-equivalence ratio in the spray promotes production of soot more 
than it promotes production of CO.  

THERMAL NO – Figure 10.19 shows the relationship between peak average 
cylinder temperature and the emissions of NO. 
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Figure 10.19  Peak mass average in-cylinder temperature and exhaust NO for 
an injector speed sweep from –4000 to +4000 rpm. Air swirl ratio 
2.47. 

It is clear that the NO formation can be correlated with the peak mass average 
in-cylinder temperature. The coupling is strongest between –2000 and 
+2200rpm. The reason for the less steep slope between –4000 and –2000rpm is 
unknown. However, the data shows that the initial combustion is extremely 
intense at -4000 rpm so we can expect high initial formation rates. 
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�����	Low swirl in-cylinder flow field	

As we have found that efficient air utilization is important for efficient 
combustion, this subchapter will present results from CFD-modeling in Fire™ by 
Lars Dahlén [9]. Only static injector is considered here. Figure 10.20 shows how 
the temperature develops in the plane of the spray as viewed from above. 

   0�      8�        16� 

	

Figure 10.20  CFD-calculated temperature in a plane, inclined from horizontal - 
parallel to the spray axis. View of 45° sector from above. The 
bottom circle segment is the intersection between the plane and 
the piston bowl wall. Courtesy of Lars Dahlén. 

The temperature distribution is what we could expect from the images of a static 
injection at low swirl. It should however be remembered that the CFD-calculation 
treats the turbulence in a simplified manner and all eddies are smoothed out. 
This underestimates the sharp local gradients of the real spray combustion. 
Nonetheless, the calculation captures the relative cool, fuel rich interior of the 
reacting jet which has been observed in several investigations [6,10,11,12,13]. 
Like what could be imagined from the images in Figures 10.7 and 10.13 the 
temperature field of the individual sprays start to overlap during the injection. 
What can be noted specifically is that the temperature close to the nozzle is 
quite low throughout the injection. This is interesting since Siebers and Higgins 
have shown the ambient temperature to be of great importance for the spray 
combustion [14,15,16]. The higher the ambient temperature, the shorter the 
flame lift-off from the injector. The flame lift-off determines the amount of air 
entrained into the spray before the fuel reaches combustion zones. 
Consequently, the higher temperature of the gases at the location of the injector 
tip, the richer and more soot producing the spray becomes. Therefore, if we 
want to limit the production of soot precursors we should feed the upstream part 
of the spray with as cool gases as possible. And as Figure 10.20 gives an 
indication of, that is exactly what seems to be happening for this combustion 
system with a static injector. But what mechanism drives the cool air in towards 
the center? Figure 10.21 shows vector plots in a vertical plane parallel to the 
spray axis. 
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Figure 10.20  CFD-calculated flow vectors in a vertical plane parallel to the 
spray axis. Courtesy of Lars Dahlén. 

The plots are made with one vector per computational cell. The longest clearly 
visible vectors corresponds to approximately 20m/s. Higher velocity vectors are 
plotted with the same color as the background and are therefore invisible. The 
intense flow in the spray itself (and the reverse squish) thus shows up as the 
white vector-free areas. The penetration of the intense core is unmistakable. 
Several observations can be made regarding the flow field that builds up. We 
know that the spray induces airflow outwards and already at TDC it is clear that 
a flow field directed towards the injector tip builds up in order to refill what is 
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“lost” to the spray. By 8° aTDC the intense part of the spray has reached the 
piston bowl wall. This causes a strong flow into the squish region, driven both by 
the descent of the piston and the momentum of the spray. But a part of the flow 
induced by the spray tip penetration diverts downwards along the curvature of 
the piston bowl wall. This helps feeding fresh unused air towards the center of 
the combustion chamber. At 16° aTDC it is clear that the piston bowl rim acts as 
a “traffic divider”, diverting an increasingly larger portion of the spray flow into 
the squish region. This is exactly what we want to happen for the longer injection 
duration at high load conditions that require high air utilization. Figure 3.5 shows 
that by 16° aTDC, 25% of the combustion chamber volume is located in the 
squish region. 

It can be noted that some vectors point into the bowl floor. This is an effect of 
the velocity of the piston since the vectors are related to the stationary cylinder 
head. 

It is important to realize that the images in Figure 10.20 show the flow field in a 
vertical “spray axis plane”. The flow field between the intense spray cores is 
almost completely directed towards the center of the combustion chamber as 
Figure 10.21 exemplifies. The images of Figure 10.21 show all flow vectors, as 
opposed to Figure 10.20. 

	

Figure 10.21  CFD-calculated flow vectors: LEFT - a vertical plane between two 
sprays 8° aTDC. RIGHT - view of 45° sector from above in a 
plane, inclined from horizontal, parallel to the spray axis 16° 
aTDC. Courtesy of Lars Dahlén. 

Figure 10.22 shows the temperature in a vertical plane between the sprays 16° 
aTDC. 
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Figure 10.22  CFD-calculated temperature in a vertical plane between the 
sprays, 16° aTDC. Courtesy of Lars Dahlén. 

It is clear that temperature is kept quite low along the central bowl cone under 
the injector tip and that the combustion products makes a loops down in to the 
deepest part of the bowl, utilizing the air there as well as pushing fresh air 
towards the center. It can be concluded that the combustion system appears 
optimized for high load with long injection duration. The key to a successful 
combustion system is efficient air utilization and fresh air supply to the upstream 
part of the spray. This is accomplished by carefully matching the spray 
penetration and spray direction to the combustion chamber geometry. The 
piston bowl rim seems to play an important role, diverting an increasingly larger 
part of the spray flow into the squish region as the piston descents. The reason 
for the deteriorating emissions with counter-swirl rotation is clear. The desired 
flow field does not build up when the sprays are overlapping and the penetration 
is hampered. This has several unfavorable effects; the air in the squish region 
and in the deepest part of the bowl is poorly utilized and the supply of fresh air 
towards the injector deteriorates. 

10.4. Implications for emissions formation 

The knowledge of how heat-release, exhaust emissions and flame distribution 
are influenced by injector rotation and air swirl at this high load point makes it 
possible to suggest how the formation of exhaust emissions is related to the in-
cylinder processes: 

1. Efficient air utilization is of outmost importance at high load. 

2. For fast and efficient combustion, the air swirl level must be carefully chosen 
to allow spray penetration into the squish region. 

3. Too high air swirl impairs the spray driven combustion. Nonetheless, the 
emissions of CO and Smoke are reduced compared to lower swirl since the 
increased bulk mixing improves the burnout. 

4. The formation of soot is, compared to CO, more sensitive to increasing 
fuel/air-equivalence ratio in the spray.  
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5. The changes in exhaust emissions of NO with changes in injector speed are 
generally better correlated with the peak average in-cylinder temperature 
than the peak pressure. This indicates that a large fraction of the NO-
production occurs during the latter part of the combustion event. 
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�11.  SPRAY/WALL INTERACTION - SOOT DEPOSITION  
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11.1. Introduction 

As shown in Chapter 10, good air utilization is crucial for fast and efficient 
combustion. In practice, this means that the flames have to spread out where 
the oxygen is located. And indeed, visualization shows that pronounced 
interaction between the flames and the combustion chamber geometry occurs 
[1,2,3,4,5,6,7,8,9,10,11]. 

Lu et al. [7] studied diesel spray combustion under a variety of conditions. They 
identified spray/wall interaction as a major soot formation contributor. Higher 
injection pressure did not always lead to lower exhaust soot and this was 
attributed to the stronger wall impact. 

Shih [12] investigated the relationship between emissions and soot deposition 
onto the piston and cylinder head surfaces. He found that the (steady-state) 
mass of the deposits varies in a complex manner with changes in operating 
conditions. Generally, the soot deposit mass reached a minimum for the highest 
loads and this was attributed to better oxidation of the soot that had deposited. 

Dec and Tree [8,9] investigated flame/wall interaction and soot deposition. They 
found that the initial deposition rate was governed by the amount of soot in the 
spray and the amount of spray/wall contact. Furthermore, they found that the net 
deposition rate decreased with time. This can be result of either decreased 
deposition rate or increased removal rate, or perhaps most likely, a combination. 
The removal mechanisms are important to consider, if the soot is oxidized 
directly on the surface, then the soot deposition will not contribute to the engine 
out emissions. However, if the soot is blown off the surface during the blow 
down phase, then we should expect the soot deposition rate to influence the 
exhaust emissions since very limited oxidation is likely to occur in the exhaust 
system. This was suggested by Kittelson et al. [14]. They investigated an in-
direct injection engine and found the soot deposition rate to be 20 – 45% of the 
net soot emission rate. 

Another removal mechanism is spray induced shear as discussed by Tree et al. 
[9]. The soot removed in this way can contribute to the exhaust emissions if the 
particle size is large enough. Reverse squish flow alone is not likely to produce 
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enough strong shear forces to remove deposited soot. Figure 11.1 shows that 
the highest velocities into the squish region are found where the spray flows. 

 
Figure 11.1  CFD-calculated flow vectors in a horizontal plane located 2mm 

above the squish plane of the piston. The inner part of the squish 
plane is indicated by the course circle segment. 8° aTDC. High 
load conditions as reported in chapter 10. The longest visible 
vectors correspond to approximately 20 m/s. Courtesy of Lars 
Dahlén. 

11.2. Image evaluation 

The low load condition reported in Chapter 8 and in Appendix A had very small 
soot deposition onto the window since the short “injection pulse” was stopped by 
the piston bowl wall. The image acquisition could therefore be carried out with 
little window cleaning effort. Up to 130 high-quality images were captured in a 
row and this means approximately one minute of running time. However, the 
soot deposition rate increases drastically with engine load. At the highest load, 
typically only the first 10 out of a total of 40 - 50 could be considered high-quality 
images.  High quality in the sense that no part of the viewed area is seriously 
obscured by soot.  

In order to derive luminosity as a function of crank angle like Figure 9.12 the 
soot deposition rate had to be compensated for. This can be done if the image 
material consists of at least of two image sets acquired in series. An image set is 
for example 21 images acquired from 0 to 20° aTDC using a crank angle step of 
1°. The procedure included the following steps: 
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a) Calculation of the “image average gray value” using Optimas. A 
luminosity value between 0 and 255 was thus obtained. 

b) Backwards correction of the gamma correction setting of the camera. 

c) Set the soot deposition rate (SDR) to an arbitrarily value. 

d) Set the time to zero for the first image and assign each subsequent 
image a time relative the first image. 

e) Correct the value from step b) for each image using Beer’s law, assuming 
constant Soot Deposition Rate (SDR). 

f) Plot the Luminosity vs. Crank angle for the two sets. 

g) Adjust SDR and repeat step e) and f) until that the two curves match each 
other. 

Beer’s law of light attenuation in homogeneous absorbing media takes the form 
[9]: 

/��� κ−⋅= 0              (Eq. 1) 

Where I0 is the initial light intensity and κ is the extinction coefficient and L is the 
path length. (It can here be noted that Suhre �
�����[13] came up with an identical 
expression based on light scattering theory.) Assuming a constant growth of the 
soot layer, (Eq. 1) can be rewritten into: 
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κ         (Eq. 2) 

Eq. 2 is used in step e) above. Figure 11.2 shows how the SDR is adjusted to 
make the two sets of images to match. The left chart of Figure 11.2 shows that 
serious attenuation takes places as the soot deposition goes on. The second 
image set is clearly below the first.  
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Figure 11.2 The left chart shows the gamma-corrected image luminosity as a 
function of crank angle for two image sets without correction for 
the soot deposition. The right chart shows the results when soot 
deposition is corrected for. The lines are 6th-order polynomials fit 
to the data points. Engine speed 1000rpm, minj = 70mg, 
Pin_abs = 1.3 bar, injector speed –5000rpm. Image acquisition rate 
was 2.6 Hz. SDR = 6.22 a.u. 
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The right chart shows that the two image sets are tuned to show a similar time-
history by the correct choice of the SDR. Specifically, the criteria used in Figure 
11.2 for finding the soot deposition rate was simply to have all errors to cancel:  

( ) 021
20

0

=−∑
=&$

&$&$
������           (Eq. 3) 

where IGV1 and IGV2 are the corrected image mean gray value for a given 
crank angle for the two sets of images respectively. In order to present the 
luminosity as a function of crank angle, it is now straightforward to average the 
luminosity for each crank angle and make plots like in Figure 9.12. 

The above procedure was developed in order to make the best use of the image 
material at hand. During the image acquisition, soot deposition itself was not 
considered of interest, only a nuisance. However, during image evaluation soot 
deposition and soot deposit removal appeared to be closely coupled with the 
smoke emissions and had to be considered using the given sets of images. 
However, the SDR obtained in the procedure above has, for several reasons, 
limited value for detailed evaluation of the deposition phenomenon. In order to 
study soot deposition it is recommended to record a large number of images for 
a constant crank angle. Luminosity as a function of time can then be used to 
investigate the (net-) soot deposition rate on the way to a steady state condition. 

11.3. Soot deposition / removal mechanisms 

Suhre et al. [13] investigated different mechanisms causing soot deposition. 
They considered thermophoresis, Brownian diffusion, turbulent diffusion, inertial 
impingement and electrophoresis. Both their analytical study and the engine 
experiments showed that thermophoresis is the main contributor to the soot-
deposits onto the in-cylinder surfaces. They also concluded that inertial 
impingement can play a role. 

Three soot removal mechanisms have been identified in the course of this work: 

• Direct soot oxidation of the flames. 

• Spray induced shear on the window deposits. 

• Exhaust blow-down induced shear in the vicinity of the exhaust valve 
seat. 

Evidence for direct soot oxidation comes from the fact that intermediate loads 
showed the most sooty combustion chamber surfaces. Disassembling the 
engine after high load running revealed very little soot showing that the high 
temperature conditions associated with high engine load facilitate the oxidation 
of soot deposits. 

In order to efficiently describe how soot is deposited and removed from the 
window surface, images are presented. Figure 11.3 shows images from the high 
load case reported in Chapter 10 with static injector.  
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Figure 11.3 High load, low swirl, static injector. 24° aTDC. The left image was 

taken just as the load condition of the engine was established. The 
right image is taken 6 s later. 

First, with the results from Chapter 10 in mind, it can be interesting to observe 
how the flames are spread in both the bowl and in the squish region after the 
end of injection. And indeed, it was concluded that a static injector provides 
good air utilization at high load. Furthermore, Figure 11.3 shows that after only 6 
s of running time significant amounts of soot has deposited on the window. The 
most soot deposit along the track of the spray and in the squish region were the 
spray flows after being diverted by the bowl wall and rim. Furthermore, it can be 
noted that the soot layer is not perfect. It appears pitted, especially were the 
spray flows up towards the window.  Moreover, the images (not shown here) 
give the impression that the net soot deposition rate drops significantly after 
approximately 15 s. This is likely an effect of the increased surface temperature 
of the soot layer that decreases the thermophoretic deposition and enhances the 
soot oxidation. Figure 11.4 quantifies the effect. 
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Figure 11.4 Gamma-corrected image luminosity as a function of crank angle 

for three images sets without correction for the soot deposition. 
The lines are 6th-order polynomials fit to the data points. Engine 
speed 1200rpm, high load, low swirl, static injector. Image 
acquisition rate was 2.4 Hz. 

Without any soot deposition the three curve fits should show approximately the 
same trend. Obviously, the soot deposition is quite high initially and the curve fit 
for the second set of images is clearly below the first. But the net soot deposition 
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rate seems then to decrease since the third curve fit is only slightly below the 
second in a part of the interval. 

The soot deposition pattern is quite different when rotating the injector counter-
swirl. As noted in conjunction with Figure 10.7 the soot deposits preferentially 
above the bowl. This is exemplified in Figure 11.5 

  
Figure 11.5 High load, low swirl, injector speed –4000rpm counter-swirl. 

20° aTDC. The left image was taken just as the load condition of 
the engine was established. The right image is taken 6 s later. 

Here we can notice that the soot deposition rate appears higher than for the 
static injector. Exceptionally high soot deposition rate is found in the squish 
region for a co-swirling injector. This is shown in Figure 11.6. 

  
Figure 11.6 High load, low swirl, injector speed +2000rpm co-swirl. 24° aTDC. 

The left image was taken just as the load condition of the engine 
was established. The right image is taken 8 s later. 

The reason for the intense soot deposition in the squish region is twofold. First, 
the spray contains more soot since the air entrainment higher upstream is 
impaired by the co-swirl injection. Second, the penetration into the squish region 
is stronger. 

In none of the high load cases does the soot layer build up evenly. It also shows 
a pitted and scratched appearance. Nonetheless, the contribution to the exhaust 
soot from particles that were peeled off the surface appears small for this high 
load and the dominating removal mechanism appears to be oxidation directly off 
the surface. The situation is different for intermediate load when the boost 
pressure, and hence the ambient density in the cylinder, is lower. This causes a  
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1st image set     2nd image set 

5�  t = 0 s    t = 8 s 

 

6� t = 0.4 s     t = 8.4 s 

  

7� t = 0.8 s 

    

t = 8.8 s 

 

8� t = 1.2 s 

    

t = 9.2 s 

 

 
Figure 11.7 Intermediate load, high swirl, static injector, no boost. The crank 

angle aTDC is shown to the left for each row. The approximate 
time relative the first image is shown to the left of the image. The 
lowest image in the right column shows a magnified section of the 
image above. 

very intense spray induced flow into the squish region that shears off soot that 
has already deposited. The two images sets in Figure 11.7 are quite similar. The 
soot deposition rate is fairly low and no significant build-up is observed for the 
first image set in the left column. Nonetheless, when the first image in the 
second image set was taken, 9 s after the first image in the first set, some soot 
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deposit has built up and this obscures the flames in the squish region. What is 
interesting to note now is that during a short time span, a significant part of the 
soot deposits is sheared off by the strong spray flow into the squish region. The 
left column corresponds to approximately 10 engine cycles. The size of the soot 
fragments can be estimated. The view into the combustion chamber is 
approximately 42mm wide. The length of the longest peel is approximately 6mm 
and the width is approximately 0.5 mm. Since this peel was created in 10 engine 
cycles the average size of the soot flakes can be estimated to 0.5mm x 0.6mm = 
0.3 mm2. This appears very large compared to the soot particle size that is 
usually reported in diesel exhaust [15,16,17]. The soot flakes certainly are re-
entrained into a very hot and aggressive atmosphere but it seems unlikely that 
all flakes will be oxidized down to µm-range. However, Kittelson et al. [18] 
reports that the frequently employed aerodynamic particle sizing instruments 
(MOUDI, ELPI) have upper particle limits around 10-18µm. This explains why 
course particles seldom are reported. Nonetheless, Kittelson reports that the 
course mode particles contributes to 5-20% of the total emitted particle mass 
[19]. He claims that the course particles consists of agglomerated smaller 
particles (~0.05-1µm) that have been deposited on combustion chamber and 
exhaust system surfaces and later reentrained. Judging from the images, this 
appears to by be in agreement with the current study. 

Rotating the injector co-swirl increases the soot deposition in the squish region 
drastically, likewise for the high engine load. Figure 11.8 shows that both the 
soot deposition and the shear is strong in the squish region due to the more 
soot-laden spray that also penetrates stronger into the squish region. This 
causes a patchy appearance of the soot layer. It appears likely that soot 
reentrained into the bulk gases from the combustion chamber surfaces 
contributes to the increased smoke number observed for co-swirl rotation of the 
injector. It can however not be concluded with certainty from the available data. 

  
Figure 11.8 Intermediate load, low swirl, injector speed +2500 co-swirl, no 

boost. 10° aTDC. The images were taken 8 s apart. 
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SOOT BLOW-OFF - The second mechanism that can cause the deposited soot 
to contribute significantly to the exhaust emission is blow-off of soot that 
deposits along the valve seats. Especially soot that has deposited along the 
exhaust valve seats will contribute to the emissions since this soot is blown off 
during the exhaust blow-down and enters the exhaust system directly with little 
chance for oxidation to have effect. Given the observed soot deposition patterns 
in Figure 11.3 and 11.7 it is easy to envision that the amount of soot that 
deposits along the valve seat is dependent on the angular position of the 
injector. Unfortunately, the angular position of the static injector was never 
controlled during the emissions sampling. Smoke as a function of static injector 
angle can therefore not be presented from the available data. But the fact that 
angular position of the static injector was changed in a random manner during 
each test series makes it possible to deduce whether or not soot blow-off is 
likely to contribute to the engine out emissions. Two observations from the 
available material indicate that it is the case: 

1) The variability of the smoke number is generally higher for a static injector 
than for a rotating injector. 

2) The variability increases with engine load. 

This is exactly what we should expect if the soot blow-off is contributing to the 
measured smoke level. The first observation is a result of two facts: First, soot 
deposition with a rotating injector is more evenly distributed over the cylinder 
head surface than for a static injector. Second, the static position of the injector 
varies in a random manner, occasionally resulting in high soot deposition rates 
along the valve seats. 

The second observation comes from the fact that soot deposition rates 
increases with load. The spread in smoke for a static injector is so large that the 
worst data points were excluded from the curve fit in Figure 10.2. It can here be 
interesting to notice that the spread becomes even larger if the same test is 
conducted with a 6-hole nozzle, as Figure 11.9 displays. 

Additionally, from the viewpoint of chapter 10, it is interesting to see that the 
smoke emissions respond similarly to injector rotation as for an 8-hole nozzle. 
See Figure 10.2. The lowest smoke is found for a static injector (excluding the 
bad smoke points) and the smoke increases for injector rotation in both 
directions. Moreover, the curve fit tells us that the smoke level has increased 
somewhat for a static injector. This is in agreement with the investigations by 
Siebers et al. [20,21] which showed that the spray combustion becomes richer 
with the use of larger nozzle holes. However, the smoke level at high counter-
swirl speed of the injector is not higher with the 6-hole nozzle. This is likely that 
the larger angle between the holes and more powerful penetration with the 6-
hole nozzle decrease the negative influences of counter-swirl injector rotation on 
air utilization. 
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Figure 11.9 Smoke as a function of injector speed. Identical high load 
conditions as for Figure 10.2 except that a 6-hole nozzle is used. 
Nozzle hole diameter =0.25mm. 
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12.   SUMMARY AND CONCLUSIONS 
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12.1. Performed activities 

Experimental activities: 

This work was an extensive experimental activity. A number of mechanical and 
electronic devices have therefore been designed. The most important design 
efforts are listed below. The design was carried out by the author in progress 
unless stated otherwise. 

• The fuel line swivel. It enabled fuel flow into the rotating injector. It was 
designed by Oscar Thorin in cooperation with the author in progress. 
Details of the design process can be found in [1]. The design is also 
illustrated in Figures 2A, 2C, 3C and 1E. The amount of leakage was 
discussed in conjunction with Table 3E. The small influence on the 
injection rate was discussed in Appendix C. 

• The rotating injector. The lower bearing with gas seal required special 
attention and several design iterations were required. The combination of 
two L-shaped piston rings and a diametrical clearance of ≈45 µm gave 
excellent performance with virtually no gas leakage. No signs of wear are 
visible after many hours high load testing. The latest design is shown in 
Figure 5B and 2A. 

• Optical access to the heavy-duty diesel engine. The window is made of 
borosilicate glass and is mounted in a glass holder for easy removal and 
cleaning. No window failure has occurred even though the engine has 
been operated continuously firing at high load with peak pressures 
around 130 bar for up to one minute. Replacing the window with a metal 
insert enables full load testing without time constraints. The design is 
illustrated in Figure 2A. 

The rotating injector has been installed on two engines: 

• Spray formation, spray penetration, vaporization, flame pattern and 
premixed diesel combustion have been investigated on an AVL optical 
research engine. 

• Combustion, emissions formation and flame distribution have been 
investigated on a Scania DSC12-01 heavy-duty diesel engine. 

Additionally, the injection rate was measured using a Bosch-tube, both with and 
without the fuel swivel mounted. 
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Theoretical/analytical work: 

In addition to the experiments, theoretical treatment and modeling of spray 
formation and emissions formation are also important for the overall picture. 
Analytical work was performed to extract the characteristics of sweeping 
injection from the available data. This included: 

• Calculations on the combustion chamber geometry. 

• Calculations of injection rate and comparison with measurements. 

• Development and use of a spray model for calculation of spray 
penetration under the influence of injector rotation and air swirl. 

• Chemkin modeling of rich n-heptane combustion (the calculations were 
performed by Dec [2] and the result was evaluated by the author in 
progress). 

• Automatic image processing in Optimas for evaluation of spray 
dispersion, flame luminosity, flame area and soot deposition rate. 

• Processing of, and cross-correlation between, data on emissions, cylinder 
pressure and flame luminosity for ranges of injector speeds under 
different air swirl- and engine load-levels. 

12.2. Discussion / Summary 

Despite the noticeable turbulent nature of the phenomena involved, the 
sweeping injection influences a number of parameters in a distinct and 
repeatable fashion. Consistent influence from the sweeping injection and air 
swirl has been recorded for a number of measured properties: 

• Spray formation, dispersion, vaporization, penetration and flame spread. 

• Ignition delay and combustion intensity. 

• Indicated mean effective pressure. 

• Emissions of NO, CO and Smoke. 

Firstly, this has enabled systematic investigation of the fundamentals regarding 
the sweeping injection. Secondly, the characteristics of the Scania combustion 
system have been explored from a unique dimension and viewpoint. It was 
found that counter-swirl rotation of the injector often is beneficial to reduce the 
smoke emissions. However, the lowest smoke level is at high load found for a 
static injector. It was also found that the smoke reduction potential was highest 
for intermediate loads. This is summarized in Figure 12.1 which shows how the 
relative smoke reduction and injector speed for lowest smoke change with 
engine load. 
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Figure 12.1 Maximum smoke reduction by injector rotation relative smoke level 
for a static injector vs. fuel/air-equivalence ratio. Also plotted is the 
injector speed at which this maximum reduction is obtained. 
Engine speed 1000 rpm except for the data point at φ = 0.59 which 
was measured at an engine speed of 1200 rpm. Various fuel 
qualities. Intake air swirl ratio = 1.50 – 1.65. 

It is clear that the response to counter-swirl rotation changes with load. The 
higher the load, the sooner spray-to-spray interaction, disturbed flow field and 
deteriorating air utilization limit the highest useful injector speed counter-swirl. 

The research activities can be considered successful since the objectives are 
largely fulfilled. 

12.3. Conclusions 

Going from a normal static injection to a sweeping injection has profound effect 
on spray formation, combustion and emissions formation. 

Imaging of droplets under low density - limited vaporization conditions shows 
that counter-swirl injection creates unique cascading phenomena and larger 
dispersion of the spray. Counter-swirl injection under higher density - vaporizing 
conditions exhibits shorter liquid penetration compared to static injection. This 
shows that the fuel vaporization is enhanced as an effect of enhanced air 
entrainment into the spray core. 

The effects of injector rotation are fundamentally different from the effects of air 
swirl. Nonetheless, a relationship with air swirl is clear. Low relative speed 
between the injector and the in-cylinder air for co-swirl rotation reduces the air 
entrainment into the spray and this increases the soot formation. 
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Injector rotation leads to more pronounced spray curvature than air swirl for two 
reasons: 

• A static injection needs tangential cross flow to create a force that 
“bends” the spray. The rotating injector creates spray curvature from the 
sweeping injection itself in combination with the radial deceleration 
caused by drag forces acting on the penetrating spray. 

• The tangential velocity of the air swirl is often weak close to the injector in 
the center of the combustion chamber. This causes the spray to 
penetrate straight ahead initially. The “bending” does not start until the 
spray has reached into stronger tangential flow. The spray has then also 
slowed down so that the tangential airflow is of comparable magnitude to 
the radial penetration speed. 

Counter-swirl rotation of the injector generally decreases the smoke and CO 
emissions at low to medium engine loads. This has several reasons: 

• Counter-swirl injection enhances the air entrainment into the spray and 
this lowers the fuel/air-equivalence ratio, both for the premixed 
combustion phase and in the rich premixed combustion zone downstream 
the liquid core during the mixing controlled combustion phase. 

• Counter-swirl injection forces the intense fuel-rich and soot containing 
core to penetrate into fresh air instead of replenishing the rich regions in 
the head of the spray. This leads to faster soot oxidation which limits the 
soot particle growth inside the reacting jet. 

• Counter-swirl injection reduces the spray penetration. As an effect, the 
fuel accumulation onto the piston bowl wall is reduced. This enhances the 
mixing controlled combustion phase, especially the burnout, and hinders 
soot particle growth in sheltered regions along the wall. 

However, at intermediate loads, excessive counter-swirl rotation can cause the 
production of soot and CO to rise again. This is caused by spray-to-spray 
interaction and local depletion of oxygen that deteriorates the combustion and 
burnout of soot particles. 

At high engine load, counter-swirl rotation of the injector cannot decrease the 
smoke and CO level. Rather, counter-swirl rotation deteriorates the combustion 
since the desired flow field does not build up. High air utilization for effective 
combustion at high load requires two things: 

• Spray induced flame spread into the squish region. 

• Spray induced flow of cool fresh air from the bottom of the piston bowl in 
towards the center of the combustion chamber. 

Neither of these two things are realized when applying counter-swirl injection 
because of reduced penetration and spray-to-spray interaction. 
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Co-swirl rotation of the injector generally increases the smoke and CO 
emissions. This was attributed to the reduced air entrainment into the spray 
when the spray core sweeps through the combustion chamber with the same 
rotational speed as the in-cylinder air. This increases the soot precursor 
formation. The increased smoke and CO emissions are also attributed to the 
excessively large fuel-rich regions built up against the piston bowl wall. 
Concentrating the fuel into large “blobs” along the wall restricts oxygen supply, 
enhances soot particle growth and delays the final burn out. 

Increased air swirl reduces smoke and CO emissions for all load points tested 
on the Scania combustion system. The effect of the increased air swirl on spray 
penetration is generally weak at low and intermediate loads when the ambient 
in-cylinder density is modest. The reduced smoke and CO emissions are mainly 
an effect of enhanced burnout due to more intense mixing after the fuel injection. 
However, increased air swirl can impede the spray penetration at high loads that 
have high in-cylinder air density. Impeded penetration was found to restrain the 
mixing controlled combustion phase. And indeed, for a high load – high swirl 
case, co-swirl rotation of the injector could be used to improve the spray-induced 
flame spread into the squish region. The air utilization obviously gained from this 
and the smoke was further reduced. 

Chemkin modeling of n-heptane combustion shows that the gain of soot 
precursors from the fuel increases with increasing fuel/air equivalence ratio in 
the range 1 – 4 and stays quite constant for even richer combustion. However, 
the gain of CO from the fuel decreases with increasing fuel/air equivalence ratio 
above 2. Experiments show that the Smoke/CO-ratio increases for co-swirl 
rotation of the injector, thus indicating richer conditions in the reacting jet. 
Accordingly, decreasing smoke level with counter-swirl rotation of the injector 
was accompanied by decreasing Smoke/CO-ratio, indicating leaner condition 
inside the reacting jet as expected. 

The ignition delay is affected by injector rotation. Counter-swirl rotation generally 
decreases the ignition delay and increases the premixed peak. This shows that 
counter-swirl rotation enhances the fuel/air mixing during the ignition delay. Co-
swirl rotation generally has little effect on the ignition delay but the premixed 
peak decreases as a result of the impaired air entrainment. 

Counter-swirl rotation of the injector always speeds up the initial mixing 
controlled combustion phase. Also the latter part of the mixing controlled 
combustion phase and the burnout are enhanced for low to intermediate loads. 
The smoke and CO emission are closely coupled to the burnout phase. 
Excessive counter-swirl rotation can lead to spray-to-spray interaction and this 
deteriorates both the burnout and the smoke and CO emissions. 

Changes in smoke as an effect of injector rotation are generally accompanied 
with opposite, but relatively small changes in NO. Changes in NO-emissions 
with changing injector speed cannot always be successfully correlated with 
changes in peak cylinder pressure. However, changes in NO-emissions with 
changing injector speed generally correlate excellently with changes in peak 
mass averaged in-cylinder temperature which occurs later than peak pressure. 
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This shows that NO-production is strongly influenced by the conditions during 
the latter part of the mixing-controlled combustion and in the beginning of the 
burnout. 

Increased air swirl reduces smoke substantially for all tested load points. This is 
generally accompanied by a small increase in NO. The increased air-swirl level 
is primarily in effect during the burnout breaking up remaining fuel clouds and 
imposing shear on fuel that has accumulated along the piston bowl wall. 

As an effect of spray/wall interaction, soot is deposited onto the piston bowl wall 
and the cylinder head. The initial deposition rate onto a clean window is high for 
intermediate to high loads. For steady state conditions, soot deposition and 
removal must balance. The removal mechanism determines if the soot 
deposition will contribute to the exhaust emissions. Soot oxidation directly on the 
soot layer surface by the diffusion flame will not contribute to engine-out soot. 
However, the images show spray induced flaking of large soot particles. This is 
a potential pathway for engine out soot. The smoke data indicate that soot blow-
off during the exhaust blow-down also contribute to the exhaust emissions. 

The common definition of air swirl ratio in combination with the assumption of 
“solid body” air rotation is not the ideal way to define the in-cylinder flow 
conditions. Spray modeling shows that the radial distribution of tangential 
velocity influences the spray penetration for a given total angular momentum of 
the in-cylinder air. 

Finally, it can be concluded that the rotating injector can be used as a tool for 
examining DI diesel combustion systems. It can for example be used to check 
whether the air swirl level and spray penetration match the piston bowl shape. 

12.4. Hypothesis reformulation 

The working hypothesis, consisting of four part-hypotheses, was proposed in 
chapter 2.2. In essence, it has been strengthened during the analysis of the 
rather large amount of available data. Some minor corrections are however 
justified from the observations: 

Part-hypothesis 1: 

An additional reason for the decreased smoke emissions with counter-swirl 
rotation of the injector at low to intermediate load is the reduced build-up of fuel 
“blobs” against the piston bowl wall. It shall also be added that injector rotation 
counter-swirl can lead to deteriorating combustion at high load since the desired 
flow-field in the re-entrant piston bowl does not build up. 

Part-hypothesis 3: 

Faster initial combustion with higher peak pressure does not necessarily lead to 
increased NO emissions. The changes in NO are better correlated with changes 
in the combustion intensity during the latter part of the mixing-controlled 
combustion and the peak mass average in-cylinder temperature. 



SUMMARY AND CONCLUSIONS 
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This work has covered the essential aspects of DI diesel combustion with a 
rotating injector. During the work, a number of interesting sidetracks have been 
found. It would be interesting to follow up on: 

• The usefulness of injector rotation for combustion system development. 
Especially regarding air swirl matching, piston bowl optimization and 
nozzle specification.	

• Premixed combustion in an engine with larger bore than the AVL optical 
engine. It might be possible to realize premixed combustion and normal 
spray combustion with the same nozzle. The injector is then rotated at 
high speed for limiting the spray penetration when injecting early into low-
density air.	

• Contribution of soot deposition and removal mechanisms to the exhaust 
emissions. Specifically, soot blow-off at the exhaust valve seats and 
spray induced soot deposit flaking.	
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