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Abstract 
When environmental laws are constricted and downsizing of engines has become the reality of the vehicle 

industry, there needs to be a solution for the rise in torsion vibrations in the drivetrain. These increased 

levels of torsion vibrations are mostly due to excitations from the firing pulses, which in turn have become 

increased due to higher cylinder pressures. One of the solutions for further dampening the system is to add 

a centrifugal pendulum absorber to the flywheel, and predicting the behaviour of such a device has become 

imperative.  

The intent of this thesis is to create a model that will accurately emulate the effectiveness and functionality 

of a centrifugal pendulum absorber, so that it can be used in simulations to predict vehicle behaviour with 

its addition. To validate the model, a comparison is made between simulated results, using the model created 

in Adams/Car and Matlab, and road measurements conducted using a prototype acquired by the industry. 

The results from the simulations show that, with existing theory on the subject and software provided by 

Scania, an accurate model can be created. The reduction of torsion vibrations is evident, and the model’s 

behaviour correlates to that of the prototype. 

Future work on the subject requires a larger insight into pendulums tuned to multiple orders, and an 

extension of the model geometry would be advantageous.  

Keywords: CPA, Adams/Car, drivetrain simulations, epicycloid, tuning. 
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Sammanfattning 
När miljölagarna blir skärpta och ’downsizing’ av motorer har blivit verklighet i fordonsindustrin, måste det 

finnas en lösning för att hålla nere de ökade torsionsvibrationerna i drivlinan. Dessa ökade nivåer av 

torsionsvibrationer är främst ett resultat av excitationer från tändpulserna, som i sin tur har ökat till följd av 

förhöjt cylindertryck. En av lösningarna för att ytterligare dämpa systemet är att lägga till ett pendelsvänghjul, 

och att kunna förutsäga beteendet hos en sådan anordning har blivit av högsta vikt. 

Avsikten med denna avhandling är att skapa en modell som tillförlitligt emulerar effektiviteten och 

funktionaliteten hos ett pendelsvänghjul, så att den kan användas i simuleringar för att förutsäga 

fordonsbeteende med denna som tillägg. För att validera modellen görs en jämförelse mellan simulerade 

resultat, med den modell som skapats i Adams/Car och Matlab, och mätningar som genomförs med en 

prototyp från ett företag i industrin. 

Resultaten från simuleringarna visar att med befintlig teori i ämnet och programvara som tillhandahålls av 

Scania, kan en tillförlitlig modell skapas. Reduktionen av torsionsvibrationer är uppenbar, och modellens 

beteende korrelerar med beteendet av prototypen. 

Framtida arbete inom området kräver en större insikt i pendlar inställda till flera ordrar, och en utveckling 

av geometrin skulle vara fördelaktigt. 

Nyckelord: pendelsvänghjul, Adams/Car, drivlinesimuleringar, epicykloid, tuning.  
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Nomenclature 

Abbreviations 
Table 0-1. Abbreviations used in the report. 

Abbreviation Description 
CPA Centrifugal pendulum vibration absorber 
SMF Single-mass flywheel 
DMF Dual-mass flywheel 
COM Centre of mass 

 

Notations 
Table 0-2. Notations used in the report. 

Notation Description 

𝑐 Distance from pendulum COM to flywheel COM   

𝐷 Displacement of roller-curve vertex from pendulum COM in y-direction 

𝐻0 Displacement of roller-curve vertex from pendulum COM in x-direction 

𝐼𝑒𝑞𝑢𝑖𝑣 Equivalent moment of inertia for pendulums 

λ Dimensionless parameter determining curve type 

𝑛 Order of torsion vibrations 

𝜌0 Local radius of curvature 

𝑟 Radius of curvature 

𝑅 Distance from centre of rotation for pendulum to flywheel COM 

𝜃 Angle between x-axis and tangent to roller-curve 
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1. Introduction 

1.1 Problem background 
The future of the vehicle industry is lit by environmentally and economically pressurising lights. The industry 

is facing the fact that the way forward includes even more drastic measures than those achieved over the 

last two decades, during the era of Euro-classified engines. The evolution of the combustion engine will 

come bringing downsizing in a number of ways; minimising engine mass, reducing the amount of cylinders 

and lowering rotational speeds. The challenge now lies in keeping vehicles at the current comfort standard 

since a lot of the changes, however positive in environmental ways, will create other issues that have to be 

dealt with. 

Downsizing in particular causes vibrations to increase in the drivetrain causing unfortunate levels of 

discomfort and noise. Not only does the driver experience this change in environment, but when it comes 

to acoustics, so does the rest of the population. There are strict regulations and limitations when it comes 

to noise levels for trucks, and they are constantly being revised and constricted. 

This increase in vibrations combined with stricter regulations gives Scania a strong incentive to look into 

vibration reduction within the drivetrain. A centrifugal pendulum vibration absorbers is a good torsional 

vibration reduction system, but its effectiveness has not been studied to the same extent as for example the 

DMF, dual-mass flywheel. Therefore Scania are interested in using a model of the CPA, centrifugal 

pendulum absorber, in simulations, but do not yet have such a model. 

1.2 Purpose 
The purpose of this project is to create a general model of a CPA on a SMF, single-mass flywheel, for use 

in future simulations at Scania. The model should be able to accurately emulate the performance of a 

prototype acquired from the industry, and should be modelled based on previously written theory on the 

subject, using software provided by Scania. 

1.3 Overview 
Chapter 2 includes the necessary information about CPAs for the reader to fully follow the reasoning behind 

the actions taken to create, modify and improve the model. The model description and modelling process 

can be found under chapter 3, together with an introduction to the software used. 

A parameter study using a simplified drivetrain model can be found in chapter 4, and the results of the full 

drivetrain simulations can be found in chapter 5. Leading into chapter 6, the reader is provided with 

interpretations of the results, a recommendation for future studies on the subject and future work to be 

done to the model. References and appendices are listed at the end of this paper. 

1.4 Delimitations 
The most important delimitations are as follows; 

 The Coriolis force is considered to be small, and is therefore neglected 

 Only torsion vibrations are taken into consideration 

 The model is only optimised for the primary harmonic order of torsion vibrations 

 One vehicle configuration is used, with a six cylinder engine 

 Simulations are performed using one gear 

 Geometry has been simplified  
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2. Theoretical background 
To understand the reasoning behind the building and optimising of the model, the theoretical background 

is presented below. This chapter includes an introduction to vibrations in the drivetrain, methods used to 

reduce vibration transmission, a detailed description of the CPA geometry and its functionality, and also the 

most important design parameter; the paths that the pendulum masses move along.  

2.1 Introduction 
The firing pulses of the cylinders in the engine excite vibrations, which are transported along the drivetrain 

into the rest of the vehicle. Especially detrimental for noise levels is the transmission of these vibrations 

into the gearbox. At all times, the gearbox has some gears not in use, and they are decoupled from the 

synchronisers. Vibrations of these decoupled gears result in gear rattle, an un-wanted noise particularly loud 

at low rpms.  

When downsizing an engine, the amount of cylinders is often reduced. To keep comparable performance 

of the smaller engine to the larger, the cylinder pressure is raised (increasing the compression ratio), leading 

to larger ignition pulses. This increase in energy evidently leads to an increase in wasted energy, in the form 

of torsion vibrations in the drivetrain. Customers asking for high performance vehicles are not likely to 

compromise when it comes to comfort standards, and neither are the authorities when noise levels are 

concerned. So, the increase in torsion vibrations must be dealt with, and there are a few different solutions 

to the upcoming problem, further discussed in chapter 2.1.2. 

2.1.1. Vibrations and modes in the drivetrain 
There can be large fluctuations of the total torque during each revolution of the engine, due to the time 

variation of the two torque components; gas torque and inertia torque. (These two components both include 

a term dependent on the time and the engines rotational speed). Additionally, the flywheel will experience 

torque fluctuations as the dynamic torque from the firing pulses acts on the crankshaft. The magnitude of 

these fluctuations are determined by a couple of variables including the number of cylinders, the firing order 

and intervals, and combustion pressure variations. Together, the fluctuations due to time variation of total 

torque and firing pulses cause torsional vibrations that propagate to the flywheel and eventually the gearbox 

[1]. 

The flywheel in itself will dampen a lot of these fluctuations, leading to a more constant output torque and 

engine speed. To further aid the flywheel, a torsional damper can be added to the clutch. This is effective 

to some extent, and when it is no longer sufficient in keeping vibrations small enough, the CPA becomes a 

relevant addition to the system. 

The rotational modes of the drivetrain are ordered after the stiffness of connecting shafts, from the most 

compliant to the stiffest. The first two rotational modes are dependent on the stiffness of the driveshaft and 

the rotational stiffness of the tyres, being the most compliant shafts of the system. For a truck, the second 

order rotational mode is dependent on the clutch damper stiffness. Higher order modes involve the gearbox 

and then the crankshaft, which is the stiffest shaft of the drivetrain. It has a natural frequency at (at least) 

one order of magnitude higher than other components, which makes it perfect to analyse separately from 

other components in the drivetrain [1].  

When the natural frequency of the clutch damper rotational mode coincides with the rotational speed of 

the engine, torsional resonance will occur. The speed at which this occurs is called the critical speed. One 

of the most troublesome engines, with a critical speed within normal operating range, is the inline 6-cylinder 

diesel [1]. 
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2.1.2. Methods to reduce vibration transmission 

The single-mass flywheel (SMF), or rigid flywheel, which is the conventional system used in most heavy 

vehicles, has become somewhat inept in terms of torsion vibration reduction. Fitting a torsion damper on 

the clutch has also become standard for heavy vehicles. Modifying the characteristics of this damper can be 

a solution to some vibrational problems, but for a large increase in torsion vibrations, this will be insufficient. 

Other options are implementing a dual-mass flywheel, DMF, which has been proven to be a good absorber 

for this purpose [1], [2]. 

The DMF can be fitted with inner dampers, and this configuration enables for good vibration isolation at 

high rpms, but experiences problems at lower speed ranges due to the relatively high spring rate of the inner 

damper. For small orders of excitation, read small engines, the resonance of the DMF will be pushed to 

speeds within the speed range of the engine due to the higher drivetrain stiffness associated with shorter 

crankshafts, causing excess vibrations at certain critical speeds [2]. 

Instead, fitting centrifugal pendulum absorbers to the drivetrain can be the better solution. Nester et al. [3] 

tested replacing the counterweights on a crankshaft of a heavy vehicle with absorbers of the bifilar type with 

circular paths (for more insight in paths, see chapter 2.2.3). The vehicles experiencing problems were ones 

where cylinder deactivation was possible. The engine was a V8 engine which, by disabling half of the fuel 

injectors, could run as a V4. Vibrations were specifically enhanced when idling in V4 mode, and therefore 

the CPA configuration was used to minimise torsion vibrations of the second order. This was very 

successful, which also was the case for Borowski et al. [4] in 1991. Eight tests were conducted using two 

nominally identical vehicles, one fitted with the CPA and one without, where the increase in amplitude of 

oscillations was caused by an increase in load. Best results were found at high loads, were oscillation 

amplitudes were the greatest. 

The Master’s thesis conducted by Wedin [5] in 2011 is a study on CPAs mounted on the secondary flywheel 

of a DMF. Different paths and configurations are tested so as to find the most efficient for the purpose of 

torsion vibration reduction. Simulations are performed using a simplified model of the drivetrain of a Volvo 

car in Simdrive. Delimitations are similar to those in this report, apart from the fact that the motion of the 

pendulums are limited to unison motion. The simulations show that cycloidal and epicycloidal paths provide 

best reductions in torsion vibrations, and that the epicycloidal path has the most even reduction through-

out the speed range. 

When circular and cycloidal paths are compared, such as the article by in Alsuwaiyan and Shaw in 2002 [6] 

among others, cycloidal paths are preferred. They can be mistuned so that instabilities like bifurcation to 

jump and non-unison oscillations are not present within the operating range of the engine (read more about 

instability in chapter 2.2.4). Keeping mistuning levels small is promoted, as large mistuning levels might 

provide a larger operating range of the CPA, but can decrease performance. Epicycloidal curves are 

promoted in Pfabe and Woernle’s article from 2009 [7] and in Denman’s work [8] where he states “second 

order, bifilar pendula moving on epicycloidal curves are shown to cancel most of the second order torque 

caused by inertial and gas pressure effects, over a wide range of amplitudes”. Denman studies pendulums 

on the crankshaft of a four cylinder engine, which is why the second order vibrations are considered. 

In this thesis, a model of a CPA with epicycloidal paths is mounted to a single-mass flywheel, SMF. The 

motion of the pendulums are not limited to unison motion, and all vehicle parameters are given due to the 

use of a vehicle already in production. The choice of using the SMF and not a DMF, which has been proven 

a success, is based on the fact that Scania trucks already use an SMF. First of all this means that there is 

limited space. Second of all, using a SMF could keep the weight down and thirdly, it is less expensive than 

a DMF. The equations used are inspired by Denman’s [8] generalised curves, where a simple change of 

parameters can modify the curves in whichever way necessary. Simulations and road measurements will be 



 

7 
 

compared to each other so as to verify the effectiveness and functionality of the model, as well as to compare 

the model to the prototype. 

2.2 The CPA 
The CPA-flywheel is used to counteract torsional vibrations induced by the engine. Below is a description 

of the geometry and functionality, where focus is laid on the paths of the roller-curves. 

2.2.1 Geometry 
The centrifugal pendulum vibration absorber is composed of a series of masses that are hung on rollers, on 

either side of a carrier. The carrier is bolted to the flywheel at an offset, so as to leave space for the part of 

the pendulum masses hanging between it and the flywheel. These masses, referred to as pendulums or 

absorbers, have cut-out paths where the rollers sit, see figure 2-1. On the carrier, there are cut-out paths in 

the same shape as those on the pendulum masses, but inverted and larger. The rollers have a larger diameter 

in the middle (where they lie through the carrier), see fig.6 and fig.8 in figure 2-1, so as to not slip out of the 

paths at either end of the pendulums. Figure 2-1 is an example of how a CPA configuration could look like. 

 

Figure 2-1. Figures from patent EP 1780434 A2, showing possible geometry of a CPA-flywheel [9]. 

2.2.2 Functionality 

The flywheel has a direct connection to both engine and gearbox, and will therefore transmit vibrations 

from one to the other. As mentioned in chapter 1.1, there is a great need for minimising engine vibrations 

and especially torsional vibrations generated by the firing pulses in the cylinders. The firing pulses add a 

dynamic torque component to the engine torque, which increases its amplitude irregularly. 

The pendulums, or absorbers, form a separate spring-mass-system to the general power flow. This separate 

system absorbs and stores residual kinetic energy from the rotating flywheel and returns it to the system at 

the suitable time so as to maintain a more constant angular velocity. When the absorbers are tuned correctly 

(see chapter 2.2.4), they will be excited with their resonance frequency, and will return the stored energy in 

such a manner that undesirable vibrations will be neutralised [2], [3], [10]. 

The returning of the residual energy to the flywheel induces a counteracting torque, and its size is determined 

by the centrifugal force of the rotating flywheel. Since the gravitational force is many orders smaller, it can 

be neglected. The same goes for the Coriolis force. The centrifugal force is speed-dependent causing the 
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absorbers to be so as well. Thereby, the CPAs natural frequency varies with speed and vibrations of a certain 

order can theoretically be cancelled out, independent of frequency [2]. 

The order of the vibrations that are to be cancelled out is determined directly by the amount of cylinders in 

the engine, since the torsional vibrations are induced partly by the moving parts in the engine and partly by 

the gas pressure in the cylinders, i.e. the firing pulses. In this report, only the vibrations induced by the firing 

pulses are taken into account. The firing pulse of one cylinder occurs once every two revolutions of the 

crankshaft, meaning that the order will be half of the amount of cylinders. 

2.2.3 Paths 

When designing a CPA, one of the most crucial considerations is the paths that the rollers move along, later 

referred to roller-curves. The shape, size and position of the paths is vital in determining the functionality 

and effectiveness of the configuration. Important to note is that the path that the pendulum centre of mass 

moves along is assumed to be the same shape as the roller-curves, but inverted. 

One of the most defining characteristics of a curve path is its non-linear behaviour. The non-linearity is 

discussed in more detail in chapter 2.2.4, but noteworthy knowledge now is that the shift from linear 

movement occurs at high pendulum amplitudes. Paths can be divided into three categories; hardening, 

softening and neutral. A pendulum on a path with hardening non-linear behaviour, such as a cycloid, 

experiences an increase in oscillatory frequency as the amplitude increases. And the opposite is true for a 

path with softening behaviour – the frequency of oscillation decreases as the pendulum amplitude increases, 

which is typical for circular paths. The third characteristic, earlier referred to as neutral, is more commonly 

known as tautochrone. A tautochrone path maintains the same oscillatory frequency through the range of 

amplitudes [6]. 

Different paths can have tautochronous motion in different systems. The cycloidal path has tautochrone 

behaviour in system where the dominant force is gravitational, and the epicycloidal path has tautochrone 

behaviour in a system where the centrifugal force is dominant. The flywheel system can be considered to 

be centrifugal force dominant at engine operational speeds. Therefore, the epicycloidal path has the desirable 

characteristics for implementation of a CPA. 

Figure 2-2 shows how an epicycloidal path is made. A small circle is rolled along the periphery of a larger 

base circle. A point is fixed on the small circle and traced as the circle rolls, creating an epicycloidal curve as 

a result.  

 

Figure 2-2. Creating an epicycloidal curve. 
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2.2.4 Tuning and stability 

The pendulums could in theory be replaced with a moment of inertia 𝐼𝑒𝑞𝑢𝑖𝑣. This inertia, around the 

rotational axis of the crankshaft, would counteract an angular acceleration �̈� with −𝛼 ∙̈ 𝐼𝑒𝑞𝑢𝑖𝑣, and this 

would mean that 𝐼𝑒𝑞𝑢𝑖𝑣 = 𝐼𝑓𝑙𝑦𝑤ℎ𝑒𝑒𝑙 (this applies only to an un-damped pendulum during constant rotation 

speed with small sinusoidal oscillations as derived by Hartog [11]); 

 
𝐼𝑒𝑞𝑢𝑖𝑣 =

𝑚(𝑅+𝑟)2

1−
𝑟

𝑅
𝑛2

. (1) 

In equation (1), 𝑚 represents the mass of the pendulum, 𝑅 + 𝑟 the radius from the centre of the flywheel 

to the pendulum centre of mass, and 𝑛 the order of the torsional vibrations. 

The numerator of equation (1) represents the moment of inertia of the pendulum as it would be if it was 

fixed to the flywheel. That means that the denominator represents a factor of multiplication. When 

 
𝑛2 =

𝑅

𝑟
 (2) 

the denominator will be zero and  𝐼𝑒𝑞𝑢𝑖𝑣 will become infinitely large, and the pendulum is tuned. The tuning 

of the pendulums is thereby dependent on the placement of the rollers from the centre of the flywheel, as 

well as the size of the rollers and the cut-out paths they follow. 

This tuning relationship is only accurate for small pendulum amplitudes. When looking at circular shaped 

curves, stability problems occur when the pendulums reach high amplitudes. The circular path has, as 

mentioned earlier, a softening effect – the natural frequency of the pendulum becomes smaller as the 

pendulum amplitude increases. This can have catastrophic effects, in some cases even leading to an increase 

in vibration amplitudes. There is a solution to this effect which incorporates mistuning [3]. 

Intentional mistuning is a method where the pendulums are intentionally tuned for an order different from 

the order of the vibrations that need to be absorbed. There are two cases of mistuning; 

1. Positive mistuning/overtuning – order is set higher than engine vibrations 

2. Negative mistuning/undertuning – order is set to lower than engine vibrations. 

Mistuning is used to manipulate the occurrence of the instability. Overtuning will push the excitation point 

to higher amplitudes which will delay the non-linear effects, whereas undertuning will have the opposite 

effect and is therefore not recommended. Logically it will cause instability at an earlier stage (lower vibration 

amplitudes) which would be counterproductive [6]. 

There are two possible outcomes when unstable conditions are reached, and they are; 

1. Bifurcation to non-unison – the pendulums lose their synchronous character 

2. Bifurcation to jump – all absorbers are subject to a non-linear jump at the same time. 

The epicycloidal curves allow the pendulums to have a close to linear behaviour, due to its tautochrone 

properties, and it is therefore not necessary to mistune for instability reasons. Overtuning of epicycloidal 

curves can however be implemented to prevent future undertuning. Over time material can be worn down, 

and this will most likely first occur along the periphery of the rollers or in the bottom of the roller-curves. 

With this wearing of material, the order will come to change as the local radius of curvature (or the diameter 

of the rollers) will change, causing the pendulums to be mistuned.  
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3. Method 
This chapter describes the construction of the CPA model in Adams/Car, and also introduce the theory 

behind the mathematical curves defined in Matlab.  

3.1 Building the model in Adams/Car 
In Adams/Car, the building of a model first takes place in template mode. The template for the single-mass 

flywheel used in Scania trucks is re-scripted to include the pendulum masses and all new features needed. 

The new CPA template becomes a sub-system, which then becomes a part of an assembly containing several 

sub-systems. Below, a simplified illustration of the assembly that the CPA template has been used in is 

visualised in figure 3-1, and on left in figure 3-2. The engine, gearbox and vehicle mass blocks represent 

inertias of the parts of the system not included in the assembly. These blocks are modelled as test rigs, one 

at the front and two at the rear, as visualised in the flow chart below. The reason for having these blocks is 

to model the correct relationships between different parts of the truck, so as to include the inertias and eigen 

frequencies of the system.  

 

Figure 3-1. Simplified model of Adams assembly. 

The template of the CPA can be seen in figure 3-2. The foundation of the template is a single mass flywheel, 

which is re-scripted to include the pendulum masses and all features that come with them. The curves on 

the pendulum masses are generated by general splines, which in turn retrieve position data from the Matlab 

script found in Appendix A. The movement of the pendulum masses is restricted to follow the curves and 

this is done by using a point-to-curve constraint. This entails a fixed point on the flywheel to follow the 

curve of the pendulum mass. The pendulum masses are locked so that they are flat against the flywheel at 

all times, but no friction is added in the connection between the two. For more detailed insight into the 

model, see Appendix B. 

 

 

 

 

 

 

 

 

 

 

Figure 3-2. Right: Flywheel-CPA template, left: simplified drivetrain model as seen in figure 3-1. 
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3.2 Creating the curves in Matlab 
The curves are defined in Matlab, in a function file that is included in Appendix A. A matrix is created from 

the x- and y-positions and a gsp-file (general splines data file) is generated and sent into Adams/Car, where 

the curves are created as described in the previous chapter. Figure 3-3 is a simplified illustration of one 

pendulum mass, with roller-curves and rollers. The roller-curves, as seen in the CPA-template in figure 3-2, 

are traced through the middle of the rollers, and the centre of mass of the pendulum is centred above the 

two curves. 

 

Figure 3-3. A pendulum mass with roller-curves. 

The curves for the rollers are epicycloidal (seen as curves drawn through the centre of the rollers in figure 

3-3), and their general equations are found in equations (6) and (7) below.  

 
𝑥 = −𝐻0 + (

𝜌0

1 − 𝜆2
∙ (sin 𝜃 ∙ cos 𝜆𝜃 − 𝜆 sin 𝜆𝜃 ∙ cos 𝜃)) 

 

(6) 

 𝑦 = −𝐷 + (
𝜌0

1 − 𝜆2
∙ (1 − cos 𝜃 ∙ cos 𝜆𝜃 − 𝜆 sin 𝜃 ∙ sin 𝜆𝜃)) 

 

(7) 

𝐻0 and 𝐷 are the distances in x- respectively y-direction from the vertex of the roller-curves to the centre 

of the flywheel, 𝜌0 is the local radius of curvature at the vertex of the curve (see figure 3-4), 𝜆 is a 

dimensionless variable that determines the type of curve, and 𝜃 is the angle between the x-axis and the 

tangent of the curve (at the position of the roller), also seen in figure 3-4 below. 

 

Figure 3-4. Roller-curves, showing angle of extent and radius. 

The curves are angled with 𝛽𝑐𝑒𝑛𝑡𝑟𝑖𝑓𝑢𝑔𝑎𝑙, as seen in figure 4-1. The vertex is directed towards the centre 

rotation, which in this case is the centre of the flywheel. This is done to emulate the performance and 

properties of the prototype with which the performance of the modelled CPA will be compared to.  

𝜌0 

𝜃 

Centre of pendulum mass 
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4. Parameter study 
A parameter study is conducted so as to find an optimal epicycloidal curve to minimise torsion vibrations 

in the drivetrain. The goals for the parameter study are;  

1. To find a curve causing the pendulums to oscillate in unison at the lowest possible rpm 

2. To find a curve causing the flywheel to have the lowest possible angular acceleration. 

These goals are based on the fact that having unison oscillations are considered to be the most effective way 

to reduce torsion vibrations. Also, having low angular accelerations is a direct product of minimised torsion 

vibrations. 

4.1 Simulation environment 
The study is carried out using the simplified drivetrain model shown in figure 3-2, in simulated speed sweeps 

from 2000-600 rpm in 60 seconds. The throttle is ramped to maximum value and after that the rpm is 

ramped until the simulation ends. The engine torque is kept at a constant value of 2500 Nm and the dynamic 

torque at a factor 0.4 of the engine torque. The mass of the CPA is changed so as to match its inertia to the 

SMF used as reference. This is done to keep the mass from becoming a decisive factor in the results.  

The parameters varied in the study are 𝜌0, 𝜆 and 𝜃, and calculations are made to find reasonable values at 

which to vary these parameters. Their calculations can be found in the next coming 3 chapters. 

4.1.1 The angle of extent, 𝜃 

When it comes to the angle of extent, 𝜃, there is an upper limit when designing the roller-curves. When this 

limit is reached, the functionality of the CPA is deteriorated. This limit is reached when the rollers reach a 

point on the roller-curves where the tangent between the curve (at the roller position) and the x-axis passes 

through the centre of rotation, see left side of figure 4-1 below. When the roller reaches its turning point 

there, the component of the total centrifugal force on the roller normal to the roller-curve becomes 

approximately zero. Here the frictional forces on the rollers become small, permitting sliding, causing the 

behaviour of the pendulum to become unpredictable in the absence of end-stops. 

 

Figure 4-1. Left: theta-max for un-tilted curve, right: theta-max for tilted curve. 

This limit is, as mentioned, reached when the rollers reach a point ([𝑥, 𝑦] in the global coordinate system of 

the flywheel) on the roller-curves where the tangent of the curve (at the roller position) passes through the 

centre of rotation (the centre of the flywheel). The critical point fulfils the following equation; 

 [
𝑑𝑦

𝑑𝑥
]

𝑐𝑟𝑖𝑡𝑖𝑐𝑎𝑙
=

𝑦𝑐𝑟𝑖𝑡𝑖𝑐𝑎𝑙

𝑥𝑐𝑟𝑖𝑡𝑖𝑐𝑎𝑙
. 

 

(8) 

Centre of flywheel 
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For a system with roller-curves parallel to the x-axis, as seen to the left in figure 4-1, the maximum angle of 

extent is given by 

 𝜃𝑚𝑎𝑥 = tan−1 ([
𝑑𝑦

𝑑𝑥
]

𝑐𝑟𝑖𝑡𝑖𝑐𝑎𝑙
) = tan−1 (

𝑦𝑐𝑟𝑖𝑡𝑖𝑐𝑎𝑙

𝑥𝑐𝑟𝑖𝑡𝑖𝑐𝑎𝑙
). 

 

(9) 

Typically, the critical curve offset 𝑥𝑐𝑟𝑖𝑡𝑖𝑐𝑎𝑙 is much smaller than the critical radial offset 𝑦𝑐𝑟𝑖𝑡𝑖𝑐𝑎𝑙 , and so the 

angle 𝜃𝑚𝑎𝑥 for a curve parallel to the x-axis approaches the value of 90°. 

The roller-curves in the Adams model are angled in the direction of the centrifugal force, out from the 

centre of rotation, see the right side in figure 4-1. So for this tilted system, the critical angle, 𝜃𝑚𝑎𝑥, is the 

angle calculated in equation (9) minus the angle that the curves are angled. 

4.1.2 The curve type parameter, 𝜆 

The curve parameter 𝜆 decides the type of curve, and can take any value between 0 ≤ 𝜆 ≤ 1. For a circular 

curve, 𝜆 = 0, and for a cycloidal curve 𝜆 = 1. These are two types of curves that are investigated by several 

different parties in the development of the CPA. Consensus is reached about the epicycloidal curve being 

the most effective in a centrifugal system like that of the CPA. 

Epicycloidal curves can be found in the interval 0 < 𝜆 < 1. The curve-type parameter for an epicycloid is 

calculated using 

 
𝜆2 =

𝑛2

(𝑛2+1)
. 

 

(10) 

This equation gives the starting value for 𝜆 used when conducting the parameter study. 

The parameter n is the order of the torsion vibrations. For a six cylinder engine, there will be six combustion 

pulses every two revolutions of the crankshaft, and thereby three pulses every revolution. The order of 

torsional vibrations is thereby three. 

4.1.3 The local radius of curvature, 𝜌0 

The local radius of curvature decides the radius of the curve at the vertex. All types of curves; circular, 

cycloidal and epicycloidal, will have a circular shape at the vertex. Therefore, the tuning relationship in 

equation (2) can be used, replacing 𝑟 with 𝜌0, to find the local radius of curvature 

 𝜌0 =
𝑅

𝑛2. (11) 

 

Table 4-1 shows the calculated values of 𝜌0, 𝜆 and 𝜃 and which values they are varied between in order to 

find the optimal curve. 

Table 4-1. Values used in parameter study. 

Parameter Calculated starting value Varied between in simulation 

 𝜌0 17.65 mm 17-19 mm 

𝜆 0.949 0.9-0.99 

𝜃𝑚𝑎𝑥 74.5° Maintained at 70° 
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4.2 Results from the parameter study 
In figure 4-2, the standard deviation in distance between the six pendulums on the flywheel can be observed 

with changing rpm. A large standard deviation means that the pendulums are not moving in unison, and 

that they are hitting the ends of the curves. As mentioned before, this is unwanted behaviour and any forces 

measured after this shift are not reliable. In figure 4-2 through 4-7 the curves represent combinations of 𝜌0 

and 𝜆 – the values in table 4-1 are used. Figure 4-2 includes the standard deviation for all the combinations 

of 𝜌0 and 𝜆. 

 

Figure 4-2. Standard deviation of flywheel's six pendulums as a function of rpm. 

Figure 4-3 presents all curves for which 𝜌0 = 18.4𝑚𝑚, and it clearly shows this shift, from unison to non-

unison behaviour, to be at around 800 rpm for these curves with constant 𝜌0 and varying 𝜆. The difference 

between the curves is quite small, therefore 𝜆 has little effect on this shift in behaviour. 

 

Figure 4-3. Standard deviation of flywheel's six pendulums, constant 𝜌0 = 18.4mm. 
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In figure 4-4, 𝜆 is kept constant at 0.92 and 𝜌0 is varied. Here it is observed that the curves with the lowest 

values of 𝜌0 maintain unison behaviour down to lowest rpms. The difference between the curves is larger 

than those in figure 4-3, indicating that 𝜌0 has a larger effect than 𝜆 on the behaviour of the pendulums. 

 

Figure 4-4. Standard deviation of flywheel's six pendulums, constant λ = 0.92. 

Figure 4-5 shows the angular acceleration of the flywheel changing with rpm, for all combinations of 𝜌0 

and 𝜆. Looking at the graph, it is evident that all combinations of 𝜌0 and 𝜆 show a lower angular acceleration 

than the single mass flywheel used as reference.  

 

Figure 4-5. Angular acceleration of flywheel as function of rpm. 

Single mass flywheel 
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Figure 4-6 is a representation of the angular acceleration of the flywheel when 𝜆 is kept constant and 𝜌0 is 

varied. It can be seen that when 𝜌0 goes from 18mm to 18.4mm (the two lowest curves in the graph) there 

is a drastic drop in angular acceleration at high rpms. It can be assumed that, with a local radius of 18.4mm, 

the natural frequency of the pendulums comes closer to match the frequency of the torsion vibrations than 

for other radii. For higher 𝜌0 than 18.4mm, the shift to non-unison behaviour occurs almost immediately 

after simulation start, and these curves have been excluded from the results. 

 

Figure 4-6. Angular acceleration of flywheel as function of rpm, constant λ = 0.92. 

The change in radius 𝜌0 seems to be the deciding factor, and it is evident that large values in 𝜌0 (up to 18.4 

mm) produce low values in angular acceleration. The difference between different values of 𝜆 can be 

observed in figure 4-7, where 𝜆 is varied and 𝜌0 is kept constant. Again, it is evident that 𝜌0 has a larger 

effect on the system. 

 

Figure 4-7. Angular acceleration of flywheel as function of rpm, constant 𝜌0 = 18.4mm. 

Single mass flywheel 

Single mass flywheel 
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Clearly, the two goals of the parameter study cannot be fulfilled by the same curve. The angular acceleration 

is low for curves with high 𝜌0 but the shift to non-unison oscillations comes sooner. If this shift did not 

occur and the area at low rpms was not problematic, the curve with the lowest angular acceleration would 

be the best curve for the reduction of torsion vibrations. 

What can be considered in this case is the simulation environment in the parameter study (using the 

simplified drivetrain model) compared to the simulation environment that will be used in the full drivetrain 

simulations. The full drivetrain model is considerably more advanced and the simulation environment will 

accurately reflect road testing done using the prototype. For instance, figure 4-8 identifies the engine torque 

for the parameter study compared to a realistic engine torque curve, as used in the full drivetrain simulations. 

 

Figure 4-8. Engine torque for parameter study vs advanced simulation. 

The engine torque during the parameter study is at a constant 2500 Nm, and is different from the realistic 

engine torque curve of a Scania engine, used in the advanced simulation. If we assume that the dynamic 

torque will be a constant factor of 0.4, then the magnitude of the dynamic torque will be considerably lower 

at low rpms during the advanced simulations compared to the parameter study. Lower dynamic torque 

means lower amplitudes of the pendulum, and this will in turn mean that the pendulums will hit the end of 

the roller-curves at lower rpms. If this happens at rpms lower than 600, which is the idle speed for the truck, 

it will be outside operating speed and negligible. 

Taking this difference in torque range into account, the curve with the lowest mean angular acceleration for 

rpms over 800 was chosen, in anticipation that the behaviour at lower rpms will be improved during the full 

driveline simulations. 

In table 4-2 the final values for the curves are presented. 

Table 4-2. Parameters of curve chosen from parameter study. 

Parameter Calculated starting value Final value of curve 

 𝜌0 17.65 mm 18.4 mm 

𝜆 0.949 0.92 

𝜃𝑚𝑎𝑥 74.5° Maintained at 70° 
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4.3 Conclusion of the parameter study 
The point of the parameter study was to find an optimal curve for the CPA. But for this parameter study to 

prove valuable, the optimised curve would have to produce lower values of angular acceleration than the 

curve calculated with the theory from chapter 3.2 (values for this curve are found in table 4-1). The 

conclusion can be drawn that this is the case – the optimised curve produces an average of 13% lower values 

in angular acceleration levels at the flywheel, than the theoretical curve. This variance in angular acceleration 

between the different curves could be due to the fact that the system operates better when overtuned. The 

system is optimised for order 3 (half of the number of cylinders), but with the optimised curve the resulting 

order lands at 3.1. This is only one of many possible reasons for the variance – another could be that the 

theory is not yet accurate enough, or that miscalculations have been made. 

Since differences in results can be quite large, a parameter study is recommended. Another comparison 

between the optimised curve and the theoretical curve is conducted after the advanced simulations, in 

chapter 5.2.  
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5. Simulations in full drivetrain 
The simulations performed to determine the effectiveness of the CPA are conducted with a more advanced 

model than during the parameter study, consisting of all elements from the engine to the wheels. This 

advanced model is visualised in figure 5-1, where the CPA has replaced the original SMF. This model has 

been provided by Scania. 

 

Figure 5-1. Full drivetrain model, provided by Scania. 

5.1 Simulation environment 
Simulations are performed to emulate measurements made with the prototype. Therefore ‘Open throttle’ 

simulations are performed. The vehicle starts from standstill and then full throttle is applied until the end 

of the 45 second simulation. No other parameters are controlled – the inertias of the loaded vehicle are the 

only forces constricting the movement.  

The simulations are conducted for one vehicle configuration with a six cylinder engine, on gear position 

number 11. 

5.2 Results from simulations 
Figure 5-2 shows an order analysis of vibrations of order 3 and 6, where the angular acceleration over the 

operating range in rpm at the front of the flywheel can be visualised. The legend of the graph denotes that 

the solid lines belong to the reference flywheel, the SMF, and the dashed lines belong to the CPA. It is 

clearly visualised that the angular acceleration of the third order is reduced significantly. The mean reduction 

for order three is 55%, which is calculated by comparing the average value for either curve (SMF and CPA). 

There is a slight increase in angular acceleration of the flywheel for vibrations of order six, namely an increase 

of 7%. 
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Figure 5-2. Order analysis of angular acceleration over rpm, flywheel. 

The problems perceived at low rpms during the parameter study are no longer present, and proof of this 

can be seen in figure 5-3 which is a graphical representation of an order analysis at the input shaft of the 

gearbox. 

There is a small dip in angular acceleration at 800 rpm. This specific rpm correlates to the first mode of the 

clutch. The frequencies of the firing pulses coincide at 40 Hz, and this results in a decrease in angular 

acceleration. 

 

Figure 5-3. Order analysis of angular acceleration over rpm, gearbox input shaft. 

The mean reduction of the vibrations of the third order is, at the gearbox input shaft, 57%, and the increase 

for order six is slightly larger than for the flywheel, at 19%. 

Figure 5-4 is a picture of the engine used in simulations. The CPA-flywheel is situated at the right end of 

the picture, positioned directly after the engine block. Simulation results from two sets of main bearings 
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(the first and last) are presented in figures 5-5 and 5-6, to show the effect of the CPA at the front respectively 

the rear of the engine.  

 

Figure 5-4. Crankshaft of the engine. 

The order analysis for the last main bearing of the crankshaft, number 7, can be seen in figure 5-5. The 

results are very similar to those for the CPA-flywheel, giving a reduction in angular acceleration of 56% and 

an increase for order six of 8%.  

 

Figure 5-5. Order analysis of angular acceleration over rpm, engine main bearing 7. 

However, trends are the opposite when observing the angular acceleration of the first main bearing, number 

1, in figure 5-6. Here, there is an increase in angular acceleration for third order vibrations with all of 34%, 

and a reduction of 2% for sixth order vibrations. 

MB1 
MB7 

CPA 
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Figure 5-6. Order analysis of angular acceleration over rpm, engine main bearing 1. 

Table 5-1 sums up the results from the simulations. The results show the reduction/increase in angular 

acceleration of the CPA compared to the SMF used as a reference.  

Table 5-1. Change in angular acceleration for the CPA compared to the SMF. 

Position Angular acceleration CPA, 3rd order Angular acceleration CPA, 6th order 

Flywheel -54.7% 6.7% 

Gearbox input shaft -57% 19.2% 

Main bearing 1 34.2% -2% 

Main bearing 7 -56.3% 7.6% 

 

In chapter 4.3 it is concluded that the parameter study is not done in vain since the reduction in angular 

acceleration at the flywheel is reduced more by the optimised curve that the theoretically calculated curve. 

To see if this is the case for the advanced simulations another comparison is made, and the results can be 

seen in table 5-2. 

Table 5-2. Comparison in change in angular acceleration between optimised and theoretical curves. 

Position Optimised, 3rd ord. Optimised, 6th ord. Theory, 3rd ord. Theory, 6th ord. 

Flywheel -54.7% 6.7% -40.9% 7.3% 

Gearbox input shaft -57% 19.2% -44.6% 16.6% 

Main bearing 1 34.2% -2% -7.1% -2.8% 

Main bearing 7 -56.3% 7.6% -42.2% 8.2% 

 

For third order vibrations at the flywheel, the gearbox input shaft and the 7th main bearing, the reduction in 

angular acceleration is larger for the optimised curve than for the theoretical curve. However, when looking 

at the third order torsion vibrations of the 1st main bearing, the theoretical curve shows a reduction in 

angular acceleration whereas the optimised curve shows an increase. These results will be discussed further 

in chapter 6.1. 
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5.3 Comparison: simulated results and measured values 
Figures 5-7 through 5-14 present order analysis’ for orders 3 and 6, with angular acceleration on the y-axis 

and rpm on the x-axis. On the left hand side, the measurements and simulations of the reference SMF are 

provided, and on the right are the measurements and simulations of the CPA-flywheel. The road 

measurements (figures 5-7 and 5-8) were performed by the prototype company with the prototype mounted 

on one of Scania’s vehicle. Figures 5-11 through 5-14 show the angular accelerations of the gearbox input 

shaft and the flywheel from figures 5-9 and 5-10 on their own, for a more detailed perception of the curve 

shapes. 

It is possible to see a certain shift in resonance peaks when comparing measured and simulated values, and 

this is due to the fact that two different vehicle configurations were used. The road measurements were 

done in a 6-by-4 configuration (six wheels were 4 are driven wheels) and the simulations using a 4-by-2 

configuration (four wheels were 2 are driven). There is a variance in drivetrain stiffness between these two 

vehicles, which yields this shift in resonance peaks. 

Overall, a similarity can be seen between the measurements and the simulated results. The x-axis’ of the 

graphs are aligned at 1000 and 2000 rpm, so that it is possible to compare the form of the curves. The main 

difference is seen between the measured and simulated results for the CPA-flywheel where, in the road 

measurements, it can be seen that the angular acceleration of order 3 produces a larger magnitude in angular 

acceleration than for order 6 vibrations at high rpms. The opposite trend can be seen for the simulated 

results.   
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SMF road measurements CPA road measurements 

 
 

Figure 5-7. SMF road measurements – flywheel and gearbox. 

 
 

Figure 5-8. CPA road measurements – flywheel and gearbox. 

SMF simulations CPA simulations 

 
Figure 5-9. SMF simulations - flywheel and gearbox. 

 
Figure 5-10. CPA simulations - flywheel and gearbox. 

 
Figure 5-11. SMF simulations - gearbox input shaft. 

 
Figure 5-12. CPA simulations - gearbox input shaft. 

 
Figure 5-13. SMF simulations – flywheel front. 

 
 

Figure 5-14. CPA simulations – flywheel front. 

 

Flywheel 3rd order 
Flywheel 6th order 
Gearbox 3rd order 
Gearbox 6th order 
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6. Discussion & Conclusions 
In this Discussion and conclusion chapter, both are included, as well as some suggestions for future work 

on the subject.  

6.1 Discussion 
In the results from the parameter study in chapter 4.2, it can be observed that there are stability problems 

causing a shift to non-unison behaviour at low rpms. These problems occur when the pendulums reach the 

ends of the roller-curves, which happens when the amplitude of the pendulums is largest, which is at low 

rpms. As mentioned in the fore mentioned chapter, this occurs during the parameter study but not in the 

advanced simulations, and this is most likely to be the case because the engine torque, and thereby the 

dynamic torque, is unfortunately large during low rpms in the parameter study. Since only one vehicle 

configuration was used during the advanced simulations, only one type of engine is monitored using the 

CPA. The shift to non-unison behaviour for this specific engine cannot be determined in this study, since 

it occurs at rpms lower than those featured in the advanced simulations. This means that the shift occurs at 

rpms lower than the engines operating speed, which is desired behaviour. However, this means that there 

is no telling at what torque levels this shift occurs, and for other engine configurations it could be within 

operating speed. This causes an uncertainty that needs to be addressed before this specific arrangement of 

the CPA can be deemed reasonable for more than one vehicle configuration. If this shift turns out to be 

within operating speed for other engines, there is a possibility that the shift could be pushed to lower rpms 

by not angling the curve in the direction of the centrifugal force, as mentioned in chapter 4.1.1. This would 

result in a larger value of 𝜃𝑚𝑎𝑥, possibly permitting the pendulums to oscillate at higher amplitudes before 

reaching the end of the roller-curves. 

To be completely sure that the curve chosen is the curve designed for outmost reduction in torsion 

vibrations, a larger parameter study could be conducted together with an optimisation in the advanced 

drivetrain model. The amount of simulations using this advanced model are too few to draw any sustainable 

conclusions, and more simulations should be run using a number of gears and load cases. As mentioned in 

chapter 5.3, the vehicle configuration of the road-test vehicle with the prototype and the simulated vehicle 

were not identical. The verification of the model can therefore be faulty, or at least somewhat romanticised. 

In chapter 4.3, the conclusion is drawn that the parameter study was a success when it comes to reducing 

the angular accelerations of the flywheel. However, when the comparison between the optimised curve and 

the theoretical curve is conducted after the advanced simulations in the full drivetrain model, the results 

show that the angular acceleration at the first main bearing on the crankshaft is reduced when using the 

theoretical curve in the CPA, and increased when using the optimised curve. This large difference in results 

is surprising, and proves the fact that a more thorough optimisation is required. 

It has been made clear in this report that the CPA will most definitely reduce torsion vibrations in the 

gearbox and in the rear end of the engine. The question now is if the CPA is the perfect solution or if it will 

cause harm in other aspects of the drivetrain operations. For instance, the increase in angular acceleration 

of order 6 at the front of the engine could favour the manufacturing of the engine’s torsional damper, since 

it mainly reduces vibrations of this order. However, the increase in order 3 vibrations could lead to grief for 

the crankshaft, possibly resulting in a need for strengthening of the crankshaft. Calculations would have to 

be carried out, with this change in rotational vibration damping in mind, to verify this. Furthermore, the 

increase in angular acceleration of order 6, at the front of the engine, is most likely to have a negative effect 

on gear rattle. 
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6.2 Conclusions 
As mentioned in the comparison between the measured and simulated results, viewed from the graphs in 

figures 5-7 to 5-14, the correlation is good apart from a few fore mentioned discrepancies due to difference 

in drivetrain stiffness, e.g. resonance shifts. The similarity between the measured and simulated results let 

believe that the model corresponds well to the prototype, and that it can be used to produce estimated 

results of the effectiveness of the CPA in a Scania drivetrain. Thereby, the purpose of this thesis is fulfilled. 

An accurate model has been produced using existing theory and software provided by Scania. 

6.3 Future work 
As mentioned in chapter 1.4, some restrictions have had to be made when it comes to the modelling of the 

CPA-flywheel created in this thesis. If additions are to be made to this model, one of the most influential 

could be the geometry. The model is simplified in a sense that might affect the effectiveness, and some 

future modifications are mentioned in the list below.  

Future additions to the geometry of the model include implementing; 

 End-stops 

 Cut-outs on pendulum mass 

 Carrier, with cut-outs 

 Mirrored masses 

 Rollers 

The reason for implementing end-stops is to stop the pendulum mass and rollers from reaching the end of 

the roller-curves. This contact produces high levels of sound during start and stop sequences, because of 

the metal-to-metal contact. End-stops made of e.g. rubber are preferred also for the reason that they will 

add to the restoring force of the pendulums when compressed during operation [8], [10]. When hitting the 

ends of the roller-curves, higher order vibrations can be excited which can cause parts in the CPA to be 

damaged, especially since this model is only optimised to reduce first order harmonics [7]. 

The shape of the roller-curves are generally asymmetrical and have been known to be shaped like a kidney 

[2], [12]. Just using a single curve, as in the case of the model produced in this thesis, is therefore insufficient 

when creating an advanced model of the CPA. The cut-outs may have a different curve shape along the 

bottom of the cut-out compared to the top, and this can have a large influence on the effectiveness. 

Same goes for the carrier, mirrored masses and the rollers. The value of adding these features to the model 

has not been evaluated within this thesis, but one can assume that their presence would affect the 

functionality, if only slightly. 

Apart from the geometry, there might be a few other ways to optimise the CPA-flywheel. For instance, 

when observing figure 4-3 showing results from the parameter study, one can see that the conventional 

flywheel has a relatively even angular acceleration through-out the operating speed of the vehicle. However, 

for tested combinations of curves with varying radius 𝜌0 and λ there is a large dip in angular acceleration at 

high rpms. This dip can be a consequence of the increase of centrifugal force due to an increase in angular 

speed at higher rpms. Possibilities spring to mind; could this insight lead to some kind of speed optimisation? 

It might be possible to manipulate this dip to optimise the angular acceleration at low rpms, where most 

vibrational problems are encountered in today’s vehicles. No testing of this theory has been done, but it 

would be an interesting addition to future work on the subject. 

Studies, by Borowski et al. [4] and a dissertation by Vidmar [13], have been performed using CPA-

configurations with pendulums optimised for multiple orders. This has proved to be a successful way of 
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reducing vibrations of orders above the first order of torsion vibrations. It is the author’s opinion that this 

is the way forward, after advancing the geometry as mentioned above, to optimise the CPA for use in 

vehicles manufactured today. 
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8. Appendix A 
The function script determining the epicycloidal curves and creating the .gsp-file that is read into 

Adams/Car. 

%%% Emma Smith, Master Thesis, 2015, NTCS Scania %%% 

  
function Xend=Kurvanpassning_2(rho_0_epi_roller,lambda) 

  
theta = (-70:2:70); 
size(theta); 
n = 3; 
c = 176.5; 
a = 0.714; 
H_0 = 4.116; 
y_height = 1.344; 
D = (y_height+c); 

  
x_prim = -H_0+((rho_0_epi_roller/(1-

lambda^2))*(sin(theta*(pi/180)).*cos(lambda*theta*(pi/180))-

lambda*sin(lambda*theta*(pi/180)).*cos(theta*(pi/180)))); 
 

y_prim = -D+((rho_0_epi_roller/(1-lambda^2))*(1-

cos(theta*(pi/180)).*cos(lambda*theta*(pi/180))-

lambda*sin(theta*(pi/180)).*sin(lambda*theta*(pi/180)))); 

 
% MATRIX 

  
X = [x_prim]+H_0; 
Y = [y_prim]+D; 

  
Matrix = [X' Y']; 

  

  
% Sort function 
MatrixSorted=sortrows(Matrix); 
Xend=MatrixSorted(1,1); 
% Generate .gsp curve 
GspHeader=fileread('Header.gsp'); 
AdamsPath= 

'Z:\WorkDir\Adams\2014\Databases\Scania_powertrain.cdb\general_splines.tbl'

; 
fid = fopen([AdamsPath '\pendulum_path_epi.gsp'],'w'); 
fprintf(fid, '%s\n', GspHeader); 
fprintf(fid, '%8.4f %8.4f\n',MatrixSorted'); 
fclose(fid); 

  

  
end 
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9. Appendix B 
See Scania internal attachment. 


